A COMPUTATIONALLY FAST MODEL OF ADSORPTION CHILLERS
Michael J. Tierney, Fan Yin
Department of Mechanical Engineering
Queens Building, University of Bristol, BS8 1TR UK.
e-mail mike.tierney@bristol.ac.uk

ABSTRACT
Finned and composite adsorbents offer effective heat transfer to the generator part of adsorption chillers. Our
model deals with the limiting heat capacities of an aluminium fin and the attached sorbent slab, and the
limiting low thermal conductivity of the slab. Mass transfer resistances are ignored. Studies include (1) a
basic adsorption cycle, tackling the one-dimensional transverse temperature profile in the sorbent slab (2) a
basic adsorption cycle, modelling temperatures in two dimensions (3) a double stage cycle, intended to cope
with big temperature lifts and modelling transverse profiles. For typical sorbent thicknesses (1.5 mm)
temperature gradients along the transverse axis are large. The fin length requires optimisation: longer fins
increase the mass fraction of carbon in the generator, but along the longer, radial axis temperature gradients
can be excessive. In double stage systems, the heat capacity of the fin (plus other metallic parts) can cause
set-point pressures in the generators to be exceeded.
INTRODUCTION
The operation of adsorption chillers (Critoph and Zhong, 2005) demands difficult heat conduction to solid
sorbents (λ≅ 0.1 W m 1 K 1) within the generator. Futhermore, the cyclic heating and cooling of the fixed
sorbent forces the containment vessel and any other metallic parts be similarly cycled, creating an additional,
unwanted pathway between hot and cold reservoirs. We report mathematical models of heat transfer that
account for transverse thermal gradients within the sorbent and the heat capacity of the fin, and could
ultimately be incorporated within larger optimisation programmes. Our models treat heat conduction as the
dominant mechanism over mass diffusion - this is satisfactory for high pressure refrigerants (e.g. ammonia)
but experimental measurements are required (and planned) for intermediate pressure refrigerants (e.g.
methanol).
Waszkiewicz et al. (2009) report on aluminium-zeolite CV901 - methanol finned-adsorbents. The inferred
COP was satistactory (~0.4). They suggest that cooling power was limited by their tube-to-fin thermal
resistance of their annular fins, although the temperature gradient along the fin was not unimportant (inferred,
~2K). No measurements of the transverse profile were presented, indeed their data analysis ignores gradients
in this direction. Layers were between 1mm and 2mm thick. The difficulties in instrumenting fins motivates
(1) theoretical models (2) detailed experiments in which a single fin is considered. Marletta et al. (2002)
developed consolidated layers of zeolite on a tube and modelled temperature contours within the layer.
Arguably finned and consolidated sorbents can be idealised in the same way when the fin is highly
conductive and when the working liquid cooling the consolidated sorbent flows very quickly: thereupon the
transverse temperature gradients in the slab/ consolidated layer are dominant. An alternative (or complement)
to using fins is the artificial enhancement of sorbent conductivity, for example the addition of graphite to
activated carbon increases λ from ~0.1 to ~2.0 W m 1 K-1 (Kuwagaki et a., 2003). This risks blocking
macropores, impacting on mass transfer kinetics.
Here we propose a model whereby λ is rate limiting step and speculate on (1) basic cycles, treating the fin as
isothermal and tackling the transverse temperature profile (2) as #1, but modelling the two-dimensional
contours of temperature (3) a double-stage generator (employed to tackle large temperature lift).

MATHEMATICAL MODEL
Shown on Fig. 1, the base model lumps all metal parts into an isothermal slab (3), and interface (4) and the
sorbent (5).
Key
1,2) Check valves connecting to condenser and
evaporator
3) Isothermal slab representing non-sorbing
components (metallic)
4) Interface, thermal conductance hi
5) Non-isothermal slab representing sorbent
6) Specified heating/ cooling
7) Heat flux at sorbent boundary
8) Adiabatic boundary, dT/dx =0

Fig 1. Essential aspects of the model
Within the sorbent (0 ≤ x ≤ L) a differential energy balance yields,
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where hs is the total enthalpy per unit mass of sorbant. The three terms in the above represent, respectively,
the storage of enthalpy, the conduction of heat and the inter-phase, vapour-to-sorbent heat transport. The heat
flux q follows from the Fourier Biot law. Enthalpy hs followed from,
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and the loading X was predicted with the Dubinin-Astakahnov equation,
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and the boundary conditions (see points 7,8 on Fig. 1) were,

[

q = α i T ( x = 0− ) − T ( x = 0+ )
dT ( x = L)
=0
dx
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[4]

[5]

For pressurisation/ depressurisation steps, the saturation temperature (Ts) at the end of each time step was
chosen to ensure no net change in loading (Tierney, 2007). A similar approach is taken when fluid dynamics
determines the mass of refrigerant transferred between two generators at different pressures.
The above model was implemented exactly in MATLAB permitting one dimensional models.
Implementation within a finite element programme (ANSYS) necessitated 1) that dhs/ dT be determined
across a temperature range (see Equation 2) and at each cycle step fed to the code as a look up table of heat
capacities (2) neglect of the final, inter-phase term in Equation 1.
RESULTS AND DISCUSSION
Simulations applied to an activated carbon - methanol pair (Tierney, 2008). Cyclic steady-state was evident
after three cycles (Fig. 2); transverse temperature differences (from x = 0 to x = 1.5 cm) were in the region of
7 K to 18 K. As expected, the refrigeration effect increased with half-cycle time and hence the amount of
applied heating (Fig. 3). There was no cooling power for T < 8 s, the maximum cooling power (1.8 kW kg-1)
was achieved at ~ 30s, for the times investigated COP increased with time up to 45% at 100 s. However, for
these very short time scales mass transfer is likely to be important (in methanol), and future work will see
incorporation of the linear driving force into the model.

Notes
Sorbent temperatures at x = 0
mm, 1.5 mm. Transfer liquid at
308 K, 383 K. The fluid to
vessel heat transfer coefficient
is 1000 W m-2 K-1, and the
vessel-to-carbon conductance is
200 W m-2 K-1.

Fig 2: Carbon temperatures during basic cycle (1D model)
Reported temperature contours were computed with different thermal conductivities and DA coefficients
limiting discussion to trends. Axial temperature gradients of about 3K demonstrated limited scope for thinner
or longer fins (Fig 4., showing contours at the end of the adsorption step (800 s) and desorption step (1600
s)).
Several schemes - double stage, mass recovery and heat recovery, were considered. For double stage (1)
generator to generator mass transfer was proportional to pressure difference (2). At point X, Fig 5., heat
stored in the fin forced the saturation temperature above the set point (295 K), notwithstanding the cessation
of applied heating.
CONCLUSIONS
A heat transfer model for finned adsorbent has been formulated. (We await experimental data, permitting a
mass transfer contribution to be added). For the assumptions and conditions studied, temperature gradients in
the transverse and long directions were important. The model confirmed the benefits of heat or mass
recovery. The heat capacity of the fin complicates control, and can cause pressures to overshoot set points.

Cooling effect, kJ

Heating effect, kJ
Fig. 3, Showing refrigeration input versus heating effect, the two being dependent on the duration of
heating. The points (*) indicate half-cycle times of 0, 5 ... 100 seconds). Trends for mass recovery
(green) and heat recovery (red) are shown for comparison

(a) - temperature at 800 s

(c) temperature at 1600 s

(b) loading at 800 s

(d) loading at 1600s

Fig. 4 Showing contours of (a, c) temperature in Celcius (b,d ) loading

X

Average Slab Temperature, K
Fig. 5 Pseudo-Clapeyron diagrams for two stage generator (two cycles)
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NOMENCLATURE
c
h
hg
L
q
T
Ts
x
X

α
λ

specific heat capacity
total enthalpy per unit mass sorbent
specific enthalpy of refrigerant
slab/ fin length
heat flux
temperature (in slab)
saturation temperature
Location (transverse axis)
Loading- mass refrigerant per unit mass sorbert
Heat transfer coefficient
Thermal conductivity
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ABSTRACT
In this work, a study on synthesis and properties of SAPO zeolites having a chabasite framework has been
conducted by hydrothermal and microwave synthesis. Following, coatings of the mentioned zeolites have
been prepared by in-situ synthesis over foamed aluminum supports. Such efficient adsorbent beds are
proposed for heat pumping applications driven by low temperature heat source. XRD and SEM analysis
showed that both synthesis methods resulted in high purity zeolites and in only six hours in case of
microwaves. Direct accretion on aluminum was obtained avoiding the foam corrosion. Measurement of
water adsorption equilibrium curves demonstrated high water sorption capacity in a narrow operating
temperature range.
INTRODUCTION
Aluminosilicate zeolites have been since the beginning the preferred adsorbent materials used in
adsorption heat pumps for their high water sorption capacity which is due to the high hydrophilic
character of such porous materials. However, such elevated “water affinity” has a cost in terms of
regeneration temperature in the adsorption cycle, asking for elevated desorption temperatures and
consequently for high-temperature heat sources. In mobile or residential applications of adsorption heat
pumps, where such availability could represent an insurmountable limitation, sorption materials with
different characteristics are needed (Srivastava and Eames, 1998). They must have high water capacity
together with a relative easy removing of the adsorbed water from the crystalline framework that means
low regenerative temperatures.
Recently, a different class of zeolites has been successfully proposed as possible alternative to the more
traditional alluminosilicates (Ng and Mintova, 2008; Jäenchen et al, 2002). These materials should be
considered zeotype materials, since their framework is composed of Al – O – P network which is neutral
and does not require for extra-framework ions to balance the charge. AlPO zeolites, consequently, exhibit
a limited hydrophilic character which can be modified by partial substitution of phosphorous atoms in the
framework with silicon atoms (SAPO zeotype). The silicon introduction produces some unbalanced
charges in the zeolitic framework that increases the water-sorbent interaction while keeping a substantial
structural hydrophobicity. The particular adsorption properties at low equilibrium temperatures and
pressures make these zeolites interesting new, high performing, adsorbing materials for heat pumping
applications working with low regeneration temperatures (Jänchen et al, 2005).
In this work, a study on the synthesis and properties of SAPO zeolites having chabasite structure has been
conducted testing different zeolite formulations by varying the components ratios and by using two
different organic templates. In order to reduce synthesis times that for SAPO zeolites are typically quite
long, ranging from 48 to 72 or more hours, the syntheses were conducted in an autoclave at relatively low
temperatures (= 200 °C) and autogenous pressures, as usual, and were also replicated in a microwave
oven and the results compared. Finally, in-situ synthesis on aluminum porous supports of the tested
SAPO zeolites was investigated as possible alternative for the preparation of efficient adsorbent beds for
adsorption heat pumps. High adsorption capacity materials is not the only prerequisite for an efficient
pump development but an improvement of heat and mass transfer coefficients in the adsorbent beds is
equally needed.

EXPERIMENTAL
SAPO hydrothermal synthesis
In the formulations of SAPO zeolites two different sources of aluminum have been used, pseudoboehmite (Pural SB1, 74 % Al2O3 – 26 % H2O) and aluminium isopropoxide (98% Al(OC3H7)3 Aldrich),
and two different organic templates, tetraethilammoniumhydroxide (40% TEAOH Fluka) and
cyclohexylamine (99% C6H11NH2 Aldrich). The silica source used was always an aqueous solution of
colloidal silica (40% SiO2 Aldrich). In Table 1 are resumed the principal characteristics and synthesis
conditions of the adopted formulations. The hydrothermal synthesis consisted in the preparation of a
reaction mixture by mixing the Al-source with an orthophosphoric acid solution, adding the organic
template and stirring until homogeneous. The mixture was then added with the silica solution and poured
in a stainless steel pressure vessel lined with PTFE and heated in an oven at 200 °C at autogenous
pressure for 72 hours.
Gel molar ratio
R
Al - source Heating system
Al2O3/SiO2 SiO2/P2O3 Al2O3/R
A–B–C
1.7÷1.0
1.0÷0.7
2.8÷1.4
TEAOH
Al isop
Hyd, MW
D
1.7÷1.0
1.0÷0.7
2.8÷1.4
TEAOH
Pseudo-b
Hyd, MW
E–F
1.0÷1.1
1.0÷1.1 0.52÷0.42 Cyclohex Pseudo-b
Hyd, MW
G–H
1.0÷1.1
1.0÷1.1
1.1÷0.52 Cyclohex
Al isop
Hyd, MW
Formula

Table 1: SAPO synthesis parameters. R = organic template.
SAPO microwave synthesis
Zeolite syntheses were replicated in a microwave oven (Milestone FlowSYNTH) according to the
formulations resumed in table 1. The reacting mixtures were prepared following the same procedure
described in the previous section. A microwave radiation transparent autoclave was used and the reaction
temperature was set at 200 °C (at autogenous pressure). All microwave syntheses were terminated in 6
hours.
Accretion of SAPO zeolite on aluminum foams
Rectangular pieces (20x10x5 mm) of an open-cell aluminum-silicon foam (AlSi12, bulk density = 0.2
g/cm3, porosity = 93%, 16/cm pores) were cut from a larger tablet, cleaned at room temperature with
trichloroethylene in an ultrasonic bath for 15 min and then rinsed with distilled water. The accretion of
SAPO zeolite was obtained by hydrothermal and microwave in-situ synthesis putting the foam in the
autoclave together with the reaction mixture after the raw materials addition. Reaction temperatures and
times were the same used in hydrothermal and microwave syntheses, respectively.
Zeolite Characterization
The identification of crystalline phases was performed by X-ray diffraction analysis using an
ITALSTRUCTURE APD 2000 diffractometer with CuKα radiation (30 kV and 40 mA). The coating
morphology and the foam surface covering grade were evaluated by scanning electron microscope (JEOL
5600LV operated at 20 kV).
The adsorption properties of the synthesised zeolites were evaluated by a thermogravimetric technique
based on the use of a Cahn 2000 microbalance. A typical measurement was as follows: about 50 mg of
the sample was loaded in the vacuum-tight vessel of the balance and then degassed under vacuum for 24
h. Afterwards, a constant water vapour pressure was imposed over the sample by connecting the vessel
with a thermostated evaporator. Once fixed the isobaric conditions, a number of equilibrium points were
taken by directly measuring the sample weight variation corresponding to stepwise temperature changes.

Figure 1: X-ray diffraction patterns of SAPO hydrothermal syntheses (TEAOH template)
RESULTS AND DISCUSSION
The syntheses labeled from “A” to “D”, where the tetraethilammoniumhydroxide (TEAOH) was used as
organic template, formed the crystalline zeotype phase known as SAPO 34, as confirmed comparing the
diffractometric patterns with the reference (Lok et al, 1984). In Figure 1 are depicted the XRD patterns of
the hydrothermal syntheses “A-D”, which demonstrated to be comparable and then not influenced from
the composition differences in the original formulation (Table 1). Changing the aluminum source did not
result in evident differences in the final product as can be observed comparing the “D HY” patter with the
others (Figure 1). In the analogous syntheses run, carried out in the microwave oven, it was found that in
just 6 hours not only the zeolite was formed but even the pattern peak intensities were similar to the
hydrothermal reactions (see Figure 2, where a hydrothermal synthesis is reported for comparison).
Actually, the formula with the lowest content in template “C MW” showed the presence of an extraneous
crystalline phase which was identified as SAPO 5 (framework type AFI) competing with the dominant
zeolite (Figure 2). It is worthwhile to observe that the substitution of the aluminum isopropoxide with the
pseudo-boehmite as aluminum source did not make difference in the microwave synthesis too.

Figure 2: X-ray diffraction patterns of SAPO microwave syntheses (TEAOH template)
The formulations series with cyclohexylamine as template (Table 1) have given different results
depending on the aluminum source used. In Figure 3-a the patterns of the syntheses with pseudoboehmite are shown together with the reference of zeolite SAPO 44 (Lok et al, 1984). Such a zeolite has
the same chabasite structure than the SAPO 34 but differing for the silicon content in the framework. The
microwave synthesis led to pure crystalline zeolite only when the template content was increased (Figure
3-a). A different scenario resulted using the aluminum isopropoxide because of the impurities found in
the microwave reactions even when the template ratio was increased (Figure 3-b). The formula “G”, when

heated by microwaves, gave rise to a mixture of SAPOs of chabasite and AFI structure, while “H”
synthesis showed a non-identified impurity (Figure 3-b).
In Figure 4 are depicted the adsorption isobars measured at the pressure of 10.4 mbar and in a temperature
range of 20÷160 °C, for two different products, the zeolite “A” obtained with the TEAOH template and
resulting as SAPO 34 and the zeolite “E” with the cyclohexylamine template and resulting as SAPO 44.
The isobar measured for the zeolite “A” shows the typical S-shaped trend, demonstrating high water
sorption capacity in a narrow operating temperature range, a behaviour that meets requirements of
adsorption heat pumps working at low temperatures. The zeolite “E” evidenced a lower adsorption
capacity at low pressure and a less pronounced S-shaped trend, that was attributed to a non perfect
template burn out during the calcination. Indeed, it is known that carbonaceous residues, resulting from
the template calcination, can occlude the zeolite pores reducing water adsorption capacity (Ng and
Mintova, 2008)

a)

b)
Figure 3: Diffraction patterns of SAPO syntheses (Cyclohexylamine template)
a) aluminum source: pseudo-boehmite, b) aluminum source: Al-isopropoxide
Finally, it was investigated the feasibility of a direct accretion of SAPO zeolites on aluminum foamed
supports. The growth of zeolite layers directly on the surfaces of the adsorption pump heat exchanger is
considered an interesting alternative to increase heat transfer while maintaining an efficient mass transfer
through the adsorbent bed. In such a case, it is required to keep the metal/zeolite mass ratio as low as
possible in order to maintain high Coefficient Of Performance. Open cell metal foams with their
favourable mass/surface area ratio are promising candidates to solve such requirements. Direct synthesis
of zeolites on aluminium supports is frequently difficult because of the reactivity of the metal in the
synthesis environment. From this point of view, aluminium is quite sensitive to the synthesis mixture
acidity and the formulations where the aluminium isopropoxide was used as raw material had a final pH
between 8 and 9, while when using the pseudo-boehmite the mixture pH lowered to 4÷5. In the latter
case, considering the reaction temperature and time, the synthesis environment resulted corrosive for the
aluminium foams and the deposition was not feasible. Therefore, for the accretion of SAPO 34, the
formula “A” was adopted in both the hydrothermal and the microwave heating while the deposition of

zeolite SAPO 44 was obtained using the formula “G” and only by hydrothermal heating. It is commonly
observed that particle size in zeolites synthesized by microwaves is generally smaller than the one
obtained by the usual hydrothermal synthesis. The reason of such a difference is attributed to the
significantly different heat transfer process that characterizes the microwave irradiation. Microwave
heating in aqueous environments is not only fast but also “volumetric”, i.e. involving all the mixture
volume contemporary and causing an extensive nucleation in the reacting mixture and a fast
crystallization (Bonaccorsi L and Proverbio E, 2008).

Figure 4: SAPO zeolites water adsorption isobars
Such a difference in crystal size was not so evident in deposition tests, as shown in Figure 5 where the
hydrothermal accretion of formula “A” zeolite (5-a) is compared to the microwave analogous (5-b). In
both cases the final foam weight increasing was ≈ 15% and the zeolite covered the aluminum foam
extensively with several layers of intergrowth crystals, frequently observed in zeolitic depositions (Freni
A et al, 2009), without evidence of foam corrosion or dissolution. Analogously, the microwave accretion,
although obtained in only 6 hours, demonstrated a significant SAPO zeolite formation, confirming the
advantage of such a methodology. The chemical inactivity of the aluminum support in the synthesis
environment, however, avoided the foam corrosion but caused some deposit detachments, as evident in
the cross-section of Figure 5-b. The scarce interface bonding can be a limitation for the efficiency of the
heat transfer and for the coating integrity during the adsorbent bed operations. A possible solution could
be an opportune pre-treatment of the foam surface in order to increase the chemical affinity with the
zeolitic phase. Finally, in Figure 5-c and 5-d is shown the deposition obtained adopting the formulation
“G”, which was executed only by hydrothermal synthesis due to the impurities formed using aluminum
isopropoxide and microwave heating. The final foam weight increasing was ≈ 8÷10 %, lower than before.
The crystal morphology of this SAPO was different from the previous, being constituted of bigger
crystals and the coating too reflected such a difference. The zeolite deposit was less dense and constituted
of individual crystals (few intergrowth formations were observed) well attached to the surface. Some,
very big crystals were observed too (Figure 5-d). Compared to the former case, this coating being thinner
resulted better attached to aluminum surface. The optimal quantity of adsorbent material that has to be
deposited in order to reach high adsorption heat pump efficiency is under evaluation by means of
numerical simulation (Freni A et al, 2009).
CONCLUSION
The proposed investigation on SAPO zeolites having chabasite structure for adsorption heat pump
applications has demonstrated that these relatively new zeolites have interesting adsorption characteristics
well suited to the requirements of “low temperature” heat pumps. Their preparation, which is quite
difficult for the long synthesis times needed, can be improved by microwave synthesis reducing times
significantly. Opportune formula adjustments are needed in such a case, because of the “sensibility” to the
microwave irradiation shown in some conditions by the reacting environment. Direct deposition of
coatings of SAPO zeolites on aluminum supports is feasible. This opportunity could significantly increase

the heat transfer efficiency of the adsorbent beds, but high surface supports are required to keep high
zeolite/metal mass ratios. Optimization of the adsorbent materials, improved coatings technologies and
improved heat exchanger – adsorbent bed design are the ingredients for the next generation of high
efficient adsorption pumps.
a

b

Al foam

c

d

Figure 5: SEM images of SAPO coatings over aluminum foams
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Abstract
Rising energy costs, increasing requirements in terms of home energy efficiency and greater environmental awareness have pushed the demand for heat pumps. This trend provides an opportunity for gas
heat pumps to secure the future of natural gas as a heat energy source. The natural gas-based highly efficient renewable heating system is a technology with a potential to be a trend-setter. The gas industry has
teamed up with appliance manufacturers in a joint ‘Gas Heat Pump Initiative’ to further develop this
technology to market maturity through practical laboratory tests and field trials.
Political and regulative framework
The current German legislation on building energy consumption (EnEV) and the share of renewable energies on the heating market (EEWärmeG at national level, EWärmeG in the federal state of BadenWürttemberg) will contribute to the more widespread use of efficient technologies (e.g. heat pumps) as
domestic heat sources. Politics has here also formulated clear demands regarding the share of renewable
energies. In the case of a gas boiler installation in a new building, for example, the federal legislation
specifies 0.04 m² aperture area (collector area certified under the European test mark ‘Solar Keymark’)
per square metre floor space or an annual performance factor of 1.2 for a gas heat pump as technical
compensation. Additional and even stricter demands may be formulated in legislation at state-level, as is
already the case in Baden-Württemberg.
Market development
Initiatives and innovations were the prerequisites for the market entry of natural gas. The spreading and
consolidation of natural gas on the market was based, among other factors, on developments of lowpollution burners, energy-efficient low-temperature boilers, and later condensing boilers.
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The role of natural gas as a modern
and ecologically compatible energy
source (“Blue skies over the Ruhr”)
was further extended by the emergence of condensing boiler technologies in the 1990s (Fig. 1).
Natural gas was able to displace
light fuel oil from its leading position on the heating market. The
technical efforts were flanked by
corresponding measures addressing
the market partners (manufacturers,
installation trade, etc.), as well as
politics and public relations.

Figure 1 - Phases in the development of heating technologies
The heating market is the largest sector for the consumption of natural gas. The inherent benefits of the
product, in combination with modern, efficient and convenient technologies, have until today raised natural gas to the status of no. 1 energy choice among customers. Since 2005, however, the observed trend has
been downward. Especially in association with new buildings, there has been a decline in service connection density from 80 % to less than 60 % (Fig. 2).
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Figure 2 - Trend towards renewable energies for homes in Germany
The expansion of the gas supply networks is in the meantime reaching the limits of economic feasibility.
The daily public coverage of energy and climate policy discussions was in the end a reason for potential
customers from the new building segment, and even operators of natural gas systems, to withdraw their
favour from this environment-friendly, CO2-reducing heating technology. The gas industry must respond
to the customers' new environmental awareness and increasing demands for autonomous solutions with
innovative and modern heating technologies and with renewable energies. Alongside the established condensing boilers with solar solutions, gas heat pumps, in particular, enable suppliers to meet the market's
political demands for highly efficient heating systems in conjunction with a renewable energy source.
Technological development in the gas sector
The challenge now facing the German gas industry, together with its appliance manufacturers, is to develop and offer the customer appropriate technical alternatives under the difficult conditions encountered
in competition with other
CO2-Reduction
energy fuels (to a large extent renewable energies). In
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MicroGas heat
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Figure 3 - Climate protection through higher efficiency and renewable energy sources
Arguments in favour of the gas heat pump are:
1. Gas heat pumps display a high energy efficiency and – properly configured – reduce natural gas consumption by up to 30 % compared to a condensing boiler (lower operating costs).
2. The increased efficiency comes hand-in-hand with CO2 reductions and thus also meets climate protection demands.
3. The heat pump technology is able to raise the ambient heat energy to a temperature level suitable for
the heating of buildings.
4. Combinations with further renewable energy sources, e.g. solar thermal energy or bio natural gas,
promise additional efficiency improvements in conjunction with the gas heat pump technology.

Fig. 3 places the development of appliances and the use of bio natural gas on a timeline. From the point of
view of E.ON Ruhrgas, the broad market entry of the gas heat pump (from 2011) could be followed very
closely by that of micro-cogeneration. The very promising fuel cell is still farthest away from series production. Bio natural gas, on the other hand, is already now being fed into the gas supply network and is
thus already contributing to CO2 reductions.
Function principle of the heat pump
Heat pumps can be differentiated according to the following technical principles:
•
•

Compression heat pumps (electric-driven heat pump, gas-driven heat pump)
Sorption heat pumps (absorption heat pump, adsorption heat pump)

Common to both principles is that an evaporator draws ambient heat energy from a heat source and, after
an increase in pressure, subsequently makes a higher temperature level available at the condenser for
input into a heating system (heating water and/or warm water). The aggregate state of the refrigerant (liquid/gaseous) is continually changed to effect the heat absorption and transfer.
The decisive difference is to be seen in the manner of compression: Whereas a technologically simple
compression heat pump employs a mechanical compressor (driven by an electric motor or combustion
engine), a sorption heat pump (gas heat pump) achieves its compression by thermal means. It is here only
necessary to provide an electric-driven pump for the solution circuit, the current consumption of which,
however, lies far below that of the compressor in an electric-driven heat pump.
Sorption heat pumps, whose applications lie above all in the output range up to 40 kW, are further differentiated into absorption and adsorption heat pumps. In an absorption heat pump, the evaporated refrigerant is absorbed in a liquid solution (e.g. ammonia/water). The function principle is shown in Fig. 4.
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Figure 5 – Absorption heat pump with bubble pump

The refrigeration branch has already gathered many years of experience with the absorption heat pump
technology. One special type of absorption heat pump is the diffusion-absorption heat pump, in which the
solution pump is replaced by a bubble pump requiring no electrical drive energy whatsoever. This technology is implemented in the gas heat pump from Bosch Thermotechnik (Fig. 5).
The adsorption technology, by contrast, evaporates water as a refrigerant and in this way takes up ambient
heat energy. The water vapour is adsorbed at the surface of a solid (e.g. granulated zeolite). This reaction
releases heat at a higher temperature level. Once the zeolite is saturated, the water is expelled in a desorption phase using the heat of a gas burner (Fig. 6). This process runs in a vacuum. Energy is transferred to
the heating circuit in the form of heat in both phases. Whereas absorption functions continuously, the
adsorption technology is a cyclic process (adsorption / desorption), though it is not perceived as such due
to the response time of the heating circuit.
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Figure 6 – Adsorption heat pump with zeolite

The necessary drive energy for a
gas heat pump is introduced via a
modulating gas burner. Possible
ambient heat sources are the air
and the ground, with the integration of ambient heat energy via
solar collectors representing a
special form.
With a gas heat pump, the proportion of ambient heat is for
technological reasons (thermal
compressor) less than with an
electric heat pump, but the primary energy input lies on a comparable level (Fig. 7).

Consequently, the natural gas solution brings significant system benefits, as the borehole heat exchanger
can be made shorter. This translates directly into a reduced drilling depth.
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Figure 7 – Simplified energy flow diagram of an electric and gas heat pump
The heat dissipated from the working medium can be used for space heating or for water heating. Against
the background of the constantly decreasing heating energy demands of buildings, gas heat pumps, in
particular, represent an interesting alternative to the heating systems available today for output ranges up
to 10 kW.
Irrespective of the chosen heat pump system, however, appreciable savings can only be achieved if the
system is configured optimally, and if important general variables, such as building heating demand, heating system and ambient heat energy supply, are observed. This requires corresponding coordination between the equipment manufacturers and the installation trade. Only then can the envisaged energy saving
actually be attained for the customer in practice. This constitutes a great challenge for all market partners.
Field and laboratory test results with gas heat pumps
Apart from the established electric-driven heat pumps, it has been possible to identify significant progress
in the development of gas heat pumps in recent years. Ongoing laboratory tests are investigating different
operating principles for gas heat pumps and evaluating the energy-relevant parameters. Parallel field trials
with larger numbers of pre-series systems confirm the fundamental reliability and operational stability of
the gas heat pumps developed to date. Examples of such results are those obtained in field trials by Bosch
Thermotechnik (Fig. 8).
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Figure 8 – Results of field trials (without consideration of electrical auxiliary energy)
Taking all systems into account, an efficiency of 1.16 is achieved in heating operation only. If a solar
thermal system is integrated, then even this pre-series configuration (absorption heat pump with bubble
pump) complies with the threshold value specified in the EEWärmeG legislation (annual performance
factor of 1.2).
Further process optimisation to increase utilisation, and at the same time to reduce manufacturing costs,
are generally still necessary from the point of view of the end user, and are already being tackled by the
manufacturers of gas heat pumps.
The “Gas Heat Pump Initiative” (IGWP)
Recognition of the necessity for concerted cooperation and a targeted application of resources gave birth
to the idea of a “Gas Heat Pump Initiative”. After a period of preparation, the initiative was founded in
February 2008. The members are utility companies EnBW, E.ON Ruhrgas, ESB, EWE, GASAG, MVV,
RWE and VNG and the product interests are represented by the manufacturers Bosch Thermotechnik,
Robur, Vaillant and Viessmann.
The bundled know-how of all these member companies is to be exploited to promote the market maturity
of the future-oriented technology “gas heat pump” and to establish a new, innovative gas product which
gives due consideration to all public demands. The development of corresponding appliances lies in the
responsibility of the manufacturers. The comprehensive laboratory tests and field trials are to be organised jointly with the gas supply industry. The four manufacturers will be installing and testing up to 250
gas heat pumps at different locations around Germany by the end of 2010 / beginning of 2011. The first
results from the test stands already indicate the enormous potential of the gas heat pump technology.
IGWP partner Robur launched a series gas absorption heat pump for the relatively high output range from
15 to 40 kW at the international fair ISH 2009 in Frankfurt. Test stand results obtained under nearpractical conditions raise expectations of both high energy efficiency and reliability.
Generally speaking, it can be assumed that the energy efficiency of a heat pump system diminishes along
the range of ambient heat energy sources from borehole heat exchanger / ground collector, via solar collector to air. To accompany the tests, extensive system analyses and optimisation options are to be considered within the framework of the IGWP, aimed above all at improving the heat input and thus the energy efficiency of borehole heat exchangers. On the basis of today's development status, it is reasonable
to reckon with up to a 20 % borehole heat exchanger length reduction.
Fig. 9 provides an overview of the appliances to be tested within the framework of the IGWP.
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Figure 9 – Gas heat pumps to be tested by the IGWP
There is still a good deal of development work, with comprehensive laboratory tests and field trials,
awaiting the appliance manufacturers in respect of gas heat pumps for smaller outputs up to 10 kW. The
products of two manufacturers, however, have already progressed to the point at which it has been possible to start IGWP field trials. Parallel to the technical advances, market analyses and an IGWP-sponsored
marketing campaign are in preparation. Technical seminars and training programmes for the installation
trade have also been planned for the short term.
Conclusion
The comprehensive laboratory tests are currently being performed at E.ON Ruhrgas in coordination with
the project partners. Some 250 field trial systems will be ready for installation in the next two years and
are expected to permit statements on the efficiency and practical suitability of the newly developed gas
heat pumps. The first results appear to confirm the great potential of this technology. The marketing of
gas absorption heat pumps with outputs up to 40 kW for larger buildings and multi-family housing (new
and existing buildings) is already to begin this year. The wider market availability of gas heat pumps for
(new) single-family homes should follow from 2011. Given successful future further development of the
corresponding products, the gas heat pump technology will be able to complement present gas appliances,
in particular condensing boilers, for the heating market in the medium term. In this context, the Gas Heat
Pump Initiative is an outstanding platform.
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Abstract
The inlet air cooling helps in increasing the performance of gas turbines. In this paper, a new approach to
enhance the performance of gas turbines in hot climates is investigated. One form of the combined cycle is
the combined gas turbine and steam turbine with absorption chiller unit, where the waste heat is used to
power an absorption chiller to produce cooling for inlet air entering the compressor of a gas turbine on high
ambient temperature days.
The waste heat from the exhaust gases may be utilized to produce hot water via double-pipe heat exchanger.
The hot water produced could then be used to drive a water-cooled single-effect lithium-bromide absorption
chiller machine which in turn could cool the incoming air.
An analysis carried out by taking the weather data of Tripoli (Libya) indicates that reducing the intake
ambient temperature below the ISO standard conditions could help to increase the power output.
The performance improvement is calculated for ambient temperature of 47 °C. The results indicated that the
intake temperature could be lowered below the ISO standard with power increase up to 32%.
The simulation program IPSEpro has been used to do the modelling and simulation of the combined cycle in
this study.
Introduction
The exhaust gases of a gas turbine carry a significant amount of high-grade thermal energy that is usually
expelled to the atmosphere without taking any further part in the power generation processes. The further
utilization of this rejected waste heat will reduce the amount of fuel consumption, limit the amount of
combustion products emitted to atmosphere and increase the work output.
The effect of the inlet air temperature on the Brayton cycle performance is a fundamental aspect of gas
turbine cycle thermodynamics, Cohen et al, 1987.
Chase, 2001 reported the development of steam and gas combined cycles according to the development of
gas turbines and the progress in combined cycles technology.
The continuous progress in combined cycles technologies has led to the development of reliable combined
cycles of high thermal efficiency which have been accepted and introduced world wide for power generation
applications. It was estimated that, owing to the advances in the technologies of the individual components,
the thermal efficiency of the combined cycles will reach 60%.
Agnew et al, 2004 suggested an unconventional combined system arrangement. They linked the steam
Rankine cycle with Brayton cycle of high pressure ratio via two heat exchangers of two parallel inverse
Brayton cycles. This system arrangement attained a high thermal efficiency of 54%.
Ondryas et al, 1991 investigated gas turbine power augmentation in a cogeneration plant using inlet air
chilling. They concluded that the gas turbine augmentation via inlet air chilling can be effectively used to
boost power during high ambient temperature, however air cooling temperatures have been recommended not
to fall below 7.2 °C to safeguard against potential ice build-up in the compressor inlet.

Description of the system
A schematic diagram of the proposed system consists of a combination of two separate cycles, one at high
temperatures (topping cycle) and the other at relatively low temperatures. The most common combined cycle
is the gas-steam combined cycle where a gas-turbine cycle operates at the high-temperature range and a
steam-turbine cycle at the low-temperature range. The upper and bottom cycles are shown in Figure 4. The
upper cycle is a simple gas turbine Brayton cycle consisting of compressor, combustion chamber, and turbine.
It is used as an energy source for the steam Rankine cycle. The steam Rankine cycle is the bottom cycle,
which consists of a turbine, condenser, and feed pump. It has been linked with the Brayton cycle by heat
recovery steam generator. Steam is heated by the high-temperature exhaust gases leaving the gas turbine. The
aim of this bottoming cycle is to utilize the waste heat from the gas turbine exhaust gases of the Brayton
cycle in generating steam for a steam turbine to improve the basic cycle efficiency and the output power.
Part of the waste heat from the exhaust gases could then be used to drive a water-cooled single-effect lithiumbromide absorption chiller which in turn could cool the inlet air of the gas turbine in order to increase the
power output (Figure 3).
The absorption chiller cycle was plotted on a water-lithium bromide Dühring plot. The Dühring plot
representation of a cycle solution is a very important step in visualizing the data. It is strongly recommended
that such a plot be made as a tool to the understanding of any and all cycle solutions. This is particularly
important for more complicated cycles but applies to single effect cycles as well.
Climatic data
The hourly maximum of ambient temperature and relative humidity of Tripoli–Libya in 20 June 2007 is shown in
Figure 1. June is the hottest month whereas the temperature is lower in December and the maximum and minimum
of ambient temperatures are 47 °C and 22 °C respectively. It is observed that the ambient temperature is always
higher than 15 °C. The relative humidity in December is higher than that in June, but changes in the humidity
ratio have a negligible effect on the power output of the power plant (Mohanty et al, 1995, Calderan et al,
1992). This data is used in our analysis.

Modelling concept
The simulation program IPSEpro (SimTech, 1991-2003) has been used to do the modelling and simulation of
the combined thermodynamic cycles investigated in this work. This program was supplied with special tools
for the analysis, design and optimisation of energy systems.
IPSEpro is a highly flexible computer method for thermodynamic power cycles calculations and a
comprehensive environment for modelling systems that can be presented by a system of algebraic equations.
This program has the ability to model any cycle scheme by selecting components from a library and
connecting them in an appropriate way or create component models in a customized library by use of the
Model Development Kit (MDK). IPSEpro was designed to solve the problems that can be represented by a
network of discrete components and their connections and provides efficient data management, powerful
mathematical methods with an obvious graphic interface. IPSEpro allows flexibility at two levels, the
component level and the process level. In the component level the model should be designed mathematically
and graphically within Model Development Kit (MDK). In the process level the calculations and the results
can be made and displayed in a project window by Process Simulation Environment (PSE). IPSEpro has been
used to simulate many different thermodynamic cycles of complex configuration very successfully.
Modelling specifications
The combined cycle gas turbine power plant was integrated with single effect water-lithium bromide
absorption chiller as presented in Figure 4. The power plant combines a gas turbine and a steam turbine
which drives an electrical generator. A single pressure level, vertical flow, and forced circulation heat
recovery steam generator unit (HRSG) is also employed to utilize a portion of the gas turbine exhaust heat
energy in the steam turbine. The HRSG unit consists of a superheater, evaporator and economizer. Also, a

deaerator with preheater was used to control the dissolved oxygen level in the makeup water. The gas turbine
was modelled using a compact generic model that is available in the advanced power plant library of
IPSEpro. The absorption chiller (Figure 3) was modelled by the refrigeration process library of IPSEpro
simulator. The combined cycle and the absorption chiller were modelled according to the following
specifications (Table 1):
Table 1: Parameters of single shaft combined cycle gas turbine
power plant with absorption chiller
Parameter
Fuel lower heating value
Design electric power
Design overall thermal efficiency
Design exhaust temperature
Design exhaust flow
Design inlet pressure loss
Design exhaust pressure loss
Design operation altitude above
mean sea level
COP
Chilled water outlet temperature
Desorber inlet temperature
Evaporator heat transfer
Cooling water temperature

Value
50000
33500
35.617
492
125
0.0114
0.0127
0

Unit
kJ/kg
kW
%
°C
kg/s
bar
bar
m

0.8245
6
94.424
4836.71
25

--°C
°C
kW
°C

The gas turbine at ISO conditions (15 °C, 60% RH, 1.01325 bar) generates 34.18 MW of electricity and emits
66.39 MW of heat energy through the exhaust system at a temperature of 488.21 °C with a mass flow rate of
126.28 kg/s and fuel consumption of 1.892 kg/s. That makes the gas turbine’s actual efficiency in the range of
36.14%.
The combined cycle gas turbine power plant at ISO conditions generates 51 MW of electricity with actual
overall thermal efficiency of 52.23%. The gas turbine was fuelled by natural gas which is more attractive due
to its clean burning and low cost. The cooling capacity produced by the absorption chiller was 1375.24 RT.
Findings and summary conclusions
The most important parameter that affects the performance of a gas turbine is the intake air temperature.
In order to investigate the performance of the proposed cycle for intake air cooling, a new model for
improving the performance of combined cycle gas turbine power plant and eliminates the warm weather
power degradation has been developed using IPSEpro program.
For the present analysis, the combined cycle gas turbine power plant at Tripoli-Libya operating under severe
weather conditions was considered on the basis of annual maximum ambient temperature of 47 °C.
The combined cycle gas turbine power plant behaviour under fluctuating ambient temperature has been
investigated by varying the ambient temperature from -10 to 50 °C in order to find out the effect of extreme
weather conditions on the power plant. As shown in Figure 2 the results show that the power output decreased
by 22%; as a result, the overall thermal efficiency dropped by 6.21%, even though the specific fuel
consumption was increased by 6.62%.
The absorption chiller of the inlet air increases the power output and efficiency of the power plant. At an
ambient temperature of 47 °C an increase of 32% in power output and 7% in efficiency is observed (Figures
5, 6). This study has shown that the combined cycle gas turbine power plant attains a maximum power of
51.6 MW and efficiency of 52.8% when operated at ambient temperature of 47 °C with pre-cooling
temperature of 10 °C applied to the compressor intake air.
The combined cycle gas turbine power plant after cooling the hot ambient air entering the compressor by the
absorption chiller shows no reaction towards the ambient temperature fluctuation (Figures 5, 6).

The absorption chiller succeeded in stabilizing the compressor intake air temperature at 10 °C and thus
enhancing the performance of the whole power plant.
Absorption refrigeration cycles are attracting increasing interest because they can be driven by lowtemperature heat sources, and may therefore provide a means of converting waste heat into useful
refrigeration. Absorption cooling is a technology that allows cooling to be produced from heat, rather than
from electricity and does not use harmful refrigerants. The absorption cooling technique demonstrated a
higher gain in power output.
Complex energy systems, able to provide more than one product, are the recent trend to save energy resources
and protect the environment from thermal pollution. Therefore, an economic study on the proposed energy
system which will provide a clear insight into its economic validity among other combined systems is
strongly recommended.
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Figure 3: Single effect water-lithium bromide absorption chiller modelled by IPSEpro
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ABSTRACT
Remote communities, in arid zones such as Waddan city in Libya, could greatly benefit from their readily
available high potential low-grade temperature geothermal resources. According to the literature survey,
such resources located in desert areas are very attractive energy sources for absorption cooling and central
heating. Three lithium bromide water mixture absorption chiller models namely; water-cooled single
effect, air-cooled single effect and water-cooled half effect were schematically simulated using power
plant and refrigeration modeling libraries of IPSEpro commercial simulation package. The simulated
results show that this low-temperature geothermal source can be used as heat source for both half and
single effect LiBr-H2O absorption chillers. The cooling capacities and coefficients of performance (COP)
were found to be within acceptable published limits. The usable chilled water temperature difference
cross the evaporators was found within the range of air-conditioning use in hot climate conditions. The
comparison between the three different models has indicated that the highest cooling capacity was
produced by water-cooled half effect chiller without any significant economical benefit of the heat
rejected form the desorber. The lowest cooling capacity was obtained from both air and water-cooled
single effect chillers with significant desorber outlet temperatures (65-68 º C) which can be furtherer used
in central heating and domestic hot water supply. Detailed parametric investigations have shown that at
higher coolant temperatures, the absorption cycles need to be operated at lower mass concentration values
and higher pressure levels than normally used in literature in order to avoid crystallization problem.
INTRODUCTION
Mechanical vapor compression refrigerators require high grade energy for their operation. Apart from
this, recent studies have shown that the conventional working fluids of vapor compression systems are
causing ozone layer depletion and green house effect, Kaynakli et al, 2007. In recent years, research has
been devoted to investigate the most effective ways of improving absorption refrigeration systems
powered by low heat energy sources. Since the temperature requirements for the cycle fell into the low to
moderate temperature range, the water/air cooled lithium bromide water mixture single/half effect
absorption chillers seem to be good prospect for geothermal application where heat inputs are at low
temperatures. However most of these types of chillers, as mentioned by many researchers, were directly
powered by low input mass flow rates of high or low temperature heat sources such as steam or hot water.
The most economical way to utilize geothermal source of energy is to use it as a powering source of
single/half effect water/air cooled absorption chillers to produce air-conditioning, heating and hot water
supply, Mary et al, 1996. Many theoretical and experimental studies have been carried out on LiBr-H2O
absorption chillers powered by low heat sources. For instance, A.Kececiler et al, 2000 performed
experiments on LiBr-H2O system in lab conditions used low temperature geothermal energy as a
powering source. The obtained results showed that the maximum COP was gained when mass
concentration of strong and weak solution in the generator and absorber were 0.44 and 0.48 respectively.
They showed experimentally that the low-heat geothermal sources can not be used efficiently in
electricity generation, however could be used economically for refrigeration storing of fruits and
vegetables at 4-10 ºC as well as air conditioning. K. Sumathy et al, 2002 developed prototype (cooling
capacity = 100 kW) half effect LiBr-H2O chiller powered by low temperature hot water source ranging
from 60 to 75 ºC. Test results indicated that the two-stage chiller could be powered by solar hot water
system. Da-Wen Sun, 1997 simulated LiBr-H2O absorption refrigeration systems. Detailed
thermodynamic design data and optimum design maps were produced as a source of reference for
developing new cycles and searching for new absorbent/refrigeration pairs. The derived tabulated
thermodynamic design data showed that for low heat powering source at about 70 ºC, the COP was 0.83

and the mass concentration of weak and strong solutions of LiBr were between 0.516 and 0.579
respectively when both condenser and absorber temperatures run at approximately 30 ºC.
Figure 1 shows existing 12” geothermal artesian well situated at Waddan city 265 Km south of Libyan
north coast. The well No.T/2D/0013/0/88 is at coordinates of X = 16º 09’ 46’’, Y = 29º 07’ 06’’ and at an
elevation of 291 meters above sea level, GWA, 2007.

Figure 1 : Well head of existing geothermal source at Waddan city
MODELLING PROCEDURE
The fundamental thermodynamic principles of mass and energy conservation were applied on all chiller
cycle components. UA types of heat exchanger models were used for all of absorption chiller components
except two components; the desorber unit which was modeled as an adiabatic flash drum for two-phase
mixture where exiting streams are in equilibrium and exiting vapor is pure water, and in the absorber unit
the restored poor solution takes up the occurring gaseous refrigerant mixture and leaves the absorber as a
rich solution, Sim Tech®, 2003.
Three air/water cooled single effect and half effect lithium-bromide water mixture absorption chillers
with different schematic configurations were successfully modeled and simulated. The chillers used a
high potential artesian hot water supply well (1600 m deep) at a constant high flow rate of 114 kg/s and
73 °C. The powering source was directly connected to the desorber for maximum utilization of energy
source. For water-cooled chillers, cold water (25 °C) shallow reservoirs surrounding the geothermal
source were used for cooling the absorber and the condenser. For air-cooled chillers, the absorber and
condenser were cooled by dry air cooler running between average mean maximum ambient temperatures
of 28 ºC and 40 ºC. During various modeling stages a parametric study were carried out to find the most
effective parameters that have great influence on the performance of the cycles. Each converged
simulated model was theoretically validated in accordance to the well known DÜhring temperaturepressure diagram, Keith E. Herold, 1996. The main state points of chiller cycles parameters were
superimposed at their state point’s location on the diagram.
MODELED CHILLERS RESULTS AND DISCUSSION
Water-cooled single effect model
It can be seen from simulated results in figure 2, which were validated in figure 3, that the best obtained
COP and refrigeration capacity, at outlet chilled water temperature of 5 ºC, were 0.8245 and 563 ton
respectively. The useful rejected energy from the desorber was 15,739 kW at outlet temperature of 68 ºC.
The cooling water supply, for removing excess heat from absorber and condenser, was connected in
parallel, for better performance, to the cycle components at an input mass flow rate of 258 kg/s and at

temperature of 25 ºC. The obtained results were achieved when mass concentration of weak and
strong solution had higher values, of 0.5 and 0.55 at two lower pressure levels of 0.04 and 0.007
bars, than air-cooled ones. These values caused the absorption cycle components operate closer to the
crystallization line and that mainly due to less circulated heating energy-in comparison to air cooled onesas cycle components were directly cooled by water as very effective cooling media.

Figure 2 : Water-cooled single effect LiBr-H2O absorption chiller

Figure 3 : DÜhring plot for validation of water-cooled single effect model
Air-cooled single effect model
The model is depicted in figure 4.The model was simulated at outdoor average mean maximum ambient
temperature of 40 ºC ,maximum design operating reference point according to ASHRAE, 1997 and
validated in figure 5.The range of LiBr-H2O solution mass fraction was between 0.47 and 0.5 which was
less than that used in water-cooled single effect cycle. The cycle was performed between two pressure
levels of 0.026 and 0.0865 bars which were higher than water-cooled ones. These lower mass
concentrations values and higher pressure levels were due to an increase in weak solution outlet
temperature of the absorber, hence higher heat transfer circulated in the cycle components as the chiller
was in-directly cooled by less effective coolant which, in this particular model, was high ambient air
temperatures. The achieved COP and refrigeration capacity were 0.845 and 628 ton respectively. The
chilled water outlet temperature of the evaporator was noticeably higher (22 ºC) but still within the range
of air-conditioning use in hot climate conditions such as Waddan city. The utilized output heating energy
was roughly equals (15518 kW versus 15739 kW) to that produced from water-cooled single effect
chiller.

Figure 4 : Air-cooled single effect LiBr-H2O absorption chiller

Figure 5 : DÜhring plot for validation of air-cooled single effect model
Water-cooled half effect model
The cycle components of this model are schematically shown in figure 6 and main important state points
are illustrated, for validation, on figure 7. The model is operated in three-pressure levels (0.07, 0.018 and
0.0071 bar). The high and low pressure levels function in the same way similar to the single effect one.
The intermediate pressure level is the new feature of this cycle arrangement, and at this pressure level, the
low desorber delivers refrigerant vapour to the high absorber.
The obtained results have shown that a refrigeration capacity of 1284 ton was produced at outlet chilled
water temperature of 5 ºC. This higher capacity was roughly double of water/air single effect chillers
capacity. In this cycle more heat was extracted from the given powering source, hence no significant
economical benefit of heat rejected from the desorber. A penalty must be paid when the cycle produced
higher cooling capacity; that the COP of the half effect is roughly half (0.424) of COP obtained from
single effect chillers (0.8245-0.845). Both lower LiBr H2O mass fraction (0.41-0.44) in high pressure
cycle and higher mass fraction (0.52-0.55) in low pressure cycle were circulated within modeled cycle.

Figure 6 : Water-cooled half effect LiBr-H2O absorption chiller

Figure 7 : DÜhring plot for validation of water-cooled half effect model
RESULTS SUMMERY
For simple comparison between simulated models, the main significant output parameters are listed in
table.1 whereas other unlisted parameters could be read directly from schematic figures 2, 4 and 6
respectively.
Chiller type

Water-cooled single effect

Air-cooled single effect

Water-cooled half effect

0.825

0.845

0.424

564

628

1284

(12-5) = 7

(22-27) = 5

(12-5) = 7

Desorbers outlet temperature (ºC)

65

68

51

Heat input temperature difference
a cross the desorbers T (ºC)

(73-65) = 8

(73-68) = 5

(73-51) = 22

15739

15518

-

COP
Cooling capacity (ton)
Chilled water temperature difference
a cross evaporators T (ºC)

Hot water supply energy at 60 ºC (kW)

Table 1: Output results of three simulated models

CONCLUSION
Low energy sustainable resources, such as geothermal source situated in places at quit higher
ambient conditions, could be successfully simulated to power air-cooled single effect, watercooled single effect and water-cooled half effect LiBr-H2O absorption chillers. The most
important independent parameter, that could have great influence on the performance of these
cycles are coolant temperatures (cooling water and ambient temperature). For instance when
ambient and cooling water temperature decreases, cycle pressures, usable chilled water
temperature and desorber outlet temperature decreases whereas mass concentration and
refrigeration capacity increases. And when ambient and cooling water temperature increases,
cycle pressures, usable chilled water temperature and desorber outlet temperature increases
whereas mass concentration and refrigeration capacity decreases.
The simulated results show that the cooling capacities and coefficients of performance (COP)
were found to be within acceptable published limits. The usable chilled water temperature
difference a cross the evaporators, of water-cooled single/half effect chillers, was found within
the range of air-conditioning use in hot climate conditions. The comparison between the three
different models has indicated that the highest cooling capacity was produced by water-cooled
half effect chiller without any significant economical benefit of the heat rejected from the
desorber, whereas the lowest cooling capacity was obtained from both air and water-cooled single
effect chillers with significant outlet temperatures (about 68 ºC) which can be furtherer used in
central heating and domestic hot water supply. In case of further reduction in evaporator outlet
chilled water temperature (0 ºC or below) is required the absorption cycles need to be cascaded
with conventional compression R-245fa, R-134a or CO2 chiller. Technically if cooling airconditioning system is decided to be the only suitable choice for Waddan communities, without
utilizing hot water energy, then water-cooled half effect chiller is probably the best system to be
installed. If air-conditioning and hot water supply systems are desired, in summer and winter
seasons, then the water cooled single effect chiller has to be selected instead.
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Uli Jakob
SolarNext AG,
Nordstrasse 10, D-83253 Rimsting, Germany, email: uli.jakob@solarnext.de

Abstract
In the last three years SolarNext has developed standardized small-scale solar or waste heat driven cooling
kits, so-called chillii® Cooling Kits. Different single-effect absorption and adsorption chillers are used as core
component of such cooling kits. These are two ammonia/water absorption chillers with a cooling capacity of
12 kW and 50 kW respectively, the chillii® PSC12 and chillii® ACC50, a 17.5 kW water/lithium bromide
absorber chillii® WFC18, two water/silica gel adsorption chillers with cooling capacities of 7.5 kW and 15
kW (chillii® STC8 and chillii® STC15) and two water/zeolith adsorption chillers chillii® ISC7 with 7 kW and
chillii® ISC10 with 10 kW cooling capacity. Up to now over twenty chillii® Cooling Kits and chillii® Solar
Cooling Kits respectively are in installed in Germany, Austria, Belgium, France, Spain, Italy, Malta,
Romania, Canada, China and Australia. Different kinds of applications are realized like for residential
buildings, retirement home, office buildings, bank, bakery, greenhouse, institutes and fish cooling. The sales
mix shows that 81% of the installed cooling kits using solar heat from flat plate, vacuum tube or parabolic
trough collectors as heat source and 19% are using waste heat from CHP units, ovens or ship engines.
1. Introduction
Worldwide the energy consumption for cold and air-conditioning is rising rapidly. Usual electrically driven
compressor chillers (split-units) have maximal energy consumptions in peak-load period during the summer.
In the last few years even in Europe this regularly leads to overloaded electricity grids. The refrigerants that
are currently used in the split-units do not have an ozone depletion potential (ODP) anymore, but they have a
considerable global warming potential (GWP), because of leakages of the chiller in the area of 5 to 15 % per
year. Particularly the sale figures of split-units with a cooling capacity range up to 5 kW are rising rapidly.
The Japan Refrigeration and Air Conditioning Industry Association (JRAIA) has expected a worldwide sales
of 82.3 million units in 2008. In Europe the number of sold units has risen about 37% from 6.3 million in
2004 to predicted 8.6 million in 2008 (JARN, 2008).
Thermal cooling by solar energy, district heat or waste heat from CHP units, biomass as well as processes
could be lead to a considerable reduction of energy consumption. The sorption chillers use environmentally
friendly refrigerants and have only very low electricity demand. Therefore the operating costs of these
chillers are very low and the CO2 balance compared to split-units is considerably better. In case of solar
cooling the main advantage is the coincidence of solar irradiation and cooling demand. However, for thermal
cooling e.g. by waste heat from a CHP unit the benefit is the longer operating time of the CHP unit itself and
with that the increased electricity production. In general the market potential for small-scale solar/ thermal
cooling kits is very large. But so far, only a small number of companies develop and offer standardised smallscale cooling kits for the European market up to a 50 kW cooling capacity.
2. Standardized Small-Scale Cooling Kits
During the last few years especially in Europe many new small-scale sorption chillers have been developed.
Many of these absorption and adsorption chillers have now passed from the prototype phase to field tests and
into the production. Today absorption chillers with capacities from 4.5 kW to 50 kW and adsorption chillers
with capacities from 7 kW to 15 kW cooling capacity are available (Jakob, 2008). Table 1 shows the
available chillii® chillers for the different chillii® Solar/ Thermal Cooling Kits.

Table 1 – Small-scale sorption chillers for chillii® Solar/ Thermal Cooling Kits
Product name
Technology
Working pair
Cooling
capacity
Heating
temperature
Recooling
temperature
Cold water
temperature
COP
Dimensions
(LxDxH)
Weight
Electrical
power

chillii® ISC7 /
chillii® ISC10
adsorption
water/zeolith

chillii® STC8 /
chillii® STC15
adsorption
water/silica gel

7 and 10 kW

8 and 15 kW

chillii® PSC12

chillii® WFC18 chillii® ACC50

absorption
ammonia/water

absorption
water/LiBr

absorption
ammonia/water

12 kW

17.5 kW

50 kW

85 / 78°C

88 / 83°C

115 / 105°C

24 / 29°C

31 / 35°C

25 / 30°C

18 / 15°C

12 / 6°C

12.5 / 7°C

-5 / -10°C

0.60

0.62

0.70

0.55

0.79 / 0.79 x
1.06 / 1.34 x
0.94 / 1.39 m³
295 / 590 kg

0.80 x
0.60 x
2.20 m³
350 kg

0.60 x
0.80 x
1.77 m³
420 kg

2.35 x
1.65 x
2.63 m³
1,600 kg

20 / 30 W

300 W

72 W

3,000 W

65 / 60°C (ISC7)
72 / 65°C
85 / 77°C (ISC10)
27 / 31°C (ISC7)
27 / 32°C
27 / 32°C (ISC10)
18 / 15°C
0.54 (ISC7)
0.50 (ISC10)
0.65 x
1.30 x
1.65 m³
370 kg
20 W

During the last two years SolarNext has developed several chillii® Cooling Kits based on the chillii®
absorption and adsorption chillers. These cooling kits basically contain a chiller, a re-cooler, pump-sets and a
system controller. The cooling kits are developed for the European market, whereas other re-coolers can be
offered according to the country. Up to now 47% wet cooling towers, 33% dry re-coolers, 10% ground water
and 10% other recooling solutions were realized worldwide to get rid of the recooling heat of the installed
chillii® Cooling Kits.

Figure 1 – chillii® Cooling Kits PSC12 and ISC10 (sources: SolarNext)
Figure 1 shows the chillii® Cooling Kit PSC12 (ammonia/water absorber) and the chillii® Cooling Kit ISC10
(water/zeolith adsorber), which could be complemented by solar, cold storage and cold distribution packages.
The chillii® Cooling Kits could be used for different applications according to the sorption technology. The
applications are residential buildings, office buildings, hotels, commercial buildings, banks and bakeries as
well as for process cooling e.g. milk or wine cooling.

For solar cooling kits the average value of specific collector surface of all market available kits is 4.2 m2/kW
cooling capacity (Epp, 2008). SolarNext recommend collector areas with 4.5 m2/kW. The average value of all
installed small to large-scale solar cooling systems in Europe until the year 2006 was 3.0 m2/kW (Henning,
2007). An all-season use of renewable energy sources for domestic hot water, space heating and solar cooling
is here indispensable. The solar fraction for the solar cooling kit should be more than 70%.
3. System Controller
For the development of standardized solar/ thermal cooling kits it is indispensable to use a system controller
for the complete system. The previous solar cooling demonstration and pilot projects are using several single
controllers e.g. for the solar thermal system, for the chiller, for the recooler and for the cold or heat
distribution, which are together cost intensive and are not always operating optimal together. The alternative
was until now an expensive PLC controller which had to be programmed for each single case. Because of that
the SolarNext has decided in the year 2007 to develop an own system controller for the whole system
(Figure 2), which has an influence from the automotive sector and is cheap and system oriented.

Figure 2 – chillii® Solar/ Thermal Cooling Kit scheme (source: SolarNext)
The functional range of the chillii® System Controller contains the control of different heat sources (e.g. solar
heat, CHP waste heat, district heat, etc.), the back-up system (e.g. controllable oil/gas boiler or not
controllable wood boiler or exhaust gas heat recovery), the storage management (heat and cold storage), the
hot water, the chiller (e.g. chillii® ISC7, STC8, ISC10, PSC12, STC15, ESC15 WFC18, Yazaki WFC-SC10,
etc.) and the re-cooling (e.g. wet, dry, and hybrid cooler) as well as heating and cooling circuits. The chillii®
System Controller is the first system controller for thermal cooling and heating systems that controls many
large hydraulic variables with one device. So the highest system efficiency is reached with the needed energy
generation with priority in regenerative energy sources, optimized running of chillers as well as the recooling with speed control of the pumps and the re-cooling ventilator.

4 Realized Solar/ Thermal Cooling Projects
In May 2008 the worldwide first installation of a chillii® Cooling Kit STC8 for a two family house in
Alzenau, Germany (Figure 3) was successfully put into operation. The necessary heat for driving the machine
is provided by 24 m² flat collectors and a biomass back-up. As a buffer 2.000 litre hot water storage is used.
An electrically high efficient dry re-cooler with water spraying is used for an effective re-cooling of the 22
kW waste heat of the adsorption chiller. The cold distribution is effected by fan coils. The chillii® Cooling Kit
STC8 is until now besides others installed in residential and office buildings as well as a greenhouse in the
following countries: Germany, Austria, Belgium, Italy and China.

Figure 3 – Flat plate collectors on the roof of a two-family-house in Germany as well as the adsorption
chiller and the dry re-cooler of the chillii® Cooling Kit STC8 (sources: SolarNext)
For the retirement home in Kalkara, Malta a complete solar cooling kit has been installed in spring 2008. The
chiller that is used is a chillii® PSC10 (Figure 4) for a required cooling load of 10 kW. The cold water is
stored in a 1,000 l storage and distributed by fan coils. The solar heat is delivered by 38 m² flat plate
collectors, which are mounted on the roof. Moreover, a 1,000 l hot water storage is used to as well as ground
water for the recooling of 27 kW recooling water. Further chillii® PSC10 absorption chillers are installed in
different thermally driven systems in Germany, Canada and Malta using solar heat or waste heat e.g. from
CHP units. Since June 2008 the novel chillii® PSC12 is available on the market. This ammonia/water
absorption chiller is installed for the first time as a complete solar cooling kit in Italy and since then also in
Spain and France.

Figure 4 – chillii® Solar Cooling Kit PSC10 with flat plate collectors on the roof for space cooling of a
retirement home in Malta (sources: SolarNext)

In 2008 a thermal cooling kit was installed at a bakery in Neckarsulm, Germany (Figure 5) using the waste
heat of a heat recovery system in the exhaust gas of the ovens. The waste heat is stored in a 2,000 l hot water
storage to provide the chillii® Cooling Kit WFC18 with heat. A wet cooling tower cools down 43 kW
recooling water. The water/lithium bromide absorber is used for space cooling and other air-conditioning
applications in combination with vacuum tube and parabolic trough collectors are also realized in Romania
and Australia.

Figure 5 – Thermal cooling system of a bakery in Germany using a chillii® Cooling Kit WFC18 and
waste heat from the exhaust gas of the ovens (sources: SolarNext)
Another application is a potato cooling, which was realized in Pforzheim, Germany in 2008 (Figure 6). The
thermal cooling kit consist of the 50 kW ammonia/water absorption chiller congelo 50 (chillii® ACC50) and a
wet cooling tower with 150 kW recooling capacity. The required heat for the system is provided by a CHP
unit with 214 kW thermal capacity (192 kW electrical capacity). The waste heat is stored in a 10,000 litre hot
water storage.

Figure 6 – Ammonia/water absorption chiller congelo 50 (chillii® ACC50) in combination with a CHP
unit for potato cooling in Germany (sources: AGO)
In Wyong, New South Wales, Australia the worldwide first chillii® Cooling Kit ISC10 is installed in a
heritage for space cooling of a coffee shop (Figure 7). The System is in operation since April 2009 consisting
of 34.8 m² vacuum tube collectors, 1,500 l hot water storage, 500 l cold water storage and fan coils for the
cold distribution. A dry re-cooler with water spraying is used to get rid of 30 kW recooling heat.

Figure 7 – Vacuum tube collectors on a special roof construction of a heritage in Australia as well as
chillii® Cooling Kit ISC10 consisting of water/zeolith adsorption chiller and dry re-cooler with water
spraying (sources: UrbanEnergy)
5. Conclusion
In the small-scale cooling capacity range with up to 50 kW several single-effect water/lithium bromide
absorption chillers; two ammonia/water absorbers as well as two water/silica gel and two water/zeolith
adsorption chillers are recently available on the European market. Therefore, the market potential for solar/
thermal cooling kits with small-scale cooling capacity is very large, so that different companies are
developing such kits for the product business. In case active cooling being necessary, the long running times
of the sorption chillers are the key for economic efficiency of solar and thermal cooling kits. For residential
buildings in Central Europe only about 50 to 200 cooling hours occur, whereas in the southern Mediterranean
area as well as for some industrial and office buildings approximately 1,000 full load hours are necessary.
The specific total costs of the solar cooling kits of SolarNext (without installation costs and cold distribution)
have been between 5,000 and 8,000 EUR/kW cooling capacity in 2007. In 2008 average system costs of
around 4,000 to 4,500 EUR/kW were reached depending on the application and the site. A further cost
reduction could be achieved in 2009, so that the current specific system costs are between 3,500 and 4,500
EUR/kW. The investment costs for a solar package (solar thermal collectors, heat storage, solar pumps, etc.)
is 1,500 to 2,000 EUR/kW. Therefore, the specific total costs for thermal cooling kits of SolarNext are today
between 1,500 and 3,000 EUR/kW.
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Abstract
Developing a database of adsorbents promising for adsorptive transformation of heat is very timely. This database would play an important role in unification of adsorbent properties, correct comparison of various adsorbents, theoretical analysis, mathematical modelling and brief estimation of heat transformation cycle performance. In this paper, we discuss principles of creating such database, consider the adsorbent properties
which should be given there, and address the issues of their measurement. A tentative list of common and
innovative adsorbents to be presented in the database is discussed as well.
Introduction
An adsorbent is a key element of an adsorptive heat transformer, AHT (heat pump, chiller, amplifier), and
harmonization of the adsorbent, or, better to say, of the working pair “adsorptive – adsorbent”, with the cycle
is of prime importance. It is traditionally reached by screening of known adsorbents to select the best one for
a given cycle. “Old” working pairs “adsorptive - adsorbent” that are principal for AHT applications were selected in the last century by (Pons et al, 1999). An alternative way is tailoring of novel adsorbents adapted to
this cycle (Aristov, 2005, 2007). The main idea of the latter approach is that for each particular adsorptive
cycle there is an optimal adsorbent, the thermodynamic characteristics of which could allow perfect performance of this cycle. The first step of the analysis is the formulation of requirements to this desirable (ideal) adsorbent. The final step is to design and synthesize a new adsorbent with sorption properties close or even
equal to those determined before as perfectly fitting the cycle. Thermodynamic requirements to an optimal
adsorbent were first considered for a basic AHT cycle in (Critoph, 1988) and completed in (Aristov, 2005,
2007). This analysis showed that the optimal adsorbents for various AHT applications can significantly differ. Besides, quite different adsorbents are needed for the same AHT application in different climatic zones
(Aristov, 2007). Thus, synthesis of many new adsorbents adapted to particular boundary conditions of AHT
cycle can be forecasted. Indeed, several innovative materials for AHT have recently been synthesized,
namely, composites “salt in porous matrix” or SWSs (Aristov et al, 1996; Aristov, 2009a), metalaluminophosphates (Kakiuchi et al, 2005; Jaenchen et al, 2002), etc., and a number of data on adsorption
properties of “old” and “new” materials is booming.
Hence, it is well-timed to systematize and tabulate adsorption properties of promising materials to make them
available to anyone. Such database would by very useful for unification of adsorbent properties, correct comparison of various adsorbents, theoretical analysis, mathematical modelling and brief estimation of AHT cycle performance. In this paper, we discuss possible approaches to creating such database, consider the adsorbent properties which should be presented there, and address the issues of their experimental determination. A tentative list of “old” and “new” adsorbents to be included in this database is discussed as well.
Principles of the database construction
The AHT performance is essentially depends on both thermodynamic and dynamic properties of the working
pair “adsorptive – adsorbent”. Thus, every thermodynamic or dynamic property of usable adsorbents which is
essential for analysing (modelling) AHT cycles should be presented in this database.
Thermodynamic data. For a given pair, basic thermodynamic information can be obtained from the function
w(P, T) which gives the equilibrium uptake at fixed pressure P and temperature T. Many models and equations (Langmuir, Freundlich, Toht, Volmer, Hill-de Boer, Harkins-Jura, etc.) were developed for analytically
description of this function. These equations are based on different physical models and contain 3-8 fitting
coefficients. The Langmuir-type isotherm with three fitting parameters remains to be the most widely used
for practical applications (Yang, 2003), although it is rarely applied for common adsorbents used in AHT (Ng

et al, 2001). For these adsorbents the most popular are equations derived from the empirical Polanyi principle
of temperature invariance, according to which, at different temperatures Тa and Тb, equal uptake can be
achieved at the vapor pressures Рa and Рb linked as
Ta ln h a = Tb ln h b,
where h = P/Ps is a relative pressure of the adsorptive. Polanyi introduced the so called free energy of adsorption or the adsorption potential ΔF = – RT ln h, and Dubinin showed that for variety of microporous solids the
cumulated volume of the adsorbed space V can be expressed by the Dubinin-Radushkevich equation
(Dubinin et al, 1966)
V = Аo exp(–ВΔF2),
(1)
where Ао and В are empirical constants. If the adsorbate density does not depend on temperature, similar
equation is valid for the adsorption uptake w. More general is the Dubinin-Astakhov equation
w = А0 exp(–ВΔFn),
(2)
where n is one more fitting coefficient. This approach interprets adsorption as a pore filling process, and is
especially useful to describe ammonia, methanol, ethanol and CO2 adsorption on various microporous carbons (Critoph, 1988; Follin et al, 1996; Goetz and Guillot, 2001; El-Sharkawy et al, 2006; and many others).
Since the Polanyi invariance principle is rather universal, the application area of eqs. (1) and (2) turned out to
be wider, and it can be generalized for non-microporous adsorbents as well (Prokopiev and Aristov, 2000). In
the latter case a polynomial expression
w = a + bΔF + cΔF2 …
(3)
can be used. Although coefficients a, b, c… have no physical meaning, eq. (3) permits description of equilibrium uptake with the accuracy sufficient for engineering calculations (Fig. 1). Eq. (3) can even be applied for
step-like adsorption isotherms. E.g., for composite CaCaCl2/silica (SWS-1L), the equilibrium uptake curve
can be divided into three regions I – III (Fig. 1b) (Tokarev et al, 2005). Each can be quite well approximated
using eq. (3) with three fitting coefficients presented in Table 1, so that, the standard deviation SD is less than
0.33. Another example is given in (Simonova et al, 2009) for SWS-8L (composite Ca(NO3)2/silica).
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Fig. 1. Temperature-invariant curves of water sorption on silica gel Fuji RD (a) and composite SWS-1L (b).
Symbols – experimental data, lines – approximation by eq. (3).

Thus, for tabulating the equilibrium data for various “adsoptive – adsorbent” pair, right analytical equation
with minimal number of fitting coefficients can be easily chosen. The Polanyi invariance principle gives a
valuable simplification due to using just one argument, ΔF, instead of the common two, P and T. Application
of this principle allows realization of convenient and fast evaluation of adsorbents promising for particular
non-regenerative AHT cycle (Chalaev et al, 2006; Gordeeva et al, 2007).
Table 1. Coefficients a, b and c providing the best fit of the two segments of the temperature-independent
curve of water adsorption on CaCaCl2/silica (Fig. 1b).
Part

w, g/g

∆F, kJ/mol

a

-b, x104

c, x109

SD

I

0.75 – 0.21

2.5 – 5.1

2.83378

3.0133

7.46702

0.33

II

0.21 – 0.105

5.1 – 11.0

5.80313

11.90

69.9054

0.18

The isosteric heat of adsorption Qis(w) as a function of the uptake w is another important thermodynamic
value to be tabulated as it is used in energy balance equations for assessing the COP. It can be calculated as
Qis(w) = -R[dln(P)/d(1/T)]w .
(4)
Integration of this equation between the equilibrium pressures and temperatures P1, P2 and T1, T2 gives:
Qis(w) = RT1T2 ln(P2/P1)/(T2 – T1). The common method of calculating Qis(w) from a series of adsorption
isobars (isotherms) measured at different pressures (temperatures) is to plot ln(P) for a given w as a function
of 1/T. By applying eq. (4) at different values of w, it is easy to determine the function Qis(w). Since such
graphical construction of isosters ln(P) vs 1/T is not very precise, more preferable is their direct measurement
by an isosteric sorption technique (Buelow et al, 2002; Rouquerol et al, 1972). Applications of this technique
to AHT working pairs are reported in (Sharonov et al, 2006; Gordeeva et al, 2008; Simonova et al, 2009).
This procedure is very sensitive to any error in the measurement of the equilibrium pressure that can lead to
inaccuracies in the isosteric values at low pressures or low surface coverage (Rouquerol et al. 1972). At high
pressures the effect of the dead volume of the measuring cell has to be taken into account to avoid underestimation of both isosteric heat and isosteric entropy (Tokarev et al, 2009). Such corrected isosters of ammonia
sorption on composite CaCl2/ACF_fiber are presented on Fig. 2. Successful application of other methods of
measuring the value of Qis - gas adsorption calorimerty, immersion calorimetry and chromatography – is also
dependent on a number of requirements, so that this value has to be carefully inspected before tabulation.

Fig. 2. Corrected isosters of ammonia sorption at various uptakes:
- 4.7 wt.%,
- 9.7 wt.%,
wt.%,
- 18.7 wt.%,
- 23.3 wt.%, - 28.3 wt.%, - 33.4 wt.% (Tokarev et al, 2009).

- 14.1

Another thermodynamic function necessary for AHT analysis and modeling is a specific heat of adsorbent
Cp(w, T) at various adsorbate uptakes w and temperatures T. To the best of our knowledge, only a few reli-

able experimental data on Cp(w, T) of AHT adsorbents are available so far, namely, for SWS-1L (Aristov et
al, 1997) and zeolite 4A (Cacciola et al, 1998). Both were measured calorimetrically at fixed w by a tight
closing of measuring pan to avoid water evaporation as described in (Aristov et al, 1997). For SWS-1L, the
efficient value of Cp can be represented as (1-x) Cp(dry adsorbent) + x Cp(adsorbed water), where x is a
weight fraction of adsorbed water. The specific heat of water in the adsorbed state Cp(adsorbed water) ≈ 3.8
J/(mol K) appeared to be close to that of liquid water. Although theoretical methods for calculating
Cp(adsorbed water) are under development (Chakraborty et al, 2009), its experimental measuring is still the
only reliable way to obtain and tabulate the specific heat data.
Dynamic data. For common dynamic simulation of AHT cycle, three main functions have to be determined,
specifically, the efficient diffusivity Def(q, T), coefficient of heat transfer between the adsorbent and the HE
wall h(P, T), and thermal conductivity λ(P, T, q) of adsorbent grain (layer). Methods for measuring these
functions as well as theoretical models for their calculation have been considered in (Aristov, 2009a). It was
shown that the separate consideration of adsorbent and HE, acceptable for estimating thermodynamic parameters of AHT cycles, is not inherently consistent for dynamic considerations. In particular, the coefficient
h is not an intrinsic property of the adsorbent. It characterizes a layer configuration and cycle boundary conditions as well. A few reliable data on Def, h and λ are available in literature and their determination is extremely complex and time consuming (Aristov, 2009a). Moreover, these functions measured under quasiequilibrium and real conditions of AHT cycle may significantly differ (Okunev et al, 2008). To avoid these
severe complications, a new approach has recently been suggested which offers more generalized consideration of coupled heat and mass transfer in the system “adsorbent - heat exchanger” (Aristov et al, 2008).
Alternative approach to the dynamic characterization of AHT cycle is based on the idea that it is obligatory
to take into account the adsorbent and heat exchanger as an integrated unit and tabulate dynamic properties
of this unit measured at real operating conditions. This method allows the measurement of adsorption dynamics under conditions which closely imitate isobaric stages of real AHTs as described in (Aristov et al,
2008). The driving force for de/adsorption is a large jump (drop) of temperature of a metal support as it takes
place in real AHT. The tested adsorbent is located on this support. The method was called a Large Temperature Jump (LTJ) method (Aristov, 2009a). Right away many questions arise which we start discussing here.
What cycles and boundary conditions should be considered as benchmarks? It is worthy to begin with a basic
3T cycle. No regeneration is assumed within this cycle. For 3T cycles, each set of boundary conditions can be
designated as (Te, Tc, THS), where Te, Tc and THS are the evaporation, condensation and heating temperatures
(here we follow the nomenclature of (Pons et al, 1999)). Coming after this key review, we select four typical
adsorptive applications, such as air-conditioning, ice making, heat pumping 1, and heat pumping 2. For each
of these applications, two cases were suggested for the external cooling: for water-cooled units Tc = 40oC and
for air-cooled units Tc = 50oC (or 55oC for heat pumping). The regeneration temperature THS can be chosen as
THS = 80 and 100oC keeping in mind utilization of low temperature heat. This results in four sets (Te, Tc, THS)
for each application, means, totally 16 sets. As a next step, other applications (boundary conditions) may be
chosen. First examples of such systematic study are presented in this conference (Glaznev and Aristov, 2009;
Gordeeva and Aristov, 2009).
Which configurations of the adsorbent – heat exchanger (A-HE) unit should be selected as reference configurations? The simplest, but practicable, configuration is one layer of grains loose-lying on a metal support.
Other realistic configurations are two, three and so forth layers of loose grains as tested in (Glaznev and Aristov, 2009) for loose grains of silica Fuji RD. Then, configurations of adsorbent grains consolidated to each
other or/and to a metal support by a binder should be considered at fixed binder nature and content. As the
number of possible configuration is rather large, just few reference configurations that reflect practically important cases should be promptly chosen for reasonable comparison of various working pairs.
Which dynamic properties of the A-HE unit should be measured and tabulated? Isobaric stages of AHT cycle
determine its dynamic behavior. The uptake evolution w(t) which is caused by a flash jump (drop) of the
metal support temperature uniquely characterizes the dynamics of isobaric stages for given A-HE configuration and boundary conditions set. This function automatically takes into account all peculiarities of adsorption
kinetics, heat and mass transfer in the A-HE system. Thus, the advantage of the integrated approach is the
lack of necessity of performing complicated and time-consuming measurements of the dynamic parameters

listed above. Moreover, if this function is determined, no sophisticated modelling is needed any more for analyzing dynamics of AHT units.
How this dynamic function can be measured? One of the ways to measure the function w(t) is given by the
mentioned LTJ method. At each set of boundary conditions, the experimental function w(t) can be approximated analytically, and appropriate fitting parameters can be tabulated in the database. The first measurement
for Fuji silica RD, FAM-Z02 and SWS-1L showed that for the simplest configuration “a monolayer of loose
grains” w(t) is near-exponential (Fig. 3) and can be described by a single characteristic time (Aristov, 2008;
Glaznev et al, 2008; Gordeeva and Aristov, 2009) that greatly simplifies the analysis.

Fig. 3. Kinetics curves of water sorption initiated by temperature drop 60=>35ºC for SWS-1L ({), Fuji type
RD () and FAM-Z02 (U). P0(H2O) = 10.3 mbar, grains 0.8-0.9 mm. Lines are exponential approximations.
This approach can be generalized to any given configuration of the A-HE system. Indeed, if the uptake w(t)
has been directly measured for the particular configuration (or for representative piece of this configuration),
then, the adsorption rate dw/dt can be obtained by a numerical differentiation of the experimental function
w(t) and can be immediately used for evaluating dynamic parameters and COP of the unit instead of numerical solving of complex system of coupled differential equations. The representative piece of a particular AHE can be, for instance, a single adsorber module. One way to measure the uptake directly during real AHT
operation is to control the amount of working fluid in the evaporator (condenser) or its flux to the adsorber.
Which pairs “adsorbtive - adsorbent” should be selected for this database? The common (“old”) working
pairs promising for AHT applications were enumerated in (Pons et al, 1999). These are “H2O - zeolite 4A”,
“H2O - zeolite NaX”, “methanol - active carbon” and “NH3 - active carbon”. The type of the carbon has to be
specified. In addition, “H2O – silica Fuji RD” has to be carefully characterized and tabulated together with
several “new” pairs recently invented and studied for AHT application: “water - FAM-Z01, FAM-Z02, SWS1L, SWS-2L”, “methanol – ACF, SWS-3L”, “ethanol – ACF, SWS-4L”, “NH3 - Busofit”, and “NH3 - ACF”.
This tentative list is of course a subject for further consideration and extension.
Conclusions. Construction of database of thermodynamic adsorption properties and appropriate experimental
methods are based on classical equilibrium approaches and are clearly indentified. Up-to-date task is a systematic measuring of the mentioned characteristics of selected adsorptive – adsorbent pairs in different laboratories under equal conditions to make their careful comparison, check conformity and estimate experimental errors. This needs co-operation and co-ordination of many specialists within international research programs. Structure of the database of dynamic information needs, in our opinion, advanced methodology as the
existing approach based on separate determination of heat and mass transfer parameters (D, h and λ) is inherently inconsistent. New LTJ method can be assumed as a basis for future methodology, which considers the
adsorbent and the heat exchanger as an integrated unit. Most of the characterization methods, both thermodynamic and kinetic, discussed in this paper are available in the Boreskov Institute of Catalysis (Russia).
Acknowledgments. The author thanks the Russian Foundation for Basic Researches (grants 08-08-00808 and
09-08-92604) for partial financial support, Dr. I.S. Glaznev and D.S. Ovoschnikov for kinetic measurements.
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Abstract
In recent years, Ng et al. [1] have developed and experimented on the use of cost-effective
and environmental friendly adsorption cycle for desalination (AD) that requires only lowtemperature waste heat to operate. Such waste heat is available in abundance from the
exhaust of industrial processes, micro-turbines of co-generation plants, and renewable
sources. Being waste heat-driven, useful effects are generated by the AD cycle with no
additional burning of fuels and thus, mitigating the effects of global warming. The AD cycle
has no major moving parts and it has low corrosion and fouling rates on the evaporator tubes
as the saline solution evaporates at near ambient temperature as opposed to the conventional
desalination systems. In addition to water production, the AD cycle offers cooling effect from
the single energy input. The present paper describes the modeling and numerical simulation
of the performance of an advanced adsorption desalination and cooling (AADC) cycle with
internal heat recovery between the condenser and the evaporator. The heat recovery scheme
enhances the water production by as much as twice the conventional rates while producing
useful cooling energy.
Introduction
The search for “fresh water” to quench global thirst has been a pressing concern throughout
many regions of the world. Yearly rainfall, which is Earth’s main fresh water supply, has
been mal-distributed by environmental issues such as global warming, pollution of air and
land, and emission of green house gases. Moreover, demand for potable water has increased
significantly by the increase in the world’s population and the rapid economic developments
and hitherto, innovative and energy efficient desalination methods seem to be a practical
solution. There are many desalination processes such as multi-stage flashing (MSF), multiple
effect distillation (MED), solar distillation, vapor compression, electro-dialysis and reverse
osmosis [2-6]. All the desalination systems suffer from low energy efficiency and/or prone to
fouling and corrosion to the evaporation or separation unit of the sea water [7]. Adsorption
desalination cycle that is recently developed by Ng et al [1] is aimed to mitigate the
shortcomings of the conventional desalination methods.
Based on the work of Ng et al [1], this paper presents the modeling and numerical simulation
of the performance of an advanced adsorption desalination and cooling (AADC) cycle. In this
innovative AADC cycle, potable water is produced in the condenser and the condensation

heat is recovered for the evaporation of the sea water in the evaporator which delivers
effective cooling energy.
Description of the cycle
Figure 1 shows the schematic diagram of the advanced adsorption desalination and cooling
(AADC) cycle, which produces cooling power and potable water incorporating the heat
recovery from the condenser to the evaporator. The AADC cycle utilizes the “adsorptiontriggered-evaporation” and “desorption-resulted-condensation” processes to produce cooling
energy in the evaporator, and potable water at the condenser. The AADC cycle comprises an
evaporator, a condenser and two pairs of adsorber/desorber heat exchanger beds.
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Figure 1 – Schematic diagram of the AADC cycle that produces cooling and
potable water utilizing waste heat

Sea water is pre-treated by the pre-treatment system which includes the deaeration and the
macro-scale filtration of the sea water. The pre-treated sea water is fed into evaporator that is
made of stainless steel to avoid any corrosion. Evaporation occurs in the evaporator and the
water vapor is being adsorbed by the adsorbent packed in the reactor bed which is in
adsorption mode. Type-RD silica gel which has a surface area of above 700 m2/g is employed
as adsorbent material [7]. Adsorption heat is removed by cooling water. The evaporationadsorption process undergoes until the adsorbent beds at adsorption operation reach at or near
to equilibrium condition. Hot water that is extracted from waste heat of temperature below

85oC is used to expel the water vapors from the saturated reactor bed which is now in
connection with the water-cooled condenser where the water vapors condensed. Fresh water
is collected from the condenser using a pump.
In the AADC cycle, two plate heat exchangers are installed on the condenser-evaporator heat
recovery loop before and after the condenser as shown in Fig. 1. Cooling power is extracted
from the chilled water outlet of the evaporator through the plate heat exchanger I before it
enters the condenser. Plate heat exchanger II is used to control the amount recovery of
condensation energy for the evaporation and the required temperature of the chilled water.
The excess energy from the evaporator is rejected to the cooling water through the heat
exchanger II.
Performance modeling of the AADC cycle
The uptake of water vapor by the silica gel can be accurately predicted using Tóth isotherm
equation which is given as [7]
q* =

K 0 ⋅ exp{Δ ads H (R⋅ T )} ⋅ p
t
1 + {K 0 qm ⋅ exp(Δ ads H ( R⋅ T ) ) ⋅ P}

[

]

1t

(1)

here qm is denotes the monolayer capacity, Δ ads H is the enthalpy of adsorption, R is the gas
constant, T is the adsorption temperature in Kelvin, K0 is the pre-exponential constant and t
stands for the dimensionless Tóth constant.
The transient uptake of water vapor by the assorted adsorbent (silica gel) at specific
temperature and pressure is given by the following kinetic equation.

⎛ − Ea ⎞
15 Ds 0 exp⎜
⎟
dq
RT ⎠ ∗
⎝
=
q −q ,
2
dt
Rp

(

)

(2)

where Ds0 is the kinetic constant for the silica gel water system, Ea is the activation energy, Rp
is the particle radius and q denotes the instantaneous uptake.
The energy balance of the adsorber bed when connect to the evaporator can be written as;
capacity
64effective
44
4mass
74
444
8
(M abec p,abe + M HX c p,HX ) dTbed ,ads = m& cwC p,cw (Tbed ,ads )⋅ (Tcw,in − Tcw,out ) +
dt
dq
M abe bed ,ads ΔH ads
dt

(3)

Here, M abe is the mass of adsorbent and ΔH ads is the isosteric heat of adsorption. The
temperature of the outlet water from the adsorber is calculated as:

⎛ − U bed ,ads Abed ⎞
⎟
Tcw,out = Tbed ,ads + (Tcw,in − Tbed ,ads )exp⎜
⎟
⎜ m& c (T
)
⎝ cw p bed ,ads ⎠

(4)

Similarly, the energy balance and the outlet temperature of the hot water for the desorber
which is in connection with the condenser is written as:

capacity
64effective
44
4mass
74
444
8
(M abec p,abe + M HX c p,HX ) dTbed ,des = m& hwC p,hw (Tbed ,des )⋅ (Thw,in − Thw,out ) −
dt
dq
M abe bed ,des ΔH ads
dt

(5)
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The energy balance of the evaporator and the condenser are written as:

[c (T )M
m& c (T )(T
p, f

evap

evap p

seawater ,evap

evap

[c (T )M
p, f

cond

chilled ,in

cond

+ c p ,evap M evap

evap

= − M abe

dqbed ,ads
h fg −
dt

(7)

− Tchilled ,out ) + M& feed c p , feed T feed

+ c p ,cond M cond

m& cond c p (Tcond )(Tcond ,in

] dTdt

] dTdt

cond

= M abe

dqbed ,des
h fg +
dt

(8)

− Tcond ,out ) − M& fresh c pT fresh

where M& feed and M& fresh are the flow rates of the feed water to the evaporator and fresh water
collected from the condenser.
The outlet water temperatures of the evaporator and condenser are estimated as:

⎛ − U evap Aevap ⎞
⎟
Tchilled ,out = Tevap + (Tchilled ,in − Tevaps )exp⎜
⎜ m&
⎟
(
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c
T
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(9)

⎛ − U cond Acond ⎞
⎟
Tcond ,out = Tcond + (Tcond ,in − Tcond )exp⎜
⎜ m& c (T ) ⎟
⎝ cond p cond ⎠
The outlet water temperatures for the counter flow plate heat exchanger I and II are given as:

⎞
⎛ 1 − eD
⎟
Th,out = Th ,in − (Th,in − Tc ,in )⎜⎜
D ⎟
⎝ Wh / Wc − e ⎠

(10)

⎛ 1
1 ⎞
⎟⎟
D = UA⎜⎜
−
⎝ Wh Wc ⎠

(11)

W = m& c p

(12)

The energy required Qdes to remove water vapor from silica gels of the sorption element(s)
can be calculated by using the inlet (Thw,in ) and outlet (Thw,out ) temperatures of the heat source,
and this can be written as:
Qdes = m& hw c p ,hw (Thw,in − Thw,out )

(13)

where m& hw indicates the mass flow rate and c p ,hw defines the specific heat capacity of heating
fluid. On the other hand, the energy rejected Qads to adsorb water vapor into silica gel is
estimated by measuring inlet (Tcw,in ) and outlet (Tcw,out ) temperatures of cooling fluid and can
be written as:
Qads = m& cw c p ,cw (Tcw,out − Tcw,in )

(14)

where m& cw and c p ,cw indicate the mass flow rate and the specific heat capacity of cooling
fluid. The heat of evaporation Qevap and the condensation energy

Qcond rejected at the

condenser are given by:
Qevap = m& evap c p ,evap (Tevap ,in − Tevap ,out )

(15)

Qcond = m& cond c p ,cond (Tcond ,out − Tcond ,in )

(16)

The performance of the AADC cycle can be expressed in terms of specific daily water
production (SDWP), performance ratio (PR), specific cooling power (SCP), coefficient of
performance (COP) and the overall conversion ratio (OCR) and these are difined,
respectively, as:
tcycle

SDWP = N

∫
0

PR =

Qcond
dt
h fg (Tcond ) M abe

m& fresh h fg (Tcond )
Qdes

(17)

(18)

tcycle

SCP = N

∫
0

COP =

OCR =

Qevap
M abe

dt

(19)

Qcooling

(20)

Qdes
Qcooling + Qcond

(21)

Qdes

Qcooling = m& chilled c p (Tchilled ,in − Tchilled ,out )

(22)

where m& chilled is the mass flow rate of the chilled water through the plate heat exchanger I
from which the cooling power is extracted. The set of performance equations are solved using
the IMSL routine of the Fortran program using the Gear's BDF method. Table 1 lists the
parameters used in the simulation program.
Table 1. Parameters used in the simulation
Parameter
Value
Mass of silica gel (kg)
144
Number of reactor bed
4
Operation mode
2-bed
Abed (m2)
2

41.7

Aevap (m )
Acond (m2)
Ubed,ads (W/m2.K)
Ubed,des (W/m2K)

2.5
2.5
450
450

Uevap (W/m2K)
Ucond (W/m2K)
Thw,in (oC)
Tcw,in (oC)
tcycle (s)

1800
2000
85
30
360

tswitching (s)

20

Results and Discussion
Figure 2 gives the temporal temperature profiles of the adsorber, desorber, the evaporator and
the condenser of the AADC cycle.

Figure 2 - Temporal temperature profiles of the
advanced AD cycle

Figure 3 – Water production rate of the advanced
AD cycle

The transient water production rate of the AADC cycle is shown in Fig. 3. It is found that the
AADC cycle is capable of producing potable water at 13.2 liters per minutes which is
equivalent to SDWP of 14 m3 of potable water per tonne of silica gel per day at the heat
source temperature of 85oC.
The temperature of the chilled water extracted from the AADC cycle is given in Fig. 4. In
this operation, the primary objective of the AADC cycle is desalination whereas the chilled
water can be used for district cooling such as process cooling.
The temporal cooling capacity of the AADC cycle is shown in Fig. 5. Figure 6 shows the
SDWP and the SCP of the AADC cycle for different cycle times at hot water temperature
85°C. The optimum SDWP and SCP exist at 360s half cycle time.
Figure 7 shows the coefficient of performance for cooling, performance ratio for desalination
and overall conversion ratio of the waste heat input to the useful effects. It is found that the
AADC cycle is capable of converting up to 90% energy input to useful cooling and potable
water.

Figure 4 – Chilled water temperature
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Figure 6 – SDWP and SCP of the advance AD
cycle at different cycle times
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Figure 5 – Cooling capacity of the advanced AD cycle
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Figure 7 – Coefficient of performance, performance ratio and
the overall conversion ratio of the advanced AD cycle

Conclusions
The performance of an advanced adsorption desalination and cooling cycle has been analyzed
numerically. It is found that the innovative AADC cycle is capable of producing up to 14 m3
of potable water and 21 Rton of cooling energy per tonne of silica gel. The overall conversion
ratio of the AADC cycle is found to be as high as 0.9.

Nomenclature
M abe mass of adsorbent (silica gel)

kg

h fg

latent heat of vaporization

J/kg

m&

mass flow rate

kg/s

M HX

mass of heat exchanger material

kg

τ

no of operating cycle/day

-

Q

power

W

cp

specific heat capacity

J/kg K

A
P
T
t

area
pressure
temperature
time

m2
Pa
ºC
s

cycle time
overall heat transfer coefficient

tcycle
U

s
W/m2.K

Subscripts
ads
chilled
cond
cw
des
evap
hw
in
out

adsorption
chilled water
condenser
cold water
desorption
evaporator
hot water
inlet
outlet
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ABSTRACT
The aim of this research is to numerically and experimentally scrutinise the thermal performance of a
typical heat exchanger fitted in a domestic condensing boiler. The optimisation process considered the
pins geometry (circular pins and elliptical pins), pin lateral spacing, pitch distance and the pressure drop
across the heat chamber. Computational Fluid Dynamics (CFD) is used to scrutinise the thermal
performance of each model. In total, 13 circular pin models were investigated. All models shared similar
boundary conditions and maintained the same pin height of 35 mm and pin diameter of 8 mm. The results
showed that at a given flow rate, the total heat transfer rate is more sensitive to a change in the pins
spacing rather than a change of the pins pitch. The results also showed that optimum spacing of circular
pins can increase the heat transfer rate by up to 10%. The study also focused on investigating the thermal
performance of elliptical pins. Four elliptical pin setups were created to study the thermal performance
and the air flow properties. In comparison with circular pins, the simulation results showed that the
optimum use of eccentricity of elliptical pins could increase the thermal performance by up to 23% and
reduce the pressure drop by 55%.
To validate the acquired CFD results, a Thermal Wind Tunnel (TWT) was utilised. The experimental
results showed that the numerical simulation under predicted the circular pin model core temperatures,
but over predicted the elliptical model core temperatures. Both numerical and experimental results
showed that elliptical models performed better compared to its circular pins counter parts.
INTRODUCTION
There is a growing demand to manufacture high performance smaller sized heat exchangers. A typical
high efficiency condensing boiler burns hydrocarbons inside a heat chamber surrounded by a water jacket.
As depicted in Figure 1, the heat chamber usually contains large quantities of pins to increase the surface
area for heat exchanging process. Waterways externally encase the heat chamber to pick up the generated
heat and transfer it to the water side. Studies have been carried out over the past decades to enhance the
thermal performance of compact size heat exchangers. CFD presents a vital tool when optimising the pins
configuration inside the heat exchanger within rigid design constrains.

Hot gas inlet
Water outlet

Generic
model

Hot gas outlet

Water inlet

Figure 1: Section view of the whole heat exchanger

PREVIOUS RELATED WORK
Research has been carried out to investigate the efficient pins geometry for each individual heating
application. The common pins geometry used in the heating industry ranges from convectional circular
pins to hexagonal pins. This research conducted a thorough review on different pins geometries. Behnia et
al. [1] used computational fluid dynamics software to analyse the thermal performance of circular, square,
elliptical and parallel plate fins heat sinks. The authors also used both inline and staggered arrays on each
geometry studied. All geometries in the study were compared based on air velocity between 0.5 to 5 m/s
and equal wetted area of the fins per unit base area. The authors concluded that at a given pressure drop,
the staggered plate and staggered elliptical heat sink performed better than other geometries. The authors
also concluded that at lower values of pressure drop and pumping power, elliptical fins work best.
Christopher et al. [2] used an experimental approach to study elliptical pins, cross cut pins and straight
fins. The authors conducted a series of tests on different air velocities ranging from 0.5 m/s to 1 m/s in a
wind tunnel. Their report showed that the heat transfer on elliptical pins is much better than cross cut pins
and straight fins. In open or confined flow, straight fin showed less effect on the pressure drop.
Kyoungwoo et al. [3] studied the flow and heat transfer of staggered cone shape pins geometry (spacing
and pitch) and its shape (upper and lower diameter of the cone pin) in two-dimensional form. The flow
and thermal characteristics of the reference staggered cone pins were first analysed using Finite Volume
Method (FVM). Later, a Sequential Linear Programming (SLP) algorithm method was used to optimise
the design. They concluded that the most dominant factor for pressure drop and heat transfer rate is the
lower diameter of the cone pin and the pins' spacing. The research work showed that increasing the pins'
spacing is more efficient than altering the pins pitch distance. The authors also concluded that the total
heat transfer is more sensitive on the change of the heat exchanger area than the temperature gradient.
Similar study, but in three-dimensional form was found using four dimensionless geometric parameters to
study cone pins in a fixed channel by Lee et al. [4]. Four dimensionless geometric parameters of the pins
were selected as an important design variables in the study, namely the pins' spacing (L), pin volume (V),
the angle () and pitch distance (G). The authors affirmed that when increasing the cone spacing, the heat
transfer rate increases and the pressure drop reduces. The study also showed that changing pitch distance
does not give any significant improvements on heat transfer and pressure drop because most of the flow
passes through both sides of the channel as in the case of small pins' spacing. The authors also carried out
an optimisation process to minimise a global objective function consisting of the correlation between the
Nusselt number and the friction factor. The authors concluded that the optimum geometric parameters
obtained can be applied to Reynolds number ranging between 500 and 1500. The most influencing
parameters to the thermal and flow performance in the highest sensitivity order is pins' spacing, volume,
cone angle and pitch distance. Rocha et al. [5] analysed the heat transfer performance of one and two
rows of circular and elliptical tubes. Throughout their studies, elliptical configuration showed better
efficiency than a circular counterpart. The maximum relative efficiency gain on elliptical tube was 18%
on eccentricity of 0.5. A further study from Matos et al. [6] was found, which used numerical approach to
investigate a two-dimensional heat transfer performance of circular and elliptic tube heat exchangers. The
studyusedFiniteElementMethod(FEM)todefinethemodel’sfluidflowandheattransfer.Thestudy
focused on the optimal spacing of staggered circular and elliptical tubes in a fixed volume. The circular
and elliptical arrangements with the same flow obstruction cross-sectional area were compared. They
concluded that elliptical arrangement heat transfer was about 13% more than the circular counter parts.
The authors also stated that the flatter the ellipses are, the higher the overall heat transfer will be.
DESIGN PARAMETER
A benchmark model was taken from a commercial heat exchanger to study the performance and the
geometrical sensitivity of circular and elliptical pins. The pin lateral spacing and pitch distance of the
benchmark model is 11 mm and 9.5 mm as shown in Table 1. As illustrated in Figure 2, pin pitch is
defined as the distance between two consecutive rows and pin lateral spacing is defined as the distance
between two pins. All generic models were created and solved using the commercial CFD code, FLUENT
version 6.2 and its pre-processor Gambit version 2.0. As shown in Figure 3, a computational domain of
146 mm x 84mm x 115 mm was created. A 50 mm long channel was created upstream and downstream
of the pins to facilitate flow development and aid the thermal flow performance and analysis.

Table 1: Baseline model geometry parameters

Model geometry
Pin spacing
Pin pitch
Pin diameter
Pin height
Plate length
Plate width
Plate thickness
Hot air channel height
Water channel height

Dimensions
11.00 mm
9.50 mm
8.00 mm
45.00 mm
46.00 mm
84.00 mm
5.00 mm
90.00 mm
20.00 mm
46 mm

50 mm

Spacing
84 mm

Hot air inlet

Pitch

Hot air outlet
90 mm

115 mm
45 mm

Circular pins
20 mm
Water inlet
Water outlet

Figure 2: Pin lateral spacing and pitch distance
Figure 3: Benchmark model
Based on the benchmark model, a further 12 models with different pin pitch or pin spacing were created.
Table 2 shows the spacing and pitch distance of each investigated model. The first eight models have
eight different spacing but maintained the same pitch as the benchmark model. The rest of the models
have four different pitch distances and maintain the pins spacing at 11 mm. The purpose of this
arrangement is to distinguish the sensitivity of these two factors. All geometries are created using CFD
code, FLUENT pre-processor software called Gambit version 2.0.
Table 2: Design models parameters

Model
S09.5
S12.5
S14.0
S15.5
S17.0
S18.5
S20.0
S21.5
P06.5
P08.0
P11.0
P12.5

Pin spacing (mm) Pin pitch (mm)
9.5
9.5
12.5
9.5
14
9.5
15.5
9.5
17
9.5
18.5
9.5
20
9.5
21.5
9.5
11
6.5
11
8
11
11
11
12.5

In order to compare the heat transfer and flow performance of elliptical pins with circular pins, both
models must have equal wetted surface area. The ellipse cross section is measured according to its major
and minor axis as illustrates in Figure 4. The eccentricity equation can be written as follow:

e  1

b2
a2

[1]

Where,
e – eccentricity, b – half of minor axis and a – half of major axis

Major axis

Minor axis

b
a

Figure 4: Ellipse and it mathematical properties.
Based on Equation 1, four eccentricities were selected for this research. The selected eccentricities are
shown in Table 3.
Table 3: Elliptical models
Model Name Major axis (a) mm Minor axis (b) mm
Ellip(5.5, 2.9)
5.54
2.89
Ellip(6.4, 2.5)
6.40
2.50
Ellip(8.0, 2.0)
8.00
2.00
Ellip(10,1.6)
10.00
1.60

Eccentricity (e) Area mm²
0.85
50.27
0.92
50.27
0.97
50.27
0.99
50.27

GRID VALIDATION AND CFD MODELING
The aim of CFD modelling is to obtain acceptable results while minimising the requirement of
computational power. The computational mesh is generated using triangular mesh elements. On a coarse
mesh, all models were meshed between 277,000 and 300,000 finite volumes. In addition, the grid was
refined and enriched using hp- methods [7]. This process of mesh adaption requires a decision as to the
usage of h – refinement (the mesh size) or p – enrichments (higher order approximations) by the use of a
posteriori error estimate. Details of this method can be found in reference [7]. The initial mesh was
evaluated and subsequent refinements were evaluated until the deviation drop to 2-3%. The average
skewness of each model is 0.325. On all simulations, the following assumptions have been made:
1. Fully develop three-dimensional steady state flow.
2. Walls and pins surfaces are smooth surfaces.
3. The flow is fully developed in both gas and water channels.
4. No structure transformation or phase changing.
In the numerical study aluminium was selected as the pin material due to the fact that it has been widely
used in the manufacture of commercial heat exchangers. The hot air inlet temperature is 473 K, moving at
4m/s. The water mass flow rate and temperature is 8.31  10-3 kg/s and 290 K, respectively.
Results and analysis
Thermal performance
Table 4 summarised the total energy transfer through the water, which increases gradually as the pins'
spacing increase until spacing reaches 20 mm. Energy transfer started to decrease after increasing the
pins' spacing by 20 mm. It can be seen on Figure 5, flow has been redirected to both sides and the top of
the channel thus leaving lower air velocity around the central pins. This effect is due to the smaller
spacing on the benchmark model. Hot air is prevented from flowing through the pins. Hence, hot air has
been re-directed to both sides of the channel. When increasing the pins' spacing as shown in Figure 6,
flows are able to penetrate through to the middle pins and therefore energy transfer rate increases as
recordedinsimulationresults.Fourier’sLawstatedthattheheattransferisdirectlyproportionaltothe

surface area. Due to less hot air being in contact with the pins, the benchmark model is cooler than the
rest of the models. When pin spacing increased over the limits, hot air started to accelerate through the
spacing. Therefore, CFD simulation results show that model S21.5 hot air outlet temperature is 4 C more
than model S18.5. Although the table shows that model S20.0 has a higher energy transfer rate than
model S18.5, the measured gas outlet temperature is 1.2 C more than the optimum spacing model S18.5.
Table 4: Total energy transfer of each circular model
Model Name Spacing Pitch Water Outlet Temperature Total Energy Transfer
(mm) (mm)
(K)
(W)
S09.5
9.5
9.5
296.3
201.0
Benchmark
11
9.5
296.7
216.9
S12.5
12.5
9.5
296.9
222.5
S14.0
14
9.5
297.1
228.6
S15.5
15.5
9.5
297.2
234.2
S17.0
17
9.5
297.3
236.2
S18.5
18.5
9.5
297.4
240.2
S20.0
20
9.5
297.4
241.5
S21.5
21.5
9.5
297.4
239.1
P06.5
11
6.5
296.1
195.3
P08.0
11
8
296.6
212.3
P11.0
11
11
296.8
217.3
P12.5
11
12.5
296.8
218.9
Disturbed
flow

Flow
separations

Flow
separations

Figure 5: Benchmark model's velocity vectors
Figure 6: Model S18.5 velocity vectors
Changing the pitch distance does not increase the thermal performance extensively. Spacing of the pins is
crucial for the flow to penetrate through from one row to another irrespective of the pitch distance. Unless
an optimum spacing is selected, otherwise, changing pitch distance can only marginally improve the heat
transfer on a heat exchanger.
Table 5: Elliptical pins energy transfer
Model Name Major Axis Minor Axis Water Outlet Temperature Total Energy Transfer
(a) (mm) (b) (mm)
(K)
(W)
Ellip(5.5, 2.9)
5.54
2.89
298.4
275.2
Ellip(6.4, 2.5)
6.4
2.5
298.6
280.0
Ellip(8.0, 2.0)
8
2
298.7
285.6
Ellip(10,1.6)
10
1.6
299.0
295.8
Table 5 was generated to show the total energy transfer of each elliptical model. The table shows that the
flatter the ellipses are the higher the total heat transfer will be. Study shows that the Ellip(6.4, 2.5) gained

extras 17% in total energy transfer and Ellip(10.0, 1.6) gained up to 23 % in total energy transfer in
comparison with model S18.5. Elliptical pins outperform circular pins because the tendency of flow
separation on elliptical pins is lower than circular pins. Fluids tend to leave the boundary whenever the
streamlines are divergent and this is known as flow separation. It can be seen on Figure 7, Ellip(5.5, 2.9)
model is slightly thinner than the circular pins. Therefore the flow separation occurred near to the end of
the pins instead of the middle as on circular pins. When thinner elliptical pins were used, fluid has more
surface contact area and thus heat transfer rate increases.

Figure 7: Velocity flow vectors of Ellip(5.5, 2.9)
PRESSURE DIFFERENCE
Pressure differences across each group of pins have been documented in Table 6. Two points measured
25 mm from the channel inlet and outlet faces were selected to calculate the pressure drop of each model.
Table 6: Pressure difference at hot air channel (circular pins)
Model Name
Upstream Pressure
Downstream Pressure
Pressure Loss
(Pa)
(Pa)
(Pa)
S09.5
16.3
-2.6
18.9
Benchmark
17.4
-2.5
19.9
S12.5
18.3
-0.8
19.1
S14.0
18.9
0.3
18.6
S15.5
19.1
1.2
17.9
S17.0
19.5
1.7
17.8
S18.5
19.7
2.3
17.4
S20.0
20.1
3.0
17.1
S21.5
20.7
4.0
16.6
P06.5
17.3
-3.1
20.3
P08.0
17.1
-3.1
20.2
P11.0
17.6
-2.2
19.8
P12.5
17.7
-2.1
19.8
At a given flow rate, small pin spacing restricted the air flowing through. Thus air flow path is redirected
to the sides of the channel. Figure 8 shows the pressure contours around the pins. It can be seen in the
figure that the pressure difference between the upstream (18.3 Pa) and the downstream (-2.5 Pa) is
relatively large. Highly packed pins restricted the air flow through, therefore a high pressure area
occurred at the upstream of the channel. Larger pins' spacing permits more air flow to flow through and
therefore, the pressure losses across those pins are smaller as shown in Table 6.

-2.5 Pa

1.6 Pa

19.6 Pa

18.3 Pa

Figure 8: Pressure contours on benchmark model
Simulation results on Table 7 shows that the elliptical models have less pressure drop than the circular pin
models. The highest pressure difference occurred on elliptical model is Ellip(5.5, 2.9) because it has the
largest minor axis of 2.9 mm. Due to the streamline shape, thinner elliptical pins generate less flow
separation at the downstream of the channel as depicted in Figure 9.
Table 7: Pressure difference at hot air channel (elliptical pins)
Model Name Upstream Pressure Downstream Pressure Pressure Difference
(Pa)
(Pa)
(Pa)
Ellip(5.5, 2.9)
16.5
4.4
12.1
Ellip(6.4, 2.5)
15.5
5.3
10.2
Ellip(8.0, 2.0)
14.5
6.6
7.9
Ellip(10,1.6)
13.9
7.1
6.8

5.5 Pa
13.2 Pa

16.5 Pa

Figure 9: Pressure contours of Ellip(5.5, 2.9) model

EXPERIMENTAL VALIDATION
An (8 m long  2.8 m height  0.9 m wide) Thermal Wind Tunnel (TWT) was used to carry out
experimental tests on different generic heat exchanger pin configurations in a controlled environment [836]. A total of 16 tubular heating elements were used to raise and maintain the air temperature inside the
wind tunnel. The wind tunnel hot air temperature is maintained at 474 ± 2.4 K, average air velocity is
maintained at 4 ± 0.06 m/s. The water flow rate and the water inlet temperature were uphold at 0.5  0.05
L/min and 295  1.5 K respectively.
Due to high manufacturing costs and time consuming to manufacture all 17 models, only four distinctive
models are selected for experimental testing. The elected models are:
1.
2.
3.
4.

Benchmark model
Model S18.5
Model Ellip(8.0,2.0)
Model Ellip(10,1.6)

All specimens were manufactured using a EOSINT M 270 Direct Metal Laser Sintering (DMLS) machine
and DirectMetal 20 material was used to build all the specimen is. DirectMetal 20 is a mixture of bronze
and nickel powder.
Table 8 summarises the total energy transfer of each model. Based on the experimental results, the
numerical simulation under predicted the Benchmark model's performance by 15 %. The experimental
resultsalsoshowedthatthenumericalsimulationunderpredictedtheS18.5model’sperformanceby4%.
Table 8: Total energy transfer of each model

Benchmark
S18.5
Ellip(8.0,2.0)
Ellip(10,1.6)

Experimental
Total energy transfer (W)
247.9
244.0
263.1
267.1

Numerical
Percentage
Total energy transfer (W) Difference (%)
211.1
15
233.1
4
278.2
-6
287.5
-8

The table also shows that both elliptical models performed better compared to its circular pins counter
parts in both numerical and experimental results. The experimental results showed that the numerical
simulation over predicted the total energy transfer of both elliptical models. In summary, the simulation
under predicted the circular pins but over predicted the elliptical pins. This is due to the default values of
the k –  transport equations employed in the numerical simulation. In the numerical study, the default
values for turbulence viscosity were used. The k –  transport equations constant can be tuned to match
the experimental results.
CONCLUSION
The numerical study found that at a given flow rate, optimum pins configuration is a major factor
affectingtheheatexchanger’sperformance.Thisresearchshowedthatheatexchangeroptimisationcan
be carried out within a fixed volume without physically increasing the heat exchanger’s size. Circular
pins numerical studies concluded that, altering the pins' lateral spacing is more efficient than altering the
pins pitch distance. This research showed that optimising circular pins' spacing can increase the heat
transfer rate up to 10%. It also concluded that changing the circular pins pitch distance should be the last
parameter to consider due to its low effect on the heat transfer rate. This research showed that at a flow
rate of 4 m/s of hot air, the optimum circular pins configuration was 18.5 mm pins' spacing and 9.5 mm in
pitch distance. This configuration provided better heat transfer relative to pressure drop.
The second part of the study focused on different eccentricities of elliptical pins based on the optimum
circular pin's spacing. This research showed that all elliptical models outperformed circular pins models.
This phenomenon was attributed to the low tendency of hot air flow separation and the increased surface

area presented to the flow. Elliptical pins increase the energy transfer up to 23% at a reduced pressure
drop of 55% compared to its circular counter part.
Experimental tests were carried out to validate the obtained numerical results. All specimens were tested
three times to minimise errors and uncertainties. The experimental data showed that the numerical
simulation under predicted the Benchmark model and model S18.5 but over predicted the elliptical
models’wateroutlettemperatures.Thiseffectisduetothedefaultvaluesofthek–  transport equations
used in the numerical study. The experimental study demonstrated that the elliptical pins showed
significant improvements compared to circular pins. This research concluded that elliptical pins have
better thermal performance at a lower pressure drop than the circular pins counter part. It is certain that
the utilisation of elliptical pins could replace the circular pins in the near future.
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Abstract
Miscellaneous thermodynamic and thermo-economic theories are used to analyze distributed trigeneration
systems to reveal the advantages compared with conventional systems. However, these theories cannot
help practical designing, as it is almost impossible to enumerate detailed plans to analyze them all. Thus, a
methodology for distributed trigeneration designing is needful. In this paper, improved Pinch Analysis is
applied. In the winter mode of a trigeneration system, the problems in designing as discontinuous
composite curve, large minimum temperature approach and threshold problem are solved to obtain an
optimized heat exchanger network. As for the summer mode, the placement of heat engine and chillers are
discussed; the availability and feasibility of absorption chiller and electric chiller are compared. Based on
the designing with improved Pinch Analysis, the new trigeneration with a gas engine, exhaust driven
absorption chiller, heat exchangers and vacuum boiler can save 10-30% prime energy consumption, which
substitutes a conventional system with the grids and coal-fueled boilers in an 18-storey hotel and office
building complex.
Introduction
Various criteria of thermodynamics and thermo-economics are frequently used to analyze distributed
trigeneration systems to reveal the advantages compared with the conventional systems. However, if
enumerate all criteria of detailed plans and compare them, the designing process would become
time-consuming and impractical. In recent practical trigeneration designing, experts’ knowledge and
experience are the only asset that designer could rely on. Thus, a methodology for designing is needed.
Pinch Analysis (PA), as an important integrated process technology, is originally used in chemical process
industries and large power plants. This design method is introduced by Bodo Linnhoff in UMIST in 1970s
(B.Linnhoff, 1993; B.Linnhoff et al, 1994; Ian C, 2007). The initial theory is aim to retrofit of heat
exchanger network (HEN) in chemical processes. With the development of this theory, it begins to be used
in Total Site Target (Vikas.R.Dhole, 1993), Low Temperature Process (Vikas.R.Dhole, 1994) and
Shaftwork Taget (B.Linnhoff, 1992). Retrofit energy systems normally include HEN, heat engines and heat
pumps. To some extent, the core structure of a trigeneration consists of these components. However, a
trigeneration is still quite different from chemical process. Thus, in terms of the unique characteristics,
some changes should be made on the basis of PA. But the least energy consumption or expenditure usage is
still the ultimate goal of the Improved Pinch Analysis (IPA).
Methodology for trigeneration designing
IPA for trigenerations has some differences with PA. Firstly, because the temperature difference between

hot and cold streams in trigeneration is normally more than 50 . Thus, in IPA, no minimum temperature
difference is set beforehand, instead, the problem table algorithm (PTA) is applied directly on the original
stream data list. Secondly, in a composite curve figure of chemical process or power plant, the streams in
neighbor temperature intervals could link to each other and form a continuous curve. But in trigeneration
system, composite curves always appeal to be discontinuous. Threshold problem could be formed by these
discontinuous curves. Some methods, like non-vertical heat transfer mode and stream-splitting, need to be
considered when such problems occurred.
The calculating process of PTA in IPA is expressed below. The stream data are listed firstly, such as stream
supply temperature TS, target temperature TT, thermal capacitivity m·Cp and hot/cold power.
1.

The supply/target temperatures are sorted in decreasing order, each successive pair defining a new
‘temperature interval’. In interval i, heat balance is examined, the energy deficit, ΔH i is given by
mi
⎛ ni
⎞
ΔH i = ⎜⎜ ∑ C p ⋅k − ∑ C p ⋅ j ⎟⎟ ⋅ (Th ,i − Tc.i )
j =1
⎝ k =1
⎠

[1]

where mi and ni are the number of hot and cold streams present in the ith interval, and Th,i and Tc,i are the
higher and lower temperatures defining the interval.
2. Initially it is assumed that no hot utility is required ( Qiin =0) and the energy cascade for each interval is
computed.

Q1in = 0

[2]

Q1out = Q1in − ΔH1

Q

3.

[3]

− ΔH i +1 [4]
Any negative Qiout implies a violation of the second law of thermodynamics. The hot utility target, is
out
i +1

=Q

out
i

now given by
4.

U hmin = min i Qiout [5]
Next, set Q1in = U hmin and compute the cascades for each interval again. The cold utility target, U cmin ,
is now simply the recomputed QNout .

The whole improved PTA is very similar to the basic PTA (Rama Lakshmanan, 2002). But according to the
basic PTA pinch determination: each point at which the recomputed energy cascade is zero represents a
pinch point. In the improved PTA, no minimum temperature difference is set before, so pinch point and
practical system plan would be decided by the constraints and operation situations in the reality cases.
Case study

Figure 1: Demand forecasting of the new system in summer & winter

A distributed trigeneration is constructed in an 18 storey hotel and office building complex. In winter, seen
in Figure 1, the maximum space heating demand is 550 kW and the maximum electricity demand is about
155 kW during the same time. At nights, the minimum demands of space heating and power are 180 kW
and 100 kW respectively. Instant hot water demand is hard to be forecasted because of random behavior of
residents. In this case, hot water storage tanks are prepared. The average hot water heating demand would
be around 200 kW. In summer, cooling power needed is maximum 600 kW and minimum 220 kW. Peak
power appears in office working hours which is also about 155 kW and is down to 80 kW at nights when
the office is closed. The estimated average domestic hot water heating demand is 170 kW, a little lower
than that in winter.
Heat exchanger network optimization
Considering part load performance, heat recovery and initial equipment investment, a gas internal
combustion engine is applied as the prime mover in this case. Two major parts of heat recovery: jacket
cooling water heat and exhaust gas heat, could be viewed as two hot streams. And the demands of domestic
hot water and space heating are two major cold streams needed to be heated, seen in Table 1.
Table 1: Stream data of the new system in winter
Stream Ts ( ) Tt ( ) m CP (kW·

-1

)

H (kW)

H1

88

83

31.4

-157

H2

500

150

0.44

-152.8

C1

5

60

3.64

200

C2

40

45

110

550

Figure 2: Cascade and grid diagram of the original HEN

Figure 3: Schematic of the new system plan
The cascade calculation result (Figure 2) configures a threshold problem which needs extra 440.2 kW heat
from outside, but no cold utility is required. A pseudo pinch point can be found as 40 . If the vertical heat
transfer mode is used to construct HEN, neither the hot streams nor the cold ones can be fully coupled with.
So, non-vertical heat transfer mode is applied (Figure 2). H1 would be matched up across the pseudo pinch
point. The heat transfer in heat exchanger 1 would be 157 kW. The remains of cold stream C1 couples with

H2 to form heat exchanger 2. The rest of H2 would heat up C2, which is heat exchanger 3. The lack part of
heating energy for C2 is provided by a vacuum boiler as a hot utility. The new system can be seen in Figure
3.
Chillers placement
The stream data in summer can be seen in Table 2. The cascade result as well as composite curve are
showed in Figure 4, hot utility is not necessary and only 743 kW cooling power is needed. Cold utility is
divided into the low temperature level (below the ambient temperature) provided by chillers and the high
temperature level (above the ambient temperature) met by using cooling tower.
Table 2: Original stream data in summer
Stream Ts ( ) Tt ( ) m CP (kW·

-1

)

H (kW)

H1

88

83

32

-160

H2

500

150

0.44

-153

H3

15

10

120

-600

C1

25

60

4.86

170

Figure 4: Cascade and composite curve of the original HEN in summer
In the market, there are two major cooling options: electric chiller and absorption chiller. Firstly, electric
chiller is applied. The new composite curve can be viewed in Figure 5. With the introduction of chiller into
the system, utility pinch point is brought in. The COP of electric chiller is 3.5 and the generation efficiency
of centralized power plant is about 33%, thus the prime energy consumption will be:

Q f _ e = We /ηe = Qc / COPe / ηe = 600 / 3.5 / 0.33 = 518kW

[6]
Whilst, the heat ejected from chiller condenser to the environment plus other heat stream remains need to
be cooled can be calculated as:

Qcold _ e = Qex _ e + Qextra _ e = We + Qc + Qextra _ e = 171 + 600 + 143 = 914kW

[7]
In this case, electrical chiller can meet the space cooling demand, but the extra heat recovery from the
engine is wasted. However, if applying absorption chiller, the waste heat will be fully utilized. Besides
bringing extra hot streams of absorber and condenser into the stream list, because of the relatively low
COP (1.2), extra hot utility is needed. The new composite curve is showed in Figure 6. A supplement
burner of the chiller will compensate the lack of driving heat, and the energy for burner is calculated as:

Qab _ all = Qc / COPab = 600 / 1.2 = 500kW
[8]
Q f _ ab = (Qab _ all − Qab _ wh ) / ηb = (500 − 143) / 0.9 = 397kW

[9]
When the waste heat driven absorption chiller is applied, the high temperature cold utility - cooling water
is only used for offsetting the heat from absorber and condenser of the absorption chiller:

Qcold _ ab = Qab _ all + Qc = 500 + 600 = 1100kW

[10]

Figure 5: Composite curve with electrical chiller in summer

Figure 6: Composite curve with absorption chiller in summer
In general, both electrical and absorption chiller need extra energy to meet cooling demand. The electrical
chiller needs electricity derived from 518 kW prime energy; and the absorption chiller uses up the engine
waste heat, but consumes extra 397 kW prime energy for the burner. The total prime energy efficiencies of
the trigeneration when applying electrical or absorption chiller are compared. The result shows that 13% of
efficiency increase could be achieved by the system with absorption chiller.

η I _ ab −η I _ e
ηI _ e

W + Qhw + Qc
+ W / ηengine
Q
Q + W /ηengine
518 + 155 / 0.29
−1 = f _e
= f _ ab
−1 =
− 1 = 13% [11]
W + Qhw + Qc
397 + 155 / 0.29
Q f _ ab + W /ηengine
Q f _ e + W / ηengine

As for the dumped heat by cooling water (the high temperature cold utility), because of the environment
being viewed as a free cold utility, it costs almost nothing.

Figure 7: Schematic of the new system plan
A new plan combined the system plans in both summer and winter mode is presented in Figure 7. In
practical, the trigeneration in this case is still designed by traditional method which needs expertise.
However, the result turns out to be little divergent from the plan designed by IPA.

Conclusion
Pinch analysis can be used to configure optimized systems. However, direct PA application in
trigenerations still has some difficulties, such as large minor temperature difference, discontinuous
composite curves, pseudo pinch point and threshold problem frequently happened. Consequently, IPA is
applied to cope with these new problems. In the case study, a system is designed which shows the identical
layout with the practical design plan in terms of traditional trigeneration expertise. Therefore, the use of
pinch analysis in the trigeneration designing could be proved as one of the practical options.
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Nomenclature

TS
TT
m Cp
ΔH i
mi
ni
i
Th ,i
Tc ,i
Qiin
Qiout
U hmin
U cmin
QNout

stream supply temperature ( )
stream target temperature ( )
stream thermal capacitivity (kW· -1)
energy deficit in an interval (kW)
the number of hot streams
the number of cold streams
ith temperature interval
the higher temp. of an interval ( )
the lower temp. of an interval ( )
heat input of an interval (kW)
heat output of an interval (kW)
minimum hot utility (kW)
minimum cold utility (kW)
heat output of the last interval;
cold utility (kW)
COPab
COP of electrical chiller
We electricity used by electrical chiller (kW)
Qc
space cooling demand (kW)
Q f _ e prime energy used by electrical chiller
(kW)
ηe
generation efficiency of power plant

Qex _ e

heat ejected from chiller condenser
(kW)
Qcold _ e
high temp. cold utility for elec.
chiller (kW)
Qextra _ e unmatched hot stream remains (kW)
Qab _ all driving heat for absorption chiller (kW)
COPab
COP of absorption chiller
Q f _ ab prime energy used by absorption chiller
(kW)
Qab _ wh
driving heat from waste heat for
absorption chiller (kW)
ηb
the efficiency of boiler
Qcold _ ab high temp. cold utility for absorption
chiller (kW)
η I _ ab efficiency of trigeneration with absorp.
chiller
η I _e
efficiency of trigeneration with elec.
chiller
W
power generated by trigeneration (kW)
Qhw
domestic water heat provided (kW)
η engine
generation efficiency of the genset
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ABSTRACT
Among the newly developed heat powered cycles, rotary desiccant cooling, which works in open cycle
and is advantageous in using low grade thermal energy, controlling humidity independently and only
using free water and air, has been considered as a potential cooling technology. However, such method,
which normally can produce efficient dry air, can not cool the process air to a satisfied state for some
times. To further improve the performance of desiccant cooling, isothermal dehumidification and
regenerative evaporative cooling are of most importance, since the measures can minimize the
irreversibility of dehumidification and cool the process air sufficiently.
In this paper, an innovative open cycle cooling method, which combines the technologies of two stage
rotary desiccant dehumidification and regenerative evaporative cooling, has been proposed and
investigated in this paper. Here, the two stage desiccant dehumidification with internal cooling is a
feasible way to minimize the adsorption heat and approach the isothermal dehumidification. This method
can simultaneously dehumidify the fresh process air and produce chilled water for space cooling. A
mathematical model has been established to predict the performance. Case study has also been conducted
under given conditions in order to check the feasibility and energy saving potential. The effects of chilled
water flow rate, dry air distribution, inlet air conditions, regeneration temperature and solar radiant
intensity, etc., are analyzed. The proposed method is more environmental friendly, as it works on thermal
energy and realizes the independent temperature and humidity control just using free water and air, and
without any assistance from traditional vapor compression unit.
DESCRIPTION OF THE CYCLE
Figure 1 illustrates the working principle of the proposed method. As seen, the unit generally consists of
two parts, namely, desiccant dehumidification and regenerative evaporative cooling.
The process air cycle is as follows: Process air at state point 1 passes through section I of the desiccant
wheel (DW), where it is dehumidified and heated due to the adsorption heat effect. Then this hot dry air is
sensibly cooled from state point 2 to 3 in a cross-flow heat exchanger (CHE). Afterwards, the process air
passes through section II of the DW, where its moisture is further removed. And then in another CHE, the
process air (state 4) is sensibly cooled with a dry air output at state point 5. The regeneration air cycle is
as follows: The regeneration air is first cooled and humidified in a direct evaporative cooler (DEC) from
state point 11 to 12. Then it is divided into two groups, which work in parallel (state 12-13-14-15; state
12-16-17-18). These two air streams are sensibly preheated to state points 13 and 16 in the CHEs. The
warm air streams are then further heated to state points 14 and 17 in the solar air collectors, with two
thirds of them bypassing the collectors each to reduce regeneration heat consumption without substantial
influence on dehumidification capacity. Whereafter, these hot air streams flow through section III and
section IV to desorb water vapor and regenerate the desiccant, and exit at state points 15 and 18.
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Figure 1: Schematic of the proposed solar air conditioning system
After being split at state point 5, the dehumidified air flows in two different paths (state 5-6-7-8-9-10;
state 5-9-10). The part used for making chilled water is first pre-cooled to state point 6 in a CHE. Then it
passes through a cross-flow evaporative cooler (CEC). With the pressure difference between the water
vapor pressure of air and the saturation water vapor pressure, the water is cooled due to the evaporative
cooling effect, thus chilled water can be produced. At the same time, the air is humidified and cooled to
state point 7. This cold humid air is redirected to the CHE to cool the air supplied to the CEC and exits at
state point 8. Then, this part of air is reused by mixing with the remaining part of dehumidified air from
the desiccant dehumidification subsystem partly or totally. The process air (state 9) is then sensibly cooled
to state point 10 by the chilled water in the air-to-water heat exchanger (HE).
PERFORMANCE INDEXES
1)

Cooling capacity of produced chilled water:

Qw = cw mw (Tw, ret − Tw,sup ) kW [1]
2)

Cooling capacity of the system:
Qs = ma (h1 − h10 )

3)

kW [2]

Regeneration heat consumption:

Qreg = mreg (h14 − h13 ) + mreg ( h17 − h16 ) kW [3]
4)

Thermal COP of the system:

TCOP =
5)

Qs
Qreg

[4]

Electric COP of the system:

ECOP =

Qs
Qs
=
W W pump + W fan + Wmotor

[5]

The power of pumps and fans is calculated according to the reports of Guan, 1995 and Yuchi et al, 2002:

W pump =

W fan =

gmw H
3600 × 1000η pumpη k
ma ΔP

ρ aη fanηme

kW [6]

z kW [7]

MATHEMATICAL MODEL
The mathematical model of the system is established by combining models of the components. Detailedly,
the model developed in our earlier works (Zhang et al, 2003) is modified to investigate the desiccant
wheel. The CHE is modeled according to Dai et al, 2001. The heaters are modeled based on the energy
balance. Besides, the model of a CEC developed by the author (Dai et al, 2002) on the basis of energy and
mass balances is adopted. In view of the air in the DEC experiencing an isoenthalpy procedure, it is
simulated by the simplified expressions (Dai et al, 2001). In addition, the air-to-water HE is modeled
according to Yang et al, 2001.
CASE STUDY UNDER TYPICAL CONDITIONS
In order to evaluate the feasibility and energy saving potential of the proposed system, case studies are
performed under three typical conditions, namely, ARI summer (ambient: 35 oC, 40%; indoor: 26.7 oC,
50%), ARI humid (ambient: 30 oC, 60%; indoor: 26.7 oC, 50%), and Shanghai summer (ambient: 34 oC,
65%; indoor: 27 oC, 60%). Main parameters are listed in Table 1. Two points should be noted: (1)
regeneration airs are the mixture of corresponding ambient and indoor airs with a ratio 1:1, and only one
third of the regeneration airs are further heated and pass through the wheel ; (2) pressure losses are set on
the basis of experimental data and other factors are chosen according to Guan and Yuchi.
Table 1: Parameters used in simulation
Geometrical size of DW
Geometrical size of CEC
Radius (m)
Thickness (m)
length (m)
height (m)
width (m)
0.35
0.1
0.6
0.7
0.27
Other operating conditions
3
1 /○
2 (m /h)
Flow rate of process air (m3/h)
1200 Flow rate of regeneration air ○
Rotation speed of wheel (r/h)
10
Regeneration temperature (oC)
Mass flow rate of chilled water (kg/h)
500
Mass flow rate of cooling water (kg/h)
Power of process air fan (W)
588.2 Power of regeneration air fan (W)
Power of motor for DW (W)
150.0 Effectiveness of DEC
Power of cooling water pump (W)
40.0
Power of chilled water pump (W)
Effectiveness of CHE and HE
0.7
Ratio of process air used for making chilled water
Design values for factors of equations [6] and [7]
z 1.5, Wfan<0.5 kW
10
ΔPpro/ΔPreg (Pa) 1000/600
H (m)
ηpump
0.60
ηfan
0.85
1.3, Wfan=1.0-2.0 kW

1200
80
1500
549.0
0.85
26.7
0.50

ηk

0.85

ηme

1

1.15, Wfan≥5 kW

Table 2 gives the analysis results. Clearly, the system can provide chilled water at relative low
temperature and handle air to qualified temperature and humidity ratio, especially for ARI summer and
ARI humid. Although the outlet humidity for Shanghai summer is a bit high, it can be reduced by
adjusting the reuse ratio of the air stream at state point 8. Moreover, both the thermal and electric
performances of the system are favorable. It is confirmed that the system is feasible and energy efficient.
Table 2: Analysis results for the proposed system under different typical conditions
ARI summer
ARI humid
Shanghai summer
o
o
Process air inlet
35 C, 40%
30 C, 60%
34 oC, 65%
Process air outlet
18.52 oC, 8.29 g/kg
19.01 oC, 9.09 g/kg
23.90 oC, 14.04 g/kg
14.44
15.31
20.62
Tw,sup (oC)
Power consumption (kW·h)
1.35
1.35
1.35
Heat consumption (kW·h)
9.92
10.51
9.97
3.71
3.37
2.99
Qw (kW)
11.88
10.76
11.34
Qs (kW)
ECOP
8.78
7.95
8.38
TCOP
1.20
1.02
1.14
DISCUSSION
To achieve more profound understandings about the system, fundamental analysis on the regenerative
evaporative cooling subsystem and the whole system should better be performed. The same unit as in the
previous case study is considered. Notice that, the calculation conditions are taken to be the same as those
mentioned earlier unless specially stated.
Performance analysis of the regenerative evaporative cooling subsystem
Figure 2 illustrates the impacts of chilled water flow rate on the regenerative evaporative cooling
subsystem. As seen, with the increase of mw, Tpro,out decreases and dpro,out increases in lower range, but in
higher range, Tpro,out increases and dpro,out decreases; simultaneously, Qw increases sharply at first, achieves
a maximum value around mw=600 kg/h, and decreases gradually then. These performances are
explainable in terms of the double effects of water flow rate increase, namely, heat transfer intensification
and reduction in temperature difference ΔTin, which lead to that, the evaporative cooling effect is
enhanced at first and deteriorated afterwards. Besides, the decline of variation degrees is due to that,
cpwmw and cpama are effective when cama/cwmw >1 and cama/cwmw <1 respectively.
The impacts of air flow rate for chilled water production mpro,w on the regenerative evaporative cooling
subsystem are depicted in Figure 3. It is found that: (1) due to the fact that the more process air is used to
make chilled water, the higher evaporative cooling effect will be, as the increase of mpro,w, Tw,sup decreases
and corresponding Tpro,out decreases and dpro,out increases; (2) Qw could obtain a maximum when mpro,w is
about 900 m3/h due to the heat exchange driving force ΔTin is strengthened at low mpro,w and weakened at
high mpro,w, as shown in Figure 3(b).
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Figure 2: Effect of chilled water flow rate
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Performance analysis of the whole system
Figure 4 shows the influence of inlet air relative humidity on thermal performance of system at various
inlet temperatures. Here, when the enthalpy of ambient air is higher than that of indoor air, the mixture of
ambient air and indoor air with a ratio 1:1 is adopted as regeneration air; otherwise, the ambient air is
adopted. As can be seen, (1) the higher Tin is, the higher TCOP will be; (2) TCOP of the system achieves a
peak value when RHin is about 50%, 60% and 70% for Tin of 35 oC, 30 oC and 20 oC respectively.
Figure 5 illustrates variation of TCOP with regeneration temperature under three typical conditions.
Although TCOP decreases with Treg, corresponding values are higher than 1.0 in most case. Anyway, with
such high TCOP, for solar air conditioning application, its solar COP would be over 50%.

CONCLUSIONS
The main findings generated by this investigation are as follows: (1) the proposed method can achieve a
thermal COP above 1.0 and an electric COP about 8.0, while corresponding temperature of produced
chilled water is around 14-20 oC, thereby realizing separate temperature and humidity control without the
assistance of vapor compression system; (2) although the impacts of inlet air conditions and regeneration
temperature on performance are found to be significant, TCOP of the system is sounded in most cases; (3)
there exists an optimal chilled water flow rate and process air distribution ratio to obtain the biggest
cooling capacity of chilled water; (4) for solar air conditioning application, it is expected that more than
50% of the received solar radiation can be converted to the capability of air conditioning in sunny days.
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NOMENCLATURE
c
specific heat, kJ/(kg·K)
d
humidity ratio, kg water vapor/ kg dry air
ECOP electric coefficient of performance
h
enthalpy, kJ/kg
H
pump lift, m
k
overall heat transfer coefficient
m
mass flow rate, m3/h, kg/h
Qs
cooling capacity of the system, kW
Qw
cooling capacity of the chilled water, kW
Qreg
regeneration heat consumption, kW
RH
relative humidity
T
temperature, oC
TCOP thermal coefficient of performance
W
electric power consumption, kW
z
motor capacity safety factor of fan
Greek symbols

ΔP
ΔTin
ηfan
ηk
ηme
ηpump

pressure loss
inlet temperature difference, oC
efficiency of fan
power factor of pump
mechanical transmission efficiency
efficiency of pump

Subscripts
a
air
in
inlet
out
outlet
pro
process
ret
return
reg
regeneration
sup
supply
w
water
1-18 state points
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Abstract
This paper presents the initial design concept of a solar cooling/heating system which will be installed in
the mechanical engineering laboratories of the Cyprus University of Technology. The system will consist
of a number of LiBr-water absorption units, a stationary solar collector system, storage tanks, a cooling
tower and the necessary control and distribution systems. As the area where the laboratories are situated
has a lot of ground water at a shallow depth, an attempt will be made to relieve part of the condenser load
using the ground water as a means of heat dissipation. The scope of this solar application is to evaluate
the technology in the Cyprus environment and for this reason the system will be fully monitored for a
number of years. This will lead to conclusions whether the Department of Energy will partly subsidize
these types of systems in the future and at what extent. Electronic display boards will also be installed
showing at any time the working condition of the various parts of the system and their contribution to the
load. This will be done for the purpose of demonstrating to the general public the benefits of this solar
application.
1. Introduction
The only resource abundantly available in Cyprus is solar energy, which can be used to power an active
solar cooling system based on the absorption cycle. Absorption machines are thermally activated and for
this reason, high input (shaft) power is not required. In this way, where power is expensive or unavailable,
or where there is waste, gas, geothermal or solar heat available, absorption machines provide reliable and
quiet cooling (ASHRAE, 1997). A number of refrigerant-absorbent pairs are used, for which the most
common ones are water-lithium bromide and ammonia-water. These two pairs offer good thermodynamic
performance and they are environmentally benign.
Absorption systems are similar to vapor-compression air conditioning systems but differ in the
pressurization stage. In general an absorbent, on the low-pressure side, absorbs an evaporating refrigerant.
The most usual combinations of fluids include lithium bromide-water (LiBr-H2O) where water vapor is
the refrigerant and ammonia-water (NH3-H2O) systems where ammonia is the refrigerant.
The NH3–H2O system is more complicated than the LiBr–H2O system, since it needs a rectifying column
that assures that no water vapor enters the evaporator where it could freeze. The NH3–H2O system
requires generator temperatures in the range of 125 to 170°C with air-cooled absorber and condenser and
95 to 120°C when water-cooling is used. These temperatures cannot be obtained with flat-plate collectors.
LiBr–H2O systems are also friendlier to the environment as they work at sub-atmospheric pressures and
when there is a leakage no contamination occurs. For these reasons the LiBr-H2O system is preferred in
this design.
Lithium bromide-water chillers are available in two types, the single and the double effect. The single
effect absorption chiller is mainly used for building cooling loads, where chilled water is required at 67°C. The coefficient of performance (COP), which is defined as the ratio of the cooling effect to the heat
input, varies to a small extent (0.65-0.75) with the heat source and the cooling water temperatures
(Florides et al., 2002a). Single effect chillers can operate with a hot water temperature ranging from about
80°C to 120°C when water is pressurized, whereas for the double effect much higher temperatures are
required. For this reason the single effect unit is preferred since the lower temperatures are easily obtained
with stationary solar collectors.
2. Lithium Bromide (LiΒr) - Water Cooling
This type of equipment is classified by the method of heat input to the primary generator (firing method)
and whether the absorption cycle is single or multiple effect. As mentioned, the single effect absorption

technology provides a peak-cooling coefficient of performance (COP) of approximately 0.7 and operates
with heat input temperatures in the range of 90°C to 120°C. The multiple effect technology gives higher
COPs but can only be utilised when higher temperature heat sources are available. Double effect systems
can be achieved by adding an additional stage as a topping cycle on the single-effect cycle. In this way
the heat rejection from the high temperature stage is used to power the lower temperature stage. It should
be noted that the refrigerant in the water-lithium bromide system is water and the LiBr acts as the
absorbent, which absorbs the water vapour thus making pumping from the absorber to the generator
easier and economic. A single-effect, two shell, LiBr -water chiller is illustrated in Figure 1 and its
schematic presentation on a pressure-temperature diagram is illustrated in Figure 2.

Figure 1: Schematic diagram of the LiBr-water absorption unit
With reference to the numbering system shown in Figure 1, at point (1) the solution is rich in refrigerant
and a pump forces the liquid through a heat exchanger to the generator (3). The temperature of the
solution in the heat exchanger is increased.
Qc

Qg

CONDENSER

GENERATOR

7
P
R
E
S
S
U
R
E

3

8

SOLUTION HEAT
EXCHANGER

REFRIGERANT
FLOW RESTRICTOR

2

SOLUTION FLOW
RESTRICTOR

1

Qe

5

PUMP

9

EVAPORATOR

4

10
11

6

ABSORBER
Qa
TEMPERATURE

Figure 2: Single-effect, water-lithium bromide absorption cycle.

In the generator, thermal energy is added and refrigerant boils off the solution. The refrigerant vapour (7)
flows to the condenser, where heat is rejected as the refrigerant condenses. The condensed liquid (8)
flows through a flow restrictor to the evaporator (9). In the evaporator, the heat from the load evaporates
the refrigerant, which flows back to the absorber (10). A small portion of the refrigerant leaves the
evaporator as liquid spillover (11). At the generator exit (4), the steam consists of absorbent-refrigerant
solution, which is cooled in the heat exchanger. From points (6) to (1), the solution absorbs refrigerant
vapour from the evaporator and rejects heat through a heat exchanger.
The above procedure can also be presented in a Duhring chart (Figure 3). This chart is a pressuretemperature graph where diagonal lines represent constant LiBr mass fraction, with the pure water line at
the left.

P
R
E
S
S
U
R
E

WEAK
PURE WATER ABSORBENT
LINE
LINE
STRONG ABSORBENT
LINE
4

8

3
5

9,10

1,2

6
CRYSTALLISATION LINE

TEMPERATURE

Figure 3: Duhring chart of the water-lithium bromide absorption cycle.
The complete solar system that will be used in the laboratories is shown schematically in Figure 4. The
design temperature of the system will be 70 to 90°C so as to avoid having a pressurized storage. The solar
collectors to be used are of the evacuated tube type, which have a good efficiency at this working
temperature. Details of the building and the system are given below. Such a system was evaluated in the
past (Florides et al., 2002b) and found to have a low total equivalent warming impact (TEWI).
3. Description of the building
The building under consideration was used for many years as a store. Its total area is 1400 m2 and will be
renovated and house the mechanical engineering laboratories of the Mechanical Engineering Department
of the Cyprus University of Technology in Limassol. The general construction of the building follows the
construction methods of the early 50s and incorporates limestone walls, 50 cm thick, single glazed
windows and asbestos pitched roof. The renovation will not affect the walls but the windows will be
changed with double glazing ones and the roof will be completely reconstructed with acoustically
insulated panel. The panel is 200 mm thick with rockwool insulation. The total cooling load of the
building is estimated to be 250 kW. The air conditioning system to be used is of the conventional air
handling units for the large areas of the building and fan coil units for the smaller ones. The height of the
building is 6m minimum and the roof has an inclination of 20°. The roof is of the twin pitched roof type.
The solar collectors will be installed on the south face of the two slopes.
4. Description of the solar cooling system
The evacuated tube collectors are the most suitable for this type of application because they have a high
efficiency at high temperature and are light and do not need heavy support. The collectors will be
installed with specialised manifolds which can take 30 tubes having a total area of 2.5x1.8 m (Figure 5).

Figure 4: Schematic diagram of the complete solar cooling system

A total of 90 such assemblies will be installed. A detail of a four assembly connection is shown in Figure
6. The solar system will include also a total of 20,000 liters of water storage, located indoors in a plant
room, in an array of four cylinders of 5,000 liters each. The average heat that this system is able to supply
is around 130 kW, which is smaller that the required one, but it is limited by the available roof space. The
additional load will be covered with a conventional oil-fired boiler, also located in the plant room.
To cover the capacitance of the required 250 kW, three absorption refrigeration units of about 90 kW will
be installed in the plant room. It is estimated that in spring, summer and autumn, when cooling is needed
in Cyprus, the two absorption units will cover the required load. Only in a part of July and August which
are the hottest months in Cyprus with temperature exiting 40° C, will the third unit operate but it will also
be used as a back up unit in case of need.

Figure 5: Evacuated tube collector array of 30

4 No. solar collectors
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Figure 6: Part of the solar collector system
The selected units will use hot water (produced from the solar collectors) to operate. The units to be used
feature only one heat exchanger, since driving temperatures are relatively low (70 - 95°C). The
characteristics of the units are as follows:
•
•
•
•
•
•
•
•

Produce cold water from any given hot water source with a minimum of 70°C.
Hot water source: solar thermal (backup oil burner).
Low noise, compact design.
Single-effect generation of refrigerant, with a COP = 0.7.
Working medium (lithium bromide) is chemically stable, non-flammable, non-toxic, ecologically
benign and ozone-friendly
Process works under quasi-vacuum, no obligation to follow any pressure vessel rules.
Low electrical consumption, and
Automatic control.

As in all absorption systems cooling of the absorber and condenser is required. This will be achieved with
a cooling tower which will be installed outside the building. The cooling tower will be of the circular type
one with a fibber reinforced plastic (FRP) casing and sufficient structural strength to withstand high wind
velocity, tremors and vibration. The bowl shaped basin is also made of FRP. The construction allows for
operation with a minimal amount of water in the basin and protects from drawing air into the system. The
shape also facilitates easy system cleaning. The casing is complete with fan stack which provides smooth
air movement inside the tower and helps to obtain good performance. The fan assembly is made of
aluminium with pitch adjustable blades. The circular type design allows for a 360° air intake. Regardless
of air direction and site limitation, the cooling tower still obtains the best performance. A photograph of
the cooling tower is shown in Figure 7.

Figure 7: Photograph of circular cooling tower
Additionally, two wells will also be drilled and the water available will be used for the same purpose to
reduce the load of the cooling tower. The water from one well will pass through a heat exchanger and
return to the second well which is at a distance of 10m from the first one. In this way the heat exchanger
will greatly reduce the load of the cooling tower. For this purpose casketed heat exchangers with a
modular design which are very flexible will be used. These are commonly used in commerce and industry
and are made from corrugated plates. The plates are then "assembled" into customised heat exchangers.
One 'module' consists of two heat exchanger plates of the same size which are welded together by lasers
(see Figure 8).

Figure 8: Modular corrugated plate heat exchanger
Finally, all processes will be monitored by a computer system that will record the temperature and flow
rates at various parts of the system and estimate the efficiency of individual units and also the whole
system. The system is estimated to be ready for operation in early 2010.
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NOMENCLATURE
Parameters
COP
COPRev
FOM

coefficient of performance of the real process
coefficient of performance of the reversible process
figure of merit

ABSTRACT
In 2006 an ammonia/water absorption system was described technically and evaluated thermodynamically
and economically. It can provide a refrigeration load between 25 kW to 40 kW with a driving heat input at
temperatures down to 90 °C. Present applications for cooling temperatures at 0°C and below are of
complex design and restricted to cooling capacities above 100 kW. The decisive cost advantage with
increasing unit capacity and the resulting high efficiency enables economic operation. Sorption
refrigeration systems with cooling capacities of less than 30 kW, low cooling temperatures, and low-grade
heat as the driving energy are currently not established in the market. In this range they could contribute
considerably to rational energy supply in decentralised energy systems, especially combined with solar
energy, trigeneration, or ice-storage.
This paper describes a project to develop a sorption refrigerator of minimal complexity using low grade
heat to provide cooling as efficiently as possible. Systems of this type tend to be less efficient than those
that operate at higher temperatures. The technical specification is representatively quantified by a cooling
capacity of 25 kW at -1 °C mean coolant temperature, and 90 °C mean temperature of the heating fluid.
These assumptions imply ammonia-water absorption technology to achieve the low coolant temperature,
while stainless steel should prevent corrosion and fully welded heat exchangers should ensure long mean
time between failures. A single-stage system was selected. The data gained from a detailed calculation of
the real process was verified experimentally by investigations on an established pilot plant. With the
results of the system flow scheme an optimised system could be defined. A Second Law analysis
determined the deviation from the ideal and specifies the exergy losses of the individual components. The
findings led to a particularly simple system without a rectifier, reflux condenser, and refrigerant
subcooler. The energy efficiency obtained, the so-called coefficient of performance, was 47%. This value
appears to be comparatively modest but the efficiency is of minor importance if low cost waste energy
can be employed and the low temperature levels are taken into account. From the thermodynamic point of
view the exergy input is transferred to the coolant at a rate of 28%. This magnitude represents an exergy
efficiency comparable to complex absorption refrigeration units driven by high-grade heat.
The optimised small scale ammonia-water absorption system constitutes a valuable complement for
decentralised energy systems.

Utilising available heat sources a competitive solution that is adapted to the specific, permanent local
demand, is achieved.
In 2008 the first implementation of the proposed advanced absorption refrigeration system was
completed. It is utilised for air-conditioning of an administration building. The system is driven by district
heat, and with the addition of ice storage allowed for the peak shaving of summertime loads. The process
data gained can be compared to available data of other heat driven refrigeration systems.

INTRODUCTION
Sustainable development of energy supply calls for rational methods of preserving limited primary energy
resources. One practical measure can be the utilisation of sorption refrigeration technology, which can
produce cold from heat. Cold is extensively required for cooling of processes, foods, and facilities.
Currently the predominant power supply for refrigeration processes is electrical energy, generally
originating from non-renewable energy sources. This energy transfer sequence can be substituted by
various heat driven refrigeration technologies using low-grade heat at 100 °C and less. Despite the low
exergy content usually remaining at the end of an energy cascade or gained from renewable solar thermal
energy, it can yield an enormous energy saving potential. Heat driven refrigeration technologies, such as
the sorption or jet-pump systems, have the capability to make use of this potential by converting the low
exergy content into valuable cooling.
The present state of heat driven refrigeration is dominated by sorption technology using water as the
refrigerant, and allows for cooling down to around 6 °C. Implementations for lower temperatures often
employ ammonia as the refrigerant, which can be evaporated at temperatures as low as -60 °C. Such
systems are of complex design and are applied only for large refrigeration loads due to a decisive cost
advantage with increasing unit capacity. The strong demand for cooling capacities less than 100 kW for
temperatures in the range between 0 °C and -18 °C cannot currently be met by suitable refrigeration
systems driven by low-grade heat.
The original objectives of the research programme (Stürzebecher 2007) were to model and simulate the
real thermodynamic process especially with regard to small capacity systems; to investigate the
thermodynamic potentials; to determine the potentials of decreasing the depletion of non-renewable
energy resources; to design an economically competitive system using marketable components; and to
demonstrate its applications. The specific technical demand is representatively quantified by a cooling
capacity of 25 kW at -1 °C mean coolant temperature and 90 °C mean temperature of the heating medium.
To achieve the low coolant temperature these assumptions imply ammonia-water absorption technology
using ammonia as the refrigerant and water as the absorbent. The work was aimed at developing a
competitive solution of minimal complexity for applications such as comfort cooling, process cooling,
and food preservation. To ensure continuous operation and to meet peak loads the incorporation of ice
storage is required.
The design and optimisation of such an absorption refrigerator requires fundamental knowledge of the
thermodynamics of the binary mixture ammonia-water of the system. Monitoring of an established solar
driven single-stage pilot plant leads to a detailed calculation of the real process considering the heat and
mass transfer requirements for each individual heat exchanger and characteristic values of the overall
system. With the results, a flow scheme of an advanced system is defined in terms of the project
objectives. A Second Law analysis determines the deviation from the ideal, i.e. reversible process and
specifies the exergy losses of the individual components.
An ammonia-water absorption refrigeration system driven by an array of vacuum tube collectors was first
commissioned by Braun and Hess (2002) at the technology centre Innovationszentrum Wiesenbusch
Gladbeck, Germany. Depending on the demand it can supply cooling during the hot season and heat
during the heating season. Climatisation of the facility and operation of a cold storage depot was
investigated. To ensure the continuous operation and to cover peak loads an ice storage facility and a heat
store have been incorporated. In addition, seasonal storage of waste heat in the subsoil was tested.

EXPERIMENTAL AND THEORETICAL INVESTIGATION
The existing ammonia-water absorption system was modified in 2003 to analyse its cooling applications
at 2 °C and below with the temperature of heat input as a parameter. The absorber was found to be
operating on low efficiency caused by a malfunction of the injection system. After its retrofit the
efficiency of absorption, however, was only slightly improved. Following this the volume flow rate of
strong solution was examined, showing that the efficiency of absorption could be significantly increased
by a reduction of the strong solution flow rate. Nevertheless it was still low compared to values published
by Niebergall (1959).
In a second retrofit step an evaporator using plate and shell technology was incorporated into the system.
This measure finally resulted in an improved system operation with an overall efficiency even higher than
that predicted by Niebergall.
The power consumption of a suitable solution pump should preferably be less than 10% of the electrical
energy required for a conventional compressor chiller with comparable cooling capacity. Its main purpose
is to increase the pressure of an almost boiling liquid and to fulfill further requirements such as a hermetic
construction. In an extensive comparison of available types, vane pumps show the best performance.
Based on the experience and data gained from the existing system the design and optimisation of an
advanced ammonia-water absorption system was commenced. The final version was completed in 2008
and is now being utilised for air conditioning of an administration building

OPTIMISATION AND DESIGN OF AN ADVANCED AMMONIA-WATER ABSORPTION SYSTEM
The optimisation of the flow diagram showed the possibility to simplify the existing system design by
removing several components, which are not vital for the cooling process. The water content of the
refrigerant turns out to be less than 4% at heat input temperatures below
100 °C. Thus the rectifier and reflux condenser, which have to enrich the ammonia content in the
refrigerant, are regarded as dispensable. The enthalpy difference of liquefied refrigerant between inlet and
outlet of the subcooler amounts to about 5% of the evaporation enthalpy of the refrigerant inside the
evaporator. This means that the subcooler contributes only marginally to the cooling process and can also
be dispensed with. With these results an advanced flow scheme of the system could be defined in
principle. Starting from a projected cooling capacity, assumed temperatures of the external fluids and a
moderate figure of merit the thermodynamic performance of the new system were determined. The steady
flow analysis then led to the design and finally to the selection of the individual components. The Second
Law analysis determines the deviation from the ideal, i.e. reversible process and specifies the exergy
losses of the individual components. Thermodynamically the exergy input is transferred to the coolant at a
rate of 28%.
The resulting system, which was defined technically and evaluated thermodynamically, is designed for a
refrigeration load of 25 kW. The temperature of the coolant was assumed
at 2/-3 °C, the driving heat input at 95/85 °C and the heat output at 24/31 °C (Figure 1.). From the
analysis the highest operating mode is represented by the reversible process, which gives a COPRev = 1.68.
Based on a FOM of 0.28 the real system shows a COP of 0.47. In order to cover a refrigeration load of
25 kW a heat input of 53 kW is required. With this refrigeration load and an additional electrical power
input of 1 kW for the solution pump the heat output rejected to ambient is 79 kW Stürzebecher (2007).

Figure 1

Flow diagram of optimised system

DISCUSSION
The results indicate that optimised ammonia-water absorption systems can contribute to a more rational
utilisation of scarce energy resources. Their ability to make use of low-grade heat as the driving energy
offers the opportunity to tap energy sources so far inappropriate for cooling processes. Waste heat usually
released to ambient can yield a substantial saving potential, while solar thermal energy, especially in the
sunbelt of the earth, can be easily collected in abundance Stürzebecher et al. (2004). Further examples of
low temperature heat sources applicable to ammonia-water absorption systems include decentralised
combined heat and power plants, district heating, or geothermal plants Stürzebecher et al. (2006).
The aim of developing a solution of minimal complexity calls for a specific technical demand
representatively quantified by assuming a cooling capacity of 25 kW at -1 °C mean coolant temperature
and 90 °C mean heat medium temperature. These assumptions imply ammonia-water absorption
technology to achieve the low coolant temperature. In order to use carbon steel it would be essential to
add chromate containing inhibitors to prevent corrosion problems. To avoid using these carcinogenic
materials it is recommended that stainless steel is used throughout the system. Fully welded plate and
shell heat exchangers are selected to ensure a long mean time between failures.
A single-stage flow scheme with a minimum of components is developed to enable economical
efficiency. Detailed calculations of the real process are carried out applying First and Second Law-based
thermodynamic analyses considering the heat and mass transfer requirements for each individual
component. This refers especially to the plate and shell heat exchangers, which have not been described in
the literature so far. The data gained are verified experimentally by investigating the established pilot
plant, and confirm the following findings:
At heat input temperatures below 100 °C the ammonia content of the refrigerant reaches values above
96%. In this case the expenditure for a rectifier and reflux condenser, generally incorporated to further
decrease the remaining water content, is not justified. Since the enthalpy difference of liquefied
refrigerant between inlet and outlet of the subcooler amounts to only 5% of the evaporation enthalpy, the
subcooler contributes only marginally to the cooling process and can also be dispensed with. In contrast
the evaporator essentially determines the cooling capacity of the system. The problem of equally
distributing the refrigerant droplets in the emerging mist flow over the heat transfer area is solved by a

specifically developed arrangement of heat exchanger geometry. A comparable problem arises inside the
absorber. To achieve a high efficiency of absorption a distribution pipe is designed to equally partition
weak solution to each channel and form a maximum absorption film area. The power consumption of a
suitable solution pump should preferably be less than 10% of the electrical energy required for a
conventional compressor chiller with comparable cooling capacity. Its main purpose is to increase the
pressure of an almost boiling liquid and to fulfill further requirements such as a hermetic construction. In
an extensive comparison of available types, vane pumps show the best performance.
With the knowledge gained, the process scheme of the advanced system is defined, following the project
objectives. A Second Law analysis determines the deviation from the ideal reversible process and
specifies the exergy losses of the remaining components in a particular simple system without rectifier,
reflux condenser and refrigerant subcooler. The obtained energy efficiency expressed by the ratio of
cooling capacity and heat input, the so-called coefficient of performance, was 47%. This value appears to
be comparatively modest but the efficiency is of minor importance if low- cost waste energy can be
employed and the low temperature levels are taken into account. From the thermodynamic point of view
the exergy input is transferred to the coolant at a rate of 28%. This value represents exergy efficiency
comparable to complex absorption refrigeration units driven by high-grade heat.
The original objectives of this research programme have been realised. The resulting optimised small
scale ammonia-water absorption system constitutes a valuable complement to decentralised energy
systems. Adapted to the specific local demand with respect to permanent operation and making use of
available heat sources, a competitive solution is achieved. Present capital costs amount to ₤1,000/kW
cooling capacity. Some applications, including solar cooling and biogas-fired local energy systems have
also been economically evaluated. The established engineering model is powered by solar collectors
based on vacuum tube technology. In this case nearly 40% of investment costs were on account of these
collectors. Since the advanced system only requires simple flat collectors a considerable reduction of
investment can be achieved. If the system is also used as a heat pump during the heating season the annual
hours of operation will increase, thus further improving the economics of the investment.
Concerning the CO2 emission, the ideal driving energy is derived from renewable sources. The remaining
power input for pump work amounts to only 10% of the electrical energy of a conventional compressor
chiller with comparable cooling capacity, resulting in a CO2 reduction of 90%. Using photovoltaics this
energy input could also be provided by renewable solar energy.
Implementation of the proposed advanced absorption refrigeration system lead to process data that can
now be compared to available data of other heat driven refrigeration systems, especially vapour jet-pump
systems, which require less auxiliary electrical energy.
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ABSTRACT
Three resorption systems were tested to acquire the degree of conversion at different working conditions
with three different reactive mediums by a gravimetric method, and the influence of the thermodynamic
equilibrium drop on the degree of conversion was assessed. The resorption systems were designed to
provide cooling effect at 0 °C and -5 °C. They all used MnCl2 in the main reactor, and had BaCl2, NaBr and
NH4Cl, respectively, in a second reactor which is responsible for cold production. The reaction of the NH4Cl
ammoniate had the highest conversion up to 90% among all the mediums studied at 0oC or -5oC of cold
production, regardless of the equilibrium drop of NH4Cl ammoniate was the same or even smaller than the
other two salt ammoniates. However, the system with BaCl2 obtained the lowest conversion even though it
had the highest equilibrium drop.
INTRODUCTION
Solid sorption thermo-transformers, which are an environmental-friendly technique that may meet the
demands of energy-saving and sustainable development, have been studied for heating and cooling
applications. Resorption systems are a type of solid chemisorption thermo-transformer were the
condensation and evaporation processes are replaced by a second synthesis and decomposition process, in a
second reactor. Thus, the basic system is composed of two reactors, and each one contains one kind of salt
that under the same pressure have different equilibrium temperatures. The salt with the highest equilibrium
temperature is regarded as high-temperature salt (HTS), whereas the other salt is named low-temperature
salt (LTS). Examples of resorption systems containing different pair of high- and low-temperature salts were
presented elsewhere (Lepinasse, 1994; Goetz, 1997; Lepinasse, 2001; Vasiliev, 2004; Oliveira, 2008b). The
reaction between the salts and the refrigerant occurs when the operating condition deviates from the
thermodynamic equilibrium condition. The difference between the operation and equilibrium conditions are
known as equilibrium drop (Goetz, 1993; Neveu, 1993; Lu, 1996;Castets, 2000).
A complete cycle of a single-effect resorption consists of two phases: high pressure phase (HPP) and low
pressure phase (LPP). As can be seen in Figure 1, in the high pressure phase of an ideal cycle, both reactors
are at the pressure Ph. The HTS and LTS reactors are subjected to the temperature constraints Th and Tm,
respectively. Since Th is higher than Tequ,HTS (Ph), and Tm is lower than Tequ,LTS (Ph), the decomposition
occurs in the HTS, with generation of refrigerant towards the LTS, that undergoes a synthesis reaction. In
the low pressure phase, the HTS and LTS reactors are subjected to the temperature constraints Tm and Tl,
respectively, and both are under the pressure (Pl). The direction of the equilibrium drop is inverted, and thus,
the LTS generates refrigerant towards the HTS. Because the decomposition reaction is endothermic, the cold
effect can be obtained at the equilibrium temperature of the LTS at Pl.
The equilibrium drop is the driving force for the chemical reaction, and thus, influences the reaction rate and
the specific thermal power of the system. Although higher equilibrium drop results in higher specific power,
it may also resulting lower coefficient of performance (COP), due to the larger demand of energy (Stitou,
1997). Thus, the choice of the operation conditions and hence, the equilibrium drop should be such that
neither the specific cooling nor the COP would be severely compromised.
Previous works studied only one type of pair of low- and high-temperature salts, and used BaCl2 (Goetz,
1997; Vasiliev, 2004) or NH4Cl(Oliveira, 2008a) or NaBr (Oliveira, 2008b; Oliveira, 2008b) as LTS, and
MnCl2 (Lepinasse, 2001; Vasiliev, 2004; Oliveira, 2008a; Oliveira, 2008b) or NiCl2 (Goetz, 1997; Vasiliev,
2004) as HTS. In this work, three bench-scale resorption system prototypes using three different pair were
studied, to allow a fair comparison among them. The HTS for all the systems was MnCl2, and the LTS was
BaCl2, NH4Cl or NaBr.
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Figure 1: Two main phases of a single-effect resorption system
We measured by a gravimetric method the mass of ammonia that was transferred between the reactors of
each system, and under different working conditions, to identify how the equilibrium drop ( Tequ) affected
the reaction conversion during specified periods. Such a type of information may help the choice of the
suitable working pair, and working conditions that may lead to the minimization of the reaction time and the
maximization of the coefficient of performance.
MATERIALS AND EXPERIMENTAL PROCEDURES, AND ANALYSIS METHOD
Experimental set-up.
The bench-scale resorption prototypes consisted of two cylindrical reactors, as can be seen schematically in
Figure. 2. The reactors were connected by a pipe, in which was installed a piezoelectric pressure sensor,
whose uncertainty ±2.5kPa. The pressure of the system was monitored during the whole cycle, and the value
of the pressure Psys was used to obtain the equilibrium temperature of each salt.

Figure 2: Schematic illustration of an experimental test rig.
(1, HTS reactor; 2, LTS reactor; 3, temperature sensors; 4, valves; 5, pressure sensor)
Ammonia was used as refrigerant in the systems studied, and the reaction that occurred, depending on the
salt placed inside the reactor, were:
MnCl 2 ⋅ 2NH 3 + 4NH 3 ↔ MnCl 2 ⋅ 6NH 3 + 4 ΔH MnCl 2
[1]
NaBr + 5.25NH 3 ↔ NaBr ⋅ 5.25NH 3 + 5.25 ΔH NaBr

[2]

BaCl 2 + 8NH 3 ↔ BaCl 2 ⋅ 8NH 3 + 8ΔH BaCl 2

[3]

NH 4 Cl + 3NH 3 ↔ NH 4 Cl ⋅ 3NH 3 + 3ΔH NH4Cl

[4]

The salts were impregnated in expanded graphite and compressed to form blocks, as previously described
(Oliveira, 2007b). The expanded graphite (EG) was used to enhance the mass transfer (Mazet, 1991;Lu,
1996; Oliveira, 2007a), the heat transfer (Lu, 1996; Han, 2000), and also to avoid agglomeration of the salt

(Oliveira, 2007a). Table 1 shows some properties of these sorbent blocks. The mass ratio of salts and EG
was 13/7, and all the reactors had an external; diameter of 60 mm.

MnCl2
BaCl2
NaBr
NH4Cl

Table 1. Characteristic of Reactive Materials
Mass of salt (g) Density (kg/m3) Height of reactor(mm)
55.5
306
147
45.9
303
124
34.6
299
96
31.5
299
88

The reactors were disconnected from the system before and after each phase of the experiments, and their
masses weighted with an electric balance. The uncertainty in the weighting was ±0.01g. Two
thermo-resistances Pt1000 were installed at two different radial positions of the sorbent block. One of the
sensors was placed close to the gas channel in the center of the reactor, whereas the other one was near the
reactor wall. The uncertainty in the temperature measurement was ±0.5oC. The block temperature (Tblock)
was assumed as the weighted mean of the temperature near the gas channel (TGC) and that near the wall
(TW). The temperatures and the pressure of the system were recorded with a data-logger, every 10 seconds.
Experimental procedures.
The reaction period was set to 30 minutes in the HPP, and 50 minutes in the LPP. The HPP and LPP were
studied in 6 and 4 different operation conditions, respectively, and which are shown in Table 2. The
temperature constrains imposed on reactors at the conditions presented in Table 2 were obtained with
thermostatic baths. The mass of the reactors was measured with an electronic balance before and after each
phase of the cycle, in a certain operation condition, and thus, the mass of ammonia exchanged between the
reactors was accessed from the difference between the two measurements. The initial mass fraction of
refrigerant in the reactors undergoing synthesis was always 0.00±0.01 g/g, whereas in the reactors
undergoing decomposition, it was close to the maximum values, according to the stoichiometric coefficients
presented in Eqs. 1 to 4.

HPP

Exp.
HPP01
HPP02
HPP03
HPP04
HPP05
HPP06

Table 2. Operation Conditions (Heat Source and Heat Sink)
Th(oC)
Tm(oC)
Exp.
Tm(oC)
145
30
LPP01
30
155
30
LPP02
30
LPP
165
30
LPP03
35
145
35
LPP04
35a, 30b
155
35
165
35

Tl(oC)
0
-5a, 5b
0
-5a, 10b

a

MnCl2/NaBr and MnCl2/NH4Cl; bMnCl2/BaCl2

Each experimental condition was repeated until the difference between the mass of ammonia exchanged
between the reactors in two consecutive experiments was smaller than 0.03g per gram of LTS. The results
presented in this work were the mean value between two successive experiments at the same temperature
condition.
Analysis method.
The relative mass of refrigerant exchanged between the reactors (mc) was expressed as gram of ammonia per
gram of LTS (g/g), and the maximum mass of refrigerant that could be transferred in each system was
(30±0.03)g. Thus, the degree of reaction conversion (x) was described as:

x=

mc
30
m c ,max =
m c ,max where
m LTS

where mLTS is the mass of LTS in the composite block.
The equilibrium drop was expressed as:
ΔTequ = Tblock − Tequ ( Psys )

[5]

where Tblock and Psys were the values obtained experimentally, as described in the experimental set-up
sub-section. Tequ and Psys were correlated by a modified form of the Clausius Clapeyron equation as
presented below.
Tequ =

ΔH
ΔS − R ⋅ ln( Psys )

[6]

The variables of Δ H and Δ S for the reaction (1) and (3) were reported by Touzain(1999), who collected
information published previously by other researchers. Δ H and Δ S of reactions (4) and (2) were presented
by Oliveira (2008; 2007). Because neither the pressure of the system nor the block temperature was constant
during each phase of the cycle, a new equilibrium drop was obtained every 10 seconds. The mean
equilibrium drop ( ΔT Equ ) for each salt was a simple average among the all the equilibrium drops acquired
during each phase studied.
RESULTS AND DISCUSSION
The equilibrium drop and operating conditions.
As can be seen in Figure 3, the equilibrium drop ( ΔTequ ) increased with the heat source temperatures, and
the increase was more pronounced below 155oC, in the systems with NH4Cl and NaBr. In the system with
the former salt, when the heat sink was 35 oC, each 1 oC increase in the temperature of the heat source caused
an increase of 0.3 oC in the equilibrium drop, whereas above 155oC, the increase in the equilibrium drop was
0.17oC/oC. At 30oC, when the heat sink was between 145 and 155oC, the equilibrium drop increased 0.27
o o
C/ C, but it dropped to 0.12 oC/oC when the heat source was between 155oC and 165oC. Furthermore, in the
systems with NH4Cl and NaBr, the increase of the equilibrium drop per degree of heat source temperature
was higher at 35 oC than at 30 oC. However, the system with BaCl2 had an opposite behavior, with larger
changes in the equilibrium drop per degree of heat source temperature when the heat source was above
155oC. With the heat sink at 35oC, the increase of the equilibrium drop per degree of heat source temperature
was 0.34 oC/oC between 145 and 155oC, but increased to 0.52 oC/oC between 155 and 165oC. The influence
of the heat sink in the equilibrium drop of the system with BaCl2 was also the opposite of that observed in
the systems with NH4Cl and NaBr, and the increase of the equilibrium drop per degree of heat source
temperature was higher at 30 oC than at35 oC.
Figure 4 shows that in the LPP, the difference among the ΔTequ of NaBr, BaCl2 and NH4Cl increased with
the heat source temperature, but decreased with the heat sink temperature. Moreover, the equilibrium drop
was practically insensitive to the temperature of cold production when the heat sink was 35 oC; however,
when the heat sink was at 30 oC, cold production at 0oC occurred with an equilibrium drop 19oC and 27%
higher than that at -5oC and 15oC and 15% higher, in the system using NH4Cl and NaBr, respectively.
The equilibrium drop and the conversion.
Figure 5 shows the variation of ΔTequ in each LTS sorbent with the time in the 50 min of LPP. For every
type of resorption system, during the short period at the beginning of LPP large pressure difference between
the HTS and LTS sorbents drove the quick reaction, thus, the temperature of sorbents deviated the
equilibrium state quickly, leading to a quick increase of ΔTequ . With the evolution of reaction, the pressure
difference decreased and the rate of reaction slowed down, plus the limitation of heat and mass transfer in
the sorbent block, there was a gradual decrease of ΔTequ after the quick increase. However, afterwards a
new peak of ΔTequ can be observed in NH4Cl system under each condition studied in this work and also in
the NaBr system that performed under the specific condition of 30oC/0oC during the 50 min LPP. Actually,
when the second peaks appeared the reaction almost finished since the temperature of the sorbents in the
aforementioned systems almost did not change anymore. That implies a second peak can be expected when
the reaction almost comes to the end, just the height of the peak depends. In Figure 6 it can be observed how
the conversion of the different LTS changed with the ΔTequ under the studied conditions. The degree of
conversion of the LTSs in HPP were more similar to each other than in LPP. In the latter phase, the highest

and the lowest degree of conversions were obtained in the system with NH4Cl and BaCl, respectively,
although the equilibrium drop in the former system was smaller than that of the latter system.
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Figure 6. The degree of conversions vs. ΔTequ
of LTS coupled to MnCl2 as HTS.

The conversion in the HPP was always higher than that in the LPP, regardeless the LTS in the system, even
though the ΔTequ and the reaction time were both all smaller in the former phase. During the HPP, the
degree of conversion of the reactions in the systems with NH4Cl, NaBr and BaCl2 increased, respectively,
0.051, 0.081 and 0.049 g/g per 1oC of increase in the ΔTequ , and the synthesis reaction with the NH4Cl
ammoniate and NaBr ammoniate reached complete conversion when ΔTequ was only around 5 oC. In the
LPP, the degree of conversion of the reaction in the system with NH4Cl was insensitive to the equilibrium
drop in the range studied, and reached 88 % of the maximum possible conversion. In the systems with
NaBr and BaCl2, the degree of conversion in the LPP was also smaller than those of the HPP, and it
increased, respectively, 0.025 and 0.041g/g per oC of equilibrium drop.
The pressure in LPP was always below 0.8 bar, whereas in the HPP, it was at least 5 bars, and which was
high enough to avoid any mass transfer limitation (Han, 2000). Hence, the low conversions obtained in the
LPP can partly due to the depletion of the mass transfer, and in this phase, the driving force, which is
related to the equilibrium drop, must be far higher than that of the HPP, if one intends to achieve similar
conversion in both phases. The above results indicated that for the operating conditions studied, the critical
conditions of temperature and pressure were those of the LPP.
In the preliminary design of a resorption system aimed to achieve a certain cooling capacity and cold
production level, the type of information provided in Figures 3 to 6 may be used to identify the appropriate
type of salts and the preferable working conditions.

CONCLUSION

In the high pressure phase, the conversion increased linearly with the ΔTequ , and in the system with BaCl2,
it reached 100% when ΔTequ was 8oC. Regarding the low pressure phase, i.e. the cold production phase,
the reaction of the ammoniate of NH4Cl had the highest conversion among all the ammoniates studied,
when the equilibrium drop was the same, or even, when the equilibrium drop of the NH4Cl ammoniate was
smaller than the equilibrium drop of the other ammoniates. Moreover, the lowest conversion was obtained
with that system that used BaCl2.
Among the resorption systems tested, the one using NH4Cl was the most suitable for applications requiring
temperatures below 0oC. The system with NaBr would be the second option for cold production
temperature below 0oC, and the system with BaCl2 would not be feasible for cold production below this
level of temperature.
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ABSTRACT
The performance and the efficiency of a trigeneration system fueling with pure diesel and with raw jatropha
oil are investigated using the ECLIPSE software. The study is based on a diesel engine generating set. The
genset is used for electrical power generation only, acting as a single generation. The trigeneration system
consists of the genset, a waste heat recovery system and an absorption refrigerator. The genset is used to
generate electricity; the waste heat system is used to collect the waste heat from the cooling system and the
exhaust from the engine, to supply heating/hot water; and the absorption refrigerator is used to supply
cooling/refrigeration, which is driven by the waste heat from the engine instead of electricity. A comparison
of the thermal efficiencies and the CO2 emissions of trigeneration with single generation and cogeneration
(combined heat and power – CHP) are carried out. The results from the study show that the thermal
efficiency of trigeneration is higher than that of single generation; the CO2 emissions of trigeneration are
lower than that of single generation. The results also show the performance differences between the
trigeneration and single generation; and the differences between trigeneration and cogeneration.
KEY WORDS

diesel genset; trigeneration; jatropha oil

INTRODUCTION
The global warming and climate change has increased the concerns of the ways we consume/use fossil
energy in the world. As a result, the uses of renewable energies have become the ‘hot’ research topics in the
world. Actually, using renewable biofuel is not a new idea. For example, the diesel engine that Rudolph
Diesel designed ran with peanut oil to fuel one of his engines at the Paris Exposition in 1900 [Demirbas A,
2002]. Previous studies on different kinds of biofuels such as raw vegetable oil, biodiesel, which are able to
be applied to diesel engines [Demirbas A, 2002, Wang Y D, 2006, Roskilly A P, 2008]. However, these fuels
are derived from edible oil, which means that there is direct competition for these fuels to food supply.
Jartropha is a kind of plant native to Central America [Fairless D, 2007] and has become naturalized in many
tropical and subtropical areas, including India, Southeast Asia, South of China, Africa and North America.
Jatropha oil is not eatable. Jatropha is resistant to drought and pests and can be planted in the deserted areas,
and produces seeds containing up to 40% oil. Jatropha oil is now used to produce biodiesel in some countries.
Trigeneration is an energy system based on the engine genset or thermal power plant, using the waste heat to
supply heating and to drive absorption refrigeration machine to supply cooling/refrigeration. Previous studies
have shown that the system is able to generate three useful energy forms with only one energy/fuel input
[Wang Y D et al, 2006, Wang Y D et al, 2007, Temir G, 2004, Calva E T et al, 2005, Ziher D, 2006].
The objective of the study is to investigate the effect and the performance of the application of raw jatropha
oil to a diesel genset based trigeneration system, comparing with the system that is fuelled with diesel, using
a computational simulation model in the ECLIPSE software.

THE DESCRIPTION OF THE SYSTEM TESTED AND THE SIMULATION SOFTWARE
The proposed trigeneration system
The trigeneration system contains three main units: the diesel engine genset (Volvo, 240 kW electrical power
output), which is the basic primary mover of the system; a heat recover and storage system; and an absorption
refrigeration/cooling system, as seen in Figure 1 (a). The system is operated in the way of following: the
engine genset is run with diesel/raw-jatropha oil; a heating system, with the heat recovered from the engine
cooling system and the exhaust gases, is used to recover and store the waste heat and supply hot water/central
heating for the building; an ammonia absorption system, which is run by a part of the waste heat from the
engine exhaust, is used to supply the cooling for the building when necessary.
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Fig 1 The Schematic Diagram of the proposed trigeneration system
The properties of the fuels tested
The fuels tested are diesel and raw jatropha oil. The properties of the fuels are listed in Table 1 [Fuel Oil
Bunker Analysis and Advisory Services, 2006].
The simulation software – a brief introduction of ECLIPSE
A computational simulation software called ECLIPSE is used to simulate the working process of the
proposed trigeneration system to provide a consistent basis for evaluation and comparison [Williams B C,
1994, 1996]. ECLIPSE was developed for the European Commission and has been used by the Northern

Ireland Centre for Energy Research and Technology at the Table 1 Jatropha oil and diesel properties
Diesel Jatropha Oil
University of Ulster since 1986 [The University of
o
Viscosity
at
40
C
(cSt)
3.238
34.48
Ulster]. ECLIPSE was successfully used for many
3
Density
at
15°C
(kg/m
)
871.7
917.7
European and international projects to implement technoFlash Point (oC)
86
240
economic analysis of power systems. ECLIPSE uses
Cetane
Number
>
40
51-58.4
generic chemical engineering equations and formulae and
C %(m/m)
85.40
77.01
includes a high-accuracy steam–water thermodynamics
H
%(m/m)
11.68
12.01
package for steam cycle analysis. It has its own chemical
O %(m/m)
0.25
10.98
industry capital costing program covering over 100
N %(m/m)
0.15
0.00
equipment types. The chemical compound properties
S %(m/m)
0.025
<0.0044
database and the plant cost database can both be modified
Gross heating value (MJ/kg) 42.893
38.960
to allow new or conceptual processes to be evaluated. A
techno-economic assessment study is carried out in stages; initially a process flow diagram is prepared,
technical design data can then be added and a mass and energy balance completed.
SIMULATION RESULTS AND DISCUSSION
The design conditions of the system
The simulations are based on the experimental results of a diesel engine genset (Volvo TAD1240GE, 240 kW
electrical power output) in laboratory, run by diesel and raw vegetable oil. The engine test cycles are selected
according to the British Standard (EN ISO 8178 4, Reciprocating internal combustion engines, Test cycles for
different engine applications), i.e., 10%, 25%, 50%, 75% and 100% of the engine load. The specifications of
the Volvo engine gives exhaust gasses temperature of 494ºC, and energy rejected to the environment from
engine’s cooling system 130 kW (at full load). It was also know from an experimental test of the engine that
the diesel fuel consumption (fuel flow rate) of the genset at full engine load (240 kW electricity output) was
0.0136kg/s. The cooling capacity of the Absorption-Refrigeration system was known as well and it’s been
design to be 13 kW with the refrigeration temperature – 5ºC. The flow diagram of the proposed trigeneration
system in ECLIPSE is shown in Fig 1 (b).
Results and discussion
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Fig 2 Comparison of Efficiencies Using Diesel/Jatropha Oil

Table 2 Comparison of Efficiencies Using Diesel/Jatropha Oil
Engine Load (%)
Jatropha Oil
The efficiency differences between CHP and SG (%)
The efficiency differences between TG and SG (%)
Diesel
The efficiency differences between CHP and SG (%)
The efficiency differences between TG and SG (%)

10

25

50

75

100

633.8
633.8

190.0
198.9

126.8
122.0

112.6
109.2

107.3
104.5

382.6
382.6

165.8
156.3

120.0
115.8

109.1
106.1

105.5
103.0

Figure 3 and Table 3 shows the comparisons of the specific fuel consumption (SFC) of the systems of SG,
CHP and TG run with diesel and jatropha oil. The SFCs of SG are all higher than that of CHP and TG, this
trends are related to the lower thermal efficiencies of SG. The SFCs of the systems fuelled with jatropha oil
were all higher than that of fuelled by diesel fuels for the three systems studied, respectively. The reason is
also because of the lower calorific value of jatropha oil.
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Table 3 Comparison of Specific Fuel Consumptions (SFC) Using Diesel/Jatropha Oil
Engine Load (%)
Jatropha Oil
The SFC differences of CHP compared to that of SG (%)
The SFC differences of TG compared to that of SG (%)
Diesel
The SFC differences of CHP compared to that of SG (%)
The SFC differences of TG compared to that of SG (%)

10

25

50

75

100

633.8
633.8

190.0
198.9

126.8
122.0

112.6
109.2

107.3
104.5

382.6
382.6

165.8
156.3

120.0
115.8

109.1
106.1

105.5
103.0

Figure 4 and Table 4 shows the comparisons of the CO2 emissions of the systems of SG, CHP and TG run
with diesel and jatropha oil. From the figure and the table, it can be seen that the CO2 emissions (in kg/kWh
output) from SG are more than doubled compared to that from CHP and TG. For example, the CO2 emissions
at the full load (100% load) are 107.3% higher than that of CHP system; 104.5% higher than that of TG. For
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Fig 4 Comparisons of CO2 Emissions for Different Generations Using Jatropha Oil & Diesel
Table 4 Comparison of CO2 Emissions (kg/kWh useful energy output) Using Diesel/Jatropha Oil
Engine Load (%)
Jatropha Oil
The CO2 savings of CHP compared to that of SG (%)
The CO2 savings of TG compared to that of SG (%)
Diesel
The CO2 savings of CHP compared to that of SG (%)
The CO2 savings of TG compared to that of SG (%)

10

25

50

75

100

633.8
631.9

190.0
198.9

126.8
122.0

112.6
109.2

107.3
104.5

382.9
379.7

166.0
156.3

119.8
115.7

109.2
106.0

105.3
103.0

the comparisons of the same systems, respectively, the CO2 emissions fuelled with jatropha oil are higher
than that fuelled with diesel, due to the higher fuel consumptions. Considering that jatropha oil is from
renewable resources, the CO2 emissions from burning it can be treated as ‘net zero carbon emission’; the
systems using jatropha oil will be more environmental friendly.
Figure 5 and Table 5 shows the comparisons of the heat recovered from the systems of CHP and TG run with
diesel and jatropha oil. From the figure and table, it can be seen that the waste heat recovered from the
CHP/TG when fuelled with jatropha oil are lower than that fuelled with diesel, which are around 10% less.
For the TG system compared with CHP system, the waste heats collected from TG are less than that from
CHP, when fuelled with both diesel and jatropha oil. The reason for this trend is due to some part of the waste
heat from the engine in the TG system is used for driving the absorption refrigeration unit, which results in
less heat being recovered.
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Fig 5 Comparison of total heat recovery from CHP/Trigeneration fuelled with diesel & jatropha oil
Table 5 A Comparison of Total Waste Heat Recovered from Engine's Cooling system & Exhaust (kW)
Engine Load (%)
Jatropha Oil
Diesel
Differences between different fuels (%)
Jatropha Oil
Diesel
Differences between different fuels (%)

CHP
CHP
TG
TG

10
54
59
8.47
54
59
8.47

25
81
89
8.99
74
82
9.76

50
126
140
10.00
120
134
10.45

75
176
196
10.20
170
190
10.53

100
227
254
10.63
221
248
10.89

CONCLUSIONS
From the above simulation results and discussions, conclusions can be drawn as following:
• It is feasible to use jatropha oil as the fuel to run a diesel engine genset based TG and CHP
• The efficiencies of the SG, TG and CHP run by jatropha oil are a little lower but comparable to that
run by diesel, respectively
• The efficiencies of TG and CHP are all higher than that of SG
• The SFCs of TG and CHP are all lower than that of SG

•
•
•

•
•

The SFCs of the three systems fuelled with jatropha oil were all higher that that of fuelled by diesel
fuels for the three systems studied, respectively, due to the lower heating value of the jatropha oil
The CO2 emissions (in kg/kWh output) from TG and CHP are less than half of that from SG
The CO2 emissions fuelled with jatropha oil are a little higher than that fuelled with diesel, due to the
higher fuel consumptions. As jatropha oil is a kind of renewable fuel, the CO2 emissions from
burning it can be treated as ‘net zero carbon emission’. Then the systems using jatropha oil will be
treated as zero carbon emission
The waste heats recovered from TG and CHP fuelled with jatropha oil are lower than that fuelled
with diesel, which are around 10% less
For the TG system compared with CHP system, the waste heats collected from TG are less than that
from CHP, when fuelled with both diesel and jatropha oil. This is because some part of the waste
heat from the engine in trigeneration is used for driving the absorption refrigeration unit, which
results in less heat being recovered.
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Abstract
Several investigations have pointed the operation behavior of passive thermal control devices such as
loop heat pipes (LHPs) and pulsating heat pipes (PHPs) in the past, which have cleared many points
related to their design. However, an interesting aspect related to passive thermal control devices that
operates by means of capillary forces to pump the working fluid have gained attention during the last
years, which is in regard to the use of nanofluids on such devices. Nanofluids are known as regular fluids
with addition of solid nanoparticles with sizes (diameter) below 40 nm, which are used to enhance the
working fluid’s thermal performance by enhancing its thermal conductivity. Previous works have
demonstrated that the liquid’s thermal conductivity can be enhanced by 20% if nanoparticles are added on
a concentration of 5% by mass. PHPs operate by the dynamics of slug/plug formation removing heat from
a high temperature source and dissipating in a low temperature sink and are highly influenced by the
bubble critical diameter related to a specific working fluid. Thus, an experimental open loop PHP
(OLPHP) was tested with water-copper nanofluid, with an addition of 5% by mass of copper
nanoparticles. Improvements on the overall device’s operation have been observed when using the
nanofluid with lower temperatures, as well as a direct influence on the thermal resistances throughout the
PHP. Further analysis has shown that the addition of solid nanoparticle on the working fluid has directly
contributed for the improvement of the OLPHP thermal performance.
Introduction
Nanofluid application is a recent area of investigation with promising results for thermal control systems.
Basically, nanofluids are working fluids that have just started been applied in thermal system devices,
using nanoparticles of solid materials used to improve the fluids’ thermal conductivity. By adding 5% of
the working fluid’s mass with nanoparticles, the liquid thermal conductivity can be increased by up to
20% (Koo and Kleinstreuer, 2004). Some researches have already presented important contributions
using nanofluids usually composed of water and copper nanoparticles with sizes around 25 nm (Koo and
Kleinstreuer, 2004; Chein and Huand, 2005), which all represent the recent advances on this new and
innovating technology. The investigations performed so far have pointed to the potential in using
nanofluids in several thermal control applications with great improvement on the heat transfer coefficient,
especially when liquid single-phase thermal control has been used. It is important, however, to mention
that investigations performed so far utilizes regular pumping devices to transport the nanofluid throughout
the loop (Park and Jung, 2007). However, very little is known about nanofluids application in devices
such as loop heat pipes (LHPs) that require the generation of capillary forces to drive the working fluid
(Riehl, 2007). In this last case, the capillary evaporator presents a porous wick structure with fine pores
and the interaction with the nanofluid needs to be better investigated.
Few works have been presented related to nanofluids application in LHPs so far, but show the potential of
this line of research in the future. Mishkinis et al. (2006) presented the analysis of a LHP operating with
gold nanoparticles, which did not show any major improvement. Riehl (2007) also presented an
investigation on nanofluids applied to LHPs, which showed that since nanoparticles are carried with the
working fluid, more flow restrictions are imposed to the device, also resulting on a higher pressure drop
across the wick structure.
As Pulsating Heat Pipes (PHPs) operate by means of slug/plug dynamics, the presence of solid
nanoparticles can be a plus in such systems. This is true when verifying that the vapor slug is generated
by the working fluid evaporation and thus the presence of a nucleation site is necessary. In this case, the
solid nanoparticles can work as nucleation sites upon improving the thermal conductivity of the working

fluid (Yu and Choi, 2003). Focusing on this important application, this paper is intended to present
experimental tests of a PHP configured as an open loop, using water as the working fluid and its related
nanofluid with copper nanoparticles. A comparison between the operations of this PHP is presented and
discussed, showing the benefits upon using nanofluids in this application.
Water-copper nanofluid
The nanofluid is composed of a pure substance, like water, with solid nanoparticles usually mixed with
mass fractions from 1 to 5 %. The nanoparticles are materials with size below 100 nm in diameter and
should be as pure as possible to avoid any kind of chemical reaction of the substance that has been mixed.
Investigations have already presented the increase on the liquid thermal conductivity of the nanofluid
when compared with the pure substance by as much as 20% (depending on the nanoparticle material)
when a mass fraction of up to 5% of nanoparticle was added (Xuan and Li, 2000; Xie et al., 2002; Koo
and Kleinstreuer, 2004).
The selection of a water-copper nanofluid was performed based on the PHP material, which was selected
to be copper as presented in the next session. Since compatibility is very important between the PHP
material and working fluid, the combination of water and copper is well known to be possible for longterm use. The solubility of the water and the copper nanoparticles presented to be the most important
parameter to be considered at this time. Several tests were performed to verify the water-copper
nanoparticles solubility and the possibility of presenting sedimentation of the solid particles after some
time. Thus, several samples were tested since the simple addition of the nanoparticles in water until
several hours of mixing then using the ultrasonic bath. From the tests it was noted that simple addition
would present particle sedimentation after a few minutes. This is not the ideal condition to have the
nanofluid since it should present a homogeneous solution. The condition to have this homogeneous
solution was verified for the nanofluid mixed in ultrasonic. After this procedure, no particle sedimentation
was verified showing a homogeneous solution for the nanofluid. In this condition, a solid-like nanolayer
is formed which acts as a connection between the solid nanoparticles and the bulk liquid. This condition
was also observed by Yu and Choi (2003) and proved to positively influence the characteristics of the
nanofluid, especially when related to the improvement of the liquid thermal conductivity.
For the present investigation, a working fluid inventory of 6 grams of deionized water was used with 5%
per mass of copper nanoparticles (purity of 99.8%) with diameter of 29 nm. The copper nanoparticles
were mixed with deionized water during 1.5 hours in an ultrasonic bath, presenting a homogeneous
solution and no sedimentation, which was then charged to the PHP.
Open loop pulsating heat pipe
A PHP configured as an open loop was then tested using deionized water and its related nanofluid with
copper nanoparticles, at a mass fraction of 5%. Figure 6 presents the experimental setup, which was made
of copper tubing with 1.5 mm ID and 4 m of total length, with a total of 13 parallel channels as presented
on Fig. 1. Twenty type-T thermocouples were used to monitor the temperatures throughout the PHP and a
kapton skin heater (280 mm X 25 mm, 11.5 Ohms) was attached to them to deliver the desired heat load.
Prior to charging the PHP with the nanofluid, the device was evacuated and presented a vacuum level of
10-5 mbar for at least 24 hours. Such a procedure was necessary to ensure no influence of noncondensable gases in the PHP during its operation. The PHP was charged using a filling ratio of 50% of
water and its related nanofluid and was tested on three orientations: horizontal, evaporator above the
condenser and evaporator below the condenser.
Experimental results and discussion
The PHP was operated without pre-conditioning procedures. Prior to start the skin heater placed on the
evaporation section, the fan on the condensation section was turned on and kept this way until the end of
the test. The test rig was placed on a controlled temperature environment, being kept between 18 and 20
o
C.

Figure 1 - Experimental setup for the open loop PHP.
Figure 2 presents a comparison between the experimental tests with the PHP operating with pure
deionized water and the nanofluid at horizontal orientation. It is important to observe that with the pure
water, the PHP did not present the pulsations that are characteristics of this device, even though it was
fully operational. However, with the addition of solid copper nanoparticles, the pulsations started
appearing at 40 W and became more evident at 50 W with amplitudes around 5 °C on the evaporation
section, 22 °C on the adiabatic section and 23 °C on the condensation section. It could also be observed
that the mean evaporation section temperature when using the nanofluid stabilized around 90 °C for 50 W
while for the same operation condition when using pure water was around 118 °C. In general, the
evaporation temperatures when using the nanofluid were lower than when using deionized water.
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Figure 2 - Experimental results for the PHP at horizontal orientation: (a) pure water and, (b) watercopper nanofluid.
This direct comparison can show a gain on the thermal performance when using the nanofluid if the main
objective is reducing the evaporation section temperatures. The same behavior could be observed when
operating the PHP with the evaporator above the condenser (Fig. 3) and with the evaporator below the
condenser (Fig. 4).
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Figure 3 - Experimental results for the PHP with evaporator above the condenser: (a) pure water and,
(b) water-copper nanofluid.
From all experimental tests, the same behavior could be observed, as the PHP presented mean
evaporation temperatures below than its related test with pure water. Many factors could be related to this
improvement on the device’s thermal control. One is the fact that the nanoparticles added to the water are
acting as nucleation sites, intensifying the bubble generation and displacement which is a characteristics
of PHPs. Since the slugs/plugs formation is more dynamic, more liquid is believed to be pumped and thus
contributing to keep the evaporation section temperatures below the levels observed when operating with
pure water.
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Figure 4 - Experimental results for the PHP with evaporator below the condenser: (a) pure water and,
(b) water-copper nanofluid.
Upon verifying the thermal resistances between evaporation and condensation sessions (TR=Q/[Tevap –
Tcond], in W/oC and uncertainties below 8%), one interesting fact happens as presented by Fig. 5. It can be
observed that the thermal resistances for the PHP operating with the nanofluid are greater than those for
pure water operation, despite the fact that lower temperatures are observed when using the nanofluid. This
happens because more nucleation sites are presented when solid copper nanoparticles are present in the
fluid and thus the dynamics of bubble generation is more intense. This effect can be observed from the
experimental data as more intensive pulsations are verified when the PHP operates with the nanofluid. As
vapor presents lower thermal conductivity when compared to liquid and more vapor is present when using
the nanofluid, higher thermal resistances are verified when operating the PHP with the water-copper

nanofluid. In this specific case, higher thermal resistances should be verified in order to have better
performance of the PHP as far as intensive pulsations and lower temperatures are a concern.
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Figure 5 - Thermal resistances during PHP operation.
Conclusion
This paper presented an investigation on the potential of using nanofluids in an open loop PHP for passive
thermal control. In the case of the PHP, the application of nanofluids seems to effectively contribute to
improve the device’s thermal performance, resulting in lower temperatures on the evaporation section.
In such a way, it is suggested that nanofluids could be used when the liquid inventory in the device does
not change with the heat loads, as this is a specific case for heat pipes. When using a nanofluid in an open
loop PHP, improvements on its thermal performance could be observed as far as the evaporation section
temperatures were a concern. Lower temperatures were verified when the PHP was operating with watercopper nanofluid, as well as the pulsations were better visualized. Greater amplitudes on the pulsations
could be observed with the nanofluid, which could be related to the fact that the nanoparticles are
working as nucleation sites, enhancing the plug/slug dynamics.
The presence of solid nanoparticles in the working fluid contributes to increase the nucleation sites
necessary for bubble formation. Since more bubbles are generated, more intense pulsations are observed
during the PHP operation, which results in more presence of vapor in the channels. Thus, higher thermal
resistances are observed when compared to the PHP operation with pure water, despite the improvement
on the overall thermal performance observed. Even though the nanofluid presents an enhancement on the
PHP thermal performance, further investigations are still required to better understand the nanofluid
influence to the overall operation characteristics of this device.
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ABSTRACT
An invention for thermo-chemical energy storage and conversion from the 19th century has been considered
for use at present time. The vapor depression related to the vapour-liquid or vapour-solid equilibrium of
solutions, sorbents, or monovariant chemical reactions is utilized to operate an expansion machine. Moreover,
the process can be used for cooling or heat pumping. The energy which drives the process can be low-grade
heat. The flexibility in operation is pointed out, and the outline of an experimental setup to investigate the
process behavior is described. Integral energy balances allow the approximate calculation of mechanical
energy density and efficiency, which show interesting values of 𝜌𝑚𝑒𝑐 ℎ = 1,4 − 17,5 𝑊ℎ/𝑘𝑔 and 𝜂𝑚𝑒𝑐 ℎ =
0,04 − 0,10 in the case of use of near-ambient (120°C) temperature heat.
INTRODUCTION AND BASICS OF THE PROCESS
A thermo-chemical energy storage is unique, because it can be used for energy conversion also. It can be
charged either with input of heat or mechanical work. In the discharging phase the user is provided with heat,
refrigeration, or mechanical work at any desired moment and in any combination. This store could be a
central device within a modular energy supply, which is especially suited for the use of transient renewable
energy sources or waste heat.
The so called Honigmann-process is based on the vapour pressure depression of a concentrated solution or
adsorbed vapour in comparison to the pure working fluid. Built on this, the process was invented and filed for
patent in 1883 by Moritz Honigmann (1). In Berlin and Aachen so-called ‘fireless locomotives’ were
successfully used for public transport. With today’s challenges of energy supply in mind, a re-evaluation of
the process seems to be on time.

Figure 1a: Desorption with heat input
Figure 1b: Desorption with work input

Figure 2a: Honigmann – supply of electricity

Figure 2b: Production of cold

In Figures 1 and 2 the different process steps are shown in a simplified pressure-temperature diagram with
qualitatively depicted isosteres (Dühring or Van’t Hoff). The line at the left side is the vapour pressure line of
the pure working fluid. The dotted circle in each case represents an absorber or desorber. The solid circle
represents an evaporator or condenser. The production of cold can be accomplished in the way of classical
batch absorption cooling (Figure 2b): working fluid is evaporated at a low temperature. The vapor is absorbed
into the solution at the same vapor pressure, and the heat of absorption is released at an elevated temperature.
This means discharging the storage.
The discharging in Honigmanns power producing way is shown in Figure 2a: The concentrated solution
(originally sodium hydroxide) is allowed to exchange heat with the evaporator which contains, e.g., water. If
the water and the solution are at approximately the same temperature the vapour pressure will be different,
and work can be produced across this pressure difference in an expansion machine (Figure 2a). After doing
work the steam is absorbed into the solution. Heat of absorption is released, flows to the evaporator and
subsequently evaporates more water. Work is being produced from the storage with (ideally) no input or
output of heat.
During this process, the solution is diluted continuously and the vapour pressure depression decreases, so that
less work can be produced from a given absorbed mass. The solution then needs to be regenerated. This is the
process when the store is recharged. Technically this can be accomplished by applying heat and condensing
the produced steam by use of cooling water (Figure 1a). Other ways for regeneration are with the help of a
compressor and reversing the Honigmann process (Figure 1b), or maybe even through electrolysis.
The process can be realised with all known and unknown absorbents and adsorbents. To name a few, there
are water and sulphuric acid (H2SO4), lithium chloride (LiCl), lithium bromide (LiBr), calcium chloride
(CaCl2), zeolith, or silicagel, or ammonia (NH3) with water, ammoniates, activated charcoal, and so on.
Isshiki et al. (2) have built several vehicles with water/LiCl working with the Honigmann process. Apart from
this activity no other recent work on the process is known to the authors.
EXPERIMENTAL PLANT
An experimental plant according to the flow chart in Figure 3 will be erected at TU Berlin. The
absorber/desorber AD and the evaporator/condenser EC are separated. During the work producing process
the two tanks are thermally connected by a circulating heat transfer fluid. This setup differs from the
integrated heat exchanger design of the Honigmann machine in the 19th century. At that time the solution
vessel was connected to the water tank with heat exchanger tubes that were immersed into the solution. The
separation adds though several degrees of freedom for the experimental campaign and also permits to use the
same vessels for the regeneration period.

Figure 3: Flow chart of the Experimental Setup

During the work producing process heat 𝑄1𝐴𝑏𝑠 is transferred from the hot solution in absorber AD to the heat
transfer fluid. This fluid is pumped by pump P1 first to the heat exchanger WT2 and then to the evaporator
𝐸𝑣𝑎𝑝
EC where heat 𝑄2
is released. The fluid afterwards flows back to the absorber, passing heat exchanger
WT1. Valves V7 and V8 are closed. In evaporator EC steam is generated which flows through the expansion
machine T1 and does work. The steam then is directed into absorber AD, where it is absorbed by the solution
and more heat is released. Valves V3, V4 and V5 are closed.
With heat exchanger WT1 or WT2 additional heat can be added to the system or it can be rejected. This
probably is necessary to close the energy balance. It also permits to control the conditions in the vessels. In
addition, for, e.g., heat exchanger testing an adjustable throttle D1 can be used.
For the regeneration process only valves V4, V5, V7 and V8 are open. The heat transfer fluid is pumped in
two different circuits. Pump P1 pumps fluid to heat exchanger WT1. There it takes up heat and flows to
desorber AD. The hot fluid regenerates the solution (𝑄1𝐷𝑒𝑠 ). Vapour coming from the desorber flows to the
condenser EC. The condenser is cooled by a second heat transfer fluid circuit and heat 𝑄2𝐶𝑜𝑛𝑑 is released. It is
pumped by pump P2 and cooled at heat exchanger WT2.
In the case of liquid absorbents it is necessary to add storage tanks to the main heat exchangers and to
circulate the absorbent through the absorber/generator. For solid adsorbents a storage vessel would be
required for the evaporator/condenser only.
ENERGY BALANCES FOR THE MAIN COMPONENTS
In the following basic investigations on energy balances will be presented for the main components of the
system, this means for the absorber/desorber AD, the evaporator/condenser EC and the expansion machine
T1. For understanding of the main features a regeneration process with heat input and the Honigmann process
with work output have been combined to form a closed cycle process (Figure 4). Isobaric desorption at
𝑝𝐿𝑉 (𝑇 𝐶𝑜𝑛𝑑 ) and isothermal absorption are assumed. In addition, the condensate is preheated with 𝑄2𝐻𝑒𝑎𝑡
before starting the evaporation. The diluted solution is cooled isosterically before starting the desorption
(𝑄1𝐶𝑜𝑜𝑙 ). The work for liquid pumping is neglected. Taking into account these and other assumptions
described below, the sum of in- and outgoing heat and work into the closed system must be zero according to
the first law of thermodynamics.

Figure 4: Closed Cycle Process
According the first law of thermodynamics the change of the inner energy of the solution 𝑈𝐴𝐷 in component
AD equals the enthalpy flow 𝐻2 and heat flow 𝑄1 :
𝑑𝑈𝐴𝐷
[1]
= 𝐻2 + 𝑄1 .
𝑑𝑡

This includes the neglection of the kinetic and potential energy. In the following it is assumed, that the
amount of working fluid (absorbent) in the gas phase is pure working fluid, so that the inflow 𝑚2 equals the
𝑑𝑚 𝑊
change in working fluid content,
. With the additional assumption of an ideal liquid, and that the amount
𝑑𝑡

of vapour in component AD is negligible we get ℎ𝐴𝐷 ≜ 𝑢𝐴𝐷 and write:
𝑑 ℎ𝐴𝐷 ∗ 𝑚𝑊 + 𝑚𝐴
[2]
= ℎ2 ∗ 𝑚𝑊 + 𝑄1 .
𝑑𝑡
ℎ𝐴𝐷 is the specific enthalpy of the liquid solution. It is determined with the property data as ℎ𝐴𝐷 =
𝐿
ℎ𝐴𝐷
𝑝𝐿𝑉 (𝜉, 𝑇) , 𝑇 . For the calculations we assume the solution to be in equilibrium, in order to determine
the vapour pressure 𝑝𝐿𝑉 from temperature 𝑇 and mass fraction 𝜉 which, in turn give ℎ𝐴𝐷 . The mass of the
solution is sum of the mass of the pure absorbent 𝑚𝐴 and the mass of the working fluid 𝑚𝑊 . The total mass
increases or decreases with the incoming or outgoing mass flow 𝑚𝑊 . Both, 𝑚𝑊 and 𝑚𝑊 are dependent on
time. In case of absorption ℎ2 depends on the expansion process in the turbine. In the calculations below we
start the expansion with saturated vapour at pressure 𝑝𝐿𝑉 (𝑇𝐸𝑣𝑎𝑝 ) in the evaporator and assume isentropic
expansion. The pressure at the end of the expansion is the vapour pressure of the solution 𝑝𝐿𝑉 (𝜉, 𝑇 𝐴𝑏𝑠 ). The
expanded vapour will have a liquid and a gas component. The quality depends on the expansion process. In
case of desorption the enthalpy ℎ2 of the mass flow mW equals the enthalpy of the water vapour at the vapour
𝑉
pressure and temperature ℎ2𝐷𝑒𝑠 = ℎ𝐴𝐷
𝑝𝐿𝑉 (𝜉, 𝑇) , 𝑇 . During absorption the heat of absorption 𝑄1 = 𝑄1𝐴𝑏𝑠 is
released to the heat transfer fluid. For the regeneration process 𝑄1 = 𝑄1𝐷𝑒𝑠 is needed to regenerate the
solution and represents the driving energy of the process.
Applying the product and chain rule we get [3] for the isothermal absorption and [4] for the isobaric
desorption.
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The definition of the mass fraction 𝜉 = 𝑚𝑊 /(𝑚𝐴 + 𝑚𝑊 ) is solved for 𝑚𝑊 :
𝜉 𝑡 ∗ 𝑚𝐴
𝑚𝑊 𝑡 =
.
1−𝜉 𝑡
And the derivative with respect to time gives:
𝑑𝑚𝑊 (𝑡)
𝑚𝐴
𝑑𝜉
= 𝑚𝑊 𝑡 =
∗
.
2
𝑑𝑡
𝑑𝑡
1−𝜉 𝑡

[5]

[6]

We replace 𝑚𝑊 and 𝑚𝑊 in [3] and [4] with these expressions and integrate over time. Afterwards we can
apply the substitution rule and get an expression for the heat of absorption or desorption [7] that is dependent
on 𝜉 only and not on time. With the knowledge of the property data this can be solved by numerical
integration.
𝜉 𝑒𝑛𝑑

𝐴𝑏𝑠 /𝐷𝑒𝑠

𝑄1

=
𝜉 𝑠𝑡𝑎𝑟𝑡

𝜕ℎ𝐴𝐷
𝜕𝜉

T/p LV

∗ (1 − 𝜉) + (ℎ𝐴𝐷 − ℎ2 ) ∗

𝑚𝐴
1−𝜉

2

𝑑ξ .

[7]

After absorption the diluted solution in component AD is now at a higher temperature and pressure than it
should be at the beginning of the desorption. To obtain the original state, the solution has to be cooled with
the release of heat 𝑄1𝐶𝑜𝑜𝑙 at constant mass fraction and mass:
𝐷𝑒𝑠 ,𝑠𝑡𝑎𝑟𝑡
𝐴𝑏𝑠 ,𝑒𝑛𝑑
[8]
𝑄1𝐶𝑜𝑜𝑙 = ℎ𝐴𝐷
− ℎ𝐴𝐷
∗ 𝑚𝑊 + 𝑚𝐴 .

The energy balance for the evaporator/condenser EC is given by [9] and treated in the same way as for
component AD:
𝑑𝑈𝐸𝐶
[9]
−
= −𝐻1 +𝑄2 .
𝑑𝑡
𝐸𝐶
Comparable to equation [2], the inner energy 𝑈𝐸𝐶 is substituted by the enthalpy of the condensate ℎ𝐸𝐶 ∗ 𝑚𝑊
,
and the enthalpy flow 𝐻1 is replaced by ℎ1 ∗ 𝑚𝑊 . The enthalpy ℎ𝐸𝐶 of the pure working fluid is the enthalpy
𝐸𝑣𝑎𝑝
𝐿
of saturated liquid at the boiling temperature 𝑇 𝐿𝑉 . For the evaporation this is ℎ𝐸𝐶 = ℎ𝐸𝐶
𝑇𝐸𝑣𝑎𝑝 and for
𝐶𝑜𝑛𝑑
𝐿
the condensation ℎ𝐸𝐶
= ℎ𝐸𝐶
𝑇 𝐶𝑜𝑛𝑑 . In both cases temperature and pressure, and therefore also the
specific enthalpy, are taken as constant. ℎ1 is the specific enthalpy of the incoming or outgoing vapour flow.
𝐸𝑣𝑎𝑝
During evaporation it is ℎ1
= ℎ1𝑉 𝑇𝐸𝑣𝑎𝑝 . For the condensation it is the outgoing vapour of the desorber
AD with a higher temperature than the saturated vapor of the pure working fluid. Therefore it is ℎ1𝐶𝑜𝑛𝑑 =
𝑉
ℎ2𝐷𝑒𝑠 = ℎ𝐴𝐷
𝑝𝐿𝑉 𝜉, 𝑇 , 𝑇 . Finally we get:
𝜉 𝑒𝑛𝑑

𝐸𝑣𝑎𝑝 /𝐶𝑜𝑛𝑑

𝑄2

=

ℎ1 − ℎ𝐸𝐶 ∗
𝜉 𝑠𝑡𝑎𝑟𝑡

𝑚𝐴
1−𝜉

2

𝑑𝜉 .

[10]

After the condensation of the desorbed working fluid the condensate needs to be heated to the temperature of
evaporation:
𝐸𝑣𝑎𝑝
𝐶𝑜𝑛𝑑
𝐸𝐶
𝑄2𝐻𝑒𝑎𝑡 = ℎ𝐸𝐶 − ℎ𝐸𝐶
∗ 𝑚𝑊
.
[11]
Finally, for the expansion machine the power output is:
𝑊 = − ℎ1 − ℎ2 ∗ 𝑚𝑊 .
The produced work then equals:
𝜉𝑟

𝐸𝑣𝑎𝑝

𝑊=−

ℎ1
𝜉𝑎

− ℎ2𝐴𝑏𝑠

𝑚𝐴
1−𝜉

[12]

2

𝑑𝜉 .

[13]

RESULTS AND DISCUSSION
For a numerical example LiBr/H2O has been chosen as a working pair. A very small change in mass fraction
of 𝑑𝜉 = 0,01 was assumed to show the main characteristics of the process. The absorption and evaporation
take place at 𝑇 𝐿𝑉 = 120°𝐶 and the condensation and desorption at 𝑝𝐿𝑉 = 0,3 𝑏𝑎𝑟. The masses have been
chosen in such a way that 1 kg of water is expanded in the machine in one complete cycle. The calculations
have been carried out with one integration step only and the help of diagrams. The accuracy of the results
therefore is in the range of the reading accuracy. The results are listed in Table 1.
symbol
value [kJ]
𝐴𝑏𝑠
-2300
𝑄1
𝐸𝑣𝑎𝑝
2200
𝑄2
𝐶𝑜𝑜𝑙
-200
𝑄1
𝐷𝑒𝑠
2800
𝑄1
-2400
𝑄2𝐶𝑜𝑛𝑑
𝐻𝑒𝑎𝑡
200
𝑄2
-300
𝑊
Table 1: Results of the calculations
𝐸𝑣𝑎𝑝

The values for 𝑄1𝐴𝑏𝑠 and 𝑄2
show the characteristic of Honigmann. 𝑄1𝐴𝑏𝑠 is in the same range or even
𝐸𝑣𝑎𝑝
larger than 𝑄2 . This is the premise that the process can run independently during the work producing
period without additional heating from the outside. The surplus of 𝑄1𝐴𝑏𝑠 can be used to heat the working fluid
in EC (𝑄2𝐻𝑒𝑎𝑡 ).

With these results we can calculate the mechanical efficiency of the system. It is defined as the work output
divided by the heat input during the recharging process of the accumulator and the remaining heat for heating
up the water:
𝑊
𝜂𝑚𝑒𝑐 ℎ = 𝐼𝑛𝑝𝑢𝑡
[14]
𝐼𝑛𝑝𝑢𝑡

𝑄1𝐷𝑒𝑠

𝑄2𝐻𝑒𝑎𝑡

(𝑄1𝐴𝑏𝑠

𝐸𝑣𝑎𝑝
𝑄2
).

𝑄

with 𝑄
=
+
+
+
The mechanical efficiency for this example is 𝜂𝑚𝑒𝑐 ℎ =
300 𝑘𝐽 2900 𝑘𝐽 = 0,1. Heat losses to the ambient have been neglected. The work is calculated with the
assumption of isentropic expansion. The Carnot efficiency with 𝜂𝐶𝑎𝑟𝑛𝑜𝑡 = (393𝐾 − 342𝐾) 393𝐾 = 0,13 is
higher, because the cycle is not inherently reversible.
The mechanical energy density is defined as the work 𝑊 produced by the expansion machine during one
charging cycle normalized by the mass of the solution rich in working fluid 𝑚𝑟 :
𝑊
𝜌𝑚𝑒𝑐 ℎ =
.
[15]
𝑚𝑟
For the mechanical energy density we obtain 𝜌𝑚𝑒𝑐 ℎ = 300 𝑘𝐽 60 𝑘𝑔 = 1,4 𝑊ℎ/𝑘𝑔 . This number does not
take into account the weight of the heat exchangers, vessels and connecting pipes etc. For a similar example
with a larger change in mass fraction of 𝑑𝜉 = 0,3 (and a lower desorption temperature) we obtain 𝜌𝑚𝑒𝑐 ℎ =
130 𝑘𝐽 2 𝑘𝑔 = 18 𝑊ℎ/𝑘𝑔 , which is much higher.
The efficiency decreases though (𝜂𝑚𝑒𝑐 ℎ =
130 𝑘𝐽 3200 𝑘𝐽 = 0,04), since in the area of high dilution, the vapour pressure depression decreases and
less work can be produced from the same mass flow.
FINDINGS AND SUMMARY CONCLUSIONS
First integral energy balances for the main components of the Honigmann-Engine demonstrate the potential
of the process. Even if the process is operated with near ambient heat (120°C) the conversion efficiency will
amount to around 10%. The storage capacity will be comparable to conventional batteries, but the charging is
done by heat and not by electricity. The technology must be evaluated regarding the whole system since the
flexibility for the charging process and the different possibilities for the use of the energy are unique in this
combination. Moreover, the working pair can be chosen so as to optimize the process for a given application.
Experiment will be performed in the future.
NOMENCLATURE
symbol
𝑊, 𝑊
𝑄, 𝑄
𝑈
𝐻, ℎ
𝑇
𝑝𝐿𝑉
𝑡
𝑚, 𝑚
𝑚𝑟
𝑚𝑊
𝑚𝐴

meaning
work, power
heat, heat flow
inner energy
enthalpy, specific enthalpy
temperature
vapour pressure
time
mass, mass flow
mass of the solution rich in working fluid
mass of the working fluid
mass of the pure ab-/adsorbent

symbol meaning
mass fraction
𝜉
𝜉𝑟 , 𝜉𝑝 mass fraction of the rich/poor solution
𝜌𝑚𝑒𝑐 ℎ mechanical energy density
𝜂𝑚𝑒𝑐 ℎ mechanical efficiency
ab- or adsorber
𝐴𝑏𝑠
desorber
𝐷𝑒𝑠
condenser
𝐶𝑜𝑛𝑑
evaporator
𝐸𝑣𝑎𝑝
absorber/desorber
𝐴𝐷
evaporator/condenser
𝐸𝐶
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ABSTRACT
This paper presents the experimental study of the ammonia-water absorption system for transportation of
low-grade thermal energy over long distance. Basically the experimental data show good results. The thermal
COP for heating is over 0.5 which is suitable for domestic hot water supply and floor heating. The thermal
COP for cooling is over 0.4 which is proper for domestic air-conditioning and food preservation. The
ammonia-water absorption system is a potential prospective solution to utilize the waste heat which locates
far away.
INTRODUCTION
Energy conservation and environmental protection issues have gained more and more attention all over the
world. The research to make more efficient use of the waste heat from industry plants and power stations is
getting a fast growth. However, the waste heat sites and the user sites are usually located apart from each
other, for example, the nuclear power stations where a great deal of waste heat is produced accompanied with
the power generation process but the waste heat is located far from the users, usually more than 30km. The
absence of efficient ways to overcome the long-distance transportation problem leads to great difficulties to
use this great deal of waste heat. In order to transport low-grade waste heat energy for domestic cooling or
heating use, various technologies have been developed, including chemical reversible reactions[1], phase
change thermal energy storage and transportation by vehicles or pipelines[2-4], hydrogen absorbing alloys[5-8],
solid-gas chemical adsorption[9-10], liquid-gas absorption[11-13], and etc. In recent years, the adsorption and the
absorption have been got much attention, and the ammonia-water absorption technology is a potential
solution.
The experimental work on transportation of heat energy over long distance by ammonia-water absorption has
not been reported much. In this study, a small-size experimental prototype is built to investigate its
performance the feasibility of the heat transporting system.
1.

WORKING PRINCIPLE OF THE SYSTEM

Ammonia-water absorption process converts the thermal energy into the concentration difference of liquid
solutions which can be transported at ambient temperature, so no insulation is required for pipelines,
consequently the distance of transportation is theoretically unlimited. Figure 1 shows the schematic diagram
of the ammonia-water absorption long distance heat energy transportation system. The waste heat is injected
into the generator and the rich solution is separated into the ammonia vapor and the weak solution, and then
the ammonia vapor is condensed in the condenser. The weak solution and the ammonia liquid are transported
from the source site to the user site. At the user site the liquid ammonia evaporates in the evaporator to
produce cold, or the weak solution absorbs the ammonia vapor in the absorber to produce heat. The rich
solution formed in the absorber is then transported back to the generator. Thus there are three liquids which
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are transported, the ammonia liquid, the weak solution and the rich solution. The heat energy is stored into
the concentration difference of the solutions, and transported at ambient temperature.
Q
Q

Q

Q

Ammonia liquid

Evaporator

Long distance transportation at ambitent temperature
Rich solution
Weak solution
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H eat ex ch an g er
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Heat exchanger
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Q

Partial condenser
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Figure 1: Principle of transportation of low-grade heat energy over long distance by ammonia-water
absorption cycle
2.
2.1.

EXPERIMENTAL DESIGN AND RESULTS
Prototype design and setup

Figure 2 shows the outline of the experimental prototype. The main design parameters are listed in Table
1.The prototype is composed of nine main components, i.e. the generator, the rectifier, the partial condenser,
the main condenser, the evaporator, the absorber, the solution pump, the solution heat exchanger at the source
site and the other at the user site, and the long-distance transportation coils (30 m as a demonstration).
The generator is driven by an electric heater. The heat is transmitted to the inner side of the generator by
radiation, and then the solution is heated to be boiled. The rectifier is a packed column, in which the wiremesh packing is used. The equivalent plate number of the packing is 10-12/m. In the rectifier the height of the
packing is 0.9m. The partial condenser, the main condenser, the evaporator and the absorber are designed as
falling-film heat exchangers. The solution heat exchangers are designed as modified countercurrent coil
exchangers. The solution heat exchanger at the user site is integrated at the bottom of the rich solution tank.
The solution pump is a flow control membrane pump, and its flow rate can be adjusted from 10% to 100%
within the operating range. The three pipelines of 30m for the long-distance transportation are designed as
three coils. Their inner diameters are 5mm, and the velocity of the liquids varies from 1 to 3m/s according to
different operating conditions.
Table: 1 Main design parameters of the experimental prototype
Parameters
Symbol
Basic value
Unit
Heat source
QG
2.0
kW
Transportation distance
L
30
m
Pipe diameter of rich solution
Dr
0.05
m
Pipe diameter of rich solution
Dw
0.05
m
Pipe diameter of ammonia liquid
Da
0.05
m
2.2.

Experimental results

The experimental work includes two parts, one is to produce heating, and the other is to produce cooling. In
the condition of heating, the hot water is put into the absorber, and the cooling water is put into the partial
condenser, the main condenser and the evaporator, while in the condition of cooling, the chilled water is put
into the evaporator, and the cooling water is put into the partial condenser, the main condenser and the
absorber. The generating temperature is kept at about 950C.
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The thermal coefficient of performance is calculated as follows according to the experimental data.
.

m& A, w × c w × (T A,out − T A,in )
Q
(1)
TCOPh = A =
QG
QG
.

m& E , w × c w × (TE ,in − TE ,out )
Q
(2)
TCOPc = E =
QG
QG

& A, w and m& E , w mean the mass flow rate of the cooling water into the absorber and the chilled
In which, m
water into the evaporator, respectively. cw means the specific heat capacity of the water. T A,in and TA,out
mean the temperatures of the input and output cooling water of the absorber. TE ,in and TE ,out mean the
temperatures of the input and output chilled water of the evaporator.
Cooling water inlet of the main condenser
Cooling water out of the main condenser

Cooling water inlet of the partial condenser
Cooling water outlet of the partial condenser
Manometer

Cold water inlet of the evaporator
Cold water outlet of the evaporator
Falling film main condenser

Hot water inlet of the absorber
Hot water outlet of the absorber

Rich solution

Electrically driven generator
Ammonia
Weak solution
Weak solution

Heat exchanger at source site

Rich solution

Coils for long distance transportation

Weak solution

Falling film absorber

Packed column rectifier

Ammonia

Falling film evaporator

Manometer

Falling-film partial condenser

Rich solution tank
£ ïncluding the heat exchanger at user site£ ©

Flow control solution pump
Rich solution

Figure 2: Outline of the experimental prototype

`

Figure 3 shows the thermal COP for heating and cooling at different cooling water temperatures. It can been
seen from figure 3(a) that the thermal COP for heating is over 0.5 when the output hot water temperature is
not higher than 550C, and the corresponding input hot water temperature is about 500C, which is proper for
domestic hot water supply and floor heating. The experimental data are about 10% lower than the theoretical
analysis by the aforementioned model. This result can be predicted because the prototype is designed in small
size (the heating output is only about 1kW), and the performance is very sensitive to the heat loss of the
system. Figure 3(b) shows that the thermal COP for cooling is over 0.4 when the output chilled water
temperature is not lower than 50C, and the corresponding input cold water temperature is about 100C, which
is proper for domestic air-conditioning and food preservation. When the input chilled water temperature gets
low, the thermal COP gets down sharply. On one hand, it is due to the heat loss of the system, on the other
hand, the concentration of the solutions filled in the system (about 30-38% for the weak solution and 40-48%
for the rich solution, which are adjusted by the ammonia tank) are not suitable for relative low evaporator
temperatures.
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The electric COP is not considered because the efficiency of the solution pump for this small-size prototype is
too low, and it is very difficult to simulate the actual long-distance transportation application.
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(a) Experimental TCOP of heat transportation
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Figure 3: Experimental performance of the small-size prototype
3.

CONCLUSION

A small-size prototype for the heat energy transportation over long distance is built to verify the
thermodynamic feasibility. In the practical temperature range for domestic use (around 550C for heating and
around 80C for cooling), it shows good experimental results.
This work shows that the ammonia-water absorption system is suitable to transport heat or cold over long
distance. In this way, the power consumption of big cities for air-condition in summer, heating in winter and
hot water supply all through the year can be greatly reduced if the waste heat can be transported from the
waste heat sites, for example, nuclear power stations and big industry zones, which are located several tens of
kilometers away from the user sites.
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Abstract
Parabolic trough collectors (PTC) are a special kind of concentrators that can be used for low to medium
temperature applications. In solar concentrators the absorber/receiver area is much smaller than the
collector aperture which creates opportunities to apply novel, high-technology coatings in order to
improve the optical characteristics. The most important of such characteristics are the absorptance and the
emittance. The former must be as close to unity and the latter as close to zero, as possible. In this way the
overall performance of the system can be maximized, thus expanding the areas of applicability. To
maximize the energy collection, the absorber of a collector should have a coating that has high
absorptance for solar radiation (short wavelength) and a low emittance for re-radiation (long wavelength).
Such a surface is referred as selective surface. The absorptance of the collector surface for shortwave
solar radiation depends on the nature and colour of the coating and on the incident angle. In this paper
various methods used to produce selective coatings as well as the materials employed are reviewed.
1. Introduction
Concentrating solar power (CSP) systems use concentrating solar collectors to convert sunlight to thermal
electric power. The main component of a solar concentrating system is the absorber, which absorbs the
radiant energy from the sun and converts it into thermal energy. Currently three systems are available the
parabolic trough, the central receiver or tower system and the dish/Stirling system. Due to their maturity
arising from the fact that the biggest plants are working from many years gaining more than 200 years
equivalent life, the parabolic trough systems are the most preferred type of system. One way to reduce the
cost of parabolic trough solar power technology is to increase the operating temperature of the solar field
from the current maximum value of approximately 400°C to 500°C (or higher). To accomplish this, new
more efficient selective coatings are needed that have both high solar absorptance and low thermal
emittance at 500°C. Although the absorber coatings are usually used in evacuated environments, these
need to be stable in air in case the vacuum is lost.
Current coatings do not have the stability and performance desired when operating to higher
temperatures. Generally, efficient photo-thermal conversion solar absorber surfaces must have high solar
absorptance (α) and a low thermal emittance (ε) at the desired operational temperature. Spectrally
selective surfaces are characterized by a low reflectance (ρ ≈ 0) at wavelengths λ ≤ 3 μm and a high
reflectance (ρ ≈ 1) at λ ≥ 3 μm. This cutoff wavelength may be higher or lower as it is dependent on the
operating temperature. Solar absorber materials can be categorized as low temperature (T<100ºC), mid
temperature (100ºC<T<400ºC), and high temperature (T>400ºC). CSP systems operate at mid-to hightemperature ranges. For parabolic trough technology, the ideal spectrally selective surface should be lowcost and easy to manufacture, chemically and thermally stable in air at elevated temperatures (T ≥ 500ºC),
and have a solar absorptance ≥ 0.98 and a thermal emittance ≤ 0.05 at 500ºC (Kennedy, 2002).
2. Characterization of selective surfaces
All substances, solid bodies as well as liquids and gases above the absolute zero temperature, emit energy
in the form of electromagnetic waves. The radiation which is important to solar energy applications is that
emitted by the sun which lies within the ultraviolet, visible and infrared regions. Thus the radiation
wavelength which is important to solar energy application is between 0.15 and 3.0 μm.
In the attempt to develop improved spectrally selective materials it is important to have methods that
provide reliable characterization of their optical properties. Using standard spectrophotometers, solar

reflectance is usually measured in the 0.3-2.5 μm wavelength range at near-normal angle of incidence,
i.e., θ=0. This however leads to unrealistic predictions of high efficiencies at high temperatures because
the emittances are systematically underestimated (Seiffert et al., 1993).
It should be noted that the actual performance of a solar absorber operating at high temperatures may not
correspond to the calculated emittance because small errors in measured relectance (ρ) can lead to large
errors in small values of emittance (ε) (Brunotte et al., 1992). Additionally, for some materials the
measured emittance data at two different temperatures is different. Therefore, the emittance must be
measured at the expected operating temperature.
Generally, emittance is a property of the material, which depends on the surface condition of the material,
such as the surface roughness and the presence of surface films or oxide layers (Pettit, 1975). Coatings
typically reproduce to some degree the surface roughness of the substrate material. When developing a
solar selective coating, it is important to measure the emittance of each coating-substrate combination as
well as the uncoated substrate.
The key for high-temperature usage is low emittance, because the thermal radiative losses of the absorber
increase proportionally by the fourth power of temperature; therefore, it is important to measure the
emittance at the operating temperature and other associated conditions (Brunotte et al., 1992). Estimating
the emittance from spectral data taken at room temperature assumes that the spectral characteristics do not
change with increasing temperature, which is only valid if the material is invariant and does not undergo a
phase change (e.g. titanium containing materials), breakdown or undergo oxidation (e.g. paints and some
oxide coatings) at higher temperatures. Therefore, it is important before using high-temperature
emittance, estimated from room temperature data, that the estimated data are verified with hightemperature emittance measurements for each selective coating.
Selective coatings can degrade at high temperature because of thermal load (oxidation), high humidity or
water condensation on the absorber surface (hydratization and hydrolysis), atmospheric corrosion
(pollution), diffusion processes (interlayer substitution), chemical reactions, and poor interlayer adhesion
(Brunold et al., 2000). Additionally, another important requirement is the long term stability for absorber
coatings. At high temperatures, thermal emittance is the dominant source of losses, and the requirement
of low emittance often leads to complex designs that are frequently susceptible to degradation at the
working temperature.
Thermal stability is sometimes based on the thermal properties of the individual materials or the
processing temperature parameters, the actual durability data however, are rarely known for hightemperature absorber coatings. Durability or thermal stability is typically tested by heating the selective
coating, in a vacuum oven or in air, for a relatively short duration (100s). Degradation of hightemperature absorbers usually causes increase in emittance; therefore, emittance is a sensitive indicator to
monitor degradation in the normal case where emittance changes with exposure.
3. Description of the various types of absorbers
By suitable electrolytic or chemical treatments, surfaces can be produced with high values of solar
radiation absorptance (α) and low values of longwave emittance (ε). The parameter representing the
quality of coating is called selectivity defined as the absorptance/emittance ratio (α/ε). Essentially, typical
selective surfaces consist of a thin upper layer, which is highly absorbent to shortwave solar radiation but
relatively transparent to longwave thermal radiation, deposited on a surface that has a high reflectance
and a low emittance for longwave radiation. Selective surfaces are particularly important when the
collector surface temperature is much higher than the ambient air temperature. The cheapest absorber
coating is matt black paint however, this is not selective and the performance of a collector produced in
this way is low especially for operating temperatures more than 40°C above ambient.
An energy efficient solar collector should absorb incident solar radiation, convert it to thermal energy and
deliver the thermal energy to a heat transfer medium with minimum losses at each step. It is possible to
use several different design principles and physical mechanisms in order to create a selective solar

absorbing surface. Selective absorber surface coatings generally fall into six distinct categories (Kennedy,
2002) as shown schematically in Figure 1 and explained in some detail in the following sections:
a) Intrinsic or mass absorbers. These absorbers use a material having intrinsic properties that result in
the desired spectral selectivity.
b) Semiconductor-metal tandems. Semiconductor-metal tandems absorb short wavelength radiation
because of the semiconductor bandgap and have low thermal emittance as a result of the metal layer.
c) Multilayer absorbers, which use multiple reflections between layers to absorb light.
d) Metal-dielectric composite coatings. Metal-dielectric composites—called cermets—consist of fine
metal particles in a dielectric or ceramic host material.
e) Surface texturing. Textured surfaces can produce high solar absorptance by multiple reflections
among needle-like, dendritic, or porous microstructure.
f) Selectively solar-transmitting coatings on a blackbody-like absorber. These are typically used in lowtemperature applications.
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Figure 1 - Schematic diagrams of the various types of selective coatings and surface treatments
Today, commercial solar absorbers are made by electroplating, anodization, evaporation, sputtering and
by applying solar selective paint coatings. From the many types of selective coatings developed the most
widely used is the black chrome. Much of the progress during recent years is based on vacuum techniques
for the production of fin type absorbers used in flat plate collectors. The chemical and electrochemical
processes used for their commercialization were readily taken over from the metal finishing industry. The
requirements of solar absorbers used in high temperature applications however, namely extremely low
thermal emittance and high temperature stability, were difficult to fulfill with conventional wet processes.
Therefore, large-scale sputter deposition was developed in the late 70’s. The vacuum techniques are
nowadays mature, characterized by low cost and have the advantage of being less environmentally
polluting than the wet processes (Wackelgard, et al., 2001).
3.1 Intrinsic or mass absorbers
Intrinsic or mass absorbers, are materials in which selectivity is an intrinsic property of the material itself,
therefore, they are structurally more stable but optically less effective than multilayer stacks.
Unfortunately, no natural material exhibits intrinsically ideal solar-selective properties, but some
materials roughly approximate these properties. Therefore, research in intrinsic absorbers has not been
very productive but the intrinsic materials are finding increasing use as a component in high-temperature
absorber multilayers and composite coatings. Intrinsic solar-selective properties are found in transition
metals and semiconductors, but both need to be greatly modified to serve as intrinsic absorbers (Kennedy,
2002). Hafnium carbide (HfC) could be useful at elevated temperatures because of its high melting point
(Seraphin and Meinel, 1976). Hafnium carbide however, requires structural and/or compositional changes
in the lattice or an antireflective (AR) layer composed of a quarter wavelength of a dielectric material to
create the required properties. Usually single-layer AR coatings are used. Additionally, AR coatings can
also be made from very thin layers of two materials having properly matched indices of refraction.
3.2 Semiconductor-metal tandems
Semiconductors with bandgaps from about 0.5 eV (2.5 μm) to 1.26 eV (1.0 μm) absorb short-wavelength
radiation and with the core metal which provides low emittance give the desired spectral selelectivity to

semiconductor-metal tandems. Semiconductors of interest include PbS (0.4 eV), Ge (0.7 eV) and Si (1.1
eV) (Agnihotri and Gupta, 1981). Thin semiconductor films of high porosity or antireflection coatings are
needed in this design because the useful semiconductors have high refractive indices, resulting in large
detrimental reflectance losses. Silicon-based designs produced by chemical vapor deposition (CVD) are
known to be suitable for mid-to high-temperature applications (Seraphin, 1979).
3.3 Multilayer absorbers
Multilayer absorbers or multilayer interference stacks can be designed so that they become efficient
selective absorbers. The basic physics of the multilayer absorber is well understood, and computer
modeling can easily compute the optical properties given by an optimum multilayer design of candidate
materials (Anderson et al., 1980). With reference to Figure 1c, the desired effect occurs because the
multiple reflectance passes through the bottom dielectric layer (5) and is independent of the selectivity of
the dielectric. A thin semitransparent reflective layer (4), which is usually a metal, separates the two
quarter-wave dielectric layers (3 and 5). The bottom-reflecting layer (4) has high reflectance in the
infrared (IR) region and is slightly less reflective in the visible region. The second dielectric layer (3)
reduces the visible reflectance. An additional semitransparent metal layer (2), which is very thin, further
reduces the reflectance in the visible region. Finally, an additional top dielectric layer (1) increases the
absorption in the visible region and broadens the region of high absorption. Depending on the materials
used, multilayer interference stacks have high solar absorption, low thermal emittance and are stable at
elevated temperatures (≥ 400ºC). For high-temperature applications, several multilayer absorbers using
different metals (e.g., Mo, Ag, Cu, Ni) and dielectric layers (e.g., Al2O3, SiO2, CeO2, ZnS) have been used
(Schmidt et al., 1963; 1964).
3.4 Metal-dielectric composite coatings
Metal-dielectric composite coatings also called absorber-reflector tandems have a highly absorbing
coating in the solar region (i.e., black) that is transparent in the IR region, deposited onto a highly IRreflective metal substrate. The highly absorbing metal-dielectric composite, or cermet, consists of fine
metal particles in a dielectric or ceramic matrix, or a porous oxide impregnated with metal (Kennedy,
2002). These films are transparent in the thermal IR region, while they are highly absorbing in the solar
region because of interband transitions in the metal and the small particle resonance. When deposited on a
highly reflective mirror, the tandem forms a selective surface with high solar absorptance and low thermal
emittance. The high absorptance may be intrinsic, geometrically enhanced, or both. A variety of
techniques, such as electroplating, anodization, inorganic pigmentation of anodized aluminum, CVD, and
co-deposition of metal and insulator materials by physical vapor deposition (PVD), can produce the
composite coatings. The absorbing cermet layer consists of inherently high-temperature materials that can
have either a uniform or graded metal content. The metal-dielectric concept offers a high degree of
flexibility and the solar selectivity can be optimized by the proper choice of constituents, particle
concentration, size, shape, coating thickness and orientation. The solar absorptance can be increased with
a suitable choice of substrates and AR layers, which can also provide protection (e.g., from thermal
oxidative degradation). A subclass of this category is a powdered semiconductor-reflector combination,
where the solar-selective properties of semiconductor, inorganic metal oxides, organic black pigments
and metal-dust-pigmented selective paints can be considered.
There are basically two types of metal-dielectric composite coatings the metal-pigmented alumina and the
graded cermet selective coatings. Metal-pigmented alumina selective coatings use oxide coatings
obtained from the phosphoric anodic anodization of aluminum. The oxide coating has two components
consisting of a compact barrier layer and a porous alumina layer whose pores are perpendicular to the
aluminum. The pores can be impregnated with Ni, V, Cr, Co, Cu, Mo, Ag, and W as rod-like particles 3050 nm in diameter and 300 nm long (Niklasson and Graqvist, 1991). In a graded cermet, the reflectance
from the cermet is reduced by gradually increasing the metal volume fraction, hence the refractive index,
as a function of depth from the surface to the base of the film. PVD or CVD techniques can be used for
most graded cermets. By controlling the PVD deposition parameters, the microstructure of the oxides can
be deposited with a porous to columnar microstructure and by co deposition the inclusions or pores can be
filled with metal by evaporation or sputtering (Kennedy, 2002).

In cermets, solar absorptance is mainly determined by the response of the absorbing particles. There is a
shift of the absorption and scattering cutoffs to higher wavelengths when the particle radius, r, increases.
This effect is accompanied by a reduction in the maximum of the scattering and absorption efficiencies
roughly proportional to 1/r (Arancibia-Bulnes et al., 2000). It should be noted that thicker cermets are
needed to reach the same low reflectance in the visible region as seen for larger particles. Additionally,
thermal emittance strongly increases as the thickness of cermet increases due to IR absorption. Reducing
the thickness and increasing the metallic concentration in the same proportion can reduce emittance.
A double-cermet film structure is also developed, based on fundamental analysis and computer modeling
that has higher photo-thermal conversion efficiency than surfaces using a homogeneous cermet layer or a
graded film structure (Zhang and Mills, 1992). Additionally, it is easier to deposit the double-cermet
selective coating than graded-cermet layer selective surfaces. In double-cermet solar coatings, solar
radiation is effectively absorbed internally and by phase interference. The typical double-cermet layer
film structure from surface to substrate consists of an AR layer that enhances solar absorption, an
absorbing layer composed of two homogenous cermet layers, a low-metal-volume fraction cermet layer
on a high-metal-volume fraction cermet layer, and a metallic infrared reflector layer to reduce substrate
emittance (Zhang and Mills, 1992).
3.5 Surface texturing
Surface texturing is a common technique to obtain spectral selectivity by optical trapping of solar energy.
Properly textured surfaces appear rough and absorb solar energy while appearing highly reflective and
mirror-like to thermal energy. Single-material surfaces can exhibit selective properties if they have the
proper roughness, because the selective properties depend on the ratios of mean height deviations and
distance to the wavelength (Cuomo et al., 1975). The emittance can be adjusted by modifying the
microstructure of the coatings with ion-beam treatments (Kussmaul et al., 1992). Properly orienting the
textured material can improve the absorption and emissivity of a spectrally selective material.
Chemically etching a tin-doped, In2O3 film to form a transparent microgrid with photolithography gives
holes of about 2.5 μm (Agnihotri and Gupta, 1981). Reactive-sputter or ion etching with fluorocarbon
gases such as, CF4 or CH3, has been used with photolithography to produce square-wave gratings with
micron and submicron periodicities (Lehmann and Widmer, 1978). Additionally, a vapor-phase transport
process using catalyzed epitaxial crystal growth has recently synthesized high-density arrays of nanowires
(e.g., ZnO-Ag) that are hexagonal in cross section and have 70-100 nm diameters (Huang et al., 2001).
Needle-like, dendrite, or porous microstructures of the same magnitude as the wavelength of solar
radiation have both wavelength and directional selectivity, which is not very sensitive to the severe
environmental effects such as, oxidation, thermal shocks, which lower significantly the lifetime of
conventional multilayer selective coatings (Seraphin and Meinel, 1976). The surface of the microstructure
must be protected however from damage caused by surface contact or abrasion. Selection of a material
having a high inherent absorption coefficient can further optimize the absorptance.
3.6 Selectively solar-transmitting coating on a blackbody-like absorber
The selective solar-transmitting coating can be a highly doped semiconductor such as, SnO2:F, SnO2:Sb,
In2SO3:Sn, and ZnO:Al, over an absorber with a proven long-term durability. Some low-temperature flatplate collectors have used black enamel as the absorber material (Granqvist, 1989). Highly doped
semiconductors may be useful with high-temperature black absorber materials.
4. Future work on absorber materials
Due to lack of suitable selective coatings PTC usually operate at temperatures of about 400°C. As part of
a research project undertaken by the authors, advanced absorber coatings will be developed. These should
ideally posses the required properties of high absorptance and low emittance at a temperature of about
500°C. Possible candidate materials to be used for this purpose are Diamond Like Carbon (DLC)
materials, which are known for their good optical properties, characterized by strong absorption in the
UVA-UVB spectral region (Kassavetis, et al., 2007). An attractive feature of DLC, either in its

hydrogenated or in the non-hydrogenated form [known as tetrahedral amorphous carbon (ta-C) with a
high fraction of sp3 hybrid bonding] is one that can tailor its optoelectronic properties by varying the
sp2/sp3 fraction and the hydrogen content. Therefore, one can vary the optical gap of the material
(Mathioudakis et al., 2007) to tune it with the desired photon frequency for optimum absorption. DLC is
also known for its high temperature stability (Kelires, 1992; 1994), which in combination with its good
absorbing properties, makes it ideal for the proposed type of coating.
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ABSTRACT
The performance of the triple-pressure level (TPL) single stage absorption cycle operated with various
organic refrigerants and absorbents showed many advantages over the common double pressure level
(DPL) absorption cycle. In order to enhance these advantages (increased COP and decreased generator
temperature); the jet ejector was replaced by a mechanical compressor and a mixing device. In the
modified triple-pressure level absorption cycle, the compressor was inserted in the super heated
refrigerant line between the evaporator and the absorber. The influence of the elevated pressure on the
performance of the TPL absorption cycle with the working fluid pentafluoroethane (R125) and N,N'dimethylethylurea (DMEU) was predicted by a computerized simulation program. The performances of
the TPL absorption cycle operated with mechanical compressor or jet ejector and the DPL absorption
cycle were compared. Based on the analysis the following advantages were achieved: a significant
reduction of the required generator temperature (i.e., ability to use low grade heat source such as solar
energy), increased coefficient of performance (COP), reduction in the circulation ratio (f) and the
reduction of the actual size of the solution heat exchanger. The disadvantage of inserting the compressor
is increased electricity consumption.
KEYWORDS
Triple-pressure level absorption cycle, Cycle analysis, COP
INTRODUCTION
Utilization of low-potential heat sources (70-120°C) for cooling and refrigeration (below 0°C) can be
implemented in a conventional double-pressure level (DPL) single-stage absorption cycle. The common
working fluids such as ammonia-water or water-lithium bromide are limited to match these conditions
[Engler et al, 1997, Thioye, 1997]. To overcome these limitations, the working fluids based on
fluorocarbon (HFC) refrigerants and organic absorbents can be used [Borde et al, 1986, 1988 and 1995,
Jelinek and Borde, 1999, Levy et al, 2001]. The refrigerants are not toxic or corrosive and the organic
working fluids are environmentally acceptable. The performance of these working fluids in a
conventional double-pressure level (DPL) single-stage absorption cycle are expressed in terms of
coefficient of performance (COP)1 in the range of 0.5-0.6 and a circulation ratio (f)2 in the range of 3-7.
In order to improve these performances various configurations of absorption cycles have been suggested
by adding a jet-ejector at the absorber inlet as a device for mixing and pressure recovery [Chen, 1988,
Levy et al, 2002 and 2004, Jelinek et al, 2002 and 2008, Sozen et al 2003]. These cycles are triplepressure level single stage absorption cycles (TPL).
Jelinek et al, 2002 studied the influence of the pressure recovery by the jet-ejector on the performances of
the TPL absorption cycle (in comparison with the DPL) in four separate cases where one operating
condition in the TPL was varied and all the other conditions remained the same for both types of the
cycle. Jelinek et al concluded that these improvements can be implemented by decreasing the circulation
ratio f (Case 1) or by changing the governing cycle temperatures as follows: lowering the refrigeration
temperature, i.e., the evaporator temperature Te (Case 2); lowering the heat source temperature, i.e., the
generator temperature Tg (Case 3); or raising the cooling water temperature, i.e., the condenser and
absorber temperature Tw (Case 4).
1 Defined as the heat rejected from the evaporator divided by the sum of the heat supplied to the generator and the energy supplied to the pump
or/and compressor.
2 Defined as the mass flow rate of the solution at the pump inlet divided by the mass flow rate of the refrigerant at the condenser inlet.

The performance of a single-stage triple pressure level (TPL) absorption cycle with different refrigerantabsorbent pairs was investigated by Jelinek et al. (2008). Four HFC refrigerants namely: difluoromethane
(R32), pentafluoroethane (R125), 1,1,1,2-tetrafluoroethane (R134a), and 1,1-difluoroethane (R152a)
which are alternative to HCFC, such as chlorodifluoromethane (R22) and 2,-chloro-1,1,1,2tetrafluoroethane (R124), in combination with the absorbent dimethylethylenurea (DMEU) were
considered. The highest coefficient of performance (COP) and the lowest circulation ratio (f) were found
as a function of the generator temperature for a given evaporating and cooling water temperatures. The
sensitivity of the COP and f for evaporator and cooling water temperatures changes at the maximum COP
for the best three working fluids were also examined. It was obtained that the preferable pair is R124DMEU and among working fluids based on HFC the preferable pair is the R125-DMEU.
Various combinations of introducing a compressor into absorption cycles were studied such as a
compressor between the evaporator and the absorber [Boer et al 1998, Fukuta et al 2002, Ramesh Kumar
et al 2007 and 2008], a cascade configuration [Fernandez-Seara et al 2006, Kairouani et al 2006] and
others. In the following sections an inserted compressor in the super heated refrigerant line between the
refrigerant heat exchanger outlet and the mixer inlet (Fig-1) will be studied.
PRESENT STUDY
As mentioned in the introduction, the pressure recovery, which is obtained by the mixer jet-ejector in the
absorber inlet showed various benefits. However, it was limited by the flow/operating conditions. To
overcome these limitations, a compressor can be inserted between the evaporator and the absorber instead
of the jet ejector.
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Figure 1: Schematic illustration of an enhanced triple-pressure-level (TPL) single-stage absorption
cycle.
A schematic illustration of the enhanced triple-pressure level single stage absorption cycle (TPL) by a
compressor is given in Figure 1. Strong solution at equilibrium and at the intermediate pressure is pumped
from the absorber (6) toward the generator at the high pressure through the solution heat exchanger HS
(7-9) and heated by the hot weak solution (1-3). At the generator external heat is supplied in order to

release the refrigerant vapor from the strong solution. In the separator the mixed flow is separated to weak
solution (1) and refrigerant vapor (11). The refrigerant vapor condenses in the condenser (11-14), and is
cooled in the refrigerant heat exchanger HR (14-15) by the cold refrigerant vapor from the evaporator,
and than flows through the expansion valve and enters the evaporator (16)at low pressure. At the
evaporator heat is absorbed and the cold refrigerant vapor (17) flows toward the compressor through the
refrigerant heat exchanger HR (17-18). The refrigerant vapor coming form the compressor (19) enters the
mixer at the intermediate pressure and elevated temperature. At the mixer inlet, the compressed
refrigerant vapor (19) meets the week solution (4) coming from the separator (1) through the solution heat
exchanger HS (1-3) and pressure reducer component BPR (3-4). From the mixer outlet (5), the mixed
flow enters the absorber where the refrigerant is absorbed by the weak solution cooled by the cooling
water and by that the cycle is completed.
SYSTEM ANALYSIS AND DISCUSSION
The performances of the TPL absorption cycle where the intermediate pressure (absorber pressure) is
achieved by a compressor (TPL-compressor), TPL absorption cycle where the intermediate pressure is
achieved by a jet ejector (TPL-ejector) and DPL cycles were investigated.
The investigation was carried out with the working fluid pentafluoroethane (R125) as the refrigerant and
N,N'-dimethylethylurea (DMEU) as the absorbent by appropriate computerized simulation programs. The
investigated operating envelop of the DPL absorption cycle (absorber pressure = the evaporator pressure)
and the TPL absorption cycle (absorber pressure = the compressor/ejector outlet pressure) were carried
out under the following conditions: generator temperature in the range of 50 to 120°C, evaporator
temperatures of -5°C and cooling water temperature of 25°C (condenser temperature 32°C and absorber
temperature 28°C). An isentropic compressor was assumed and the pressure drops along the cycles were
not taken into account.
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The calculated COP, f, Qhs/Qe and kW/T as a function of the generator temperature for various
pressure difference (dP=absorber pressure–evaporator pressure) of 1-6bar are shown in Figures 2 and 3
and summarised for the maximum COP in Table 1.
Cycle
DPL
TPL(ejector)

TPL
(compressor)

Compression

dP
bar
0
0.365
1
2
3
4
5
6
10.790

Tg
o
C
107
100
94
85
77
70
64
59

COP

f

Qhs/Qe

kW/T

0.535
0.544
0.578
0.613
0.640
0.662
0.678
0.688
5.275

4.15
4.45
3.65
3.25
3.00
2.75
2.55
2.35

3.27
3.16
2.18
1.57
1.15
0.86
0.62
0.43

0.120
0.126
0.195
0.280
0.380
0.485
0.610
0.750
0.661

Table 1. Values of Tg, COP, f, Qhs/Qe and kW/T for the TPLs and DPL cycles at maximum COP
for evaporator temperature of -5°C and cooling water temperature of 25°C as a function of dP (as
presented in figures 2-3).

3 Defined as the heat transferred by the solution heat exchanger divided by the heat rejected by the evaporator.
4 Shafts work per ton refrigeration
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Figure 2: The calculated COP and the circulation ratio f of TPL absorption cycle with a
compressor as a function of the generator temperature at various dP with R125-DMEU. In addition
the COP and f of TPL absorption cycle with an ejector are added.
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Figure 3: The calculated Qhs/Qe and the electricity per ton refrigeration (kW/T) of TPL
absorption cycle with a compressor as a function of the generator temperature at various dP with
R125-DMEU. In addition the Qhs/Qe and (kW/T) of TPL absorption cycle with an ejector and
(kW/T) of a compression cycle are added.
As can be seen in Figure 2, increasing the absorber pressure (intermediate pressure) leads to higher COP
and the maximum COP was achieved for lower generator temperature. For the DPL cycle the maximum
COP is 0.535 at Tg of 107°C. In the TPL cycle with the ejector the absorber pressure increases by
0.365bar so the maximum COP is 0.544 at Tg of 100°C. In the TPL cycle with the compressor the
absorber pressure increases by value of 1-6 bars so the maximum COP is 0.578 at 94°C, 0.613 at 85°C,
0.640 at 77°C, 0.662 at 70°C, 0.678 at 64°C and 0.688 at 59°C respectively (Table 1).
As can be seen in Figure 2, as the absorber pressure (intermediate pressure) increases the values of the
circulation ratio f decreases. Similar behavior can be seen in Figure 3 where the value of Qhs/Qe is
shown. The higher absorber pressure causes higher weight fraction of the refrigerant in the solution at the

absorber outlet. This increase in the weight fraction leads to a reduction of f, i.e. a reduction in the mass
flow rate of the strong solution in the pump, and consequently lowering the generator temperature leads
to a reduction in the amount of heat transferred in the solution heat exchanger (see Figure 3).
While the compressor is taken as a high energy consumer, increasing the compressor shaft work leads to
increased electricity consumption, which can be expressed by the term kW/T. As can be seen in Figure 3,
the values of kW/T for the TPL absorption cycle with a compressor (0.2-0.8) are higher than for the TPL
absorption cycle with an ejector and DPL cycle (less than 0.2). In order to compare the units operating
costs (kW/T values) with an isentropic compression cycle, the performance of isentropic compression
cycle operated with R125 for the same condenser and evaporator temperatures of 32°C and -5°C,
respectively was calculated. The calculated COP is 5.275 and the value of kW/T is 0.661 (Table 1).
For example, if a TPL absorption cycle with a compressor operated with R125+DMEU as working fluid
and a dP of 3bar is suggested, according to Table 1, generator temperature of 77°C is required with
calculated COP of 0.64 and kW/T value of 0.38. This case is suitable for solar energy as a heat source
with electricity consumption lower then the compression cycle at the same operating conditions.
CONCLUSIONS
The performance of the triple-pressure level (TPL) single stage absorption cycle operated with various
organic refrigerants and absorbents showed many advantages over the common double pressure level
(DPL) absorption cycle. The triple-pressure level absorption cycle was enhanced by replacing the jet
ejector with a mechanical compressor and a mixing device. In the modified TPL absorption cycle, the
compressor was inserted in the super heated refrigerant line between the evaporator and the absorber. By
inserting the compressor the absorber pressure could further be increased. The influence of the elevated
pressure on the performance of the enhanced TPL absorption cycle was investigated by a computerized
simulation program with the working fluid R125-DMEU. Based on the analysis of this cycle in
comparison with the DPL absorption cycle, the following advantages were achieved: a significant
reduction of the required generator temperature with increased coefficient of performance (COP),
reduction of the circulation ratio (f) and consequently the reduction in the solution heat exchanger. These
advantages showed that by enhancing the triple-pressure-level (TPL) single-stage absorption cycle, as
studied in the present paper, leads to a reduction of the actual size of the unit. When a compressor is
added to the absorption cycle as shown in Figure 1 and appropriate selection of the intermediate pressure
(absorber pressure) is chosen, low grade heat sources such as solar energy with lower electricity
consumption can be used. It should be noted that these improvements are functions of the operating
conditions and the thermophysical properties of the working fluids.
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NOMENCLATURE
COP
Coefficient of performance [≡Qe/(Qg+Wp+ Wcomp)]
dPcomp
The pressure difference between the absorber and evaporator [bar]
f
Circulation ratio [mass flow rate of strong solution divided by mass flow rate of
refrigerant]
kW/T
Shaft work per ton refrigeration
Qe
The heat rejected by the evaporator
Qg
The heat supplied to the generator
Qhs
The heat transferred at the solution heat exchanger
Qhs/Qe
The heat transferred at the solution heat exchanger divided by the heat rejected by the
evaporator
Te
Evaporator temperature [oC]
Tg
Generator temperature [oC]
Tw
Cooling water temperature [oC]
Wp
Energy supply to the pump [J/kg]
Wcomp
Energy supply to the compressor [J/kg]
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ABSTRACT
A cycle of adsorption heat pump consists of two isosteric and two isobaric processes. The pressure of
adsorbent bed is preferred to be constant during the isobaric adsorption and desorption processes to have
constant evaporation and condensation temperatures. In the present study, the effects of desorption
heating rate and insufficient condenser capacity on the variation of desorption pressure are investigated.
The experiments were performed on an intermittent adsorption heat pump in laboratory environment. The
results of the two cycles, one is the adsorption heat pump with a condenser having 0.038 m2 heat transfer
area and another is the same adsorption heat pump but with the condenser of 0.226 m2 heat transfer area,
are presented. In order to show the effect of desorption heating rate on the condenser pressure, the results
of the two cycles with different desorption heating rates as 0.14 oC/min and 1 oC/min are also
demonstrated. The obtained results show that the insufficient condenser capacity not only increases the
desorption pressure but also extends the period of cycle. Silica gel-water was used as adsorbent-adsorbate
pair.
INTRODUCTION
Adsorption heat pumps (AHP), which have gained considerable attention in recent years, have the
advantage of being environmentally friendly and ability to storage energy. But, adsorption heat pumps
have some drawbacks such as low COP, intermittent working principle for basic construction,
requirements of high technology and special designs to maintain high vacuum etc. The researches and
developments on the adsorption heat pump are currently being continued (Ulku 1986, Ulku 1992, Ulku
and Mobedi 1989, Demir et al. 2008). For improvement of adsorption heat pumps and provide their
widespread commercialization, factors that affect the performance of system should be well investigated
and analyzed. Liu and Leong (1995) numerically investigated the influence of operation temperatures on
the performance of an adsorption heat pump operating with zeolite 13X-water pair. They found that the
operation temperatures significantly affect the performance and they optimized operating conditions for
the considered system. Di et al. (2007) investigated the effect of heat source temperature on the
coefficient of performance of an adsorption heat pump. Tatlier and Senatalar (2000) investigated the
effects of metal mass of adsorber on the performance of their adsorption heat pump machine. Liu and
Leong (2008) simulated the adsorption heat pump cycles numerically for different mass flow rate of
cooling water in condenser. They found out that the mass flow rate of cooling water influences the
adsorbent bed pressure during isobaric desorption process and, COP and SHP of adsorption heat pump.
The aim of the performed researches is to overcome the difficulties of adsorption heat pumps. However,
there are still queries on the factors affecting the performance and operation of adsorption heat pumps and
they should be investigated.
In this study, the influences of desorption heating rate and insufficient condenser capacity on the
desorption pressure are investigated. The results of four experiments are presented via graphics showing
the average of pressure and temperature of adsorbent bed and surface temperature during desorption
processes.
THERMODYNAMIC ANALYSIS
An AHP cycle consists of four main steps, which are isosteric heating (a-b), isobaric desorption (b-c),
isosteric cooling (c-d) and isobaric adsorption (d-a). The cooling effect in cycle occurs during the isobaric
adsorption process (d-a) when the adsorbate is evaporated by gaining heat (Qev) from environment. The
heating effect arises during the isobaric desorption process (b-c) when the adsorbate is condensed by

releasing heat (Qcond) to surroundings. The heats (Qcd and Qda) released during the cooling of the adsorbent
bed in c-d and d-a processes can also be utilized for heating purpose. The relations which used for
calculation amount of heat transfer between cycle and surroundings can be found easily in the literature
(Ulku 1992, Demir et al. 2008).
The effectiveness of an AHP can be evaluated by three criteria; a) coefficient of performance b) second law
efficiency c) specific cooling and heating powers. The definitions and relations for determination of the
effectiveness indicators are also described in previous studies in the literature (Meunier et al. 1997, Pons
and Kodama 2000, Demir et al. 2008, Ulku 1992).
THE TESTED ADSORPTION HEAT PUMP
The main components of our adsorption heat pump and the location of thermocouples and pressure
transducers are shown schematically in Figure 1. The mass and thermal properties of materials used in the
adsorbent bed are presented in Table 1. The amount of silica gel supplied from Merck Co. in the adsorbent
bed was 40 kg. The equivalent diameter of adsorbent granules varies between 3 - 5 mm. The water
adsorption capacity of silica gel is reported as 25%. BET surface area is 700 m2g-1 and average pore size of
silica gel is 2.0-2.5nm.

(a)

(b)

(c)

Figure 1: Schematic view and photographs of the intermittent adsorption heat pump a) schematic
view of system b) front view, b) top view of adsorbent bed
Twelve fins were located in radial directions and four additional fins were welded onto both sides of each
radial fin. There are free spaces between fins and a hollow exists in middle of the adsorbent bed for
acceleration of adsorptive transfer. The evaporator and condenser are heated and cooled by using water
circulated in the heat exchanger inside the evaporator and condenser. The inlet water temperature of the
heat exchangers is maintained constant by a constant temperature water bath. The adsorbent bed was heated
by electrical resistance surrounding around the outer surface of adsorbent bed. The power of electrical
resistance was controlled by a PID temperature controller during the isosteric heating and isobaric
desorption periods. The adsorbent bed was cooled by a fan throughout the isosteric cooling and isobaric
adsorption processes.
The temperature and pressure values are measured by sensors and acquired by using a data logger card
and software. Four thermocouples are mounted at different radial and axial positions of the adsorbent bed

to measure the temperature of the bed as shown in Figure 1. The locations of thermocouples are shown in
Figure 1. All thermocouples were calibrated by Fluke 714 temperature calibrator which has 0.8oC
measuring accuracy. The pressure transducers which have ±0.25% accuracy are mounted to the
evaporator, condenser and adsorbent bed. The level of adsorptive is viewed and measured from the sight
glasses mounted on the casing of evaporator and condenser.
EXPERIMENTAL PROCEDURE
The adsorbent bed was filled with silica gel and the adsorbent bed was evacuated while being heated for
removing the moisture of silica-gel. The drying process of silica-gel was continued for 48 hours. The
desorption of moisture and other gases from the adsorbent are important for achieving the maximum
adsorbent capacity. After drying process, valves (V2 and V3) were closed.
The control of isosteric heating and cooling periods is performed regarding the temperature of bed. The
valve between the adsorbent bed and condenser is opened when the temperature of adsorbent bed attained
to the regeneration temperature. Similarly, the valve between evaporator and bed is opened when the bed
temperature decreased to the adsorption temperature. The control of isobaric adsorption and desorption
periods was performed considering the rate of adsorbed or desorbed water viewed from the sight glass.
All valves were opened and closed manually.
Table 1: The mass and thermophysical properties of materials used in the adsorbent bed
Mass of silica gel (kg)
40
Metal mass of adsorbent bed (kg)
84
-1
2560
Isosteric heat of adsorption (∆Ha) (kJ kg water)
0.88
Specific heat of silica gel (kJ kg-1 K-1)
-1
-1
Specific heat of water (kJ kg K )
4.217
0.468
Specific heat of stainless steel (AISI 316) (kJ kg-1 K-1)
Latent heat of water at evaporator (kJ kg-1)
-1

Latent heat of water at condenser (kJ kg )

2500
2376

RESULT AND DISCUSSION
Effects of desorption heating rate
The performed experimental studies show that the isobaric desorption process of real cycles may be
different from that of the ideal cycle. In ideal cycle, the desorption pressure is not changed since the
process is isobaric; however this isobaric behavior of the process during the desorpiton process is not
observed in the real cycles. The pressure of the adsorbent bed deviates from the desired condenser pressure
and vary during the desorption process. Hence, no isobaric process can be achieved.
The increase of the bed pressure during the desorption process may be caused from the rapid increase of
bed temperature. Hence, the pressure increase may be reduced by adjusting the heating rate during the
regeneration process. In this study, the results of the two cycles are presented to show the effect of the
desorption heating rate. The surface temperature of the adsorbent bed was increased with 0.14oC min-1 and
1oC min-1 during the isobaric desorption process. The variation of surface temperature, average temperature
and pressure of the adsorbent bed during the regeneration process for two different desorption heating rates
are shown in Figure 2. The regeneration temperatures (final desorption temerature) were 120oC for both
cycles. For high desorption heating rate (1oC min-1), the pressure of adsorbent bed rapidly increases from
10 to 30kPa and then decreases to 13kPa. The periof of the isobaric desorption process was 2457 minutes
for high desorption heating rate (1oC min-1). For low desorption heating rate (0.14oC min-1), the increase of
the pressure during the desorption process is smaller. The pressure of adsorbent bed increases to 26 kPa and
then decrease to 12 kPa. The isobaric desorption process of 0.14oC min-1 desorption heating rate was 2667
minutes.
The effect of the desorption heating rate of surface temperature on the performance of the system was also
investigated and the results are shown in Table 2. The COP of the cycle with 1oC min-1 desorption heating
rate was higher than that of 0.14oC min-1 heating rate since the amont of the adsorbed water for the cycle

with the 1oC min-1 desorption heating rate was 4.4L which is higher than that for the cycle with 0.14oC mindesoprtion heating rate which was 3.2L. The SCP and SHP values for the cycle with the 1oC min-1 were
also higher than those of the 0.14o C min-1 deosption heating rate due the lower desorption period. If the
total entropy generations between the two cycles are compared, for the 1oC min-1 heating rate, the total
entropy generation is higher than that for 0.14oC min-1 heating rate because of the higher pressure increase.
The result of this experiment show that although the rapid heating of the adsorbent bed causes the deviation
of pressure from the desired condeser pressure, it reduces the period of cycle and increases the amount of
water which is cycled and imporves the performance indicators (COP, SHP and SCP).
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Figure 2: The varaition of average pressure and temperature of bed and bed surface temperature
during the desortion process (a) 0.14oC min-1 desorption heating rate 1oC min- 1 desorption heating
rate
Table 2: Performance indicators for two cycles
Parameters
COPref

Heating rate
(oC/min)

Condenser cooling
surface area (m2)

0.14

1

0.038

0.226

0.52

0.57

0.52

0.53

1.47

1.52

1.47

1.48

-1

0.57

0.80

0.57

0.64

-1

SHP (W kg )

1.60

2.12

1.60

1.76

COPexp

1.49

1.95

1.49

2.27

COPC

4.15

5.28

4.15

7.15

0.36

0.37

0.36

0.32

7.12

8.62

7.12

7.27

COPh
SCP (W kg )

ηII
-1

∆S (kJ K )

Effect of condenser capacity
Figure 3 illustrates the effect of heat transfer area of condenser on temperature and pressure of the
adsorbent bed during the isobaric desorption process. For the ideal cycle, the desorbed adsorbate is
condensed immediately in the condenser and as a result no pressure change occurs in the adsorbent bed.
However, the immediate condensation of adsorbate may not occur in a real cycle. Figure 3 shows the
variation of surface temperature, average temperature and pressure of the bed during desorption process
of two cycles with different condenser capacity. Both cycles are performed under the same operation
conditions. The heat transfer area of the condenser of Figure 3(a) is 0.038 m2 while this value for the
Figure 3(b) is 0.226 m2. The desorption process of cycles were performed under the 0.14oC/min
desorption heating rate and 120oC bed surface temperature. For the desorption process with 0.038m2
condenser heat transfer area, the pressure of the bed increases from 10 to 26 kPa and then it decreases to
13 kPa. However; for the cycle with 0.226m2 condenser heat surface area the pressure increases to 20kPa
and remains constant during the desorption process period since the desorbed water vapor is rapidly
condensed in the condenser having high capacity. The period of desorption process for the cycle of
0.226m2 condenser heat transfer area was 2300 minutes which is shorter than the period of the cycle with
0.038m2 area due to the higher condensation capacity. Table 2 also shows the performance indicators for
the two cycles. The shorter desorption period affects the period of cycle thus, the SCP and SHP values of
cycle having 0.226m2 condenser cooling surface area becomes slightly higher than the cycle having the
0.038m2 area.

(a)

(b)
Figure 3: The variations of the bed surface temperature, the average pressure and temperature of
the adsorbent bed for the two cycles having different condenser capacity during desorption
processes (a) 0.038 m2 (b) 0.226 m2
REMARKS
An experimental study was performed to investigate the effects of the condenser capacity and desorption
heating rate on the performance indicators of adsorption heat pumps. The obtained results show that;
- For lower desorption heating rate (0.14oC min-1), the pressure of vapor in the adsorbent bed is expanded
slowly and the small increase of pressure in the adsorbent bed is observed.

- For high desorption heating rate (1oC min-1), although the increase of pressure in the adsorbent bed is
higher, it causes the increase of COP, SHP and SCP values.
- For adsorption heat pumps with insufficient condenser capacity, the desorbed adsorbate can not be
immediately condensed in the condenser and as a result the pressure of the adsorbent bed is highly
increased. The insufficient condenser capacity increases the period of desorption and results in decrease
of performance indicators.
- For adsorption heat pumps with adequate condenser capacity, the desorbed adsorbate can be easily
condensed in the condenser and as a result, the pressure of the adsorbent bed does not highly rise and it
remains constant during desorption process. The SHP/SCP of AHP is slightly improved with the increase
of the cooling surface area of condenser due to reduction in the period of desorption process.
NOMENCLATURE
COPref coefficient of performance for cooling
COPh

coefficient of performance for heating

SCP Specific cooling power, (W kg-1)
SHP Specific heating power, (W kg-1)

COPexp Expected coefficient of performance for cooling

ηII

Second Law efficiency

COPC coefficient of performance of Carnot

∆S

overall entropy generation (kJ K-1)
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ABSTRACT
Fossil fuels that meet most of the world’s energy demand today are depleting at an increasingly rapid
pace. However, the use of such fuels causes serious environmental issues, including global warming,
ozone layer depletion and acid rains. One of the most sustainable solutions to these issues is to replace
the fossil fuels with renewable ones. Implementing such a solution, however, requires overcoming a
number of technical barriers including low energy density, intermittent supply and mobility of the
renewable energy sources. A potential approach to overcoming these barriers is the use of an
appropriate energy carrier, which can store, transport and distribute energy. This paper aims to assess
and compare a chemical energy carrier, hydrogen, with a physical energy carrier, cryogen, and
discusses potential applications of the physical carrier. The ocean energy is used as an example of the
renewable energy sources in the work. The assessment and comparison are carried out in terms of the
overall efficiency, including production, storage/transportation and energy extraction. The
environmental impact, waste heat recycling and safety issues are also considered. It is found that the
physical energy carrier may be a better alternative to the chemical energy carrier under some
circumstances, particularly when there are waste heat sources.
INTRODUCTION
It has long been recognized that the use of fossil fuels is the main cause for some serious
environmental issues, including greenhouse effect, ozone layer depletion and acid rains [1]. One of the
solutions to such global problems is to replace the fossil fuels with renewable ones such as wind, solar,
ocean energy etc [2]. Currently, the renewable energy resources account for ~ 5% of global power
capacity and 3.4% of global power generation excluding large hydropower [3]. Like a number of other
countries, the UK government has set a target for electricity generation from renewable resources to be
increased from about 4.6% at present to 20% by 2020, and EU proposed recently a higher goal of
between 30-40% [4]. Renewable energies (except geothermal) are derived from the sun. However, the
solar energy could not be utilized economically for electricity generation at present due to low energy
density and low electricity conversion efficiency using current technologies; see Table 1. In contrast,
the ocean energy resources enhance the energy density by converting solar energy into kinetic energy.
For example, the energy densities of waves and tides are tens to hundreds times that of the solar energy.
As a consequence, the world’s oceans emerge as an alternative to provide economically viable
renewable sources. Ocean winds blow harder and with more reliable consistency than wind on land,
which more than offsets the greater cost of building windmills offshore. Oceans tides also contribute
massive amounts of renewable energy that is gravitationally derived through the interplay of the earth
and the moon. The energy from ocean waves and tidal streams, along with ocean-based wind energy,
make the world’s oceans a source of renewable energy that may in the next few decades greatly
outstrip solar energy as the economical alternative of choice.
Table 1: Energy density and electricity conversion efficiency of renewable resources[5, 6]
Annual Average Energy Density (kW/m2)
Electricity Conversion Efficiency

Solar
0.25
0.10 ~ 0.12

Wind
0.5
0.35 ~ 0.50

Waves
5.0 ~ 50.0
0.20 ~ 0.40

Tides
6.0
0.25 ~ 0.30

However, renewable energy sources are intermittent and do not meet the actual energy demand. This
makes the energy storage and power management increasingly important. There have been reports that
the amount of wind energy that could be utilized is seven times greater than current situation if a stable
storage facility is available [5]. Energy storage refers to a process for storing energy produced at times
of low demand and low generation cost and releasing at times of high demand and high generation cost
or when there is no more generation capacity available. The stored energy can be in the form of either
potential energy (e.g. chemical, gravitational or electrical energy) or kinetic energy (e.g. thermal
energy or motion).
This paper is concerned about the use of ocean renewable energy resources. A potential issue for the
use of ocean resource is the remote location [7], which requires high capital and maintenance costs if
the conventional electricity transmission and distribution approach is used. An alternative is to use an
energy storage medium, which can be transported by ships. For such an approach to work the energy
storage medium is the key. An ideal energy storage medium is the one that has a high energy density
and can be detached easily and completely from the generation and release devices so that they can be
transportable. In this sense, the energy storage medium can be regarded as an energy carrier, and the
conventional methods of large scale energy storage approaches are less useful. For example, the
pumped hydroelectric storage (PHS) method stores in water as gravitational energy, but the energy
storage medium is not suitable to transportation. The compressed air energy storage (CAES) method
stores energy in the form of high pressure air, which can be transported but has a low energy density.
It is well known that hydrogen has been regarded as the most popular carrier of renewable energy in
remote locations [8-10]. Using such a chemical energy carrier, the ocean energy generates electricity
first, which is then used to electrolyse water to produce hydrogen. Hydrogen is then transported to the
end-users for transforming back to electricity or kinetic energy by a fuel cell or other devices. Cryogen,
as a physical energy carrier, is less known until recently [11-13]. Such an approach involves the use of
electricity to produce cryogen (e.g. liquid nitrogen or liquid air), through an air separation and
liquefaction process. Cryogen is then transported to end-users where it is heated using the environment
heat, waste process heat or heat from renewable resources (e.g. solar) if available and expands to
generate electricity using a cryogenic heat engine. As a renewable energy carrier, cryogen can also
provide direct cooling and refrigeration, air conditioning units and act as power for vehicles and ships.
This paper assesses and compares the performance of two energy carriers mainly for the use of ocean
renewable energy though the results are expected to be applicable to other renewable energy resources.
The assessment includes production, storage / transportation and energy extraction processes as well as
their environmental impacts and safety issues.
CARRIER PRODUCTION
Two main technologies used to produce hydrogen are considered in this work, hydride reforming and
water splitting. The most common hydrogen production method in commercial use today is the former,
which uses hydrocarbons or other chemical compounds such as ammonia and biomass work as
feedstocks. However, as the renewable resources like wind, tides and waves contain only the
mechanical energy of moving masses of air or water, direct chemical path of hydrogen production is to
split water using electrical energy generated by the mechanical energy of renewable resources.
Therefore, hydrogen production using the ocean resources can be described as follows. The mechanical
energy of moving masses is extracted first by mechanical machines and is then transferred to
mechanical energy of the machines. The fraction of extractable power depends on the form of energy
and extraction processes and devices, but is limited by a theoretical value determined by the
thermodynamics. For example the upper border of the wind energy extraction by an ideal horizontal
axis machine is 0.593 (Power coefficient) under some rather general assumptions [5]. Then the
mechanical energy of the machines is converted to electricity with the conversion taking place at an
efficiency of typically 75-95%. Finally, the electrical energy is employed to produce hydrogen by
electrolysis. Table 2 summarizes the performance of electrolysis technologies, along with their

feedstocks and efficiencies (defined as low heating value of hydrogen produced divided by the
electrical energy to the electrolysis cell). If everything is considered, the conversion efficiency for
converting mechanical energy to chemical energy (hydrogen) is within a range of 37.5 - 66.5%.
Table 2: Efficiencies of different electrolysis technologies [14-16]
Electrolysis Technology
Feed stock
Efficiency
Maturity
Alkaline Electrolyzer
water + electricity
50 ~ 60%
Commercial
PEM Electrolyzer
water + electricity
55 ~ 70%
Near term
Solid Oxide Electrolysis Cells
water + electricity + heat
40 ~ 60% a
Med. term
a
High temperature electrolysis efficiency is dependent on the temperature at which the electrolyzer operates and the efficiency
of the thermal energy source. If thermal energy input is ignored, efficiencies up to 90% have been reported [17].

Cryogen production is done essentially by an air separation/liquefaction process in which cryogenic or
Stirling engine coolers liquefy the main components of air through the well-known Joule–Thomson
effect. Dissimilarly from the hydrogen production as discussed above, both the compression and
refrigeration processes of the coolers could be powered directly by the mechanical work. Therefore
production of cryogen should be more competitive than that of hydrogen in terms of the overall
efficiency and capital costs as the electricity conversion process is not needed in the energy carrier
production end. However cryogen production is an energy-intensive process. Currently the efficiency
of practical air liquefaction plants strongly depends on the plant scale. For example, a plant with a
capacity of few tons/day of liquid nitrogen operates at an efficiency of about 50% [18]. This can be
improved by for example removing separation units in the air liquefaction plants, which has been
shown to enhance the efficiency to about 60% or even higher [19-21].
CARRIER STORAGE/TRANSPORTATION
As the energy carriers are produced at the offshore power generation facility, they must be stored and
transported to an onshore location for distribution to the end-users. Hydrogen could be delivered to
onshore facilities through one of the three means: as a gas, in liquefied form, or in a hydrogen carrier.
In the gaseous form, hydrogen can be compressed and transported to onshore in pressurized containers.
Because of its low molecular weight, hydrogen molecules are very small and leakage can be an issue
particularly at high pressures. Because of this, the storage pressure of hydrogen is limited to 350 bar at
present. Liquefaction of hydrogen and its transportation in containers are an established technology.
However, the liquefaction process is energy-intensive and about 30-40% of the energy content is lost in
the liquefaction process [22]. Because of its added complexity and expense for both generation and
transport, the use of liquid hydrogen is not regarded as an attractive option.
Table 3 shows the volumetric capacity of hydrogen under different conditions. The energy density
increases linearly with increasing storage pressure, and liquid hydrogen has a high value. As mentioned
above, high-pressure storage of hydrogen gas is limited by the weight of the storage canisters and
potential for developing leaks. This imposes potential safety problems [23]. A promising way to
replace conventional hydrogen fuel storage methods is to use a solid state hydrogen carrier, which
refers to any substance that can store and transport hydrogen in either a chemical state. The advantages
of using the solid carrier are safety and stability in comparison with liquid or compressed gas storage
methods. The carrier is charged with hydrogen at the offshore generation site and transported to
onshore where hydrogen is stripped off. The carrier needs to be taken back for recharging (two-way
carrier) or decomposed at the point of hydrogen use (one-way carrier). Examples of carriers include
ammonia (one-way) and liquid hydrocarbons and metal hydrides (two-way). It is reported that some of
the hydrogen carriers could attain a volumetric capacity as high as liquid hydrogen [24, 25]. However
the weight of current hydride substrates and their container is much greater than that of the stored
hydrogen, so extra energy is required during both charging and decomposing processes. While
considerable research has been done on the hydrogen carrier technology, no reports have been found
on commercial use of the carriers.

Compared to hydrogen, the delivery of cryogen is much easier. Once the cryogen is produced and
stored in insulated containers, it is ready to be delivered. No extra energy required except the pump
power for the liquid which is negligible. As shown in Table 3, the volumetric energy density of
cryogen is much lower than liquid hydrogen but at the same magnitude with compressed hydrogen. It
should be noted that the energy densities per unit volume of cryogen and hydrogen, both liquid
hydrogen and compressed hydrogen gas at any practicable pressure, are significantly less than that of
traditional fuel sources. The only energy loss of cryogen is the heat dissipation of cryogenic tank which
is about 1% per day in a conventional insulated Dewar at ambient pressure and much lower if more
efforts are taken or cold energy dissipation is utilized.
Table 3: Volumetric capacity of energy carriers under different conditions
Energy Carrier
Pressure (bar)
Volumetric
capacity
(kWh/m3)

Liquid
Air
1.0
177

Liquid
Nitrogen
1.0
171

Compressed Hydrogen
50.0
133

100.0
259

150.0
377

200.0
488

250.0
593

300.0
692

350.0
785

Liquid
Hydrogen
1.0
2360

ENERGY EXTRACTION
After being transported to end user, the energy stored in the energy carriers has to be extracted. Current
technologies convert the chemical energy of hydrogen to mechanical energy or even to electricity
energy in one of two methods, combustion or electrochemical conversion in a fuel cell.
With the combustion method, both hydrogen internal combustion engine and hydrogen fueled gas
turbine have been investigated [26-29]. Because of high burning temperature, hydrogen internal
combustion in a conventional engine produces a very high level of nitrogen oxides which cause crucial
environmental problems. There are some ways to decrease nitrogen oxides emissions like catalytic
burners already available by reducing the burning temperature. However this will decrease the
efficiency of the engine at the same time. Currently the low heating value (LHV) efficiency of internal
combustion is only 20~35%. Another approach is the use of turbines in hydrogen fueled combustion
prior to which pure oxygen is generated from an air separation unit to avoid the production of nitrogen
oxides. In such a process, liquid water is used as a mixing fluid to decrease the turbine inlet
temperature. Here water is preheated by the exhaust gas from the gas turbine. Differently from the
internal combustion, the burning temperature of these cycles is limited by the turbine inlet temperature
(TIT) which currently is about 1600K. The exergy loss in these cycles mainly caused by preheating
and mixing of the three input streams reactants into the combustor accounts about 40 ~ 50%. Plus the
energy consumed by pure oxygen production, the overall LHV efficiency of this cycle is limited by an
upper value of about 50% with current technologies and may attain to about 60% if the turbine inlet
temperature increases to 2300K with the future development of turbine technologies [30].
A different approach to the direct combustion of hydrogen is the so-called chemical-looping method
for extraction of hydrogen chemical energy. Such a method uses two successive reactions, metal oxide
reduction with hydrogen, and subsequent oxidation of the metal by pressurized air, yielding the metal
oxide and a high-temperature flue gas. The resulting high temperature gas is then used to power
turbines. By adding a chemical-looping the exergy loss in the combustion process decreases
significantly. It is claimed that the LHV efficiency of the new cycle could be as high as 0.63 [30, 31].
Another approach for enhancing hydrogen energy extraction efficiency is the use of fuel cells, which
can replace internal combustion engines and turbines as the primary way to convert chemical energy
into kinetic or electrical energy. The reason to expect this changeover is that fuel cells, being

electrochemical, are usually and theoretically more efficient than heat engines. Table 4 lists three types
of hydrogen fueled fuel cells with typical efficiencies, operating temperatures, catalysts and other
operation parameters. It should be noted that the efficiency values in the table refers the cell efficiency
and the system efficiency is generally 10% lower. Currently, fuel cells are more expensive than
common internal combustion engines, but are becoming cheaper as new technologies and production
systems develop. If a practical method to store and carry hydrogen is introduced and the fuel cells
become cheaper and tolerable to impurities, they can be economically viable to power vehicles, or even
produce electricity in power plants. However this is only achievable with an improvement in cost by a
factor of 4 to 5 and an improvement in service life by a factor of 2 to 3 [32].
Table 4: Efficiency of hydrogen fuelled fuel cells [33-35]
Fuel cell type
Alkaline (AFC)
Proton exchange
membrane (PEM)
Phosphoric acid
(PAFC)

Operating
temperature (°C)
70 ~ 100
50 ~ 100
150 ~ 220

Electrolyte

Catalyst, anode
Ni

Electrical efficiency
(%)
60 ~ 70

Qualified power
(kW)
10 ~ 100

KOH (aqueous
solution)
polymer membrane

Pt

50 ~ 70

0.1 ~ 500

Phosphoric acid
(immobilized liquid)

Pt

40 ~ 55

5 ~ 10000

In contrast to the above, energy extraction from cryogen is much easier. Liquid air is heated and
expanded in the same way as that water does in a steam engine. However, an important difference is
that there is no pollution-emitting combustion in the energy extraction process from cryogen. Instead,
heat already existing in the atmosphere is used. However, the exergy efficiency of this approach is
limited to about 40% as a great part of the exergy is in form of cold, which is wasted during the heating
process. In order to improve the efficiency, a closed Brayton cycle is studied to recover the waste cold
energy by liquefying high pressure input air. It has been concluded that the closed Brayton cycle
cryogenic heat engines have an exergy efficiency of 65~78% [11, 36].
The exergy efficiency of cryogen expansion could be further enhanced if the working fluid is
superheated by waste heat or heat from other sources such as solar. At present, only high grade waste
heat in gas turbine power cycle could be recovered efficiently by heat recovery steam generator (HRSG)
technology while low grade heat is generally wasted. Cryogen expansion cycle is an effective way to
recover this low grade heat as the low temperature heat source is the boiling point of air or nitrogen.
Chen et al. [36] claimed that the exergy could be improved from ~78% to 117% if the working fluid
were superheated to 400K (here the waste heat is regarded as a free energy source). Furthermore, the
exergy efficiency could be doubled if the waste heat is as high as 600K.
CONCLUDING REMARKS
This paper assesses and compares two energy carriers, hydrogen and cryogen, for exploitation of ocean
energy sources. The assessment and comparison are based on the overall efficiency including
production, storage/transportation and energy extraction. The environmental impact, waste heat
recycling and safety issues are also considered. The following observations are drawn:
•
•

The production efficiencies of hydrogen and cryogen are similar at 40 ~ 65% based on the
current technologies. However, cryogen may be more competitive than hydrogen as an energy
carrier in terms of capital costs as there is no electricity conversion at the production side.
As an energy-intensive process which consumes up to ~ 40% of the chemical energy,
pretreatment is required for the storage and transportation of hydrogen regardless of the form
of the carrier being compressed gas, liquefied hydrogen or hydrogen carrier. In addition, the
hydrogen carrier transportation may be two-way if the two-way carrier is adopted. In contrast,
transportation of cryogen requires neither pretreatment nor other carriers but insulated

•

•
•

containers. However it should be noted that hydrogen has a high volumetric energy density
than cryogen regardless of storage forms.
The energy extraction efficiency of hydrogen depends significantly on the conversion methods.
Currently, gas turbine and fuel cell methods have a higher performance than conventional
internal combustion engines. Cryogen engine, if cold recovery technology is employed, may
have an even higher efficiency than the fuel cell technologies.
Waste heat especially low grade heat could be recovered efficiently by the cryogen engines.
Although hydrogen is regarded as a clean fuel, nitrogen oxides can be produced through the
flame combustion if air is used as an oxygenant. Cryogen is a totally environmental friendly
fuel as the processes of production and extraction are both physical involving no chemical
transformation.

Overall, hydrogen is viable as an ocean energy carrier only if a practical method to store and carry
hydrogen is introduced and fuel cells become cheap and more tolerant to impurities of hydrogen.
Before these are achieved, cryogen appears to be a more attractive energy carrier as there are few
technical difficulties to overcome. Moreover, the overall efficiency can be greatly increased if low
grade heat is used in the process of cryogen energy extraction. The low grade heat can be obtained
from either traditional heavy industrials like power plants or directly from the abundant renewable
solar energy. As mentioned before, the electricity conversion efficiency of solar energy is limited; it is
much easier to convert solar energy to heat energy, which can then be used in a cascading way. The
low grade heat, which has an energy density of 5~7kW/m2 [37], can be most effectively and efficiently
used in the cryogen energy extraction process. Currently solar energy, along with the thermal energy
storage technology using e.g. phase change materials, is widely studied and used for heating, cooking
and even electricity production [37-40]. Therefore, a solar-cryogen hybrid energy storage system
appears to be a promising way for both transportation system and electricity production. In such a
system, solar energy is stored in the form of heat in phase change materials and other renewable energy
like ocean energy is stored in cryogen. After transported to end user, the two energy sources are
combined to produce kinetic power or electricity, using the cryogen as the working fluid. As both the
heat and cold sources are generated by renewable energy sources and there are no chemical reactions
involved, the system can be very environmental friendly and sustainable.
REFERENCES
1
Veziroglu, T.N. and Sahin, S. 21st Century's energy: Hydrogen energy system. Energy
Conversion and Management, 2008, 49(7), 1820-1831.
2
Alnaser, W.E. Estimation of energy from tide, wave and sea water currents in Bahrain.
Renewable Energy, 1993, 3(2-3), 235-238.
3
REN21 Renewables 2007 Global Status Report.
4
Meeting the Energy Challenge: a white paper on energy 2007. In DBERR, ed.
5
M.F.Merriam. Wind, waves and tides. Annual Reviews. Energy, 1978, 3(3), 27.
6
Dushaw, B.D. Mode-1 internal tides in the western North Atlantic Ocean. Deep Sea Research
Part I: Oceanographic Research Papers, 2006, 53(3), 449-473.
7
Meisen, P. Linking Renewable Energy Resources Around the World: A Compelling Global
Strategy. Power Engineering Review, IEEE, 1996, 16(7), 18-.
8
Barbir, F. Transition to renewable energy systems with hydrogen as an energy carrier. Energy,
2009, 34(3), 308-312.
9
Salgi, G., Donslund, B. and Alberg Østergaard, P. Energy system analysis of utilizing
hydrogen as an energy carrier for wind power in the transportation sector in Western Denmark.
Utilities Policy, 2008, 16(2), 99-106.
10
Wietschel, M. and Seydel, P. Economic impacts of hydrogen as an energy carrier in European
countries. International Journal of Hydrogen Energy, 2007, 32(15), 3201-3211.
11
Ordonez, C.A. Liquid nitrogen fueled, closed Brayton cycle cryogenic heat engine. Energy
Conversion and Management, 2000, 41(4), 331-341.

12
Ordonez, C.A. and Plummer, M.C. Cold Thermal Storage and Cryogenic Heat Engines for
Energy Storage Applications. Energy Sources, Part A: Recovery, Utilization, and Environmental
Effects, 1997, 19(4), 389-396.
13
Chen, H., Cong, T.N., Yang, W., Tan, C., Li, Y. and Ding, Y. Progress in electrical energy
storage system: A critical review. Progress in Natural Science, 2009, 19(3), 291-312.
14
John, T., George, S., Margaret, M., Pin-Ching, M., Ben, K., Maria, G., J, E.R. and Dan, B.
Renewable hydrogen production. International journal of energy research, 2008, 32(29), 379-407.
15
Wurster, R. Bent Sorensen, Hydrogen and fuel cells, emerging technologies and applications,
Elsevier, Oxford, UK (2005). ISBN: 10:0-12-655281-2, ISBN: 13:978-0-12-655281-2 (450pp, $67.95,
Hard cover). International Journal of Hydrogen Energy, 2007, 32(18), 5109-5110.
16
Holladay, J.D., Hu, J., King, D.L. and Wang, Y. An overview of hydrogen production
technologies. Catalysis Today, 2009, 139(4), 244-260.
17
The hydrogen economy: opportunities, costs, barriers, and R&D needs. (National Academies
Press, Washington, DC, 2004).
18
Franz, J.O., Carlos A. Cryogenic Heat Engines Made Using Electrocaloric Capacitors. Texas
Section Fall Meeting (American Physical Society, Fort Worth, 2001).
19
Brostow, A.A., Agrawal, R., Herron, D.M. and Roberts, M.J. Process for nitrogen
liquefaction. In Patent, U.S., ed (Air Products and Chemical, Inc, USA, 2001).
20
Ogata, S. and Yamamoto, Y. Process for liquefying and rectifying air. United States Patent
(Japan Oxygen Co.,Ltd;
Tokyo Crygenic Industries Co., Ltd, USA, 1980).
21
Herron, D.M. and Chatterjee, N. Liquefaction of natural gas using process-loaded expanders.
In Patent, U.S., ed (Air Products and Chemicals, Inc., US, 1990).
22
'National Hydrogen Energy Roadmap', based on the results of the national hydrogen roadmap
workshop. In Energy, U.D.o., ed (Washington, DC, 2002).
23
Reider, R. and Edeskuty, F.J. Hydrogen safety problems. International Journal of Hydrogen
Energy, 1979, 4(1), 41-45.
24
Sakintuna, B., Lamari-Darkrim, F. and Hirscher, M. Metal hydride materials for solid
hydrogen storage: A review. International Journal of Hydrogen Energy, 2007, 32(9), 1121-1140.
25
Solomon, B.D. and Banerjee, A. A global survey of hydrogen energy research, development
and policy. Energy Policy, 2006, 34(7), 781-792.
26
Boyano, A., Fernandez, A. and de la Vega, P. Hydrogen internal combustion engine for
stationary applications. Applied Energy, In Press, Corrected Proof.
27
White, C.M., Steeper, R.R. and Lutz, A.E. The hydrogen-fueled internal combustion engine:
a technical review. International Journal of Hydrogen Energy, 2006, 31(10), 1292-1305.
28
Najjar, Y.S.H. Hydrogen fueled and cooled gas turbine engine. International Journal of
Hydrogen Energy, 1990, 15(11), 827-832.
29
Tsujikawa, Y. and Sawada, T. Characteristics of hydrogen-fueled gas turbine cycle with
intercooler, hydrogen turbine and hydrogen heater. International Journal of Hydrogen Energy, 1985,
10(10), 677-683.
30
Jin, H. and Ishida, M. A novel gas turbine cycle with hydrogen-fueled chemical-looping
combustion. International Journal of Hydrogen Energy, 2000, 25(12), 1209-1215.
31
Ishida, M. and Jin, H. A new advanced power-generation system using chemical-looping
combustion. Energy, 1994, 19(4), 415-422.
32
Hydrogen:Afuture energy carrier? Schlumberger Oilfield Review magzine2005).
33
Hotza, D. and Diniz da Costa, J.C. Fuel cells development and hydrogen production from
renewable resources in Brazil. International Journal of Hydrogen Energy, 2008, 33(19), 4915-4935.
34
Dicks, A.L., Diniz da Costa, J.C., Simpson, A. and McLellan, B. Fuel cells, hydrogen and
energy supply in Australia. Journal of Power Sources, 2004, 131(1-2), 1-12.
35
Song, C. Fuel processing for low-temperature and high-temperature fuel cells: Challenges, and
opportunities for sustainable development in the 21st century. Catalysis Today, 2002, 77(1-2), 17-49.
36
Chen, H., Ding, Y., Peters, T. and Berger, F. A method of storing energy and a cryogenic
energy storage system 2007. US.

37
Sharma, A., Chen, C.R., Murty, V.V.S. and Shukla, A. Solar cooker with latent heat storage
systems: A review. Renewable and Sustainable Energy Reviews, In Press, Corrected Proof.
38
Sutthivirode, K., Namprakai, P. and Roonprasang, N. A new version of a solar water
heating system coupled with a solar water pump. Applied Energy, 2009, 86(9), 1423-1430.
39
Shukla, A., Buddhi, D. and Sawhney, R.L. Solar water heaters with phase change material
thermal energy storage medium: A review. Renewable and Sustainable Energy Reviews, In Press,
Corrected Proof.
40
Koca, A., Oztop, H.F., Koyun, T. and Varol, Y. Energy and exergy analysis of a latent heat
storage system with phase change material for a solar collector. Renewable Energy, 2008, 33(4), 567574.

AN INNOVATIVE PROTOTYPE OF ADSORPTION CHILLER FOR MOBILE AIR
CONDITIONING
Giovanni Restuccia, Angelo Freni, Salvatore Vasta, Alessio Sapienza, Fabio Costa
CNR – Istituto di Tecnologie Avanzate per l’Energia “Nicola Giordano”,
S. Lucia sopra Contesse, 98126 Messina. Italy; email: giovanni.restuccia@itae.cnr.it

ABSTRACT
In this paper, an innovative prototype of adsorption chiller for mobile air conditioning is presented
together with test results. The chiller has been designed and built at CNR-ITAE in the framework of the
EC project TOPMACS – Thermally Operated Mobile Air Conditioning Systems. The adsorption machine
uses the available heat from the engine coolant loop and is designed to deliver about 2.5 kW cooling
power for the cabin air conditioning. Experimental characterization of the prototype has been carried out
in two phases: i) performance evaluation at CNR-ITAE laboratory in simulated conditions, ii) testing in a
truck cabin provided by IVECO, one of the partners of the TOPMACS project. The performance
evaluation was carried under the EU car air conditioning testing conditions. Results obtained
demonstrated that the adsorption chiller is able to deliver adequate cooling power (Average Cooling
Power ACP = 1-2.3 kW) with the required efficiency (cooling COP = 0.25-0.45). Thus a Specific Cooling
Power as high as 300-600 W/kg of adsorbent was obtained. Testing of the prototype into the truck cabin
demonstrated that the chiller is effectively able to provide comfort conditions to passengers.
INTRODUCTION
Recent developments in adsorption cooling systems demonstrated that such devices can efficiently
replace conventional vapour compression chillers and heat pumps, especially when low grade waste or
solar heat is available (Wang and Oliveira, 2006). Nowadays, adsorption chillers have been successfully
tested mainly for stationary applications such us solar air conditioning/ice making and tri-generation
(Critoph and Zhong, 2005). Automotive air conditioning is another interesting opportunity, as suggested
by Suzuki (Suzuki, 1993), that proposed application of adsorption cooling systems to automobiles using
water as working fluid. Utilization of waste heat from the I.C. engine to drive the adsorption chiller
minimizes fuel over-consumption for air conditioning, which can be translated to lower CO2 emissions.
Moreover, water is the most convenient and environmentally- friendly alternative to R134a, commonly
used as refrigerant in vehicles and already considered obsolete. Indeed, according to the EU directive
2006/40/EC, new vehicles realized starting from 2011 must use refrigerants with GWP < 150, which
means that R134a (GWP=1300) will be completely banned.
Tchernev (Tchernev, 1999) pointed out that the automobiles engine could not provide sufficient energy
from the high temperature exhaust gas to drive the adsorption machine during city driving or at idle
conditions. On the contrary, utilization of the low-temperature heat contained in the engine coolant loop
may be a more appropriate solution to satisfy the cooling load of the vehicle, by an adsorption device, as
larger amount of waste heat is available at the constant temperature of about 90°C. Obviously, a so low
temperature discourages utilization of traditional water adsorbents such us zeolites 4A/13X, which require
higher temperature level for regeneration. To overcome this problem, Tchernev proposed utilization of
zeolites with ZSM or Y structure as adsorbents and methanol as adsorbate, whose desorption temperature
is lower than 90°C. However, the correspondent performance are rather limited due to low latent heat of
methanol (Restuccia et al., 2005). Zhang (Zhang, 2000) realized and tested in laboratory an experimental
cooling unit driven by the exhaust gas of a diesel engine. The adsorber was a double-tube pipe packed
with zeolite 13X grains. The obtained COP was satisfying (0.38), but the specific cooling power
measured (SCP 25.7 W/kg) was too low for practical application in vehicles. Jiangzhou (Jiangzhou et al.
2002) realized a prototype of zeolite/water adsorption chiller for a locomotive driver-cabin air
conditioning. The prototype was able to deliver about 4.5kW cooling power with COP of 0.25. Also in
this case, the weight of the prototype (>300 kg) was not suitable for practical application in vehicles,
which imposes very strict constraints in terms of lightness, compactness and heat transfer efficiency.
The EC project “TOPMACS” – Thermally Operated Mobile Air Conditioning Systems, is aimed at
developing compact sorption air conditioner specifically designed for cars and trucks. The partners of the
project developed cooling machines based on four different working pairs (metal hydride/hydrogen,

activated carbon/ammonia, silica gel/water, zeolite/water). In the first phase of the project, the CNRITAE, ECN and University of Warwick laboratory prototypes were successfully tested in simulated
conditions (de Boer and Smeding, 2008; Tamainot-Telto et al., 2008; Vasta et al., 2008). In fact,
utilization of adequate working pairs and advanced concepts of heat exchangers made it possible to
satisfy the system requirements in terms of cooling performance and weight and volume restriction. The
next stage of development has been focused on the realization of the on-board prototypes to be installed
on a FIAT Punto car and an IVECO Stralis truck.
This paper describes the on-board prototype designed and built at CNR-ITAE for installation into the
IVECO truck. The adsorption machine uses the available heat from the engine coolant loop and is
designed to deliver about 2.5 kW cooling power for the cabin air conditioning. The working pair used is
AQSOA®-FAM-Z02, a novel functionalized material produced by Mitsubishi Chemical Functional
Products Inc., as adsorbent and water as adsorbate. In the first part of the paper, the design and practical
realization of the prototype are discussed, afterwards, the performance evaluation under the EU car air
conditioning testing conditions is presented. Finally, the on-board prototype installation and testing into
the cabin of a IVECO truck are discussed.
DESIGN AND PRACTICAL REALIZATION OF THE ON-BOARD ADSORPTION AIR
CONDITIONER

radiator

radiator

The on-board adsorption chiller was specifically designed and realised for installation on an IVECO
Stralis truck. The design was carried out considering the following system requirements and constraints
provided by IVECO:
- Availability of the waste heat in the engine cooling circuit: > 10kW at 90°C.
- Cooling power required: >2 kW for Severe European Summer Climate (35°C, 60 % RH)
- Maximum temperature drop along the engine cooling circuit: < 5°C.
- Mass flow of the cooling fluid: 15-20 l/min
- Auxiliary burner available on the truck for cooling during driver rest in parking areas
- Available space for installation: 150 -170 dm3
- Maximum weight allowed: 35 kg
The adsorption chiller also require the availability of compressed air to drive the pneumatic valves of the
prototype and power supply at 24V for the two circulators of the evaporator and condenser, four solenoid
valves and for the automatic control system.

Auxiliary Burner

Engine

Figure 1: Scheme and operating principles of the on-board adsorption air conditioner.
The basic lay-out of the on-board prototype is similar to that developed for the first-generation lab scale
prototype built and tested within the first phase of the TOPMACS project (Vasta et al., 2008). Essentially,
the adsorption air conditioner consists of two adsorbers connected by vacuum valves to a single
evaporator and condenser. The two adsorbers operate in counter-phase ensuring a quasi-continuous useful
effect. External water circuits are used to provide/remove thermal energy to the above mentioned

components. The system is operated without heat or mass recovery, in order to minimize the cycle time
and to increase the Specific Cooling Power of the machine.
Testing of the first-generation lab scale prototype allowed to verify that the machine is able to satisfy the
performance targets in terms of cooling power and efficiency required for cabin-truck cooling.
Subsequently, the design of the on-board prototype was mainly focused on the reduction of the overall
dimensions and weight. Fig. 1 depicts the scheme and operating principles of the on-board adsorption air
conditioner.
The most innovative component of the on-board prototype is the novel double-bed adsorber, which was
realized embedding about 2 kg of adsorbent material AQSOA®-FAM-Z02, produced by Mitsubishi
Chemical Functional Products Inc., into lightweight aluminium finned flat-tube heat exchangers,
specifically developed by Valeo Thermique. The adopted adsorbent material integrated in such advanced
heat exchangers, already proved to be highly performant in the required operating conditions (Sapienza et
al., 2007).
The vacuum chambers of the adsorbers and the collectors were designed to exactly fit the adsorbent beds
geometry and realized in aluminium to reduce the weight. Compact evaporator and condenser were
specifically built using finned-tubes heat exchangers which offer very high exchange surface. The
connections between adsorbent beds and condenser/evaporator are regulated by means of electropneumatic vacuum valves. A set of electric valves is used to control the circuits for the external heat
transfer fluids. The detailed characteristics of the on-board prototype are summarized in Tab. I.
Table I: Main characteristics of the on-board prototype
Type of adsorbent
Mass of adsorbent used for each adsorber
Weight of HEXs used for each adsorber
Total weight of the double-bed adsorber (vacuum chamber included)
Weight of the condenser/evaporator
Volume of the condenser/evaporator
Overall volume of the prototype
Total weight of the prototype

AQSOA®-FAM-Z02
2 kg
2.5 kg
15 kg
15 kg
11 dm3
170 dm3
60 kg

The figures 2a, b show the realized prototype. The front view clearly shows the two adsorbers, properly
insulated to prevent heat dissipation, and the four vacuum valves alternatively connecting the adsorbers
with the condenser and evaporator. The side view permits to appreciate the compact condenser and
evaporator located at the top and bottom of the prototype, respectively.
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Figure 2a, b: The CNR-ITAE on-board adsorption chiller (front and side view); A – Adsorber;
C – Condenser; E – Evaporator; Vc – Vavuum valves condenser-adsorbers; Ve – Vacuum valves
evaporator-adsorbers

The same picture shows, on the left-hand side, the flows management system, including the valves, that
allows the connections to the external water circuits for providing/removing of thermal energy. Each
component of the prototype was equipped with a pressure and temperature sensor to analyze the
thermodynamic cycle evolution during operation.
The overall volume is about 170 dm3. A volume reduction of 60% and a corresponding weight reduction
of 50 % was obtained in comparison with the first generation laboratory prototype. The installation was
completed with a data acquisition and management system, connected to a mobile PC, that was
specifically implemented in order to perform completely automatic operation of the system. The
management system allows to set the operating temperatures of the adsorption cycle as well as the desired
cycle time.
PERFORMANCE EVALUATION IN LABORATORY
The performance evaluation was carried out by means of a testing facility already installed at the CNRITAE laboratory. The testing facility provides the external heat sources/sinks at the required temperatures
and allows automatic management of the adsorption cycle. The adsorption chiller has been tested under
the typical EU car air conditioning testing conditions. Fig. 3 shows the obtained cooling COP and average
cooling power (ACP) vs. outlet temperature of the evaporator, when the temperatures of condensation are
28°C and 33°C and the temperature of the heating source for desorption is 90°C. Optimal
adsorption/desorption cycle time was 10 minutes. Typical experimental error was 5%.
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Figure 3: Performance of the CNR-ITAE adsorption air conditioner vs. outlet temperature of
evaporation (Tcond= 28°C, 33°C, Tdes=90°C).
Results obtained show that, for normal climate driving conditions (Tcond=28°C), the adsorption cooling
system is able to deliver the required cooling power (ACP 1-2.3 kW) with a sufficient efficiency (COP
0.25-0.45). A Specific Cooling Power as high as 300-600 W/kg of adsorbent was obtained, which
confirms the good heat transfer properties of the novel adsorbent bed. As expected, a drop of performance
(cooling COP ~0.25 and ACP ~ 1.3kW) was observed simulating severe climate driving conditions
(Tcond=33°C).
TESTING IN A TRUCK CABIN
The experimental activity was continued by installing and testing the adsorption chiller on a truck cabin
(Stralis) provided by IVECO. Figs. 4a, b show the pictures of the whole experimental system located at
the ITAE Institute and connected to the adsorption laboratory facilities. The adsorption chiller has been
installed in the rear part of the cabin, behind the passenger seat. In order to simulate the engine coolant
loop, the adsorption chiller has been connected to the test bench capable to supply hot water at 90°C,
necessary to drive the system.

Figure 4: The on-board adsorption chiller installed on a truck cabin (Stralis) provided by IVECO
A proper heat exchanger has been installed in the front part of the truck, replacing the existing gascondenser, allowing to cool down both the condenser and the reactor at the minimum temperature
available (about 5°C higher than environmental temperature). This cooling loop has been equipped with
an electrical centrifugal pump capable of up 15 LPM water flow as required by the specifications. The
cold produced by the adsorption system is delivered to the cabin by means of a modification to the
heating system placed on the rear of the dashboard: the gas-evaporator has been replaced by an
aluminium exchanger having the same dimensions and connected to the low temperature circuit of the
adsorption chiller by means of insulated rubber pipes.
Fig. 5 shows the evolution of the temperature of the cold air delivered to the cabin, of the cabin and the
main components of the adsorption chiller (adsorbent beds, evaporator, condenser), measured during a
typical field test.

Figure 5: Evolution of the temperature of the cold air delivered to the cabin, of the cabin and the
main components of the adsorption chiller during a field test (B1 - T bed 1; B2 -T bed 2; Con – T
condenser; Evap – T evaporator; Cond AIR outlet – T air outlet condenser radiator; Ext TEMP –
T ambient; AIR inlet – T chilled air; Cabin TEMP – T of the cabin)

Such field tests were carried out in winter time, so that the environmental conditions are far from those
simulated in laboratory. However, results obtained demonstrate that the chiller is able to operate
automatically for a relevant number of ad/desorption cycles, and that the cooling system delivered
continuously cold air at 9°C. Considering that the air flow was 600 m3/h and that ΔT = 15°C
(recirculation mode), 3 kW of cooling power can be calculated, which was the target of the project. The
same experimental protocol will be repeated during summer time, in order to confirm the functionality of
the prototype under more severe environmental conditions.
CONCLUSIONS
A prototype of adsorption chiller for mobile air conditioning, realized by CNR-ITAE in the framework of
the EC project TOPMACS, was presented and tested. The overall size (170 dm3) and weight (60 kg) of
the prototype are suitable for mobile applications. Testing in laboratory returned attractive performance in
terms of cooling COP= 0.25-0.45, Average Cooling Power delivered ACP= 1-2.3 kW and Specific
Cooling Power SCP = 300-600 W/kg. Field test carried out by installing the adsorption chiller into a truck
cabin demonstrated the functionality of the prototype and indicated that the cooling system is able to
deliver continuously cold air at 9°C with an estimated cooling power of 3 kW.
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Abstract
Up to now, technical and economical reasons are in favour of large concentrated solar thermal power
plants starting from a rated electrical power of 10 MWel and more. Projects with smaller size power
however could have advantages because of flexibility and financing options. Also, the potential
benefits of combined generation of heat, cooling and power could be utilized by smaller power stations
if load profiles are adequate. Therefore, the German Federal Ministry for the Environment, Nature
Conservation and Nuclear Safety (BMU) has financed a study exploring the factors and technologies,
which could pave the way to a economical development also for Medium and Small Size Concentrated
Solar thermal Power (MSS-CSP) plants from about 10 kWel up to 10 MWel.
Within the project different cycle layouts for co/polygeneration were simulated in TRNSYS. The
yearly energy production was calculated on the basis of hourly weather data and load curves for heat,
cold and electricity demand. Based on cost assumptions and local feed-in-tariffs, the possible financial
savings in comparison with conventional systems were calculated. Cases with high rentability were
identified.
Description of the simulated cycle layouts
For solar co/polygeneration different cycle layouts are feasible. Depending on the temperature levels
needed, different positions of the heat exchangers in the cycle can be studied with the simulation
model. Figure 1 shows a schematic layout of one possible system producing process steam, cooling by
an absorption chiller and electricity.

Figure 1: Possible cycle layout for solar polygeneration
In Figure 1 the Heat Transfer Fluid (HTF) coming from the collector with 300°C flows through the
heat exchangers of an Organic Rankine Cycle (ORC). Additionally, process heat on a rather high

temperature level of 200°C at 12 bar is available. The heat of condensation in the ORC cycle can be
used in a thermally driven chiller operating at 85°C. To gain independence from solar irradiation and to
extend the operation hours a thermal storage is used.
Procedure
The thermodynamic calculations were run on the basis of hourly values with solar irradiation data and
weather conditions for different locations in Europe and Africa. In comparison with a conventional
system, the fuel savings for one year are calculated. Based on these energy savings the cash flow
respectively the savings for every year of the whole life-span can be calculated under certain
assumptions on financing interest rates and fuel price (see Tables 2 and 3). The possible savings are
determined by calculating the net present value, i.e. summing up the discounted cash flows for each
year. Two different system types where examined: a grid connected system and an off-grid system.
Both of them where compared with a conventional reference system.
Grid connected system
An existing system is assumed to be extended by a solar polygeneration unit. It uses a conventional oil
burner for steam generation. For cooling an electric compression chiller supplied by grid electricity is
installed. These components serve as backup for the solar system. Through the addition of solar
polygeneration fuel for the steam generator and electricity for the chiller can be saved.
Off-Grid System
Plants located in remote areas without grid connection are today mostly generating their electricity on
site by diesel engines. In this case the existing system consists of a diesel generator and an oil-fired
steam generator. Fuel can be saved by solar electricity and heat production
Load profiles
For the grid connected system it is assumed that all the electricity generated can be delivered to the
grid and is refunded by a feed-in-tariff. The off-grid system can only use electricity if there is demand.
For the simulation a load profile presented by Kaldellis [1] for an Aegean island was used.
For the process heat demand a production site is assumed to have a constant load from 8 am to 6 pm.
A constant cold demand is assumed to occure for 24 hours a day all year long for example in a cooling
room for meat strorage.
Collector model
A linear Fresnel collector is modelled using the following parameters:
•

Optical efficiency: 67 %

•

Heat losses for an selective absorber tube in an isolated secondary receiver

•

The collector is parallel to the north- south axis

The power block is defined by the following parameter:
•

Isentropic turbine efficency ηisentrop: 70 %

•

net efficiency (at 260°C) ηel,netto: 19 %, variable from steam and condensation
temperature, load)

The absorption chiller is implemented as a look up table according to performance data supplied by a
manufacturer.
Location and weather data
As a base case Faro in Portugal was chosen as location for the simulations. With a direct normal
irradiation (DNI) of 2197 kWh/(m²a) Faro is a representative for a good location in Southern Europe.
Hourly values of weather data are taken from METEONORM.
Figure 2 shows the monthly sums of direct normal radiation in Faro and the mean ambient temperature.
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Figure 2: Direct normal irradiation and ambient temperature in Faro (Portugal)

The assumptions for the economic analysis are presented in Table 1, 2 and 3. The operation time of
the system is 25 years. The interest rate is 7 percent.
Electricity and oil price, as well as the increase rates (Table 3) are calculated based on 10 years data
(1998 – 2007) provided by the Federal Ministry of Economics and Technology. Assuming an
exponential growth the mean value of several mid- and south-European countries is calculated.
Electricity and oil price are extrapolated to 2010, assuming the power plant to start operation that year
after planning and construction phase.
Table 1: Investment costs
Component

Unit

Specific Investment

Collector

[€/m²]

300

Power Block

[€/kW]

1500

Storage

[€/m³]

1000

Steam Generator Process Heat

[€/kW]

25

Absorption Chiller

[€/kW]

280

Table 2: Operation and Maintenance costs
Unit

Costs

Operation and Maintenance

[% p.a.]

2

Insurrance

[% p.a.]

1

Table 3: Additional assumptions
Einheit

Kosten

Feed-in-tariff (Portugal)

[€/kWh]

27

Electricity cost

[€/kWh]

10

Rate of electricity price increase

[% p.a.]

2,5

Oil price

[€/kWh]

0,08

Rate of oil price increase

[% p.a.]

8

Electricity generation costs diesel
generator

[€/kWh]

0,31

Results
In general two different modes are possible to operate the storage: a heat-led operation will primarily
use the storage to satisfy the heat demand. An electricity-led system will discharge the storage if
electricity is needed.
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Figure 3: Savings grid connected system heat led and electricity led
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Figure 4: Off-grid system heat led and electricity led
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Figure 3 shows that for a grid connected system the heat-led system will generate higher savings, as the
electricity can be supplied to the grid at any time for the same feed-in-tariff. If electricity has to be
supplied at the right time which is the case for an off-grid application (Figure 4) the electricity-led
mode will generate higher savings. Additionally electricity is more valuable in this case. The Figures 3
and 4 also show that the maximum depends on the field size. Additionally the savings depend on the
nominal power of the power block, the chiller and the steam boiler. Therefore about 6000 calculation
runs were performed to find the optimum configuration.
Table 4 gives an overview of the results for the different cases optimized for maximum savings over
the lifetime. It shows that under the current feed-in-tariff for CSP an electricity only system is
economically not feasible. With 35 €-Cent the levelized electricity costs (LEC) are 8 Cents higher than
the tariff. In contrast, the off-grid electricity only plant is viable as the electricity produced by a diesel
gen are higher. By the simultaneous production of electricity, heat and cold the economic situation
improves significantly. A polygeneration system is saving costs in both cases. The internal rate of
return (IRR) rises from 16% to 20% if diesel fuel for electricity production is saved in the off-grid case
instead of receiving the Portuguese feed-in-tariff.
Table 4: Results
Grid connected

Off-Grid

Parameter

CSP electricity
only

CSP
CSP electricity CSP
Polygeneration only
Polygeneration

Pel,nom [kWel]

300

300

170

300

Pchill,nom [kWcold]

0

500

0

500

Pheat,nom [kWth]

0

800

0

800

Field Size [m²]

4000

6500

4600

8500

Storage Size [m³]

30

80

280

200

Financial Savings [T€]

no savings

3600

2000

9000

Investment [T€]

1600

2700

2000

3400

Payback Time [a]

-----

11

15

9

IRR [%]

-----

16

13

20

LEC [€/kWh]

0.35

-----

0.37

-----

Worst case scenario for grid-connected system
The cost assumptions used above represent estimations for costs that might be achieved if these
systems will be produced in mass production. To represent the cost levels of a system today the
calculations were also performed for investment costs of 500 €/m² for the collector field and 4000
€/kW for the power block. It can be seen in Table 5 that the grid connected systems IRR drops from
16% to 10 % and the payback time rises from 11 to 18 years. That means that such a system is already
feasible today. As the payback time is quite long in this case probably public funding would be needed
for the first projects. The off-grid system offers higher revenues. The IRR is at 15% and the payback
time is 13 years. Therefore the introduction on the market in the near future seems more likely than in
the grid connected case.
Table 5: Results worst case scenario
Grid connected

Off-Grid

Parameter

CSP
electricity only

CSP
Polygeneration

CSP
CSP
electricity only Polygeneration

Pel,nom [kWel]

300

170

130

200

Pchill,nom [kWcold]

0

500

0

500

Pheat,nom [kWth]

0

800

0

800

Field Size [m²]

3000

4600

3300

6000

Storage Size [m³]

10

60

200

160

Financial Savings [T€]

no savings

1500

500

6000

Investment [T€]

2700

3200

2400

4400

Payback Time [a]

-----

18

22

13

IRR [%]

-----

10

8.3

15

LEC [€/kWh]

0.70

-----

0.59

-----

Findings and conclusions
The simulation results show that solar co/polygeneration of power, heat and/or cooling can be highly
profitable if the cycle design is adapted to the load profile. The main influencing factors on the
technical design are boundary conditions at the given location (i.e. climatic data, solar resource,
availability of water, demand and demand profile etc), the choice of solar collector field and cost data.
These parameters than can be used to optimize the economic savings of a certain system. Significant
savings compared to fossil fuelled solutions may be achieved by solar thermal co/polygeneration. Even
higher savings were found for off-grid applications. Today’s investment costs, which are more or less
prototype or low quantity production costs, already allow feasible systems. It can be assumed that these
costs drop if it comes to series production. Today only the subsystems of a solar polygeneration system
such as solar cooling, solar electricity, and solar process-heat are in use. It is necessary to set up
demonstration plants in order to show the feasibility of solar polygeneration.
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ABSTRACT
In this work, a two modular zeolite water adsorption heat pump (AHP) based on the thermal wave
concept has been experimentally investigated. Each module composes two heat exchangers contained in a
hermetic stainless steel vessel. The first heat exchanger is the adsorber/desorber located on the top of the
vessel, while the second is the evaporator/condenser heat exchanger located on the bottom of the vessel.
Throughout this work, the effect of the non-dimensional switching frequency, which has been introduced
and theoretically investigated by Alam et al., 2000 on the coefficient of performance and the mean
heating power of an adsorption heat pump has been experimentally investigated under one typical
working condition of AHPs. The results showed that the switching frequency and adsorber/desorber flow
rate have strong influences on both COP and the mean heating power. It has been also found that there is
an optimum switching frequency corresponding to each flow rate, at which the COP attains its maximum
value. The obtained optimum switching frequencies varies slightly from 0.26 at an adsorber fluid flow
rate of 0.6 l/min to 0.32 at 1 l/min.
Keywords: Adsorption heat pump; Zeolite-water; Switching frequency; Thermal wave
INTRODUCTION
In recent years, adsorption heat pump/refrigeration systems have drawn considerable attention due to their
lower environmental impact since these systems use non ozone depleting working substances. Moreover,
gas-fired adsorption heat pumps have a remarkable energy saving potential compared to gas-condensing
boilers, which represents the state of the art of gas fired heating appliances. In this context, several
advanced cycles have been proposed to achieve higher coefficient of performance (COP) values over
single stage intermittent adsorption cycles. Meunier, 1986 as well as Douss and Meunier, 1989 have
proposed and analyzed the solid adsorption cascading cycle in which they applied an active carbonmethanol pair topped by a zeolite water system. In this cascading cycle, traditional NaX and A type
zeolites were applied at a desorption temperature as high as 300 °C. In a commercial gas-fired adsorption
heat pump system, the realization of this desorption temperature level has been proven to be unfeasible.
An alternative heat recovery concept to the cascading cycle; namely, the two bed direct heat recovery
cycle has been introduced and thoroughly investigated [Miles and Shelton, 1992, Douss et al, 1988, Saha
et al, 1995-a, Boelman et al, 1995, Saha et al, 1995-b, Chua et al, 1999 as well as Wang and Chua, 2007].
The heat transfer loops of the two sorption beds are short-circuited together at the end of each
adsorption/desorption phase in order to exhibit a direct heat recovery from the hot bed being cooled
(previously worked as a desorber) to the bed being heated (previously worked as an adsorber).
Accordingly the recovered heat could be saved and a considerable enhancement of the COP could be
achieved. According to this cycle, each adsorption bed has to be equipped with a circulating pump. The
temperature of the heat transfer fluid being circulated by both pumps changes in each half cycle between
desorption and adsorption end temperatures. In order to achieve a high seasonal performance of gas-fired
adsorption heat pumps with a relatively low production cost and a high degree of hydrothermal durability,
zeolite NaY could be applied. The main drawback of this zeolite is the need to desorption temperatures of
as high as 150-175 °C, in order to achieve reasonable COPs. This high temperature requirement puts a
*
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severe durability and production cost restriction for the required two circulation pumps and implies an
almost knock out criteria for utilizing the direct heat recovery concept in such a development.
One of the technically promising regenerative adsorption heat pump cycles is the so called two-bed
regenerative thermal wave cycle introduced by Tchernev and Emerson, 1988. According to this cycle, the
two adsorption beds are connected in series with the heat source and heating net heat exchangers. The
heat recovery between the two adsorption beds is realized by reversing the flow direction of the bed heat
transfer fluid at the end of each adsorption/desorption working phase. One of the main technical
advantages of this cycle is the need to only one circulating pump for the bed heat transfer fluid loop.
Moreover, this pump could be located close to the heating net heat exchanger, exhibiting the medium
cycle temperature and the lowest temperature changes compared to the two circulating pumps required
for the two heat transfer fluid loops of two bed direct heat recovery cycle. This leads to a remarkable cost
saving and long time durability of the thermal wave heat pump. Shelton et al. (1989 and 1990) have
introduced analytical square and ramp wave analysis for the regenerative thermal wave adsorption heat
pump cycle introduced by Thernev and Emerson, 1988. Amar et al, 1996 as well as Haji and Worek, 1991
have performed a detailed numerical modelling and simulation of the Tchernev thermal wave cycle. They
have concluded that the cycle time is one of the key operating parameters of this regenerative cycle. An
excessively short cycle time is responsible for lower cooling capacity and coefficient of performance
(COP). On the other hand, a too long cycle time results in a quite high heating power on the cost of a too
poor COP. The effect of switching speed on the two bed thermal wave cycle performance has been
numerically studied by Zheng et al. (1995 a, b). They showed that there is an optimum switching speed to
optimize COP and cooling capacity, which are different, for a given design and set of operating
conditions. Alam et al, 2000 have investigated numerically the influence of heat exchanger design
parameters on the system performance as well as on the switching frequency defined previously by Zheng
et al. (1995 a, b) of a two-bed silica gel-water thermal wave cooling system. They showed that the
optimum switching frequency is strongly dependent on the heat exchanger design parameters. They also
showed that the COP and cooling capacity could not be optimized at a single switching frequency.
The main objective of this work is to experimentally investigate the influence of the previously mentioned
switching frequency on the performance of a two-modular zeolite-water thermal wave adsorption heat
pump at different adsorber loop flow rates in order to define a suitable control strategy for predicting the
optimum switching time, which gives the maximum COP and in the same time achieves the desired
heating power. Throughout the course of this paper, we first introduce the working principle of the
investigated two-modular thermal wave adsorption heat pump. A short theoretical background on the
switching frequency is given before the experimental methodology is explained. Finally the results of the
experimental investigation on the effect of the switching frequency on the performance of the twomodular heat pump at a typical set of operating conditions are introduced and discussed.
THE INVESTIGATED TWO-MODULAR THERMAL WAVE ADSORPTION HEAT PUMP
Figure 1 represents the flow diagram of the investigated adsorption heat pump. The core of the heat pump
is the two modules. Each module is a vacuum tight cylindrical vessel containing two heat exchangers
(Lang et al, 2003). The heat exchanger on the top of each module is the adsorber/desorber, which is
constructed as a finned-tube heat exchanger, with water as a heat transfer fluid flowing inside the tubes
and zeolite-NaY loose pellets incorporated between the fins. A metal sieve is applied to prevent the
pellets from falling out of the heat exchanger. On the bottom of each module the evaporator/condenser
heat exchanger is located, which consists of two- layers of wavy tube spirals, each fixed on a suitable tray
with brine applied as a heat transfer fluid. The whole module including the two heat exchangers is made
of high grade stainless steel. Figure 1 presents an operation state, in which module 1 (M1) is working as a
desorber/condenser and module 2 (M2) as an adsorber/evaporator. The adsorber and desorber are
interconnected with the heating-net (HNHE) and the high temperature (HTHE) heat exchangers through a
central switching unit (S1). This loop is termed as the primary cycle (PC) and is equipped with the
circulating pump (PCP). The central switching unit S1 enables reversing the flow direction in the primary
cycle by each 90° rotation of its rotor, and consequently, realizing the thermal wave heat recovery
between the adsorber and desorber heat exchangers according to Tchernev and Emerson, 1988. Moreover,
the pump (PCP) is located on the coldest part of the primary cycle; namely, at the exit of the HNHE,
which represents cost and durability advantages of this heat recovery concept. The evaporator and

condenser heat exchangers are interconnected with the HNHE and the Ambient-heat exchangers via a
second central switching unit (S2) with brine flowing in this loop (Brine Cycle (BC)). The
condenser/evaporator heat exchangers in Modules 1 and 2 are equipped with brine circulation pumps
BCP1 and BCP2, respectively. In Figure 1, the central switching unit S2 connects the condenser of M1
(Path 1) with the HNHE (Path 3) and, in the same time, the evaporator of M2 (path 2) with the ambientHE (Path 4). This explains the necessity to assign a brine circulation pump to each module.

Primary Cycle (PC)
HTHE
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Module 1

Module 2
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Heating Net- HE

Desorber

Adsorber

Condenser

Evaporator

3
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1
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4
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Figure 1: Schematic diagram of the investigated two-modular adsorption heat pump
Upon reaching a certain condition for switching the primary cycle (e.g. a certain half cycle time or a
predefined exit temperature out of the desorber or adsorber is reached) the primary cycle flow direction is
reversed by rotating the rotor of S1 by 90°. Both desorption and adsorption processes in the two modules
could not be terminated immediately as the process is not of a digital nature. Contrary to that, it has been
observed that the condenser is still capable to deliver heat to the HNHE and the evaporator could still
receive heat from the ambient-HE, if switching the brine cycle is delayed for a certain time after reversing
the flow direction in the primary cycle. This time interval between reversing the direction of flow in the
primary cycle and the beginning of switching the brine cycle is therefore termed as the delay time.
After this delay time a direct heat recovery between condenser and evaporator heat exchangers is realized
by connecting loops 1 and 2 through S2 for a certain time. This time is termed as the internal heat
recovery time. Directly after that, the two loops 1 and 2 are isolated from each other and also from the
HNHE and ambient-HE and short circuited in themselves to realize the pre-cooling of the evaporator heat
exchanger of M1 (previously worked as a condenser) and the pre-heating of the condenser heat exchanger
of M2 (previously worked as an evaporator). In the pre-heating/pre-cooling phase the evaporator (in M1)
is continued to cool down by evaporating refrigerant and the condenser (in M2) is continued to heat up by
condensing refrigerant. Since the evaporator heat-exchanger (previously worked as a condenser) is filled
with refrigerant, its pre-cooling takes longer time than pre-heating of the empty condenser (previously
worked as an evaporator). Accordingly, the state of the evaporator is decisive for the duration of the preheating/pre-cooling phase. After finishing this pre-heating / pre-cooling phase the evaporator of M1 is
connected to the ambient-HE (paths 1 to 4) and the condenser of M2 is connected to the HNHE (paths 2
to 3) in S2, respectively and the process time starts, in which M1 works as an adsorber-evaporator and
M2 as a desorber-condenser. This sequence of operation has been patented by Hocker et al, 2003.

THEORETICAL BACKGROUND
The switching frequency is defined according to Alam et al, 2000 as the ratio between the heat capacity of
the adsorbent bed or adsorbent heat exchanger and the heat capacity rate of the adsorber heat transfer
fluid multiplied by the half cycle time (thc).

ω=

mab cab 1 τ ab
⋅ =
m& f c f t hc t hc

(1)

The first part of equation (1) represents an internal adsorption “bed” characteristic time (τab), while thc is
an external time, which can be independently adjusted during the experiments. Multiplying both
numerator and denominator of this first part by the difference between desorption and adsorption end
temperatures indicates that τab represents the ratio between the heat gained by the adsorbent bed and the
rate of heat transferred to/from the bed heat transfer fluid. The heat transferred to/from the adsorbent bed
depends mainly on the combined heat and mass transfer characteristics of the adsorbent bed as well as on
the heat transfer characteristics of the condenser/evaporator heat exchangers. In an “ideal” adsorption heat
pump design with no heat and mass transfer resistances and with infinite heat transfer areas, the half cycle
time should equal

mab cab / m& f c f

and the corresponding “optimum” switching frequency must then

equal one.
EXPERIMENTAL METHODOLOGY
During the experiments, the investigated switching frequency has been adjusted by changing the process
time while keeping the time of the remaining phases constant. The half cycle time is the sum of process
time, delay time, internal heat recovery time, and pre-heating/pre-cooling time. In this set of experiments,
boundary conditions have been adjusted to the following values: THNHE, ex = 24 °C, Tev, in = 5.8 °C, THTHE, ex
=140 °C, delay time =110 s, internal heat recovery time= 30 s, pre-heating/pre-cooling time=350 s. The
primary cycle heat transfer fluid flow rate has been adjusted to 0.6, 0.7, 0.8, 0.9, and 1 l/min. To realize a
wide range of switching frequencies, the process time has been varied between 800 and 1600 s. For the
evaluation of the thermally driven heat pump process under investigation, the coefficient of performance
(COP) is defined according to Equation (2) as the ratio between the useful heat gained out of the HNHE
and the input heat to the process in the HTHE.
COP =

Quse QHNHE QHN , PC + QHN , BC
=
=
Qin QHTHE
QHTHE

(2)

Whereas the power input to the HTHE and obtained from the HNHE are defined by equations 3 and 4,
respectively.

Q& HTHE = m& PC ⋅ c p _ PC ⋅ ∆THTHE

(3)

Q& HNHE = m& HN ⋅ c p _ HN ⋅ ∆THNHE

(4)

The Mean heating power (MHP) of the heat pump process is defined as the integral of the heating power
obtained out of the HNHE as a result of the heat transfer from both primary and brine circuits within the
heating net HE over the half cycle time divided by the half cycle time according to equation 5.
MHP =

1
t hc

t hc

⋅ ∫ Q& HNHE .dt

(5)

0

Temperature measurements are carried out using Nickel-chrome, Nickel thermocouple pairs of class 1
having an absolute accuracy in measuring temperature difference of ±0.1 K. The measurement of the
mass flow rate of the primary cycle is accomplished with a mass flow meter with integrated density
measurement. The operational principle is based on the Coriolis force and the mass dependence of the
natural frequency of a swinging system. The mass flow meter works in the measuring range from 0 to 350

kg/h with a maximum error of ±0.25% of the respective measured value. A detailed uncertainty analysis
showed a maximum relative error in COP measurements of ±0.76% from the measured value.
RESULTS AND DISCUSSION
The effect of switching frequency on COP at two exemplarily primary cycle flow rates is presented in
figure 2. It could be observed that there is an optimum switching frequency for each PC-flow rate.
Directly after switching from adsorption to desorption by reversing the primary cycle flow direction, there
would be almost no temperature change over the HTHE or the HNHE, leading to the maximum degree of
heat recovery between the two adsorption beds. On the same time, there is still no heat pump effect
produced as the evaporator and condenser haven’t started operation yet (low half cycle time and high ωvalues). Accordingly, COPHP would approach one (COPHP=1+COPC and COPC≅0 as the evaporator
cooling effect approaches zero). In case the adsorption/desorption would continue for an infinite time
(low ω-values), the result would be that the adsorber/desorber heat exchangers are completely cooled
down to the adsorption-end temperature or heated up to the desorption-end temperature, respectively.
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Figure 2: Effect of switching frequency on the COP at two primary cycle flow rates
This implies that, in case of no thermal losses in the primary heat transfer fluid loop, the heat added in the
HTHE required to heat up the heat transfer fluid from the adsorption-end to the desorption-end
temperatures would be completely rejected in the HNHE, without producing any heat pump effect as the
adsorbent beds have reached their equilibrium states. Accordingly, COPHP would approach also the
limiting value of one. Between those limiting durations of zero and infinity (high and zero ω-values,
respectively), the heat pump COPHP is expected to attain a maximum value, which should be higher than
one. This is exactly, what Fig. 2 is putting an evidence for. The value of the optimum switching frequency
varies slightly from 0.27 to 0.3 as the PC-flow rate increases from 0.7 to 0.9 l/min. It is also evident from
Fig. 2 that increasing the primary cycle flow rate results in decreasing the COP. This is a special character
of the thermal wave regenerative cycle, which is explained in accordance with Figure 4.
The effect of ω on the mean heating power (MHP) at different primary cycle flow rates is illustrated in
Figure 3. At low ω-values (long half cycle time), the desorber exit temperature entering the HNHE
increases steadily resulting in increasing the MHP. At higher adsorber flow rates the obtained MHP
increases almost linearly for the same ω-value.
Figure 4 depicts the effect of the primary cycle flow rate on both optimum ω and COP values as well as
on the MHP obtainable at the optimum switching frequency corresponding to that flow rate. It is evident
that the optimum switching frequency increases slightly with increasing the PC-flow rate, which could be
referred to the enhancement of the adsorber overall heat transfer coefficient. Accordingly, the required
time for adsorption/desorption processes is decreased (the adsorption bed characteristic time τab
decreases) and the optimum switching frequency increases.
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Figure 3: Effect of switching frequency on the MHP at different primary cycle flow rates
In the same time, Fig. 4 shows that increasing the PC-flow rate leads to a nearly linear decrease in COP
within the studied range of PC-flow rate. In a first approximation, the COP of the thermal wave
adsorption heat pump could be reduced to a multiplication of the COP of a vapour compression heat
pump process working between the evaporator and condenser temperatures and the efficiency of a heat
engine formed by the components of the primary cycle. Increasing the adsorber flow rate means that the
temperature differences over the adsorber and desorber heat exchangers will be decreased for a given
amount of heat transferred. Consequently, the difference between the mean thermodynamic temperatures
of the HTHE and the HNHE decreases leading to reducing the efficiency of the heat engine part of the
cycle. This implies a reduction in the adsorption heat pump COP with increasing the adsorber flow rate
and vice versa.
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Figure 4: Effect of primary cycle flow rate on the optimum switching frequency, optimum COP and
the corresponding MHP
Moreover, Figure 4 presents the effect of the PC-flow rate on the obtainable MHP at the corresponding
ωopt to each PC- flow rate. Linear correlations could then be defined for both MHP (dash-dot line) and
ωopt (dashed line) as functions of the PC-flow rate. Knowing the required MHP from the heat pump at a
specific operating condition, the corresponding value of the adsorber flow rate could be obtained along

with the optimum ω-value from such correlations. This leads to define the required half cycle time from
equation 1 as τab could then be estimated. Moreover, the optimum COP could be predicted from a similar
correlation (solid line).
Repeating this process for different operating conditions of the heat pump will result in defining a suitable
control strategy, and moreover, offers a simple methodology to optimize the operation and, in the same
time, predicts the COP of thermal wave adsorption heat pumps.
CONCLUSIONS
The effect of the adsorber flow rate and the switching frequency of the primary cycle of a two-modular
zeolite/water thermal wave adsorption heat pump on the COP and the mean heating power at a typical
working condition of adsorption heat pump in the middle European climate has been experimentally
investigated. It could be observed that there is an optimum switching frequency at each adsorber flow
rate, at which the COP attains a maximum. The optimum switching frequency increases with increasing
the adsorber flow rate, which is referred to the enhancement of the adsorption bed heat transfer
characteristics. The optimum COP increases with decreasing the adsorber flow rate, within the studied
range of primary cycle flow rates. A simple control strategy for this kind of adsorption heat pumps is
described based on individual correlations for the optimum switching frequency, the optimum COP and
the obtainable mean heating power as functions of the primary cycle flow rate.
NOMENCLATURE
Symbol

Meaning

Unit

COP
c
cP

Coefficient of performance
Specific heat capacity
Specific heat capacity (at constant pressure)

[-]
[kJ/(kgK)]
[kJ/(kgK)]

m

Q&

Mass
Mass flow rate
Mean heating power
Heat amount
Heat flow

[kg]
[kg/s]
[kW]
[kJ]
[kW]

T
t
thc

Temperature
Time
Half cycle time

[K]
[s]
[s]

Difference operator
Characteristic time
Non-dimensional switching frequency

[-]
[s]
[-]

m&
MHP
Q

Greek Symbols

∆

τ
ω
Subscripts
ab
C
f
ev
ex
hc
HP
in
opt
use

Adsorbent bed
Cooling
Fluid
Evaporator
Exit
Half cycle
Heat Pump
Input / Inlet
Optimum
Useful
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Abstract
Polygeneration describes an integrated process which has three or more outputs that include energy
outputs, produced from one or more natural resources. This article attempts to form a basic classification
of polygeneration systems. The polygeneration systems analysed within this paper can be divided into
following major categories:
• trigeneration systems – energy systems generating heat, power and cold in one process,
• gasification systems – production of producer gas (or syngas) in the gasification process to be used
for energy or synthesis purposes,
• biogas generation – generation of biogas from organic waste to be combusted for energy purposes
(heat and power), with the residuals used as fertiliser,
• water desalination – CHP engines can be integrated to deliver power and heat or some part of it to a
water desalination or purification station; in result in one system can provide quality water, heat and
power,
• CO2 harvesting – an idea of using a CHP to deliver heat and power to a greenhouse farm, while
cleaned exhaust gases (CO2) are blown into greenhouse to stimulate the plant growth,
• bioethanol industry – production of ethanol and residues from organic matter; residues are either used
to produce heat and power or as feedstock, while ethanol is used as a quality fuel.
Introduction
Polygeneration describes an integrated process which has three or more outputs that include energy
outputs, produced from one or more natural resources. The most popular and wide-spread form of
polygeneration is trigeneration, a simultaneous production of heat, cold and power. Existing
polygeneration systems are various and can be applicable in many sectors of economy or industry. This
article aims to classify and demonstrate the technical feasibility of different polygeneration systems and
to show that these systems could be beneficial.
Trigeneration
Trigeneration is a basic and most popular form of polygeneration. The term describes an energy
conversion process with combined heat, cooling and power generation (CHCP). The system consists
basically of a CHP (combined heat and power) module generating electricity and heat, and a thermally
driven chiller generating cold. The chiller is driven with the heat delivered by the CHP. Depending on the
demand, the generated heat is either used for heating or cooling purposes or both. Trigeneration systems
can be classified into large scale (over 1 MWc), medium scale (several 100 kWc), small scale (below 100
kWc), or micro (below 30 kWc). Trigeneration systems find application wherever the demand for heat,
cold and power occurs. This means that the application area is very vast ranging from small residential,
towards big commercial, office or other (tertiary, sports, entertainment centres, hospitals, schools,
airports, hotels, etc.) buildings. Trigeneration can be beneficial in the food industry where often
simultaneous need for cooling, heating and power exists. In buildings, the CHCP system produces heat
for domestic hot water, space heating or dehumidification and cold for space cooling or air-conditioning,
while in the food industry, industrial heating and cooling is usually needed (freezing, pasteurization etc.).
Apart from the areas of application mentioned, trigeneration may be an adequate solution in many other,
various areas of economy.
Trigeneration systems can operate in a range of configurations. The most common and flexible system is
a decentralized trigeneration. In this case the heat and cold is generated and consumed onsite, while
power is either consumed onsite or fed to grid. This principal advantage of this configuration is that the
heat and cold need not to be transported, which means reduced distribution costs and losses.
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Figure 1: Decentralized trigeneration system
In centralized CHPs with decentralized cold generation, the heat and power are generated centrally and
distributed to end-users, where thermally driven chillers generate cold. This concept is especially
promising especially in countries with highly developed DH networks (e.g. Poland, Germany). It allows
balancing the heat loads of district heating networks along the year, longer and effective operation of
district heating system and more efficient heat source exploitation. Using absorption chillers in summer
offers a serious relief for power systems as well. While technical barriers seem possible to overcome still
many economical constraints appear restraining the development of this technology (Sikora and Smyk,
2004).
In centralized CHCP systems the heat, cold and power are generated centrally and then distributed to endusers. This configuration enhances high heat, cold and power generation efficiency, requiring high initial
costs at the same time. The district heating and cooling networks need to be installed to distribute heat
and cold to end-users. Operation and maintenance of the system is expensive as well with much
distribution effort and transmission losses. Usually double-pipeline installation is insufficient for
heat/cold distribution and a secondary network is necessary. It is worth stating that additional costs of a
secondary network are relatively low when 4 pipelines are installed instead of 2. In case of existing DH
network, installing additional cooling network is usually unprofitable. District cooling networks would
mostly serve limited urban areas or groups of office and administration buildings, public and private
service buildings and commercial companies.
An interesting trigeneration case study is being developed within POLYCITY project. A residential area
of Scharnhauser Park, Esslingen is being revitalized. An existing local DH network is being used for
heating of local buildings with heat generated by recently installed biomass fuelled CHP ORC module. In
summer the DH system drives a 100 kWc absorption chiller situated in an office building. The cold is
used for air-conditioning of office space. Generated electricity is fed to grid (Fink, 2006).
Gasification
Gasification is a thermal conversion of a solid fuel to a gas. Large scale gasifiers are mainly fuelled by
coal, petroleum coke and petrochemicals. For medium and small scale, biomass and municipal waste can
be used. Low-value solid biofuels are especially significant in local utilization for energetic purposes.
Gas produced in a gasification process can be used for a number of purposes. Depending on its heating
value, the gas can be either burned in a boiler to obtain heat or in a turbine, an engine, a fuel cell to
generate heat and electricity. In addition, solid fuel may be gasified in a manner that specific chemical
compounds can be isolated, e.g. CO and hydrogen. These can be used as a basis for the synthesis of
chemical compounds such as e.g. methanol.
Gasification has great potential for polygeneration applications (Figure 2). Apart from using product gas
for energy purposes, gasification offers a possibility to produce hydrocarbons or ammonia and to
incinerate waste.

Gasification is advantageous when biomass or waste is being used for energy purposes. Firing or co-firing
these resources is not as straightforward as it may seem since it causes increased rate of deposit formation
and increased hazard of corrosion. This leads to decreased boiler efficiency and reduced lifetime of heat
exchange surfaces. Whereas, applying gasification technology allows technically feasible, energy
efficient and environmentally friendly use of these fuels.
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Figure 2: Potential products of gasification process
Gasification technology is especially developed in Finland where wood derived fuels cover 20% of the
primary energy consumption and up to 10% of electricity consumption. In the city of Varkaus a new
gasification concept was developed based on bubbled fluidized bed technology. The plant operates at
Corenso United Oy Ltd’s coreboard mill. It recycles liquid carton board by separating it into wood fibre
and the mixture of polyethylene plastics and aluminium. The fibre is used for coreboard production, while
the PE/Al reject is gasified. The plant having the capacity of 40 MW, generates syngas (18 kt oil
equivalent per year) and recovers metallic non-oxidized aluminium (2100 t/y). The syngas powers a
cogeneration plant producing heat and power for production processes at the mill Błąd! Nie moŜna
odnaleźć źródła odwołania.(Makkonen, 2007).
Biogas
Biogas results from an anaerobe break down of organic material in wet milieu by bacteria. Biogas is a gas
mixture, composed of methane (CH4) and carbon dioxide (CO2). Besides these two main components
biogas contains some trace elements. Biogas can be classified into:
• biogas from biomass (harvest, forest, agricultural organic residues),
• sewage gas,
• landfill gas.
The fraction of methane and carbon dioxide in biogas (from biomass, landfill or sewage) depends on the
used feed materials. The methane fraction in biogas produced from biomass is 50-75%. In sewage gas the
methane fraction can be up to 70%. Landfill gas consists of just up to approx. 60% methane. Methane is
almost the only fuel component in biogas.
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Figure 3: Biogas polygeneration system
The biogas polygeneration system concept means combining the treatment of residues with the
production of energy. Organic waste is processed in the biogas plant, which produces two main products:
biogas and digestate. The liquid digestate can be used by the farmers as a bio-fertiliser or it can be dried
and further processed as fuel. The biogas is used in a CHP producing heat and power. The generated heat
can be used for heat supply, generating cooling by using a thermally driven chiller or for drying. The
power can be either fed to grid or used on-site. Interesting application areas are:
• agriculture and farming,
• brewery and winery,
• commercial sites,
• industry,
• sewage,
• landfill.
The biogas plant needs heat for the digestion process. The heating demand of a biomass-based biogas
plant is about 20 – 40% of the heat, which is produced by the CHP unit, depending on the size of the
plant, the process and the external temperature. The heat is used to keep the fermenter at a constant
temperature level. At a sewage plant the heating demand is considerably lower, since the sewage water
initially has already a temperature of about 10 – 20°C.
An interesting demonstration biogas system is operating on a farm in Dorsten-Lembeck. A modern plant
generates biogas from organic waste (liquid manure, maize silage, leftovers from food industry). The
biogas produced in the fermentation process is used by a CHP unit for simultaneous heat and power
production. The waste heat can be used interchangeably to heat or cool – the latter with the help of an
absorption cooling machine – residential buildings, offices or stables. The power is fed to grid (Kabasci,
2001).
Water desalination
There is a strong increase in the capacity of desalination plants in the world. In the decade from 2005 to
2015 the global capacity is expected to double. More than the half of the plants are located in Arab
countries, but other regions are as well important: North America (mainly for desalination of brackish
water), Asia, Europe and others. Mediterranean countries are likely to need new capacities for
desalination in the coming years as the demand for drinking water is on the rise. In places like Las
Palmas, Gran Canaria, already more than the half of the potable water is produced in desalination plants.
There is a variety of technologies for desalination. A general distinction can be drawn between distillation
technologies (principle: by evaporation the water is separated from the other substances) and membrane
technologies (the membrane filters the substances in the water). Multi Stage Flash (MSF) and Multiple
Effect Distilling (MED) are the most widespread distillation technologies; Reverse osmosis (RO) the
most common membrane technology. The distillation technologies were the most widespread of all
plants, but in the past few years, RO has become more and more important because its energy
consumption is lower and the membranes have developed since then. Membrane distillation is another
promising technology, especially for small plants using renewable energy or waste heat.
Desalination is generally quite energy consuming. In big distillation plants, 4-11 kWhth/m3 plus 2-3.5
kWhel/m3 is necessary. RO consumes electric energy in the range of 4-15 kWhel/m3. Therefore
polygeneration is an option for most of the desalination technologies when electricity is produced

additionally to pure water and heat. In Gulf countries, most power plants operate as cogeneration power
desalting plants (CPDP). Desalination plants can also be integrated with renewable energy systems to
obtain distillation systems driven with solar thermal energy or RO systems driven with PV or wind
energy (Blanco et al., 2007). Fraunhofer Institute for Solar Energy Systems in Freiburg, Germany and its
spin-off SolarSpring have developed a stand-alone desalination system applying membrane distillation
technology. The system requires mainly thermal energy, so it can be driven by a solar thermal collector.
A small PV module is added, producing electricity to control the system. The temperature level of the
thermal energy demand is between 60°C and 85°C – so it is well suited for polygeneration technologies
where thermal waste heat is produced.
CO2 farming
The use of CHP systems in greenhouse farms is a method to decrease the costs made by the use of energy
for the cultivation of crops. Of all agricultural activities, greenhouse farms are the biggest energy
consumers in the Netherlands. Commonly, natural gas is burned for the generation of heat. One of the
ways to become more energy efficient is the use of CHP systems in which both heat and electricity are
produced. Electricity can be used in the greenhouse farms or supplied back to the grid.
In combination with a CHP system, CO2 emission from the exhaust of a CHP is an interesting emission to
be used in greenhouse farms. The use of CO2 in greenhouse farms is a method to increase the cultivation
rate of products. On average the growth of plants will increase with growing concentration of CO2 in the
air. The use of CO2 fertilization is widely used in greenhouse farms by using the flue gasses from the
combustion of natural gas used to heat the greenhouse farm. However, flue gasses have to very clean to
be used as a CO2 fertilizer. Flue gasses from a CHP can therefore only be used for CO2 fertilization when
a CHP system at a greenhouse farm is coupled to a gas cleaning unit. NOx and C2H4 have different effects
on the growth of plants. NOx slows down the CO2 absorption by the plants and thereby reduces the
growing rate of the cultivated products. C2H4 is a poison for the plants and works as an aging substance to
the plant and results in growth reduction. Removing these substances from the exhaust gas has been a
topic of research in the past but the resulting apparatuses didn’t reach technically conditions or where to
expensive. One process has recently had a breakthrough which is the urea-injected SCR-catalysis in
combination with oxidation catalysis. The urea-injected SCR step (selective catalytic reduction), reduced
NOx from the exhaust gas by a reaction of NOx and urea producing N2 and H2O. The catalytic oxidation
step transforms C2H4 (and some other components like CO and aldehydes). Lastly, when CO2 fertilization
by a CHP system is used during summertime the produced heat in the process is usually not needed
during the day. Heat buffering systems are can be used to buffer heat for the months in which heat is
needed
A demonstration polygeneration system harnessing CO2 from a gas fired CHP unit operates in the rosary
in Nieuwveen, the Netherlands. Roses are cultivated and the excess heat and electricity are transported to
sources outside the greenhouse. At the moment the surplus electricity is fed back to the grid and the
surplus heat is sent to a greenhouse next door but could well be used to supply a district with heat
(Vilsteren, 2007).
Biofuel
On a world level, bio-ethanol is the most used biofuel. It is produced from sugar-containing agricultural
products such as sugar cane, corn, wheat, sugar beet, waste from sugar refineries, or sweet sorghum. The
pretreatment required of the raw material depends on the type of raw material chosen. In Brazil the most
common used material is sugar cane while corn is popular in the US (Smeets et al., 2006).
The central element in ethanol production biotechnology is the fermentation of sugars by
microorganisms. In this process, the biomass is decomposed using micro organisms (bacteria or
enzymes). The resulting sugars can be readily fermented by yeasts into ethanol. The resulting ethanol
product is distilled and dehydrated to obtain a higher concentration of alcohol and to achieve the required
purity to make the bio-ethanol suitable for the use as fuel.
The production of ethanol from sugars and starch-rich crops falls under the first generation type of
ethanol production. The second generation technology uses cellulosic materials which are cheap, but the
process technology is more advanced than converting sugar and starch. The second generation ethanol
production process is based on cellulolysis. The cellulolysis process consists of hydrolysis on pretreated
lignocellulosic materials followed by fermentation and distillation.

Bioethanol production offers different opportunities of improving the efficiency of the process by means
of polygeneration. As it requires heat for hydrolysis, distillation and drying coupling with a CHP unit is
possible. Moreover produced byproducts can be exploited (e.g. DDGS as an animal feedstock) or
combusted to deliver additional energy.
Such approach was employed in bioethanol plant in Teixeiro, Spain. The bioethanol (126000 m3 per year)
is obtained from cereals by means of second generation process. The 25 MWel gas fired turbine delivers
heat and electricity for on-site needs. The byproduct, dried silage is exploited as suitable feedstock.
Summary
Polygeneration offers a very wide range of applications therefore only the most popular polygeneration
solutions are covered in this paper (Table 1). It is worth just mentioning some other interesting
polygeneration systems not detailed here e.g.: using waste wood (e.g. lumber mill by-products as bark,
shavings, sawdust) for heat (drying) and power generation and processing sawdust to wood pellets or
using solar energy to generate electricity with PV system acquiring at the same time the heat from PV
module cooling to generate cold in thermally driven chiller.
Popularising polygeneration would allow applying energy systems fitting precisely the needs of investors.
This would mean rising efficiency, reducing costs and obtaining environmental benefits. Polygeneration
could therefore be helpful in meeting the requirements of sustainable development.
Table 1: Basic classification of polygeneration concepts
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ABSTRACT
In this study we present preliminary results of a CHCP installation with two adsorption chillers. The
system consists of a 19kWtherm and 8kWel CHP unit. The two adsorption chillers with a nominal cooling
capacity of 5.5kWC each are connected in series at hot water and chilled water loop, while cooling water
is in parallel. A description of the concept will be given in this article. Moreover, a detailed analysis of
the hydraulic network is presented. It shows the energy demand of the main hydraulic loops such as hot
water loop, cooling water loop, chilled water loop, CHP cooling loop and the chilled water distribution
network. Also a grouping according to components installed in the hydraulic system such as pipes,
fittings, heat exchangers and sensors will be presented. It turns out that the cooling water loop causes very
high electricity demand because of its high flow rate and high pressure drop. Moreover, a sensitivity
analysis of some parameters around the thermally driven chillers (TDC) has been performed. The analysis
indicates that good control algorithms have to be found for the cooling water loop in order to minimize
electricity demand.
INTRODUCTION
Many authors have already reported about CHCP systems. A review about the state of the art is given by
Wu et al, 2006. Feasible concepts for more efficient CHCP systems ware studied by Plura et al, 2005.
However, it is not yet clear what the best design of a CHCP system looks like neither how the operation
procedure should work. In this work we describe a CHCP system on which experiments were made in
order to optimize the systems control. There is an urgent demand to learn from little experiments a lot
about the systems behaviour. Taking a look at the two TDCs there are nine parameters to play with: 3
different volume flow rates (hot water, cooling water, chilled water) and the sharing of the cooling water
flow between the two chillers (see below for a detailed concept description), 3 inlet temperatures and 2
chilled water set point temperatures (one for each chiller). Trying just 2 different states for each parameter
and playing with all combinations would lead to 29=512 combinations and experiments. Moreover, there
are other important parameters like the power control of the fan coils in the chilled water distribution
system and the fan speed of the dry cooling tower. This makes clear that sophisticated methods are
needed in order to optimize the systems control strategy. The starting point in this study was to analyse
the parasitic electricity demand in the pumps which leads to a sensitivity analysis of some parameters
concerning the TDCs. Similar sensitivity analyses were made before Huangfu et al, 2006. From the
results conclusions for a modified control strategy can be drawn.
DESCRIPTION OF THE CHCP SYSTEM
Figure 1 shows a schematic layout of the CHCP system installed in an office building at Fraunhofer ISE
in Freiburg, Germany. It consists of the CHP unit, two TDCs, a dry heat rejection unit and three buffer
storages. The big buffer storage (1000l) between the CHP and the TDC helps to avoid frequent stops for
the CHP. The small stratified storage (600l) in the return line protects the CHP from the fast temperature
variation of the TDCs, which comes intrinsic with solid sorption chillers. A lance stratifies the water
according to the temperature. The inlet temperature for the CHP is conditioned by mixing water from top
(hot side) and bottom (cold side) of the stratified storage. The third storage (1000l) is in the chilled water
side and allows storing cooling capacity. The TDCs are connected in series in the hot water and chilled
water loop. Series connection in the hot water loop was necessary to match the temperature spread and
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Figure 1:Simplified hydraulic scheme of the CHCP-system.

On the demand side an open plan office (150m²) and several single offices (in total 98m²) are cooled.
While the large office is equipped with 7 fan-coils distributed strategically in the room, the single offices
are equipped with chilled ceilings with embedded micro-encapsulated phase changing material (PCM) to
store cooling energy. The combination of CHCP with PCM looks promising since the system can be
operated night and day. While the PCM is regenerated during night time the open plan office is cooled
during day time. The high heat capacity of the PCM chilled ceilings helps to keep comfortable
temperatures in the single offices during a long period of the day without the need to be operated with
chilled water. With this concept, a cooling demand almost twice as large as the cooling capacity of the
chillers can be satisfied. Additionally, the operation of the chillers during lower night time temperature
conditions favours their efficiency. Moreover a heat exchanger between the CHCP system and the already
existing heating network of the building installation has been installed. In heating season heat can be
transferred to the heating network and successfully demonstrates the integration into a conventional
system.
EXPERIMENTAL RESULTS
Evaluation of the hydraulic network

In order to minimize the primary energy consumption of the system it is important to understand how
much electricity is consumed. The pumps are a main consumer of electricity. Therefore, a complete
analysis of the hydraulic network has been performed. This was achieved in a three step procedure. In the
first step the data given by the designer were checked. In the second step the design values were
compared with pressure drop calculations (according to VDI, 2006). In the third step the values were
compared with measured data.
Measured data were gained by measuring the volume flow rate with the installed sensors while the
pressure drop in the loops was measured indirectly by the electricity consumption of the pumps. With
knowing the characteristic curves of the pumps the measured volume flow rate and electricity
consumption can be used to estimate the pressure drop in the pipes. To admit, accuracy of this method is
low but sufficient to cover the requirement.
Table 1: Nominal volume flow rates and pressure drops in the given hydraulic loops.
loop
CHP HT MT
LT
volume flow rate (m³/h)
0.8
1.0
5.4
1.7
Pressure drop in bar
design
0.58 0.52 1.44 0.9
pressure drop calculation
0.35 0.6 1.44 0.9
measurement
0.25 0.6
1.6
0.9

Table 1 shows the nominal volume flow rates and the pressure drops of the hydraulic loops. The cooling
water loop (MT) has the highest volume flow rate (5.4m³/h) and at the same time the highest pressure
drop (1.6bar) while the CHP loop has the lowest volume flow rate (0.8m³/h) and the lowest pressure drop
(0.35bar). Most design pressure drops agree with the measurement except the CHP loop. It turned out that
the given pressure drops from the manufacturer seem to be too high. Unfortunately, the installed pump in
the CHP loop is now overdesigned. Therefore, it is not possible to reduce the volume flow rate in order to
achieve a fixed set point temperature at the outlet in part load. This would require a pump that allows
adjustment of lower volume flow rates.
Table 2 shows the energy consumption for the different elements of the hydraulic loops according to the
theoretical analysis. The pressure drops are listed in four different categories. The category fittings covers
all small pressure drops caused by three-way-valves and bull valves, reduction and expansion of the tubes
at interconnections (excluding the volume flow sensors), dirt traps and tube bends. The category piping
refers to frictional pressure drops due to the length of the pipes. The category volume flow sensors covers
the frictional pressure drop of the sensors and the expansion and reduction of the tube before and after the
sensors. It turned out that the later is responsible for the main pressure drop at the flow sensors and was
neglected during planning. The last category covers the pressure drops in the heat exchangers of the main
components.
Table 2: Energy consumption (W) in the CHP loop, hot water loop, cooling water loop and chilled
water loop separated in four different categories.
CHP HT MT LT sum
piping
1,4 1,7 59 2,1 64
volume flow sensors
1,9 1,2 96 12 112
fittings
1,2 5,1 21 5,8 33
HX TDC
65 438 124 627
HX CHP/cooling Tower 26
236
261
sum
30 73 850 144 1096

The overall electricity consumption of all pumps is 1.1kW. The main contributor is the cooling water loop
with 850W while the CHP-loop with 30W can almost be neglected. With 627W most electricity is used to
overcome the pressure drops in the TDC heat exchangers. But also with 261W the pressure drop of the
cooling tower is responsible for one fourth of the electricity consumption. The pressure drop for the
different fittings is small and also the piping causes only little electricity consumption. Only the length of
the pipes from the basement to the roof in the cooling water loop causes 59W consumption. The volume
flow sensors with 112W energy consumption play a considerable role for the energy balance. To compare
this pilot installation with a field installation this part should be excluded. Moreover, it should be
mentioned that in new machines the manufacturer or the TDCs has reduced the pressure drop in the loops.
Variation of the volume flow rate

With the results described above it becomes clear that a reduction of the volume flow rate of the cooling
water loop apart from the nominal values should be considered. The pressure drop of a hydraulic network
is approximately proportional to the square of the volume flow rate (turbulent flow regimes):
&2
Δp ~ V
[1]
&
The hydraulic power of a pump W
is the pressure drop times the volume flow rate:
hyd

&
&
W
hyd = Δp ⋅ V

[2]

& of the pump is equal to the hydraulic power W
&
The electricity consumption W
el
hyd divided by the pump
efficiency η pump :
& =W
&
W
el

hyd

/ η pump

[3]

Assuming constant pump efficiency the electricity consumption goes with the third power of the volume
flow:
& ~V
&3
W
[4]
el
Reducing the volume flow to 70% of the original value should therefore reduce the electricity
consumption by 66%. Now it has to be clarified how the TDCs react in term of cooling power and COP to

volume flow rates lower than the nominal values. No data from the manufacturer were available since the
two adsorption chillers are connected in series. Therefore, a variation for all loops has been performed.
Table 3: Measurement conditions for the variation of the volume flow rates in the hot water,
cooling water and chilled water loop.
Nominal
HT variation MT variation LT variation
HT Tin (°C) 74,8 ± 1,4 76,4 ± 0,3 75,1 ± 1,4 75,7 ± 0,5
Tout (°C)
62 ± 6
58 ± 6
62 ± 7
63 ± 5
V (m³/h) 1,04 ± 0,06 0,73 ± 0,09 1,03 ± 0,07 1,04 ± 0,07
24 ± 1
24,0 ± 0,6
MT Tin (°C) 23,9 ± 0,5 24,0 ± 0,5
Tout (°C)
28 ± 3
28 ± 3
30 ± 4
28 ± 3
V (m³/h) 4,98 ± 0,17 5,0 ± 0,2
5,0 ± 0,2
3,5 ± 0,2
LT Tin (°C) 17,7 ± 0,4 18,2 ± 0,7 18,1 ± 0,6 17,9 ± 0,4
Tout (°C) 13,2 ± 1,0 13,7 ± 1,3 13,3 ± 1,5 11,7 ± 1,1
V (m³/h) 1,68 ± 0,05 1,67 ± 0,06 1,7 ± 0,1 1,16 ± 0,05

For the measurement the CHCP system runs in a selected state. A one hour interval at almost constant
conditions was selected for the evaluation excluding the start up time. Compared to a test bench
temperature and volume flow fluctuation are higher. Table 3 gives an overview about the selected
experiments. The uncertainty of the sensors was below 0.1K for temperatures and 1.5% for volume flow
sensors. The measurement uncertainties can be neglected compared to the changes occuring during
operation. Table 3 therefore gives the standard derivation of the signals and not the measurement
uncertainty. With periodic working adsorption chillers it comes naturally that outlet temperatures vary in
a large range, especially in the hot water loop ( σ T ,HT = 6 K ).
b)

a)
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Figure 2: Cooling capacity and COP for a reduction of the volume flow rates by 30% in the hot
water loop (HT), cooling water loop (MT) and chilled water loop (LT).
Figure 2a and 2b show the cooling capacity and COP for nominal conditions and for reduced volume
flow rates in the hot water loop, cooling water loop and chilled water loop. At nominal conditions both
TDCs have a cooling capacity of 8.8kW at a COP of 0.58. TDC 1 contributes with 3.9kW at a COP of 0.6
while TDC 2 contributes with 4.9kW at a COP of 0.54. Electricity consumption reduces to 24W, 347W
and 73W, respectively for reduced HT, MT and LT flow. The variations show that cooling capacity and
COP is hardly reduced with reduced volume flows. The MT variation even indicates an increase of COP
and cooling capacity. The controller of each adsorption chiller independently controls the length of the
adsorption cycle according to the LT outlet temperature and the given set point. During the MT variation
the working phases of both chillers run synchronous while in the other cases different phase shifts and
cycle lengths occur. This might be the reason why the performance increases at reduced MT flow rates
and indicates that it is important to operate the chillers simultaneously. Further investigation is needed to
quantitatively understand the effects of synchronous and asynchronous operation. However, it can be
stated that a reduction of the volume flow in any of the loops does not lead to a significant reduction of

the cooling power or the COP of the chillers but to a remarkable decrease of parasitic electricity
consumption.
Variation of the inlet temperatures

Another energy consuming component in the CHCP system is the dry cooler. In full load the fans need
1kW electricity but they can be frequency controlled. It is important to reduce the fan speed at lower
ambient temperatures and find a good operation strategy for the chillers. Therefore, a temperature
variation has been performed for the cooling water and chilled water loop.
Figure 4a) and 4b) show the cooling power and the COP for an increased and decreased inlet temperature
in the cooling water loop. It can be seen that there is a very abrupt decrease in cooling power and COP
when inlet temperature rises above 28°C. Especially TDC 2 which is connected at the outlet of TDC 1 in
the hot water loop and therefore runs with lower driving temperatures, shows a drastically behaviour. It
consumes heat for heating up and cooling down the adsorbers while at the same time no cooling power is
produced. Therefore, it should be switched off at temperatures above 28°C. Moreover, it can be stated
that the performance stays almost constant at temperatures below 24°C. This shows a clear temperature
window in which the CHCP-system should run.
a)

b)

c)

d)

Figure 4: Cooling capacity and COP for different inlet temperatures of the TDCs in the cooling
water and chilled water loop. Error bars in x-direction show standard deviations according to the
temperature fluctuations at the inlet. Error bars in y-direction show calculation errors caused by
systematic measurement uncertainties.
Figure 4c) and 4d) show cooling power and COP for an increased and decreased inlet temperature in the
chilled water loop. Since the TDC controller is controlled by the chilled water outlet temperature cooling
power increases linear with the inlet temperature. Although it is well known that a reduced cooling
demand leads to an increased COP it is not yet understood why there is a local minimum in the COP at
nominal conditions. Further investigations are needed to find a control strategy for the chilled water loop.
CONCLUSIONS

Running all components of a CHCP system at nominal conditions does not lead to an overall system
optimum. On the other hand there are so many parameters to tune that it is not possible to have

experiments for every single state. With the analysis shown in this study we were able to revise the
control strategy of the system and reduce the parasitic electric demand drastically. The annual balance
after a continuous operation will show the benefits of the measures taken. The most important facts we
learned are the following:
•
•
•

•

The analysis of the pressure drops in the hydraulic loops identified main electricity consumer in
the CHCP system. Moreover, a congestion in one of the dirt traps was localised.
Reducing the cooling water flow by 30% does not lead to significant performance reduction of
the TDCs but reduces electricity consumption of the pumps by 50% (from 1.1 kW to 0.55 kW).
The cooling water temperatures variation indicates a target temperature for the dry fan cooler of
approx. 28°C. Moreover, at very hot ambient temperatures at least one of the chillers should be
switched off. Cold storages like a chilled water storage and PCM should be used to buffer cooling
capacity from night to overcome the peak cooling demand.
Further investigation is needed to quantify the effects of synchronous and asynchronous operation
of the chillers.
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NOMENCLATURE
Symbols
COP coefficient of performance
p
pressure (bar)
V
volume (m³)
W
work (J)
η
efficiency

Abbreviations
CHP
combined heating and power
CHCP combined cooling, heating and power
HT
hot water loop
LT
chilled water loop
MT
cooling water loop
PCM phase changing material
TDC
thermally driven chiller
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ABSTRACT
A special design of a two-phase thermosyphon heat exchanger has been proposed. The prototype heat
exchanger consists of two horizontal cylindrical vessels connected by two risers and a downcomer. Tube
bundles placed in the lower and upper cylinder work as an evaporator and a condenser, respectively.
Because the operation of a two-phase thermosyphon is determined first of all by the evaporator
performance an experimental investigation has been conducted to examine the influence of the evaporator
tube pitch, the initial liquid level above the top tube row and the kind of working fluid on heat flux
transferred in a two-phase thermosyphon heat exchanger for an evaporator tube bundle made of smooth
and enhanced (corrugated and porous coated) tubes. An experimental investigation was carried out
making use of six prototype heat exchangers specially designed for this purpose. As working fluids
distilled water, methanol and refrigerant R-141b were utilized. The obtained results indicate better
performance of the two-phase thermosyphon heat exchanger with evaporator bundle built of porous
coated tubes than corrugated and smooth tubes. It has been observed that the evaporation heat transfer
coefficient is strongly influenced by the initial liquid level above the top tube row.
INTRODUCTION
Two-phase thermosyphon heat exchangers (TPTHEx) are recuperators with an intermediate working
fluid. This type of heat exchangers are used in a variety of heat transfer applications, but mechanisms
governing the heat transfer process in such heat exchangers with shell-side boiling and condensation are
far from understanding (Pioro L.S. and Pioro I.L., 1997).
A two-phase thermosyphon (TPT) operates in such a way, that when heat is supplied to the heating zone
the working fluid starts boiling and the produced vapour moves to the condensing zone where it is
condensed giving up the heat of the phase transition. And gravity force causes the condensate to return to
the evaporator and the processes of evaporation and condensation occur continuously. The characteristic
feature of a TPT is that it operates as a thermal diode, it means that the heat can be transported only in one
direction – from the evaporator to the condenser. Two-phase thermosyphons can be divided into two main
groups: a termosyphon tube with countercurrent flow of the liquid and the vapour (Bezrodny and Goscik,
1997), (Chisholm, 1998), (Khandehar and Groll, 2006) and a two-phase loop where the evaporator is
connected to the condenser by a riser and downcomer (Gavotti and Polášek, 1999), (Khodabandeh and
Palm, 2001), (Vasiliev, 2005, 2008). The limiting heat flux for a termosyphon tube results from the
counter flows of vapour and condensate, and in the case of a two-phase loop from critical heat flux in
two-phase flow.
The simplest thermosyphon consists of a vertical tube which is heated and cooled from outside - it is the
case of lateral heating and cooling of the casing. In another type of TPT a condenser can be situated
within the casing, and still lateral heating of the casing is applied (Chernomurov, 1979). In the next type
of a thermosyphon tube both condenser and evaporator are placed within the casing. Such a solution
allows utilization of enhanced surfaces in the design of condensers and evaporators as proposed in the
present prototype TPTHEx.
The purpose of the present study was to examine the influence of the evaporator tube bundle geometry
and the initial liquid level above the top tube row on the overall performance of TPTHEx for three kinds
of tubes used to built an evaporator tube bundle, i.e. smooth, corrugated and porous coated, and three
working fluids: water, methanol, and R141b.

EXPERIMENTAL
Experimental setup
The test stand consists of three main systems: prototype TPTHEx and heating and cooling water loops.
The test facility is capable of determining an overall heat transfer coefficient of TPTHEx. A schematic
diagram of the test stand is shown in Fig. 1.

Figure 1: Schematic view of the experimental Figure 2: Axonometric view of the prototype
setup; 1 – TPTHEx, 1A – evaporator,
TPTHEx; 1 – evaporator, 2 – condenser,
3
– riser, 4 – downcomer
1B - condenser, 2 – cooling tower, 3,4 - vent
tank, 5 – filter, 6,7 - centrifugal pump,
8,9 - regulating valve, 10,11 – flowmeter,
12 - PC-aided data acquisition system
Heating and cooling water loops contain a centrifugal pump, a flowmeter and a vent tank, each.
A
district heating network and a cooling tower are used as a heat source and heat sink, respectively. Heating
and cooling water flow rates are controlled by a regulating valve and are measured by the magnetic
flowmeter Danfoss MAG 3100 accurate to ±0.25%. The average temperature of heating and cooling
water at the inlet and outlet of the evaporator and condenser tube bundles of TPTHEx is measured by the
resistance temperature device Pt100 with an accuracy of ±0.1oC.
Prototype two phase thermosyphon heat exchanger
A prototype two-phase thermosyphon is a shell and tube, horizontal heat exchanger made of stainless
steel 1.4404 as a welded construction. The shell consists of two cylindrical vessels of 159 mm in diameter
and 1 m long connected by two risers and a downcomer – Fig. 2. An evaporator is designed as a tube
bundle consisting of 19 smooth, corrugated or porous coated tubes (OD 10 mm) with triangular
arrangement and a pitch equal to 1.7d or 2.0d. Aluminium porous coatings were fabricated by plasma
spraying. The average porosity of the coatings was 41%, the thickness ca. 0.15 mm and the mean pore
radius 2.77 µm. The condenser is designed as a tube bundle consisting of 31 smooth stainless steel tubes
(OD 10 mm) with a triangular arrangement and pitch equal to 1.8d. As working fluids distilled water,
methanol and refrigerant R-141b were utilized. Experimental investigations were carried out making use
of a six prototype TPTHEx (Cieśliński and Fiuk, 2006).
Experimental procedure

Before the tankage of TPTHEx with working fluid an absolute pressure of 5 kPa was created inside a
shell. During the tests the absolute pressure inside the shell varied from 5 up to 20 kPa for water and
methanol and 90 up to 180 kPa for the refrigerant R-141b. The temperature of intermediate boiling fluid
changed from 48°C to 62°C for water, from 24°C to 32°C for methanol and from 29°C to 50°C for R141b. Heating as well as cooling water mass flow rates ranged from 0.3 up to 3.5 kg/s. The monitoring of
the temperature and pressure reading is facilitated by the use of a PC-aided data acquisition system. All
data readings have been performed during steady-states.
Error analysis
The uncertainties of the measured and calculated parameters are estimated by the mean-square method.
The maximum overall experimental limits of error for evaporator heat flux density extended from ±1.4%
for maximum heat flux up to ±27% for minimum heat flux density, the maximum error for the average
evaporator heat transfer coefficient was estimated at ±27% and in wall superheat at ±25%.
CALCULATION ALGORITHM
Heat flux transferred in the prototype TPTHEx can be estimated from the modified Péclet equation

Q& calc =

1
1
1
+
k ev ⋅ Aev k c ⋅ Ac

⋅ ∆Tref

[1]

where: ∆Tref - reference temperature difference based on inlet and outlet temperatures of heating
( t ev ,1 , t ev , 2 ) and cooling (t c ,1 , t c , 2 ) water flowing inside tubes of an evaporator and a
condenser, respectively
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k ev - overall heat transfer coefficient of an evaporator,
k c - overall heat transfer coefficient of the condenser,
Aev , Ac - surface area of an evaporator and the condenser, respectively.
Overall heat transfer coefficients of the evaporator were calculated from the equation

k ev =
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where: α ev ,i - average heat transfer coefficient for water flowing inside smooth or corrugated
tubes,

α ev,o - bundle boiling average heat transfer coefficient,
λw - tube wall thermal conductivity,
d ev ,i , d ev ,o - inside and outside diameter of an evaporator tube, respectively.
The overall heat transfer coefficients of the condenser were calculated from the equation

kc =

1

[4]


d
1
1
1
+
⋅ ln  c ,o  +
α c ,i ⋅ d c ,i 2 ⋅ λ w
 d c ,i  α c ,o ⋅ d c ,o
where: α c ,i - average heat transfer coefficient for water flowing inside smooth tubes,

α c ,o - bundle condensation average heat transfer coefficient.

A number of equations for calculations of the average heat transfer coefficients of single phase
convection, bundle boiling and bundle condensation were tested in order to correlate present results (Fiuk,
2009).
RESULTS
Figure 3 displays the influence of the type of tube surface on the evaporator performance during boiling
of the refrigerant R141b on tube bundle with a pitch 1.7d. Because of the enormous ability of porous
coatings as boiling promoters (Cieśliński, 2002), distinctly higher heat flux density - for the same wall
superheat, has been recorded for the evaporator made of porous coated tube bundle than corrugated and
smooth tube bundles.
Figure 4 shows boiling curves of three tested fluids while boiling on corrugated tubes bundle with pitch
equal to 2.0d. The best performance of the evaporator was recorded for distilled water. During the tests
operating pressure increased from 9 to 18 kPa for water, from 11 to 20 kPa for methanol and from 99 to
175 kPa for the refrigerant R-141b, with heat duty increase.

Figure 3: Boiling curves of R141b on tube
bundles: o - porous coated tubes,
□ - corrugated tubes, ∆ – smooth tubes

Figure 4: Influence of kind of working fluid on
evaporator performance (corrugated tubes); ∆ –
water, o – R141b, □ – methanol

The influence of a fluid head on the overall heat
transfer coefficient of the prototype TPTHEx ko
for three values of the evaporator heat flux
density is shown in Fig. 5. The evaporator tube
bundle was built in this case from corrugated
tubes with pitch equal to 1.7d and as working
fluid served methanol. The higher heat flux
density was the higher overall heat transfer
coefficient got for the same fluid head. The
initial methanol level ca. 15 mm above the top
row of tubes seems to be a kind of optimum
fluid head independently of heat flux density.
The dramatic decrease in the overall heat
transfer coefficient recorded for the smallest
methanol level tested and the highest heat flux
density (point A in Fig. 5) can result from the
top tube row uncovery during the evaporator Figure 5: Influence of fluid head on TPTHEx
operation because of vigorous boiling, which is overall heat transfer coefficient (methanol,
documented by process visualization.
corrugated tubes, 1.7d)
Figure 6 illustrates the influence of tube pitch of the evaporator tube bundle on the evaporator overall heat
transfer coefficient kev (Fig. 6a) and the TPTHEx overall heat transfer coefficient ko (Fig. 6b) during

boiling of distilled water on the porous coated tube bundle against evaporator heat flux density q& ev . For a
given heat flux density a higher evaporator overall heat transfer coefficient was observed for a smaller
tube pitch examined, i.e. 1.7d. The same tendency was observed for the tube bundle made of corrugated
and smooth tubes and other investigated working fluids. Simultaneously, negligible influence of the
evaporator tube pitch on the TPTHEx overall heat transfer coefficient was recorded, because of condenser
oversizing.
a)

b)

Figure 6: Influence of tube pitch on overall heat transfer coefficient during boiling of water on
porous coated tube bundle; a) evaporator , b) thermosyphon heat exchanger;
pitch: o – 2.0d, ∆ – 1.7d
A comparison of predicted data against the experimentally obtained under the present investigation is
displayed in Fig. 7. For about 90% of experimental points the discrepancy between experimental data and
value calculated from the proposed equation [1] is lower than ±40%.

Figure 7: Heat flux transferred in TPTHEx – a comparison of predicted and experimental data; o
– R141b, □ – methanol, ∆ – water
PRACTICAL USEFULNESS

The potential applications of the proposed prototype TPTHEx are: vaporization of liquids at low
temperature, heat recovery from sewage or exhaust gases.
The use of the TPTHEx in heat recovery from exhaust gases prevents installation against corrosion effects
during combustion of sulfured fuels, because it is possible to select working fluid and pressure in such a
way that the boiling temperature of the working fluid will always be higher than the temperature of the
dew point of exhaust gases. In other words, for the temperature of the exhaust gases lower than the
temperature of the dew point the TPTHEx operation stops.
The application of the TPTHEx in heat recovery from sewage prevents sewage against freezing at the
outlet of the evaporator and protects heating installation against contamination because of the double wall
design of the TPTHEx.
The proposed TPTHEx can serve as a preheater and vaporizer of liquids at low temperatures, with vapour
as the heating medium. Special care is required to prevent freezing of the condensate which flows inside
the tubes of the evaporator. Again, it is possible to select working fluid and pressure inside the shell in
such a way that the boiling temperature of the working fluid will always be higher than freezing
temperature of the condensate.
CONCLUSIONS
The stable performance of the prototype two-phase thermosyphon heat exchanger was recorded for three
working fluids and initial fluid heads.
The application of porous coated tubes results in better heat transfer characteristics of the tested twophase thermosyphon heat exchanger. For low wall superheat the best evaporator performance while
boiling on a porous coated tubes bundle was achieved for the refrigerant R-141b, but for higher wall
superheats better heat transfer coefficients were obtained for water which results from different boiling
regimes observed.
For a given wall superheat higher heat flux density transferred from the evaporator was observed for
smaller tube pitch examined, i.e. 1.7d, independently of the kind of tube.
A modified Péclet equation was proposed for the calculation of heat flux transferred in TPTHEx.
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ABSTRACT
This paper discusses the feasibility and performance of a free-piston engine generator as an alternative to
conventional internal combustion engines for the generation of electric power. Particular features of the
free-piston engine concept are outlined, and potential performance advantages analysed. A fuel efficiency
advantage of 3-5 percentage points over conventional engines appears possible, along with an over 10 per
cent reduction in nitrogen oxides emissions formation. The challenge with piston motion control in such
engines is further discussed, and simulation results are presented illustrating the need for advanced
control strategies to maintain stable engine operation.
INTRODUCTION
The free-piston engine is an old concept which saw some degree of commercial success in the mid-20th
century, and such engines have again gained attention in recent years mainly due to the development of
modern, microprocessor-based control technology. Such engines have the potential advantages of low
frictional losses, compactness, and operational flexibility, however require active control of piston motion
due to the absence of a crankhaft mechanism. Based on extensive previous research, this paper analyses
the potential advantages of and challenges associated with this type of engine.
Free-piston engines
The free-piston engine is a linear combustion engine, in which the piston assembly is directly connected
to a linear load device. In the most commonly used configuration, dual combustion cylinders are used. An
illustration of a dual piston free-piston engine with a linear electric generator is shown in Figure 1. A
number of other configurations exist; an overview was presented by Mikalsen and Roskilly [1]. The freepiston engine is in practice restricted to the two stroke operating principle, as a power stroke is required in
every cycle. It can use loop-type scavenging, with intake and exhaust ports in the cylinder liner, or
uniflow scavenging using exhaust poppet valves. As is well known from the literature, two stroke engines
suffer from gas exchange short-circuiting, i.e. the flow of inlet charge into the exhaust system during
scavenging. To ensure a high fuel efficiency and low exhaust gas emissions, direct injection (diesel)
operation is therefore most suitable for the free-piston engine.

Figure 1: Dual piston free-piston engine [2].
Free-piston engine advantages
Potential advantages of the free-piston engine include: reduced frictional losses due to the simple design
with few moving parts; high power to weigh ratio; variable compression ratio, giving increased engine
operational optimisation possibilities and suitability for multiple fuel operation; no high-load carrying
bearings, allowing high-pressure operation; suitability for homogeneous charge compression ignition

(HCCI) operation due to lower ignition timing control requirements; enhanced in-cylinder gas motion due
to higher piston velocities around top dead centre, leading to improved combustion and reduced
emissions formation through enhanced fuel-air mixing and lower peak gas temperatures; and reduced
combustion chamber heat transfer losses due to a faster power stroke expansion. These advantages will be
discussed in further detail below.
The control challenge
Due to the low inertia of the system, the effect of load changes on engine operation will be different than
that in conventional engines. In order to maintain stable engine operation and realise a high level of
engine operational optimisation, accurate control of the piston motion is required. The functions of the
crank- and camshafts in conventional engines, namely piston motion control, valve actuation, valve and
fuel injection timing, etc., must be replicated by an engine control system. This currently represents the
main challenge for free-piston engine developers, however with the use of modern control engineering
technology, the control problem can be resolved.
Free-piston engine operating characteristics
The operational characteristics of free-piston engines differ significantly from those of conventional
engines, and this influences engine performance. Due to the absence of the crankshaft, the piston
acceleration at any point depends on the pressure levels in the cylinders and on the load force. This gives
the free-piston engine the particular feature that the progress of the combustion process influences the
deceleration of the piston around TDC and the power stroke expansion; a longer ignition delay will lead
to an increased compression ratio and delay the expansion, and vice versa. This feature makes the freepiston engine well suited for use with fuels having poor or varying ignition properties, such as vegetable
oils or marine heavy fuel oil, as well as for HCCI operation.
Since it is not controlled by a crankshaft, the piston motion in free-piston engines will be different from
that of conventional engines. The particular piston motion profile has been documented by a number of
authors and is characterised by a high acceleration around the dead centres, and long periods of close to
constant piston velocity, compared with the more smooth acceleration curve in crankshaft engines. The
piston motion profiles of a free-piston engine and a conventional engine is shown in Figure 2.

Figure 2: Piston motion profile of the dual piston free-piston engine
and a conventional, crankshaft engine.
A more detailed discussion on the particular features of the free-piston engine can be found in Ref. [1].
Modern free-piston engine developments
Recently, the interest in the free-piston engine concept has increased significantly. Both academic and
industrial research groups are currently studying this concept, mainly for the use as a prime mover in

hybrid electric vehicles. Groups that have recently published work on free-piston engines include:
University of West Virginia [2]; Sandia National Laboratories [3]; Chalmers University of Technology
[4]; Sheffield University [5]; Pempek Systems [6]; Czech Technical University [7]; Shanghai Jiaotong
University [8]; Nanjing University of Science and Technology [9]; Innas BV [10]; Technical University
of Dresden [11]; Toyohashi University of Technology [12]; and Tampere University of Technology [13].
It should be noted that this list is not exhaustive.
PERFORMANCE ADVANTAGES
The free-piston engine has a number of potential performance advantages. Previous work by the authors
have investigated these on a fundamental level [14-18], and the key findings will be summarised here.
Frictional losses
A major advantage of the free-piston engine is its inherent simplicity, giving reduced frictional losses.
Figure 3 illustrates sources of friction in a conventional engine which are not present in the free-piston
engine. Most of these follow from the elimination of the crankshaft system, however it is worth noting the
reduced side load on the piston resulting from the purely linear motion of the piston assembly. Piston
friction makes up a significant part of the total frictional losses, and any reduction in piston friction will
have a noticeable overall effect.
Adapting data presented by Heywood [19], a friction reduction of 20% is predicted for the free-piston
engine due to the elimination of the crank system. Including the losses due to reduced piston side loads, a
conservative estimate of 20-30 per cent reduced frictional losses is proposed. For a typical engine, a
friction reduction of that magnitude leads to a brake thermal efficiency increase of 1-3 percentage points.

Figure 3: Sources of frictional losses in conventional engines.
Combustion and fuel efficiency
Differences in the combustion process between free-piston engines and conventional diesel engines have
been observed by some authors. First-generation free-piston engines, in use between 1930 and 1960, were
renowned for their fuel flexibility [1]. Recent reports have indicated a higher heat release rate and faster
combustion process in modern free-piston engines, when compared to conventional engines [10,13], with
a higher fraction of the fuel burnt in the pre-mixed phase. It has been suggested that this is due to a higher
piston velocity around top dead centre, giving enhanced in-cylinder gas motion and better fuel-air mixing.
However, this also increases the volume change during combustion, which may reduce cycle efficiency.

Figure 4: Piston speed profile for the free-piston engine.
Figure 4 shows the piston velocity in a conventional and a free-piston engine. The high piston
acceleration around TDC in the free-piston engine can be seen, giving a higher piston speed during the
first stages of the expansion. The effect of this was studied by the authors [16], and higher squish effects,
particularly reverse squish shortly after TDC, were identified in the free-piston engine. It was found that
the in-cylinder gas motion in a free-piston engine operating at 1500 rpm was comparable to that of a
conventional engine (of identical design) running at 1900 rpm. Only minor effects on the combustion
process and heat release rate were found, including a slightly longer ignition delay in the free-piston
engine, however no adverse effects of the higher volume change during combustion were identified. A
second effect of the faster power stroke expansion in the free-piston engine is that the time spent in the
high-temperature parts of the cycle is reduced. This reduces the time available for heat transfer from the
in-cylinder gases to the combustion chamber surface area, reducing heat transfer losses. Figure 5 shows
the in-cylinder gas temperature in a free-piston and a conventional engine. The effects of the faster power
stroke expansion can be seen, with a more rapid temperature drop after TDC in the free-piston engine.

Figure 5: Predicted in-cylinder gas temperature and heat transfer
losses in a free-piston and conventional engine [18].
Also shown in Figure 5 is the accumulated heat transfer losses to the combustion chamber surface.
Typically in internal combustion engines, 15-20 per cent of the fuel input energy is lost to in-cylinder heat
transfer and dumped through the cooling system. Comparing a free-piston and a conventional engine of
identical design and running under identical operating conditions, it was found that the heat losses to the
combustion chamber surface was 15.1% of the fuel input energy in the conventional engine and 13.6% in
the free-piston engine, a 10% reduction [18]. In summary, an indicated efficiency advantage of
approximately 2 per cent (equivalent to a one percentage point increase in indicated thermal efficiency)
has been predicted for the free-piston engine [14, 16].
Emissions formation

In-cylinder gas motion and the amount of time spent at high temperature have a high influence on the
formation of nitrogen oxides emissions, NOx. Hence, one would expect enhanced squish effects and a
faster power stroke expansion to provide emissions benefits for the free-piston engine.

Figure 6: Predicted NOx emissions in a free-piston
engine compared with a conventional engine [16].
Figure 6 shows the predicted NOx concentration in the in-cylinder gases for a free-piston and a
conventional engine. The study was performed using computational fluid dynamics and, as above,
compares a free-piston and a conventional engine of identical design and operating conditions.
Simulations were run at maximum brake torque (MBT) injection timing and at a retarded injection of
MBT + 6 crank angle degrees. Significant benefits can be seen for the free-piston engine, with
approximately 13% lower NOx levels at MBT timing and over 30% reduction with retarded injection.
The reason for the latter is the faster power stroke expansion in the free-piston engine; with a 6 degree
delay parts of the fuel mass will be injected during the expansion process. For this reason, the adverse
effects on the fuel efficiency of retarding the injection by this amount is higher in the free-piston engine.
FREE-PISTON ENGINE CONTROL
The crank system in a conventional engine performs two key functions: piston motion control and energy
storage. The control of the piston motion is critical to ensure sufficient compression and efficient
combustion, but at the same time avoid excessive in-cylinder gas pressures. The energy storage in the
crank system and flywheel in conventional engines ensures acceptable engine response to load changes
and stabilises engine operation. In the free-piston engine, the tasks of the crank system must be resolved
by an alternative mechanism in order to ensure stable engine operation and optimal performance.
Although control of the piston motion has been reported as the most critical challenge for the free-piston
engine concept, very few reports have studied this problem in detail. Johansen et al. [20,21] used standard
proportional-integral-derivative (PID) feedback control and showed satisfactory performance, however
with an engine somewhat different to the one presented here. Tikkanen and Vilenius [22] used PID
control with disturbance feedforward in an engine similar to the one discussed here, in order to improve
system response to load changes. Recent work by the authors has used similar techniques [23,24].
Load disturbance rejection
In a conventional engine generator set, the electric load demand is seen as a disturbance by the engine; it
is not possible to manipulate the load for engine control purposes. Due to the high inertia of the crank and
flywheel system, rapid load changes are not a critical problem in such engines. In the free-piston engine, a
load change will have a much more direct influence on engine operation. The control objective in the
free-piston engine is the compression ratio, which is equivalent to the dead centre positions. A rapid load
increase will lead to a reduction in the kinetic energy of the piston assembly, and reduced available
compression energy. In the extreme case, the compression ratio will be too low to ensure fuel ignition,
and the engine will stop. This is a major difference to the situation in conventional engines, where the
energy stored in the crank system and flywheel will drive the engine for several revolutions until the fuel

flow rate has been adjusted. Conversely, a rapid load decrease will lead to too much compression energy,
and a high compression ratio. This case will have potentially serious consequences, since it may lead to
excessive in-cylinder gas pressures which can cause damage to the engine. In the worst case, the piston
may hit the cylinder head, a situation potentially catastrophic for the engine.

Figure 7: Engine response to a 20% load
increase with PID and feedforward control.

Figure 8: Engine response to a 20% load
decrease with PID and feedforward control.

Figures 7 and 8 shows the simulated response of the free-piston engine to step changes in the load force
(imposed at time t = 1 s). Figure 7 shows the response of the engine to a step change in load from 50% to
70% of the nominal full-load power. The figure shows the response using a standard PID feedback
controller, and PID control with disturbance feedforward, i.e. measuring the electric load and
manipulating the fuel injection rate immediately after a load change. Using disturbance feedforward
reduces the delay in the controller response, however, since the fuel is injected only once per engine cycle
whereas the load can change at any time, there is still a delay in the response. It can be seen from Figure 7
that even this relatively small load change has significant influence on engine operation. The use of
disturbance feedforward improves the situation somewhat. Figure 8 shows the effect of a step decrease in
load from 100% to 80% of the nominal full-load power. In this case, disturbance feedforward is of critical
importance, since an increase in compression ratio without the reduction of fuel flow rate leads to
extremely high peak gas pressures in the cylinder. As above, the use of disturbance feedforward gives
better performance than the standard PID controller. The limitation of both these control schemes is,
however, that the control action can only be initiated after the error has been measured, i.e. one would
always have one cycle with a too high or too low compression ratio value. Current work by the authors
focusses on the use of more advanced control schemes, including predictive methods, to improve
performance and avoid critical situations.
CONCLUSIONS
Potential performance advantages and operational challenges in free-piston internal combustion engines
were discussed. Supported by simulation results, potential advantages of low frictional losses, low incylinder heat transfer losses, and low nitrogen oxides emissions were presented and analysed. It was
shown that the free-piston engine provides fuel efficiency and emissions reduction advantages over
conventional engines. A brake fuel efficiency advantage of 3-5 percentage points was estimated, with a
more than 10% reduction in nitrogen oxides emissions formation.
The main challenge with the free-piston engine concept, namely piston motion control, was discussed,
and it was shown that this type of engine is highly sensitive to load variations. The requirement of
advanced control technology to ensure stable engine operation and to realise the engine optimisation
possibilities was discussed.
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Abstract
In the present study, heat and mass transfer in a granular adsorbent bed is studied and effects of bed
thickness are investigated. The heat and mass transfer equations for the adsorbent bed and the mass balance
equation for the adsorbent granules are solved numerically. The results are obtained for two different beds
thickness as 15 and 50 mm. The adsorption and desorption pressures are considered as 2 and 20 kPa. The
study is performed for silica gel-water pair and the porosity is 0.1. Based on the obtained numerical results,
the variations of temperature and adsorbate concentration during the cycle for three points as R = Ri + 5 mm,
R = (Ri + Ro)/2, and R = Ro – 5 mm are illustrated. The obtained results show that for the adsorbent bed with
thickness of 15 mm, the gradient of the temperature and the adsorbate concentration in the radial direction is
small throughout the cycle. However, by increasing the thickness of the adsorbent bed the spatial gradient
increases and high gradients of temperature and adsorbate concentration in radial direction are observed.
Keywords: Adsorption; Heat pump; Numerical modeling
NOMENCLATURE
C
cF
Deff
D0
E
K

P
rp
R
T
t
V
 




specific heat of adsorbent, [Jkg-1K-1]
dimensionless Forcheimer coefficient
effective diffusivity of the particle, [m2s-1]
reference diffusivity, [m2s-1]
diffusional activation energy, [Jmol-1]
specific permeability of the medium, [m2]
net mass generation in the fluid phase
pressure, [Pa]
radius of adsorbent granule, [m]
radius of bed, [m]; ideal gas constant,
[J mol-1 K-1]
temperature, [K]
time, [sec.]
adsorptive velocity, [m s-1]
heat production, [ W m3]
average adsorbate concentration, [kgv .kgS-1]
adsorbate concentration in equilibrium,
[kgv. kgs-1]

Greek symbols
ρ
density, [kg m-3]
∆H
heat of adsorption, [J kg-1]
γ
a dependent variable
φ
porosity
λ
thermal conductivity, [W m-1 K-1]
µ
adsorptive viscosity, [Nsm-2]
Subscriptions
cond condensation
eff
effective
ev
evaporation
i
inner
o
outer
s
adsorbent
sat
saturation
v
adsorptive
l
adsorbate

INTRODUCTION
The enhancement of heat and mass transfer reduces the period of cycle and consequently increases the power
of adsorption heat pump. In order to improve heat and mass transfer in a granular adsorbent bed, the
mechanism of heat and mass transport in the bed should be recognized well. The solution of relevant
governing equations for an adsorbent bed will be providing valuable details and helping researchers in the
design of the adsorbent bed.
The effects of the bed thickness on heat and mass transfer in a granular adsorbent bed of an adsorption heat
pump throughout a cycle are investigated in this study. The governing equations which are heat and mass
transfer equations for an annular adsorbent bed and mass transfer equation for granules with the appropriate

initial and boundary conditions are solved numerically. The finite difference method is employed to solve the
set of governing equations. The main dependent variables for the problem are density, pressure, and velocity
of the adsorptive, the temperature and the adsorbate concentration. The variations of average adsorbate
concentration and temperature of the bed throughout the cycle for the two beds thickness are presented. The
temperature and adsorbate concentration profiles for three points in the bed are also plotted.
THE CONSIDERED ADSORBENT BED
A basic adsorption heat pump consists of four main components: an adsorber, a condenser, an evaporator,
and an expansion valve (Figure 1(a)) [Ülkü, 1986; Ülkü, 1991; Demir et al, 2008].

(a)
(b)
Figure 1: The working principle of an adsorption heat pump (a) a schematic view of an adsorption
heat pump, (b) a cycle of an adsorption heat pump on Clapeyron diagram.
A cycle of an adsorption heat pump consists of four processes as isobaric adsorption (d-a), isosteric heating
(a-b), isobaric desorption (b-c), and isosteric cooling (c-d). The cycle can be schematically represented on
the Clapeyron diagram (ln(P) vs. -1/T) as shown in Figure 1(b) [Ülkü, 1986]. The analyzed annular
adsorbent bed is shown Figure 2. The adsorbent bed is cylindrical in shape. Two adsorbent beds with same
inner radius but different outer radiuses are analyzed. The length of the inner radius is 60 mm and outer
radiuses are 75 and 110 mm. The adsorptive flows from the inner surface to the outer surface of the annular
bed. Considering the insulation at the bottom and the top surfaces of the adsorber, heat and mass transfer is
assumed in radial direction only. The thermal resistance of the metal casing is neglected. During the
adsorption and desorption processes the adsorbent bed is cooled and heated from the outer surface of annulus
bed. The working pair of adsorption heat pump is silica gel and water. The shape of silica gel granules are
spherical with radius as rp = 0.8 mm. The study is performed for porosity value of 0.1.

Figure 2: A schematic view of the analyzed adsorbent bed.
GOVERNING EQUATIONS
The governing equations for the heat and mass transfer for a granular type adsorbent bed are the continuity
and momentum equations for the adsorptive, two energy equations (one for the solid and the other for the
adsorptive) and mass transfer equation for the adsorbent particle. These equations can be written in general
form as follows [Ingman and Pop, 2002; Vafai, 2005; Nield and Bejan, 2006]:
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where φ, ρv, ρs, Tv, Ts represent the porosity, adsorptive density, adsorbent density, adsorptive temperature,
and adsorbent temperature, respectively. The relation between adsorptive pressure, temperature and
adsorptive density can be established by using ideal gas relation.
The Eq. (5) relates to the mass transfer through adsorbent granules. In this study, LDF model is employed to
determine the average adsorbate concentration of the particle. Average adsorbate concentration is assumed to
be equal to the local adsorbate concentration due to small gradient of adsorbate concentration in the particle.
The following assumptions are considered in the present study: hence the value of the permeability is low
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than adsorptive viscosity the time derivative term,
, is neglected. The term of   

spatial momentum changes of adsorptive. It can be neglected in this problem due to the low effects of the
 indicates the effect of viscous forces and it can be considered when φ >
inertia forces. The term of $% & 
)
 -
 called as Dupuit-Forchheimer term is
0.6. Therefore, this term is neglected. The term of *+/ -
(

considered for fluid flow with high Reynolds numbers (Re >102). This term is neglected due to low Reynolds
number of the problem. The Eqs. (3) and (4) are energy equations for adsorbent and adsorptive, respectively.
In this study, the assumption of thermal equilibrium between the adsorbent and the adsorptive is accepted
which implies Ts = Tv = T. Therefore, two energy equations are reduced to single energy equation. For the
present study, the term of the heat generation in adsorbent energy equation, /  , (Eq. (3)) is replaced by heat

5
of adsorption as |Δ?|/ . All thermophysical properties of the adsorbent and adsorptive are assumed
constant. The adsorbent bed consists of uniform size adsorbent granules, thus the bed porosity is assumed
constant. By using the explained assumptions the set of the governing equations (Eqs. 1-5) can be simplified
to the following equations:
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where Vr is the adsorptive velocity along the radial direction. The symbol K in Eq. (7) represents the
permeability of the adsorbent bed. The determination of K for the considered adsorbent bed is given in Ref.
[Demir et al., 2009]. The effective heat capacitance and thermal conductivity can be determined by following
equations:
D
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The density and specific heat of adsorbent particle are 670 kg m-3 and 0.88 kJ kg-1 K-1. The thermal
conductivity of the adsorbent and adsorptive are 0.198 x 10-3 and 1.96 x 10-5 kW m-1 K-1. The value of heat
of adsorption is assumed as 2560 kJ kg-1. Some further equations are required to find the equilibrium
adsorbate concentration for a specified temperature and pressure. For the considered silica gel-water pair the
adsorption equilibria used by Ref [Sakoda and Suzuki, 1984; Liu and Leong, 2006] is considered. The

Arrhenius equation [Ben Amar et al., 1996; Demir et al., 2009] is used to determine the effective mass
diffusivity of the adsorbent.
INITIAL AND BOUNDARY CONDITIONS
During the adsorption and isosteric cooling processes, the outer surface of the annular bed is maintained at
300 K while during the isosteric heating and desorption processes, the outer surface of the adsorbent bed is
403 K. The pressure of the adsorbent bed is 2 and 20 kPa for adsorption and desorption processes,
respectively. Heat transfer from inner radius is neglected. There is no adsorptive flow from the outer surface
hence the value of the velocity and pressure gradient are zero at the outer surface. The adsorbate
concentration at the inner and the outer surfaces are calculated based on the equilibria model. The results of
the cycle are obtained by using initial conditions but the solutions are repeated to obtain the permanent cycle.
At least two cycles are performed to reach the permanent cycle.
SOLUTION METHOD
The problem is solved by the finite difference solution method. The convection and diffusion terms are
written based on the central difference scheme and the implicit method is applied. The energy equation, Eq.
(8), is solved to find temperature in the adsorbent bed. By using Eq. (6), the adsorptive density is determined
and the average adsorbate concentration within adsorbent granule is calculated from Eq. (5). The new values
of adsorptive density is used to obtain the pressure field and velocity distribution in the bed. An inner
iteration is performed before increasing a time step. Number of nodes in radial direction for 15 and 50 mm
beds’ thickness was 4 and 11 and time intervals for 15 and 50 mm beds’ thickness were about 0.0001 and
0.00005, respectively. The inner iteration is continued until the defined convergence criterion is satisfied.
The following criterion is used to terminate the inner iteration;
K
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where m shows a step of inner iteration and γ represents values of the temperature and adsorptive density.
The following formula is used to determine the average value of a dependent variable (T, P, W, ρv) in the
bed.
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RESULT AND DISCUSSION
The distribution of the average temperature and average adsorbate concentration of the adsorbent bed for 15
and 50 mm bed thickness during the four process of the cycle obtained by the numerical method are
illustrated in Figure 3(a) and 3(b). The dashed line shows the average temperature of the adsorbent bed and
the continuous line shows the average adsorbate concentration. The isosteric heating and cooling periods are
too short and the average temperature of the bed is seen as a vertical line in the graph. At the beginning of
the adsorption process, the average temperature of the bed is approximately Td = 336 K, and it gradually
drops to Ta = 309 K. During the isosteric heating process the temperature of the bed increases approximately
to Tb = 360 K and then it continues to be increased to Tc = 403 K during isobaric desorption process. As
shown, the longest periods of the cycle are the isobaric adsorption and desorption processes. The low thermal
conductivity in the annular adsorbent bed is the main reason for the long period of adsorption and desorption
processes. During the isobaric adsorption process the average adsorbate concentration increases from 0.12 to
0.28 kgv kgs -1 for both beds thickness. Then it remains almost constant during the isosteric heating process.
The adsorbent bed is cooled during the isosteric cooling process for reducing the bed pressure to the
evaporator pressure while the adsorbate concentration remains almost constant. The periods of the cycle for
the two bed thickness are approximately 3.5 and 34.7 h. Based on the obtained results, the distributions of
temperature and adsorbate concentration profiles for three points in the adsorbent bed are plotted. For the
two adsorbent beds considered in this study, the distance of the first point from the inner radius is 5 mm (R =
Ri + 5), the second point is in the middle of the inner and outer radius of the adsorbent bed (R = (Ri + Ro)/2),
and finally the third point is 5 mm behind of the outer radius of the bed (R = Ro - 5). The obtained results

show that the adsorptive pressure at each three points is very close to each other indicating small pressure
gradient in radial direction of the adsorbent bed.

(a)
(b)
Figure 3: The changes of average adsorbate temperature and concentration of the bed with time
during a cycle for bed thickness as (a) 15 mm, (b) 50 mm.
The variations of temperature at the three considered points for the two adsorbent beds are shown in Figure
4. For the adsorbent bed with thickness of 15 mm, the variations of temperature at three points are close to
each other signifying small temperature gradient in the radial direction. As seen from Figure 4 (b), the
temperature profiles at the three points for the adsorbent bed with bed thickness of 50 mm become far from
each other implying the increase of the temperature gradient in the radial direction. The temperature
difference between the first (R = Ri + 5 mm) and the third points (R = Ro – 5 mm) at the beginning of
adsorption process for the thickness of 15 mm is 11 K. This temperature difference increases to 27 K for the
adsorbent bed with thickness 50 mm. The same behavior for the temperature between the first and the third
points for the two adsorbent beds are observed during the desorption processes. An important result of the
Figure 4 is that for the adsorbent bed with small bed thickness almost a small temperature gradient exits.
Hence, the lumped capacitance method may be applied in order to determine the variation of the bed
temperature with time. However, the increase of the bed thickness enhances the temperature gradient in
radial direction and consequently invalidates the use of the lumped capacitance method. For the thick
adsorbent beds, the spatial derivative of temperature cannot be neglected.

(a)
(b)
Figure 4: The variation of temperature at three points with time during a cycle for two beds’ thickness
as (a) 15 mm, (b) 50 mm.
Finally, the variations of adsorbate concentration at the three considered points for the two adsorbent beds
are illustrated in Figure 5. Similar to the variation of temperature profile along the radius of the bed, almost a
small change of adsorbate concentration is observed in the bed with small thickness (∆R=15 mm) and as a
result, the application of the lumped capacitance method can be valid. However, the increase of the bed
thickness increases the gradient of the adsorbate concentration in radial direction and thus the space effects
should be considered in the mass transfer equation of the bed.
CONCLUSION
Based on the obtained results, it is observed that the gradients of temperature and adsorbate concentration in
radial direction are small for the bed with small thickness (∆R=15 mm), however the gradients of these

(a)
(b)
Figure 5: The adsorbate concentration profiles at three points with time during a cycle for two beds’
thickness as (a) 15 mm, (b) 50 mm.
dependent variables considerably increase with bed thickness. The results of the present study show that
lumped capacitance method may be applied to the beds with small bed thickness however the spatial
derivatives should be considered in the governing equations for the thick beds. The application of lumped
capacitance method will not provide realistic results for the problems with thick bed. Also, it is observed that
the bed thickness considerably affects the cycle period and the cycle time increases with bed thickness
considerably. For the present problem, the cycle period for the bed with 15 mm thickness is approximately
3.5 hours while it increases to 34.7 hours for the bed with 50 mm thickness. A further study should be
performed to find a non-dimensional parameter signifying the validation of the lumped capacitance method
for a thickness of adsorbent bed. Factors such as porosity, thermal conductivity, mass diffusivity etc. should
be considered in that parameter.
REFERENCES
A. Sakoda, M. Suzuki, Fundamental study on solar powered adsorption cooling system, Journal of Chemical
Eng. of Japan 17 (1984) 52–57.
D.A. Nield, A. Bejan, Convection in Porous Media, Springer, New York, 2006.
D.B. Ingman, I. Pop, Transport Phenomena in Porous Media II, Elsevier, UK, 2002. Part I, D.A. Nield,
Modeling Fluid Flow in Saturated Porous Media and at Interfaces.
H. Demir, M. Mobedi, S. Ülkü, A review on adsorption heat pump: problems and solutions, Renewable
Sustainable Energy Rev., 12 (2008) 2381–2403.
H. Demir, M. Mobedi, S. Ülkü, Effects of porosity on heat and mass transfer in a granular adsorbent bed,
International Communications in Heat and Mass Transfer, 36 (2009) 372–377.
K. Vafai, Handbook of Porous Media, Taylor and Francis, Second Edition, New York, 2005.
N. Ben Amar, M.L. Sun, F. Meunier, Numerical analysis of adsorptive temperature wave regenerative heat
pump, Applied Thermal Engineering 16 (1996) 405–418.
S. Ülkü, Heat and mass transfer in adsorbent beds, Convective heat and mass transfer in porous media,
Edited by S. Kakaç, B. Kılkış., A.F. Kulacki, F. Arınç, NATO Series, Kluwer Academic Pubs., 1991, pp.
695-724.
S. Ülkü, Adsorption heat pumps, Heat Recovery Syst., 1986, 277-284.
Y. Liu, K.C. Leong, Numerical study of a novel cascading adsorption cycle, Int. Journal of Refrigeration 29
(2006) 250–259.

HEAT2COOL – COOLING OF CHARGED INLET AIR WITH EXHAUST HEAT FOR
INTERNAL COMBUSTION ENGINES
T. Zegenhagen1*, C. Fleßner1, S. Kadunic2, F. Ramsperger2, H. Pucher2, F. Ziegler1
1

Institute of Energy Conversion Machines, Technische Universität Berlin,
Marchstr. 18, 10587 Berlin, email: zegenhagen@tu-berlin.de

2

Institute of Internal Combustion Engines, Technische Universität Berlin,
Carnotstr. 1A, 10587 Berlin

ABSTRACT
A feasibility study comparing different heat-driven cooling processes and their integration into an
automotive engine is conducted at TU Berlin. The cooling procedures are compared and evaluated with
regard to their respective cooling potential and Coefficient of Performance, given certain operating
conditions from the engine side. To this end, basic thermodynamical models are elaborated to predict the
qualitative behavior of the different procedures, i.e. ab- and adsorption, thermoelectric, Vuilleumier and
steam jet ejector chillers. These models focus in a first step on only a few decisive parameters of the
different processes. Furthermore, the technical feasibility in mobile application is discussed and the
processes are rated concerning multiple criteria, i.e. Coefficient of Performance, process dynamics,
system complexity, volumetric and gravimetric power density, maintenance, noise level, ease of
integration, and insensitivity to position, aptitude for a mobile application, and possible system
improvements. It is shown that for the cooling of charged inlet air the absorption, Vuilleumier and steam
jet ejector are adequate, while thermoelectrics and adsorption are for the application at hand disqualified
on account of inefficiency and elevated system complexity, respectively. Among the three procedures, the
steam jet ejector is considered to be the most promising.
INTRODUCTION
About fifty percent of all gasoline engines nowadays produced are equipped with a supercharging device.
Nowadays common diesel engines are almost exclusively turbocharged, direct injecting engines.
Increasing efficiency demands predict a broad application of superchargers in gasoline engines in the near
future. Elevated pressure of the inlet air, however, results in elevated temperature which in turn reduces
the effect of the pressure rise, because the increase of the power density is proportional to the suction
density and not to the suction pressure. Moreover, especially in gasoline engines, the higher temperature
may lead to uncontrolled combustion, i.e. engine knocking. For these two reasons, the compressed inlet
air is being cooled down before the intake manifold in an intercooler which is an air-to-air or air-to-liquid
heat exchanger. At most the inlet air can be cooled down to ambient air or cooling water temperature,
respectively. The application of a cooling device as seen in Fig. 1, however, allows the cooling of the
inlet air to a temperature even lower than ambient.

Figure 1: System integration of the cooling device
The chemical energy of the fuel is more or less in equal measure converted to mechanical energy, thermal
energy in the cooling water and thermal energy in the exhaust gases. Therefore, there is a high potential
of thermal energy in the exhaust gases to drive the chiller without any negative energetic feedback to the
engine as long as the backpressure is not elevated.
The Institute of Internal Combustion Engines at the Technische Universität Berlin identified multiple
benefits of the charged air cooling for gasoline and diesel engines, i.e. the increase of efficiency, a

downsizing effect by means of elevated charged air pressure, a reduction of the thermal load of the
turbocharger turbine and a reduction of pollutants in the exhaust gases (NOx–emissions). Engine
simulations of the isolated effects of an optimized ignition timing and an increased compression ratio
predict an increase in performance of about 4,5 percentage points (i.e. 15% percent relative to a grade of
performance of 30%) in full load and 1,2 percentage points (i.e. 3,5% percent absolute) in part load. A
combination of ignition timing and increased compression ratio is estimated to bear a potential of
about 6 percentage points i.e. 20% percent absolute in full load and 2,4 percentage points i.e. 7%
percent absolute in part load 6 .
MODEL DESCRIPTION
The formulation of the mathematical models is being effected for the different refrigeration processes.
First, the decisive parameters are identified in order to develop a simple model to specify a first
qualitative behavior of the different processes and to allow for evaluation and comparison. In the
following, not the complete set of equations, but the parameter of utmost interest, i.e. the cooling
capacity, is derived for every single process. The heat flow can be deduced in analogy, while the reject
heat flow is the sum of both.
Both liquid and solid sorption processes produce cold by evaporation. The vapor is absorbed or adsorbed
in a second working fluid. The ab- and adsorption processes are modeled using the approach of the
characteristic equation developed by Ziegler [8].
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Eq. 1 implies the physical fact that the description of the cooling capacity can be formulated as a linear
function depending on the intercept , the slope
and the independent variable, which is a double
temperature difference
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The slope and the intercept as shown in Eq. 2 and 3 depend on the respective heat transmission
·
reflecting the performance of the heat exchangers, the enthalpy coefficients
coefficients
dependent on the internal process parameters and the working media, and the slope of the isosteres in
the Dühring diagramm. The double temperature difference ΔΔ as shown in Eq. 4 is a function of the
slope and the respective external temperatures of the cooled fluid , the cooling fluid and of the hot
driving fluid .
The adsorption process is modeled using a refined approach of the characteristic equation in which the
slope and intercept are variables depending on the temperature of the driving and the cooling fluid as
shown in Eq. 5 and 6 which results in a not entirely linear behavior [1].
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Thermoelectric devices use the Seebeck or Peltier effect, respectively, to provide an electrical current or a
temperature difference. By coupling of thermoelectric generators with thermoelectric cooling devices, the
exhaust energy can be converted into an electrical current powering the cooling element. This system has
the advantage of low weight, high flexibility and reliability while providing only low efficiency. While
the sorption processes involve gaseous and liquid phase change kinetics, thermoelectric refrigeration is a
solid state process. The cooling capacity therefore depends largely on material properties of the semiconductor material employed and can be deduced as followed:
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As stated in Eq. 7 such material properties are the overall electrical resistivity
, the overall thermal
as a measure for the capacity to transform a thermal
conductivity Λ and the Seebeck-coefficient
gradient over the semi-conductor into a voltage or vice versa. Thermal conduction as well as Joule
heating are loss mechanisms and thus decrease the theoretically attainable cooling capacity, which is
determined by the Seebeck coefficient. It must be emphasized that the Seebeck effect increases linearly
with an increasing electrical current while the Joule heating increases with the square of the current.
Λ

The Vuilleumier process is a gas process not limited by vapor pressure curves or crystallization. In this
process, two pistons displace gas between cold and hot working chambers invoking pressure oscillations
which lead to heat exchange at different temperature levels. The modeling of the Vuilleumier process is
being effected by the approach for isothermal, regenerative gas cycles [7]. Hence, the cooling capacity is
a function of the angular frequency or the rotation speed
2 · , the average system pressure , the
, the crank angle at the pressure
amplitude volume of the cold working chamber
,
maximum Θ , the phase angle Θ between the stroke of the two pistons and the parameter as follows:
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K

links the volume of the respective working chamber and its internal temperature. While the phase angle
and
depend on the performance of the heat
has an optimum, the internal temperatures ,
exchangers and the volume of the working chambers correlates with the capacity, there are two additional
scaling parameters for the process, i.e. the rotation speed and the average pressure. Irreversibilities are
included in the model in dependence on the difference of the internal working temperatures. The higher
the difference between the temperatures in the respective chambers the higher the irreversibilities.
Irreversibilities on account of the rotation speed are currently neglected.
Steam jet cycles employ a steam jet compressor in order to compress low-pressure steam by means of a
high-pressure steam jet in an ejector and thus providing evaporative cooling on the low pressure side. The
chiller is comparable to a compression chiller with the mechanical compressor being replaced by an
ejector including the steam vessel for the driving steam. The cooling capacity is approximately
proportional to the heat of evaporation ∆ and the mass flow of the suction flow
:
Q

· ∆h

[9]

The suction flow depends on the driving flow
. The mass flows and the flow conditions are
and
and the nozzle and diffuser geometry. The flow
determined by the external temperatures ,
conditions are modeled in analogy to the model by Pollerberg [5] which includes the non-isentropic
expansion and compression of the jet and the flow inhomogeneities, besides the expected shock.
SIMULATION RESULTS
The following figures present the simulation results for the heat flows and the Coefficient of Performance
of each cooling procedure. The boundary conditions are held constant in all simulations, i.e. the inlet cold
side temperature is assumed to be
30°C and the reject heat temperature
50°C, while the driving
temperature corresponding to the exhaust gas temperature is being varied. The heat flows are for every
process normalized to the maximum cooling capacity. Fig. 2 illustrates the normalized driving heat and
cooling capacity as well as the Coefficient of Performance (COP) of the absorption process for varying
driving temperatures.

Figure 2: Normalized cooling and driving heat flow and COP of the absorption process
The intercept and slope parameters are taken from an existing
-absorption chiller [4]. It is
73°C. According to
shown in Fig. 2 that the absorption process starts providing cooling at around
170°C the
the model the increase in cooling is linear with increasing driving temperature. At about
driving temperature reaches the exploitable maximum on account of the crystallization limit. The driving
heat flow exhibits a similar, linear behavior as expected, while the COP increases progressively until
0,75 at maximum cooling capacity. The COP allows a
reaching its maximum of about

determination of the necessary amount of reject heat on the one hand and, consequently, a relation of the
size of the respective heat exchangers given a certain cooling capacity on the other hand.
Fig. 3 illustrates the heat flows and the Coefficient of Performance of the adsorption process. The
intercept and slope parameter as stated in Eq. 5 and 6 are taken from an existing
adsorption chiller [1].

Figure 3: Normalized cooling and driving heat flow and COP of the adsorption process
The adsorption process starts providing cooling at around
76°C. The increase in cooling capacity is
150°C the cooling capacity reaches its
almost linear with increasing driving temperature. At about
maximum after which further heating of the reactors does not lead to increased cooling. The driving heat
flow exhibits a non-linear behavior flattening in the end of the temperature range of the process. The COP
0,6 at maximum cooling
increases progressively until reaching its maximum of about
capacity.
Fig. 4 illustrates the heat flows as well as the COP of the thermoelectric process for varying driving
temperatures. The material properties are taken from literature and held constant [2].

Figure 4: Normalized cooling and driving heat flow and COP of the thermoelectric process
The thermoelectric process starts cooling at around
90° . At about
430° the cooling capacity
reaches a maximum marking the point where the sum of the losses begins to increase faster than the
cooling capacity. The driving heat flow increases progressively over the simulated temperature range. The
COP increases rapidly in the beginning until reaching its maximum of about
0,23 at a
relatively low cooling capacity.
Fig. 5 illustrates the heat flows and the COP of the Vuilleumier process. Common model parameters are
taken from literature [3].

Figure 5: Normalized cooling and driving heat flow and COP of the Vuilleumier process
The Vuilleumier process starts cooling at around
80°C. At about
560°C the cooling capacity
reaches its maximum before the increase in irreversibilities at higher driving temperatures exceeds the
increase in potential cooling capacity resulting in a continuous decrease of the real cooling power. The
0,6 at a relatively
COP increases rapidly in the beginning until reaching its maximum of about
210°C.
low cooling capacity around
Fig. 6 illustrates the heat flows and the COP of the steam ejector process with a fixed nozzle geometry.

Figure 6: Normalized cooling and driving heat flow and COP of the steam jet ejector process
It becomes clear that the process provides cooling only in a small temperature range. The operating limits
are determined by the flow conditions in the jet ejector. The lower operating limit marks the beginning of
supersonic flow in the propellant nozzle while the upper limit is characterized by a specific backpressure
of the condenser beyond which the suction of cooling media collapses on account of the with rising
backpressure the mixing zone approaching shock. For a fixed nozzle geometry, the cooling capacity
remains almost constant in the operation range. The COP in a stable flow regime amounts to about
COP 0,6.
EVALUATION
Tab. 1 gives a schematic overview of the evaluation of the different cooling procedures.
Evaluation criteria
Absorption
Adsorption
TE
Vuilleumier Jet ejector
++
+
-+
+
COP
++
++
Dynamics
O
-++
O
++
Complexity
O
O
/
+
+
Performance density
+
+
+
+
+
Maintenance/ noise
O
+
++
+
++
System integration
+
++
++
++
Aptitude mobile application +
+
+
O
O
+
Process improvements
Tab. 1: Evaluation and comparison of the different cooling processes
It becomes obvious from Tab. 1 that the evaluation criteria maintenance/ noise and the aptitude for mobile
application are of no further relevance for the discussion since with regard to these aspects no process can
be disqualified. All chillers are expected to have a low level of maintenance needs and noise emissions.
Besides, there are no explosive or toxic working media employed. The gas-to-liquid sorption processes
are expected to exhibit a less dynamic behavior in relation to the highly dynamic combustion engine. The
Vuilleumier gas process and the solid state thermoelectrical process are advantageous while the system
dynamics of the jet ejector depend on the variability of the nozzle geometry.
The volumetric and gravimetric power density of all processes is -with regard to the current state-of-theart stationary chillers- inadequate for an application in an automobile. However, there is a high potential
for each of the processes indicating that a paradigm change from economical aspects of stationary stateof-the-art chillers to light design and different process engineering is promising.
Primarily on account of system complexity, the adsorption process is the least appropriate (--) for the
cooling of charged inlet air. The discontinuity of the cooling process and the changing supply of the
adsorption reactors with the driving and the cooling media increase system complexity. The
thermoelectric chiller exhibits poor overall efficiency (--) for higher cooling performances. The
Vuilleumier chiller as a gas process demands high driving temperatures at high system complexity and

integration rigidity. Besides, it is expected to have the most inefficient gas-to-gas heat exchange. The
absorption chiller as the most efficient process still requests a high degree of process engineering for
mobile application.
Hence, the steam jet ejector has been identified as the most adequate apparatus for the mobile application
on account of various aspects. Its moderate system complexity and design freedom feature the most
flexibility. The heat exchange processes with evaporation and condensation are the most efficient ones
and the working media can be freely chosen. However, the ejector exhibits an inefficient part load
behavior, if the nozzle geometry is fixed. A variable nozzle geometry is therefore a prerequisite to
guarantee an efficient and dynamic, controllable part load behavior.
CONCLUSION
Simple models were developed for the multiple chilling procedures concentrating on only a few decisive
parameters to evaluate and compare the single processes. It is found that for the cooling of charged inlet
air the absorption, Vuilleumier and steam jet ejector cycles are in principle adequate. Thermoelectrics and
adsorption cycles are disqualified because of poor overall efficiency and high system complexity,
respectively. The Vuilleumier cycle, however, exhibits the least effective heat transfer and integration
rigidity and requests high driving temperatures. The absorption process still demands a high degree of
process engineering. On account of high flexibility, moderate system complexity and effective heat
transfer, the steam jet cycle is thus considered to be the most promising of the investigated processes for
the cooling of charged inlet air with exhaust heat in a mobile application.
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Abstract
With the increasing demand on energy all over the world, new investments are needed to explore old and
new sources of energy, being ultra-deep water petroleum and natural gas reservoirs, solar and wind
energy, fuel cells and gasification technologies. For all those energy sources, equipments need to be
designed and built for power generation, which are directly related to internal combustion engines, steam
and gas turbines. Even though most of this technology is available, constant development and research is
required to improve their performances and such improvements are directly related to a proper thermal
control. Considering the current needs for power generation and the seek for more clean and
environmentally correct processes, this paper presents some areas where the passive thermal control could
contribute to the improvement of power generation machineries. A brief presentation and discussion
regarding the potentials on applying passive thermal control devices on several areas is presented. The
main objective of this paper is to show that currently known technologies should be used to improve the
power generation matrix in many countries, improving their thermal performances by using heat pipes
and loop heat pipes technologies, in order to make them less aggressive to the environment without
loosing performance.
Introduction
During the last decade, many countries have been investing on the development of the so-called clean
energies, e.g. those related to renewable energy such as ethanol from sugar cane and biodiesel fabrication
with any vegetable sources, as well as the management of biomass. Great development have been already
achieved by many countries towards the development of such technologies, of course, mentioning the
Otto engines running with ethanol as fuel present in Brazil since the late 70’s and, in recent years, the use
of 2% of biodiesel added to the regular diesel, with the goal of increasing this rate to 5% in the next three
to five years. Other countries have also achieved great development on the application of renewable
energy sources in replacement to the use of fossil fuels.
In parallel, there have been several investigations related to the improvement of power generation
machineries such as internal combustion engines and turbines (gas and steam). Since those machineries
require the use of a fuel, some options are directly related to natural gas (fossil fuel and thus there is a
need for replacement by renewable sources) and Syngas from gasification process. For this last process,
many countries such as China, USA, Japan, Brazil, India, among others are investing on the improvement
and development of gasification process, basically focusing on mineral coal. In some countries where
biomass is abundant, the gasification process has been develop towards the use of agricultural residues for
power generation using gasification/pyrolysis processes to produce gas to be burned in turbines and
internal combustion engines in a so-called IGCC (Integrated Gasification and Combined Cycle). As an
advance on the gasification technology, upon obtaining the Syngas, which is reach in H2+CO, it is
possible to obtain synthetic fuels when applying Fischer-Tropsch technology, where as a result the
products are methanol, gasoline, diesel, etc (Higman and van der Burgt, 2003; Basu, 2006; Souza-Santos,
2004; Schoff, 2008; Stone, 2008).
On the side of power generation machinery, i.e. internal combustion engines, gas and steam turbines, the
losses caused during the combustion and rotatory movement on the bearings cause a loss on the efficiency
towards the transformation of chemical/thermal energy in mechanical energy, which is then transformed
in electric energy. Great amount of such losses are responsible for heat generation and special heat
exchangers must be designed to overcome the rise on temperatures. This is especially important when

closed-circuit oil lubrication is used in gas turbines bearings. However, in some case, temperature
gradients are encountered in turbines rotors and casts, as well as in internal combustion engines where the
heat management must be properly addressed to avoid failures and even greater losses on the thermal and
mechanical efficiencies.
Since the constant development of power generation technology also demands the proper thermal control,
gasification processes, turbines and internal combustion engines could use any type of conventional
thermal control procedures. However, the use of passive thermal control techniques so applied in
aerospace applications, can greatly improve the thermal performance of such systems. Thus, this paper
intends to indicate the application of such a technology. However, information regarding devices’
integration and technological implementation are considered proprietary and will not be disclosed.
Passive thermal control technology
The passive thermal control technology is largely applied in several areas, but has gained a lot of attention
from the aerospace area. In this case, satellites and spacecrafts widely apply this passive thermal control
technology, where a device is designed to manage the changes on the amount of heat generated by an
electronic component or propulsion system and dissipate the heat to the cold space. Sometimes, the high
temperature heat source is located far from the low temperature heat sink and a proper device must be
designed to transport this heat. Such technology applies heat pipes and loop heat pipes for temperature
equalization and heat transport over long distances.
Mainly, heat pipes (HPs) are used when there is a need to homogenize the temperature over a surface,
where different high temperature heat sources are present and wide temperature gradients can result in
thermal stress, which may cause fatigue and failures. Heat pipes are also applied in thermal management
of air conditioning systems (Faghri, 1995) and the same approach could be used in car’s radiator. Such an
application results in equalization of the temperature throughout the heat exchangers, improving its
thermal performance. Heat pipes are used in satellites thermal control since the 70’s and so far represent
the most used thermal control devices in modern satellites and spacecrafts (Swanson and Birur, 2002).
Figure 1 presents the schematics of a HP and its operational mode.

Figure 1 - Heat pipe schematics.
On a HP, heat is transferred from the high temperature heat source by conduction to the volatile working
fluid through the HP’s wall. The working fluid present in the wick structure evaporates and by Marangoni
effects (dσ/dT) migrates to the condensation section where it is condensed and the liquid migrates
towards the evaporation section by capillary forces.
Loop heat pipes (LHPs) are more elaborated devices, where high heat fluxes can be transported over long
distances mainly by the use of capillary pumping forces, which transport the heat from the high
temperature source to the low temperature sink with minimum thermal loss. Usually, LHPs are applied
where a tight temperature control is required (usually ± 0.5 ºC), where researches have demonstrated this
ability. Several studies were performed in the past related to the development of LHPs for satellites
application (Riehl, 2006; Delil et al, 2003; Maydanik, 2005) and the goal is to apply such a technology in
terrestrial equipments with a wide range of potential applications. Figure 2 presents the schematics of a
classic LHP.

Figure 2 - LHP schematics.
Loop heat pipes (LHPs) are devices that operate passively by means of capillary forces generated in a
porous structure, which are able to transport heat from a source to a sink over long distances without
moving parts or power consumption. The capillary forces are generated using a porous structure and a
volatile working fluid that is in its pure state in the loop. LHPs usually present in their classical
configuration the following parts: a capillary evaporator with an integral compensation chamber (or
reservoir), liquid and vapor transport lines and a condenser. The capillary evaporator is in thermal contact
to the heat source, which dissipates heat (for example, electronics chips). Heat is transferred by
conduction through the evaporator case and evaporates the working fluid that is in the porous wick. As
vapor is generated and LHPs are characterized as thermal diodes, vapor flows towards the condenser
where the working fluid is condensed back to the liquid phase and returns to the capillary evaporator to
complete the cycle. The compensation chamber establishes the correct fluid volume in the loop depending
on the power applied to the capillary evaporator and self regulates the operation temperature.
Due to their reliable operation and capacity to work under oscillations of the heat flux being generated,
LHPs present several terrestrial applications, which could be widely employed in the thermal control of
turbines, internal combustion engines, fuel cells, heat exchangers, etc.
Thermal management requirements
For any thermal machinery, being an internal combustion engine, turbine, boiler, etc the need for thermal
control is vital for their reliability and long life, as well as adequate power generation according to their
project requirements. Equalization of the temperature gradients should be carefully considered as they can
lead to thermal stress and fatigue, which may cause failures. Performing the adequate thermal control
requires not only the use of the correct materials, but also the adequate thermal management in order to
dissipate the concentrated heat fluxes with high temperatures to the environment or a low temperature
heat sink.
Efficiently performing such a thermal control is a complicated task that usually involves simultaneous use
of high thermal resistance materials and heat exchangers, where the thermal control is carried out by
transferring heat to a fluid that is pumped and will be cooled down on a heat exchanger.
Turbines
In the case of turbines (gas and steam), the thermal management is vital for the proper operation of this
power generation machine. Points of concentrated heat fluxes may represent a potential risk for future
failures and thus must have an adequate thermal control. Usually, the application of materials with high
thermal conductivity helps the thermal dissipation but sometimes a more elaborated management is
necessary. The application of passive thermal control devices as HPs and LHPs can be used to promote
such thermal control, especially on surfaces where high heat fluxes are present and there is a potential risk
for temperature overshooting that could lead to structural damages or loss of performance. Figure 3 shows
the thermal simulation of a turbine and the spots where there are high temperatures. In such places, the
positioning of high temperature HPs would be enough to homogenized the temperatures and minimize the

thermal stresses caused by the influence of concentrated heat fluxes. Specific designs should also allow
the use of LHPs where more precise temperature control is required.

Concentrated heat flux
suitable for thermal
management with HPs
and LHPs

Figure 3 - Turbines thermal simulation and concentrated heat flux.
For the above two cases presented, high temperature HPs and/or LHPs follow the usual construction
made for such an application, using Inconel housing and sodium as working fluid. For temperatures up to
500 K, it is possible the use of more simple solutions using water as working fluid. However, the HP and
LHP design should be made in order to equalize the higher temperatures to levels close to the average
temperature observed, with the objective of reducing the risks of thermal stress.
Gasification units
Gasification is an endothermic process, where a fuel is under a poor oxygen environment at high
temperature, resulting on the release of gases such as H2, CO, CH4, CO2, etc. In general, gasification units
use fluidised bed technology (moving, bubbling or circulating, depending on the fuel and capacity). Coal
gasification has been performed for decades and is part of the energy matrix in many countries, however,
with little contribution, being for gas generation or synthetic fuels production from the syngas. With the
growing need for renewable energy, biomass gasification has become of major interest for gas and
production to be burned in turbines and internal combustion engines, as well as synthetic fuels.
Addition of heat pipes in gasifiers allow more compact designs due to the high heat transfer rates between
the heat pipe and fluidised bed (in case of using this specific technology for gasification purposes). Some
investigation has been performed in late 70’s related to this subject, where it was already pointed the
benefits upon using HP technology for gasification process (Basilius and Ewell, 1977). Latest
investigations have demonstrated the important gain on the overall gasification efficiency when using
heat pipe reformers for biomass gasification (Schweiger and Hohenwarter, 2007). More recent
investigations have proved the increase on thermal efficiency during the gasification process upon using

heat pipes, showing an important relation between the produced gas and the use of heat pipes (Wang et
al., 2007). Upon using the heat pipes in the gasifier, the simple equalization of temperatures along the
reactor will promote better chemical reactions, which would result in higher quality product gas. It is also
possible to apply LHPs for high heat flux removal and temperature equalization in gasifiers’ reactors in
order to avoid thermal stresses. Figure 4 presents the thermal simulation of gasification units.

Figure 4 - Temperature distribution in a gasifier reactor.
Concluding remarks
The application of passive thermal control, well used in aerospace, is presented to be possible for many
terrestrial applications. With the growing need for renewable energy sources, the seek for improving
thermal efficiencies of power generation machineries as well as biomass management for gas production,
the application of these thermal control techniques are under serious consideration. Heat pipe technology
can be easily implemented in gasifiers, heat reformers, heat exchangers, gas and steam turbines, etc. Loop
heat pipes can be applied where concentrated heat fluxes of great magnitude are present, thus being
responsible for the thermal management to avoid thermal stresses. Since both heat pipe and loop heat pipe
technologies are well developed, their application in power generation systems is a few steps ahead to be
implemented and applied. In the near future, those systems will be widely used to promote the thermal
control of several power generation systems, contributing directly to their thermal efficiency increase.
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ABSTRACT
In this work a new family of sorbents specifically designed for adsorptive air conditioning (AC) and ice
making (IM) units with ethanol as a working fluid is presented. The composites were synthesized by impregnation of various porous solids with an aqueous solution of different salts. The ethanol sorption capacity of these composites under conditions of typical AC cycle has been measured by using an express
method based on the Polanyi principle of temperature invariance. Results obtained show that several new
composites possess the ethanol sorption capacity which is higher than that of common adsorbents (e.g.
active carbons, hydrophobic zeolites, etc.). The composite LiBr(30 wt.%)/SiO2 appears to show the highest sorption wads = 0.68 g/g and an uptake variation per AC cycle Δw = 0.56 g/g, and is definitely superior
to the conventional adsorbents. The correspondent thermodynamic cooling COP is estimated to be 0.66
for AC cycle, which is comparable with typical cooling COP of the best water sorbents.
NOMENCLATURE
C = salt concentration, wt.%
COP = Coefficient Of Performance
Cp = heat capacity, J/gK
Dgr = grain diameter, mm
dav = average pore diameter, nm
M = molar mass, g/mol
m = mass of ethanol adsorbed, g
m0 = mass of dry sorbent, g
n = coordination number
P = ethanol pressure, mbar
Q = heat, J/kg
R = gas universal constant, J/molK
ρ = packing density, kg/m3
Ssp = specific area, m2/g
T = temperature, K
t = time, s
τ = characteristic time, s
Vp = pore volume, cm3/g
W = specific power, kW/kg
w = ethanol uptake, g/g

ΔF = free sorption energy, J/mol
ΔH = heat of ethanol desorption, J/g
ΔHis = isosteric enthalpy of ethanol adsorption, J/mol
ΔL = heat of ethanol evaporation, J/g
ΔS = entropy of ethanol adsorption, J/molK
Δw = variation of uptake per cycle, g/g
subscripts
ads = adsorption
av = average
con = condensation
dec = decomposition of salt ethanolate
des = desorption
ev = evaporation
f = final
is = isosteric
ish = isosteric heating
max = corresponding to rich isoster of the cycle
min = corresponding to weak isoster of the cycle
s = saturation
st = starting

INTRODUCTION
Adsorptive cooling based on methanol as a working media are considered promising for both AC and IM
cycles driven by low temperature heat source (solar, automotive waste heat, etc) due to high vapor pressure at working conditions of the AC cycle and low freezing point (Wongsuwan et all, 2001; Wang et al,
2009). However, its thermal decomposition can occur at temperature higher 382 K (Hu, 1998) that leads
to gradually reducing performance. Furthermore, it is toxic and harmful for environment as compared to
water and so its usage is forbidden in some countries. For this reason an increasing attention has recently
been paid to ethanol as a refrigerant (Kanamoh et al, 1997; Li et al, 2004; El-Sharkawy et al, 2006; Saha
et al, 2007; Cui et al, 2005). Actually, ethanol has rather high vapor pressure at operating conditions of
AC cycles (15-170 mbar), low freezing point (159 K) and, in contrast to methanol, it is not toxic. Nevertheless, low latent heat of ethanol (840 J/g) strongly restricts an efficiency of AC cycles. In order to overcome this intrinsic drawback new materials with advanced sorption properties adapted to particular AC
cycle are highly welcome.

Adsorption capacity of typical ethanol adsorbents (activated carbons) is quite low (Bae and Do, 2006;
Carvalho et al, 2006; Luo and Feidt, 1997) resulting in low performance of the air conditioning cycle. It
was reported (Li et al, 2004) that an IM cycle could not be performed in a solar assisted AC device with
“activated carbon – ethanol” working pair due to low affinity of the adsorbent to ethanol.
Recently a new family of composites “salt inside porous matrix” (CSPMs) has been proposed for water
and methanol sorption (Aristov et al, 2002; Gordeeva et al, 2007; Aristov, 2009; Gordeeva and Aristov,
2009). These materials were shown to combine advantages of solid porous adsorbents and liquid absorbents that resulted in high sorption capacity and low regeneration temperature. It is quite exciting that the
sorption properties of CSPMs can be modified intently (or even tailored) by a number of “tools” like
changing chemical nature of the salt and the matrix, porous structure of the matrix, salt content and preparation conditions. In the issue, it makes possible the design of the composite which properties fit demands
of the particular AC cycle (Aristov and Gordeeva, 2009).
This study was purposed on the extending this approach to preparation of CSPMs for ethanol sorption
specialized for adsorptive AC and IM cycles. It is based on the fact that a number of inorganic salts MeA
can reversibly absorb ethanol by forming crystalline solvates (ethanolates)
MeA + n C2H5OH = MeA·nC2H5OH. [1]
The coordination number n varies in a wide range reaching 4-6 for some salts (lithium and magnesium
halides) that results in a large amount of ethanol exchanged in reaction [1] (e.g. 4.3 g ethanol per 1 g salt
for LiCl·4C2H5OH). Confinement of the salts in matrix’s pores allows overcoming main drawbacks of the
bulk salts, namely slow adsorption kinetics, expansion/swelling and adsorption/desorption hysteresis.
EXPERIMENTAL
Solids with large pore volume of various chemical nature, both hydrophilic (silica, alumina) and hydrophobic (synthetic carbon Sibunit), were used as host matrices (Table 1). The composites were synthesized
by a dry impregnation of these solids with an aqueous salt solutions followed by thermal drying. The salt
content in the composites was determined by weighting dry samples before and after impregnation. List
of the novel composite sorbents of ethanol as well as their main properties are presented in Table 2.
Scanning the sorption capacity of the new composites at the working conditions of AC cycle was performed by an express method described elsewhere (Gordeeva et al, 2007). According to this principle the
equilibrium content w of ethanol adsorbed is uniquely determined by the product T ln(Ps/P). The typical
operating conditions for AC cycle driven by low temperature heat were chosen as follows: the evaporator
temperature Tev = 283 K, condenser temperature and minimal temperature at the adsorption stage Tcon =
Tads = 303 K and the maximum temperature at the desorption stage Tdes = 363 K. Those for the IM cycle
are Tev = 270 K, Tcon = 303 K, Tads = 298 K and Tdes = 363 K. The free sorption energy corresponding to
the rich isoster ΔF(wmax) = 3.05 and 4.34 kJ/mol for AC and IM cycles, respectively, while that corresponding to the weak isoster ΔF(wmin) = 8.26 kJ/mol. Taking into account the Polanyi principle the temperature T4 corresponding to the weak isoster at Pev can be calculated as 338 K. The express method was
carried out according to the following procedure. The air flow saturated with ethanol vapor up to the partial pressure Pev = 30 mbar (Tev = 283 K) or Pev = 12 mbar (Tev = 270 K) for AC and IM cycles, respectively, was passed through the adsorber filled with the dry adsorbent at temperature Tads = 303 and 298 K
for AC and IM cycles, respectively, until the sorbent weight became constant. The desorption was carried
out at the temperature of the adsorber T4 = 338 K and the ethanol pressure Pev = 30 mbar. Ethanol uptake
after adsorption and desorption stages was calculated as w = m/m0. The sorption per cycle Δw was calculated as the difference in the ethanol uptakes Δw = wmax - wmin.
Table 1: Main characteristics of the matrices used
Vp, cm3/g
Matrix
1.2
Silica gel Grace SP18-8995
0.9
Silica gel Grace SP2-8506
0.9
Sibunit
0.7
Alumina
1.03
ACF15
0.77
ACF20

Ssp, m2/g
300
340
450
220
1900
1400

dav, nm
15
10
6-8
6
2.2
2.2

Ethanol sorption isosters were measured by a barometric method described elsewhere (Bulow and Shen,
2002; Gordeeva et al, 2008) at temperature 293-393 K in the range of the ethanol pressure 1-120 mbar
and ethanol uptake w = 0.05-0.65 g/g.

The dynamics of ethanol sorption under typical conditions of isobaric stages of AC cycle was measured
by a “large temperature jump” (LTJ) method (Aristov et al, 2008) for a layer of loose grains of various
size Dgr = 0.4-0.5, 0.8-0.9 and 1.0-1.1 mm. The starting ethanol pressure was P = 30 and 101 mbar at the
adsorption and desorption stages that corresponded to the AC cycle discussed. The temperature of the
metal plate supporting the adsorbent layer was changed sharply from 338 to 303 K at adsorption and from
324 to 363 K at desorption stages according to the P – T diagram of the AC cycle plotted on the base of
measured adsorption isosters (Fig. 2). The adsorbent started to ad/desorb ethanol that resulted in alteration
of the pressure. The total pressure change was less than 1.1-1.2 mbar, means, remained almost constant.
Variation in the uptake Δw in this cycle was 0.52-0.57 g/g.
Table 2: Composition and properties of the new sorbents synthesized
Composition
C, wt.%
Ethanol uptake
wmax, g/g
wmin, g/g
0.08
0.41
24
LiCl/SiO2a
0.07
0.22
16
LiCl/SiO2b
0.12
0.68
30
LiBr/SiO2a
a
0.2
23
CaCl2/SiO2
0.11
0.26
22
CaBr2/SiO2a
0.05
15
SrCl2/Al2O3
0.07
44
NiBr2/SiO2a
0.14
0.18
27
Ca(NO3)2/SiO2a
0.12
0.27
22
Mg(NO3)2/SiO2a
a
0.08
24
MgSO4/SiO2
0.08
17
CuSO4/SiO2a
0.17
0.42
29
LiBr/Sibunit
0.17
0.35
25
LiCl/ACF15
0.23
0.52
42
LiCl/ACF20
a
silica gel Grace SP18-8995
b
silica gel Grace SP2-8506

Δw, g/g
0.33
0.15
0.56
0.15
0.04
0.15
0.26
0.18
0.29

RESULTS AND DISCUSSION
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Figure 1: Ethanol sorption capacity of the new composites and common single-component adsorbents at operating conditions of the AC cycle (Tev = 283 K, Tcon = Tads = 303 K, Tdes = 363 K).
Sorption capacity of the composites measured at operating conditions of the AC cycle is presented in Table 2 and Fig. 1 together with the literature data for known ethanol adsorbents given for comparison
(Kanamoh et al, 1997; Li et al, 2004; El-Sharkawy et al, 2006; Saha et al, 2007; Cui et al, 2005; Luo and
Feidt, 1997; Bae and Do, 2006; Carvalho et al, 2006; Stul et al, 1983; Saure and Schlunder, 1995; Pires et
al, 2004; Balmaseda et al, 2002). Several new composites possess rather high sorption capacity at the
working conditions of the cycle. The most promising salt appears to be LiBr. The uptake wmax reaches

0.68 g/g for the LiBr/SiO2 composite. The major part of ethanol sorbed can be removed during desorption
stage giving the uptake variation per cycle as large as Δw = 0.56 g/g, which exceeds significantly that for
the conventional adsorbents. LiBr/SiO2 composite possesses quite large sorption ability wmax = 0.45 g/g
and Δw = 0.34 g/g for IM cycle as well.
Among single-component porous adsorbents an activated carbon fibers ACF20 possesses the largest uptake variation (Δw = 0.47 g/g), which, however, remains lower than that for LiBr/SiO2 composite. The
advantage of this composite becomes even more pronounced in term of ethanol sorption per unit volume
of the adsorbent. The sorption capacity related to a unit volume wmax for LiBr/SiO2 composite was
476 kg/m3, instead of 30 and 100 kg/m3 for ACF20 with the packing density ρ = 50 and 150 kg/m3 respectively (El-Sharkawy et al, 2006).
Ethanol sorption equilibrium of LiBr/SiO2 composite
The sorption properties of LiBr/SiO2 composite have been studied in more detail. The results of isosteric
measurements (Fig. 2) agree well with those obtained by the express-method. The uptake variation is
found to be 0.56 and 0.40 g/g under operating conditions of AC and IM cycles, respectively. These measurements allow an evaluation of the isosteric enthalpy and entropy of ethanol sorption. The isosteric enthalpy of sorption ranges from ΔHis = -51 ± 2 to -45 ± 2 kJ/mol that is higher than the ethanol latent heat
(ΔL = 38.6 kJ/mol). It trends to decrease with the increase in uptake that can be caused by weaker bonding between the salt ions and solvating ethanol molecules. The standard sorption entropy remains almost
constant ΔSo = -121 ± 5 J/(mol K).
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Figure 2: Isosters of ethanol sorption on LiBr/SiO2 as well as plots of AC and IM cycles considered.
Dynamics of ethanol sorption on LiBr/SiO2 composite
Sorption dynamics was evaluated by the LTJ method. Typical evolution of the metal support temperature
and kinetic curves of ethanol ad/desorption are presented in Fig. 3. The support temperature becomes
equal to the temperature of a heat carrier within 90-110 s, that is comparable with the time of uptake evolution for desorption runs (70-300 s). In contrast, the adsorption stage is longer and takes 350-1200 s.
This can be attributed to lower operation pressure and temperature, and, hence, slower ethanol vapor
transport inside the grains. The kinetic curves obey quite well the exponential dependence
dm/dmf = [1-exp(-t/τ)]
[3],
that agrees with the Linear Driving Force model (Glueckauf, 1955). The characteristic times τ of ad- and
desorption stages vary between 16-55 and 60-190 s, respectively, for grains of various size (Table 3).
Similar near-exponential kinetic curves were found for water ad-/desorption at quasi-isobaric and strictly
non-isothermal conditions in (Aristov et al, 2008).
It is worth noting that even for the largest grains of LiBr/SiO2 the typical time of 90 % of equilibrium
conversion does not exceed 2 and 10 min for de- and adsorption respectively that allows the total time of
the cooling cycle to be 12-15 min. Equal durations of adsorption and desorption phases of an AC cycle

are commonly settled. The kinetic data obtained show that the ethanol desorption phase is 2-4 times faster
than the adsorption one, hence reallocation of adsorption and desorption durations can be recommended
for optimizing the cooling cycle parameters.
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Figure 3: The plate temperature evolution (––) and kinetic curves of ethanol ad- (a) and desorption
(b) for the grains of Dgr = 0.4-0.5 (), 0.8-0.9 () and 1.0-1.1 () mm as well as their exponential
fits.
Table 3: The characteristic time of exponential kinetics
Dgr, mm
τads, s
0.4-0.5
60
0.8-0.9
140
1.0-1.1
190

τdes, s
16
43
55

Estimation of the cooling performances
The data obtained allow an estimation of COP of AC cycle based on the working pair “LiBr/SiO2 composite – ethanol” considering the following approximations:
1) the equivalent specific heat Cp of each composite is calculated as a sum of the specific heats of the host
matrix, of the salt and of the ethanol adsorbed
[4].
Cpeq ( w) = Cpsalt Csalt + CpSiO 2 (1 − Csalt ) + wCpEtOH
The specific heat of the composite at isobaric desorption stage of the cycle was calculated for the average
ethanol uptake wav = (wmin + wmax)/2;
2) the latent heat of ethanol is calculated for the medium temperature of the working cycle;
3) the desorption heat is calculated as a medium value of isosteric enthalpy for various uptake.
The COP of a basic cooling cycle is the ratio of the vaporization heat Qev to the heat supplied to the adsorbent during the isosteric heating (Qish) and desorption (Qdes)
Qev
[5].
COP =
(Qish + Qdes )
Taking into account that
Qev = ΔL ⋅ Δw ; Qish = C p ( wmax ) ⋅ (T2 − Tads ) ; Qdes = ΔH ⋅ Δw + C p ( wav ) ⋅ (Tdes − T2 ) [6]
the COP of the cycle can be written as
COP =

ΔL ⋅ Δw
ΔH ⋅ Δw + C p ( wmax ) ⋅ (T2 − Tads ) + C p ( wav ) ⋅ (Tdes − T2 )

[7].

The COP = 0.66 and 0.61 are obtained for AC and IM cycles, respectively, which are comparable with
the COP of the best water adsorbents. Thus, the directional design of new composites with the sorption
properties adapted to operating conditions of particular AC cycles allows partial overcoming the intrinsic
thermodynamic drawbacks of ethanol caused by its low vaporization heat.
The data on the adsorption kinetics allow an estimation of Specific Cooling Power using the following
expression (Aristov et al, 2008)
W = ΔL(dm/dt)/m0 = [ΔL(mf-mst)/(τm0)] exp(-t/τ) = Wt=0 exp(-t/τ) [8].

The maximum specific power Wt=0 = ΔL(mf - mst)/(τm0), which realized at t⇒0, in AC cycle is estimated
as 2.5 and 7.8 kW/kg for the grains of 1.0-1.1 and 0.4-0.5 mm size, respectively. Specific power realized
at time corresponding to 90 % of the equilibrium adsorption (t = t0.9) can be estimated as Wt=0.9 = 0.391W
t=0 = 1.0-3.0 kW/kg. Thus the experimental study of adsorption dynamics gives a clear evidence of the
possibility to build quite compact adsorption cooling devices which utilize loose grains of LiBr/SiO2
composite.
CONCLUSIONS
New ethanol sorbents “salt in mesoporous solids” have been purposefully synthesized keeping in mind
their application for adsorptive transformation of low temperature heat. Measurements of the sorption
equilibrium on these composites under operating conditions of two typical AC and IM cycles show that
LiBr/SiO2 composite possess the maximum uptake wmax = 0.68 and 0.45 g/g, respectively, which is higher
than ethanol sorption on common adsorbents. The composite demonstrates the largest variation in the uptake Δw = 0.56 and 0.40 g/g per AC and IM cycles, respectively, that results in the calculated COP 0.66
and 0.61. The kinetics of ethanol sorption on loose grains of LiBr/SiO2 composite are near-exponential
with the characteristic time τ = 16-55 and 60-190 s for ad- and desorption stages, respectively. The specific cooling power was estimated to vary between 1.0-7.8 kW/kg depending on the grain size and conversion. These quite encouraging results make this composite attractive for adsorption cooling driven by
low grade heat. Such a good cycle performance is due to advanced sorption properties of this composite
which fit to the specific requirements of the particular adsorption cooling cycles considered in the paper.
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ABSTRACT
For the ground to be used for the space conditioning of buildings, information on its thermal
characteristics and the factors influencing it are required. Slope orientation, terrain, solar radiation, wind,
rain, etc are factors influencing the thermal behaviour of the ground. A Ground Coupled Heat Pump
(GCHP) exploits the ground thermal capacity and the difference in temperature between ambient air and
ground with the aid of Ground Heat Exchangers (GHE) for improving its efficiency. GCHPs are used for
the air conditioning of a space and/or for water heating purposes. The main interest of this study is to
determine the efficiency of a ground coupled heat pump used for the acclimatization of a typical office in
the Athalassa region, Nicosia, Cyprus and investigate how its efficiency is affected by the operating
conditions. The data collection was done in October, 2008. No occupants where present in the room
during the data collection period, therefore the latent heat load of the room was negligible and was
ignored in the calculations. The results clearly indicate that there is a significant improvement in the
sensible capacity over the input power ratio from about 2 to 2.52 when the cooling temperature of the
condenser drops from 36.5°C to 22.4°C. There is also a significant improvement in the sensible capacity
over the input power ratio when the cooling temperature of the condenser is close to the ground
temperature than at about 40-45°C, conditions that exist when a heat pump rejects heat to the atmosphere
during the summer period in Cyprus.
INTRODUCTION
The ground temperature varies with depth. At the surface, the ground is affected by short term weather
variations, changing to seasonal variations as the depth increases. At the deeper layers, the ground
temperature remains almost constant throughout the seasons and years and is usually higher than that of
the ambient air during the cold months of the year and lower during the warm months [1-5].
Solar radiation probably is the most important factor affecting the temperature of the ground at the
surface and shallow zones, while the structure and physical properties of the soil are factors affecting the
temperature at the deeper layers with the thermal conductivity being the most important. Thermal
diffusivity and geothermal gradient are factors that also affect the temperature of the ground [1-5].
Ground Heat Exchangers (GHE) or Earth Heat Exchangers (EHE), are heat exchangers used for the
exploitation of the ground thermal capacity and the difference in temperature between ambient air and
ground. A GHE is usually an array of buried pipes installed either horizontally or vertically into the
ground. They use the ground as a heat source when operating in the heating mode and as a heat sink when
operating in the cooling mode, with a fluid, usually air, water or a water–antifreeze mixture, to transfer
the heat from or to the ground. They can contribute to the air conditioning of a space, for water heating
purposes and also for improving the efficiency of a heat pump. Most commonly, GHEs are either of the
open or of the closed type. In the open type groundwater or ambient air is heated or cooled by the ground
and used directly for the air conditioning of a space or the heating/cooling of a heat pump coil. In the
closed type, a space is heated or cooled indirectly by the ground with the aid of a heat transfer fluid [6].

Ground Coupled Heat Pumps (GCHP) or Geothermal Heat Pumps (GHP) are systems combining a heat
pump with a GHE for the heat exchange process, for improving the heat pump efficiency. Mainly, they
are of the ground coupled (closed loop) system or the groundwater (open loop) system. The type to be
used is chosen according to the ground thermal characteristics, the available for installation land and the
groundwater availability and temperature [7].
For the increase of a fluid temperature, common heat pumps use an electrically driven compressor that
compresses a refrigerant and raises its temperature. The refrigerant has the ability to change state, from
liquid to gas when is heated. It usually boils at low temperatures. In the heating mode, the common heat
pump’s refrigerant absorbs heat from the atmosphere and becomes gas. Then the gas is compressed
mechanically and has its temperature increased. The refrigerant at this stage of high pressure and
temperature, exchanges heat with a lower temperature medium (gas or liquid) as it passes through a
condenser. Having its temperature dropped it returns to the liquid stage and after passing through an
expansion valve it becomes liquid at low temperature and pressure. Then the process starts all over again
with the refrigerant absorbing heat from the atmosphere as it passes through an evaporator [8].
GCHPs exchange heat with the ground instead of the atmosphere. An earth coil, a pump and a heat
exchanger are parts that are not included in common heat pumps and are used in the evaporation process.
The heat pumps can be used for heating as well as for cooling a space. This is achieved by reversing the
cycle, which means that the condenser and evaporator reverse their roles.

Figure 1: Schematic of a direct-expansion, single-stage mechanical vapor-compression refrigeration
system and P-h Diagram of a system operating between the same air temperatures TR and TO [9]
The efficiency of heat pumps is described by the Coefficient of Performance (COP) in the heating mode
and the Energy Efficiency Ratio (EER) in the cooling mode. As defined in ASHRAE handbooks, COP (or
EER) ‘is the ratio of the rate of net heat output to the total energy input expressed in consistent units and
under designated rating conditions or is the ratio of the refrigerating capacity to the work absorbed by the
compressor per unit time’. Sometimes the efficiency is described by the Seasonal Performance Factor
which is the average efficiency of the pump over the heating and cooling period or the Seasonal Energy
Efficiency ratio for cooling (SEER) which is the total cooling output of an air conditioner during its
normal annual usage period for cooling divided by the total electric energy input during the same period
[8].
The COP or EER of GCHPs usually is higher than those of the common heat pumps and especially their
Seasonal Performance Factor due to the fact that the ground temperature is more stable than the ambient
air temperature. The ambient air temperature not only changes with the daily fluctuations but with the
seasonal as well. Ground temperature at the deeper layer is constant throughout the year. Usually, in
extreme weather conditions, when the ambient air temperature is not in the operating range of the
common heat pump, an additional heat source is required. This extra feature raises the pump’s power

input and therefore reduces its efficiency. Nowadays, the operating range of the common heat pumps
starts from -15oC rising up to about 43oC in the heating mode (as per Fuji electric catalogue).
The climatic conditions in central and northern Europe are such that the exploitation of the thermal
behaviour of the ground is mainly done for space heating and rarely for space cooling. Recently, in
Greece and western Turkey studies investigated the thermal behaviour of the ground and the usage for
heating and cooling of buildings [9].
The main interest of this study is to determine the efficiency of a ground coupled heat pump used for the
acclimatization of a typical office in the Athalassa region, Nicosia, Cyprus and investigate its efficiency
and how is affected by the operating conditions.
INSTALLATION AND EQUIPMENT
The borehole drilled in the Athalassa region is a 20 cm diameter borehole with a depth of 50 m. K-type
thermocouples were placed in the middle of the borehole and a U-tube heat exchanger made of
polyethylene pipe of 32 mm external diameter was also installed in the borehole. The borehole finally was
backfilled with bentonite. All data were recorded at 15 minute intervals, using an Omega OMB-DAQ
55/65 USB data acquisition module. A k-type thermocouple was also used to record the ambient air
temperature [6].
Studies showed that at the Athalassa region the surface zone reaches the depth of 0.5 m and the shallow
up to 7 m. Below the 7 m depth the temperature remains almost unchanged at 22.6oC. The mean annual
ambient air temperature of the region was recorded and found to be 19.5oC [6]. The structure and
moisture content of the ground in this area in Nicosia was examined by Florides and Kalogirou. The
ground is mainly formed by calcareous sandstone and marl. Clay layers contain about 30% of water while
layers below the water table which approximately starts at 15 m, contain about 50% of water and the
layers have a discharge of about 2-3 m3/h. The mean density of the undisturbed ground is about 1900
kg/m3 and the mean specific heat capacity about 1400 J/kg K [4, 10].
The typical office under study has a floor area of 27.65 m2 and is calculated to have a maximum of 2.5
kW heating needs and a maximum of 4.3 kW cooling needs. Its east and south facing facades are exposed
to the atmosphere while the other two facades, west and north, are in contact with unheated spaces. A
large overhang on the east side protects the facade from direct solar radiation. The floor consists of
approximately 20 cm concrete slab covered with ceramic tiles and is in contact with the ground, while the
roof is made of insulating tiles and is in contact with unheated space.
For the acclimatization of the office an FHP water to air ground coupled heat pump was used and tried
under various outside conditions. During the experiment, the room temperature was kept between 22°C
and 24°C. The relative humidity of the room was measured to be about 38% with small variations during
the data collection period. The latent heat of the room was negligible since there were no occupants in the
room and therefore it was ignored in the calculations.
RESULTS
The experiment was carried out during a typical day early in October of 2008. Figure 2 depicts the
temperature variation of the water at the inlet and outlet of the GHE, the intake and delivered air
temperature of the heat pump, the temperature variation of the ground at the depth of 50 m and the
recorded ambient air temperature variation.
The air handling unit of the pump was re-circulating the room air therefore the heat pump intake air
temperature coincides with the room temperature. During the experiment, the room temperature
fluctuated between 21.5°C and 24°C and the average room temperature was 23.0°C. The heat pump was
working periodically to satisfy the cooling load. It was working continuously between 10:00 and 15:00
and intermittently between 15:00 and midnight. From 0:00 of the next day till 10:00 the pump was not
needed. The evaporator working temperature was 6°C and therefore when the pump was in operation for
some time the delivered air temperature was between 6- 8°C.

The heat exchanger entering fluid temperature varied between 22°C - 42.0°C, depending on the duration
of the heat pump operation. Similarly, the return temperature of the fluid was varying between 22.4°C –
36.5°C. During the operation of the heat pump, the temperature difference between the inlet and return
fluid of the GHE was about 6°C while, when the heat pump was not working, that temperature difference
tended to become zero and reach the ground temperature. This naturally occurred early in the morning,
after a prolonged time during the night that the heat pump was not in operation.
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Figure 2: Temperature data during a typical day early in October of 2008
Figure 3 below, depicts the variations in the sensible capacity of the heat pump, the rejected heat to the
ground by the ground heat exchanger and the input power to the heat pump when the entering air
temperature to the heat pump is 23oC and the entering fluid temperature varies between 10oC - 40oC.
These values were calculated using the data collected during the experiment and over a series of other
runs done during later dates. It also shows the calculated sensible capacity over the input power ratio and
the trend of the curves when the entering fluid temperature rises to 50oC.
According to the data collected in October, the entering fluid temperature range was between 22.4oC –
36.5oC. At those conditions, the calculated sensible capacity over the power input ratio was between 2.52
and 2. On average, the entering fluid temperature was calculated to be 30.7oC with the sensible capacity
over the power input ratio being close to 2.2. In the case that the capacity of the ground heat exchanger
was higher so that the entering to the heat pump fluid temperature was close to that of the ground, about
25oC, the sensible capacity over the power input ratio of the heat pump would be improved and reach to
2.4.
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Figure 3: Heat pump results for a room temperature of 23°C
CONCLUSIONS
From the results of the experiment performed in October 2008, it is clear that the lower the entering fluid
temperature to the heat pump the higher its energy efficiency ratio. It is also obvious that the size of the
ground heat exchanger was not capable of rejecting efficiently to the ground the required amount of heat.
A lengthier heat exchanger would return the fluid with a lower temperature that would be closer to the
ground temperature. In this case the energy efficiency ratio would increase further.
The results clearly indicate that there is a significant improvement in the sensible capacity over the input
power ratio from about 1.8 when the cooling temperature of the condenser is about 40-45°C (conditions
that exist when the same heat pump rejects heat to the atmosphere during the summer period in Cyprus)
and about 2.4 when the cooling temperature of the condenser is about 25°C (conditions that exist in the
ground during the same period). This means that significant savings in power can result when ground
coupled heat pumps are used instead of the air-cooled systems.
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ABSTRACT
Within the project of the 6thFP called PolySMART, different small-scale micro-trigeneration systems are
being developed and tested. These systems consist of a micro-CHP (Combined Heat and Power production)
unit, whose heat can also be used to drive a thermally driven chiller, and produce cooling for different
purposes. This paper describes the installation and the first experimental results of one of these demonstration
systems, a combination of a Senertec ICE (Internal Combustion Engine) and a Rotartica absorption chiller,
built in the facilities of Ikerlan-IK4.
DESCRIPTION OF THE INSTALLATION
Tri-generation plants (also called CHCP, Combined Heat, Cooling and Power production) can increase the
running time of combined heat and power (CHP) systems, using it also for cooling in summer and thus
reducing the overall pay-back time of the plant. This benefit requires a good energy balance for the cooling
case compared with the conventional solution [1] and that positive balance depends on CHP power efficiency
and on TDC seasonal efficiency.
This paper describes the installation and the first experimental results of one small-scale CHCP installation
based on an internal combustion engine Senertec HKA G 5.5 and a Rotartica absorption chiller, that in this
moment is not available on the market. This installation provides electricity to the grid and heating and
cooling to one part of the facilities of Ikerlan-IK4 sited in Vitoria-Gasteiz in the north of Spain. The plant is
used for heating and cooling a corridor (60 m2) and a laboratory (120 m2) and a consumption of 200 litres
per day DHW (Domestic Hot Water) has been also implemented. The building was built in 1999 following
Spanish thermal standards in force that time (NBE-CT-79). The weather is continental with cold winters and
hot summers (hot daytime with cold nights). The climate main characteristics are: 2936 heating degree-days
and 81 cooling degree-days in the base of 20ºC.
The installation consists of the integration of the internal combustion engine Senertec HKA G 5.5 (with 5.5
kWe power capacity and 12.5 kWth thermal capacity) as the cogeneration unit, and a Rotartica 4.5 unit (with
a cooling capacity of 4.5kW when TTdcDcFl = 90ºC, TTdcRcRl = 35ºC, TTdcCcRl = 12ºC), which is a thermally
driven chiller with rotary absorption technology. For coupling both equipments the critical issues to tackle are
the following:
the CHP provides 12.5 kW heat but the generator of the TDC is able use a maximum of 10kW
the nominal flow rate of the CHP is between 10-15 litres/min but the driving circuit of TDC requires
more than 15 l/min
working conditions of the CHP are more favourable at lower temperatures, however the cooling
capacity of the TDC increases with higher driving temperatures
the maximum return temperature of CHP must be lower than 78ºC but the TDC requires temperatures
higher than 80ºC in the driving circuit when a dry cooling tower is used.
Taking into account these considerations, a special version of the Senertec micro-cogeneration unit that is
able to work at higher temperatures (up to 90ºC) was ordered to the supplier and the CHP and TDC are
directly connected in order to use as much of CHP heat as possible. The outlet of the driving circuit of the

TDC is diverted into a storage tank (to store the excess heat) and into an automatically controlled very precise
3 way valve (to keep the return temperature below 78ºC). In case the tank has already reached that
temperature, an emergency dry cooling tower is included after the storage tank to avoid temperatures above
78ºC. That hot water storage tank is used for DHW consumption preheating.
The layout of the installation is shown in Figure 1. The mentioned driving circuit is represented in bold line;
in dotted line, the re-cooling circuit (the re-cooling heat is rejected through a dry cooling tower, provided by
Rotartica) and in dashed line, the cooling circuit. In the cooling circuit there is a 1000 litres storage tank. So
the cooling energy provided by the TDC can be directly used for cooling the laboratory and the corridor, or
can be stored for later use. There are three ways of running in cooling mode: cooling directly from TDC to
loads, cooling the storage tank (charging) or cooling from storage tank to loads (discharging the tank when
TDC is off). For the heating mode, the heat is led from the CHP to loads passing through the 370 litres tank.
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Figure 1 – Layout of the small-scale trigeneration system
The objective of the control is to use as much as possible heat in winter mode and to run the installation with
an electrical efficiency higher than 3 in summer mode. In winter, the installation runs from Monday to
Friday, from 6:00 a.m. to 19:00 p.m. and when the temperature on the laboratory and the corridor are below
20ºC (a hysteresis with a minimum of 17 ºC is considered). In summer, as the overall electricity consumption
of the total plant is approximately 1.7 kW, the installation runs also from Monday to Friday, from 6:00 a.m.
to 19:00 p.m. when the cooling capacity of the TDC is above 5 kW in order to obtain an electrical efficiency
above 3.
The cooling capacity of the TDC depends on the re-cooling conditions; at low re-cooling temperatures the
cooling capacity is higher. A wet cooling tower improves the TDC cooling capacity but their maintenance
costs to comply with sanitary regulations in order to avoid legionella risk are very high. The use of boreholes
is an alternative to reduce the re-cooling temperature. One other possible strategy is to decouple the operation
of the TDC and the hours with high outdoor temperature. That strategy implies running the installation when
the outdoor temperature is low, storing cooling energy to use it when required at high outdoor temperatures.
In the installation under study a 1000 litres water storage tank has been used, but a thermal phase exchange
material storage would be preferable, because its storage density is higher (more energy in the same volume)
and stores energy at constant temperature; other alternative is to decouple the operation of the heat rejection
and the hours with high outdoor temperature by a phase change material storage [2].

The control strategy used in this installation is the following one: cool directly from the TDC when the
outdoor conditions are favourable (i.e. when the outdoor temperature is below 32ºC). When the outdoor
temperature goes above 32ºC, the cooling capacity of the TDC decreases and cooling is then provided from
the tank. The tank is charged when the outdoor temperature is between 20 and 24ºC and when there is not
cooling demand.
This strategy is appropriate for weather conditions where the high temperatures do not last many hours and
when the outdoor temperature tends to decrease in the evening.
The installation was completed by June 2007, and has been running since then. In 2007 the installation run
manually and in 2008 the control was implemented and it ran automatically. Its performance has been
exhaustively monitored, making a special effort to ensure the accuracy of the measurements. Linear error
propagation analysis was carried out in order to identify the accuracy of all the Performance Figures derived
from the monitored data. For temperature measurement pt100 class 1/10 DIN sensors have been used
(uncertainty 0.075ºC) and Agilent 34970A data acquisition system (DAS) with an uncertainty of 0.06ºC. As
flow meters, water counters are used with an accuracy of 2% with Field Point DAS. The error propagation
analysis resulted in a measurement uncertainty of ±4.6% for the cooling capacity, ±2.8% for the heating
capacity and 3% for the re-cooling capacity.
RESULTS
The installation has been running automatically from June of 2008 and the obtained results are shown in the
following tables (table 2, summer data and table 3, winter data); the number of running hours, the energy data
and the plant efficiency are shown.
In summer, not all the heat generated by the CHP (QChpGN) is used in the TDC and DHW consumption was
included to improve the overall efficiency of the plant. In winter, as the heat demand is always bigger than
the CHP thermal capacity, DHW service is not included yet. The summer performance would be improved
with a modulating engine and a TDC with bigger thermal capacity.
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Table 1 – CHCP plant performance during the summer of 2008.

Overall
efficiency
(1+5+6)/(2+7)

QChpGN (2)

Total

EprodCHP (1)

Units
Uncert
ainty
JUN
JUL
AUG
SEP

Operation time

The overall efficiency of the plant is good (above 0.82in winter and above 50% in summer).
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Table 2 – CHCP plant performance during the winter of 2008.
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The temperatures of the TDC unit in a summer day are shown in Figure 2.
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Table 3 – TDC Performance during the summer of 2008.
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In summer, looking at long stationary running periods and calculating the mean values within an hour, the
behaviour of the TDC has been studied. Those TDC performance data are shown in table 1. The decision to
set the maximum outdoor temperature at 32ºC for the operation of direct cooling with the TDC was taken
based on those data.

Figure 2 – TDC Performance in the 29th of August of 2008.

SUMMARY AND CONCLUSIONS
The installation and its components have proven to be robust. The Performance of the CHP and TDC units is
in accordance with the performance data provided by the manufacturers. During the summer of 2008, the
installation ran with a specific control strategy that promoted an early start of the cooling production. This
strategy avoided the running of the TDC in the most unfavourable hours, and improved the overall electricity
consumption ratio of the whole installation. The higher chiller capacity and efficiency achieved by this means
helped also in the coupling of the CHP and the TDC. In this coupling process, it turned out also crucial the
achievement of higher output temperatures in the recovery circuit of the CHP.
Due to typically small temperature differences (especially in the cooling circuits), it is highly recommended
to make always detailed error propagation analysis to assess the quality of the monitored data in small-scale
CHCP installations.
As the overall electricity consumption is around 1.7 kW, it is not efficient to run the installation when the
operating conditions lead to a cooling capacity of the TDC less than 5 kW. This has been put in practice by
managing the cooling energy storage tank and adjusting the CHP to achieve higher temperatures in the
recovery circuit.
The seasonal electrical cooling efficiency obtained has a value of 3.8 (cooling energy produced/total
electricity consumed). A modulating CHP would be more favourable being able to produce the required heat
in the TDC. However in order to increase primary energy savings the electrical efficiency of the CHP and the
COP of the TDC should be also improved.
NOMENCLATURE
ICE
CHP
CHCP
DHW

Internal Combustion Engine
Combined Heat and Power, cogeneration plant
Combined Heat, Cooling and Power, tri-generation plant
Domestic Hot Water

TDC
BOP
EER
DAS
EprodCHP
QChpGN
Qchp
QTdcDc
QTdcCc
QTdcRc
QDHW
ECons
ECOP
TTdcCcRl
TTdcCcFl
TTdcRcRl
TTdcRcFl
TTdcDcFl
TTdcDcRl
FTdcDc
FTdcRc
FTdcCc
FChpGN
TOA
TIA
PECHCP
PEref
PEref

Thermally Driven Chiller
Balance of Plant, the overall auxiliary equipment (pumps, valves, heat exchangers,...)
Energy Efficiency Ratio
Data acquisition system
electricity produced in the CHP
natural gas consumed
heat recovered in the CHP
heat used in the driving circuit of the TDC
cooling produced in the cooling circuit of the TDC
Heat rejected in re-cooling circuit of the TDC
heat used for Domestic Hot Water
electricity consumed by the BOP (Balance of Plant) and the TDC, and
ratio between cooling produced and electricity consumed in the CHCP installation (=QTdcCc/
ECons)
Temperature of the TDC in cooling circuit (Cc), outlet temperature return line (Rl). It is
outlet water temperature from the TDC evaporator
Temperature of the TDC in cooling circuit (Cc), inlet temperature feed line (Fl). It is inlet
water temperature to the TDC evaporator
Temperature of the TDC in re-cooling circuit (Rc), inlet temperature, return line (Rl)
Temperature of the TDC in re-cooling circuit (Rc), outlet temperature, feed line (Fl)
Temperature of the TDC in driving circuit (Dc), inlet temperature, feed line (Fl)
Temperature of the TDC in driving circuit (Dc), outlet temperature, return line (Rl)
Flow rate of the TDC in driving circuit (Dc)
Flow rate of the TDC in re-cooling circuit (Rc)
Flow rate of the TDC in cooling circuit (Cc)
Flow rate of consumed gas natural in CHP
Outdoor Temperature. External air temperature
Indoor Temperature. Corridor air temperature
Primary energy used in the CHCP plant
Primary energy used in reference plant (Bolier 90%, Compression chiller EER = 3)
Primary energy percentage saving in the CHCP
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ABSTRACT
This paper presents research activities on the evaporator development at Fraunhofer ISE on two different
levels. On the one hand basic research orientated to determine the boiling curves for different surface
structures under pure water vapour atmosphere conditions – and on the other hand application orientated
to characterise different heat exchanger structures at the same pure water vapour atmosphere conditions,
but taking additionally the influence of heat exchanger design and fluid flow into account. The paper
reports on both test rigs and the dimensions of measured samples. Results are presented as the boiling
curves of a metallic short fibre structure and the heat fluxes as well as the kA product of market available
micro and macro structured tube bundle heat exchangers at a pressure range from 1 to 2 kPa. The
measurements of the tube bundle heat exchangers are carried out at three different filling levels.
Keywords: Evaporation, water as refrigerant, low pressure, vacuum
INTRODUCTION
In the last years intensive research work to develop efficient adsorption storage and heat pump systems
was carried out at Fraunhofer ISE. The focus of investigations was and still is the improvement of heat
and mass transfer within the adsorber of an adsorption cooling machine. Current work in this field shows
the potential of cycle times lower than 100 seconds with loading gradients of 10 to 20 % (Bonaccorsi et al,
2006, Dawoud et al, 2007, Scheffler et al, 2004, van Heyden et al, 2008 and Schnabel et al, 2008). As the
adsorber works with higher adsorption rates, the evaporator has to be enlarged or made more efficient.
Enlargement seems not really targeting, since it would compensate the improvement in power density.
Therefore optimisation of the adsorber results in a need to optimise the evaporator.
For most of the materials used in adsorptive cooling machines with solar or waste energy as driving force,
water is used as refrigerant. Therefore water has to be evaporated in a temperature range from 3 to 20 °C,
which corresponds to a pressure of 0.76 respectively 2.34 kPa. Existing evaporators mainly use pool
boiling or falling film concepts (Schultz, 2005, Patent, 2003/2006). Falling films result in effectively
evaporating thin water layers, but they do need an additional circulation pump. Especially adsorption
systems do not need internal pumps at all and therefore falling film concepts are not really interesting.
The important pool boiling regimes for water as refrigerant are the region of convective and nucleate
boiling, whereas convective boiling is the typical boiling regime for existing evaporators in pure water
atmosphere. The boiling regime is partly given by the geometry of the heat exchanger, but also limited by
the temperature difference between heat exchanger fluid and evaporation temperature. This “driving”
temperature difference is directly connecting the evaporation and therefore the adsorption pressure and
the cold water temperature. Evaporation at 1 kPa leads, with 5 Kelvin temperature difference, to a cold
water temperature of 12 °C. Lowering the temperature difference would directly result in lower cold
water temperatures or higher adsorption pressure; both would improve the system performance. Therefore
improvement of water boiling at low pressures is intended for maximum temperature difference of 5 K.
Even though there is extensive literature on evaporation of water, data on the evaporation at low pressure
conditions are still scarce. For this reason two test rigs have been developed and set into operation at
Fraunhofer ISE. One, to determine the pool boiling curves for different surface structures (research
orientated) and the other, to characterize different heat exchanger structures (application orientated) under
pure water vapour atmosphere conditions. Both characteristics and measurements will be presented.

DESIGN AND MEASURED SAMPLES OF THE EVAPORATOR TEST FACILITY
Figure 1 shows a scheme of the evaporator test facility as well as a picture (cut-out) of the evaporation
chamber, where the different heat exchanger structures are installed. Depending on the operation mode
the heat exchangers (e.g. lamella or tube bundle, cf. Figure 4) can either be sprayed directly with water or
fixed in a water pool with varying filling levels. While the blue lines indicate the refrigerant circuit
(vapour; condensate) the black line shows the cold water circuit.

Figure 1: Scheme of the evaporator test facility and a
picture of the vacuum chamber (cut-out). The
connections on the top of the chamber are used for the
water vapour outlet, pressure measurement and
connection for temperature sensors

During the measurements the entering
cold water and refrigerant temperatures
are set to the same pre-defined
temperature levels. At low driving
temperature differences (up to 20 K), the
refrigerant evaporates on its surface and
the heat of evaporation is removed
through the walls of the heat exchanger
from the cold water circuit. To keep the
pressure inside the chamber constant, the
water vapour is condensed by the use of
an oversized condenser. The data
collection takes place under stationary
operation conditions and the setup allows
the experimental characterisation of
evaporation rates up to 2 kW whereas the
geometrical dimensions of the heat
exchangers are limited to a size of 500 x
200 x 100 mm (length x width x height).

The heat of evaporation is calculated with the energy balance on the cold water side:

Q& Evap = − Q& CW = m& CW ⋅ c p ,Water ⋅ (TCW ,In − TCW ,Out )

in W

[1]

The temperature gradient between cold water and refrigerant can be described with the log mean
temperature difference (LMTD):

T
−T
Q& Evap = kA ⋅ CW , In CW ,Out
T
− TSAT
ln CW , In
TCW ,Out − TSAT

in W

[2]

Figure 2: 500-times enlarged micro
structured surface A 418 (La Mont, 2008)

Figure 3: Plain micro structured surface tube (left Figure 4: Tube bundle heat exchanger
hand) and combination of micro- and macro- measured inside the evaporator test facility
structured surfaces (right hand)

At the evaporator test facility one focus is led on the characterisation of market-available heat exchanger
structures and the evaluation of their optimisation potential. One known possibility is the use of capillaryassisted evaporation effects, which can be realized by different kinds of micro-structured surfaces
(Schnabel et al, 2007, Xia et al, 2008). Figure 3 shows one micro-structured copper tube (left hand),
where the micro-structure was realized by a galvanic procedure (La Mont, 2008). As efficient surface
evaporation can be limited by the heat transfer resistance on the liquid side, the same kind of microstructure was investigated with a turbulence inducing macro-structure (right hand), labelled as industrial
power tubes or “IP-tube” respectively in the following. Deforming the tubes - macro structuring - the
outer surface area increases of approx. 8.8 % (cf. Table 1). Both the plain and the macro structured tubes
are treated with three different kinds of micro structures (cf. Figure 2) as well as without any surface
treatment serving as reference tube (cf. Table 1).
Table 1 Dimensions of the test tubes
Labelling
Ref_Plain
A 418
A 419
A 421
Ref_IP
IP A 418
IP A 419
IP A 421

Surface structure
Plain
Micro
Micro
Micro
Macro
Micro + macro
Micro + macro
Micro + macro

Outer diameter
(mm)
18
18
18
18
18
18
18
18

Wall thickness
(mm)
1
1
1
1
1
1
1
1

Surface porosity
(%)
non treated
13
31
3.4
non treated
13
31
3.4

Column diameter
(µm)
non treated
11.5 - 11.9
8.3 - 8.6
9.4 - 9.8
non treated
11.5 - 11.9
8.3 - 8.6
9.4 - 9.8

Active tube length Lateral surface
(mm) - (4 tubes) (cm²) - (4 tubes)
1600
904.8
1600
904.8
1600
904.8
1600
904.8
1600
984.4
1600
984.4
1600
984.4
1600
984.4

DESIGN AND MEASURED SAMPLES OF THE POOL BOILING TEST FACILITY
Analogue to the evaporator test facility in Figure 1 the pool boiling test facility is presented in Figure 5.
Here, different kinds of samples (e.g.
smoothed or sand blasted surfaces) are
mounted horizontally on a heater inside
the vacuum chamber (cf. top left hand of
the entire assembly). The water is
supplied above the sample through an
exterior Plexiglas tube where it is refilled through a by-pass channel that
allows to set different filling levels using
the “U-tube-effect”. Thus, filling levels
from 10 to 40 mm can be adjusted. The
dark blue lines indicate the liquid part of
the refrigerant (water supply to the
sample as well as the rejection of
excessive water), the red line shows the
path of the steam from the evaporator to
the condenser and the light blue line the
Figure 5: Scheme of the test facility to determine the pool heat rejection circuit dissipating the
boiling curves and cut-out of the entire assembly. The released heat of evaporation while
condensing in the condenser.
evaporation takes place inside the vacuum chamber
To create a boiling curve we measured the heat flux as a function of the wall superheat. To realize
temperature differences up to 30 Kelvin 11 pre-defined electrical power steps were chosen and set after
each other in a range of 0 to 50 W. The wall superheat is evaluated after reaching stationary conditions. In
doing so it is assumed that the electrically generated heat flows only into the sample:
⋅

q Evap ≈

EElectInp
AH

in W/cm²

This can be justified since the heater is surrounded by vacuum. To compute the wall superheat

[3]

ΔTWSH = TW − TSAT

in K

[4]

the saturation temperature TSAT is determined through the measured system pressure (cf. labelling in
Figure 5) using the corresponding data of (Wagner and Kretzschmar, 2008). The wall temperature TW is
calculated through the adjusted heat flux, the measured values of the temperature sensors below the heater
surface and taking all resistances up to the sample surface into account as it has been determined within a
separate series of measurements. The test facility allows heat fluxes up to approx. 10 W/cm²
corresponding to a maximum sample diameter of 40 mm.
First measurement results at the pool boiling test facility have already been presented (Schnabel et al,
2008). For a second measurement campaign a metallic short fibre structure was investigated. A picture
and the dimensions both of the base carrier and the metallic short fibre structure are presented in Figure 6.
As material electrolytic copper, i.e.
99 %, shaped via melt extraction
process at Fraunhofer IFAM Dresden
was used while the metallic fibre
structure has been sinter-fused to the
Ø38 mm
main carrier of the sample. To
Porosity: 83 %
Diameter of the fiber: 187 µm
provide identical starting conditions
Specific surface: 0,0027 m²/g
Figure 6: Metallic short fibre structure with a porosity of the samples were cleaned always
before measuring.
83 % (left hand) and its dimensions (right hand)
7,1 mm

8,7 mm

Ø32 mm

RESULTS AND DISCUSSION
Carrying out the measurements at the evaporator test facility the described tube bundles were analysed
at 8 measuring points covering a range of driving temperature differences (log mean temperature
differences) between 3 and 10 K. These measurement points are determined for different combinations of
condenser and cold water inlet temperatures. The condenser temperature is set to 7 and 9 °C, leading to an
ambient pressure around the tube bundles of 1.2 and 1.5 kPa. For each of these points the entering
temperatures of the cold water circuit and the refrigerant are set to 15, 17, 20 and 22 °C. The volume flow
has been set to a constant value of 175 l/h corresponding to an average Reynolds Number of approx. 4000.
Influence of the filling level
As already mentioned a capillary effect is assumed to initiate a kind of thin film evaporation on the
surface of the micro-structured tubes. To evaluate this, three different filling levels were investigated for
the tube A 421. Thus, a low, a medium and a high filling level were adjusted corresponding to cover
approx. one-fourth, half and three-fourths of the entire tube diameter (cf. cut-out in Figure 7) respectively
with water. In Figure 7 both the results of the heat flux per lateral surface area and pool area (approx. 500
cm²) are plotted as a function of the log mean temperature difference (LMTD).
As the essential result the highest heat fluxes (cf. triangles in Figure 7) and accordingly the highest kA
product were measured for the lowest filling level. Comparing the kA product between the highest and
the lowest filling level an increase of approx. factor 2 – from approx. 40, over 65 (medium) to 80 W/K is observed (cf. Table 1 for the corresponding lateral surface area of the plain tube). Since the internal
heat transfer conditions are the same, the measured effect is only caused by the difference in thin film
wetted tube regions. This is described via Figure 8 were the increase of evaporation capacity is plotted
versus the possible thin film area (showing the mean values of the corresponding measuring points).
Thereby the highest filling level served as reference value. Lowering the filling level or increasing the
possible thin film area respectively from approx. 27 % to 50 % the evaporation capacity increases with a
value of approx. 30 %. In case of a possible thin film area of approx. 73 % an increase for the evaporation
capacity of approx. 55 % is reached. Since the liquid water is sucked out of the pool up to the surface of
the tubes and since this process stops if the tubes have no more contact to the pool area finally, a peak
value for the increase of evaporation capacity is expected. For this reason the test rig is to adapt in order
to analyse even smaller filling levels and their impact on the heat transfer in further studies.

CondIn 9°C; low

1,6

CondIn 7°C; medium

0,8

CondIn 9°C; medium

0,7

CondIn 7°C; high

1,4
1,2

CondIn 9°C; high

0,6

1,0

0,5
0,8

0,4

0,6

0,3
0,2

0,4

0,1

0,2

0,0

0,0
2

3

80

1,8

4

5

6

7

8

9

10

Increase of evaporation capacity / %

CondIn 7°C; low

0,9

heat flux per pool area / W/cm²

heat flux per lateral area / W/cm²

1,0

linear

70
average line

60
50
40
30
20
10
0

11

0

10

20

log mean temperature difference / K

30

40

50

60

70

80

Possible thin film area / %

Figure 7: Heat flux as a function of the LMTD Figure 8: Increase of evaporation capacity
for different filling levels
versus the possible thin film area
Influence of the micro structures
Both the results for analysing the micro and macro structure as well as their combination are summarised
in Figure 9 and Figure 10 while a medium filling level has been set up. Comparing the heat fluxes and the
kA product for the different micro structures and the reference tube an increasing factor of approx. 2.5
can be observed. This is ascribed to the better surface wetting or the actual increase of thin film area
respectively as the result of capillary suction to the top of the tube (cf. influence of the filling level). The
best results are reached for A 418 followed by A 421 and A 419 (cf. Table 1 for detailed surface
information). While it is not possible to derive the influence of each of these parameters the differences
between the structures get more obvious taking the results for the micro structure on top of the macro
structured tubes into account. Thereby the surface treatment analogue to A 421 is to neglect since a lack
in manufacturing quality occurred. Maybe the ratio of micro structure column height and the space to the
next column is the important parameter. Thus, (Xia et al, 2008) could observe a benefit of capillaryassisted evaporation and therefore a better heat transfer for an increasing ratio between groove’s depth to
the width in their studies. For this reason the structure on A 419 might be too porous and on A 421 too
less porous to achieve such a good tube wetting effect as it is the case for A 418.
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the LMTD for treated and untreated tubes
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Influence of the micro and macro structure
Investigating the influence of the micro and macro structured surfaces, significant improvements are
observed for the combination of both surface treatments. While the difference between the plain and the
macro structured tubes are relatively low, an average increase by approx. factor 5.3 is observed taking the
combination IP-tube and micro structures A 418 and A 419 into account. Comparing IP A 418 to the
plain reference tube the factor in-between is actually greater than 8. This enhancement is mainly ascribed
to a better heat transfer coefficient inside the tube as the result of induced vortexes (turbulent flow).
Indeed also the increase of outer surface area of approx. 8.8 % and therefore the amount of micro
structure area - as it is the case for the IP-tubes - has a positive impact to the heat transfer. But, this effect
is assumed to be secondary as it also turns out while comparing Cu REF and IP REF. Nevertheless higher
pressure drops inside the cold water stream have to be taken into account for the IP-tubes. Thus, the
question is whether the increase of heat transfer per tube length can over-compensate this increasing
pressure drop. To quantify this, the test facility will be adapted for the following investigations.

Boiling curve for the metallic short fibre structure
In Figure 11 the boiling curve – measured at the pool boiling test facility - for the metallic short fibre
structure with a porosity of 83 % is plotted at pressures of 1 and 2 kPa for a filling level of 10 mm. As can
be seen in this plot the regime of nucleate boiling is already reached at wall superheats of approx. 4 K for
the pressure of 2 kPa and of approx. 7 K for the pressure of 1 kPa at heat fluxes of 0.9 W/cm². Thereby
the regime of convective and nucleate boiling are separated from each other through the different slopes
of the corresponding best-fit line. The correspondence of decreasing wall superheats for increasing
pressures are well known from Literature (cf. McGillis, 1991) and have already been observed in earlier
studies (Schnabel, 2008). Taking the corresponding heat transfer coefficients for wall superheats from 3
to 7 K into account, values from 400 to 800 for 1 kPa and 1000 to 6000 W/m²K for 2 kPa can be observed.

Figure 11: Boiling curve of the metallic short fibre structure

Comparing these values to older
studies (Schnabel, 2008) good results
are observed while a decrease of
manufacturing costs – in comparison
to finned surface structures – are
expected. For this reason selective
measurements at different short fibre
structures will be carried out in future
activities at Fraunhofer ISE in order to
analyse the influence of each
parameter more detailed. Thus, the
setting parameters porosity, fibre
diameter, fibre height as well as the
sample diameter and the filling level
will
be
varied
systematically.
Furthermore thin film evaporation on
these samples will be investigated.

CONCLUSION AND OUTLOOK
Analysing different kinds of tube bundle heat exchangers it has been turned out that the best results were
achieved for one of the combinations of micro and macro structured surfaces at a medium filling level.
Thus, heat fluxes of nearly 1 W/cm² - for a projected lateral surface area of 904.8 cm² - and a
corresponding kA product of approx. 170 W/K for log mean temperature differences (LMTD) of approx.
5 K could be observed at a medium filling level. These values are of approx. factor 8.5 times higher in
comparison to the plain reference tube and are mainly ascribed to the better heat transfer due to turbulent
flow inside the tubes and partly to the increased specific surface area (by 8.8 %). Additionally, lowering
the filling level turned out as important influencing factor for a better heat transfer. Thus, an improvement
of approx. factor 2 has been observed turning from the highest to the lowest level.
Investigating the metallic short fibre structure with a porosity of 83 % at a filling level of 10 mm and
saturation pressures of 1 and 2 kPa gave promising results. Here, nucleate boiling could already be
reached for both pressures at 7 K with heat fluxes of 0.6 W/cm². This leads to heat transfer coefficients of
approx. 800 W/ m² K at 1 kPa and of approx. 6000 W/ m² K at 2 kPa.
Investigating new heat exchanger concepts, both – thin film evaporation and nucleate boiling – seem to be
feasible. E.g. assuming that the results of the fibre structure can be transferred to a heat exchanger
concept and comparing the results of both test facilities at 5 Kelvin temperature difference heat fluxes of
approx. 0.8 W/cm² (for a pool area of 500 cm²) have been observed at the lowest filling level and
pressures between 1.2 and 1.5 kPa. The corresponding heat fluxes for the fibre structure is at approx. 0.5
W/cm² for a sample diameter of 8 cm² and a pressure of 1.5 kPa.
As the result of both these studies future activities will focus on investigating the influence of varying the
setting parameters of the short metallic fibres like porosity, fibre diameter, fibre height as well as the
sample diameter and the filling level up to thin film evaporation. At the evaporation test facility further
surface treated tubes will be analysed taking the influence of pressure drop inside the tubes into account.

Additionally the influence of thin film evaporating will be studied more detailed, especially by
investigating hydrophilic surface structure treatment.
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SOLAR COOLING IN SOLARTHERMIE 2000PLUS

In the national funding scheme Solarthermie 2000plus, the German Ministry for the Environment, Nature
and Nuclear Safety supports large solar thermal installations in different application fields, of which one
is solar cooling and air-conditioning of buildings. The funding program is executed by the project
management organisation PtJ Jülich. The Fraunhofer ISE runs an accompanying research within the
scope of solar cooling and air-conditioning in buildings with following emphases:
• Evaluation of proposed concepts; supporting the project management organization in the selection of
eligible systems; pre-planning support
• Requirements on system monitoring in coordination with the Solarthermie 2000plus monitoring
partners (e.g. ZfS Hilden, University of Applied Sciences Offenburg, Technical University of
Chemnitz and Ilmenau); Analysis of the measured data and evaluation of the plant operation
• National and international dissemination activities.
All in all, 17 proposed concepts were avaluated; presently three of these concept layouts are realized.
Following the main reasons of the project management to defeat the propositions are listed:
- Low budget at the time of realization of the system
- Concept reasons (e.g. available district heat not applied, solar coverage too small)
- Formal reasons (e.g. the applicant has not the correct status; not enough net value added by national
companies)
Four propositions have been withdrawn by the applicants themselves after acceptance or requesting a
formal application. There were financial or other reasons for the withdraw of the applicants.
The first three realised plants, included into the accompanying research, will be presented in the
following. Furthermore there are some other pilot and research projects for solar cooling and air
conditioning within the funding scheme which are not analysed by this accompanying research:
-
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Solar air conditioning of the vocational school Rodewisch [Franzke et al., 2006]
Solar heating and cooling with latent-heat storage system [Keil et al., 2007]
Solar autonomous office building cooling in summer at the iba AG, Fürth (TU Berlin, TU
Ilmenau).

LARGE SCALE SOLAR ASSISTED AIR CONDITIONING

In 2001, the new technology center of the FESTO AG & Co. KG at Esslingen-Berkheim was completed.
The technology centre is divided into three office buildings with an air-conditioned area of 26,000 m².
The air-conditioning is realized with chilled water, supplying the ventilation system and the slab cooling
system. For this reason, three adsorption chillers of the type Mycom ADR 100 were installed. The chillers
are operated with hot water provided by gas boilers and waste heat from the own factory. The nominal
capacity of the each chiller is 350 kW; in total thus 1,050 kW.
Since the end of 2007, a vacuum tube collector array is installed with an aperture area of 1,218 m². It is
the third heat source for the chillers. The collectors are of the type CPC Star Azurro by the manufacturer
Paradigma. The collector fluid is water. A special control aims for returning heat from the thermal storage
to the collector, when a risk of freezing occurs. A monitoring system was installed by the University of
Applied Sciences Offenburg in order to allow a detailed system analysis and a complete energy balance
of the plant. First results of the collector activity are also presented in [Bollin et al., 2009]. Figure 1

shows a sketch of the system. During winter, low temperature solar heat can be used directly to activate
thermal masses in a new building. For the remaining heating system and to operate the adsorption
chillers, heat at a temperature of about 70°C is applied, this temperature level is determined by the
available waste heat.
Adsorption chiller
3 x 350 kW

Ground piles
(< 150 kW)

Heating
Slab heating

Collector
vacuum tube
1218 m²

Heating

Chilled water
distribution
(Supply air cooling,
Slab cooling)

Buffer
17 m³
Waste heat
0.6 MW

Gas boiler
5.6 MW
Heat rejection
(wet, closed)
Free cooling

Figure 1: System sketch of the solar assisted air-conditioning plant at FESTO AG & Co. KG.
1.0
0.9

cumulated frequency

0.8
0.7
0.6
0.5
AdCH 3
AdCH 2
AdCH 1

0.4
0.3
0.2
0.1

80

76

72

68

64

60

56

52

48

44

40

36

32

28

24

20

16

12

8

4

0

0.0

operation period [h]

Figure 2: Cumulated frequency of the chiller operation periods during the monitoring period June to
December 2008 (from 5 minute monitoring intervals). Total running time: 2000 h (1), 2700 h (2), 1800 h (3)

During the chiller operation from spring to autumn, often a continuous demand for air-conditioning
occurs also during the night hours. Continuous operation periods of the chillers with more than three days
thus can be detected (Figure 2). However, the analysis of the chillers running periods reveals high
frequencies also for short operation periods below two hours, especially for the chiller 3. Chiller 1 is
operated for several times at short intervals of < 20 minutes, but these intervals do not contribute much to
the overall running periond, although they are not favourable for the system efficiency.
Figure 3 presents as an example the frequency density distribution of the chiller driving temperatures
during the summer operation of 2008. Most of the operating conditions were found at driving temperatures between 66°C and 70°C (with a high frequency at 69°C, 27.5°C heat rejection input temperature and
a chilled water output temperature of 9°C). Such low driving temperatures can only be used effectively
with adsorption cooling technology.
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Figure 3: Frequency distribution of the driving temperature of the chillers during summer operation.
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Figure 4: Monthly COP values the all adsorption chillers plotted versus the monthly produced cold
(monitoring period June to December 2008)

The monthly values of the thermal Coefficient Of Performance COP (= ‘useful cold’ / heat input) are
plotted in figure 4 as a function of the monthly extracted heat from the chilled water circuit (‘useful
cold’). The performance values of the adsorbers 1 and 3 correspond to the expected values under the
prevailing operating conditions. The performance of adsorber 2 is systematically lower; the reason for this
behaviour is unknown at the moment.
Table 1 contains a monthly overview of the system performance. The net collector efficiency denotes the
amount of energy extracted for use from the storage, already diminished by the small amount of heat
transferred from the boiler to the collector system for freezing protection. It also contains the solar
fraction on the total heat demand and the summarised fraction of both, solar heat and waste heat on the
total heat demand. The COP is calculated from monthly produced cold and heat input amounts of all three
chillers.
Likewise as the thermal COP, a performance number for the electricity consumption may be defined as
COPel = ‘useful cold’ / electricity input. Following components are monitored to calculate the electricity
consumption (the fraction on the total electricity consumption during chiller operation June –November
2008 is quoted in percent):
- Solar pumps
(0.5%)
- Circuit pumps for driving heat, heat rejection and primary chilled water loops, other parasitic
consumptions
(36.2%)

- Heat rejection sytem plant 1 and 2
(43.1%)
- Heat rejection system 3
(20.2%)
The heat rejection dominates in the electricity consumption with about 63%. Due to this high amount, the
monthly values of COPel are ranging from 3.2 to 3.5. This is comparatively low and motivates towards a
more detailed analysis of the heat rejection system in the subsequent monitoring period. The electricity
demand of the solar system is minor compared to the total consumption: on an average, approx. 1 kWhel
electricity is required for the provision of 100 kWh usable solar heat in the monitoring period.
During the semi-annual monitoring period from June to December 2008, the use of solar heat results in an
avoidance of 65 t CO2 emissions on the supposition that the heat would else be produced by gas boilers
(system operation as before the installation of the solar collector field). The usage of waste heat results in
another avoidance of about 255 t CO2 emissions.
Further experience with solar assisted adsorption cooling technology in different scopes can be found in
[Nuñez et al., 2008], [Wiemken et al., 2005], [Gassel, 2002].

monthly review

Solar and waste
Solar fraction
heat fraction of
Net collector of total heat
COP of chiller
total heat input
efficiency
input
1-3
[%]
[%]
[%]
[-]

2008
June
July
August
September
October
November
December
2009
January
February
March

41.4
40.4
27.9
19.3
23.6
11.6
6.6

9.5
9.1
6.2
3.5
3.0
0.5
0.0

20.4
29.5
34.1
34.6
29.2
24.5
33.1

0.48
0.52
0.53
0.52
0.49
0.44
0.46

9.6
11.2
19.8

0.6
1.2
3.9

30.1
57.7
72.6

-

Table 1: Monthly performance of the solar collector and of the adsorption chillers. Data of March 2009 are
not complete by the preparation of the table (1. to 11. March)
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SOLAR ASSISTED AIR CONDITIONING AND PROCESS COOLING

The heritage-protected Rheineck building in Berlin hosts several medical offices including the Radiological Practice Dr. Reichel & Dr. Gehrmann with an area of 180 m². In this radiological practice high
thermal loads occur resulting from the medical equipment. Especially the magnetic resonance tomograph
requires a base load cooling of about 8 kW capacity all-the-year (day and night). At day time the cooling
demand rises further due to additional equipment used in the practice. To serve the cooling demand of all
users in the building, a central chilled water network is installed, which is powered by an electrically
driven vapour compression chiller.
In order to decrease the chilled water consumption from the central chilled water network during day
time, a solar heat driven absorption chiller (10 kW nominal capacity) has been installed in the middle of
2008. The chiller is a Suninverse model of the manufacturer Sonnenklima, Berlin. 40 m² of vacuum tube
collectors with CPC-mirrors (Phönix Sonnenwärme, Berlin) are installed to provide the driving heat for
the chiller. Due to the cooling demand profile of the practice, the solar cooling system may contribute to
the coverage of this load for a small fraction only, but in this application the main focus is on
- demonstration of solar cooling as ‚fuel-saver’ in combination with the electrically driven compression chiller;
- demonstration of dry heat rejection combined with a LiBr absorption chiller; the development of
an adequate control as well the use of the dry cooler for free cooling in winter time;
- Planned operation of a solar collector with pure water as fluid (first application of this manufacturer).

Figure 5 shows the system scheme; the installed solar collector field is shown in Figure 6. After a test run
the collector field will start a regular operating in springtime 2009. The monitoring system is installed and
operated by TU Chemnitz.
Absorption chiller
10 kW
Chilled water
network of building

freezing protection

water
waterglycol

Collector
vacuum tube
40 m²

Buffer
< 1 m³
Heat rejection
(hybrid)
Free cooling

water

Radiological practice:
Process cooling,
air-conditioning

Figure 5: Sketch of the solar driven absorption chiller system in the radiological practice in Berlin

Figure 6: Radiological practice in Berlin: The solar collector at the building roof. The absorption chiller is
housed in the container in the background. Source: Sonnenklima
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SOLAR AUTONOMOUS SUMMER AIR-CONDITIONING OF COLLEGE ROOMS

In the low energy building of the Technical Colleges at Butzbach, demand for air-conditioning and
cooling occurs during summer due to high occupation rates and due to extensive computer equipment for
training courses. For the air-conditioning of 335 m² seminar areas, two ventilation systems with heat
recovery and each with a nominal air volume flow rate of 1,250 m³/h are already installed. In the end of
2008, additionally a solar cooling system went into operation with two absorption chillers (Suninverse of
the manufacturer Sonnenklima, Berlin; each one with 10 kW chilling capacity). In addition, 130 m²
chilled ceilings were installed in the seminar rooms. Decisively for supporting this project was the
continuous use of the seminar rooms during the whole summer.
Heat is supplied by means of 60 m² evacuated tube collectors (type CPC Star Azurro from Paradigma). It
is an autonomous solar cooling system in summertime; the installed gas boiler is activated for the heating
system in wintertime only. The air-conditioning system will start to operate in spring 2009. The
monitoring system is installed and operated by ZfS Hilden. Figure 7 offers a view at the low energy
building and at the collector array which is installed at the main college building. Figure 8 presents a
simplified system scheme.

Figure 7: Low energy building of the technical colleges at Butzbach (left hand side) and the vacuum tube
collector array (right hand side) which is installed on the main college building.
Condensing boiler
28 kW

Collector
vacuum tube
60 m²

Absorption chiller
2 x 10 kW
Buffer
< 1 m³

Buffer
2 m³

Supply air
(2 x 1250 m³/h)

Chilled ceilings
(130 m³)
Heating

Heat rejection
(wet, open)

Figure 8: Scheme of the solar autonomous summer air-conditioning system in the low energy building. The
gas boiler is activated in the heating season only. In case chiller water at different temperature levels is
produced by the chillers (low for supply air dehumidification and high for chilled ceilings), the driving
circuits can be connected in series thereby increasing the temperature difference in the collector system

This project is funded by the BMU in the frame of the funding scheme Solarthermie 2000plus (project
management organization PtJ Jülich).
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THERMALLY DRIVEN AMMONIA-SALT TYPE II HEAT PUMP: DEVELOPMENT AND
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ABSTRACT
ECN has developed a thermally driven prototype heat transformer in cooperation with Bronswerk Heat
Transfer Inc. that uses ammonia adsorption/desorption on the salts LiCl and MgCl2 for respectively low and
high temperature reactor. Measurements on this prototype have been conducted to determine its peak power
production, its achievable temperature lift and cyclic stability. The measurements show a peak power
production of about 600 W with an average output of 300 W. Data-analysis suggests that the power output is
limited by heat transfer rather than kinetics. The temperature lift that has been shown on the setup is 50 ºC,
from 130 ºC to 180ºC. Cyclic stability test show consistent, reproducible output during more than 100 cycles.
INTRODUCTION
Upgrading industrial waste heat over the pinch temperature has great potential for reducing industrial energy
use. For small temperature lifts, this can be achieved using (re)compression heat pump systems. For high
temperature lifts (over 50 ºC), the options are more limited. At ECN, a heat pump has been developed to
increase waste heat in the temperature range of 90 to 160 ºC with more than 50 ºC up to temperatures of
220ºC. This type II thermally driven heat pump is based on absorption and desorption of ammonia onto LiCl,
the low-temperature salt and MgCl2, the high temperature salt. This heat-powered cycle is based on the
following reactions for charging and discharging of the system:
Charge:
Discharge:

LiCl.1NH 3 + 2 NH3
.
MgCl2 6NH 3 + heat (Twasteheat)
.
LiCl 3NH 3 + heat (Twasteheat)
MgCl2.2NH 3 + 4 NH3

→ LiCl.3NH3 + heat (Tambient)
.
→ MgCl2 2NH3 + 4 NH3
.
→ LiCl 1NH3 + 2 NH3
→ MgCl2.6NH3 + heat (Tabovepinch)

The useful, high-temperature heat is released during the discharge phase via adsorption of ammonia by the
magnesium chloride. After thorough characterization and validation of the salts’ properties and behavior
(Bevers et al., 2006; Bevers et al., 2007), a prototype heat pump has been designed, built and tested. The
results are presented in this paper.
METHOD AND MATERIALS
Prototype design & construction
Earlier proto-types based on ammonia sorption on LiCl/MgCl2 showed poor or limited performance (Haije et
al., 2007) due to degradation of the salts, salts escaping from its matrix, and poor heat and mass transfer to
and from the salts. To avoid these problems, a method was developed to deposit the salts into metal foam,
which increases the heat transfer while limiting the degradation and mobility of the salts, and thus maintaining
proper mass transfer. The final design of the reactors is based on a shell and tube type heat exchanger in which
each fin supports a sheet of metal foam containing the salt. Figure 1 shows the final design of the reactor with
on the left the shell and tube heat exchanger containing 2x80 fins coated with a metal foam, in the middle a
picture of the set-up as realized, and on the right the fin layout is shown. The two reactors have been
constructed and tested by Bronswerk Heat Transfer Inc. After the pressure test at 40 bars, the reactor has been
filled with respectively 1.21 of LiCl and 2.49 kg of MgCl2, followed by adding ammonia to each reactor
forming respectively LiCl.1NH3 and MgCl2.6NH3.

LiCl

MgCl2

Figure 1. Left: 2-reactor design, middle: picture of experimental setup, right: fin layout
Test environment & infrastructure
To test the performance of the ammonia-salt heat pump system, the reactors are connected to a heating &
cooling infrastructure. This infrastructure allows heating/cooling at three different temperatures ranging from
20ºC to 200ºC using thermal oil. The maximum, isothermal heating power is about 5 kW while the cooling
power is strongly dependent on the temperature level with a maximum cooling power of 2 kW. The
infrastructure can automatically switch the reactor between low temperature and medium temperature supply to
the LiCl-reactor, and between the medium and high temperature for the MgCl2-reactor.
The power input and output of the reactors is calculated from measured mass flow of the thermal oil and the
temperature difference between the oil going in/out of the reactor. The mass flow measurements are conducted
with a Coriolis flow meter for the MgCl2-reactor and two turbine flow meters for the LiCl-reactor. For the
temperature measurements of the oil, 4 PT100 temperature sensors are used. The MgCl2-reactor contains one
temperature sensor that measures the salt temperature. Furthermore, the pressure difference between the two
reactors and the absolute pressure in each reactor is measured.
Measurement program
The measurement program focused on determining the power output under various conditions and the cyclic
stability of the system . Therefore, the MgCl2-reactor was kept at constant temperatures during the
measurement. To determine the temperature lift that could be obtained in a complete cycle, the power
input/output of the MgCl2-reactor was measured both at middle temperature (130ºC) and at high temperature
(180ºC and 200ºC) whilst the LiCl-reactor was cycled between 20 ºC and 80 ºC for MgCl2–reactor at 130 ºC
and between 20 ºC and 130 ºC whilst MgCl2-reactor was at 180 ºC/200 ºC. To determine the cyclic stability,
100+ identical cycles were carried out during which the thermal performance and pressures of the system were
monitored.
RESULTS & DISCUSSION
Pressure and temperatures
Figure 2 shows the pressure-temperature relation for formation and decomposition of LiCl.3NH3 and
MgCl2.6NH3. The pressure follows the expected, on literature (Bevers et al., 2006)(Collins and Cameron,
1928)(Bonnefoi, 1901) based line. The shown LT-line (low temperature) is the average, measured temperature
of the thermal oil in/out of the LiCl-reactor. To obtain a better estimate for the actual salt temperature, these
values have been corrected using the heat input/output and the estimated effective thermal conductivity of the
heat exchanger, resulting in the LT (T salt calc) values. The corrected values show a better correlation with the
literature values. At low temperatures, the PT-line of LiCl.3NH3 deviates from literature values. This is due to
desorption of ammonia from MgCl2.6NH3 dominating the pressure. Figures 3 and 4 show respectively the
pressure and the temperatures during the measurement with the MgCl2-reactor at a constant value of 130 ºC
while the LiCl-reactor is varied in temperature between 20 ºC and 80 ºC.
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Figure 2 Pressure-temperature correlations for the decomposition/formation of LiCl.3NH3 between 20 ºC
and 80 ºC with the MgCl2-reactor at 130 ºC.
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Figure 3. Pressure (left) and pressure-difference
(right) as a function of time.
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Figure 4. Temperature of thermal oil in/out of LiCl-reactor (LT) and MgCl2-reactor (HT).

Power input/output
Figure 5 shows the resulting power input/output of the reactors. Because the power input/output of the LT is
dominated by the energy required for heating/cooling of the LT reactor between 20 ºC and 80 ºC, it is of limited
value for determining the generated sorption power. The HT reactor remains isothermal during the
measurement, so its thermal mass has no direct effect on the measured heat input/output and therefore it is more
suitable to determine the amount of generated/consumed heat caused by respectively adsorption and desorption
of ammonia. After correcting the heat input/output for the (continuous) heat loss of the reactor to the
environment, which has been determined in a separate measurement with no sorption reaction, the total amounts
of heat supplied and extracted during the measurement are nearly identical. The net, peak power input/output is
about 600W with an average heat input/output of about 300 W. These values are considerably lower than
expected from model calculations.
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Figure 5. Heat input and output of LiCl-reactor (LT) and MgCl2-reactor (HT), with and without
correcting for heat losses.
Fraction salt used
Using the adsorption enthalpy value measured in HP-DSC measurements (42 kJ/mole NH3) and the amount of
heat generated/consumed, the amount of ammonia adsorbed/desorbed has been calculated. Together with the
amount of MgCl2 in the reactor, (the variation in) the fraction MgCl2.6NH3 during the cycle can be calculated.
This is shown in Figure 6. Note that the starting point of the curve is arbitrary provided the fraction of
MgCl2.6NH3 remains between 0% and 100% at any point. Figure 6 shows that about 40% of the MgCl2.2NH3
adsorbed ammonia to form MgCl2.6NH3 per adsorption cycle. From figure 5 is can be observed that at the
moment of switching between adsorption and desorption, there is still a significant amount of power produced,
indicating that the sorption reaction was not finished at the end of the cycle. Thus by increasing the cycle times,
the fraction of salt used in the reaction can be increased.
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Figure 6.The estimated fraction of MgCl2 in the reactor as MgCl2.6NH3 as a function of time.
Prototype limitations
Based on previous results it is clear that a cycling time of nearly 1 hour is insufficient to finish the sorption
reaction and to use the entire amount of available salt. To determine the rate-limiting factor, two probable
causes were considered: limited heat transfer and limited kinetics. It has been assumed that heat transfer
limitations will show a proportional correlation between produced heat and the temperature gradient over the
reaction bed. To determine the temperature gradient, it is assumed that kinetics is fast and therefore the
measured pressure equals the equilibrium pressure on the salt. Using the entropy and enthalpy data for the
sorption reaction, the salt temperature is calculated. T is the difference between the salt temperature and the
average temperature of the thermal oil. For kinetics limitations, heat transfer is assumed fast and the reaction
rate assumed proportional with pressure gradient, which is calculated as the difference between the measured
pressure and the equilibrium pressure at average thermal oil temperature. Figure 7 shows the relation between
P, T and the power consumption during regeneration of MgCl2(6-2)NH3. From the figure and the linear fit, it
can be observed that the correlation between temperature difference and power seems to yield a near zero power
consumption when there is no temperature difference. For the pressure difference, also a linear correlation can
be observed. However, there is a large offset in pressure difference at zero power consumption indicating that
whilst still driving power (P) remains, no sorption occurs. This might indicate regeneration of MgCl2(6-2)NH3
is limited by heat transfer rather than kinetics. Based on the found correlation between T and power
consumption, the thermal conductivity of the metal foam with salt matrix has been estimated, yielding a value
of 0.5 W/mK, which seems significantly smaller than literature values. Further examination of the data and
additional experiments must yield more information on this topic.
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Temperature lift and COP
Similar measurements were conducted with the MgCl2-reactor at 180 ºC and 200 ºC whilst LiCl was cycling
between 20 ºC and 130 ºC. From the results of these and previous measurements, a cycle with a temperature lift
from 130 ºC to 180 ºC/200 ºC, i.e. a lift of 50 ºC/70 ºC, is possible. Calculating the overall coefficient of
performance of the system, defined as the net heat output at high temperature divided by the net heat input at
middle temperature, yields a value close to zero due to large heat losses caused by the large thermal masses, 35
kJ/K and 65 kJ/K for MgCl2 and LiCl-reactor respectively.
Cyclic stability
Figure 8 shows the temperature difference between the oil flow temperature in/out of the MgCl2-reactor for the
start and the end of the 100+ cycles measurement. The heat input/output is proportional to this temperature
difference and as the figure shows the patterns are similar throughout the entire measurement, it can be
concluded that heat production/consumption is similar throughout the measurement and thus the system has a
stable performance for at least 100+cycles.
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Figure 8. Temperature difference between flow in/out of the MgCl2-reactor at the beginning (blue) and
end (red) of 100+ cycles under same temperature conditions.
CONCLUSIONS
A chemical heat transformer system for upgrading from 130 ºC to 180 ºC has been designed, constructed and
tested. show that a temperature lift of 50 ºC and even 70 ºC is achievable and power input and output has been
measured under all conditions of such a cycle. The system has a stable performance for 100+ cycles.
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ABSTRACT
Simulation models of polygeneration plants are a widely used tool for the performance assesment and the
development of new control strategies for these systems. These models usually assume a quasi-steady
state for the flow rates in the system, neglecting the dynamic behaviour of the the hydraulic system. A
new simulation approach based on the Modelica language modeling this hydraulic dynamic behaviour has
been developed for small and medium scale polygeneration system. The influence of the dynamic
behaviour on the results of the simulations of a real systems is analysed and the obtained performance
figures are presented in this paper. The main finding is that the relation between flow rate and pressure
loss in the pipes has to be take into account for realistic simulation of control strategies of systems with
control valves used for flow rate controls.
INTRODUCTION
Within the frame of the European PolySMART project (PolySMART, 2008) 12 demonstration plants in 7
different European countries have been installed with different technical polygeneration alternatives being
tested. One of these demonstration plants is placed inside an office building of the Institute of Energy
Engineering of TU Berlin. The core system consists of an absorption chiller driven by hot water from the
municipal district heating network and providing 10 kW of chilled water to 2 server rooms, 2 seminar
rooms and 3 offices.
In order to improve the control strategy of the system, dynamic thermohydraulic models of the system
have been developed. A new package (a set of cogeneration components and systems models) has been
designed using the object oriented simulation language Modelica. With this package, different
cogeneration systems can be modeled and simulated.
SYSTEM DESCRIPTION
COOLING TOWER

CC3

HALL HEATING
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VB1

CC1
DH
ABSORPTION CHILLER
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Figure 1: system flow diagram

P2

VB2

VB3

In the plant installed at TU Berlin district heat from a cogeneration power plant is used to power an
absorption cooling cycle. A simplified flow diagram of the system can be seen on figure 1.
The system includes circuits on different temperature levels: a hot water circuit (DH) providing heat
from the central district heating network, a rejection heat (RH) circuit, and three cooling circuits (CC1,
CC2 and CC3) where the chilled water is distributed in the building. A cold water storage tank is
installed as back-up for periods with a cooling demand bigger than the chiller capacity. The three cooling
circuits work at three different temperature levels given by the cooling devices used (fan coils in CC1,
cooling shafts in CC2 and cooling ceiling in CC3).
SYSTEM MODELLING
Extending the work made by D. Klein (2007) to fit the model installed at the TU Berlin, a need for
additional hydraulic modelling of the system was identified. With the existing models, a determination of
the flows in the system for different positions of the control valves was not possible. Therefore a new
package was developed based on the Modelica FLUID library (Casella, 2006). In this paper, the
simulation without pressure loss (conventional approach) is compared with a simulation including
pressure loss models (FLUID approach).
Components modelling
The absorption chiller is modelled in both approaches based on the characteristic equation (Hellmann,
1999). Detailed thermodynamic models for adsorption or absorption chillers based on the Modelica
FLUID library can also be used.
A model of a stratified tank was implemented. The model includes heat convection and conduction
mechanism inside the tank, as well as heat losses to the environment in both approaches.
The cooling tower model is implemented as an air-fluid heat exchanger. For the approach without
pressure loss, an NTU-Model is used for the heat exchanger, while for the FLUID approach a simplified
heat exchanger model is used including heat transfer mechanism between two discretized pipes. Both
models assume a constant value for the heat transfer coefficient.
The main differences between approaches is found on the way pumps and controlled valves are modelled.
In the approach without pressure losses these models only set a mass flow flowing through them. In the
approach with pressure losses characteristic head curves for centrifugal pumps are implemented,
adapted with similarity laws for different rotational speeds. Valve models calculate the pressure loss for a
certain mass flow flowing through them depending on its position.
All pipe models include heat transfer mechanism to the surroundings, assuming constant heat transfer
coefficients. The new approach includes also the calculation of the pressure losses in the pipes based on
the flow characteristic. Quadratic relationships for pressure loss and flow rate are assumed for the
components where no information about internal construction of the pipes was available (absorption
chiller, cooling tower..). Parameters are obtained from manufacturers data.
Thermal inertia for all components and pipes in the system is included when enough information was
available, excepting the NTU-Model of the heat exchanger used on the approach with no pressure losses.
Simulated system
For simulation, the system presented in figure 1 was reduced and simplified as it is shown in figure 2.

The valve VB1 from figure 1 is assumed to be closed and is not included in the model.
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Figure 2: system with controlled variables
The implemented control strategy is included in the simulation model. The 3-way valve maintain a
constant chilled water temperature (T2) of 7°C. The controlled valves VB2 and VB3 ensure a constant
water temperature of 12°C at the fan coil outlet. Also the pumps P1 and P2 are controlled: the speed of
P1 is changed to ensure a constant flow rate to the chiller, and the speed of P2 is changed trying to
maintain a constant return temperature to the chiller/tank (T14) of 14°C. In the cooling water circuit the
pump P5 is controlled to deliver a constant flow rate and the speed of the cooling tower fan is controlled
to cool the cooling water(brine) down to 22°C. The chiller and all related components are turned on when
the temperature at the tank bottom surpasses 12°C, and it is turned off when the temperature at the tank
top falls below 8°C.

SYSTEM MODEL PARAMETERS
For the simulation of the absorption chiller, values for the characteristic equation for the installed chiller
were taken from previous detailed analysis of the machine (Kühn, 2005).
In order to ensure the comparability of the simulations with different approaches, the same method was
used for the determination of the parameters of the PI-controller in both simulation approaches. The use
of identical parameters was not possible, because the actuated variables in pumps and valves are
different, due to the different models used for this components in the approaches.
SYSTEM SIMULATION
Simulations of the system were performed for both approaches. Same ambient conditions and start values
were set for all variables. A whole operation day was simulated with a time resolution of 60 sec. The first
fan coil covers a constant load of 1.6 kW and the second another one of 5 KW. Both fan coils start
operation one hour after simulation start, letting time to the water in the circuit to be cooled down to the
desired input temperature to the fan coils (7°C).
Dynamic behaviour
The system simulated behaviour shows significant differences depending on the approach used , as figure

3 shows. In this figure the temperature variation of the water leaving the chiller (T2) , going to (T6), and
leaving the fan coils (T14), are compared for both approaches over the whole simulated time span.
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Figure 3: Temperature evolution for conventional a) and FLUID b) approaches
In the conventional simulation approach (fig 3a), the set temperature value at the chiller outlet (T2) is
achieved in 5 minutes, while around 1 hour is needed in the FLUID approach (fig 3b). In the latter case it
is not possible to maintain a constant value of 7°C. The reason for these differences is the idealised
behaviour of the 3-way valve in CC1 assumed in the first approach. For the new approach, a more
realistic behaviour of this valve is simulated, and different flow rates are pumped by the pump depending
on the valve position, affecting the temperature T2.
Another important difference is the behaviour of the temperature of the water flowing to the fan coils
(T6). In figure 3a T6 drops until it reaches the temperature from the chiller outlet flow after 2 hours, and
rises to 12°C when the chiller is automatically shut down at 8h. After restart, the temperature drops
again, but can not achieve the 7°C provided by the chiller and oscillates slowly between 8 an 10°C until
20h, when it drops to T2 again.
The simulated behaviour of T6 in figure 3b is quite different: T6 follows with a very small delay T2 when
the CHILLER is ON, and rises to 12°C when the chiller is OFF. This ON/OFF cycle can be found three
times in the figure. The chiller is automatically cut off and on 3 times, while in the conventional
simulation approach that happens only once.
The main reason for this difference in the ON-OFF behaviour is the different mass flows circulating in
the circuit CC1 for both simulations, as it is shown in figure 4.
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For both simulations pump 1 is running at its maximum capability. This results in a constant mass flow
in the conventional approach (left figure). In the FLUID approach (right figure) the pump 1 mass flow
shows fluctuations when the position of the CC1 3-way valve is changed, due to changes in the pressure
losses. For pump 2 and the mass flow to the the storage and fan coils (the part of the flow of pump 1 not
being recirculated by the 3-way valve) the curves are similar until the chiller is turned off for the first
time: the flow sent to the storage/fan coil is bigger than the flow being pumped by pump 2, and part of
the flow goes into the tank, decreasing its temperature. After the second start-up, however, in the first
simulation pump 2 delivers a bigger flow than that coming from the chiller, so part of the flow delivered
by pump 2 comes now from the storage tank, that increases its temperature. As a consequence of the
different simulated mass flows the temperature profiles in the storage tank are different resulting on
different ON/OFF cycles.
The differences on the simulated mass flows are the different models used for pumps and valves in both
aprroaches. If pressure losses are considered, the maximal mass flows are determined by the pressure
losses on the different pipes and components. In the conventional approach a limitation on the maximal
flow rate delivered by pump 2 was set based on the pressure loss calculation made for the nominal
working point of the system. On the nominal working point, however, the three controlled valves in CC1
are open, so different pressure losses are present in the system as compared with the simulated situation
when the first valve VB1 (see figure 1) is closed.
The maximal mass flow rates simulated with the FLUID approach for this reason are smaller than those
assumed in the conventional approach. Figure 5 show the differences between the simulated system
pressure head for pump 2 depending on the position of the controlled valve VB1.
700
dp [mbar]

System head VB1 open
System head VB1 closed
Pump 2 characteristic

600
500
400
300
200
100
0
0

0.5

1

1.5

2

m [kg/s] 2.5

Figure 5: simulated system head curve
The flow rate which is delivered by pump 2 changes from around 0.6 kg/s to 0.4 kg/s if the valve VB1 is
closed. An assumption of a constant maximal flow rate as it is made with the conventional simulation
approach can change significantly the simulated behaviour of the system control, as it was shown above.
Relevant performance figures
Some resulting performance figures of the overall system performance for the whole simulated period of
24h for both simulation approaches are presented in table 2. The results obtained for the thermal
performance of the system are similar. It is only determined by the average temperatures and the mass
flows at the major heat exchangers of the absorption chiller, which stay at similar levels for both
simulation approaches.

conventional approach

FLUID approach

cooling suplied by chiller [kWh]

220

188

cooling supplied by fan coils [kWh]

152

152

cooling stored in tank [kWh]

29

16

heat consumption from DH [kWh]

285

254

electrical power consumption [kWh]

30.8 – 31.2

19.7

chiller thermal performance factor [-]

0.77

0.74

chiller electrical performance factor [-]

7.13 – 7.03

9.53

system thermal performance factor [-]

0.63

0.66

system electrical performance factor [-]

6.56 – 6.5

8.5

Table 2: Simulated performance figures
On the other hand the value for the electrical consumption of the system in the FLUID approach is around
one third smaller than the value obtained with the conventional approach. As the operation time of the
chiller and all dependent components (especially the cooling tower) is much bigger in the first simulation,
the related power consumption increased.
CONCLUSION
In a conventional simulation approach mass flow rates are set up and controlled without considering the
relation between mass flow rates and pressure losses in the system. That leads to an idealised simulation
of the control strategy and can lead to results with unrealistic flow rates under certain circumstances.
A consequence can be a deviation in the performance figures obtained with the simulation, which can be
specially important regarding electrical power consumption. In the presented example the difference was
30%. A detailed hydraulic simulation can contribute to get a better model for the control simulation of
polygeneration systems.
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ABSTRACT
Performance assessment of polygeneration (combined generation of heat, coolth and electric power)
systems implies the modelling of these systems. Either detailed but time consuming transient building and
system simulation or simplified but less accurate models can be used for that purpose. For this paper the
performance of a polygeneration system in a residential multifamily building has been evaluated. The
results of a spread-sheet program based tool using a simplified modelling approach were compared with
the results of detailed and transient modelling of system and building using TRNSYS, 2006 in order to
assess the applicability of the simplified model for extensive sensitivity studies.
NOMENCLATURE
CC
CGD
COP
DHW
ICE
LHV
MFH

Combined cycle
Cogeneration device
Coefficient of performance
Domestic hot water
Internal combustion engine
Lower heating value
Multifamily house

NRPE
SC
SH
SOFC
TDC
UCTE

Non-renewable primary energy
Space cooling
Space heating
Solid oxide fuel cell
Thermally driven chiller
Union for the Co-ordination of
Transmission of Electricity

INTRODUCTION
Building integrated co- and polygeneration systems are related to a potential for reductions in primary
energy demand and associated carbon gas emissions. The distributed generation nature of the technology
also has the potential to reduce electrical transmission and distribution inefficiencies and reduce utility
peak demands. However, the technology competes with other supply options like central electricity
generation in gas fired combined cycle power plants, heat pump technologies and - for renewable
energies - solar thermal and photovoltaic systems and biomass fuelled systems. Therefore performance
evaluation of polygeneration systems is evident in order to compare them with those technologies.
In the frame of the European PolySMART project (PolySMART, 2006), the performances of natural gas
driven polygeneration systems were assessed in terms of primary energy and CO2 emissions. The
polygeneration systems considered basically include a cogeneration device (CGD) and a thermally driven
chiller (TDC) and are installed in a residential multi-family building in Madrid, Spain, where a
considerable cooling demand also in residential building is prevailing.
PERFORMANCE EVALUATIONS
The performance evaluations are based on the methodology developed in the frame of IEA Annex 42
(Dorer and Weber, 2007). The energetic system performance was determined in terms of non-renewable
primary energy (NRPE) demand and carbon dioxide equivalent emissions, and compared to the reference
system. The reference system for all cases comprises a gas boiler and a mechanical chiller and grid
electricity according to the selected mix. Two different grid electricity mixes were considered, using
primary energy and emission factors from the ecoinvent, 2006 database: European mix according to
UCTE and combined cycle (CC) power plant. It has to be noted that the resulting overall NRPE demand

for the fuel and electricity can be lower than the delivered fuel energy because net exported electricity to
the grid is credited using the grid NRPE conversion factor. In fact the resulting overall NRPE demand or
CO2 emission can even be negative.
SYSTEM ANALYZED
Figure 1 shows the configuration of the considered polygeneration system, including basically a CGD and
a TDC. Systems supplemented with an auxiliary gas boiler and a mechanical chiller as shown with dashed
lines in figure 1, will be investigated in future work. A combined storage for heat and domestic hot water,
a chilled water storage, pumps, valves and energy management and control devices complete the system.

Gasboiler

CGD

Heat
Storage

Space
heating
Domestic
hot water
Cold water

TDC

Chiller

Cold
Storage

Space
cooling

Figure 1: Configuration of the assessed polygeneration system
Two different CGDs were considered. a) An internal combustion engine (ICE) with 5.5 kWe constant
power, 12.5 kW thermal output, 27% electrical and 61% thermal efficiency (LHV). b) A solid oxide fuel
cell (SOFC) system with 11.6 kWe power and 15.8 kW thermal output. The SOFC system can be
modulated down to 24% part load and its efficiencies are at maximum load 37% electrical and 47%
thermal and at minimum load 53% electrical and 21% thermal (LHV).
The TDC device is a 10 kW H2O/LiBr single effect absorption chiller with a COP of 0.76 at driving hot
water inlet temperature of 75 °C, cooling water inlet temperature of 27 °C and chilled water inlet and
outlet temperatures of 18°C and 15°C respectively. The TDC device and the cooling tower for the heat
rejection are described in more detail by Corrales, 2007.
For the control of the system a heat and cooling demand following strategy was assumed. An on/off
controller was used for the ICE and the TDC and a PID controller for the SOFC device in order to keep
the set point temperatures in the two storages. In order to avoid stack degradation due to start stop cycles,
the SOFC device was running continuously. The sizes of the CGDs were selected in order to match with
the thermal demand of the available TDC device.
BUILDING AND LOADS
A heavyweight constructed multifamily house (MFH) with two dwellings on two levels each with 140 m2
floor area was considered. The U-values of the external building elements are 0.56, 0.49 and 0.38 W/m2K
for the ground floor, external walls and roof respectively. The windows have an U-value of 2.8 W/m2K
and a g-value of 0.76. The total window area is 23 m2 per dwelling whereof 12 m2 are on the south
façade.

The internal gains from inhabitants were considered according to a fixed daily occupancy profile with 3.3
people present at maximum. For the electricity use for appliances and lighting it is assumed that 58% of
the consumption contribute to the internal gains, the rest is assumed either to be consumed in unheated
zones (cellar, outside) or to be ventilated directly from the source (cooking stove).
The control of the external shading was assumed as a function of the incident solar radiation, the room
and ambient temperatures. During the heating season a natural air change rate of 0.4 was assumed due to
leakages. A free driven night ventilation mode was assumed in order to reduce the cooling load during
summer.
The heat and coolth is released in the building with a fan coil system. The set points for the room air
temperature control are 20 °C during the heating period and between 24 and 27 °C, depending on the
outside temperature, during the cooling period.
For the domestic hot water (DHW) an average consumption of 200 litres per day and dwelling at 45 °C
was assumed. A stochastic load profile produced with the tool described in Jordan and Vajen, 2001 was
used. For the electricity consumption a load profile with a medium electricity demand of 3028 kWh/a per
dwelling was assumed according to measured data provided by Annex 42 (Knight et al., 2007).
The MFH was modelled with two thermal zones i.e. one zone per dwelling, using the dynamic multizone
building model of TRNSYS. In the considered climate of Madrid the simulation resulted in a heat
demand per m2 energy reference floor area of 135 MJ/m2/a and a cooling demand of 45.7 MJ/m2/a.
MODELLING APPROACH
Different modelling levels are possible for the performance assessment of polygeneration systems. On
one hand simplified approaches based on steady state energy balances are easy to use but have a lack of
accuracy. On the other hand detailed and transient models of system and building offer accurate results of
energy performance and system operation but require a substantial larger effort for building up the model.
Also the simulation run time is high and for sensitivity analysis, parameters such as the size of the cogen
or the TDC device cannot easily be automatically varied as this also often implies changes in the
operation strategy of the system. In the following the differences between the two models are described in
more detail.
Simplified Model
The simplified model, implemented in MS Excel, is basically a steady state energy balance of the system
based on the hourly load profiles of space heating, cooling, DHW and electricity (Kräuchi and Dorer,
2008). This energy balance uses constant efficiencies based on either the nominal values or estimated
mean values for the CGD, the TDC, the auxiliary gas boiler and the chiller to estimate the hourly fuel
consumption and the electricity drawn from or exported to the grid.
The load profile data of space heating and cooling (SH and SC) demand was produced with the dynamic
building model implemented in TRNSYS. Two cases have been considered. In the first case the influence
of the heat and coolth emission was not taken into account. i.e. ideal control of the room temperatures
according to the described set points was assumed. This corresponds to the result of a load simulation
with any building simulation program. It is the assumed profile which a user of the simplified model
normally would be able to provide. In the second case the SH and SC load profiles were taken from the
detailed modelling described in the next section. The comparison of these two cases will reveal the
influence of the load modelling on the results.
Detailed Model
In the detailed model the building and the system was coupled, using a model for a fan coil system as
heating and cooling device and a realistic room temperature control with thermostatic valves with a 1K
proportional band. Thus the reaction of the demand on a possible shortage in heat or coolth delivery is
taken into account within the following time steps. This way also correct supply and return flow
temperatures result and therefore there influence on the thermal efficiencies of the devices can be taken
into account. Also possible additional cooling loads due to condensation in the fan coil are taken into
account. The system model includes detailed models of the CGD, the TDC, cooling tower, the storages
for heat and chilled water and the control. For the ICE CGD the IEA Annex 42 ICE model calibrated with
data of an available unit measured within IEA Annex 42 (Kelly and Beausoleil-Morrison (ed), 2007,

Beausoleil-Morrison (ed), 2007) has been used. The SOFC CGD has been modelled with the IEA Annex
42 fuel cell based model calibrated with results of a detailed fuel cell system model, comprising
individual models for the SOFC stack and balance of plant components (Kazempoor, 2009). This SOFC
model was specifically developed for this purpose. The IEA Annex 42 models take into account part load
efficiencies, temperature influence on thermal efficiency and losses from start up and cool down
operation modes.
The characteristic temperature difference method described in detail by Corrales, 2007 was used to model
the part load performance of the TDC.
RESULTS
Figure 2 shows on the left hand side the demanded energies per m2 energy reference floor area resulting
from the two models of the polygeneration system with the ICE. The net energy demands for DHW and
electricity are the summed up values of the corresponding demand profiles which are used as inputs to the
models, therefore they are equal in both models. The results for the total generated electricity and the fuel
demand are both 17% lower with the simplified compared to the detailed model. In this case these
differences are equal because the engine is operating only in full power with a constant electrical
efficiency and therefore the mean electrical efficiency which was assumed for the simplified model is
equal to the resulting mean efficiency in the detailed model. The result for the produced heat is 16%
lower with the simplified compared to the detailed model. This difference is somewhat smaller than the
differences above because the resulting mean thermal efficiency in the detailed model was 59.8% instead
of the nominal efficiency of 61% which was used in the simplified model. The result for the non
renewable primary energies and the CO2 emissions are between 10% and 12% lower with the simplified
than with the detailed model. The highest amount of all these differences can be attributed to the effect of
the different SH and SC loads for the two models. Figure 2 shows on the right hand side in detail the
shares of the different error sources on the difference in the fuel demand between the results from the
detailed and the simplified model. It shows that besides the load profile also the losses of the hot water
storage, which are ignored in the simplified model, have a major contribution to the overall difference. In
the present case the simplified tool is not capable to correctly estimate the amount of generated electricity
which is directly used in the building. The resulting value is more than the double of the result from the
detailed model. This is because the effects of the storage and the control, which are ignored in the
simplified model, have a big influence on this result; however the propagation of this error to the NRPE
demand and CO2 emission is weak.
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Figure 2: left: Demanded energies per m2 energy reference floor area resulting from the two models
of the polygeneration system with the ICE
right: Difference in fuel demand of totally 105 MJ/m2/a between simplified and detailed model
subdivided and attributed to the different error sources
The SOFC cogen device is capable to modulate, therefore the mean efficiencies are different to the
efficiencies at full load. The mean CGD efficiencies are user defined input parameters to the simplified
model, i.e. the accuracy of that model is depending on the estimation quality of these mean efficiency
values. In the SOFC case the mean heat power demand was used to estimate the mean modulation rate of
the CGD and from that the mean electrical and thermal efficiency was estimated according to the

efficiency characteristics. This lead to 23.5% thermal and 51.4% electrical mean efficiency. The
corresponding values resulting from the detailed model were 26.9 % thermal and 49.6% electrical
efficiency.
Figure 3 shows on the left hand side the demanded energies per m2 energy reference floor area resulting
from detailed and simplified simulations. Related to the results from the detailed model the differences
between the two models are 2.5 % for the generated electricity, 18% for the produced heat and 5.8% for
the fuel demand. The NRPE demand and CO2 emission for the UCTE grid mix show the biggest
differences in the results of the two models. They are 35% and 26 % respectively, related to the results
from the detailed model. It shows that in this case some of the inaccuracies of the simplified model are
compensating each other. In Figure 3 on the right hand side the difference between resulting fuel demand
from detailed and simplified model is subdivided and attributed to the different error sources.
This CGD has a low thermal and high electrical efficiency and it is continuously running. This leads to
the situation where almost 100% of the electricity demand is directly covered by the CGD, which is
predicted correctly with both models.
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Figure 3: left: Demanded energies per m2 energy reference floor area resulting from the two models
of the polygeneration system with the SOFC
right: Difference in fuel demand of totally 156 MJ/m2/a between simplified and detailed model
subdivided and attributed to the different error sources
Figure 4 shows the duration curves of the total heat production resulting from the two models. The curve
of the detailed model shows the effect of the storage and the control which reduces the peak and increases
the minimum production.
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CONCLUSIONS
The two polygeneration systems investigated showed that the difference of a simplified modelling
approach based on steady state energy balances is in the order of up to 20% in terms of fuel demand
compared to a detailed model. The major sources of this difference are inaccurate space heat and cooling
load data, which is used as input to the simplified model and losses in the heat storage. Both lead to an
underestimation of the energy demand with the simplified model. Providing more accurate load data to
the simplified model and an estimation of the storage losses within the simplified model based on the set
point temperature of the storage could much reduce this difference. The remaining sources for the
difference are the inaccurately assumed mean efficiencies and COP respectively which are user defined
input parameters to the simplified model and resulting values in the detailed model.
OUTLOOK
The work on simulation of polygeneration systems is continued in the frame of the European
PolySMART project. The two modelling approaches will also be compared for systems supplemented
with a gas boiler and a mechanical chiller for auxiliary heating and cooling as shown in Figure 1. The
knowledge eventually gained about the application limit of the simplified model should allow to use this
model within extensive sensitivity studies, investigating the influence of the sizes and efficiencies of the
different devices.
Additional detailed models for systems with a Stirling engine as CGD and reference systems without
CGD and TDC will also be built. The detailed models will be used to perform a parametric study to
assess influences such as the climate, demand profiles, building type and standard.
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Abstract
A thermoacoustic engine (TE), which has no moving parts, is a new type of long-life, non-polluting engine
that can utilize thermal energy, even low grade thermal energy (Backhaus and Swift 1999). It could be widely
used in the fields of electronic device cooling, natural gas liquefaction, and pulse tube refrigeration. Onset is
one of the most important processes of TEs, which indicates the transition of thermoacoustic engines from the
stationary to periodic oscillating state when the temperature gradient in the regenerator is larger than the
critical value (so-called critical temperature gradient). As the most fundamental thermoacoustic phenomenon,
onset mechanism attracts more and more academic attentions. However, most researches were qualitative
(Nijeholt, Tijani et al. 2005; YU, LUO et al. 2007), or quantitative lacking of detailed experimental
verification(Watanabe, Prosperetti et al. 1997; Yuan, Karpov et al. 1997). To get a comprehensive
understanding of it, detailed and intuitionistic experimental data are urgently needed.
The regenerator is a key component of a TE, its temperature distribution has a dominant influence on the
onset process. Visual images of the radiated heat of the objects can be obtained using infrared (IR) thermal
imaging equipment in the absence of light, thus the visual temperature distribution can be measured. The
temperature evolutions of the thermoacoustic regenerator are first visually measured by us in the onset
processes of the regenerator with different Helmholtz resonators in a TE. Helmholtz resonator is a device
which can amplify and absorb acoustic wave (MAA 2002). Helmholtz resonator has been widely used as a
muffle in the inlet and exhaust pipes of engine (ZHANG, WANG et al. 2004), being a good method to reduce
noise from combustion channel of rockets or turbines (GUO, LIU et al. 2003). In some thermoacoustic
applications, thermoacoustic effect may lead to vibration and noise, which is not wanted and should be
avoided. Once the onset process is delayed or eliminated, the problem could be solved. So it is necessary to
study the influence of Helmholtz resonator on the onset process of an engine.
The study supplies a visual and comprehensive understanding of the regenerator performance during the
onset processes with Helmholtz resonators，which enhances the understanding of the onset mechanism and
provides reference for CFD study of the TE. In order to explain the phenomena in the experiments, a linear
thermoacoustic model is derived at first to simulate Helmholtz resonators.

Theoretical calculations
Fluid network model is an effective approach to characterize the transmission characteristics of fluid
components and systems(LUO 1988). For a system coupling several ducts, the relations between the output
pressure (pout), volume flow rate (Uout) and inlet pressure (pin), volume flow rate (Uin) can be expressed as:

⎡ pout ⎤
⎡ pin ⎤
⎢U ⎥ = An An-1 iii A2 A1 ⎢U ⎥
⎣ in ⎦
⎣ out ⎦

[1]

Where A1, A2, A3, …, and An is the transmission equation of each individual duct. Once the transmission
equations has been obtained, knowing any two of pout，Uout，pin, and Uin, the other two can be calculated, thus
the transmission characteristics of the system can be obtained. The transmission equation is:
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For the Helmholtz resonator shown in Figure 1，The transmission characteristics of Helmholtz resonator can
be obtained according to Equations 1, 2 and 3. It should be noted that they are only applicable for laminar
flow. For turbulent flow, turbulence correction should be made. So far, corrections for turbulent in oscillating
flow is not mature, there are only vague ideas for the corrections to turbulence. We proposed to make further
correction for turbulence when R / δ v (R is the radius of the duct and δ v is the viscous penetration depth of
the gas) is large by increasing viscous and thermal penetration depth, introducing a factor n, which is detailed
elsewhere(WANG, QIU et al.).
In the simulations, nitrogen is used as working gas with pressure of 2.2 MPa and frequency of 23 Hz. The
diameters of tube L1 and L3 are 29 mm and 8 mm respectively, volume of reservoir L2 is 1 L, which can be
considered as a short tube with inner diameter of 99 mm and length of 130 mm. The length of tube L1 is fixed
at 1.08 m and volume of L2 at 1 L, length of L3 is changed. Uout is 0 as the end of L3 is blocked. The flow state
is judged and correction should be made for turbulence. Results of pout/pin dependent on the length of L3 when
the inlet pressure amplitude is 0.025MPa are shown in Figure 2. The results of acoustic power are obtained
when the pressure amplitude is 0.1MPa. The value of pout/pin increases at first to the maximum, then decreases
gradually as the length of L3 increases. The length of L3 that is corresponding to peak value of pout/pin is called
resonance length, which is 3.5 m. The calculation results indicate that the resonator absorbs largest acoustic
power at resonance length. The experimental results verify the good accuracy of the calculations (see the
points in Figure 2).
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Figure 1: Schematic diagram of Helmholtz Figure 2: The values of pout/pin and input acoustic
power dependent on L3
resonator with two tubes
Experimental results and analysis
Figure 3 shows the schematic diagram of the traveling-wave TE with an infrared imaging camera. The
travelling-wave TE is detailed elsewhere (SUN, QIU et al. 2005), which consists of a loop and a resonator
tube. The loop is the main part converting thermal energy to the acoustic power, which consists of heater,

cooler, regenerator, and phase adjusters such as the feedback tube and compliance. An infrared imaging
camera made by FLIR SYSTEMS is used to measure the temperature distribution of the regenerator. The
pressure data acquisition system is used in the experiments, which consists of pressure sensors (linear silicon
piezoelectric type, KPY 46R), a data acquisition clip (NIPC-1200, 12 bit precision and a sampling frequency
of 10 kHz), a computer, and a self-developed program for LabView 7.1 by National Instruments, Inc. Heating
power is adjusted by changing the charging voltage to the heaters, and is displayed by a digital dynamometer.
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Figure 3: Schematic diagram of the traveling-wave TE with an infrared imaging camera
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Figure 7: The axial temperature distribution in the regenerator in onset process
The Helmholtz resonators with different L3 were connected to the TE and the IR images of the regenerator
were obtained. The Helmholtz with L3=5.7 m is choosen to illustrate the onset process. Figure 4 shows the IR
temperature distribution images in the thermoacoustic regenerator in the onset process. Using professional
software ThermaCAM QuickReport 1.1, the temperature range and color of the images can be changed, and
the temperature at any position of an image can be obtained. The display temperature of all the images in
Figure 2 is adjusted in the range of 20-200 ℃, the black region represents the lowest temperature, and the red
shows the highest. Figure 4-D is the image at onset moment, the images before (3 minutes, Figure 4-A, 4-B,
and 4-C) and after (4 minutes, Figure 4-E, 4-F, 4-G, and 4-H) the onset moment are also shown. All the
images display obvious color separation in the axial direction of the regenerator, indicating the existence of
temperature gradient along the regenerator, while the same color in the horizontal direction indicating the
same temperature. With the maintained heating power of 1000 W, the temperature of the regenerator
gradually increases. Onset begins when the heater temperature reaches 168.1 ℃, then the temperature of the
regenerator continues to rise because of the non-stop heating power.
Figure 5 shows the dependence of simultaneous acquisition of pressure and temperature on time, 0 s indicates
the moment when the heater start heating the TE. The time of A, B, …, H in Figure 5 corresponds with that
in Figure 4. K-sheathed thermocouples are placed in the heater to measure the temperature, also placed near
the cold and hot end of the regenerator (labeled as Position C and Position H, showed in the right side of the
images). The temperature results are given in Figure 5-I (TC represents thermocouple). The temperature data
in the IR images at Position C and Position H are also collected and compared with the data by the
thermocouple. At Position C, the results by the two methods coincide well. At position H, they are close with
a small deviation, which may be caused by two reasons: firstly, the position of Position C and H in the IR
images can’t be determined absolutely accurate when the data are collected; Secondly, the factors such as
humidity, distance, and radiation of the other objects influence the accuracy of the IR data. Figure 5-II and
5-III gives the temperature and pressure evolution during the onset process. Before onset (A, B, and C) the
temperature of the heater and regenerator gradually increase. Meanwhile the temperature difference between

the hot and cold end of the regenerator rises, reaching the critical value at the time of onset (D), onset begins.
The pressure amplitude at compliance of the TE is 0 before onset, which jumps to 0.326 MPa within 5 s when
the critical temperature gradient arrives, and rises much more smoothly after onset (see Figure 6-III) because
of the continuous 1000 W heating power. The onset process is similar when L3=2 m (see Figure 6-II). A
decrease occurs shortly after the onset when L3=0 m, which is quite different (see Figure 6-I).
The temperature distributions of the regenerator along the axial direction are collected (shown as the white
line in the images) and displayed in Figure 7 with the non-dimensional length (the definition is LD = L / ΔL ,

where L is the distance away from the cold end of the regenerator and ΔL is the length of the regenerator)
as the horizontal axis and non-dimensional temperature (the definition is TD = (T − T0 ) /(TH − T0 ) , where T,
TH, and T0 represent the regenerator temperature at the position of L, hot end and cold end) as the longitudinal
axis. It can be seen that the temperature distribution of the regenerator is nonlinear before onset
(Figure7-A~7-C). This nonlinear distribution is mainly influenced by one factor: the large thermal resistance
in the axial direction between the stainless screens in the regenerator and large heat leakage in the radial
direction (in this direction conduction of the stainless screen is quite good, in addition, the outside wall of the
regenerator is not insulated). this factor makes the regenerator temperature lower than the linear temperature
(the temperature distribution line lies below the linear line). When the temperature difference between the hot
and cold end of the regenerator reaches the critical value, the working gas begin to oscillate. In a
traveling-wave TE the penetration depth of the gas is much larger than the characteristic dimension of the
stainless screen, the sufficient heat transfer between them leads to the change of the temperature distribution
after onset (see Figure 7-E ~ 7-H), the temperature distribution line goes closer and closer to the linear line.

Onset temperature(℃)

The onset temperature changes with the length of L3 (see Figure 8), when L3=3.7 m the onset temperature is
the highest. Figure 2 shows that 3.7 m is near the resonance length. At this length the Helmhlotz resonator
absorbs the largest acoustic from the TE, which delays the onset process of the TE. The onset IR images also
show the obvious differences when the length of L3 changes, as Figure 9 shows, the temperature range is set
between 20-250℃. When vibration caused by thermoacoustic effect is not wanted, resonators should work
near resonance length.
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Figure 8: Onset temperature VS L3
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Figure 9: IR images of the onset moment with different L3
Conclusion
Using an infrared imaging camera as a means of characterizing temperature distributions of thermoacoustic
regenerators, the visual IR images have been obtained for the first time in a TE. The new method gives the

evolution of the regenerator temperature and pressure of the TE, enhances the understanding of the onset
process. In addition, the functions of Helmholtz resonators in onset process are studied theoretically and
experimentally, which shows good agreement. As the basis of simulation (e.g., CFD study), this study
supplies plenty of visual and detailed experimental data.
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Introduction
Many research centers are involved in development of a micro CHP cycle for operation in single
households or small enterprises. The major problem in such developments is an expansion
machine. Most of the time the scroll compressor has been appropriately modified and used for that
purpose. The major problem with its operation is that the internal efficiencies of such adjusted
machines are not too impressive, namely they do not exceed 50%. Bearing in mind that a micro
CHP is theoretically capable to convert about 20% of chemical energy contained in the fuel and
then such a device is absolutely not suitable for commercial implementation in local dwellings,
where a typical heat demand is of the order of 10kW, and in such case only about 1kW of
electricity capacity would be available. The Institute of Fluid Flow Machinery PAS in cooperation
with the Gdansk University of Technology has started significant efforts on assembling the
prototype of a microscale CHP for domestic applications, basing on the adjustment of expansion
devices available on the market, D. Mikielewicz and J. Mikielewicz (2008). The present paper
reports the major findings from the research into two prototypes of such cycles based on a scroll
compressor and a pneumatic device.
Experimental facility
The experimental activities started some time ago aimed at development of the prototype realizing
the ORC cycle, Fig. 1. The working fluid has been selected as R123, however perspectively the
Solvay SES36 is envisaged. The fluid R123, similarly as SES36, has relatively good
thermodynamic and heat transfer characteristics, is inexpensive and obeys a majority of
requirements facing the perspective working fluids, Mikielewicz and Mikielewicz (2008, 2009).
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Evaporator and condenser from the ORC cycle are the plate heat exchangers manufactured by
Secespol with heat transfer surfaces of 1.8m2 (LB47-40 PCE) and 0.9m2 (LB47-20 PCC)
respectively, corresponding to 15kW and 11 kW capacities. The rig is assembled in such a way that
incorporation of the expanding machine is straightforward and easy. In the course of activities two
types of expanding machines were examined, namely the scroll expander and rotating plate
expander, which will be presented in a greater detail later.
The flow of working fluid (refrigerant R123) is accomplished in a closed loop of ORC and was
forced by the positive-displacement pumps system. The pumps (HP 0815004) were electrically
supplied and connected in series. The maximum flow rate available was 0.1 kg/s, maximum
pumping pressure up to 24 bars. The flow rate was controlled by the voltage adjustments or by the
manually operated throttle valve. The throttle valve was mounted in a bypass circuit.
The Coriolis mass flowmeter (SITRANS FCMASSFLO 2100 DI 6) together with signal converter
were used to measure the flow rate. The accuracy of the measurements readings was 0.1%. The
working fluid passing through the evaporator received the heat from the heating oil
(MOBILTHERM 603) and evaporated. It was the intention of the experiment to reach the inlet
parameters to the expanding machine at the level of pressure of 15bar and temperature of 160oC,
preferably as close as possible to the vapor saturation line. If the heat flux was large enough the
working fluid reached the superheated vapour state. The saturated/superheated vapour was directed
to the expander, where it performed work and then it went to the condenser. The heat exchanger,
condenser, was cooled by the tap water having known parameters at inlet. Following the change of
phase in the condenser the refrigerant was directed to the storage tank.
Applied heating oil features a large thermal durability, high resistance to oxidation, good properties
in the indirect heating system at working temperature to about 315oC and is non-toxic. The physical
properties of oil necessary for the balance calculations were supplied by the producer. Required oil
temperature was obtained by application of resistance heaters placed in the oil tank of about 50
liters (total electric power of heaters switched sequentially is 20 kW). Oil flow was forced by a gear
pump driven by an electrical engine. The weighted method was applied to measure its flow rate. An
electrical balance (ITE 9010A) with the accuracy of ± 0.5% was used to determine operating
parameters. The heating oil returned the heat in the evaporator and went back to the reservoir.
Temperature in the characteristic places of the circuit was measured by temperature transducers
PT100 and by associated with them temperature controllers SRT-73-1321. The pressure was
measured by the calibrated Bourdon pressure gauge and programmable pressure meters WW-11N.
The pressure drop in the condenser (on the side of organic refrigerant) was measured by a
differential pressure transducer (Aplisens PR-28).

The scroll expander
Preliminary experiments have been accomplished with the inverted scroll compressor LG
ELECTRONICS model HQ028P featuring the nominal capacity of 6.974 kW. The optimum
parameters determined by the producer for operation with R407C are Tevap/Tcond = 7.2/54.4 °C. The
dimensions of the scroll were: width/depth/height equal to 235/235/374 mm.
The expander was interconnected by a belt transmission with a standard car alternator assembled
by Renault (digital symbol of alternator 8200120286, voltage 12 V, electrical current 110A). The
rotational speed of expander’s shaft was measured by tachometer (SENTRY ST 723) with the
accuracy in the range of 0.01% allowing measurements of rotational velocities ranging from 6 to
6000 rpm. The accumulator (battery) (12V, 55Ah) with variable resistor (resistance changes in the
range 0.1÷1 Ω) was connected to the alternator circuit. The electrical current in the system was
measured in the shunt, allowing measurements up to 150 A/60 mV. The scroll expander connected
with the alternator and the current loop are presented in Fig. 2.
Preliminary results of experimental research performed using the scroll expander LG HQ028P are
presented in Table 1. Physical properties of R123 have been calculated using the Refprop8
software. Notation for nodal points of ORC cycle has been presented in Fig. 3. In the course of

calculations determined have been values of cycle thermal efficiency (ηt), which was evaluated
without account of work necessary for pump operation, the maximum Carnot efficiency (ηC),
internal efficiency of expansion machine (ηi) and finally the exergetical efficiency (ηb). The
internal efficiency of expansion machine was determined from equation (1), where state 1 denoted
inlet to expander and 2 – the outlet (2s is the state after adiabatic expansion). In all cases state 1
was found in superheated steam region.
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Figure 2: View of the expander connected with the car alternator: 1- supporting structure, 2expander, 3- alternator, 4- transmission belt, 5- steam inlet to the expander, 6- steam outlet,
7- accumulator (battery), 8- shunt, 9- variable resistor
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Figure 3: Determination of internal efficiency
of expansion machine
Table 1. The calculation results for the scroll expander
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Rotating plate expander

Subsequently the scroll expander has been substituted with a rotating plate expander featuring a
“turbine mechanism” together with the planetary gear. Adapted device was a BOSCH pneumatic
drill (series 180W, model 0607 153 513), appropriately modified by the technical group of this
work out to the specific needs of experiment. The basic parameters of the drill were: rotational
velocity 1800/3000 rev/min, power 180 W, feeding pressure 6.3 bars, weight 0.96 kg. The body of
the drill was made of steel. The modification relates to separation of mechanisms of change of
rotational velocity of the spindle and a set of valves and followers. Additionally, the silencer was
removed and the connectors were made. In experiments the machine was coupled with the
hydraulic brake which enabled determination of effective power. Characteristic points summary are
presented in Table 2.
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Figure 4: View of the experimental setup with the expander and hydraulic break: 1construction beam, 2- investigated expansion device, 3- inlet connector of steam, 4- outlet
connector of steam, 5- hydraulic break
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Figure 5: View of the hydraulic break: 1- expansion device, 2- impeller, 3- body of the break,
4- baffle intensifying the friction effect, 5- oil, 6- rotational mount connected with the body, 7dynamometer

The photograph of experimental setup is presented in Fig. 4, while the rotating plate expander
connected with the hydraulic break is presented in Fig. 5. The construction of break enabled direct
measurement of force generated in specified arm as a result of body deflection. The body deflection
was a result of energy receiving from rotating impeller through oil filling the break. The anti-torque
was generated by the friction forces. The force acting on the arm of 130 mm was estimated by a
dynamometer. The calibration of dynamometer was done with standard weights.
Table 2. The calculation results for the pneumatic device
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The results show the technical possibilities of experimental setup of steam cycle of ORC with the
“pneumatic device” as the expander. They demonstrate the ability of the setup to prepare the
vapour of the working fluid with suitable properties to obtain the effective work from the
expansion. Noticed maximum temperature exceeds 170 oC, while the working pressure reached 14
bars. Measured rotational speed of the shaft with hydraulic break was in the range from 790 to 940
rpm. The force generated by the body of break deflected due to the frictional drag was from 0.85 to
1.3 KG.
Comparison of scroll expander and rotating plate expander

The results of pneumatic device investigations were compared with authors’ own experimental
results of expander as the modified compressor of scroll type, Wajs et al, 2009]. The refrigerant
R123 was also used as the working fluid. In the expander the pressure ranges were ~14/~1 bars and
~18/~1 bars. The temperature of superheated steam at the inlet to the steam engine oscillated
around the value noticed in the pneumatic device investigations, that is about 170oC.
The results of direct comparisons of efficiencies are listed in Table 3. Much higher internal
efficiency and comparable values of maximal efficiencies (Carnot’s cycle) of both devices can be
observed. Much higher values of thermal efficiency were obtained in Authors’ own investigations.
It is directly related to the exergetic efficiency of the cycle. It should be mentioned that the own
investigations were provided in the higher range of expander supplying pressure than Quoilin 2007.
Table 3. Results of measurements on a scroll expander and pneumatic device.

scroll expander
LG HQ028P
Quoilin (2007)
scroll expander
pneumatic device
BOSCH

& R123
m
g/s
34
41
43
44
45
25
31
28

Nef

ηt

ηC

ηi

ηb

kW
–
–
–
0.67
0.38
0.13
0.15
0.11

%
5.8
11.7
9.5
4.0
2.6
12.8
8.9
10.8

%
29.2
28.1
30.6
30.0
27.7
32.5
32.9
31.9

%
29.0
52.1
42.9
53.0
43.0
81.4
60.8
68.8

%
19.9
41.6
31.0
11.6
7.8
39.4
27.1
33.9

Additionally the results of in-house experiments have been compared with experimental findings of
Quoilin, 2007. In these experiments R123 was also a working fluid and scroll expander was applied
for expansion in the pressure range from ∼10 to ∼3 bar. The comparisons are presented in Table 3.
Conclusions

Experiments showed the superiority of “pneumatic device” over the scroll expander, indicating the
possible internal efficiencies in the range of 61÷82%. The volume of such device is much smaller
than the scroll expander which makes it more suitable for a domestic micro CHP. Small rotational
velocities enable to conclude that connection to electricity grid will also be simpler in case of a
“pneumatic device”. The “pneumatic device” under scrutiny here could be an alternative to the
typical vapour turbine in the ORC cycle, which is in the process of development at the IFFM.
A technical inspection of “pneumatic device” done after the experimental investigations showed
that a seal was not resistive to the refrigerant R123. In authors’ opinion the reason of this failure
was drag increase of rotating centrifugal governor and automatic decrease of effective power
estimated at the outlet shaft (adequately to the expression Ni = Nm + Nef, where Ni – internal power
of engine, Nm – mechanical power, Nef – effective power). The seal (leak stopper) should be made
of other materials, for example Teflon.
It should be mentioned that the nominal range of rotational speed of investigated pneumatic device
(about 3000 rpm) is profitable from the electrical current generator point of view. These parameters
can be obtained by the presented solution after increasing the steam pressure supplying the turbine.
References

1.
2.
3.
4.
5.

Mikielewicz D, Mikielewicz J, Cogenerative micro power plants – a new direction for
development of power engineering?, Archives of Thermodynamics, 29 (4), 109-132, 2008.
Mikielewicz J, Mikielewicz D, Comparative study of selected fluids for use in supercritical
Organic Rankine Cycles, Archives of Thermodynamics, 30 (2), 2009, in print.
Mikielewicz D, Mikielewicz J, A new criterion for selection of working fluid for subcritical
and supercritical micro CHP, Proc. of Heat Powered Cycles Conference, Berlin, 2009.
Wajs J., Mikielewicz D., Mikielewicz J.: A scroll compressor as the expansion machine in the
ORC micro CHP, Technika Chłodnicza i Klimatyzacyjna, 3, 2009 (in Polish).
Quoilin S.: Experimental study and modeling of a low temperature Rankine cycle for a small
scale cogeneration. MSc. Thesis, University of Liege, Faculty of Applied Sciences, Aerospace
and Mechanical Engineering Department, 2007.

A NEW CRITERION FOR SELECTION OF WORKING FLUID FOR SUBCRITICAL
AND SUPERCRITICAL MICRO CHP
Dariusz Mikielewicz, Jarosław Mikielewicz
Gdansk University of Technology, Faculty of Mechanical Engineering, Heat Technology Department, ul. Narutowicza 11/12, 80233 Gdansk; email: Dariusz.Mikielewicz@pg.gda.pl
Institute of Fluid-Flow Machinery PASci, ul. Fiszera 14, 80-231 Gdansk; email: jarekm@imp.gda.pl

Introduction
In recent years there is observed a clear tendency, both worldwide and in the countries of European Union
(EU), to increase the importance of so called dispersed generation, based on local energy sources and
technologies utilizing both fossil fuels and renewable energy resources. Micro CHPs based on organic
Rankine cycle fit very well to that strategy.
Analysis of literature regarding selection of the relevant organic fluid suitable for the micro ORC cycle is
not complete and does not show how to appropriately select a good working fluid to specified conditions.
There are selection criteria, incorporating thermodynamic properties, provided in literature but they are of
no general character. Up to date research was focused mainly on subcritical cycles. There is, however,
also an unexplored area of supercritical parameters which could offer also great opportunities for
exploration. The analysis of supercritical fluid parameters may lead to higher efficiencies making the
micro CHP even more attractive. Supercritical cycles attract more attention from the professional power
cycles point of view but in case of low-boiling point fluids point of view there are not actions in that
direction. It must be noted that the critical point of organic fluids is reached at much lower pressures and
temperatures compared with steam. Therefore supercritical fluid parameters are much easier to be
realized in practical applications in these cases than in case of water. However, there is some limitation in
case of domestic micro CHPs. The objective for a domestic micro CHP is also to design small sized heat
exchangers and for that reason not all supercritical fluids could be suitable, which will also be discussed
in the paper. It is well known that heat transfer to gases is much less efficient than to two-phase fluids and
that leads to excessive sizes of heat exchangers. In the paper, apart from presentation of existing methods
of selection of working fluids a simple analysis has been carried out which resulted in development of a
thermodynamic criterion for selection of an appropriate working fluid. Such criterion should be used with
other criteria related to environmental impact, etc, mentioned in the following section.
Selection of working fluid for micro ORC installation – operational aspects
There is a wide selection of organic fluids, which can be used in ORC systems. Mago et al., 2007,
conducted investigations with different organic fluids for systems with heat recovery. The most important
features of a good organic working fluid are:
• low toxicity,
• good compatibility and chemical stability in operation with other materials,
• low flammability, corrosivity and small potential for decomposition.
In their opinion the refrigerants are most promising fluids for ORC cycles, especially with the view of
their low toxicity.
Another characteristic feature, important in selection of a fluid, is the boiling curve at a specified
saturation temperature. That feature has a particular influence on the restrictions in application of a fluid
in thermodynamical cycles (cycle efficiency, device sizes in the energy production systems). The slope of
the saturated vapour curve in T-s diagram depends on the type of applied fluid. We discern here three
possible cases, namely the isentropic, dry and wet fluids, Fig. 1. The dry fluid features a positive slope of
the saturated vapour curve, the wet one – negative, whereas the isentropic fluid features practically a
vertical saturation curve (tgα=90o). Dry and isentropic fluids exhibit better thermodynamic efficiencies of
expansion devices, as there are no liquid droplets in the turbine, contrary to wet fluids. On the other hand
they require larger heat transfer surfaces. In case of dry fluids usually a regenerator is required. The dry
fluids used in Maizza, 2001, investigations were R113, R123, R245ca and izobutane. It has been
concluded that the refrigerant R123 is the best fluid.

c)

b)

a)

Figure 1: Comparison of different working fluids: a) ideal one – expansion proceeds along the
vertical and isentropic saturated vapour line (isentropic fluid), b) „wet” and c) „dry”
Summarising, a good working fluid for ORC cycles should feature [4]:
1. small wettness fraction at the end of expansion,
2. low viscosity and surface tension,
3. high thermal conductivity,
4. adequate thermal stability,
5. low corrosion potential,
6. cannot be toxic, but compatible with other used materials and lubricants.
Additionally, the fluid should feature a vertical vapour saturation curve. A good fluid would also have
pressure in the condenser higher than atmospheric, which will prevent air penetration into the system.
In a concept of the micro heat and power plant which would be used for production of electricity and heat
in households or small manufactures, the heat transfer would take place in a boiler, where a thermal oil
will be heated to a temperature of about 475K. In such systems we are interested in attaining the highest
possible energy conversion and internal efficiency of vapour turbine. The increase of temperature of the
upper source is directly responsible for that. In case of analysis of subcritical cycles such fluids have been
selected for the analysis where critical temperature is greater than 150oC, and critical pressures are below
30bar. The following fluids have been selected for the preliminary analysis: ammonia, perfluorobutane,
C5F12, methanol, ethanol, heptane, izohexane, R11, R12, R123, toluene, R152, R134a, R141b, R227,
R245ea, R245ca, R365mfc, SES36 and water. Figure 3 and 4 present the liquid and vapour saturation
curves for a selection of fluids in p-v and T-s coordinates, D. Mikielewicz and J. Mikielewicz, 2008.
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Selection of working fluid for micro ORC installation - thermodynamical criterion
Following our experience, J. Mikielewicz and D. Mikielewicz, 2009, the simplest configuration of
Rankine cycle was analysed. The simplicity of the cycle is believed to result in possibly small heat
transfer surfaces of heat exchangers, which are a decisive factor in final dimensions of the micro CHP for
domestic use.
The fluids are featuring in general all possibilities of the slope of saturated steam line, namely a positive
slope of saturated vapour line (SES 36, R365mfc), a negative slope (ethanol, R134a) and almost
isentropic distribution of temperature versus entropy (R141b), Fig. 2 and Fig. 3. That has a bearing on the
course of expansion line meaning that the expansion in the first case is all the way through the
superheated steam region, in the second one it proceeds in the wet steam region whereas in the third one
partially in the wet region and finally terminating just in the superheated steam region.
It is apparent that heat transfer to vapour exhibits smaller values of heat transfer coefficient than in the
case of heat transfer during boiling of vapour and therefore influences the size of heat exchangers. Small
dimension of heat exchangers (condenser and evaporator channels) requires also analysis of pressure
drops in these exchangers, which influence cycle parameters and as a consequence temperature
differences in heat exchangers and also the heat exchanger dimensions. In such a case calculations of
thermodynamic cycle parameters are rather tedious and iterative.
In calculations it has been assumed that vapor parameters at turbine inlet are known, namely (p1, T1), as
well as that of cooling liquid temperature at inlet and outlet to the evaporator (T1w, T2w). Thermal oil is
heated in the boiler to the temperature of 320oC which is subsequently giving its heat away in the heat
exchanger to convert the organic fluid from liquid state to the vapour state (parameters (p1, T1)), where
vapour has pressure equal to 20, 30, 40, 50 and 60bar and temperature allowing to complete the
expansion process as close as possible to the saturated vapour line. Some of these conditions correspond
to subcritical parameters and some to supercritical ones, see Fig. 4 and Fig. 5. Oil temperature at outlet
from the heat exchanger has temperature of 280oC. Efficiencies of pump ηP, and turbine ηT, have also
been assumed. The demand for heat has been regarded as known (heat exchanged in the condenser).
As mentioned earlier, in the case of micro-CHP the electricity production is somewhat a side product in
production of heat and therefore the heat energy is the main output of the thermodynamic cycle.
Assumption of heat demand enables us to compare various working fluids and evaluate the possibility of
production of electricity at the same production of heat. In calculations it has been assumed that the heat
exchangers (boiler and condenser) are of the shell-and-tube type and that both condensation and
evaporation occur inside the tubes. In figure 5 a simplified schematic of the micro-CHP is presented.
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Fig. 5. Schematics of subcritical (a) and supercritical (b)
cycles

In the course of quantitative selection of appropriate fluids for operation at supercritical parameters
simple analysis has been carried out. It resulted in development of a criterion for finding of a fluid having
high efficiency. The analysis commences with the expression for the cycle efficiency:
η=

l cycle
q in

=

h1 − h2
h1 − h3

[1]

In relation [1], for simplicity, enthalpy change due to the presence of pump has been neglected.
Enthalpies can be written in terms of temperatures and fluid properties. In the case of a subcritical cycle
the terms of a corresponding liquid saturation state yields:
h = h + c (T − T ) + h
1

3

p

1

2

[2]
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On the other hand, in case of a supercritical cycle that is:
h1 = h3 + c p (T1 − T2 )

[3]

In both cases the enthalpy at the and of expansion yields:
h2 = h3 + x2 hlv + Δhsup erheat

[4]

2

Relation [4] is a general formula describing the state after the expansion in turbine. In case of expansion
of dry fluids, the vapour superheat, Δhsuperheat, is present (state 2 is found in the superaheated vapour
region), whereas in case of expansion of wet fluids the final state has some quality and Δhsuperheat=0. In
general, two latter cases in relation [4] can be combined to yield a formulae:
h2 = h3 + ΔH (T2 )

[5]

In [5] ΔH=x2h2 or ΔH=hlv2+Δhsuperheat. Substituting relations [3] to [5] into [1] we obtain the cycle
efficiency. In case of subcritical cycle it yields:

η=

h3 + c p (T1 − T2 ) + hlv − h3 − ΔH (T2 )
h3 + c p (T1 − T2 ) + hlv − h3
1
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In case of supercritical case it is:

η=

h3 + c p (T1 − T2 ) − h3 − ΔH (T2 )
h3 + c p (T1 − T2 ) − h3

=1−

ΔH (T2 )

c p (T1 − T2 )
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Temperature difference between condensation and evaporation levels can be expressed in terms of the
Carnot cycle efficiency and then for the subcritical cycle:
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ΔH (T2 )
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where: Ja=cpT/hlv. In case of the supercritical cycle:

η =1−

1
c pT1
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ηc

ΔH (T2 )

Analysis of [8], valid for a subcritical cycle, enables to conclude that the overall cycle efficiency is a
function of a ratio ΔH(T2)/hlv1(T1) and the Jakob number for the same Carnot efficiency. It stems directly
from [8] that we should consider the ratios of ΔH(T2)/hlv1 and cp/hlv1 when we want to consider a
substance as a working fluid in the subcritical cycle. In case of a supercritical cycle the analysis of
relation [9] enables to conclude that the overall cycle efficiency is a function merely of the ratio
cpT1/ΔH(T2) for the same Carnot efficiency. It stems directly from [9] that we should consider the
cpT1/ΔH(T2) ratio when we want to consider a substance as a working fluid. Principal properties of the
examined fluids are presented in Table 1. Values of the Jakob number Ja(T1), enthalpy ration
ΔH(T2)/hlv1(T1), cpT1/ΔH(T2) as well as ideal thermal efficiency (where turbine efficiency and pump
efficiency have been assumed values of 1) ηth, Carnot efficiency, ηC, exergetic efficiency ηb=ηth/ηC and
ηR (where turbine efficiency and pump efficiency have been assumed values of 0,8 and 0.95 respectively)

have been calculated for a selection of fluids and presented in a Table 2. Presented criterion points that
the best one from those considered thus far is R141b. In case of ethanol and R134a, the quality at the end
of expansion process in turbine indicate only a small content of liquid present (x>0.95), which increases
the turbine life span. In case of other fluids the expansion process ends in the superheated steam region,
requiring a regenerator to increase the efficiency of the cycle. Apart from such thermodynamical criterion
also other criteria should be considered such as influence on a human, environment, explosive character.
Fluid
R365mfc
R123
R141b
C2H5OH
R134a

M
kg/kmol
148.07
152,93
116.95
46.00
102.03

pcr
bar
32.66
36.74
42.12
61.48
40.593

Tcr
o
C
186.85
183,79
204.35
240.75
101.06

pcond
bar
1.42
2.14
1.83
0.30
13.18

Table 1. Characteristics of considered fluids.

R365mfc

R123

R141b

C2H5OH

R134a

P1
bar
20
30
40
50
60
P
bar
20
30
40
50
60
P
bar
20
30
40
50
60
P
bar
20
30
40
50
60
P
bar
30
40
50
60
70
80
90
100

T1
C
202.97
226.87
245.16
260.18
273.03
T
o
C
147,25
171,30
192,84
207,96
217,97
T
o
C
156,16
181,58
204,24
222,59
235,79
T
o
C
202,97
226,87
245,16
260,18
273,03
T
o
C
86,961
105,02
118,99
129,68
137,93
144,41
149,63
153,96
o

h1
kJ/kg
534.6
539.5
542.1
543.9
545.5
h1
kJ/kg
456,0
461,4
464,7
466,9
468,7
h1
kJ/kg
534,4
542,5
547,5
550,9
553,6
h1
kJ/kg
1444,1
1473,1
1493,8
1509,7
1522,7
h1
kJ/kg
429,19
433,68
436,95
439,57
441,78
443,75
445,55
447,24

h1-h2
kJ/kg
32.6
36.5
38.6
40.1
41.4
h1-h2
kJ/kg
25,5
29,8
32,4
34,2
35,7
h1-h2
kJ/kg
50,5
57,0
61,0
63,7
65,9
h1-h2
kJ/kg
262,64
285,84
302,4
315,12
325,52
h1-h2
kJ/kg
19,28
22,87
25,49
27,58
29,35
30,93
32,37
33,72

ηth
0,153
0,169
0,177
0,182
0,187
ηth
0,158
0,180
0,192
0,201
0,207
ηth
0,228
0,250
0,263
0,272
0,278
ηth
0,294
0,312
0,324
0,334
0,341
ηth
0,153
0,176
0,193
0,205
0,215
0,224
0,232
0,240

ηc
0,252
0,290
0,316
0,329
0,336
ηc
0,231
0,273
0,307
0,328
0,342
ηc
0,247
0,289
0,323
0,348
0,365
ηc
0,321
0,354
0,377
0,394
0,408
ηc
0,103
0,146
0,176
0,198
0,214
0,226
0,236
0,243

ηb=ηR/ηc
0,608
0,582
0,559
0,554
0,556
ηb=ηR/ηc
0,681
0,658
0,626
0,611
0,606
ηb=ηR/ηc
0,922
0,864
0,814
0,780
0,762
ηb=ηR/ηc
0,916
0,882
0,861
0,846
0,834
ηb=ηR/ηc
1,489
1,211
1,094
1,037
1,007
0,992
0,986
0,985

ηR real
0,123
0,135
0,141
0,146
0,150
ηR real
0,126
0,144
0,154
0,161
0,166
ηR real
0,183
0,200
0,210
0,217
0,223
ηR real
0,235
0,250
0,260
0,267
0,273
ηR real
0,122
0,141
0,154
0,164
0,172
0,180
0,186
0,192

Ja(T1)
3,61
11,8

Ja(T1)
3,66
5,81

Ja(T1)
2,64
4,18
6,63

Ja(T1)
1,39
1,52
1,63
1,71
1,79
Ja(T1)
2,54
2,69

ΔH(T2)/hlv1 Ja(T1, T2)
1,18
1,21
13,74
6,38
4,98
ΔH(T2)/hlv1 Ja(T1, T2)
1,11
1,12
9,38
7,50
5,84
ΔH(T2)/hlv1 Ja(T1, T2)
1,06
1,06
1,07
7,32
6,34
x2
ΔH(T2)/hlv1
0,96
0,956
0,96
0,962
0,97
0,967
0,97
0,970
0,97
0,973
ΔH(T2)/hlv1 Ja(T1, T2)
1,04
1,07
3,04
3,13
3,20
3,25
3,30
3,34

Pr
1,06
2,80
4,51
2,96
2,69
Pr
1,38
2,08
3,59
2,79
2,13
Pr
0,77
2,77
1,47
1,78
1,74
Pr
0,97
0,99
1,01
1,04
1,08
Pr
0,72
0,72
0,72
0,72
0,72
0,72
0,72
0,72

Table 2. Characteristics of cycle efficiencies, Jakob number and ΔH(T2)/hlv1.
Selection of working fluid for micro ORC installation - heat transfer in boiler and condenser
The ability of fluids to exchange heat will be examined for forced convection of the single phase case.
Intensity of heat transfer to fluid flowing in a channel can be described by the Nusselt number. For
turbulent pipe flow the most known in literature method for that purpose is the Dittus-Boelter correlation:

Nu = 0.023 Re 0.8 Pr 0.4

[10]

From [10] is seen that to increase heat transfer coefficient it is necessary to increase velocity of the flow,
in other words the Reynolds number. By increasing velocity of the flow we increase the pressure drop in
channel. So, the effectiveness of heat transfer depends also on frictional pressure drop. In the nondimensional form the frictional pressure drop is expressed by the Euler number:
Eu =

Δp
=ξ
ρw2
2

[11]

Correlations describing pressure drop in single-phase flow is:

Δp LO =

l
G2
ξ fLO
d
2ρ L

[12]

where: G is the mass velocity. In the above relation the friction factor for turbulent pipe flow is calculated
from the Blasius equation, ξ =0.316Re-0.25 relevant to turbulent flow, where Re=Gd/μL. In case of laminar
flow ξ =64Re-1.
Therefore, the effectiveness of heat transfer can be defined as a ratio of Nusselt and Euler numbers.
Expressing the ratio of Nusselt and Euler number using relations [10], [11] and [12] for the case of
turbulent flow the following expression is obtained:

Nu
= 0.0728 Re 1.05 Pr 0.4
Eu

[13]

As can be seen from [13] the effectiveness of heat transfer increases almost linearly with increasing
Reynolds number and Prandtl number raised to the power 0.4. The Prandtl number is responsible for
properties of fluids. The appropriate design process should therefore consider these two factors. The
operator can vary the mass flow rate of working fluid, but also the correct choice of the fluid, shown up
by the importance of the Prandtl number. Performed calculations show that dry refrigerants, namely
R365mfc, R123, R134a and R141b attain highest values of the Prandtl number, however only in the very
narrow range of conditions (150÷250oC).
Conclusions

The ORC efficiency and sizes of equipment seems to become the main future issues of CHP. A small
change in Prandtl number in case of considered fluids indicates that the thermodynamical criteria are of
more importance than these related to heat transfer. The highest efficiency of the thermodynamic cycle is
linked with the choice of the appropriate organic medium, as well as temperatures higher then critical
ones. In the paper is clearly shown that supercritical cycles exhibit higher efficiency than the subcritical
cycles [14]. Improvement is about 5% in the efficiency comparing with subcritical cycles. This is at the
expense of a bigger vapour generator size. Therefore to sustain the compactness of the heat exchangers it
is required that even more efficient heat exchangers are built to operate with high performance in the
vapour region. A further investigation of supercritical ORC seems to be challenging.
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ABSTRACT
This paper presents the results of a dynamic model simulating a new small size solar assisted adsorption
air conditioning system for residential or tertiary sector buildings. The model was developed in TRNSYS
and is able to dynamically simulate the behaviour of each component of the system. The climatic data
used as input parameters refer to the city of Messina, while the thermal load profile used for simulations
has been calculated considering the thermo-physical features of a small office building. The small size
adsorption chiller has been modelled on the basis of experimental data collected on a laboratory prototype
developed by CNR-ITAE that uses an innovative zeolite type synthesized for low regeneration
temperature. Tests on the prototype have been carried out in several operating conditions and the recorded
data have been used to predict the thermal behaviour and performance of the adsorption chiller.
The results show that the system is able to provide enough cooling power to assure comfort condition in a
30 m3 office room. Afterwards, a parametric analysis was carried out in order to identify the most
influencing parameters and to find out the most appropriate size for the various components of the system.
INTRODUCTION
In recent years, large scale solar thermal energy utilization has seen a considerable development in terms
of number and size of applications. One of the potential and more promising application of thermal solar
energy use is building air conditioning (C.A. Balaras et al, 2007): we need only consider that the highest
cooling demand in the buildings occurs when the solar energy availability is the highest. Despite the large
potential demand for solar cooling systems in the building sector, their application has been limited to a
small number of pilot and demonstration projects. The main reason for this is the low level of technical
and economic development of the thermally driven chillers, the large size of this kind of chillers available
on the market, the high cost of the solar collectors and the very low cost of the electric cooling devices.
As a direct consequence of this phenomenon, the peak load on the electricity grid in summer critically
increased especially in Mediterranean countries: there is a clear correlation between the increased
electricity demand and the growing sales of electric small air conditioners.
In such a background, small and cheap solar air-conditioning systems can be a viable alternative to
conventional air conditioners and in particular adsorption chillers show a high potential. Indeed, such
devices can be thermally driven by low temperature heat source (70-90°C), utilize cheap, safe and not
polluting refrigerants and adsorbent materials (e.g. water vapour and zeolite or silica gel), do not present
moving parts. Finally, concerning the size, a wide availability on the market of units with a small nominal
cooling capacity is expected: some silica gel adsorption machines, with cooling capacity of about 75 kW,
are available since several years while few units of small-size adsorption machines have been recently
introduced in the market. This, together with the expected reduction of collectors cost, that represents
30% - 50% of total system cost, can constitute a decisive break-through of solar cooling system using
heat in the low temperature range.
LAY-OUT OF THE SOLAR ASSISTED AIR CONDITIONING SYSTEM
The simulated system mainly consists of a double-bed adsorptive chiller driven by the thermal energy
coming from evacuated-tube or flat-plate solar collectors and/or from an auxiliary gas boiler (Fig. 1). The
system also includes a thermal storage system (2) equipped with two inner heat exchangers, for the solar
and the gas boiler circuits. The adsorption chiller is cooled by a dry cooler (5) and produces chilled water
to be used by a common fan coil (6) or a cooling ceiling. The solar cooling system is also equipped with
electric pumps, expansion tanks and several safety devices. Figure 1 shows the overall lay-out of the
system.
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Fig. 1: Lay-out of the solar assisted air conditioning system. 1) Solar collectors; 2) Thermal storage;
3) Back-up boiler; 4) Adsorption chiller; 5) Dry cooler; 6) Fan coil.

ADSORPTION CHILLER
The full scale laboratory adsorption chiller was designed to be thermally efficient and suitable to be
driven by a low temperature heat source. It consists of an evaporator and condenser and two adsorbent
beds built by innovative heat exchanger modules holding the grains of a new zeolite-like adsorbent
material specifically developed for low regeneration temperature (Kakiuchi H. et al, 2005). The vacuum
chambers containing the double adsorber have been specifically designed to fit the adsorbent bed and
present various flanges that allow the connection with the other components of the prototype and the
installation of the measurement devices (pressure gauges, temperature sensors), necessary to control and
manage the system during testing. The evaporator and the condenser are “two phases” exchangers, in
which both liquid and vapour phases are present. A copper finned tube coil used as inner exchanger
allows large heat exchange surface and high efficiency. The bottom side of the exchanger cools
down/heats up the liquid phase, while the upper part exchanges thermal power with the steam. This
feature allows high evaporation/condensation from the liquid phase inside the evaporator/condenser (A.
Sapienza et al, 2008).
A specific test bench was used in order to simulate the external heat source/sink, to measure the most
relevant parameters and to perform tests at different operating conditions. Fig. 2 shows the full scale
adsorption chiller connected to test bench during the experimental activity. Table I reports the settable
temperatures and flow rates for the heating source (Th, Fh), the evaporator (Tev, Fev) and the condenser
(Tcon, Fcon).
Table I. Settable operating conditions.
Th
Tev
Tcon

up to 120 °C
5 – 25 °C
20 – 45 °C

Fh
Fev

up to 45
10 – 25

LPM
LPM

Fcon

10 – 25

LPM

Fig. 2: The full scale laboratory adsorption chiller connected to the test-bench.
In order to gather as much data as needed to properly simulate the dynamic behaviour of the chiller, more
than 60000 cycles were performed in different operating conditions. All experimental data have been
collected, treated and plotted. The figures 3a and 3b present the most relevant experimental results.
The analysis of data shows that the chiller is capable of up to 3.5 kW of cooling power while the
maximum COP is 0.6. As expected the cooling power and COP are a function of the condensation and
evaporation temperature: they decrease at high condensation temperature and at very low evaporation
temperature. It is evident that the built chiller can provide high cooling power and sufficient COP when
the condensation temperature is lower than 35°C, i.e. in the most common operating conditions.
Furthermore, it is interesting to point out that the chiller is capable of producing cold (0.5 - 1 kW) with a
certain efficiency (COP = 0.1) also when Tc = 40-50°C, which corresponds to severe climatic conditions
of south European summer.
The results of tests here reported, have been used to develop and verify a mathematical model used in
TRNSYS environment to simulate the adsorption chiller behaviour. A quite correct correspondence
between experimental results and simulated performance has been observed.
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Fig. 3: Chiller performance, as a function of Tc – Tev (a) and Tc inlet (b).
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MODEL DESCRIPTION
For the system modelling the TRNSYS software has been chosen. TRNSYS is a commercial software
designed and built to simulate the dynamic behaviour of power systems: this software is one of the most
suitable for the simulation of solar cooling systems since it provides to the user a lot of dedicated libraries
to model the different components (solar collectors, heat storages, absorption machines, etc.). Moreover it
allows to model new components by writing the governing equations in Fortran language.
The system modelling required the implementation of a new block for simulating the performance and the
thermal behaviour of the adsorption prototype built at CNR-ITAE. To this aim, the experimental results
obtained in the laboratory have been used: the curves of COP and cooling power as a function of the input
temperature of the condenser and evaporator have been fitted and the corresponding equations have been
derived. Then, in order to implement the whole system, several program blocks of the TRNSYS libraries
have been selected among the available and their result verified. The following system components have
been modelled (into the brackets, the corresponding block used are specified):
−
−
−
−
−
−

Meteonorm data for the city of Messina (Type 109-TMY2);
the evacuated-tube and flat-plate solar collectors (Type 538 and Type 540);
the gas boiler (Type 700);
the thermal storage (Type 60);
the fan coils and the dry cooler (Type 508 and Type 753);
the thermal load corresponding to a 30 m3 office room (Type 56).

All the variable parameters inside the used blocks have been arranged in order to adapt the mathematical
model to the real features of each component. The outline of the main model implemented in TRNSYS is
shown in Figure 4.
A particular attention was given to the control strategies, both for the adsorption chiller and the heat
supply system, because the performance significantly depends on the logic of management implemented.
The selected strategy controls the system as follows: the adsorption chiller operates only during working
hours (from 8 a.m. to 6 p.m.); the pump located between solar collectors and heat storage runs only when
the temperature output from the collectors is higher than the storage temperature; the gas boiler has been
set to maintain the thermal storage temperature at 80° C. Besides, the pumps and the gas boiler are turned
off during the night in order to reduce heat losses from the thermal storage.
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Fig. 4: Layout of the TRNSYS model.
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PARAMETRIC STUDY OF THE PERFORMANCE
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Several simulations have been carried out using the TRNSYS model above described. Performance have
been calculated simulating the system operation during the summer (from 15 June to 15 September).
In order to optimize the configuration of the system, both evacuated-tube and flat-plate solar collectors
have been considered and simulated, changing also some important parameters such as the volume of heat
storage, the tilt angle and area of the solar collectors.
The overall performance of the solar cooling system has been evaluated by calculating, for each
simulation, the value of the solar energy supplied, i.e. the ratio of the amount of heat supplied by solar
collectors to the total amount of heat supplied.
Preliminary tests were carried out to determine the optimal tilt angle of collectors (azimuth 0°). To this
aim, some simulations have been performed, both for flat-plate collectors and for evacuated-tube
collectors while keeping the other parameters unchanged. The results obtained (Fig. 5) show that the
optimum tilt angle is 20° for both cases, although the influence of the tilt variation is more evident for the
flat-plate collectors: a reduction of the fraction of solar energy supply by about 25% can be observed
changing the tilt angle from 20° to 45°, while for evacuated-tube collectors it is only 2%.
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Fig. 5: Solar energy supply vs. tilt angle (heat storage volume 0.5 m3): evacuated-tube (a) and flatplate (b) solar collectors.
Additional simulations were conducted by varying the thermal storage volume and the overall area of the
solar collectors. In order to calculate the maximum area of solar collectors to be simulated we referred to
a rule of thumb reported by Henning (Henning H.M, 2004): considering an average value of solar
incident radiation of 700 W/m2, a COP of the adsorption chiller of 0.45, an efficiency of evacuated-tube
and flat-plate solar collectors of 0.5 and 0.4, respectively, the optimal specific area of 6.35 m2 and 7.95 m2
per kW of cold to be produced has been calculated for evacuated-tube and flat-plate collectors,
respectively.
Thus we have chosen to perform simulations by varying the thermal storage volume from 0.3 to 0.75 m3
and the overall area of the solar collectors up to 19.2 m2 and 26.2 m2 for evacuated-tube and flat-plate
collectors, respectively.
Figure 6 shows the results of the parametric analysis. It is evident how evacuated-tube collectors allow to
achieve a very high solar energy supply, amounting to about 95% of the total energy required, for thermal
storage volumes ranging from 0.5 to 0.75 m3. On the contrary, flat-plate collectors allow to reach a
maximum value of solar energy supply equal to 65% with a thermal storage of 0.75 m3, while a
considerable reduction of the solar energy supply value can be observed when the thermal storage volume
is reduced.
Figure 7 shows the evolution, during the hottest week of the year (17-23 July), of the ambient and internal
temperature calculated for an optimized solar cooling system (12.8 m2 of evacuated-tube collectors, 20°
tilt, 0.5 m3 of thermal storage volume). The results show that the solar cooling system is capable to
maintain a comfortable internal temperature (25 °C), even if the external temperature exceeds 35°C.
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Fig. 6: Solar energy supply as function of the volume of thermal storage and of the area of
evacuated-tube (a) or flat-plate collectors (b).
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Fig. 7: Evolution of the ambient and internal temperature during the hottest weeks of the year (1723 July).
CONCLUSIONS
A model of a small solar air conditioning system based on an innovative adsorption chiller developed by
CNR-ITAE, was implemented in TRNSYS environment and presented in this paper. The results of the
simulation, performed for the city of Messina, show that the proposed solar cooling system is capable to
maintain a comfortable internal temperature (25 °C) in a 30 m3 office room, even if the external
temperature exceeds 35°C.
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ABSTRACT
It is well known that the part load behaviour of sorption chillers is mainly influenced by the external
temperatures of hot, chilled and cooling water. In order to better understand the impact of these
temperatures on the load characteristics and to simplify the description thereof a fundamental method has
been developed several years ago which combines the external temperatures into one characteristic
temperature function, which is a double difference, ΔΔt. It is found that the heat flows of the main
components show an almost linear dependence on this temperature difference, with a slope and intersect
which are the characteristic parameters of the respective chiller.
More and more frequently this method is used for control purposes and in simulation tools. Although – quite
often – the overall results (e.g. cooling capacity, driving heat flow and COP, etc.) are in good agreement
with measurements, deviations are found when deriving the characteristic equation from basic parameters of
the chiller as compared to empirical correlations derived from measurements or simulation results.
It is shown that the dominating irreversibilities in the solution cycle are the main reasons for these deviations.
Under variing load conditions these irreversibilites are not constant and do not depend linearly on ΔΔt. As
a consequence the corresponding characteristic parameter which accounts for the thermodynamic losses
(ΔΔtmin) is also not constant. Nevertheless, from detailed numerical simulations, in addition to basic
considerations, it was found that the variation of ΔΔtmin can be correlated by the sum of external
temperature thrust and lift. This helps in understanding the good correlation with experimental results.
Keywords:
Absorption chiller, part load, characteristic equation method, minimum driving temperature difference
INTRODUCTION
The method of characteristic equations (Ziegler et al., 1999) links the exchanged heat flows Q& X to the
external (heat carrier) temperatures, tX, and the internal (refrigerant and solution) temperatures, TX, via the
equation of heat transmission:

Q& X = (U ⋅ A)X ⋅ ΔTX = Y X ⋅ (t X − TX ) ⋅ z X ,

[1]

where X is used as a variable index for denoting the main heat exchangers evaporator (X=E), condenser
(X=C), absorber (X=A), desorber (X=D). The z-factors account for the deviation of the used driving
temperature differences (TX – tX , where tX are arithmetic mean values) and the real temperature differences
which drive the heat flows and often can be asumed to be the logarithmic mean temperature differences.
Combining Eq. [1] with internal enthalpy balances of each main heat exchanger (X=E, D, A, C) leads to

TX = t X −

Q&
Q& E ⋅ K X
− X ,irr ,
YX ⋅ z X YX ⋅ z X

[2]

where KX are enthalpy coefficients, which relate the enthalpie differences of solution and refrigerant vapour
to the enthalpy difference at the evaporator, and YX are the heat transmissions. The values of Q& E ,irr and Q& C ,irr
are zero, Q& A,irr , Q& D ,irr will be explained later. Applying Dühring's rule (i.e. TD – TA = (TC – TE)·B) to eliminate
the four internal temperatures in Eq. [2] the cooling capacity can be expressed by a simple equation

Q& E = s E ⋅ (ΔΔ t − ΔΔ t min ) = s E ⋅ ΔΔ t + rE ,

[3]

where slope sE and intersect rE (or ΔΔtmin, respectively) are the characteristic parameters for the cooling
capacity (index E). They are defined as

⎛ KD
⎛ KC
KA
1
s E = ⎜⎜
+
+ B ⋅ ⎜⎜
+
⎝ YC ⋅ zC YE ⋅ z E
⎝ YD ⋅ z D Y A ⋅ z A

⎞⎞
⎟⎟ ⎟
⎟
⎠⎠

−1

⎛ Q&
⎞
Q&
r
ΔΔt min = ⎜⎜ D ,irr − A,irr ⎟⎟ = − E .
sE
⎝ YD ⋅ z D Y A ⋅ z A ⎠

[4]

The variable ΔΔt is the characteristic temperature difference, which is for single stage cycles the difference
of external temperature thrust (tD – tA) and lift (tC – tE) weighted by B, the Dühring parameter.

ΔΔ t = Δ tT − B ⋅ Δ t L = (t D − t A ) − B ⋅ (tC − t E )

[5]

Obviously, the cooling capacity according to Eq. [3] is a linear function of ΔΔt if the characteristic
parameters are constant (e.g. load dependent variation of heat transmission coefficients is negligible,
constant flow rates etc.). Often the correctness of these assumptions is supported by measurements since sE
and rE can easyly be derived from a linear data fit (Fig. 1). Even if the heat transmissions are not constant,
but their variation is given as linear function of thrust or lift, the method can be applied. The first idea of
variable characteristic parameters was already given by Hellmann et al. (1999) and Hellmann, Ziegler
(1999). Slope and intersect or ΔΔtmin, respectively, were correlated as function of ΔΔt or the external
temperature lift but no detailed physical analysis was conducted. Thus here the investigation on the
influence of internal irreversibilities on the variation of the characteristic parameters will be performed.
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Fig. 1: Flow scheme of a single-effect absorption chiller (left) and measured values of cooling capacity
from a 10 kW chiller (Kühn and Ziegler, 2005) and its characteristic equation (right) for
constant solution mass flow rate.
MEASUREMENTS
As seen from Fig. 1 the capacity at design conditions of a single stage absorption chiller was measured
several times by Kühn et al. (2005).
t Xi
t Xo
The external design inlet temperatures
X
V&X
TX
Q& X
YX
zX
(tDi/tAi/tEi) = 75°/27°/18°C correspond
Unit
m³/h
°C
°C
°C
kW kW/K
to a design value of ΔΔtdesign ≈ 22 K. In
D
1.2
74.9 65.1 62.8 13.4
1.9
0.82
Tab. 1 the averaged values of these
E
2.9
18.0 14.9 12.9 10.5
3.0
0.93
measurements are depicted for the
C
2.6
31.0 34.9 36.0 11.7
3.7
0.85
internal cycle and the external heat
A
2.6
27.0 31.0 36.6 12.1
1.7
0.98
transfer media. These values have been
S
0.17 31.5 60.8 52.1
4.6
0.8
0.99
used to determine the heat transmissions (YX) according to Eq. [1].
Tab. 1: Averaged performance data for design conditions.

The needed internal temperatures of the refrigerant TC and TE are measured directly. The mean internal
temperatures of the solution (TD and TA) are derived indirectly from measured values as follows

TD = Tsat ,H 2O / LiBr ( p sat ,H 2O (TC ), xm )

TA = Tsat ,H 2O / LiBr ( p sat ,H 2O (TE ), x m )

with xm =

x r + xa
2

[6]

In Tab. 1 data for the solution heat exchanger (X=S) which will be used in the following cycle simulation, are
given also. It holds tSi = T5 = T4, tSo = T6 and TS = (T1 + T2)/2 as the mean temperature of the poor solution.
CYCLE SIMULATION
The values of Tab. 1 for external and internal flowrates as well as the heat transmissions have been used in a
cycle simulation. As assumed in the derivation of the characteristic equation method, flow rates and heat
transmissions were kept constant for
16
6
all load conditions. In addition the
sE / (kW/K) ΔΔtmin / K
temperature dependency of the external
min. 0.485
0.63
5
max. 0.501
3.61
heat carrier has been neglected (i.e.
ρX = 1000 kg/m³, cp,X = 4.18 kJ/kgK are
12
constant).
4
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In Fig. 2 the resulting cooling capacity
is plotted against ΔΔt. Open symbols
show the simulation results for external
inlet temperature variations between
55°C < tDi < 95°C, 21°C < tAi < 33°C,
and 9°C < tEi < 18°C, respectively.
These 'exact' results are independent of
the characteristic equation method. The
data fits (lines without symbols) use
selected groups of these results.

ΔΔ t / K
Fig. 2: Simulation results for all temperature combinations
(symbols) and for discrete variations of tXi (lines).

The mean characteristic straight line
( Q& Eglobal , broken straight line in Fig. 2)
is derived from a linear data fit using
all the simulation results together. From this global fit the characteristic parameters of the simulation
global
= 0.28 K, respectively, are derived. They are very
s Eglobal = 0.46 kW/K and rEglobal = -0.13 kW or ΔΔt min
similar to the characteristic parameters of the measurements (0.47 kW/K and -0.11 kW, see Fig. 1).
In the simulation – in contrast to the fit procedure of measured data – it is also possible to calculate the
characteristic parameters directly from Eq. [4a] and [4b] for each load condition. These values are called the
'differential' characteristic parameters. The minimum and maximum value of sE and ΔΔtmin,E for all load
variations are shown in the upper left hand table in Fig. 2. The minimum differential values of sE and ΔΔtmin are
global
. In addition the differential slope parameter is relatively
both larger than the global values s Eglobal and ΔΔt min
constant but the variation of ΔΔtmin is remarkable. Its variation is also plotted as dashed lines in Fig. 2 for three
discrete variations, ΔΔtmin(tXi), where one inlet temperature is varied and the remaining two are kept to the
design value. In addition, when the cooling capacities, Q& E (t Xi ) , of these selected groups are fitted separately as
functions of ΔΔt, different characteristic parameters are derived (e.g. the slope may be larger or smaller than
the global slope). Obviously the fitted global and differential characteristic parameters deviate.
In the slope parameter the internal irreversibilities related to the refrigerant mass flow rate (like throttling
from p(TC) to p(TE), desuperheating of refrigerant vapour from TD to TC and warming it up from TE to TA)
are accounted for inherently by the enthalpy coefficients. These irreversibilities are changing proportionally to
the load or ΔΔt, respectively. However, the change of differential slopes s E (predicted by Eq. [4a]) is small
because usually the enthalpy coefficients do not change much. This is also illustrated in Fig. 3 schematically:

Let the temperatures tE' < tE'', tD' < tD'' and tA' < tA'', tC' < tC'' result in
Q& E
B'
sE'
the same ΔΔt in point A=A'=A''. Due to different internal temperatures (and consequently different values of KX) the differential slopes
C'
are slightly different (sE' > sE''). Thus, an increase of ΔΔt by
C''
increasing tE' or by increasing tD'' and ignoring a change of ΔΔtmin for
&
a moment, increases QE from A to two different values C' and C''. Δr '
B''
E
A
But the simulation results for Q& E are B' and B'' since ΔΔtmin is in''
sE''
Δ
r
E
creased with tDi and decreased with tEi (see Fig. 2). The intersect rE
changes in the other direction, i.e. rE' > rE''. For the simulated chiller the
differences of Q& E at C' and C'' are negligible small compared to the
ΔΔt
differences in intersect (i.e. ΔrE' + ΔrE''). Consequently, the
global
Fig.
3:
Variability
of
differential
are mainly due to variations of ΔΔtmin.
differences of Q& E to Q& E
parameters
SOLUTION CYCLE AND ΔΔtmin
The characteristic parameter ΔΔtmin can be derived from the enthalpy balances at the generator and absorber
(similar to Ziegler et al. (1999)). State points are given in Fig. 1.

Q& D = m& R ⋅ (h7 − h1 ) + m& r ⋅ (h1 − h6 )
142
4 43
4
Q&

Q& A = m& R ⋅ (h4 − h10 ) + m& p ⋅ (h4 − h3 )
142
4 43
4

D , irr

[7]

Q& A,irr

The heat flows Q& D ,irr and Q& A,irr are combined in ΔΔtmin (Eq. [4b]). Alternatively they can be derived from an
energy balance at the solution heat exchanger also, where

Q& S , p = (m& ⋅ c p )p ⋅ (T2 − T1 ) = −Q& S ,r = − (m& ⋅ c p )r ⋅ (T6 − T4 ) = − m& r ⋅ (h6 − h4 ) .

[8]

The maximum heat which can be transferred by an infinitely large heat exchanger and the amount which is not
transferred, are given by the following equations, where ηS = (T1-T2)/(T1-T4) is the heat exchanger efficiency.

Q& S ,max = (m& ⋅ c p )p ⋅ (T4 − T1 ) = m& p ⋅ Δhmax

Q& S , p ,irr = Q& S ,max − Q& S , p = m& p ⋅ Δhmax ⋅ (1 − η S ) = m& p ⋅ (h2,id − h2 ) .

[9]
[10]

Throttling of solution is isenthalpic (h3 = h2). In addition the heat flow Q& A,irr can be expressed in two parts

Q& A,irr = m& p ⋅ (h4 − h2 ) = m& p ⋅ [(h4 − h2,id ) + (h2,id − h2 )] = m& p ⋅ Δh A,h + m& p ⋅ (1 − η S ) ⋅ Δhmax

[11]

Q& A,irr = Q& A,h ,irr + Q& S , p ,irr

[12]

where the ideal state '2,id' corresponds to ηS = 1. In the same way we can derive Q& D ,irr as

Q& D ,irr = m& r ⋅ (h1 − h6,id ) + m& r ⋅ (h6,id − h6 ) = m& r ⋅ ΔhD ,h − m& p ⋅ (1 − η S ) ⋅ Δhmax = Q& D ,h ,irr + Q& S ,r ,irr

[13]

and finally, ΔΔtmin can be rewritten in three terms by inserting Eq. [12] and [13] into Eq. [4b]

⎛ 1
1 ⎞ Q& D ,h ,irr Q& A,h ,irr
⎟+
ΔΔt min = Q& S , max ⋅ (1 − η S ) ⋅ ⎜⎜
+
−
YD ⋅ z D Y A ⋅ z A ⎟⎠ YD ⋅ z D Y A ⋅ z A
⎝
424
3
14444442444444
3 123 1
Γ
Ω
Λ

[14]

The heat flow Q& S ,irr = Q& S ,max ⋅ (1 − η S ) is often called 'heat exchanger loss'. It is a thermodynamic (not thermal)
loss since it enters the system in the desorber as Q& S ,r ,irr and leaves it again from the absorber at a much lower
temperature as Q& S , p ,irr . It is heat which flows through the device just producing entropy but no product (cold).

From Eq. [17] it is also seen, that ΔΔtmin stands not only for the irreversibilities in the solution heat
exchanger but also for irreversibilities due to the temperature glide and the change in concentration. These
irreversibilities are considered in Q& D ,h ,irr and Q& A,h ,irr , respectively. They may dominate at high load.
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Fig. 4: Differential ΔΔtmin-value (right) and its terms (left) for discrete variations of tXi.
In Fig. 4 the three terms which make up ΔΔtmin (i.e. Λ, Γ, Ω) are shown on the left hand side as function of
ΔΔt, for the discrete variations of tDi, tAi and tEi desribed before. It is seen that for increasing tDi (i.e. increasing thrust) all terms (Λ, Γ, Ω) are increasing. For increasing tEi (i.e. decreasing lift) it is – in average –
the other way round (all decreasing). In contrast, the ΔΔtmin–value is more or less constant with decreasing
tAi (see Fig. 2) since the term resulting from irreversible heat exchange Λ is decreasing but Γ and Ω are
increasing. A more uniform behaviour can be achieved, if all the simulated ΔΔtmin–values (open symbols in
Fig. 4 right) are plotted against ΣΔt, the sum of external temperature thrust (ΔtT) and lift (ΔtL). Allthough a
considerable scatter is left, a linear fit could be performed using all simulated values (bold line with given
values for a and b in the lower right hand corner of Fig. 4). The deviation of the linear fit-correlation to the
'exact' simulation results becomes largest at high values of ΔtL or ΔtT, respectively. For operating conditions
where the deviations are larger then 0.5 K the inlet temperatures are shown separately in Fig. 4.
By inserting the linear approximation for the variation of ΔΔtmin from Fig. 4 into Eq. [4b], the characteristic
equation is refined as a linear combination of external thrust and lift

⎛
⎛ b ⎞⎞
⎛B+a⎞
*
*
*
Q& E = s E ⋅ (1 − a ) ⋅ ⎜ Δ tT − ⎜
⎟ ⎟ = s E ⋅ (ΔΔ t − ΔΔ t min )
⎟ ⋅ Δ tL − ⎜
⎝ 1 − a ⎠⎠
⎝ 1− a ⎠
⎝
where ΔΔt * = Δ tT − B * ⋅ Δ t L ,

B* =

B+a
,
1− a

*
ΔΔt min
=

b
,
1− a

[15]

s E* = s E ⋅ (1 − a ) . [16]

Equation [15] is again a linear function when plotted against the modified ΔΔt* with characteristic
*
and B*, which all together account for the mean linear change of the irreversibilities
parameters s E* , ΔΔtmin
in the solution cycle as function of ΣΔt. Since these are increasing with ΣΔt (i.e. a > 0) it becomes clear from
Eq. [16d] why the global slope ( s Eglobal ≈ s E* ) is lower then the differential (sE). The fit-correlation for ΔΔtmin
could be further improved if b is allowed to be a linear function of e.g. ΔtL (i.e. ΔΔ t min = a ⋅ ΣΔ t + b ⋅ Δ t L + c )
or if ΔtT and ΔtL are wheighted seperately (i.e. ΔΔ t min = a ⋅ Δ tT + b ⋅ Δ t L + c ).
Even then the characteristic equation can still be seen as a linear combination of external thrust and lift or as
a linear function of a modified characteristic temperature differerence, respectively. This is the reason for
the good results of the method described in Kühn et al. (2005) where – in addition to the differential
characteristic parameters – two new parameters where used also, but with no physical meaning so far.

CONCLUSION
Up to now measurements seem to verify the assumption of constant intersect of the characteristic line of
absorption chillers which was understood to be a placeholder for the solution heat exchanger loss. In this
work it is shown that the intersect is constant only apparently. This is a consequence of the nearly linear
dependency of intersect as function of the sum of temperature thrust and lift.
Even if all heat transmissions are kept strictly constant (as assumed in the derivation of a characteristic
straight line so far) the numerically derived values of the intersect vary considerably, since they hold not
only for the solution heat exchanger loss but also for the irreversibilities of changing concentration and
necessary temperature glide. Thus, the global slope parameter derived from a data fit of measurements (or
simulation results), differ from the differential parameter. Since fitted parameters depend on the
underlying data points (with their specific variation of intersect) it is not possible to predict general and
distinct global values.
Therefore the cooling capacity is not a linear function of the characteristic temperature difference. The deviation
of cooling capacity plotted against the characteristic temperature difference to a global characteristic straight
line, is not only scatter, but is due to real partload behaviour as compared to the assumptions in the method.
Partly these deviations are inherent in the method if the variability of internal irreversibilities is not considered.
But, as long as the variation of differential slope can be neglected and the intersect can be approximated by
a linear function of external temperature thrust and lift, the characteristic equation can be interpreted as a
linear combination of linear equations with constant slope and variable intersect. The variation of intersect is
mainly due to variable internal irreversibilities in the solution cycle. Alternatively, a modified characteristic temperature difference can be used, where a modified Dühring parameter accounts for their influence.
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Heat exchange surface
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ABSTRACT
Trigeneration systems have been used in a number of applications including commercial buildings and
industrial facilities. Most of these have been for space cooling applications with a smaller number for
refrigeration applications in the food processing industry which requires temperatures below 0oC. This
paper is concerned with the investigation and development of modular trigeneration systems for food
industry applications based on the integration of microturbines and ammonia water absorption
refrigeration systems. Specifically, the paper presents results of experimental investigations on the
performance of a 12 kW capacity ammonia-water absorption refrigeration system driven by thermal
energy recovered from the exhaust gases of a microturbine in a trigeneration arrangement. The heat
transfer between the microturbine exhaust heat exchanger and the generator of the absorption
refrigeration system is performed by a heat transfer fluid in a closed heat transfer loop. Tests were
performed at different brine temperatures and heat transfer fluid temperatures. The performance of the
unit was evaluated and found to compare favourably with the performance of a directly gas fired
absorption chiller. In addition, the overall efficiency of the trigeneration system was also evaluated.
Keywords: ammonia-water absorption chiller, trigeneration, performance characteristic, heat transfer fluid
INTRODUCTION
Absorption cooling is a technology that uses heat instead of electricity to produce cooling. The heat to the
generator of the absorption chiller can be provided directly by a gas fired system or indirectly using a heat
transfer fluid. Rossa et al. 2007, reported on the use of a thermal fluid system to drive the generator of an
ammonia-water absorption chiller. The authors showed that the system could start producing refrigeration
at a thermal fluid temperature of 120 oC, and achieved a COP of around 0.26. Florides et al. 2002,
reported on an ammonia-water system with air cooled absorber and condenser that required a generator
temperature in the range of 125 to 170oC.
The combination of absorption refrigeration with a CHP plant enables the use of the generated heat to
produce cooling and refrigeration. Bassols et al. 2002, illustrated examples of typical ammonia-water
plant in the food industry. Jalalzadeh-Azar et al. 2002, reported on successful integration of cogeneration
plant with absorption coolers for industrial and commercial applications. These systems have not been
applied widely to the food industry, however, due to the unavailability of small size low temperature and
low cost absorption refrigeration systems off-the-shelf.
The energy and carbon savings from CHP installations can be as high as 30% compared to separate heat
and power generation but this depends on many factors such as the size of the scheme and the nature of
the heat load (DTI, 2007). For maximum savings there needs to be simultaneous demand of heat and
electricity and a fairly constant heat demand throughout the year. In many applications where the demand
for heat does not remain constant throughout the year, the utilisation efficiency of a CHP plant can be
increased if the excess heat is used to drive thermally driven (sorption) refrigeration systems. The
integration of CHP with sorption refrigeration technologies is known as Combined Heating Refrigeration
and Power (CHRP) or trigeneration.

Tassou et al. 2007 and Sugiartha et al. 2008 showed that trigeneration technology based on a micro gas
turbine integrated with an absorption refrigeration system can provide promising economic and
environmental benefits when used in supermarket applications. The authors indicated that payback
periods of between 3 and 5 can be achieved for gas to electricity price ratios less than 0.3. Arteconi et
al. 2009 reported that trigeneration systems in supermarket applications can produce primary energy
savings of 56% with payback period of less than 5 years.
This paper presents results of experimental investigations on the performance of a 12 kW capacity
ammonia-water absorption refrigeration system driven by thermal energy recovered from the exhaust
gases of a microturbine in a trigeneration arrangement. The heat transfer between the microturbine
exhaust heat exchanger and the generator of the absorption unit system is performed by a heat transfer
fluid in a closed heat transfer loop arrangement.
TEST FACILITY
The trigeneration test facility incorporates three main modules; CHP module, absorption refrigeration
system module, and a refrigeration load module. These modules which are shown in Figure 1 were
comprehensively instrumented to measure temperatures, pressures and flowrates to enable the
performance of the unit to be evaluated.
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Figure 1: Schematic diagram of test facility using oil as the heat transfer medium between the
microturbine and absorption refrigeration system
The CHP module is based on a Bowman 80 kWe recuperated microturbine generation package
MTG80RC-G with in-built boiler heat exchanger (exhaust heat recovery heat exchanger). The
microturbine consists of a single stage radial compressor, single radial turbine within an annular
combustor and a permanent magnet rotor (alternator) all on the same rotor shaft. Other systems in the
engine bay include the fuel management system and the lubrication/cooling system. Heat recovery from
the exhaust gases is performed in a stainless steel flue-gas/liquid heat exchanger. The heat recovery fluid
is Diphyl-THT high performance synthetic heat transfer fluid that can operate at temperatures up to
340oC.
The absorption refrigeration system employed is a packaged gas fired ROBUR ACF-60LB chiller. The
performance of the unit in its gas fired format, was established from tests in the laboratory. For brine flow

temperatures between –11 oC and +3 oC, the refrigeration capacity of the unit was found to vary from 8.5
kW to 15 kW and the COP from 0.32 to 0.57 (Tassou et. al. 2008).
To be used in a trigeneration arrangement the generator of the absorption unit was modified to be heated
by the heat transfer fluid that flows in a loop between the microturbine exhaust heat recovery heat
exchanger and the absorption refrigeration system generator as shown in Figure 1. The modification
included the replacement of the gas burner with a heat transfer jacket around the generator as shown in
Figure 2. The jacket design and heat transfer fluid flow around it were optimised using Computational
Fluid Dynamics (CFD).
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Figure 2: Design modification of the absorption chiller to operate with heat recovered from the
exhaust gases of the microturbine

METHODOLOGY AND TEST RESULTS
Tests were performed at different brine temperatures at the refrigeration system evaporator and heat
transfer fluid temperatures at the generator. Brine delivery temperatures ranged between -10.4 to -2.3 oC.
The microturbine operated at full load with 100% recuperation. Tests at different heat transfer fluid
temperatures between 187 and 217 oC were performed by changing the power output of the microturbine
from 10 to 80 kW whilst the brine flow temperature was maintained at -8 oC. The following parameters
were recorded: power output, fuel consumption and exhaust gas temperature of the microturbine;
temperatures, pressures and flowrates of the brine and heat transfer fluid; pressures and temperatures at
various points of the refrigeration cycle of the absorption chiller; power consumption of the heat transfer
fluid pump and absorption refrigeration system brine pump. These parameters were used to determine the
COP of the refrigeration system, the electrical generation efficiency of the microturbine system and the
overall efficiency of the system operating in a combined refrigeration and power mode (CRP) and
combined refrigeration, heating and power mode (trigeneration). Equations 1 to 5 were used for the
calculations as follows:
.

Q
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COP = c = b b bi bo
Qg mo .Cpo .(Toi − Too )

[1]

Including the power consumption of the heat transfer fluid pump the system COP is given by ,
.

Qc
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The results of a start up test for the oil fired unit are shown in Figure 3. The Figure shows the variation of
the heat transfer fluid (HTF) temperature and the brine temperature entering and leaving the evaporator
with time. It can be seen that at start up of the gas turbine unit the HTF temperature increased almost
linearly and reaches 150 oC approximately 15 minutes from start up. The absorption unit started to
produce refrigeration at this point with average HTF temperature around the generator of 145oC and
average generator surface temperature 134.5oC. The HTF temperature continued to rise reaching a
maximum of approximately 210 oC approximately 75 minutes from start up.
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Figure 3: Temperature profile of HTF and brine of the plant at 80 kW power output and ambient
temperature 9-11oC
The performance of the absorption unit, in its gas fired format, was established from tests in the
laboratory. For brine flow temperatures between –11 oC and +3 oC, the refrigeration capacity varied from
8.5 kW to 15 kW and the COP from 0.32 to 0.57 (Tassou et al, 2008).
The modified unit performs as well if not better than the gas fired unit. At brine flow temperature of –8.0
o
C both units have a refrigeration capacity of 12 kW. If the heat transfer fluid pump power is taken into
consideration, both units will have a COP of around 0.53. The influence of the HTF and brine delivery
temperature on the performance of the absorption refrigeration unit is shown in Figure 4. It can be seen
that as the HTF temperature increases the refrigeration capacity of the absorption refrigeration system
increases from around 10 kW at a HTF temperature of 167 oC to 13 kW at HTF temperature of 217 oC.
The COP of the system initially increases reaching maximum at HTF temperature of 195 oC, and then
begins to reduce. Maximum refrigeration system COP of 0.73 is achieved at HTF temperature of 195 oC
at a brine flow temperature of -8oC. The overall system COP which includes the HTF pump power
follows closely the variation of the refrigeration system COP, reaching a maximum of 0.6 at HTF
temperature of 195 oC.
Figure 4 also shows that the refrigeration capacity of the absorption system is not influenced by the brine
delivery temperature. The brine temperature, however, has an influence on the system COP which

increases as the brine delivery temperature reduces, reaching a plateau at a brine delivery temperature of
-4.0 oC.
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Figure 4: Performance of absorption refrigeration unit at different brine delivery and HTF
temperatures
TRIGENERATION SYSTEM ARRANGEMENT
The heat required by the absorption chiller used in the tests was much lower than the heat available in the
exhaust gases of the microturbine. To establish the refrigeration and heating potential of the trigeneration
plant a spreadsheet based simulation was performed using the performance parameters and characteristics
established from the experimental programme.
A proposed trigeneration system arrangement for food retail applications is illustrated in Figure 5. The
system is based on an 80 kWe recuperated microturbine with two identical boiler heat exchangers
installed in series. This configuration can minimise complexity in regulating the exhaust gas flow and
provides constant HTF temperature to the absorption refrigeration system. It can be seen that the system
can generate 45 kW of refrigeration and 93 KW of heat for space and domestic hot water heating.
Figure 6 shows the influence of the HTF flow rate on the performance of the refrigeration system
assuming full load operation of the microturbine, a return HTF temperature of 189 oC and ambient
temperature of 12 oC. The heat recovered from the exhaust gases increases slightly with HTF temperature
as well as the refrigeration capacity of the absorption refrigeration system at the expense though of
increased HTF pump power.
The influence of the HTF flowrate on the system efficiency is shown in Figure 7. It can be seen that the
HTF flowrate has little impact on the overall performance of the system. The power generation,
refrigeration, heating and overall system efficiency remain fairly constant over a wide range of HTF flow
rate from 2.5 to 6.5 kg/s. The overall efficiency of the system is 75%. Cooling efficiency of the
trigeneration plant can be improved up to 19% when the temperature of the HTF entering generator is set
at about 180 oC, but it can reduce the overall efficiency of the plant. For optimum efficiency and savings,
the plant capacity needs to be designed in accordance with simultaneous demand of cooling, heating and
electricity.

Food retail industry
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HTF-transport heat losses 70 W/m (steel pipe 80 mm and HTF-circuit length 20 m)
HX1 = HX2 are 2-2 shell and coiled tube heat exchanger with heat transfers area 12 m2
HX1 and HX2 are installed adjacent to each other, heat losses in HX and duct is not considered
Temperature drop in the hot water system considered 20 K and ambient temperature 12oC

Figure 5: Estimated capacity of a trigeneration plant utilizing an 80 kW microturbine power
generation for food retail industry
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CONCLUSIONS
A commercially available gas fired ammonia-water absorption refrigeration system has been redesigned
to operate in a trigeneration arrangement in conjunction with a microturbine based CHP system. The
system utilises a heat transfer fluid for heat transfer between the CHP exhaust gas heat recovery system
and the generator of the absorption system.

Best absorption refrigeration system performance was obtained with a HTF temperature to the generator
of 195 oC. Based on the performance characteristics established in the laboratory the maximum
refrigeration capacity of an 80 kWe microturbine based trigeneration system was found to be 45 kW. The
overall efficiency of such a system was determined to be 75%. System improvements can be achieved by
using a higher efficiency CHP system and optimising the heat transfer circuit to reduce the pump power
consumption.
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NOMENCLATURE
Symbol

Description

Symbol Description

CFD
CHP
COP
COPs

Computational fluid dynamics
Combined heat and power
Coefficient of performance
COP system with HTF pump power
considered
Specific heat of brine (kJ/kgK)
Specific heat of HTF (kJ/kgK)
Combined refrigeration and power
Caloric value of fuel (MJ/m3)
Heat exchanger
Heat transfer fluid
Mass flowrate of brine and HTF (kg/s)

Qc
Qg
Qh
T.oi, Too
V
Tbi, Tbo
We
Wf
Wpump
ηe
ηTRI

Cpb
Cpo
CRP
CV
HX
HTF
. .
mb, mo

Cooling capacity (kW)
Heat recovered in generator (kW)
Heating capacity (kW)
Temperature of HTF in and out (oC)
Fuel flowrate (m3/hr)
Temperature of brine in and out (oC)
Electrical power generation (kW)
Energy consumption rate of fuel (kW)
Pump power (kW)
Electrical efficiency (%)
Overall efficiency of the trigeneration
plant (%)
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ABSTRACT
This paper presents first results on the stability of current available materials like silica gels and zeolites,
recently developed materials like aluminophosphates (AlPO) and silica-aluminophosphates (SAPO) and
novel materials like metal organic frameworks (MOF) under hydrothermal treatment.
Seven materials in form of powders or granules as well as one composite have been analysed under
continuous thermal cycling in order to evaluate their suitability for the use in thermally driven sorption
heat pumps and cooling machines.
The stability of powders has been analysed in-situ by thermogravimetry in a first stage short-cycle test. In
case of the composite, made up of an active sorption material and a support structure, a cycling-test rig
has been developed in order to realise a life-cycle stress. The need for a first stage short-cycle test is
demonstrated impressively by the dramatic loss of more than 50% sorption capacity of a SAPO-34
sample within the first 10 cycles.
Keywords: hydrothermal, stability, adsorption, sorption heat pumps, cycle
INTRODUCTION
Thermally driven chillers and heat pumps, based on adsorption/desorption of water in micro- and
mesoporous materials, provide a promising approach towards an efficient use of energy as well as an
effective climate protection through reduced CO2 emission of conventional heating and cooling devices.
Commercially available heat pumps or sorption chillers still use adsorbents that have originally been
developed for applications like gas separation or catalysis (Critoph 2005, Nunez 2007). In the case of
adsorption chillers or heat pumps, silica gels or zeolites are still the first choice. For the next generation of
chillers and heat pumps that are currently under development, novel adsorbents are required.
In recent years, there has been significant research progress on micro- and mesoporous adsorbent
materials for closed and open system heat transformation applications or desiccant cooling systems
(Schmidt 2005, Jaenchen 2004, Aristov 2002). Novel adsorbents with specifically tailored properties are
becoming available (Henninger 2009, Ng 2008) and new composites based on these materials are under
development (Bonaccorsi 2006). Examples for recently developed and now commercially available new
molecular sieves are UOP-DDZ70 or Mitsubishi AQSOA-Z02.
With regard to new adsorber concepts, based on these materials or composites and faster cycling times an
intense investigation of the stability under application conditions, which is continuous cycling between
high and low temperatures under pure adsorptive atmosphere is needed.
Most publications on new material development focus on the thermodynamic properties, e.g. water
loading curves and resulting heat flows. There are some publications available including a brief
discussion on the stability with relevance to the aim of this paper (Bauer 2007, Tatlier 1999). Furthermore
there exist various publications on the stability under diverse treatments and boundary conditions which
unfortunately cannot easily be adapted to the applications in focus (Lutz 1994, Trujillo 1997, Palella
2003, Buhl 2004).
METHODOLOGY
According to the evolution steps each material has to pass through within an adsorber development, this
paper is organised as follows. First, we state the methods, results and limitations of the short-cycle tests
on powders and granules which represent an early stage of material development.
Second, we work out the details on the method and results on the treatment of composites.

Short-Cycle Tests of Powders and Granules
Hydrothermal stability of powders and granules has been analysed in-situ by thermogravimetry. All
measurements have been performed on a Setaram TG-DSC 111 and a Setaram SetSys Evolution, both
coupled to the controlled humidity generator WetSys. The assembly of the thermogravimetry SetSys
Evolution is sketched in Figure 1.
The system consists of a beam microbalance articulated on a torsion band with a measuring range of +/200 mg and a resolution of 0.03 µg. In order to measure the mass variation under a well defined gaseous
flow with a controlled and stable humidity rate, the balance is connected to the humidity generator
WetSys.
The humidity rate is measured with a Rotronic humidity sensor (precision +/- 1.5 % RH)) and Argon
(Argon 5.0, purity 99.999 %) has been used as carrier gas. All measurements have been performed at a
flow rate of 30 ml/h, with the water bath temperature set to 40°C. The humidity rate has been varied to fit
a pure water vapour pressure of 12 hPa or 56 hPa respectively and the sample temperatures have been
varied between 140°C and 20°C (see Figure 2). This represents typical evaporator / condenser
temperatures (10°C / 35°C) and a typical range of desorption / adsorption temperatures for sorption heat
pumps or chillers.
Furthermore it is possible, to observe the effect of corrosive gases on the sorption capacity by the use of
the auxiliary connection on the SetSys apparatus.

Figure 1 : Setaram SetSys Evolution coupled to
the controlled humidity generator WetSys and
with adaption for corrosive gases used for in-situ
short cycle tests to determine the stability of
sorption
materials
under
hydrothermal
treatment.

Figure 2 : Example for hydrothermal treatment.
the sample is heated up to 140°C and cooled
down to 20°C under a water vapour pressure of
12 hPa.

Due to the in-situ approach to measure the mass variation during the treatment, about 10 hours are
required for one cycle. Therefore only a small number of cycles (range 10 to 30) are carried out. Although
the cycle numbers are quite low compared to possible cycle numbers during lifetime in a real application,
the results can give a first impression on the stability of the pure material.
As presented in Figure 2, the performed stability test consist of a repeated adsorption at 20°C or 40°C
depending on the water vapour pressure followed by a desorption step at 140°C through stepwise heating
up and cooling down of the sample under a continuous humidified carrier gas flow.
The results on seven different materials are shown in Figure 3. The initial value is defined by a first
adsorption measurement at 20°C / 12 hPa or 40°C / 56 hPa and set to 100% loading spread. All following
measurement points are referred to this initial value. The initial and final values (in g/g) as well as the
percentage are given in Table 1.
As can be seen in Table 1 and Figure 2, the material AQSOA-Z02 (Mitsubishi Chemicals) shows a high
load combined with a very good stability during this first stability test. As the resolution and accuracy is
in the range of the symbol size, we measured a slightly reduced water uptake of about 1%.
With regard to current developments of sorption heat pumps a Y-zeolite sample has been tested. Like the
AQSOA sample, the zeolite shows no significant reduced water uptake after 10 cycles. However, the
water uptake under these conditions is smaller compared to AQSOA-Z02 (see Table 1). As Silica Gel is

still used in commercial available adsorption chillers, a standard Silica Gel (Grace 127 B) has been tested.
The sample shows a good overall stability within the first cycles. Though there is a small, nearly linear
degrease in water uptake with increasing cycling.

Figure 3 : Results of the short-cycle test on different sorption materials (powders)
With regard to novel materials samples of AlPO-18, SAPO-34 and two MOF samples were investigated.
The results of the AlPO-18 sample and the MOF ISE-1 are quite similar.
They show a slightly reduced water uptake after a few cycles which must be further investigated. In case
of the highly novel sample ISE-1 out of the class of metal organic frameworks, water adsorption
characteristics and stability are reported in Henninger et al, 2009.
Unlike the materials mentioned above, the SAPO-34 and the Cu-BTC sample show a strong degradation
within the first stage tests.
In case of the SAPO-34 sample this leads to a dramatic loss in sorption capacity of approximately 60 %
within 7 cycles. Similar results are measured for the Cu-BTC sample with a reduced water capacity by
approximately 40 %. Although the Cu-BTC sample shows a strong degradation within 15 cycles, the
material is still highly interesting for further development as it shows the highest water uptake capacity.
Table 1 Values of the short-cycle tests. The initial value has been measured as adsorption at 20°C /
12 hPa. Final load is given as percentage of the initial value. (* initial adsorption at 30°C / 12 hPa)
Sample
Cycle No.
Initial load
[g/g]
Final load
[ % initial
load]

Silica Gel

AQSOA-Z02

Y-Zeolite

AlPO-18

SAPO-34

ISE-1

Cu-BTC

23

26

9

7

7

4

15

0.261

0.294

0.190

0.194*

0.212*

0.30

0.347

94.5 %

99.05 %

99.2 %

95.7 %

39.1 %

95.4 %

60.2 %

Long-Term Cycle Tests of Composites
For the long-term cycle test of composites two separate test facilities for cycling and characterisation are
used. As the cycling test facility only provides measurement of sample temperature and vapour pressure,
but not the weight respectively uptake of water, the analysis of the composites is performed in the
Rubotherm Thermogravimetry described below. This supplies high accuracy of measurement combined

with a short cycle time. Both facilities allow the measurements of composites with a base area size up to
5x5 cm².
The typical procedure of a composite degradation test starts with the characterization of the sample by a
fast fingerprint method in the thermogravimetry. This screening consists of one reference point at 140°C
and three adsorption points at 20°, 60° and 95°C at 12 hPa.
Following a hydrothermal cycling treatment (for example with 1000 heating and cooling cycles) takes
place. After a defined number of cycles the samples are again characterised with the fingerprint method in
order to detect changes of the adsorption capacities caused by the thermal treatment.
In addition optical documentation with a camera and microscope is done to show mechanical defects like
cracks in coating layers or changing of colour and surface texture. Then the next run starts again with
another 1000 cycles. This procedure is performed until no more degradation can be detected or the
averaged lifetime of a composite in terms of heating and cooling cycles is reached.
The typical duration of 1000 cycles is 50 hours or about 2 days depending on the thermal contact between
adsorbent and metal support as well as the adsorbent mass. Characterisation by fast fingerprint takes
another day.
The cycling test facility provides three separated sample chambers which can be operated independently.
All samples are connected to a specifically designed sample holder, which enables fast cooling and
heating between 20 and 130°C in order to simulate a life-time stress. The pressure in the vacuum system
is kept constant by a combined evaporator respectively condenser at the bottom of the chamber.
During cycling of a composite a series of gas samples can be taken to detect gases resulting from
chemical reactions like corrosion or detachment of organic solvers with a mass spectrometer.

Figure 4 : Cycling test facility, one of the Figure 5 : Schema of the magnetic suspension
(Rubotherm
TG)
for
chambers opened during preparation. In the thermobalance
center is the sample holder with fixation unit and measurements under pure water vapour
atmosphere.
a UOP-DDZ70 composite.

For the characterisation of the composite a special Rubotherm TG is used. Here the sample is linked to a
suspension magnet which allows the measuring force to be transmitted contactless to the balance.
The measuring cell can be connected to a water vapour reservoir or to the vacuum pump. To establish
well-defined thermal conditions, the measuring cell, the coupling housing, water vapour reservoir and all
connections can be temperature controlled. In addition, the cell can be heated electrically to obtain
different, in particular higher sample temperatures.
The resolution of the balance is 10 µg with a reproducibility of 30 µg and a maximum load of 50g.
Pressure is measured with an accuracy of 10 Pa, the Pt-100 sensor gives the sample temperature with an
accuracy of 0.1K.
One of the first samples that have finished a large number of cycles is a composite assembled of a UOPDDZ70 zeolite adsorbent foil and a 2mm aluminum sheet. The connection is made of a Scotch 3-M
double sided adhesive tape. First results of this sample determined by thermogravimetric characterization
during the 8.000 cycles degradation test are shown in Figure 6. There are three data sets corresponding to
the adsorption points of the fast fingerprint method dealing with the adsorption capacity. The absolute

amount of adsorbate is normalized with respect to the initial value and set to 100%. In addition Figure 6
contains the trend of the reference mass at the desorption point.

Figure 6: Results of cycling test, composite sample UOP-DDZ70. After a small degradation at the
beginning, the sample seems to be stabilized above 4500 cycles. Lines are guide to the eyes.
The sample shows a decrease of approximately 5-10 % adsorption capacity within the first 1000 cycles
for all adsorption spreads. From 4500 cycles on the sample has stabilized at a level of 85-90% of initial
load. The reference mass shows a significant and continous increase during the test.
Table 2 Values of the long-term cycle test. The reference point is measured at 140°C, water vapour
pressure is 12 hPa for all points.
Number of cycles Reference mass
Loading spread at Loading spread at Loading spread at
20°C
60°C
95°C
0 / initial

13.58409 g

72.82 mg

25.90 mg

7.75 mg

7900 / final

13.58755 g

65.07 mg

22.03 mg

6.67 mg

Final state

+ 3.46 mg

89.4 %

85 %

86.1 %

DISCUSSION AND CONLUSION
The aim of this paper was to present first data of short- and long-term hydrothermal cycling-tests of
sorption materials and to point out the demand for further investigations on the stability of both, pure
materials and composites by thermal treatment under water vapor atmosphere.
As the results of the short-term tests show, this procedure can give important information on the expected
stability of novel synthesized materials as well as on common available materials. As shown above, the
AQSOA-Z02 and the zeolite Y sample show no significant reduced water uptake. Whereas the slightly
reduced water uptake of about 5 % for the standard Silica gel as well as the AlPO-18 and the most novel
material ISE-1 is acceptable but must be further investigated, this is not the case for the SAPO-34 sample
which shows a dramatic loss of about 60% of water adsorption capacity within 7 cycles. The morpholine
synthesis of the SAPO-34 leads to a hydrothermal highly unstable material where the pore structure is
successively destroyed under continuous cycling. Therefore the use of different template molecules for
the synthesis of SAPO-34 is highly recommended.
Furthermore we tested the stability of two samples out of the novel class of metal organic framework
materials. Whereas the Cu-BTC sample showed a continuous degradation with increasing cycle numbers,

the ISE-1 seems to stabilize. This must be proven with enhanced stability tests but first results of ongoing
test are promising.
Regarding the results of the long-term cycle test on the composite we observed two effects. First, the
water capacity was reduced to 90% compared to the initial value. Second we measured an increase in the
overall mass of the composite. In consideration of these results, the reduced water uptake may be a
combination of a small loss of accessible pore volume due to hydrothermal damage and co-adsorption of
gases, i.e. volatile gases of the adhesive tape or liquids which cannot be dissolved. To summarize, the
composite seems to stabilize after 4500 cycles which has to be proven by further cycling. In addition,
corrosion of the metal support, which has been actually observed on the aluminium support, could be an
explanation for the increasing reference mass and has to be analysed.
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Abstract
CHP is acknowledged to be an effective way for energy savings in stationary applications due to the
simultaneous onsite production of heat and electricity from a single fuel source. The effective usage of the
released heat is usually crucial for economical and energy benefits. In the case of building applications with
seasonally varying heat loads, heat consumption is a real issue in the summertime. The idea of coupling
thermal driven cooling machines with micro-CHP units or with heating networks of central CHP was born as
an answer to this issue.
The EU project PolySMART aims at demonstrating the cost-effectiveness and reliability of small-scale
combined heat, cooling and power (mCHCP) units for a wide range of buildings and industrial applications.
Beside technical review and market aspects, the project deals with the design and the sizing of such plants. In
total 12 demonstrators in 7 EU countries have been built and are undergoing a field test. This paper presents
the demonstration activities of the project, a primary energy analysis approach for the design stage for the
plant and performance assessment program of PolySMART for the investigated demonstrators, especially the
common monitoring method.
Introduction and project scope
The main objective of the geographically dispersed project PolySMART (acronym for polygeneration with
advanced small and medium scale thermally driven air-conditioning and refrigeration technology, co-funded
by EU in the framework program FP6) is to support the market entry of small and medium capacity trigeneration systems. These small-size systems are generally composed of a micro-Combined Heat and Power
unit (mCHP) and of a Thermally Driven Chiller (TDC). The alternative concept of connecting a TDC to a
district heating network with central CHP is another aspect handled in the project.
The project PolySMART started in summer 2006 with in total 32 participants from 11 countries. Beside
prototype assembling and demonstration activities, the project handles other aspects such as market entry
issues, the development of component and system models for engineering, the development of design
guidelines and tools for professionals, and the production of documents for training and dissemination.
This paper presents the demonstration activities of the project, a primary energy analysis approach for the
design stage for the plant and the performance assessment program of PolySMART for the investigated
demonstrators, especially the common monitoring methodology.
The demonstration activities
The core task of the project remains the demonstration activity, that runs from project start until almost
project end in mid 2010. It encompasses prototype design and sizing, prototype production and assembling,
prototype commissioning and around 1 year of operation under real conditions (field test).
The prototype design, especially the coupling of mCHP with TDC required some tuning and adaptation of the
main components in order to have the heat flux released by the one matching well the requirements of the
other (essentially in terms of temperature level and flow rate). The usage of thermal storages (cold and hot)

was considered with respect to dynamic issues and for energy performance purposes (i.e. running the TDC at
night when outside temperature is more appropriate for heat rejection). Another issue was the selection of a
high-performance small-size heat rejection system that operates with low electric consumption even at part
load. A special standardized chart named “functional block diagram” was developed for the description of the
system at component level (s. example on Figure 1 ).
FUNCTIONAL BLOCK DIAGRAM
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Figure 1: functional block diagram of a demonstration plant describing the installation at a
system level
Eight demonstration sub-projects using different TDC technologies (s. Table 1) are currently carried out on
twelve sites in seven European countries dealing with a wide spectrum of applications (s. Table 2). Different
combinations of TDC and mCHP systems or heating network from central CHP have been developed at a
nearly pre-commercial stage. The operation of the demonstrators is being investigated under real operation
conditions (varying loads) and assessed with regards to cost-savings and energy performance. For that, a
common comprehensive metering and monitoring methodology was developed by the partners for an indepth performance analysis and for determining which kind of application each combination performs best
with. The installations are equipped with sensors in accordance with the project standards. Thus, major
energy fluxes are constantly recorded for performance assessment and investigation of system behaviour.
Special attention is paid to the collection of experience made and lessons learned made during the system
design and assembly and field trials in order to provide future customers with a set of best-practise-rules for
an optimal sizing, construction and running of their mCHCP plant.

Table 1: Portfolio of TDC and mCHP tested in PolySMART
Thermal driven cooling
ClimateWell (10 kWc)
Sortech (5 kWc)
Sonnenwärme (10 kWc)
Robur (17 kWc)
Ecool (2,5 kWc)
Sonnenwärme (10 kWc)
Aosol ( 7 kWc)
ClimateWell (10 kWc)
Rotartica (4,5 kWc)
Aosol ( 7 kWc)
Pink (10 kWc)
Sortech (2*5 kWc)

Micro-CHP
District heating
District heating
District heating
Avesco (52 kWe, nat gas)
n.n. (1 kWe )
Senertec (2*5.5 kWe,heat. oil)
Senertec (5.5 kWe, bio-oil)
Senertec (5.5 kWe, nat gas)
Senertec (5.5 kWe, nat gas)
Senertec (5.5 kWe, nat. gas)
Stirling (3 kWe)
Tedom (8 kWe)

Heat rejection system
Dry c. tower (option:spray)
Dry c. tower (option:spray)
Dry c. tower
Dry cooler
Dry c. tower
Internal
Borehole/wet c. tower
Dry c. tower
Internal
Wet c. tower
Dry c. tower (option:spray)

Table 2: Description of location and type of load for the 12 demonstration plants
Location
Lisbon
Porto Alto /P
Madrid
Vitoria-Gasteiz /SP
Milan
Graz
Freiburg /D
Ludwigshafen /D
Diessen /D
Berlin
Petten /NL
Borlände /S

Application
Office building
Offices
Sport facility
Laboratory hall
University building

Distribution
DHW
Power
Heating+cooling loop yes Grid coupled
Heating+chilled water yes Grid coupled
Heating+chilled water
Grid coupled
Heating+chilled water yes Grid coupled
Heating+chilled water,
Grid coupled
air-conditioning
Winery process
Industrial app.
Grid coupled
Offices
Heating+chilled water
Grid coupled
Utility facility
Heating+chilled water
central CHP
Store, showroom
Heating+chilled water
Grid coupled
Computer centre
Heating+chilled water
central CHP
Research house
Heating and cooling
yes Grid coupled
loop
Administration building
Heating loop, warm
central CHP
and cold air

DHW: domestic hot water

Primary energy savings analysis
In the following, the primary energy consumption of a CHCP system 1 is compared with a reference system
featuring a standard vapour compression chiller (s. Figure 2). The primary energy PEref needed in the
reference system to produce cooling capacity QC depends on the primary energy efficiency ηPE,electricity (the
reciprocal of the primary energy factor) and the coefficient of performance COPVCC of the vapour
compression chiller:

PE ref =

QC
[1]
η PE,electricity ⋅ COPVCC
Reference system

Electricity

Compression Chiller

Electricity
Fuel

Cooling load

cooling tower
CHP

TDC

Cooling load

CHCP plant

Figure 2: Reference system is constituted by a compression chiller while the CHCP plant by a mCHP
and a TDC
For a CHCP system the fuel is converted in the CHP unit into electricity with an efficiency of ηCHP,electricity and
into heat with an efficiency of ηCHP,thermal. The TDC transforms the heat into cooling with a coefficient of
1

Assuming cooling function only: 100% of CHP heat is sent to TDC

performance COPTDC. A fuel efficiency factor ηPE,fuel is introduced to account for the primary energy (PE)
content of the fuel. The net electricity produced is fed into the grid and generates a PE bonus for the CHP.
The TDC unit requires a relative big heat rejection equipment (here a fan cooler is assumed) that is powered
by electricity. The cooling tower efficiency ηCT describes the electricity consumed per unit of heat rejected.
(In the reference system the heat rejection efficiency is included in the COP figure, assuming a directly aircooled machine). Altogether, the primary energy consumption for a CHCP system is:

⎡
1
PE CHCP = Q C ⎢
⎢⎣ ηCHP,thermal ⋅ COPTDC

⎛ 1
⎞
η
ηCT
⋅⎜
− CHP,electricity ⎟ +
⎜η
⎟
η PE,electricity ⎠ η PE,electricity
⎝ PE,fuel

⎛
1 ⎞⎤
⎟⎥ [2]
⋅ ⎜⎜1 +
COPTDC ⎟⎠⎥⎦
⎝

The PE savings are defined as

ΔPE relative =

PE ref − PE CHCP
[3]
PE ref

The standard parameter set used for this computation can be found in Table 3.

Table 3: Parameters (nominal values) for the comparison of a CHCP system with a reference
system
Parameter
COPVCC
ηPE,electricity
ηCHP,electricity
ηCHP,thermal
COPTDC
ηCT

Meaning
COP vapour compression chiller
primary energy efficiency electric grid
Electric efficiency of the CHP
Thermal efficiency of the CHP
COP of thermally driven chiller
Efficiency factor of heat rejection unit

Value
3.50
0.36
0.30
0.55
0.70
0.02

According to the assumptions of Table 3, PE savings in a range of 10% seem to be possible. Figure 3 (left)
shows the dependency of PE savings upon grid efficiency. The grid efficiency for Germany (36%) is
highlighted in the diagram. It can be seen that with a small increase of the grids efficiency the primary energy
saving with CHCP decreases strongly but can be compensated by slightly higher COP of TDC. Figure 3
(right) on the other hand shows that small improvements in the electric efficiency of the CHP lead to a strong
increase of primary energy savings.
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Figure 3: Primary energy saving for CHCP with variation of the grid efficiency (left) and the
CHP electric efficiency (right) with different COP of TDC

A sensitivity analysis discloses what are the most influencing parameters. (s. Figure 4). The most sensitive
parameter turns out to be the primary efficiency of the fuel. An increase by 1% from the nominal value (say
from 95% to 95.95%) would lead to an increase of PE savings by 3.8%. The next sensitive parameter is the
primary energy efficiency of the electric grid (3.4%). The electric efficiency of the CHP is more as twice
sensitive than the COP of the TDC. The sensitivity of the COP of the TDC and the VCC are almost in
balance. Thermal efficiency of the CHP is not that sensitive and at the very end is the efficiency factor of the
heat rejection system.

Figure 4: Sensitivity analysis: impact of 1% increase of parameter on primary energy savings.
The length of the bars shows the relative increase of PE savings
Planning and commissioning a CHCP system means to find a good combination of components in the design
phase and applying sophisticated control strategies for operation. The sensitivity analysis above gives CHCP
plant designers a hint which components should be selected carefully. From the four parameters the designer
can influence (ηCHP,electricity, ηCHP,thermal, COPTDC, ηCT) the electric efficiency of the CHP is the most relevant.
The width of possible parameter deviation from a given value can be interpreted in two ways. First, the
improvements due to future progress in development, and second the deviation to nominal values due to the
quality of operation and control. The parameters can be sorted as following:
Extent of
Reason for parameter variation
deviation
Future progress in R&D
Quality of operation and control
Low (1%)
ηPE,fuel
ηCHP,electricity, ηCHP,thermal
Middle
COPTDC
ηCHP,electricity, ηCHP,thermal, ηPE,electricity, COPTDC,
(10%)
COPVCC, ηCT
High (100%)
ηCT
Performance assessment methodology
At the very beginning of the project, a common monitoring scenario was agreed upon between the partners.
In this common scenario, first of all, common rules for graphical representation and a detailed common
terminology were defined in order to guarantee a common understanding of things. Then, a list of common
Performance Figures (PF) was prepared.
The subsequent work on the common monitoring and evaluation procedures was all based on this PF list, a
catalog that describes the performance figures and their minimum accuracy requirements. To compute those
PF, it is required to measure continuously a minimum set of data in all the demonstrators, the so called

Common Monitoring Data. Additionally, an error propagation analysis was performed prior to the selection
of the sensors.
The PF list (s. Figure 5) distinguishes two monitoring levels: level 1, dealing with the overall CHCP plant
balance, and level 2, in which the focus is set at a component level. A PF refers generally to one of the
different evaluation aspects of the demonstration plant: energy fluxes, amount of primary energy,
environmental impact and running time statistics for level 1, and in level 2 to different energy efficiencies of
the main components concerned (CHP, TDC, heat rejection unit, heating and cooling loads, and other loops).
For instance, a relevant PF in level 1 is the primary energy savings of the overall plant, while in level 2 it is
the electrical efficiency of the CHP or the COP of the TDC for the evaluation of those components, or the
calculation of the energy balance in the main components (TDC and CHP) to check measurement
consistency.

Figure 5: short excerpt of the PF list
Once the common monitoring scenario was adopted by each demonstration subproject, some evaluation
procedures and guidelines were conceived for their specific undertaking: The PF list was further detailed for
the common evaluation procedure: e.g. in the calculation of the PF values several conditions and rules were
added (e.g. energy efficiency of a component should only be calculated when the component is running), and
detailed summarising/cumulating procedures were specified to calculate PF over a given period of time.
Some relevant Common Monitoring Data were also added to the PF list. Moreover, for a harmonized
application of the PF calculations, definition of several common measuring procedures (e.g. to measure
emissions) and estimating procedures ( e.g. some guidelines to assist in the definition of the reference
conventional system used to calculate primary energy savings) were added if necessary.
The common PF are calculated according to the given guidelines, and then pasted in the standard graph
templates developed in the project. The information exchange and understanding between partners is in this
way highly improved.
Additionally, a software program called PF-Evaluator was developed by Ikerlan-IK4: the program is able to
read data from records, and automatically calculate the common PFs. In this way, the performance evaluation
of the plants and the application of the protocol for the data quality assurance of the monitored data are
considerably eased.
Conclusion
PolySMART aims at demonstrating the cost-effectiveness and reliability of small-scale combined heat,
cooling and power units for a wide range of buildings and industrial applications. After design and
commissioning, demonstration plants are monitored over a long period of time. Data evaluation procedures
were designed and developed to compute commonly defined performance figures and make an harmonised
evaluation of all the demonstrators in an homogeneous way. After monitoring completion the results will be
handed over to the industrial partners to help them to determine which market segments are the most
appropriate for their products.
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INTRODUCTION
Micro and small scale trigeneration systems offer a wide range of technology applications for small industries
and other small-scale premises like residential houses. Lately developed systems arouse constantly more
interest for their potential of saving primary energy, reducing electricity peaks on the grids and improving
cost-benefit ratio of micro-CHP units when combined into trigeneration systems. The operating time of a
CHP system can be significantly increased by using the heat produced for thermally-driven cooling, which
creates a remarkable improvement in cost efficiency.
The production of cool, heat and power from one system, can then enhance the efficiency of CHP, and its
potential benefits in terms of fuel and CO2 emissions savings have been analysed in several studies
(Beausoleil-Morrison et al., 2004; Huangfu et al., 2007; Lazzarin and Noro, 2004). However, limited research
has been conducted for the energy conservation in those small or micro scale applications (Miguez et al.,
2004).
From the view of an energy supply company investigations on the feasibility of the coupling of a centralised
district heating grid with decentralised thermally driven chiller is of high concern. To supply cold in summer
to customers the economically and technically viable option is to use adsorption chillers as driving
temperature requirements meets the temperature ranges of the district heating grid. Adsorption chillers
operate between 60 – 95 °C, the most common driving temperature for low temperature applications is
around 75 °C which can be easily provided by the DH grid. Higher temperatures as required for absorption
chillers are not favourable as those significantly decrease the electricity output of a cogeneration plant.
Within the scope of the EU-funded project PolySMART (POLYgeneration with advanced Small and Medium
scale thermally driven Air-conditioning and Refrigeration Technology) (PolySMART, FP6-2004-TREN-3.
No. 019988), basically two types of system topology are studied: micro-scale combined heat power and
cooling using small CHP units together with small thermally driven chillers and decentralised cold
production with thermally driven chillers within a district heating network fed by centralised CHP units.
One of those demonstration plants erected at Technische Werke Ludwigshafen (energy supply company) in
Germany and being monitored by the Fraunhofer Institute for Solar Energy Systems is presented. This
installation consists of a decentralised cold production with a small adsorption chiller within a district heating
network fed by a centralised CHP unit. Silica gel – water is used as working pair in the adsorption cooling
device.
Monitoring data for the first cooling period was obtained where test runs with different driving and cooling
temperatures have been performed in order to examine the chiller’s operation and integration in the district
heating grid. Focussed on the application for decentralised small-scale thermally driven cooling and the
coupling with a district heat network the monitoring results were analysed and consequential works for
optimising the operation modes are being discussed. The experiments aim at investigating whether promising
theoretical approaches are reliable to be transferred in real operation economics and if the used technologies
already provide necessary potential and a secure energy supply. Further investigation objectives are outlined.

Keywords: combined heating, cooling and power (CHCP); micro- and small-scale; decentralised thermally
driving cooling (TDC); district heating; monitoring; polygeneration
Nomenclature
CHCP
CHP
COP
DH
DHW
IC
mCHP
TDC

combined heating, cooling and power
combined heating and power (cogeneration)
coefficient of performance
district heating
domestic hot water
internal combustion engine
micro combined heat and power
thermally driven chiller

HT
MT
LT

high temperature
medium temperature
low temperature

T_HT_in
T_HT_out
T_MT_in
T_MT_out
T_LT_in
T_LT_out
F
Q
cp
HR

inlet temperature in high temperature circuit, °C
outlet temperature in high temperature circuit, °C
inlet temperature in medium temperature circuit, °C
outlet temperature in medium temperature circuit, °C
inlet temperature in low temperature circuit, °C
outlet temperature in low temperature circuit, °C
volume flow, l/h
thermal capacity, kW
specific heat capacity, kJ/(kg K)
heat rejection

Literature review – related research work
Reported research work about small or micro-scale trigeneration systems with thermally driven cooling is
generally reduced to a laboratory environment. Field test and real applications are not extensively
investigated yet and few experimental results could be obtained. Especially for a district heating grid as
prime mover for small or micro scale applications no literature was found.
In related investigations fuel cells and IC engines as prime movers were used, together with absorption and
ejector cycles, as well as reversible heat pumps, as cooling systems. These studies were, however, mostly
based on simulation (Ferguson, 2004; Dorer and Weber, 2009; Kong et al., 2005; Meunier, 2002; Miguez et
al., 2004), with few experimental results.
With related motivation Huangfu et al. (2007) investigated about a micro-scale building integrated cooling,
heating and power system based on an adsorption chiller and internal combustion gas engine for the use of
residential and small commercial buildings. Experimental focus was laid on heating mode with varying
conditions. They concluded that the available heating output from the mCHCP system varies with the change
of electricity output conditions, which requires good varying load characteristics of the adsorption chiller.
Godefroy et al. (2007) investigated a small-scale CHP and TDC with ejector technology. They concluded that
a good overall efficiency could be achieved if simultaneous requirements for heat and cold production were
given.
Dorer and Weber (2009) performed simulation studies of different residential buildings with varying mCHP
options. Their study revealed that, in certain circumstances, mCHP systems can significantly reduce primary
energy consumption and CO2 emissions relative to conventional means of supplying heat and power, but that
mCHP systems face a strong competitive situation with other innovative supply options. It was shown that
the mCHP device has to be correctly dimensioned in accordance with the heat and cooling loads in order to
fully exploit the reduction potential which might prove difficult as market availability is not flexible. A strong
dependence of the achievable energy savings and of the resulting CO2 emission reductions on the grid
electricity generation mix was observed.
SYSTEM DESCRIPTION
Figure 1 shows a schematic of the CHCP installation. Depending on the end-user’s demand the system can be
operated in cooling or in heat pump mode.

Figure 1: Schematic of the CHCP system
The trigeneration system consists of a thermally driven 5.5 kW (nominal cooling power) adsorption chiller
(provided by the company SorTech AG) which operates with the working pair silica-gel / H2O. The heat
source is a district heating grid fed by a waste incineration plant. Therefore the thermal driving power of the
system is constantly provided. The heat rejection system is a 20 kW dry heat rejection system with an
optional water spray function for peak loads. The system is integrated in an existing air-handling unit which
supplies a canteen. A data acquisition system and thorough measurement equipment is installed to ensure
detailed monitoring results as required for corresponding evaluation and determined in the common
monitoring regulations of the project.
Operation characteristics
The driving cycle of the TDC is connected to the district heating grid as a heat source via a plate heat
exchanger. In the TDC outlet line a storage tank (1000 l) is installed to avoid temperatures peaks being
transferred to the DH grid. Due to constructional specifications, a water – glycol mixture (32 %) as heat
transfer fluid is used in all circuits. Experiments were carried out with a lower volume flow in the heat
rejection circuit than recommended. The cooling tower was set to provide temperatures of 27 °C which were
provided constantly, the fan speed is controlled by the subordinated control of the installation. The set
temperature is adjusted to temperatures measured by a sensor in the outlet line of the heat rejection unit.
Measurement of the electricity consumption is split into two meters, one meter for the cooling tower, the
other meter for the remaining parts of the installation, including the TDC, all pumps and monitoring
equipment.
Measurement of water flow temperatures, volume flows, pressure in the evaporator and heat flux is carried
out using a data acquisition system. Monitored performance data ranges are shown alongside manufacturer’s
specifications in table 1. Actual performance differs to specifications, requiring further experimental test runs
and data analysis.

Table 1: TDC specifications and monitored steady-state performance
manufacturer´s
specifications

monitored
performance

Nominal cooling power
Nominal heating power

5.5 kW*
9.3 kW*

2.5 - 3.7 kW
-

Nominal volume flows
High temperature circuit
Medium temperature circuit
Low temperature circuit

1000 l/h
2.700 l/h
1.700 l/h

1000 l/h
2.400 l/h
1.700 l/h

Ranges of use:
High temperature circuit
Medium temperature circuit
Low temperature circuit

70 °C … 100 °C
27 °C … 40 °C
8 °C … 18 °C

58 °C … 89 °C
27 °C
13 °C … 19 °C

Permitted hydraulic water pressure
Refrigerant filling amount
Electrical power supply

6.0 bar
20 l
230V / 0.06 kW

-

* rated values when pure water is used as heat transfer fluid. In this case a waterglycol mixture has been used. No nominal data was available for these conditions.

EXPERIMENTS
Experiments were carried out on the system with a 5.5 kW adsorption chiller operating a setting of 10 – 16 °C
outlet temperature in the cooling circuit and a setting of 65 – 95 °C inlet temperature in the driving circuit, in
order to evaluate further optimising strategies and promising operating conditions of the TDC installation.
The setting in the heat rejection circuit was 27 °C. 16 test runs lasting 72 hours each were performed to cover
a wide range of operating possibilities. The first columns in table 2 show the settings of each test run.
Table 2: Performed test runs with settings, measured temperatures and cooling capacities
Testrun

1
2
3
4
5
6
7
8
9
10
11
12
13
14
15
16

Set driving Set cooling High temperature circuit Medium temperature circuit Low temperature circuit Cooling capacity COP
temperature temperature

65
75
85
95
65
75
85
95
65
75
85
95
65
75
85
95

16

14

12

10

T_HT_in

T_HT_out

T_MT_in

T_MT_out

T_LT_in

T_LT_out

kWth

62.9
73.0
88.8
85.1
62.7
73.0
79.9
80.0
63.1
73.0
82.5
83.0
63.1
73.0
81.0
83.4

57.7
66.4
82.0
78.4
57.4
66.1
72.7
72.1
58.0
66.7
74.9
75.4
57.9
66.7
73.5
75.7

26.9
26.9
28.5
26.8
26.6
26.6
26.6
26.6
26.6
26.6
26.5
26.5
26.5
26.7
26.7
26.6

30.3
32.1
37.3
34.5
30.2
31.9
33.8
33.5
30.7
31.6
31.0
34.4
30.1
32.3
33.3
33.8

19.0
17.4
18.1
16.8
18.2
16.2
15.7
15.8
17.6
15.6
14.7
14.6
17.9
15.7
14.8
14.6

17.6
15.7
16.3
15.2
17.1
14.8
14.2
14.3
16.4
14.0
13.0
12.9
16.7
14.3
13.3
12.9

2.92
3.47
3.52
3.59
2.49
3.18
3.30
3.28
2.61
3.30
3.66
3.61
2.51
3.11
3.42
3.52

Electrical consumption

kWel

0.39
0.39
0.39
0.37
0.42
0.36
0.33
0.33
0.37
0.38
0.35
0.34
0.41
0.36
0.33
0.32

1.40
1.46
1.35
1.40
1.28
1.35
1.37
1.32
1.20
1.25
1.39
1.32
1.22
1.17
1.20
1.21

RESULTS
Presented data was obtained during stable operating conditions in time spans between 8 – 70 hours; the
results of all performed test runs in terms of constant operating conditions can be seen in table 2.

For all test runs constant temperatures in driving and heat rejection circuits were observed.
The highest set driving temperatures (85 °C and 95 °C) could not be reached due to restrictions of the district
heat company, as temperatures below 90 °C in the return line were required. Those restrictions caused
fluctuations of the driving temperatures when temperatures above 85 °C were set. Temperatures for the
cooling circuit varied between 12.9 °C and 17.6 °C. Set temperatures below 12 °C were not reached. The
measured mean temperatures in all three circuits are shown in figure 2.
100

T_HT_in
T_MT_in
T_LT_out

90

temperature [°C]

80
70
60
50
40
30
20
10
0
1

2

3

4

5

6

7

8

9

10

11

12

13

14

15

16

testrun

Figure 2: Mean temperatures per test run
Lower efficiency and COP values due to water – glycol as a heat transfer fluid were observed. Figure 3
shows the results per test run. A slight tendency to lower efficiency and COP values during the course of test
runs is displayed. Results also show that the highest COP values were obtained with the lowest driving
temperatures.
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Figure 3: Mean cooling capacity and COP per test run
Electricity consumption for all test runs is very high. As can be seen in figure 4 the electricity consumption of
the TDC, pumps and monitoring is nearly constant and also presents the greater part of the total value. The
electricity consumption of the cooling tower varies with the ambient temperatures, between 0.2 kW and 0.5
kW (mean value 0.35 kW).
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Figure 4: Mean electricity consumption per test run

Figure 5: Split of the electricity consumption
based on nominal power values

Volume flows in all circuits were very constant as required for a continuous operation of the plant.
A storage tank (see figure 1) in the high temperature circuit smoothes peaks of the characteristic cyclic
operating behaviour of the adsorption chiller which is considered viable as temperature fluctuations are not
transferred to the district heating grid.
DISCUSSION
Although installed in a real application, the system was planned as a test plant. Therefore, the decentralised
system is too small for covering the actual loads and affects the outlet temperature for about 1 – 1.5 K. That
allows abundant settings for investigations. Focus is laid on providing the greatest number of operating hours
in order to analyse different operating combinations for identifying the system’s performance within the
district heating configuration. The decentralised TDC unit is examined under base load conditions as peak
demands are covered by the existing system.
Observed low cooling capacity and COP is largely attributed to the heat transfer fluid water – glycol. A
significant improved performance is expected when using pure water. However, a higher cooling capacity is
expected when changing the heat transfer fluid, but does not lead to the same conclusions for COP values. As
a degradation of performance was observed, it was assumed that a pressure rise in the condenser of the TDC
due to inert gas formation occurred. Direct pressure measuring is performed in the evaporator, but not in the
condenser. To exclude influences of inert gas in following experiments an evacuation and examination of the
TDC is planned. Lower volume flow in the heat rejection circuit than recommended can also lead to lower
cooling capacities and COP values.
High electricity consumption was observed. As shown in figure 4 of the total electricity consumption, the
main part was attributed to the consumption of the pumps, TDC and monitoring equipment. Figure 5 shows
the split of the mean electricity consumption estimated on the nominal power of each component. It can be
clearly seen that 71 % of that consumption is due to the pumps, with the highest consumption in the heat
rejection circuit.
Therefore, high reduction potential is seen in the heat rejection circuit, including the heat rejection unit and
corresponding pump. The fan speed is controlled by the subordinated control of the installation; the spraying
device can be controlled by the TDC or the subordinated control. As the spraying device had not been
implemented for presented experiments, a potential for reducing fan speed and consequently electrical
consumption of the heat rejection unit is considered here. The spraying device is planned to be controlled by
the TDC. Further reduction possibilities are seen in reducing volume flows in the circuits. In other field tests
the potential has been tested and considered a viable option, but has to be examined for this application
separately.

High set driving temperatures (85 °C and 95 °C) could not be reached due to restrictions of the district
heating operator as temperatures below 90 °C in the return line are required. For further experiments,
restrictions will be altered temporarily to reach higher driving temperatures for consistent monitoring data,
but focus will be laid on lower driving temperatures.
CONCLUSIONS
In this paper first monitoring results of a CHCP system composed of a 5.5 kW adsorption chiller with a
district heating grid as a heat source are presented. In order to stress the installation with a diversity of
operating conditions 16 test runs were performed and the installation’s response was observed and analysed.
The conducted tests provided a comprehensive database of operating parameters for the adsorption chiller
which provided a thermal cooling capacity between 1 and 9 kW (mean value 3.5) with COP values between
0.3 – 0.45 (mean value 0.35). Those low values were due to the fact that water – glycol mixture as heat
transfer fluid had been used which led to further data examination and the conclusion to change the heat
transfer fluid for pure water as a significant better performance is expected. Degradation in the course of the
testing period (75 days) was observed which led to the assumption that the pressure increased in the
condenser of the adsorption chiller. The pressure is only measured in the evaporator were no significant
pressure changes were shown. In following experiments the TDC is being evacuated and results are to be
compared. Minor constructional modifications are being conducted in positioning of monitoring devices to
optimise data acquisition and analysis.
Results show that higher COP values were obtained with lower driving temperatures, leading to the
conclusion that lower driving temperatures are necessary if running the system in a COP optimised operation
mode. Thus, declining the system’s cooling capacity. Low driving temperatures are easily provided by the
DH grid and also correspond to restrictions of the operator.
In this context, future research should be conducted in reducing the electricity consumption and improving
the overall efficiency. District heating to supply driving energy is considered feasible heat source as energy is
supplied with very constant characteristics. As the driving energy is constantly available this option is
interesting for buildings were cooling has to be provided continuously, e.g. small industries.
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ABSTRACT
The design of the adsorption heat exchanger is a key issue in the development of adsorption heat pumps and
chillers. A key aim is to increase power densities without decreasing the coefficient of performance (COP)
of the machine.
This paper discusses some aspects to evaluate different adsorption heat exchangers. As an example, a tubefin and a plate type heat exchanger coated with a metal fibre/adsorbent composite are investigated in simulation studies using the finite element method (COMSOLr Multiphysics). In the tube-fin heat exchanger, the
adsorbent is placed on the fins whereas the plate type concept uses a porous metal fibre structure sintered
onto the heat exchanger plate as a carrier for the active material. Dimensions are chosen in a range that can
be realized in the production of full size heat exchangers.
Adsorption equilibrium data from measurements on a zeolite type with suitable adsorption properties for the
given application (SAPO34) is implemented using a generalized form of the adsorption model described by
Dubinin (1975). Simulated and experimental results on small composite samples with ideal heat removal
(Füldner and Schnabel, 2008; Schnabel, 2009; van Heyden et al., 2009) are transferred to realistic adsorber
geometries. The work presented here looks at the heat transfer within the geometry of the two heat exchanger
concepts, applies criteria like mass and volumetric ratio of adsorbent, and discusses them together with the
outcome of the simulations.
The results show that within the geometries assumed, the plate type adsorption heat exchanger reaches a
better adsorbent to metal mass ratio while the mean cooling power per liter of adsorption heat exchanger is
considerably higher during the isobaric adsorption stage.

INTRODUCTION
The core of an adsorption heat pump or cooling machine as described in Meunier (1998) are a pair of
adsorbent-filled heat exchangers (adsorbers). The adsorbent thereby is brought into close thermal contact
with a closed fluid loop. The main goals for the design are a high power density and COP at low production
costs with good long-term stability.
Starting with loose adsorbent beds within a heat exchanger, the poor heat conductivity of the adsorbent as
well as the small contact area between adsorbent and heat exchanger lead to numerous developments of
different concepts to enhance the release of heat of adsorption from the adsorbent bed without limiting the
mass transport of the water vapour. An overview on the developments can be found in Demir et al. (2008).
In this paper, the aspects of heat removal from two different heat exchanger geometries providing thin
adsorbent layers on a large surface area are investigated: a tube-fin type heat exchanger with a thin direct
coating of zeolite on the fins (see Figure 1) and a plate type heat exchanger with a fibre structure coated with
zeolite (see Figure 2) are compared by means of their performance during the adsorption stage of the cycle.

MODEL DESCRIPTION
Figures 1 and 2 show detailed drawings of the two geometry concepts and their symmetry axes. For symmetry reasons both structures can be approximately described by 2d-models. The dimensions are shown in
Table 1. Heat transfer to the fluid loop has been assumed by a heat transfer coefficient at the inner tube wall,
thus fluid flow is not simulated explicitly.

Tube-fin type adsorber
The tube-fin type heat exchanger is a state of the art one commercially available. Figure 1 shows a detailed
drawing of the geometry together with the 2d geometry implemented in COMSOLr . The model is radially

Figure 1: Simplified geometry of tube-fin
adsorber heat exchanger, radial
symmetry is assumed with respect
to the tube axis.

Figure 2: Geometry of plate type adsorber heat exchanger with coated fibre material.

symmetric which leads to a fin with a circular shape. The length of the fin (lf in ) is chosen in order to
represent the same area as the rectangular fin element that is assigned to a single pipe in the heat exchanger.
All dimensions (see Table 1) are chosen in a range to meet the requirements of cyclic operation and high
power densitiy in adsorption cooling machines: thin fins and pipes with a high heat conductivity as well as
small distances beween fins and small distances between tubes.
The fins are made from aluminium on which the adsorbent layer is chemically bound by direct crystallisation. Therefore, the heat transfer resistance between adsorbent and fin can be neglegted (Freni et al., 2009).
The fins are pressed onto thin copper tubes. The heat transfer resistance for such a connection lies between
5000 to 10000 W/(m2 K) according to Jeong et al. (2006). At the boundary between copper tube and adsorbent the heat transfer resistance has only small influence on the results as the area for heat transport is small.
A value of 500 W/(m2 K) is assumed (see Table 1).
For the fin type adsorber, the energy balance within the adsorbent includes the heat of adsorption released
in the adsorption process as a heat source,
ρdry
Ad cp,Ad

∂TAd
∂ 2 TAd
dX
+ ρdry
= λ̄Ad
had
Ad
2
∂t
∂z
dt

(1)

where ρdry
Ad is the density of the dry adsorbent, cp,Ad the specific, loading dependent adsorbent heat capacity [J/(kg K)], λ̄Ad the heat conductivity of the adsorbent [W/(m K)] and had the specific enthalpy of
adsorption [J/kgH2O ]. Within the other heat exchanger structures, heat transfer takes place by conduction
with the library values for standard aluminum and copper, respectively.

Plate type adsorber
The plate type adsorber (Figure 2) is a newly developed concept based on a thin aluminium plate with
many small parallel channels for the heat transfer fluid. On top an aluminium fibre structure is sintered as
described in Andersen et al. (2008). The whole structure is then coated with adsorbent. This design aims
at short distances for the removal of heat i.e. the distance from the adsorbent to the heat transfer fluid is
minimized.
The coated fibre structure is modelled as a homogeneous material. This can be done because the heat
conductivity of the composite λ̄comp as well as the amount of adsorbent and fibres per volume has been
determined experimentally on a coated fibre sample with 0.85 mm thickness The results are scaled up to the
modelled fibre layer thickness.
Material parameters and heat transfer coefficients are shown in Table 1. Heat transfer from the structure
to the heat transfer fluid is the same as for the tube-fin type adsober (1000 W/(m2 K)). As the aluminium
fibres are sintered onto the aluminium plate, heat transfer resistance can be neglected between the composite
structure and the plate. As already mentioned for the fins, the heat transfer resistance between adsorbent and
fibre can be neglected.
For the plate type adsorber, the energy balance within the adsorbent/metal composite reads
ρcomp cp,comp

∂TAd
∂ 2 TAd
dX
= λ̄comp
+ ρdry
Ad had dt
∂t
∂z 2

(2)

Table 1: Dimensions of the two geometries and parameters used in the simulation
Geometry 1:

fin

distance fins af in
bh
bv
inner pipe radius rp
pipe wall lp
adsorbent thickness dAd
fin thickness df in
fin length lf in
fin area Arf in

[mm]
[mm]
[mm]
[mm]
[mm]
[mm]
[mm]
[mm]
[mm2 ]

Geometry 2:

1.60
25.00
21.65
4.75
0.30
0.08
0.2
8.08
135.3
plate

distance channels ach
channel width bch
channel height dch
vapour height dvp
composite thickness df ibre
plate thickness dme
plate area Arplate

c

ρdry +c

[mm]
[mm]
[mm]
[mm]
[mm]
[mm]
[mm2 ]

2.0
2.0
2.0
1.0
3.5
0.5
11.25

Tsink
T0
p
cp,Ad
cpW ad
ρAd
ρf ibre
ρAd,comp
λAd
λcomp
hp/f l
hf in/p
hAd/p
hAd/me
hcomp/me

[°C]
[°C]
[Pa]
[J/(kg K)]
[J/(kg K)]
[kg/m3 )]
[kg/m3 )]
[kg/m3 )]
[W/(m K)]
[W/(m K)]
[W/(m2 K)]
[W/(m2 K)]
[W/(m2 K)]
[W/(m2 K]
[W/(m2 K]

40
65
1700
900
3500
1000
805
362
0.2
3.0
1000
10000
500
∞
∞

ρ

Here, cp,comp = p,Ad Adρcompp,f ib f ib is the specific, loading dependent composite heat capacity [J/(kg K)],
λ̄comp the heat conductivity of the composite [W/(m K)] and had again the specific enthalpy of adsorption [J/kgH2O ]. ρcomp is the effective density of the composite material i.e. of the aluminium fibre structure
coated with adsorbent. Heat transfer resistances assumed are displayed in Table 1.

Modelling of adsorption kinetics and adsorption equilibrium
A similar model to that described in Füldner and Schnabel (2008) is used to describe the adsorption kinetics.
The following assumptions have been made:
• Mass transport is ideal (isobaric conditions everywhere).
• Adsorption equilibrium is reached at each place and time instantaneously, depending on pressure and
local temperature.
• Heat transfer by convection inside the open pore volume is ignored.
• Instead of the fluid loop, a constant temperature (Tsink ) boundary with a heat transfer resistance hp,f l
is assumed.
Loading equilibrium has been measured for the modeled material (SAPO34) in a thermogravimetric balance. From this data, a characteristic curve W (A) has been fitted using a generalized form of Dubinin’s
theory of volume filling (Núñez, 2001), where W = X/ρH2O [m3 /kgAd ] is the filled volume per adsorbent
mass (the adsorbate density is taken equal to the density of liquid water) and A is called the adsorption
potential [J/kgH2O ]. Water properties in all calculations have been taken from Wagner and Kretzschmar
(2008).

RESULTS
The performance of the two concepts is evaluated for the isobaric adsorption stage. With a desorption
temperature of 95°C and adsorption taking place at 40°C and 1700 Pa, the start temperature for this section
of the cycle is at 65°C. Thus, the calculations start with a temperature of 65°C and end after a cooling down
to 40°C for both geometries.
Figure 3 shows the water loading related to the maximum loading. It can be seen that adsorption is faster in
the plate type adsorber: it takes 113 s to reach 90% of the maximum loading for the tube-fin type adsorber

Table 2: Key results for the two geometries.

mass ratio ads./metal
total mass/volume
mass ads./volume
mass ads./total mass
wetted HX-surface
average cooling power (90% loading)

[kg/l]
[g/l]
[g/kg]
[m2 /l]
[W/l]

fin

plate

1:5
0.53
85
162
0.055
290

1:4
1.17
234
166
0.178
1560

whereas only around 60% of this period (65 s) is needed for the plate type one. This results in a damped run
of the curve for volume specific cooling power (VSCP) over time (see Figure 4).
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Figure 3: Normalized water loading over time
The cooling power over the adsorption stage averaged with respect to the 90% loading time is depicted in
Table 2. The plate type heat exchanger shows a higher peak in cooling power resulting in a more than 5
times higher average VSCP (1560 W/l in comparison to 290 W/l) (see Figure 4). This is due to the fact that
the coated fibre structure of the plate type adsorber contains 2.7 times more adsorbent per volume of the
heat exchanger (see Table 2). The same behaviour in cooling performance is observed if based on the same
amount of adsorbent for both heat exchanger structures (see Figure 5): The integral of the cold produced
over the whole adsorption stage is the same, but the plate type adsorber shows faster adsorption kinetics and
thus a higher average power density per adsorbent mass averaged over the 90% loading time.

CONCLUSION
The two adsorber designs presented show major differences in key figures:
• The plate type adsorber reaches an approximately 30% higher mass ratio adsorbent to metal, resulting
in lower specific dead thermal mass.
• The adsorbent mass per adsorber volume is nearly three times higher than for the tube-fin type concept;
this fact and faster adsorption kinetics lead to an considerably enhanced volume specific cooling
power.
• The area that is wetted by the heat transfer fluid i.e. the area availabe for heat transfer to the heat
exchanger fluid is also more than three times higher, meaning that a higher amount of heat can be
removed with the same heat transfer coefficient. Thus, heat removal might be realized even in the

1 2

3 0 0 0

fin

fin

p la te
S p e c . c o o lin g p o w e r [W /g a d s o r b e n t]

S p e c . c o o lin g p o w e r [W /l a d s o r b e r ]

p la te
2 5 0 0
2 0 0 0
1 5 0 0
1 0 0 0
5 0 0

1 0
8
6
4
2
0

0
0

5 0

1 0 0

1 5 0

2 0 0

2 5 0

3 0 0

3 5 0

T im e [s ]

Figure 4: Cooling power per adsorber
volume
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Figure 5: Cooling power per adsorbent mass

laminar flow region, resulting in a low pressure drop and reduction in electric power consumption for
the pump.
Finally, a cooling power for the isobaric adsorption stage (averaged over 90% loding time) of 290 W/l is
reached with the tube-fin adsorber wheras the newly developed concept of the plate type adsorber with fibre
structures reaches 1560 W/l. It has to be noted that no calculations over a whole adsorption/desorption cycle
have been carried out yet. Therefore, COP and SCP values for a cooling machine have not been calculated.
Apart from the necessity to simulate whole cycles, the mass transfer resistance of the coated fibre structure
and the adsorbent layer have to be accounted for in future work.
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NOMENCLATURE
A
Ar
M
R
T
W
X
cp
h
h
p
VSCP

adsorption potential
area of simulated element
molar mass
general gas constant
temperature
filled pore volume
water loading
spec. heat capacity
spec. enthalpy
heat transfer coeff.
pressure
Vol. spec. Cooling Power

Greek letters
λ
ρ

heat conductance
dens. of dry adsorbent

[J/gH2O ]
Indizes
[m2 ]
Ad
adsorbent layer
[kg/mol]
ad
adsorption
[J/(mol K)]
comp composite layer
[K]
ev
evaporation
[cm3 /kgAd ]
f ib
fibre material
[kgH2O /kgAd ]
fl
fluid loop
[J/(kg K)]
f in
fin
[J/kg]
h
horizontal
[W/(m2 K)]
me
metal
[Pa]
p
pipe
[W/l]
v
vertical
W ad adsorbed water

[W/(m K)]
[kg/m3 ]
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ABSTRACT
This paper evaluates the influence of two different sorption materials - one silicagel and one zeolite - on the
performance of a cooled sorptive cross-flow heat exchanger. The silicagel represents a typical desiccant
applied in sorption rotors, whereas the zeolite chosen for comparison is a commercial zeolite-polymer foil
which is especially suitable for the construction of a flat-plate sorptive heat exchanger. A first evaluation of
these sorptive materials for their applicability in a cooled sorptive heat exchanger is shown with respect to
equilibrium sorption data described according to a generalized form of Dubinin’s theory of volume filling.
The dependence of the maximum loading spread on the curve shape in the operating window of the
characteristic curve typical for open sorption systems is discussed. A dynamic model of a sorptive heat
exchanger was implemented in the modelling language Modelica. With the help of this model the dynamic
behaviour of the different sorption materials in this implementation is studied. It is confirmed that the
silicagel is the more appropriate material both in terms of attainable moisture removal and thermal coefficient
of performance.
PROCESS DESCRIPTION AND MOTIVATION
A concept of a novel desiccant evaporative cooling cycle for the application in residential buildings and small
offices was developed [Motta 2005]. The system consists of two sorptive coated heat exchangers (ECOS –
Evaporatively Cooled SOrptive heat exchanger) which are alternating between adsorption, desorption and
precooling mode, providing a nearly continuous air flow to the building. The core component of this novel
cycle is a plate heat exchanger the primary side of which is covered with a sorptive coating. Ambient air is
dehumidified by adsorption of water vapour in the desiccant coating. The walls of the primary channels are in
thermal contact with the secondary cooling channels which are passed by building return air and into which
water is introduced. Due to the evaporation of water in the cooling channels, the adsorption heat is transferred
to the cooling air side, leading to a temperature decrease of the sorption material and the primary air. The
lower mean temperature of the sorption material shifts the sorption equilibrium towards higher loads.
Thereby, this concept enables an enhanced dehumidification of ambient air. The relevant operating points
differ from a standard adiabatic DEC-system and the choice of sorption material as a performance dominating
parameter must be evaluated. To this purpose a dynamic model of a sorptive cross-flow heat exchanger was
developed.
MODELLING OF THE COOLED CROSS-FLOW SORPTIVE HEAT EXCHANGER
A dynamic two-dimensional model of the sorptive heat exchanger was implemented in the object-oriented
modelling language Modelica, using the simulation environment Dymola. For the description of the moist air
properties the Modelica.Media.MoistAir model was applied.
A schematic of the sorptive heat exchanger model is shown in Figure 1. Assuming uniform inlet conditions to
the heat exchanger and neglecting heat losses to the ambient, the heat exchanger is represented by one pair of
channels. Consideration of symmetry in the channels allows modelling a half-channel only. Therefore, the
heat exchanger model consists of three main components: the sorption channel model, the evaporation
channel model and the conducting wall model. Primary air passes the channel coated with a sorptive layer
where it is dehumidified and cooled via thermal contact to the secondary air. The secondary air is arranged in
cross-flow to the primary air and humidified in the secondary channels. The representation of the cross-flow
arrangement is obtained by a discretization in three longitudinal and three horizontal elements.

SORPTION
MODEL
SORPTION
MATERIAL

PRIMARY AIR

Control volume air
mIN
hIN

CONDUCTING WALL
MODEL
EVAPORATION
MODEL

Y

mV

HV

QCONV

mOUT
hOUT

Sorption material

X

QCOND

SECONDARY AIR

Figure 1: Schematic of a half-channel of the
sorptive cross-flow heat exchanger

Figure 2: Schematic of the sorption model

Figure 2 gives a schematic of the sorption model which consists of the mathematical description of an air
control volume which exchanges heat and mass with the sorption material. The balance equations for the
sorption model will be stated in the following.
As the Modelica moist air medium model describes air as a mixture of two components, a mass balance
equation for the total moist air flow and the water vapour component flow must be stated:

∂m
& IN − m
& OUT − m
&V
=m
∂t
∂m V
& V, IN − m
& V, OUT − m
&V
=m
∂t

mass balance moist air flow

[1]

mass balance water vapour component flow

[2]

The energy balance of the air control volume takes account of the convective heat transfer due to the
&
difference in temperature between the sorption material and the bulk air flow Q
CONV , as well as the energy
leaving the air control volume accompanying the mass flow of the water vapour adsorbed onto the desiccant
& .
H
V

∂U &
&
&
&
= H IN − H
OUT − H V − Q CONV
∂t
&
Q
CONV = α ⋅ Ar ⋅ (TMED − TADS )
& =m
& ⋅ h (T ) = m
& ⋅ [c
H
V

V

V

MED

V

p, V

energy balance air volume

[3]

convective heat flow

[4]

⋅ (TMED − 273.15) + r0 (TMED )] particle heat flow

[5]

A linear driving force model describes the kinetics of water vapour adsorption in the desiccant. Here, the
driving force for adsorption is formulated as the difference between the humidity ratio in the air xV and the
humidity ratio at the surface of the desiccant xADS. This allows estimating the convective mass transfer
coefficient β from an analogy between heat and mass transfer. No solid side mass transfer resistance is taken
into account. The humidity ratio xADS is calculated from the equilibirium pressure over the desiccant at the
given sorption water loading y and sorption material temperature.

∂m V ∂m ADT
= β ⋅ Ar ⋅ ρA ⋅ ( x V − x ADS (TADS , y))
=
∂t
∂t
x ADS =

R W / R A ⋅ p ADS
p − p ADS

adsorbate mass flow

humidity ratio at desiccant surface

[6]
[7]

The sorption water loading is the ratio of mass of adsorbate (adsorbed phase) to the mass of dry adsorbent.
The time derivative of the sorption water loading is therefore calculated by the time derivative of the
adsorbate.
m
y = ADT
sorption water loading
[8]
m ADS

∂y ∂m ADT
1
=
⋅
∂t
∂t
m ADS

time derivative of sorption water loading

[9]

In addition to the heat flows exchanged between the air volume and the sorption material, the energy balance
of the sorption material takes into account the release of the heat of adsorption and the heat transferred to the
evaporation channel by conductive transport through the heat exchanger wall.
∂T
&
&
&
&
m ADS ⋅ c p ADS ⋅ ADS = Q
[10]
ADS − Q COND + Q CONV + H V energy balance desiccant
∂t

The specific heat of the adsorption material is the sum of the specific heat of the dry adsorbent and the
specific heat of the adsorbate weighted by the sorption water loading. In order to account for the phase
change of the adsorbed water vapour, the adsorption heat must be diminished by the latent heat of the water
vapour flow.
&
&
Q
adsorption source term
[11]
ADS = m V ⋅ [ h ADS − r0 (TMED )]
Coupling of the sorption model to the evaporation model is obtained via a conducting wall model. Due to the
low thickness of the aluminium wall in the modelled heat exchanger the temperatures of the heat exchanger
wall and the sorption material are equivalent. Heat conduction is not the limiting factor for heat exchange.
The main function of the conducting wall model is therefore taking into account the thermal mass of the
aluminium heat exchanger. The evaporation model is structurally similar to the sorption model. Its governing
equations will therefore not be stated here. The main equation describing the evaporation of water is similar
to Equation 6, with the driving force being the difference in bulk humidity ratio in the control volume and the
saturation humidity ratio in the control volume.

PARAMETERIZATION OF SORPTION EQUILIBRIA
For the integration of sorption material equilibria in the model a parameterization according to a generalized
form of Dubinin’s theory of volume filling is applied [Dubinin 1975]. This allows transforming the threedimensional interrelation between the sorption water loading y and its equilibrium pressure and temperature
(y=f(p,T)) to a two-dimensional functional relationship. The characteristic quantity decribing the sorption
water loading is the filled volume per adsorbent mass W [cm³/g]. The density of the adsorbate can be
approximated by the temperature dependent density of liquid water [Hauer 2002].
y
volume filling
[13]
W=
ρ ADT (T)
The volume filling W is related to the adsorption potential A by the characteristic curve. The adsorption
potential is the difference of the chemical potentials of the adsorbed phase and water in the liquid phase, with
pSAT being the saturation pressure of water at the temperature of the adsorbent and pADS being the pressure
within the adsorbent.
R ⋅ TADS pSAT (TADS )
A = −(μ ADT − μ LIQ ) =
ln
adsorption potential
[14]
MW
p ADS
The adsorption enthalpy is the sum of the condensation enthalpy hV and the binding energy hBIND and it is
calculated using the adsorption potential. As the entropy generation term in Equation 15 is very small
compared to the sum of condensation enthalpy and binding energy it may be neglected in the calculation
[Nunez 2001].
[15]
h ADS = h V (TADS ) + h BIND = h V (TADS ) + A − TADSΔs ≈ h V (TADS ) + A
The characteristic curves of the pure silicagel (Grace 127B) and the zeolite-polymer composite (UOP DDZ
70) applied in the simulation are given in figure 3. These are based on thermogravimetric measurements of

sorption equilibria in the test facilities at Fraunhofer ISE. Measurements and their Dubinin transformation can
be found in Schnabel, 2009 and Nunez, 2001.
0.35

T DES =65°C
x DES =15 g/kg

T DES =85°C
x DES =15 g/kg

Volume filling W [cm³/g]

0.3

0.25

0.2
dW Zeolite

dW Silicagel

0.15

0.1
Zeolite
0.05
T ADS =32°C
x ADS =15 g/kg

Silicagel

0
0

100

200

300

400

500

600

700

800

900

1000

Adsorption potential A [J/g]

Figure 3: Characteristic curves of a zeolite and a silicagel and exemplary operating window
Low adsorption potentials are correlated to high volume filling – and therefore high sorption water loading –
and high adsorption potentials to low volume filling. A high adsorption potential also correlates to high
temperatures and low adsorbent pressure. The operating window for a given cycle is limited by the boundary
adsorption potential for desorption (dashed red lines in Figure 3) and for adsorption (blue). Regarding the
operating window of a cycle of interest allows a first estimation of the suitability of a sorption material for an
application. For closed sorption cycles the operating window lies typically between adsorption potentials of
250 J/g and 600 J/g and can be directly estimated via the operating temperatures and pressures in condenser
and evaporator [Nunez 2001].
An estimation of the operating window for open cycles is highly dependent on the conditions of the air flows
during adsorption and desorption. An exemplary operating window for an open cycle is included in Figure 3.
To estimate the upper boundary during desorption it is assumed that desorption air passes the desiccant until
equilibrium is reached, that is desiccant material temperature is equivalent to the desorption air temperature
and desiccant pressure is equivalent to the desorption air water vapour partial pressure. Figure 3 shows the
resulting adsorption potentials for regeneration temperatures of 65 °C and 85 °C and the humidity ratio of 15
g/kg. For estimation of the lower boundary it is assumed that air of temperature 32 °C and humidity ratio of
15 g/kg flows across the desiccant until equilibrium is reached – therefore corresponding to the boundary
equilibrium adsorption potential of an adiabatic sorption cycle (such as in DEC systems). As highlighted by
the arrows in Figure 3 the difference in volume filling indicating the possible loading spread is much higher
for the silicagel than for the zeolite. This is even more valid when looking at the lower desorption
temperature. When considering a cooled open sorption cycle, the lower boundary of adsorption temperature
is shifted to the left as the equilibrium temperature of sorption material and air is lowered, therefore
extending the possible loading spread. Therefore, sorption materials which exhibit a steep slope in their
characteristic curve at low adsorption potential (approximately between A=10-100 J/g) are especially
adequate for application in a cooled open sorption cycle.

RESULTS AND CONCLUSION
In order to analyse the dynamic behaviour of a cooled sorptive heat exchanger the two sorption materials
were integrated in the numerical model. Key figures on geometry and simulation boundary settings are given
in Table 1. The material mass of the sorption coating is kept constant in the simulation. Different material
thickness results from different material density (ρSilicagel=750 m³/kg, ρZeolite composite=943 m³/kg). The
mesoporous silicagel is assumed to be applied as pure material. The zeolite polymer composite contains an
approximate zeolite fraction of 80% and a polymer/binder fraction of 20% [Schnabel 2009].

Table 1: Dimensioning of simulated heat exchanger and boundary settings
Geometry
Plate area: 0.4m x 0.4m
Number of channels: 60
Heat exchanger area:
19.2 m²
Primary channel: T
Desorption: 85°C/ 65°C
Adsorption: 32°C
Precooling:
Zero mass flow

Volume flow
400 m³/h, both sides
Relative volume flow:
20.8 m³/(h·m²)
Primary channel: x
15.0 g/kg
15.0 g/kg
Zero mass flow

Masses
Desiccant: 3.60 kg
Aluminium: 7.78 kg
Relative mass desiccant/
aluminium: 0.46
Secondary channel: T
Zero mass flow
26°C
32°C

Thickness desiccant
Silicagel: 0.25 mm
Zeolite: 0.20 mm
α = 40 W/m²K
β = 0.035 m/s
Secondary channel: x
Zero mass flow
12.0 g/kg
15.0 g/kg

In preliminary simulations the temperature dependent convective heat transfer coefficient α was determined
by the Nusselt number for the laminar flow regime, and the convective mass transfer coefficient β was
calculated by an analogy between heat and mass transfer assuming a Lewis-number equal to unity [Casas
2005]. Therefore, only gas side resistance to mass transfer is taken into account. Subsequent sensitivity
analyses showed that constant heat and mass transfer coefficients may be applied.
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Figure 4: Primary air outlet humidity ratio at Figure 5: Primary air outlet humidity ratio at
regeneration temperature of 85°C
regeneration temperature of 65°C
Figures 4 and 5 show the time dependent primary air outlet humidity ratio for two regeneration temperatures.
Each heat exchanger undergoes the three cycle stages adsorption, desorption and precooling with adsorption
lasting as long as desorption and precooling combined [see Motta 2005]. The precooling stage has the
function of decreasing the temperature of the entire heat exchanger including the sorption material after
desorption. As no air is passing the primary air channels during the precooling stage the primary air outlet
state is not defined and therefore not shown. The blue line (x=15g/kg) illustrates the primary air inlet
humidity ratio. For both regeneration temperatures the initial dehumidification provided by the zeolite is very
high but decreases sharply, approaching saturation of the desiccant at the end of the adsorption phase. The
heat exchanger coated with silicagel shows a more constant evolution of the dehumidification performance.
For both materials and regeneration temperatures no complete regeneration of the desiccant material can be
attained during the given desorption time. At the lower regeneration temperature the zeolite attains a very low
dehumidification showing that it is not suitable for the application under these operating conditions.
Table 2: Key performance figures for different simulation settings
Simulation settings
Cycle time [sec]
Average outlet
temperature [°C]
Silicagel, TDES=65°C 600
27.1
Silicagel, TDES=85°C 600
27.7
Silicagel, TDES=65°C 1200
26.6
Zeolite, TDES=65°C
600
26.5
Zeolite, TDES=85°C
600
28.0
Zeolite, TDES=85°C
300
30.6

Average moisture
removed ∆x [g/kg]
6.1
7.4
5.7
4.1
6.3
5.6

COP [-]
0.77
0.54
0.73
0.60
0.47
0.38

As the dehumidification obtained by the zeolite is high in the first part of the adsorption stage a simulation of
a shorter cycle time of 300 seconds was undertaken in order to understand if this would allow a better
performance. The duration of the precooling stage was set to 10% of the total cycle time. Simulation results
show that the average temperature during adsorption is higher than at longer cycle time as the detrimental
influence of the thermal mass of the heat exchanger increases with shorter cycle time. Dehumidification and
the thermal coefficient of performance (calculated as the ratio of enthalpy removed during adsorption to the
heat supplied in desorption) both decrease compared to the longer cycle time. Another simulation with a
cycle time of 1200 seconds for the silicagel heat exchanger showed that the average dehumidification
decreases. A slight decrease in the thermal coefficient of performance can be observed, but it is still higher
than in all simulations undertaken with the zeolite. Thus, the silicagel gives more flexibility in terms of
system control varying cycle time. In conclusion, the simulation results confirm that the silicagel is better
suited to the application in an open cooled sorption cycle than the studied zeolite.

NOMENCLATURE
A [J/g]
Ar [m²]
cp [J/kg·K]
h [J/kg·K]
H [J]
m [kg]
p [Pa]
Q [J]
r0 [J/kg]
R [J/mol·K]
RA [J/kg·K]
RW [J/kg·K]
s [J/kg·K]
t [sec]
T [K]
U [J]
W [cm³/kg]
x [kg/kg]

Adsorption potential
Area
Specific heat
Specific enthalpy
Enthalpy
Mass
Pressure
Heat
Heat of evaporation
Universal gas constant
Specific gas constant air
Specific gas constant water
Specific entropy
Time
Temperature
Internal energy
Volume filling
Humidity ratio of air

y
α
β
ρ

[kg/kg]
[W/m²·K]
[m/s]
[kg/m³]

Subscripts
A
ADS
ADT
BIND
COND
CONV
IN
LIQ
MED
OUT
V
W

Sorption water loading
Heat transfer coefficient
Mass transfer coefficient
Density
Air
Adsorbent
Adsorbate
Binding
Conduction
Convection
Inlet
Liquid
Medium
Outlet
Vapour
Water
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Introduction
In a building project the decision about the selection of the energy supply system has to be taken in an
early phase. At the same time of the decision making process often only little information is available
about the detailed design and use of the building. Therefore the planner needs simple, but sufficiently
accurate tools which help to provide some first indications about the viability of a specific technical
solution. In particular systems using combined heat and power (CHP) and even more systems using a
thermally driven chiller which is coupled to the CHP unit, i.e. combined heat, cooling and power (CHCP)
systems, are complex and normally linked to higher investment costs but lower operation cost. Also
systems using solar thermal energy in combination with thermally driven chillers (TDC) for building airconditioning are complex but require early decision making, particularly when they shall be installed in
new buildings. For that reason it is important to have available tools that allow a solid decision on a
certain technical solution in a early design phase of a building based on minimal input information.
In the course of the project PolySMART “Polygeneration with advanced small and medium scale
thermally driven air-conditioning and refrigeration technology” /1/ which is carried out in the 6th
Framework Programme of the European Union we have developed a fast pre-design method for CHCP
systems. In Task 38 “Solar Air-Conditioning and Refrigeration” /2/, an international collaborative project
carried out within the IEA Solar Heating and Cooling Programme, we have contributed to this pre-design
method systems using solar thermal energy in combination with thermally driven chillers.

Figure 1: Full modeling approach of the fast pre-design method
A general scheme of the full modeling approach is shown in Figure 1. The fast pre-design method
involves the following major steps, which are described in more details in the next chapters:
-

Calculation of an annual load file (hourly values) based on meteorological data of the site of the
building project using the so called “Load Generator”.

-

Computation of an annual energy balance of the selected overall system for different sizes of the
key components.

-

Comparison of the results in terms of energy and cost.

Load Generator
The so called “Load Generator” is a tool to produce an annual load file of a building. Its purpose is not to
optimize the building (e.g. optimizing building envelope) but to provide a consistent load file which
enables the planner to study different technical solutions for the energy supply of the building. The
physical model used for the Load Generator is a 2C-3R-model as shown in Figure 2.

(

frb ⋅ Ppers,sens +

Figure 2:

Pint + Psolar )

Tamb
1
frb ⋅ Ueff ⋅ Aroom
1
(1 − frb ) ⋅ Ueff ⋅ A room

Tamb

Q heat or Q cool

Troom
croom

1
Ur − b ⋅ Aroom

cbuild

Physical model of a single zone. The model
is defined by 2 thermal capacitances,
namely the capacitance of the air node
(croom) and the capacitance of the building
thermal mass (cbuild). Both capacitances are
linked to each other by a resistance and
each of them is linked to the outside air by
a resistance.
The needed heating or cooling power (Qheat
or Qcool) is determined for each time step
such that indoor comfort is guaranteed.

Tbuild

(1 − frb ) ⋅ (Ppers,sens +
Pint + Psolar )
The model is a multi-zone approach, i.e., several building zones may be defined and for each zone the
following values have to be defined:
-

Size of zone (area, volume)

-

Building thermal mass (in relative units: 0… 100 %)

-

Desired indoor comfort (minimum and maximum room temperature, maximum relative humidity)

-

Weekly and annual schedules for domestic hot water consumption, occupation (number of
persons), internal loads (all internal electricity loads including artificial light, electric equipment,
etc.) and ventilation rate

-

Energy standard of the building (expressed as annual heating and cooling load per year
[kWh/(m2a)])

The Load Generator computes an annual load file for each zone and for the total building. For each hour
of the year (i.e. 8760 lines) the needed heating or cooling power, the needed power for domestic hot water
production and the internal electricity consumption is computed and saved together with the used
meteorological data in a so called meteo-load file.
As an example we chose a virtual hotel with four zones (guest rooms, restaurant, kitchen, lobby and
others). For this hotel we computed the annual meteo-load file for two sides, namely Freiburg (Germany)
and Madrid (Spain). The main results are shown in Table 1 and Figure 3, which shows the annual load
duration curves for heating, domestic hot water, cooling and the required overall heat (heat for heating,
domestic hot water and cooling, assuming a constant COP of 0.63 of the thermally driven cooling
machine) for the two selected sites.
The Load Generator results show that the selected hotel building has a heating demand in Freiburg which
is more than twice as high as in Madrid while the cooling demand in Madrid is more than twice as high as
in Freiburg. The annual load duration curves may give a first indication about the sizing of a thermally
driven chiller (TDC) and a CHP system.
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results Freiburg (Germany)

%

55

kWh/m2a
#

useful area

specific heating demand
number of full load hours (heating)
specific cooling demand
number of full load hours (cooling)
specific hot water demand
number of full load hours (DHW)
specific total heat
number of full load hours (total heat)

kWh/m2a
#
2

74.3

20.8

203.6

10.4

51.0

1396

1396

1310

1396

1437

kWh/m2a
#

166.3

118.5

281.0

108.1

145.0

2067

1552

1329

1226

1895.1

kWh/m2a

27.1

22.9

8.3

19.0

22.8

kWh/m a
#

results Madrid (Spain)
specific heating demand
number of full load hours (heating)
specific cooling demand
number of full load hours (cooling)
specific hot water demand
number of full load hours (DHW)
specific total heat
number of full load hours (total heat)

#

1147

532

344

856

988

kWh/m2a

59.3

72.1

75.2

79.9

68.9

#

1101

1284

1130

1162

1184

2
kWh/m a
#

74.3

20.8

203.6

10.4

51.0

kWh/m2a
#

1396

1396

1310

1396

1437

195.5

158.2

331.2

156.3

183.2

1835

1649

1492

1431

1807

* specific total heat for heating, domestic hot water (DHW) and cooling, assuming a constant COP of 0.63

Table 1: Results of the load file production using the Load Generator for a virtual 4-zone hotel building
in Freiburg (Germany) and Madrid (Spain)

Figure 3: annual load duration curves for heating, cooling and total heat (heat for heating, domestic hot
water and cooling, assuming a constant COP of 0.63 of the thermally driven cooling)
Selection of system and system simulation
After the meteo-load files have been produced the type of system has to be selected. At present state the
pre-design computer tool offers three types of systems: (1) a CHCP system, (2) a solar assisted cooling
system and (3) a conventional reference system using a gas boiler for production of heat for heating and
domestic hot water and a vapour compression chiller for production of cooling. Schemes of the three
systems are shown in Figure 4.

Figure 4:
Available system schemes: reference system using
a gas boiler and a vapour compression chiller (top,
right), solar assisted heating and cooling system
(top, left) and combined heating, cooling and
power system (bottom, left)

The computer based pre-design-tool produces annual energy balances for the selected systems. Energy
balances include fuel consumption, electricity consumption of all components including pumps, cooling
tower etc. and electricity production in case of a CHCP system.
For each component such as thermally driven chiller (TDC) or combined heat and power system (CHP)
different models are implemented. Types of models are either physical or semi-physical or they are based
on numerical fit functions of measured performance values of market available machines. The tool has
been created in a way that implementation of new component models can be easily realized.
For carry-out of a simulation study the size of the key components of either system can be varied in order
to study the effect of their size on the overall energy and cost performance. For a CHCP system size of
the following components can be varied:
-

Size of the CHP system (expressed by the electric rated capacity in kWel)

-

Size of the heat buffer storage (in m3)

-

Size of the thermally driven chiller (rated cooling capacity in kWcool)

For a solar assisted heating and cooling system size of the following components can be varied:
-

Size of the solar collector (expressed as collector gross area in m2)

-

Size of the heat buffer storage (in Liters per m2 of collector area)

-

Size of the thermally driven chiller (rated cooling capacity in kWcool)

The philosophy of the approach is to use characteristics of each component independent of the actual
rated capacity and neglecting whether such component exists on the market in the given size. For each
time step (internal computation time step 6 minutes) the energy balance of the entire system is computed
and summation of all energies leads to an annual energy balance. Thereby it is always assumed that in
case that the “non-conventional” components are not able to fulfill the demand, the conventional back-up
components are used, e.g., if the TDC’s capacity is not sufficient to cover the current cooling load the
back-up vapour compression chiller provides the missing capacity.
For each system configuration, i.e. for each set of sizes of key components a primary energy analysis is
conducted by using primary energy conversion rates for electricity and the used fuel (natural gas in the
current example). Also a CO2-balance is carried out using similar conversion rates for the used nonrenewable energy sources.
Based on the annual energy balance also an economic calculation is carried out using a life cycle cost
analysis. For this reason the following cost parameters have to be specified by the user:

-

Initial cost of each component (e.g. CHP, TDC, buffer storage, back-up boiler, vapour
compression chiller, cooling tower, pumps). For major components such as CHP, TDC etc. cost
curves have to be defined which express the initial cost as function of the size. The used cost
curves in the example presented below are shown in Figure 5.

-

Cost for planning, assembly, installation and commissioning are assumed as a percentage of the
total initial costs of all components.

-

For each key component the annual maintenance cost, expressed in a percentage of the initial
cost, has to be defined.

-

Capital costs are calculated based on values for interest rate and system lifetime which have also
to be specified by the user.

-

Finally, electricity cost, fuel cost and water cost (in case a wet cooling tower is used) have to be
defined. For CHP systems also the benefit for electricity fed into the grid has to be calculated and
subsidies on CHP electricity have to be taken into consideration. The model also allows to take
prize increase of energy cost (expressed in a annual percentage) into consideration.

The values used in the example described below are shown in Table 2.

Figure 5: Cost curves of key components (without installation cost)
/various sources, partly [3]/; VCC = vapour compression chiller

performance parameters
of key components

energy prices
primary energy
conversion factors
other cost parameters

parameter
COP of TDC
COP of conventional chiller

unit
-

value
0.68
3.2

gas boiler efficiency
CHP thermal efficiency
CHP electric efficiency
electricity
natural gas
electricity
natural gas

€-cent/kWh
€-cent/kWh
kWhPE/kWhel
kWhPE/kWh gas
%
a

0.9
0.55
0.32
0.14
0.05

interest rate
system lifetime

0.37
0.91
6
20

Table 2: values of performance parameters of key components
and key cost parameters (PE = primary energy)
Results of the pre-design process – example of a CHCP system
Results for the example of the hotel in Freiburg (Germany) and Madrid (Spain) are presented below. As
an example a combined heating, cooling and power systems (CHCP) was simulated and compared to a
reference system (in the following referred to as RFS). Figure 6 shows the annual primary energy (PE)

consumption of the CHCP in comparison to the RFS for different sizes of the CHP and the TDC. The
relative primary energy saving is defined as

relative PE saving =

PE RFS − PE CHCP (sizeTDC , sizeCHP )
,
PE RFS

where PERFS denotes the annual PE consumption of the reference system and PECHCP the annual PE
consumption of the particular CHCP-system, defined by the size of the TDC and the size of the CHP.
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Figure 6: relative primary energy (PE) saving of a CHCP system compared to a reference system as
function of the TDC size for different sizes of the CHP. Simulation results computed with the fast predesign tool for the hotel example in Freiburg (left) and Madrid (right).
As a result of the primary energy analysis it can be concluded that CHP systems without thermally driven
cooling (TDC size = 0) always lead to primary energy savings. Adding a TDC to the CHP does not
contribute to a strong increase in the primary energy saving. In contradiction, if the TDC is sized too large
a higher primary energy consumption compared to the conventional reference can occur (negative PE
saving).
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Figure 7: relative cost saving of a CHCP system compared to a reference system as function of the TDC
size for different sizes of the CHP. Simulation results computed with the fast pre-design tool for the hotel
example in Freiburg (left) and Madrid (right).
Figure 7 shows similar results for relative total annual cost; again values are normalized by the total
annual cost of the reference system. Under the boundary conditions used in this example combining a
TDC with a CHP does not show economic benefits when compared to CHP-only solutions.
Overall, the presented pre-design method and the corresponding computer tool allow a fast draft
assessment of the viability of using thermally driven cooling technologies in combination with heat
sources such as waste heat from a CHP, solar heat or heat from a district heating system in a building
project. Planned next steps include validation of the tool, adding further systems and beta-testing within
the projects PolySMART and TASK 38 of the IEA Solar Heating and Cooling Programme.
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ABSTRACT
The use of water adsorption in porous adsorbents is a promising technology for heat transformation in
thermally driven heat pumps or chillers. The goal in optimizing such machines should be to realize high
power densities with acceptable COP values. This paper presents samples for coated adsorbers consisting
of an adsorbent layer fixed on a metal surface. The material used is a compact foil consisting of zeolite
crystalites embedded in a polymer (UOP).
The samples have been characterized by kinetic measurements with a constant volume measurement setup.
The result of this experiment is time related uptake data, showing the combined heat and mass transfer rate.
Some results have already been presented (Schnabel and Schmidt, 2008).
Additionally, adsorption equilibrium measurements with a thermogravimetric balance on these composite
layer samples with a size of 50x50 mm2 are presented. To find the limiting factors for the adsorption kinetics
and to optimize such samples with respect to e.g. layer thickness, a one-dimensional finite difference model
of the coupled heat and mass transfer has been set up with COMSOLr Multiphysics using a generalized
form of the adsorption model proposed by Dubinin (1975) to include the layer’s adsorption equilibrium
properties (Füldner and Schnabel, 2008).
Simulations are validated by transient measurement data on the samples. Then, the model is used to show
the cyclic behaviour of the sample under realistic operating conditions. By maximising the product of COP
and volume specific cooling power (VSCP), layers are optimised with respect to layer thickness.

EXPERIMENTAL STUDY
An adsorption kinetics measurement facility has been set up for characterising composite adsorbent samples, representing realistic layer thicknesses and thermal contact between adsorbent and heat exchangers.
Measurement results of this test facility have already been reported, e.g. in Schnabel and Schmidt (2008).

Experimental Setup
Figure 1 shows a scheme of the measured samples. The sample consists of an adsorbent layer and a metal
layer, representing the heat exchanger sheet. The cold plate is passed through by water at constant temperature. A high volume flow and a large contact area between sample and coldplate guarantee isothermal and
homogeneous surface conditions. The kinetics measurement facility consists of two different chambers that
Table 1: Measurement equipment
Signal
pressure
surface temperature
heat flux

Name of the product
MKS Baratron 627B
Ni 100 thin film sensor
Captec ultrathin heat flux meter (0.4 mm)

Range/sensitivity
0.1 - 100 mbar
20 - 100°C
-

Accuracy
0.2% of signal
± 1 K (stationary)
14.4 µV/(W/m2 )

can be connected/disconnected by valves. They are located in a large box which is kept at constant temperature. The smaller one (measuring chamber) contains the sample fixed on the cold plate. The pressure
and temperature within the water vapour reservoir and the measuring chamber are recorded. Additionally
a heat flux sensor is measuring the heat flux between the sample and the cold plate. Due to the fact that
not only one transport parameter is examined, a measurement concept with three measurement signals was
chosen. The detection of the pressure drop caused by adsorption is a very precise and known method for the
evaluation of adsorption rates (Dawoud, 1999; Aristov et al., 2008). The characteristics and accuracy of the
used pressure sensor can be seen in Table 1. The second signal is the surface temperature. To evaluate this
value, a Ni100 thin-film temperature sensor with a short response time and high sensitivity in the studied

Figure 1: Scheme of measured samples.

Figure 2: Geometry in COMSOL.

temperature range has been used. As a third measurement signal an ultrathin heat flux sensor with high
sensitivity was chosen. As the heat of adsorption is nearly totally released in the direction of the constant
temperature surface and the first and final temperature of the measurement are the same, the integral of the
released heat will be in the order of the adsorption enthalpy. The measurement procedure is described in
more detail in the PhD thesis of Schnabel (2008).

MODEL DESCRIPTION
A heterogeneous model of the coupled heat and mass transfer limiting the adsorption kinetics has been set
up in COMSOLr Multiphysics, a commercial software implementing the finite element method to solve
coupled systems of partial differential equations. Due to symmetry reasons the mathematical model is onedimensional. A schematic overview of the modelled domains is shown in Figure 2. It includes diffusion
of water vapour into the adsorbent layer, the adsorption process and heat transfer by conduction within the
adsorbent and metal layer. Additionally, the following assumptions are made:
• Adsorption equilibrium is reached at each place and time instantaneously, depending on local pressure
and temperature.
• Water vapour is described as an ideal gas.
• Heat transfer by convection inside the open pore volume is ignored.
• The fluid loop is included only by a constant temperature boundary.
To comply with the measuring procedure, the time-dependent form of the PDE’s is used since the process is
not stationary.
A comprehensive overview on adsorption technology and the mathematical description of adsorption kinetics can be found in Kast (1988). Similar models were also used by Dawoud (1999), by Okunev et al. (2008)
and by Freni et al. (2009). A detailed description of the model used in this work is given in Schnabel (2008).

Mass balance
The equation governing the mass transfer of water vapour inside the adsorbent layer can be derived from a
simple mass balance and reads
dry
∂ ∂cAd
1 ρAd dX
∂cAd
=
D
−
(1)
∂t
∂z
∂z
M ψ dt
It includes the process of adsorption as a sink term. cAd is the water vapour concentration in [mol/m3 ], D
3
is the diffusion coefficient [m2 /s] , ρdry
Ad the density of the dry adsorbent in [kgAd /m ] corresponding to the
layer volume, M the molar mass of water in [kg/mol], ψ the adsorbent porosity and X the water loading in
[kgH2O /kgAd ].
The equation in the pure vapour area is a standard Fickian diffusion equation with a diffusion coefficient Dv
which is about two orders of magnitude higher than the diffusion coefficient D within the adsorbent.

Table 2: Parameters for the three UOP samples
layer thickness

[mm]

D
hAd,m
hHF
ψ
λAd
ρdry
Ad
cp,Ad

[m2 /s]
[W/(m2 K)]
[W/(m2 K)]
[W/(m K)]
[kg/m3 ]
[J/(kg K)]

UOP02
0.21

UOP05
0.53

UOP07
0.72

4-7e-5
200-300
400
0.57
0.28
899
1000

5-7e-5
200-300
400
0.4
0.21
645
1000

9-11e-5
250-350
400
0.4
0.21
645
1000

Energy balance
The energy balance within the adsorbent includes the heat of adsorption released in the adsorption process
as a heat source,
∂ 2 TAd
∂TAd
dX
dry
(2)
ρdry
Ad cp,Ad ∂t = λ̄Ad ∂z 2 + ρAd had dt
where cp,Ad is the specific, loading dependent adsorbent heat capacity [J/(kg K)], λ̄Ad the heat conductivity
of the adsorbent [W/(m K)] and had the specific enthalpy of adsorption [J/kgH2O ] which is calculated according to Eq.3. Within the metal layer (Tm ), heat transfer takes place by conduction with the library values
for standard aluminum. The initial and boundary conditions are given by the experimental set-up:
• The initial temperature is for all regions the same and corresponds to the coldplate temperature.
• At boundary 3 ”thermal insulation” is defined; heat losses by radiation and convection are ignored.
• At boundary 2, the boundary condition is ”heat flux” with a heat transfer coefficient hAd,m and the
two temperatures TAd and Tm .
• At boundary 1 - due to heat flux measurements - a second heat transfer resistance exists, therefore
”heat flux” is defined by the heat transfer coefficient hHF and the temperatures Tm and TCP , which
is the constant temperature of the cooling fluid loop.

Adsorption equilibrium
Loading equilibrium has been measured for the modeled material (UOP DDZ 70) in a thermogravimetric
balance. From this data, a characteristic curve W (A) has been fitted using a generalized form of Dubinin’s
theory of volume filling (Núñez, 2001), where W = X/ρH2O [m3 /kgAd ] is the filled volume per adsorbent
mass (the adsorbate density is taken equal to the density of liquid water) and A is called the adsorption
potential [J/kgH2O ]. Detailed equilibrium data can be found in Schnabel (2008). Water properties in all
calculations have been taken from Wagner and Kretzschmar (2008). The enthalpy of adsorption can be
calculated using the adsorption potential
had = hev + A
(3)
where hev is the evaporation enthalpy of water at temperature TAd . The term taking into account the entropy
change has been neglected because it is smaller than the measurement error in the data used to calculate A
(see also Núñez (2001)). The loading change with time is given by the total differential




dX
∂X
∂p
∂X
∂T
=
+
(4)
dt
∂p T ∂t
∂T p ∂t
Since the characteristic curve serves as a parameterization of the equilibrium data, the partial derivations of
X in the expression above can be calculated from it. More details on the model can be found in the authors
contribution to the International Comsol Conference (Füldner and Schnabel, 2008).

RESULTS
While the other parameters given in Table 2 were kept fixed, the diffusion coefficient D and the heat transfer
coefficient hAds were varied. The best fits to the experimental data were found with values of the heat
1700

3500

1600

3000

0.21 mm adsorbent layer

2500
Heat flux / W/m²

Pressure / Pa

1500

1400

1300

1200

0.53 mm adsorbent layer

0.72 mm adsorbent layer

2000

1500

0.53 mm adsorbent layer

1000

0.72 mm adsorbent layer

1100

500

1000

0

0.21 mm adsorbent layer
10

100
t/s

10

1000

100
t/s

1000

Figure 3: Measured (blue) and calculated pressure and heat flux signals. The parameters used in
the simulations are given in Table 2.
transfer coefficients between adsorbent layer and metal support of 250-300 W/(m2 K). The best value for the
diffusion coefficient for the thickest layer (0.72 mm, UOP07) was about D = 1 · 10−4 m2 /s; for the thinner
layers it was found to be about 5 · 10−5 m2 /s. As can be seen in Figure 3, the best numeric fits show very
good agreement with the measured data for the pressure and heat flux signal.
In Figure 4 both the measured and the simulated surface temperature signal for the sample UOP07 are
shown. The thin film Ni100 sensor is not able to resolve the fast dynamics during the first 30 seconds. This
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Figure 4: Measured (blue) and calculated surface temperature for UOP07.
behaviour can be understood when the actual sensor temperature is calculated with non-ideal coupling to
the actual surface temperature, thus modeling a heat transfer contact resistance. With rough assumptions
concerning the sensor geometry, the qualitative behaviour can be calculated. A strong damping of the high
initial temperature peak can be seen.
After calibrating the model with measurement data, it is also possible to do a cycle analysis which cannot
be measured directly with the described setup. In an adsorption chiller, the adsorber has to be regenerated

Figure 5: Cycle analysis: Mean adsorbent
temperature and mean loading X

Figure 6: Layer thickness optimisation: VSCP
(red), COP (blue) and VSCP*COP
(green)

periodically before it starts a new adsorption half cycle. To optimize a certain geometry with respect to
a volume specific cooling power with high COP, the following typical conditions for an adsorption chiller
have been chosen:
• The boundary condition at the adsorbent surface is constant pressure (pev = 17 mbar,pcond = 74 mbar)
• The boundary condition at the heat exchanger fluid side is a constant temperature (Tad = 40°C,Tdes = 95°C)
• Boundary conditions switch from adsorption to desorption when the surface specific cooling power
drops below 300 W/m2
Figure 5 shows the typical cyclic behaviour of mean adsorbent temperature and mean loading within an
adsorber with 0.4 mm layer thickness and otherwise parameters as sample UOP02. The target function to be
optimized is the product of COP and volume specific cooling power (VSCP). To define the VSCP, a simple
flat plate geometry consisting of a HX-fluid layer, a metal layer, an adsorbent layer, and an additional gap
for vapour transport has been assumed. For the HX-fluid and the vapour a total height of 2 mm has been
assumed independent of the actual layer thickness. Taking the properties of sample UOP07 (Table 2), an
optimal thickness is reached at about 0.7 mm, with the properties of sample UOP02 the optimum is found at
a layer thickness of about 0.4 mm (see Figure 6). With these properties (see also Table 2) a VSCP of about
400 W/l at a COP of 0.6 for cooling without heat recovery has been calculated.

CONCLUSION
In this paper a refined experimental and simulational methodology to determine mass transport and heat
transfer coefficients influencing the non-isothermal water adsorption kinetics in a compact adsorbent layer
was presented. A one-dimensional heterogeneous effective value model was introduced and validated with
the experimental data. Both calculated pressure and heat flux signal showed good agreement with the experiment. Realistic values for both the effective diffusion coefficients and the heat transfer coefficient between
adsorbent and metal support were found. The surface temperature signal measured with a Ni100 thin film
sensor did not give the actual surface temperature. Simulations showed that the additional heat transfer resistance between the sensor and the surface leads to a damping of the very fast surface temperature change.
To avoid this effect and get a temperature signal showing the actual transient behaviour, an infrared sensor
will be installed. Also, the time resolution of the measured first few seconds will be refined, which will
also help to determine e.g. an even more appropriate diffusion coefficient. Results will be shown in future
publications.
With the effective parameters the layers have been optimised with respect to thickness. It is shown that
with the parameters identified for the sample UOP02 the maximum values of all three parameter sets in the
product of VSCP times COP are reached at a thickness of about 0.4 mm.

NOMENCLATURE
A
Ar
COP
D
M
R
T
W
X
c
cp
h
h
p
VSCP

adsorption potential
sample surface area
Coefficient of performance
pore diff. coeff.
molar mass
general gas constant
temperature
filled pore volume
water loading
vapour concentration
spec. heat capacity
spec. enthalpy
heat transfer coeff.
pressure
Vol. spec. Cooling Power

[J/gH2O ]
Greek letters
[m2 ]
λ heat conductance
ρ dens. of dry adsorbent
[m2 /s]
ψ porosity of adsorbent
[kg/mol]
[J/(mol K)]
Indizes
[K]
Ad
adsorbent layer
[cm3 /kgAd ]
adsorption
[kgH2O /kgAd ] ad
des
desorption
[mol/m3 ]
ev
evaporation
[J/(kg K)]
cond condensation
[J/kg]
2
CP
coldplate
[W/(m K)]
HF
heat flux sensor
[Pa]
m
metal
[W/l]
v
bulk vapour

[W/(m K)]
[kg/m3 ]
[-]
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INTRODUCTION
Micro-CHCP can become a viable alternative to separate production of heat, cool and electricity under
both economical and environmental perspectives. Within the PolySMART project, a market study in
different European countries has been carried out following a two-step approach. The first step consisted
in defining the conditions necessary for the energy and economic viability and analyzing how they are
met in different countries. The second step concerned an in-depth analysis of selected case studies, for
which detailed energy and financial simulations have been performed. As heat is delivered to the end-user
by either fuel burners or district heat networks, two different CHCP schemes are investigated: i) where
heat is provided by fuel burners, heating and cooling are provided by a fuel fired CHP coupled to a TDC;
ii) where heat is provided through district heat networks, cooling is provided by a district heat powered
TDC. The key indicators used throughout the present study are fuel primary energy savings and financial
savings, calculated from an end-user prospective. Since micro-CHCP involves higher first costs when
compared to conventional systems, the benefits, arising from electricity generation and avoided
consumption of fuel for heating and electricity for cooling, must be capable to offset the differential
investment within the useful life of the system. Therefore, positive gross margin is a necessary condition
and country average evaluation of gross margin provides a first insight about the potential of microCHCP in different countries.

Nomenclature
CB
CHCP
CHP
COP
EER
PRFfuel
PRFel
TDC
VCC

conventional boiler
combined heating cooling & power
combined heating & power
TDC thermal coefficient of performance
VCC energy efficiency ratio
fuel primary resource factor
electricity primary resource factor
thermally driven chiller
vapor compression chiller

pel
pfuel

electricity price
fuel price

ε
ηcb
ηel
ηth

TDC parasitic consumption
CB thermal efficiency
CHP thermal electric efficiency
CHP thermal heat efficiency

PRIMARY ENERGY SAVINGS AND FINANCIAL BENEFITS
In order to assess non-renewable primary energy savings, the primary resource content of each energy
carrier utilized by a given system in the generation of heat and cool at the point of use are totalized (see
Figure 1). It is important to specify that electricity generated by the CHP is treated as a co-product; the
associated environmental benefit is calculated through the substitution method, i.e. as the avoided primary
resource consumption. Energy carriers are fuels but also electricity or heat (district heat) and cool (district
cool). In order to account for the different primary energy content of energy carriers, the Primary
Resource Factor (PRF) approach is used (EuroHeat, 2006).

electricity
natural gas
district heat
bio-mass

heat

point of
use

distribution
system

cool

Figure 1: Energy carriers involved in the generation of heat and cool at the point of use
The primary resource factors for the different energy carriers are set as follows: 1.1 for natural gas, 1.3 for
lignite coal, 1.2 for hard coal, 0.1 for wood, 2.5 for electricity (EU average).
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Figure 2: PRF of marginal electricity for selected European countries.
The primary resource factor of electricity mainly depends on the average efficiency of fossil fuel fired
thermoelectric power plants and the grid losses, because it is assumed that micro-CHCP will replace the
electricity generated by such plants and the electricity will mostly be consumed on site. According to the
national electricity balance (IEA 2008, Eurostat 2008), the PRF of marginal electricity has been
recalculated for selected European countries (see Figure 2).
Distributed micro-CHCP
The primary energy savings associated to the generation of a unit of useful heat and a unit of useful cool
by a CHCP system can be calculated as:

⎛ 1
η el
kWhLHV
1 ⎞
⎟⎟ PRF fuel
PRFel + ⎜⎜
−
[1]
η th
kWhheat
⎝ η CB η th ⎠
PRF fuel ⎛ η el
⎞
kWhLHV
1
PES cool = −
+ ⎜⎜
+
− ε ⎟⎟ PRFel
η th COP ⎝ η th COP EER
kWhcool
⎠

PES heat =

[2]

Similarly, the gross margin specific per unit of useful heat and cool energy can be calculated, assuming
that all of the generated electricity is consumed on site, no special price exists for the fuel fired in CHP
and there are not incentives (e.g. bonus tariff) for electricity.

⎛ 1
η el
1 ⎞
€
⎟⎟ p fuel
p el + ⎜⎜
−
η th
kWhheat
⎝ η CB η th ⎠
p fuel
⎛ η el
⎞
1
gmcool = −
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+
− ε ⎟⎟ pel
η th COP ⎝ η th COP EER
⎠
gmheat =

[3]

€
kWhcool

[4]

District heat powered TDCs
By taking electricity driven cooling as the reference system, the achievable primary energy savings by
district heating powered TDCs can be estimated as follows:

PES cool = −

PRFDH ⎛ 1
⎞
+⎜
− ε ⎟ PRFel
COP ⎝ EER
⎠

kWhLHV
kWhcool

[5]

The gross margin arises from savings in electricity purchase for cooling:

gmcool = −

p DH ⎛ 1
⎞
+⎜
− ε ⎟ pel
COP ⎝ EER
⎠

€
kWhcool

[6]

Due to the relatively high efficiency ratio of vapor compression chillers, the achievable savings on
electricity purchase are quite modest.
CROSS COUNTRY ANALYSIS
The analysis focuses on the residential and service sectors in the following countries: Austria, Czech
Republic, Germany, Italy, Netherlands, Poland, Portugal, Spain, Sweden and Switzerland (as partners
from these countries are participating in the PolySMART project). The key indicators used are the
potential primary energy and gross financial savings, estimated according to equations [1] to [6] on the
basis of country average specific heating and cooling demand per m2 of floor area. Although the analysis
is carried out at a general level, the resulting picture suggests that some countries are better positioned
than others: Czech Republic and Poland are set for large primary energy savings, Italy is set for large
gross margin.

Figure 3: Natural gas fired micro-CHCP, primary energy savings and gross margin specific per
total heating and cooling demand in the Residential and Service sector
For what the district heat powered TDC is concerned, the gross margin is little. On the contrary, the
primary energy saving potential can be attractive, depending on the specific district heat PRF. The PRF
for cooling has been calculated for both conventional (electricity driven) cooling and for a number of
district heating networks, for which an estimate of their PRF was found in Euroheat (2006). District heat

powered TDCs perform better then VCCs when the primary resource content of district heat is
sufficiently low, as in the case of Dresden, Brescia and Dinslaken. The limiting PRF value for district has
been calculated for the different countries and ranges from about 0.4 (Netherlands, Austria) to about 0.55
(Poland, Czech Republic).
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Figure 4: Primary resource factor for conventional cooling (VCC) and district heat powered TDCs
(TDC+DH).

SELECTED CASE STUDIES
In the simulation of energy savings and financial benefits associated to micro-CHCP, the following
aspects are taken into account:
- the time varying heat, cool and power load have an impact on the economical sizing of the CHCP
plant (it is assumed that a backup heater and/or chiller will be used);
- feed-in and purchase electricity tariffs are different, thus electricity export and import are to be
determined for a correct evaluation of the financial benefits;
- sensitivity to energy prices is high and evolution of energy prices and political support is uncertain;
- plant performance are different than nominal due to external ambient conditions, transient system
operation and thermal losses from the distribution pipelines and the heat and cool storage.
For this purpose, a custom made simulation tool was developed within the PolySMART project and a
number of case studies have been carried out. The tool combines three types of information:
1) performance and cost figures of market available CHP and TDC;
2) typical load profiles, hourly based;
3) energy prices and incentives scenarios.
Results for offices in Germany and Hotels in Italy are presented hereafter. For each case, several hourly
load files have been produced with the building energy simulation tool TRNSYS. The generated load
files, containing heating, cooling and non-HVAC electricity demand, have been tuned in order to meet the
yearly total energy demand typical of the existing building stock.
Offices in Germany
The German office building stock is – with respect to the applicability of passive cooling – well described
in Hoffmann (2007). Here a good evaluation of the available statistical data and also a very useful
summary of building properties are given. According to the available information, it was decided to
characterize the representative office buildings and meaningful variations as follows:

total useful area, m²:
U-value with respect to useful area,
W/(m²K)
internal loads, kWh/(m² a)
heating demand, kWh/(m² a)
cooling demand, kWh/(m² a)

representative office
building
2.000, 4.000, 8.000,
16.000

better
less
lower
higher
insulated
insulated
internal loads
internal loads
8000 (only for this size a parameter variation with regard to
the building energy standard has been made)

1.00

0.45

1.60

1.00

1.00

52
74
38

52
44
38

52
107
39

26
80
26

104
63
63

Table 1: Characteristics of representative German office buildings and variations simulated.
As shown in figure 5, our investigations show a major dependency of the economic viability of CHCP
systems on future energy price development, mainly the ratio of electricity and fuel prices.

Figure 5: Benefits / surplus investment ratio in dependence on annual gas and electricity price
escalation for representative German office buildings of 2.000, 4.000, 8.000 und 16.000 m² useful
areas (upper row), and for the best performing µ-CHCP system over a live time of 15 years. For the
8000 m² office building, results for variations with better/less insulated building shells and with
lower/higher internal loads than the representative version are also shown (lower row). The results
for an annual electricity augmentation rate of 2% and an annual gas price augmentation rate of
5% are marked. The pie-charts show the CHCP system’s coverage of heat (including heat for TDC
operation) and cool demand. The bar graphs show the amount of electricity produced by the CHP,
self used inside the office building and sold to the grid respectively. Values on the y-axis above 1
indicate an economically viable solution and values below 1 a non-viable solution.

From 2000 to 2007 the average electricity price escalation rate in Germany was 2% while the average gas
price escalation rate during the same period was 5%. Energy price escalation scenarios with rates of 2%,
5%, 8%, have been tested, including all combinations in which electricity price escalation does not
exceed gas price escalation. In a given gas and electricity price scenario however, economic benefits
depend on the amount of produced electricity, mainly if it is directly used in the building saving
electricity costs.
The results given rely on one specific µ-CHCP-system which is the best performing one of the currently
available systems in all simulated cases, indepedant on size and loads, due to its high efficient
components. It consists of a CHP with an electrical output of 17 kWel and a thermal output of 32kWth
and a TDC with a cooling capacity of 15 kWc. The nominal total efficiency of the CHP is presumed to be
92%, the electrical efficiency 32%. The CHP produces a supply temperature of 90°C. This is used by the
TDC to produce a cooling temperature of 11°C. The TDC works with a thermal COP of 0,71 at ambient
temperatures below 30°C. The parasitic electrical consumption of the TDC for recooling is quite low:
1,2 kWel respectively 8% of the cooling capacity.
In figure 6, the calculated primary energy savings achieved with currently available µ-CHCP systems
compared to state-of-the art conventional heating boilers and compression chillers are plotted against their
coverage of the total heat demand. E.g. covering 50% of the total heat demand, the ecologically best
performing systems can save approximately 20% of primary energy. On the other hand, depending on
their efficiency numbers (and size matching) the application of worse performing CHCP systems can
even cause an additional consumption of primary energy.

Figure 6: Primary energy
(PE) savings vs. coverage of
total heat demand (including
heat for TDC operation) of
currently available µ-CHCP
systems applied to representative
German
office
buildings of different sizes.
The
dashed-dotted
line
indicates the maximal PE
savings potential. Negative
values indicate increased PE
consumption.

Hotels in Italy
According to available statistics on the hotels building stock (ISTAT, Chose 2001), representative hotels
can be classified according to category (1 to 5 stars), size (number of rooms), macro region (North,
Centre, South) and business type (Business hotel, Tourism hotel). Hotels have been grouped into clusters
defined as a combination of four category-size classes and four macro region - business type classes.
Representative category-size classes are: 3 stars 24 rooms, 3 stars 48 rooms, 4 stars 56 rooms and 4 stars
112 rooms. Macro region- business type are: North-Business, Centre-Business, Centre-Tourism and
South-Tourism.
Three different scenarios have been tested: business as usual, moderate support and strong support.
The business as usual scenario is a snapshot of the current economic situation, including stable gas and
electricity prices. In the moderate support scenario, the electricity feed-in tariff is set to 80% of the
purchase tariff and escalation of gas price is set to 5%. Electricity price is assumed to vary as a function
of natural gas price according to a correlation equation. The strong support scenario differs from the
moderate support in that the electricity feed-in tariff is set to 100% of the purchase tariff and a capital
subsidy of 19% of the total investment is granted.

The best financial performance is achieved when only a certain fraction of the yearly heating and cooling
demand is met in CHCP mode, the remaining part being covered by conventional auxiliaries. The fraction
covered varies mostly with the hotel category-size and less with region-business type. The heat and cool
fraction is higher in small hotels, ranging from 70 to 80% for the 3 stars 24 rooms, from 50 to 65% for the
3 stars 48 rooms, from 40 to 60% for the 4 stars 56 rooms and from 25 to 35 for the 4 stars 112 rooms. On
the contrary, payback time is more attractive in large hotels (see Figure 6) . Medium sized (about 50
rooms) 3 and 4 stars hotels seems the most attractive applications from both the primary energy savings
and financial feasibility perspective.
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Figure 7: Payback time (years) in dependence of "hotel category/size" and "macro region/business
type" for the three scenarios "business as usual", "moderate support" and "strong support".
CONCLUSIONS
Micro-CHCP can lead to primary energy savings and financial savings, although the impact is largely
depending on local market conditions. In general, electricity is the key factor, affecting the market
potential in terms of both primary energy savings and financial feasibility. In-depth energy and financial
simulations for Germany and Italy, two markets which show average potential, provided more insight on
the financial part.
Applied to average German office buildings, only micro-CHCP systems with high efficient components
perform well enough to achieve economical and ecological benefits. Economic viability is mainly
dependant on the future electricity and fuel price ratio. Extrapolating the 2000 to 2007 energy price
development, economic viability is only achievable, if heat and cool demand coverage is less than 25%.
Medium sized hotels in Italy seem to be a promising application of micro-CHCP. Economical sizing for
the Italian Hotels sector led to a reduction of the yearly heating and cooling demand met in CHCP mode.
Although reasonably short payback times are achieved under the current economic conditions, strong
political support is necessary to boost market growth in the near future.
Further details on this study will be published on the PolySMART website (www.polysmart.org).
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Abstract
The goal of this work is to suggest, design and develop new heat pipe heat exchangers to increase fuel cells efficiency. At
least two types of heat pipe coolers are considered. The first one is the heat pipe spreader to equalize the temperature field
inside the fuel cell stack. The second one ensures the waste heat dissipation in the surrounding. Besides this main category
of heat pipe application in fuel cells thermal control there are possibilities to apply heat pipes in ancillary systems as fuel
cartridges thermal control and systems for fuel cells heat recovery (co-generation and tri-generation). Heat pipes for fuel
cell thermal management ought to have high effective thermal conductivity and be insensitive to the gravity forces. The
vacant porous media for such micro/mini heat pipes is a metal sintered powder wick or a silicon/carbon porous wafer with
biporous (micro/macro pores) composition, saturated with working fluid.

INTRODUCTION
Actually it is almost proved that the ultimate solution for the global energy shortage and greenhouse problems is
realization of “Hydrogen economy” in which the energy sources are renewable and energy distribution networks are
electricity network and hydrogen network, which run in cooperative way , Winter Carl-Janchen, 2005. The
hydrogen network with fuel cells will replace the current oil network for fuelling the transport vehicles. Both
stationary power generations, heating and cooling, as well as fuelling transportation systems will count for about
40%, 30% and 20% of energy respectively. The problem of fuel cells thermal control is the key element to increase
fuels cells efficiency. Rogg S., et al. made experiments and analysis of the cooling modules for vehicles with a
fuel cell drive, 2003. Izenson M. G. and Hill R. W. analyzed the water and thermal balance in PEM fuel cells,
2004. Recently fuel cell development, modelling and performance analysis has obtained much attention due to their
potential for distributed power which is a critical issue for energy security and environmental protection, Faghri and
Guo, 2005. A flow boiling micro channel evaporator plate for fuel cell thermal management was considered
by Garrity P.T et al, 2007. The big market now is available in portable electronics such as mobile phones, PDAs
and laptop computers with mini/micro fuel cells application. Several companies such as Samsung, Toshiba and
Panasonic are developing portable direct methanol fuel cells, as one of the best approaches to small fuel cell
systems and a considerable amount of research is being conducted in this area. Some patents were published
related the fuel cells thermal control (Krallik James H., “Cooling Method and Apparatus for Use a Fuel Cell
Stack”, US Patent 6,355,368 B1 Mar.12, 2002; Oh, Se Min and Vasiliev Leonard “Miniature Heat Pipe and
method of manufacturing the same”, US Patent 20030141045 A1, July 31, 2003; Saraff David B and
Schwendemann Joel T. “Flat Fuel Cell Cooler”, US Patent 6,817,097 B2, Nov. 16, 2004; Faghri Amir,
“Micro heat pipe embedded bipolar plate for fuel cell stacks”, US Patent 2005/0026015 A1, Feb. 3, 2005).
The market for portable electronics now is much more accessible to fuel cells than automotive applications.
For example, the development of cellular phones with digital broadcast reception may spur the integration of
fuel cells into these devices. The automotive fuel cells application with hybrid power systems functioning in
cars, planes and tracks is also very promising; the fuel cells converting the fuel directly into electricity are to
be functioning without combustion or mechanical energy. There were zero carbon-dioxide emissions, the
wastewater being used to cool the fuel-cell stack. In residential sector with the internal combustion engines,
polymer electrolyte fuel cells (PEFCs), and solid oxide fuel cells (SOFCs) are welcomed as micro-CHP. In
this paper we would like to show, that fuel cells thermal management can be efficiently performed using heat
pipes of different types. For micro/mini fuel cells thermal control so called “Micro heat pipe” phenomena is
efficient to consider, Vasiliev L. et al, 2007.
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“Micro heat pipe” (MHP) phenomena is often available in nature. For example there is an analogy
between MHP operation and functioning of a sweat gland, Dunn P.D. and Reay, 1976. Open – type
MHPs were considered by Reutskii V.G. and Vasiliev L.L 1981, Vasiliev L.L.,1993 as a system of thermal
control of biological objects and drying technology. The MHP concept is interesting to realize for micro/mini
fuel cells, that includes a fuel cell stack and ancillary systems.
Heat pipes fuel cell thermal management can be performed as [Faghri and Guo, 2005; Vasiliev L.L. et al,
2008]:
1) Micro/mini heat pipes for micro/mini fuel cells (< 10 W)
2) Heat pipes for medium fuel cells ( 10 – 100 W)
3) Heat pipes for portable fuel cells ( > 100 W)
4) Heat pipes systems for stationary fuel cells (stationary electricity generation)
Besides this category of heat pipe application in fuel cells thermal control there are possibilities to apply heat
pipes in ancillary systems as:
1) Fuel cartridges thermal control
2) Systems for fuel cells heat recovery (co-generation and tri-generation)
Potential applications of heat pipes for fuel cells thermal management includes also systems of wasted heat
recovery and fuel cartridges. Thermal link between fuel cell stack and fuel cartridge, or between fuel cell stack
and energy recovery system (heat pump) can be also efficiently performed by heat pipe heat exchangers.

Micro/mini heat pipes for fuel cells thermal management (< 10 W)
The thermal-fluids management system uses passive approaches for fuel storage and delivery, air breathing,
water management, CO2 release, and thermal management [Panchamgam S. S. et al, 2009]. Fuel cell stack is
a complex device, but it consists on some units which are similar. Each elementary fuel cell has several layers
(bi-polar plate, gas diffusion layers, catalyst layers, membrane), working at the same conditions. Therefore
the thermal management of the device can be performed for the fuel cell stack in general. Different modes of
the heat pipe based fuel cell thermal management are shown on Fig.1, [Vasiliev L.L. et al, 2007].
Condenser

Evaporator

Condenser

Evaporator

Figure 1: Schematic of mini heat pipe spreader (left) or two-phase forced convection cooling
system with mechanical pump (right).
The study of heat pipe thermal control first of all is related with two-phase heat transfer and
hydrodynamics in the heat pipe evaporator. In particular, for miniature heat pipes the presence of a high
heat flow rate is due to the enormous heat flux that occurs in the contact line region of the evaporating
curved film [Vasiliev L.L. et al, 2007, Panchamgam S. S. et al, 2009]. The fluid evaporation in the meniscus
strongly depends on the heat conductivity of the solid wall and slip velocity at the liquid-solid interface. If the
fuel cell together with heat pipe system is performed on a silicon substrate many micro fuel cells may be
placed on a 1 cm2 of this device. Cylindrical configuration of micro/mini fuel cells suggested by Yazici in
[Yazici M.S., 2007] is convenient to apply with loop heat pipe and annular heat pipe spreaders having
mini/micro-channels as fuel cell thermal control system. Microchannels in MHP are fluid flow channels with
small hydraulic diameters. The hydraulic diameter of MHPs is on the order of 10 -500 μm. Smaller channels
application is desirable because of two reasons: (i) higher heat transfer coefficient, and (ii) higher heat
transfer surface area per unit flow volume. Micro/mini heat pipes are to be integrated in fuel cell
configuration in which hydrogen and oxygen grooves (tens of µm) are disposed in the same substrate (heat
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pipe envelope), but on the opposite planes. Heat pipe based spreader (plane, or cylindrical) may have the
thickness 1-3 mm. There are vapor channels (grooves) 0.3-0.5mm inside with capillary-porous deposit on its
wall with thickness 30–50µm, performed by nano technologies. The spreader (annular heat pipe) ensures
thermal uniformity within the stack. Such spreader can be installed between adjacent fuel cells [Litster S. and
Djilaly N.,2008].
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Figure 2: Heat pipe thermal management of cylindrical fuel cell. 1 – loop heat pipe evaporator for
heat dissipation in space; 2 – anode porous coating; 3 – anode porous electrode; 4 - membrane; 5 –
cathode porous electrode; 6 – cathode porous coating; 7 – outer annular heat pipe (heat pipe
spreader)
The loop heat pipe (thermosyphon) is responsible for the waste heat withdrawing from the stack, Fig.2. This
heat pipe has passages 2 on its outer surface and is covered by the anode porous electrode 3. Anode porous
electrode is covered by membrane 4. Membrane is contacting with cathode porous electrode 5. Cathode
porous electrode has micro/mini passages 6, contacting with the annular heat pipe 7.
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Figure 3: Dynamics of vapor bubbles motion in liquid pool (a) and annular mini-channel (b, c),
q b < qc
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b
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Figure 4:Visualization of the hydrodynamic and heat transfer inside the annular heat pipe with
porous coating, disposed inside the annular mini-channel, propane, q = 34 kW/m2: a – freeze
frame, b – the dynamics of the vapor bubbles movement

Visual observing of the heat and mass process [Vasiliev L.L. et al, 2007, Litster S. and Djilaly N.
2008] in the evaporator of such spreaders testified that vapor bubbles movement in annular minichannel has a complicated character. Vapor and liquid flows move not only perpendicularly to the
surface of heat releasing component but also ensure the swing two-phase flow along a tube axe from
the input (bottom) toward the outlet (upper part) of the glass tube before its entering the condenser,
Figs. 3, 4.
Micro heat pipe effect in porous media
“Micro heat pipe” concept is typical for closed and semi opened capillary porous systems saturated with
liquid and thermally contacted with the heat loaded wall [Dunn P.D. and Reay D.,1976, Vasiliev L.L.,1993,
Vasiliev L.L. et al. 2007]. Inside the capillary bi-porous structure (micro and macro pores) two phase heat
and mass transfer occur with multiple mini meniscus of the evaporation (interface) on the contact region of
micro and macro pores. Macro pores are considered as vapor channels to transfer the vapor from the interface
of meniscus of the evaporation to the cold region of the porous body with further vapor condensation.
Sintered powder wick can be considered as a system with open micro- and macro-pores (Fig. 5). Micro-pores
are used as capillary channels for liquid transport to zones of vaporization (meniscus). Macro pores are
served as channels for vapor transfer. The vapor is generated on surfaces of meniscuses in orifices of micropores. The thickness of a liquid film in the zone I is close to the size of molecular sorption film and there are
not favourable conditions for vaporization. The high intensity of vapor generation (evaporation) occurs in the
zone II of meniscus. In the zone III a liquid film is thick, so its thermal resistance is high. There are a great
number of such meniscuses over a volume of porous media, so the total area of evaporation is very large. It
means a rise in the heat flux (in a curtain limits) would be possible without increasing the wall temperature.
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Figure 5: Schematic of the sintered powder coating in mini-channel (a) and liquid pool
(b). 1 – micro-pore, 2 – meniscus, 3 – macro-pore, 4 – vapor bubble, 5 – liquid flow in the
mini-channel, 6 – two phase flow in the mini channel, 7 – zone of evaporation Q – heat flow
In the unit of volume there is a constant ratio between micro and macro pores (for one macropore there are
some micropores, depending on the wick thickness), Fig. 5. The number of active meniscus of the
evaporation depends proportionally on the heat flux number. The heat flow Q is equal to N (the number of
the meniscus), multiplied on latent heat of the evaporation hlv, α (local heat transfer coefficient) and the
surface S of evaporation, for ∆Tevap = constant. Q = Nmenuscus hlv α S ∆T .
Mini loop heat pipes
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Such types of bi-porous wicks (metal sintered powder, or expanded graphite) are also applicable for mini
loop heat pipes (LHP), Fig. 6. MHPs actually are mostly interesting to be implemented directly in the silicon,
or Al2O3/Al substrate. Compared to other materials, silicon provides several advantages. It has a good
heat conductivity (150 W/ (m⋅K)), and permits to obtain much smaller devices than other metals because of
the etching process accuracy. Moreover, as the МНР can be machined in the core of the substrate, the
thermo-mechanical constraints are lower compared to other materials. Its thermal expansion coefficient
is 7 times lower than that of copper and 10 times lower than aluminium.

Figure 6: Mini loop heat pipe with evaporator made from coherent silicon substrate
[Weislogel M.M., et al, 2002].

The evaporator, a key element of an LHP, determines the serviceability and efficiency of heat pipe. It consists
of the envelope, wick, vapor and liquid lines. The evaporator is joined to a compensation chamber or a
reservoir, into which the liquid from the condenser is entering. The heat supplied to the outer surface of the
wall penetrates through it and then is transferred through the wick to evaporating menisci. The generated
vapor is collected in the vapor grooves and then is moved off to a condenser by the vapor line. The liquid
inflow into the evaporating zone is realized from the reservoir through the wick. This new technology is a
type of Micro Electro Mechanical Systems (MEMS) process that allows one to “drill” a pattern of micronsized holes in a silicon wafer [Weislogel M.M., et al, 2002]. In fuel cells and heat pipes, the flow characteristics
in the porous media (gas diffusion layers or capillary wick) are useful in modeling performance. Permeability is a
parameter that describes the relationship between pressure drop and mass transport through porous media. In
heat pipes effective pore radius is a parameter used to describe the available pressure rise for liquid pumping. In
the LHP there is a possibility to use an evaporator above the condenser, the vapour flows through the vapour
channels towards the condenser and the liquid goes back the evaporator due to the capillary pressure head of
the porous wick. The assembly of the loop heat pipe with some evaporators and condensers is shown on Fig.
7.
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Figure 7: Loop heat pipe assembly with some evaporators embedded in the FC stack and
condensers

SORPTION HEAT PIPE
Sorption heat pipes are to be used for fuel cells thermal and transport water control in active mode, when it
is necessary. Sorption heat pipe closed type has a possibility to actively cool the fuel cell stack at heavy
power consumption, Fig.8. Sorption heat pipe open type is interesting to apply to cool the total fuel cell
assembly, and to promote water transport and mitigate flooding and the associated blockage of reactant
transport, if it is transparent for the fluid penetration and made from permeable materials (porous fuel cell
stack). Water/sorption heat pipe is capable to suck the excess of the water, stimulate the transport of water in
terms of start up, including freeze-start, transient response and degradation. At high currents, excessive water
condensation can lead to “flooding” of the cathode porous layers. Sorption heat pipe is capable to suck
discrete water droplets through the pores of the gas diffusion layer into the micro-channels and after into the
heat pipe sorbent bed. The original design of such a sorption heat pipe was patented in the USSR (patent
USSR 174411 “Heat pipe”, B. I. 24, 30.06.1992). Sorption heat pipe includes the advantages of conventional
heat pipes and sorption machines in one unit. The major its advantage is ability to ensure the convective twophase heat transfer through capillary-porous wick under the pressure drop due to sorbent wick action inside
the heat pipe. In sorption heat pipe the same working fluid is used as sorbate and as a heat transfer media.
Such heat pipe includes some basic phenomena interacting with each other: 1) in the sorbent bed there is a
vapor flow (two phase flow) with kinetic reaction rate and pressure, vapor pressure, geometry, conductive
and convective heat transport with radial heat transfer; 2) in the condenser and evaporator there is a vapor
flow, liquid flow, interface position, radial heat transfer with kinetic reaction pressure, liquid pressure, vapor
pressure, condensation and evaporation, shear stress, geometry, adhesion pressure, convective heat transport,
radial heat transfer under the influence of the gravity field.

Figure 8: Sorption heat pipe (patent USSR 174411 “Heat pipe”, B. I. 24, 30.06.1992).; 1 – vapor
channel; 2 – sorption structure; 3 – finned surface of heat pipe evaporator/condenser; 4 – porous
wick ; 5- porous valve; 6 – low temperature evaporator with porous wick;7- working fluid; 8 – cold
box with thermal insulation.
Sorption loop heat pipe is convenient to be applied for the whole fuel cell assembly thermal and water control
at higher currents and excessive water condensation. Heat pipe promote water transport, mitigate flooding
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and the associated blockage of reactant transport, performance losses and degradation mechanisms, ensures
high Reynolds numbers of two-phase flows [Vasiliev L.L. and Vasiliev L.L. Jr, 2005].
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Figure 9: Schematic of the sorption heat pipe for fuel cell heat recovery.
The heat exchanger on sorption heat pipes, Fig.9 is interesting in combination with fuel cell device (SOFC) to
increase fuel cell efficiency. The same design of adsorption heat pump was considered by Critoph R., 2000.
Loop thermosyphons for portable fuel cells (> 100 W)
Since loop thermosyphons have larger critical heat flux than conventional thermosyphons it is convenient to
use such devices in many different applications, for example, for thermal control in ancillary systems such as
fuel cartridges, heat recovery devices (co-generation and tri-generation).
The loop thermosyphon evaporator needs to have a good thermal contact with the stack; the condenser
ought to be cooled by air, or water. The loop thermosyphon transports thermal energy from a heat source to a
sink by natural two-phase convective circulation without any external power supply (no electric pump).
Thermosyphon evaporator and condenser are installed separately, but connected to each other by small
diameter bendable (flexible) pipes (liquid and vapour lines). Due to the coupling between momentum and
energy transport theoretical analysis of the loop performance is very complicate, therefore it is necessary that
these problems be solved by experimental investigation before applying the loop thermosyphon to heat
exchanger design.

Figure 10: Copper/water loop thermosyphon for the FC stack thermal management
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In the loop thermosyphon the heat transfer is considered to be affected by many factors, such as type and
quantity of working fluid, pipe diameter, pipe length, and ratio of cooled surface to heated surface, the length
of the adiabatic zone between heated and cooled sections, heat flux and operating temperature. The
evaporator and condenser of the loop thermosyphon can be made of carbon-steel, cupper, aluminium and
recently reinforced polymer tubes. Propane, R 134a, R 600, ammonia or water can be used as working fluid.
When the copper is allowed to be applied water is the best working fluid. In order to establish heat transfer
correlations for the application in the design program for the loop thermosyphon heat exchanger, regression
analysis could be applied to experimental data for heat transfer coefficients in evaporator and condenser.
Typical loop thermosyphon with the flat evaporator (3 mm thickness) is shown on Fig.10. This thermosyphon
is capable to transport Qmax near 100 W at the temperature of the adiabatic zone less 100 0C. The condenser is
cooled by water circulation. The thermal resistance of thermosyphon R is 0.03 K/W.
Loop heat pipes are more flexible to compare with loop thermosyphons, due to its insincerity to the gravity
field. Typical LHP for PEMFC with optimal heat flow rate 800 W at the working temperature near 80 0C is
shown on Fig.11. LHP with the non inverted meniscus of the evaporation designed and tested in the Luikov
Institute is made from copper and has the wick performed from copper sintered powder. The working fluid is
water. The typical maximum heat flow rate of such evaporator is near 1500 W, the thermal resistance of the
evaporator Re = 0.06 К/W. The length of the evaporator is 70 mm, width – 60 mm and thickness 12 mm. The
wick porosity is > 45% and the effective thermal conductivity of the wick 40 W/m K.
.

Figure 11: LHP with copper flat evaporator. The wick is made from sintered powder porous structure
and has mini grooves for liquid suction.

Pulsating heat pipe panels
Another alternative to the conventional heat pipe is an aluminium (multi-channel) heat pipe panel (Fig. 12)
with propane as a working fluid to cool FC stack [Vasiliev L.L., 2006]. Pulsating heat pipe (PHP) is one of
several oscillatory thermal transport cycles under development that are obtaining attention as a potential
semi-passive, high-power, high flux heat transport device. The PHP is unique in that it is capable of
generating driving pressures in excess of many mechanically pumped loops. Capillary forces do not limit the
PHP and it is capable of transferring high heat loads over long distances and against significant resistance (i.e.
gravity, small tube diameters, etc.).

Figure 12: Aluminum pulsating heat pipe panel with mini channels inside and mini fins on the outer
surface.
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The main parameters of flat heat pipe panels developed in the Luikov Institute, Minsk are: HP width -70mm,
HP height - 7 mm, HP length - 700 mm, evaporator length - 98 mm, condenser length - 500 mm, mass - 0, 43
kg. HP thermal resistance R = 0.05 K/W, evaporator heat transfer coefficient α = 8500 W/m2K, condenser
heat transfer coefficient α = 2500 W/m2K. The working fluid (hydrocarbons) dynamic movement is stable
with liquid filling ratio near 0.6 of the heat pipe volume.

The way to increase fuel cells efficiency
Fuel sells, with unmatched efficiency and potentially greater reliability than other energy systems
(because of greatly lower part counts, for example, and solid state construction in the case of SOFTs) are
quite competitive in many applications. But even fuel cells need to improve their efficiency due to the
heat dissipation inside on the level of 50 %. It can be realized with the help of solid and liquid sorption
machines [Vasiliev L.L., 2006]. Sorption machines (heat pumps, refrigerators, heat transformers, ets) is a
good way to combine autonomous sources of energy (waste heat of fuel cell) with low temperature
alternative sources of energy (solar, water, ground , air) and to reduce the energy consumption down to
15% - 20 %, Fig.13-14.
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Figure 13: System of tri-generation based on fuel cell and solid sorption heat pump application,
[Vasiliev L.L., 2006].

Fuel storage with heat pipe thermal control
Actually there are different possibilities to design several fuel storage systems, including hydrogen storage
options (liquid and compressed hydrogen, metal hydrides, chemical hydrides, active carbons and complex
compounds). One of the key technologies that will make the widespread use of FCs possible is efficient and
safety hydrogen supply system. Fuel cell efficiency can be increased, if there is the thermal contact between
the FC stack and fuel storage cartridge. Hydrogen storage by solid sorbent materials is the most recent system
proposed. Activated carbons, activated carbon fibers and graphite nanofibers are perspective candidates for
hydrogen adsorption storage. Many metals and alloys can also reversibly adsorb large amounts of hydrogen.
However, none of them is known for the mobile storage pressure-temperature range with ΔH in the range of
15–24 kJ/mol hydrogen. Our approach is to make composite materials containing two or more different
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components, in an effort to compensate the limitations of each and to develop the thermally regulated
sorption storage system for dual-fuel (hydrogen and natural gas) automobile [Vasiliev L.L. et al, 2007].
Activated carbon fiber with chemicals can be considered as a promising material for hydrogen storage In fact,
such gases as methane, ammonia, and methanol can be considered as hydrogen storages by itself also. Now it
is clear, that ammonia, methane and hydrogen storage vessels filled with “Busofit” has certain advantages
(for example, methane storage capacity up to 170 v/v). To be commercially profitable the adsorption storage
is required to have at last 150 v/v. It can be considered as a typical microporous adsorbent with pore diameter
near 1 – 2 nm and at the same time as material with high gas permeability. For the activated carbon fibre
“Busofit” it is typical a micropore distribution mostly on the filament surface. In the recently developed
complex compound – activated carbon fibre “Busofit” and microcrystals on its surface the sorption capacity
of the hydrogen reach gases is three times more to compare with the active carbon sorbent material. A set of
microcrystals of metal hydrides/chlorides is attached on the filament surface inside the complex compound.
Combination “Busofit” + metal hydrides have some particularities to compare with the combination
“Busofit” + metal chlorides. Due to the high density of metal hydrides, the system tends to be very compact,
minimizing precious volume and envelope [ Vasiliev L.L. et al, 2006, 2007].

Figure 14: Sorption heat pump with SOFC. 1,2 – adsorber; 3,4 – sorption heat pipes; 5 –SOFC unit; 6
– boiler, 7 – fan; 8,9 – gas distributors; 10-11 – reversing valves; 12 – expansion valve; 13 – condenser;
14 – evaporator; 15-18 – flow valves; 19-22 – water flow inlet and outlet.
Metal hydride reaction beds inside the storage vessel can be operated temperature controlled (by heat pipe
heat transfer devices), or pressure controlled (isobaric). To keep the temperature of an absorbing bed
constant, the pressure has to raise due to the increasing absorbed gas concentration that result in a higher
pressure at a given temperature. To keep the pressure of an absorbing bed constant, the temperature of the
hydride must decrease. In absorption the reactor operates as absorber in which a solid material (metal
chloride/hydride) reacts with the gas to produce an exothermic reaction:

S( sol ) + n ⋅ G( gas ) → S ⋅ Gn ( sol ) ;

ΔH react < 0 .

(1)

Practically, this chemical reaction is equilibrium, and for example, in the case of transition metal chloride
MCl2 (S) and ammonia (G), the following reaction is observed:
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M ⋅ ( NH 3 ) 2 Cl2 ( sol ) + 4 ⋅ NH 3( gas ) → M ⋅ ( NH 3 )6 Cl2 ( sol ) .

(2)

The enthalpy of reaction ΔΗ react . in (5) is about 50 kJ/NH3 mol. for heating. The low thermal conductivity
of the solid salt (about 0.1 W/(m·K)) and the very high expansion factor of the salt S during its reaction with
the gas G, are two important coefficients being able to reduce the sorption capacity. Heat has to be evacuated
outside during the chemical reaction of absorption, and gas diffusion has not to be slackened to reach the
solid. Conversely, in desorption phase, the reactor operates as regenerator in an endothermic reaction.
The use of additives (active carbon fiber) to metal chloride/hydride has two functions:
– the increase of the total sorption capacity (adsorption + absorption),
– the increase of the thermal conduction of the reactant and of the heat transfer coefficient at the interface
between reactant and wall,
– the maintenance of high porosity of the medium during the solid-gas reaction.
The addition of metal chloride/hydride particles to carbon powders, graphite compounds, expanded
graphite, activated carbons, carbon fibers, carbon fabrics have enhanced the performances of the gas storage
vessel. It is particularly convenient to use carbon fabrics because they possess the following main qualities:
– 2D high thermal conduction (if the precursor fibers have good thermal conductivity),
– gas permeability into the inter-fibers space,
– no discontinuities of the thermal conductivity between the reactor core and the heat exchanger wall.
The metal hydride particles + “Busofit” gas storage vessel can also be considered as a heat sink for the
transport vehicle, or the source of energy for the air conditioning system. The heat sink absorbs and rejects
metabolic, sun and equipment heat loads generated during the car transportation. The efficient system to
perform a sorbent bed thermal control during its charging/discharging is heat pipe heat exchanger.

Fig.15 Heat pipe spreader with the sorbent composite on its outer surface
“Busofit” can be used as a compact sandwich with flat, or cylindrical heat pipes being in good thermal
contact with the surrounding, or source of energy (for example, gas flame, electric heater), Fig 15. Flat heat
pipe panels (HPP) have some advantages over conventional cylindrical heat pipes, such as geometry
adaptation, ability for much localized heat dissipation and the production of an entirely flat isothermal
surface. The liquid-vapour system formed in capillary channels inside the heat pipe panel is capable to
generate self-sustained thermally driven oscillations. Thin layer (1 – 2 mm) of the sorbent composite (for
example, active carbon powder + salts) between mini-fins on the outer side of the heat pipe spreader ensures
an advanced heat and mass transfer during the cycle adsorption/desorption.
Conclusions
Heat pipe concept as a thermal control system for Fuel Cells is a powerful tool to increase FC efficiency.
Mini/Micro heat pipes are considered as advanced thermal control for Mini Fuel Cells with power generation
10 W - 100 W,
Loop heat pipes, pulsating heat pipes and sorption heat pipes are suggested as an advanced thermal control
system for portable Fuel Cells with power generation > 100 W.
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New power sources efficiency (cogeneration, trigeneration systems, fuel cells, photovoltaic systems) have a
good perspective to be increased. To increase its efficiency fuel cells ought to be combined with the
renewable energy resources, solid sorption heat pumps, refrigerators, accumulators of the heat and cold, heat
transformers, natural gas and hydrogen storage systems.
To improve parameters of the fuel cell cartridge and the system in whole the heat pipe thermal control and a
new solid sorption composite (the activated carbon fiber and metal hydride/chloride with the binder) were
suggested. Some sorption capacity data for new materials were obtained. The use of a thermo-chemical
material based on carbon nanofibers in a solid sorption reactor promises a good perspective for design a
new type of fuel cartridges.
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Abstract
Composite adsorbents, comprising activated carbon and expanded natural graphite, have been developed, and
their heat conductivity, permeability and adsorption performance were tested. The heat conductivity varies
with the ratio of activated carbon to expanded natural graphite. Heat conductivity increases as the ratio of
expanded graphite increases. Considering that the density of activated carbon for the composite adsorbent
should not be lower than 200kg/m3, otherwise the volume cooling performance will be influenced, the highest
heat conductivity obtained from experiments is 2.47W/(mK). The permeability is also tested in the
experiments, and the best result obtained from the experiments is 4.378×10-12. In order to evaluate the
influences of heat and mass transfer on adsorption performance, the adsorption rate were tested using a
Rubotherm magnetic suspension balance, and results show that for the freezing conditions lower than -10oC
the performance of granular activated carbon is better than that of solidified adsorbent because of the reduced
mass transfer of ammonia at low saturated pressure. The adsorption performance of solidified adsorbents
increases rapidly when the evaporating temperature is higher than -10oC. When the evaporating temperature
is 8oC, the adsorption rate of solidified adsorbent is improved by 29% if compared with that of granular
adsorbent.
INTRODUCTION
Adsorption refrigeration is a type of energy saving refrigeration technology because it is mainly powered by
the low grade thermal energy such as solar energy and waste heat, while it also has the advantages of being
environmental benign for the reason of the green refrigerants it utilizes (Wang and Oliveira, 2006).
As a type of physical adsorbent for refrigeration, activated carbon (AC) has the advantages of high mass
transfer performance, stable adsorption performance, and no corrosion to the metal material if compared with
the chemical adsorbents such as chlorides. The disadvantage of AC is low adsorption quantity; the maximum
adsorption quantity of AC is about 0.3kg/kg, which is only 1/4 of that of calcium chloride, which has the
highest adsorption quantity of 1.225kg/kg (Neveu and Castaing, 1993). The adsorption refrigeration
performance of adsorbent mainly related with the cycle adsorption rate, which is the value of cycle time
divided by cycle adsorption quantity. The reaction rate of chemical adsorbents, such as calcium chloride
(Iloeje et al., 1995), are much slower and their cycle time is always much longer than that of activated carbon.
Thus for the refrigeration process, the AC is an optimal choice. Considering that the high efficient adsorption
performance only can be obtained for the condition of short cycle time for activated carbon, and the short
cycle time is mainly related with the heat and mass transfer performance for the heating and desorption and
cooling and adsorption process, the solidified adsorbents, which have higher heat conductivity, are researched
by different researchers (Critoph, 2002). Nowadays the solidified adsorbents of AC are mainly developed by
the mix of AC with chemical binding materials (Tamainot-Telto and Critoph, 2001, Wang et al, 2003,). For
such a method the heat conductivity could be improved a lot, but the mass transfer performances will be
influenced. In order to develop a type of composited solidified adsorbent with better heat transfer
performance, but also with good mass transfer performance, the simple composite solidified adsorbent of AC
and expanded nature graphite (ENG) that is a type of matrix with high heat and mass transfer performances
(Mauran et al., 1996), is developed, and the heat conductivity, permeability, and adsorption performances of
such type adsorbent are researched.
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DEVELOPMENT OF THE SOLIDIFIED BLOCKS
The solidified composite activated carbon adsorbent consists of activated carbon (AC) and expanded natural
graphite (ENG), in which the activated carbon is 80-100 mesh and manufactured in Belgium and the graphite
is 100 mesh and manufactured in China. Before solidification the graphite is expanded in an oven at the
temperature of 700oC for 12~15 minutes. The density of granular adsorbent is tested, and the value is
396kg/m3. In order to keep the density of activated carbon over than 350 kg/m3 in solidified adsorbent while
the mass ratio of composite adsorbent between AC and ENG is 1:1, the density of solidified adsorbent in the
experiments is between 700~720kg/m3. In the research the ratio between AC and ENG are 1:2, 1:1.5, 1:1 ,
1.5:1, 2:1, and 2.5:1.
The rig for the solidified composite adsorbent blocks
For the solidified adsorbent with ENG as matrix, the anisotropic heat transfer performances are found by Han
et al (Han et al, 1996). The direction that is perpendicular to the pressing direction of adsorbent always has
higher heat transfer performances. In order to produce the solidified composite adsorbent blocks with better
heat transfer performances, the composite adsorbent block that have the heat transfer direction perpendicular
to the pressing direction of adsorbent, is produced and shown in Figure 1a. For the measurement of properties
the block was cut into a circular shape (Figure 1b) that is required by the thermal conductivity and
permeability test equipment.

Figure 1. Composite adsorbent block (a) plate sample; (b) circle sample cut from plate sample for
thermal conductivity and permeability research
The choice of the ratio between AC and ENG
For the production of the solidified composite adsorbent, firstly the AC and ENG are simply mixed, and then
the adsorbent is pressed, and solidified. The ratio between AC and ENG is less, the easier for the adsorbent to
be solidified. The adsorbent with different ratios are shown in Figure 2.

(a)
(b)
(c)
(d)
Figure 2 The solidified composite adsorbent with different ratios between AC and ENG, (a) 1:2, (b) 1:1,
(c) 2:1, (d): 2.5:1
The surface of the adsorbent is very smooth and there are no cracks on the adsorbent when the ratio of AC is
less, just as the Figure 2a shows. When the ratio of AC increase, cracks begin to occur on the surface while
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the ratio between AC and ENG is 1.5:1 (Figure 2b), and the numbers of cracks increases when the ratio of
AC is larger, just as Figure 2c shows. The largest ratio between AC and ENG is 2:1, and the adsorbent with
the ratio larger than 2:1 cannot be solidified (shown in Figure 2d).
STUDIES ON THERMAL CONDUCTIVITIES
Thermal conductivity test unit
The thermal conductivity is investigated by using the guard-hot plate method (Tamainot-Telto and Critoph,
2001). It is an absolute method for determining the steady state thermal conductivity of materials. The
determination of the effective thermal conductivity λ is based on the measurement of the average
temperature gradient ΔT produced through the solidified blocks by a known axial heat flux Q under steadystate conditions. When the working conditions (heat flux determined by the electric current of central disc
heater, water flow rate, temperatures) are set up and the equilibrium is reached, the effective thermal
conductivity λ (W/(mK)) is given by the following expression:

λ=

Q × Δz
2 S ΔT

[1]

where Q is the measured central disc heater heating power (W), Δz is the thickness of the solidified
expanded graphite blocks, ΔT is the temperature difference accross the carbon sample and S is the effective
heating area of the central plate heater (m2).
The thermal conductivity of solidified composite adsorbents
The solidified composite adsorbents of AC were produced for similar density between 700~720kg/m3. The
samples that are tested are sample 1 (ration between AC and ENG is 2:1), sample 2 (ration between AC and
ENG is 1.5:1), sample 3 (ration between AC and ENG is 1:1), sample 4 (ration between AC and ENG is
1:1.5), and sample 5 (ration between AC and ENG is 1:2). The thermal conductivities are tested for a range of
electric currents of the central heater. The values of the thermal conductivity measured varies little with the
electric current of central heater as is shown in Figure 3a but varies considerably from sample to sample. The
average thermal conductivities under the condition of different currents are calculated and the relation
between thermal conductivities and densities are shown in Figure 3b.
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Figure 3 The thermal conductivities of solidified composite adsorbent, (a) thermal conductivities vs.
electric current of central heater, (b) average thermal conductivity and densities vs. the ratio of ENG in
the adsorbent
Figure 3b shows that the heat conductivity increases when the ratio of ENG in the adsorbent increases, while
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the density of AC, which is calculated by the mass of AC and the whole volume of the adsorbent, decreases
when the ratio of ENG in the adsorbent increases. The increase of heat conductivity is helpful for the
adsorption process, and the decrease of the density of AC in the compound adsorbent will influence the
volume adsorption quantity. The highest heat conductivity of carbon composite adsorbent is about
2.5W/(mK), which improved the value of granular carbon by about ten times. The solidified composite
adsorbent has similar density with granular AC is analyzed, which is sample 3 with the density of AC about
350 W/(mK), and it has the heat conductivity of 1.8 W/(mK), which also has been much improved a lot if
compared with the value of granular AC.
THE PERMEABILITY TEST
The permeabilities of the samples are tested by using a specially designed test unit (Tamainot-Telto and
Critoph, 2001) that comprises sample holder, pressure drop meter, and a rotameter. The permeability test
comprises measurements of the pressure drop Δp across the sample of block disc when compressed air is
flowing through it with flow rate qv. Since the samples to be tested are porous media with very low gas
velocities, the Ergun model is applicable. Assuming the gas used is ideal and that there is no mass
accumulation inside the sample, for the axial gas flow configuration, the intrinsic characteristics of the
material is then given by the following expression (Tamainot-Telto and Critoph, 2001):

W=

1
+ BX
K

W=

( p12 − p2 2 ) S
;
2 RT μ ma Δz

[2]

In which

X=

ma
;
μS

ma = ρ Sva

[3]

where K is permeability (m2), B is the shape factors of the samples, p1 and p2 are inlet pressure and outlet
pressure of pressure air, and they can be gotten by the outlet pressure and the pressure drop measured. S is
sample cross section (m2), R is the gas constant (J/(kgK)), T is the sample temperature (K), which doesn’t
change significantly through the sample, μ and ρ are the gas viscosity (Pa s) and density (kg m-3),
respectively; ma is gas mass flowrate (kg/s), va are axial velocities (m/s).
To measure the permeabilities, W and X are calculated by using the experimental data of flowrate, pressure
drop, ambient temperature, and outlet gas pressure, etc., and then K is obtained from the relations between W
and X, which is linear and 1/K is the intercept of the equation for the linear relation between them.
For the adsorbents with cracks on the surface, the permeabilites test results will be influenced by the gas
transfer through cracks. Thus only two types of adsorbents that don’t have cracks on the surface are tested,
and the results are shown in table 1. Table 1 shows that the permeability increases while the ratio of AC
inside the composite adsorbent decreases, and the value is improved about 100 times if compared with the
solidified carbon adsorbent that solidified by chemical bonding materials(Tamainot-Telto and Critoph, 2001).

Sample
Sample 4
Sample 5

Table 1 The values of permeability of different samples
Ratio between AC Density of AC Permeability (m2)
and ENG
(kg/m3)
1:2
232.6
4.378×10-12
1:1.5
286.1
5.017×10-12

THE ADSORPTION PERFORMANCE TEST
The adsorption performance of solidified composite adsorbent is tested by the magnetic suspension balances
(Rubotherm). The test unit is shown in Figure 5. The Rubotherm mainly includes magnetic suspension
balance and basket for adsorbent. In the experiments, the adsorbent is put in the basket, and then the basket is
put in a jacket, and the temperature of the jacket is kept stable by the circulation of heating oil. The ammonia
pipe is linked with the space for basket, and the adsorption quantities are tested by the magnetic suspension
balance.
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Figure 5 The Rubotherm for adsorption performance test
In order to make a comparison between adsorption performances of solidified adsorbent and granular AC, the
dynamic performance of granular AC and two types of solidified composite adsorbents that have similar
density with granular AC are tested. In the experiments, the granular AC is put in the basket, and the
thickness of adsorbent is 12mm. The solidified adsorbent is cut into two half columned figure, which also has
the thickness of 12mm, and then put into the basket. In the experiments, for the desorption the jacket is
heated to 150oC. The adsorption proceeds at the temperature of 33~35oC. Assuming t1 is the beginning time,
and t2 is time for t1 plus 49 seconds, the adsorption rate is calculated by the equation:

vx =

dx
m2 − m1
=
dt mac × (t2 − t1 )

[4]

where m2 is the mass tested by the magnetic suspension balance at t2, and m1 is the mass tested at t1. The mac
is the mass of activated carbon in the basket. The relation between vx and time under the condition of
different evaporating temperatures are shown in Figure 6.
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Fig.6 The adsorption rate vs. time, (a) -14oC; (b) -7oC; (c) 8oC
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Fig.6a shows that when the evaporating temperature is lower than -10oC, the granular AC has the best
adsorption performance. It is mainly related with the mass transfer performances. The granular AC has the
best mass transfer performance, and when the evaporating temperature is low, the mass transfer performance
of ammonia is critical for the reason of low saturated pressure, thus the adsorbent with best mass transfer
performance also has best adsorption performance. The performances of solidified adsorbent improve fast
when the evaporating temperature increases. For the evaporating temperature of -7oC (Figure 6b), the
adsorption performances of two types of solidified adsorbents are similar with that of granular adsorbent. It is
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mainly because that the mass transfer of ammonia is improved when the evaporating temperature is increased,
and then the influence of heat conductivity will be the main factor influencing adsorption performances. For
the evaporating temperature of 8oC (figure 6c), the average adsorption rate of sample 3 is 0.9751×10-4
((kg/kg)/s), and the average adsorption rate of granular AC is about 0.7557×10-4 ((kg/kg)/s). The value of
sample 3 is improved by 29% compared with that of granular AC. It is mainly because of the better heat
transfer performance of sample 3. The heat conductivity of sample 3 is 1.8W/(mK), which is 1.5 times of
sample 2 and almost eight times of granular adsorbent.
CONCLUSIONS
For the adsorbent of AC, In order the improve its heat transfer performances, and meanwhile not to influence
its mass transfer performances, simple composite solidified adsorbents of activated carbon and expanded
natural graphite are developed, and the heat conductivity, permeability and adsorption performances are
tested. The conclusions are mainly as follows:
(1) The solidified adsorbent improves the heat conductivity a lot. The heat conductivity increases when the
ratio of ENG in the adsorbent increases, while the density of AC decreases when the ratio of ENG in the
adsorbent increases. Considering that the density of AC should be higher than 200 kg/m3, otherwise the
adsorption performances will be influenced, the highest heat conductivity of carbon composite adsorbent is
about 2.5W/(mK), which improved the value of granular carbon by about ten times. For the solidified
composite adsorbent has similar density with granular AC, the heat conductivity is 1.8 W/(mK), which also
has been much improved if compared with the value of granular AC.
(2) The simple solidified adsorbent also has higher permeability. The highest permeability value obtained
from the experiments is 4.378×10-12. If compared with the solidified adsorbent that made by chemical
binding materials, this value improved by 100 times.
(3) The adsorption performances of solidified adsorbents which have similar density with that of granular
adsorbents are tested. The results show that when the evaporating temperature is lower than -10oC, the
adsorption performances are mainly related with mass transfer performances, and the granular AC is best
choice. When the evaporating temperature is higher than -10oC, the adsorption performances of solidified
adsorbent improves faster than that of granular adsorbent. When the evaporating temperature is 8oC, the
adsorption rate of solidified adsorbent is improved by 29% if compared with that of granular adsorbents.
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Summary. The flow in a heated rotating straight pipe is examined. Analytic solutions are derived in
power series of the Reynolds number of the rotating flow Rr and the Rayleigh number Ra. Rotation and
heat modify the flow properties and the rate of heat transfer.
Introduction
The flow in a straight rotating heated pipe is an important feature in engineering. Such rotating passages
are used in cooling systems of gas turbine blades or in cooling devices for electric generators and rotor
drums. Barua, 1954 [1] studied the flow in a straight rotating pipe with circular cross-section and showed
that the rotation generates a secondary flow and the fluid particles move in spirals relative to the pipe.
Barua also concluded that the flow rate, compared to the flow rate in a stationary pipe, decreases. Benton,
1956 [2] considered small rotational velocities and constructed a small perturbation expansion about the
Hagen-Poisseuille flow. Later, Benton and Boyer , 1966 [3] analyzed the laminar flow in a rotating
straight pipe considering high rotational speeds and law Reynolds numbers. The first experiments
concerning a rotating pipe were conducted by Trefethen, 1957 [4]. He observed that rotation transfers the
onset of turbulence to higher Reynolds numbers. He also found that the laminar regime can be correlated
W α
2Ωα 2
are the Reynolds numbers of the axial flow and
by the parameter ReRr, where R e = m and R r =
ν
ν
the rotating flow respectively and Wm is the mean velocity, α is the radius of the pipe, ν is the kinematic
viscosity and Ω is the angular velocity of rotation. Analogous experiments were carried out by Ito and
Nanbu, 1971 [5] in order to find the friction factor and to determine pressure and velocity distribution in
the fluid. They studied the rotating pipe flow based on a boundary layer analysis and solved the equations
of motion using a Polhausen approximate method of solution. The fully developed steady laminar flow in
a slowly rotating straight pipe was also considered by Mansour, 1985 [6]. He expanded the solution for
low Reynolds numbers in powers of the parameter ReRr and extended the series to a large number of
terms. The flow in a rotating straight pipe of a circular cross-section was studied by Duck, 1983 [7]. He
solved numerically the fully developed equations of motion using a Fourier decomposition in the angular
direction. His calculations were carried out in the range 0 ≤ R e ≤ 500 and R r ≤ 10 . Kheshgi and Scriven,
1985 [8] analysed the flow in a rotating square channel and produced asymptotic and numerical solutions
of the Navier-Stokes equations of motion. They showed that in the case of a weak inertial force, two
vortex cells are formed one on the upper and one on the lower half. They also showed that in the case of
strong Coriolis and convective inertial forces the flow evolves an ageostrophic inviscid core in which the
two vortex structure becomes unstable when the strength of the inertial force takes values beyond a
critical point. The laminar convection in a uniformly heated horizontal pipe at low Reynolds numbers was
treated by Morton, 1959 [9]. His study was restricted to small rates of heating and he obtained solutions
for the velocity and temperature as power series depending on the parameter ReRa where Ra is a Rayleigh
number based on temperature gradient along the pipe wall. Mori and Nakayama, 1968 [10] assumed
velocity and temperature boundary layers along the pipe wall and analyzed theoretically the flow field
and the temperature field. They concluded that the resistance coefficient and the Nusselt number increase
due to the secondary flow that is induced by Coriolis force.
In the present work we study the flow in a straight rotating heated pipe. We calculate certain parameters
that depend on the simultaneous action of rotation and heat on the fluid, such as the rate of discharge, the
friction factor and the Nusselt number. It is shown that each force generates its own secondary flow and
for each flow the fluid particles rotate in the same sense. Considering for example the fluid particles
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moving in the right or the upper half, in this study, they rotate in the counterclockwise direction. When
both forces act at the same time, they result in a fast secondary flow and they affect the inclination of the
dividing streamline with respect to a given diameter.
Equations of motion and energy
A straight pipe of circular cross-section rotates in an horizontal plane about an axis Oy perpendicular to
its own. The pipe is heated uniformly, so that the temperature gradient along its axis is constant. We use a
cylindrical coordinate system r*, θ and z* (Figure 1) to describe the equations of motion and the equation
of energy.

Figure 1: Cylindrical coordinate system

In this system the velocity components along the r*, θ and z*-direction are U*, V* and W* respectively, Ω
denote the constant angular velocity, ν is the kinematic viscosity, ρ is the fluid density, CV is the specific
heat and κ is the diffusivity. The Boussinesq form has been employed in the preceding equations to
approximate the buoyancy forces. We assume that the flow is fully developed thus it is independent of z*.
P 1
We use the notation χ *= - Ω 2 z*2 + r *2sin 2θ =cz* +ψ r* ,θ , where ψ(r*,θ) is a function of r*, θ. Next
ζ 2
we introduce the following non-dimensional variables
ν
ν
*
r *=αr, z*=αR e z, W *= wW m, U*= u, V*= v, χ = W 2mχ,
α
α
βg
α 4τ
W mα
[1]
,
T*= T w -ταP rΘ ( r,θ ) , T w = T 0 + τz*, R a = 2 P r , R e =
ν
ν
νρCV
2Ωα 2
Rr =
, Pr =
ν
κ
where α is the radius of the pipe, τ is the temperature gradient along the axis of the pipe, Pr is the Prandtl
number, Wm is the mean velocity, Tw is the temperature on the boundary, T0 is the reference wall
temperature, β is the thermal expansion coefficient, Ra is the Rayleigh number, Rr is the Reynolds number
based on the rotation and Re is the Reynolds number based on the mean axial velocity. Finally, we define
the non-dimensional stream function f
1 ∂f
∂f
[2]
u=, v=
r ∂θ
∂r
so that the equation of continuity is identically satisfied. In this way we deduce the following set of
equations of motion and energy
2
1 ∂ f,∇ f
∂w
1 ∂Θ
⎞
⎛ 1 ∂w
⎞
⎛ ∂Θ
[3]
=R r R e ⎜
sinθcosθ ⎟ + R a ⎜
sinθ+
cosθ ⎟ ,
∇ 4fr ∂ ( r,θ )
r ∂θ
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⎠
⎝ r ∂θ
⎠
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1 ∂f
⎛ ∂f
⎞ 1 ∂ ( f,w )
,
sinθ ⎟ + R e
R e∇ 2w-R ec′=R r ⎜ cosθr ∂θ
∂ ( r,θ )
⎝ ∂r
⎠ r

[4]

1 ∂ ( f,Θ )
,
∇ 2Θ+ R ew= P r
r ∂ ( r,θ )

[5]
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+
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∂r 2 r ∂r r 2 ∂θ 2
∂f
and the boundary conditions are f= =w=Θ=0 at r=1, whereas f, w and Θ are finite at r=0. The presence
∂r
of the factor Re in [5] suggests that the wall temperature rises linearly on a length scale αRe. We
determine successive approximations to the solutions of [3]-[5] by expanding f, w and Θ as power series
in the Reynolds number Rr and in the Rayleigh number Ra when both are small, as follows

where ∇ 2=

w= w 0+R r w10+ R a w11+R 2r w 20+R a2 w 21+R r R a w 22 +R 3r w 30 +R 3a w 31+R 2r R a w 32 +...,
Θ= Θ 0+R r Θ10 +R a Θ11+R 2r Θ 20 +R a2Θ 21+R r R a Θ 22 +R 3r Θ 30 +R 3a Θ 31+R 2r R a Θ 32 +...,
f=R r f 10 +R a f 11+R 2r f 20 +R a2f 21+R r R a f 22 +R 3r f 30 +R 3a f 31+R r2 R a f 32 +R r R a2f 33+....
The leading term f0 vanishes because there is no secondary flow when Ra and Rr are zero. Substituting the
previous series into [3]-[5] and collecting terms of equal order we take a group of differential equations,
due to their length are not appear here, but are available by the authors.
Results and discussion
The present analysis is carried out for a range of values of the parameters Re, Ra and Rr governing the
flow. Bearing in mind that in the case of a non-rotating horizontal and heated straight pipe, the analytic
solution converges for R e R a < 3000 (Morton, 1959 [9], Yao and Berger, 1978 [12], Karahalios, 1990
[13]), an analogous relation between the three parameters was sought in order for the validity of this
solution to be determined. It has been found that R e R a < 3000 comprises a limit above which the method
fails to give satisfactory results. However there seem to be restrictions on the values of Ra for which this
limit holds. In addition, the limiting value depends also on the third parameter Rr. Ab initio it is stated that
what matters is the relative magnitude of the parameters Re, Ra and Rr that set out the validity of the
method.
In Figure 2 we have plotted curves showing the axial velocity profile along the horizontal diameter for
Re=100, 500 and for Rayleigh numbers varying between Ra=0.1 and Ra=10. The rotational Reynolds
number Rr is equal to Rr=0.5 or Rr=2 so that the effect of rotation will be demonstrated.

(a)
(b)
Figure 2: Axial velocity profile along the horizontal diameter
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In both Figures 2a and 2b it can be seen that in the case of the lower Rr the profiles along the horizontal
line are parabolic reminding the classical solution of Hagen-Poisseuille. As Rr increases the curves
become more flat suggesting that the flow tends to acquire the features of the boundary layer. In addition,
it is deduced that when Rr and / or Ra increase, the maximum of the axial velocity reduces to lower
values. In Figure 3 we show the secondary flow pattern and the isovelocity curves for Re=100 the same
rotational Reynolds number Rr=0.1 but to different Rayleigh numbers so that the effect of heat on the
axial and on the secondary flow will be illustrated.

Figure 3: Secondary flow pattern and isovelocity contours

In addition, these streamlines tend to accumulate to that side of the wall toward which the Coriolis force
points, when the frequency of rotation increases. At the same time the isovelocity contours are circles
concentric to the pipe.

Figure 4: Isothermal curves

In Figure 4 we have plotted the isothermal curves. It is seen that, in general, the temperature distribution
follows the isovelocity curves.

Figure 5: The normalized Nusselt number in the absence of rotation
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In Figure 5 we refer to the variation of the normalized Nusselt number which is given by the ratio
Nu
Nu norm =
, where Nu0 refers to Re=100, Ra=1 and Rr=0 whereas Nu refers to Re=100, Rr=0 and Ra
Nu 0
varying, so that the effect of an increasing Rayleigh number on heat transfer will be demonstrated in the
absence of rotation. It can be seen that an increase in the Rayleigh number Ra causes an increase in the
rate of heat transfer in the region 0 < θ < π/2 and 3π/2 < θ < 2π . This is in agreement with the previous
conclusion according to which the increasing Rayleigh number shifts the temperature field downward into
the lower half of the pipe.

(a)

(b)
Figure 6: The normalized Nusselt number

Nu
where Nu0 refers to Re=100, Ra=1 and
Nu 0
Rr=0 and Nu corresponds to Re=100, Ra=1 and Rr varying so that the effect of rotation will be shown.
Nu
Finally in Figure 6b the Nusselt number Nu norm =
has been plotted where Nu refers to Re=100, Ra=5
Nu1
and Rr varying, Nu1 refers to Re=100, Ra=1 and Rr also varying in the same manner as before. In this way
the effect of rotation is studied in the case of an increased Rayleigh number. It is deduced that for a given
Rayleigh number, an increase in the frequency of rotation results in an increase of the maximum of the
Nusselt number. Finally, referring to Figure 6b, the form of the curves suggests that for this value of Ra,
rotation is not so strong to change either the value or the position of the Nusselt number.
Figure 6a refers to the normalized Nusselt number Nu norm =

Figure 7: Variation of the flux ratio with the Rayleigh number
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Figure 7 refers to the flux ratio varying with Ra when Re has an assigned value. The flux ratio reduces
either with increasing Ra or with increasing Rr.
Conclusions
The incompressible viscous flow through a horizontal straight pipe of circular cross section, that is heated
uniformly, so that a constant temperature gradient is maintained along its axis, and at the same time is
rotating at a constant angular velocity about another axis coinciding with its vertical diameter, is
investigated theoretically. The solution of the equations of motion and accordingly the results of the
present analysis depend on the values of three parameters of the flow: the two Reynolds numbers Re and
Rr and the Rayleigh number Ra. In consequence the method is limited to small values of these parameters.
The obtained results are summarized as follows:
(1) The axial flow, the secondary flow pattern and the temperature distribution are affected by the rotation
of the pipe.
(2) The flux decreases with rotation.
(3) Three are the factors that affect the secondary flow pattern: Rotation, heat and simultaneous rotation
with varying Reynolds number Re. These factors add to each other in such a way that the secondary flow
becomes stronger.
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ABSTRACT
There is considerable interest in the potential of heat driven refrigeration or heat pump systems to reduce the
CO2 emissions associated with heating or cooling and adsorption systems offer one way of achieving these aims.
A prototype compact adsorption generator using the activated carbon-ammonia pair and based on a plate heat
exchanger concept has been designed and built. The novel generator has low thermal mass and good heat
transfer. The heat exchanger uses nickel brazed shims and spacers to create adsorbent layers (4 mm to 12 mm
thick) between pairs of liquid flow channels of very low thermal mass. The prototype sorption generator
manufactured has an overall generator UA value of 380 W K-1 while driven by water as the thermal fluid and the
cycling period could be as small as 3 minutes. This paper presents preliminary experimental results of three
prototype machines: a car air conditioning system driven with waste heat; a gas fired heat pump demonstration
unit for domestic hot water production and space heating and a solar driven mobile container for food
conservation. The prototype car air conditioning system driven with waste heat from the engine coolant water (at
90oC) has produced an average cooling power of 1.6 kW and a COP of about 0.23 under EU normal summer
conditions (33oC and 20oC for ambient and cabin temperatures, respectively). The gas fired heat pump
demonstration unit for domestic hot water production and space heating has produced 8 kW heating power (COP
of about 1.6) with a driving temperature of 120°C and water flow rate of 5 litre/min. The solar driven mobile
container for food conservation is designed to produce 2 kW cooling with 10 m2 of solar thermal collectors
operating in a desert environment (40oC and -10oC for condensing and evaporating temperatures, respectively).
The construction of this prototype is still ongoing.
BACKGROUND AND INTRODUCTION
The concept of a plate heat exchanger (PLATEX) applied to sorption generators for cooling and heat pump
applications has been investigated and has proven to be promising. Initial computational modelling of a compact
generator using the carbon-ammonia pair predicted an attractive performance, with specific cooling power (SCP)
from 1 kW kg-1 carbon up to 6.5 kW kg-1 (Critoph et al, 2004). This paper presents preliminary experimental
results for both a mobile air conditioning system (MACS) driven by waste heat from the engine coolant and a
gas-fired air-source heat pump that could replace a domestic gas combination boiler, and a description of a solar
driven mobile container for food conservation. The mobile air conditioning system (MACS) is designed for a
Class C passenger vehicle with a nominal cooling power of 2 kW and a COP of 0.4. The gas-fired heat pump (GFHP) is designed to provide a hot water flow rate of 10 litre/min with a 30°C temperature rise and a nominal
heating power of 7 kW. A prototype novel sorption PLATEX is also described.
GENERATOR DESIGN
The initial specifications of the generator were prescribed by Centro Ricerche Fiat (CRF), since the car air
conditioning was the first application. It must therefore fit within the vehicle engine compartment: two cubes of
8 litre each was the specification. In order to meet this specification a compact plate heat exchanger design was
developed for the generators. The first complete prototype is shown in Figure 1. It is a nickel brazed stainless
steel design with 29 layers of active carbon adsorbent each 4 mm thick. By incorporating the carbon adsorbent in
thin layers, conduction path lengths through the material are reduced and the area for fluid heat transfer is
increased which enables rapid temperature cycling and thereby a high SCP. The separating stainless steel plates
are constructed from chemically etched shims with 0.5 mm square water flow channels on a 1 mm pitch. These
channels give a high heat transfer coefficient and a large heat transfer area, further improving heat transfer
performance (Critoph, 2008). The square design ensures equal flow path lengths in every channel and therefore
even heating and cooling of the adsorbent. The internal pressure (up to 20 bar when condensing at 50°C) is
withheld by the stainless steel shim that act as supporting webs to the outer wall, which only needs to be 3 mm

thick despite being straight. The open end of the front face as shown in Figure 1 is used to insert and remove the
adsorbent in order that a range of adsorbents can be tested. Final production versions would be brazed with the
carbon in situ and completely enclosed. Figure 2 shows a photograph of the unit fitted with water manifolds and
pressure flanges prior to testing. The top and bottom ‘ammonia flanges’ are necessary due to the open face and
would be unnecessary in an eventual completely enclosed unit. The end pressure flanges are necessary to prevent
deformation of the ends of the unit, but could be replaced by lighter domed ends. The first prototype is used for
car air conditioning and gas fired heat pump applications. For the solar driven mobile container for food
conservation, since the adsorbent provided has better thermo-physical properties the use of a 12 mm layer of
adsorbent (10 layers) was enough to have an acceptable overall UA value of the generator (balance between
metal thermal mass and overall UA value of the generator). Figure 3 shows the 12 mm layers prototype version
without flanges. After a preliminary test designed to evaluate the heat transfer performance, the full
characteristics of the generator were established and are summarized in Table 1.
Application
Type of carbon
Filter
Sorbent density
Mass of carbon
Maximum concentration
Adsorbent layer size
0perating temperature
Operating pressure
UA value water channels
UA value carbon
Bed thermal conductivity
Overall bed UA value

Car air conditioning
solar cooling container (Ice
Gas fired heat pump
making)
Chemviron SRD1352/3 ATMI
(Monolithic)
(compacted)
SS Mesh (grade 180)
SS Mesh (grade 180)
-3
435 kg m
850 kg m-3
1 kg
2 kg
0.57 kg NH3/kg carbon
0.26 kg NH3/kg carbon
4 mm
12 mm
o
200 C (maximum)
200oC (maximum)
20 bar (maximum)
20 bar (maximum)
4150 WK-1
1383 WK-1
420 W K-1
147 W K-1
0.42 W m-1 K-1
1.3 W m-1 K-1
-1
380 W K
133 W K-1
Table 1: Novel generator specifications

CAR AIR CONDITIONING SYSTEM DRIVEN WITH WASTE HEAT
The laboratory cooling system is designed to simulate a mobile air conditioning system (MACS) for a Class C
passenger vehicle (such as a Ford Focus or Fiat Bravo) with a 1.9 litre turbo diesel engine. The simulated engine
coolant is used to provide the heat input at a temperature of 90°C and a nominal flow rate of 24 litre/min. The
cooling power required has been determined from collaboration between two of the project partners, Energy
Research Centre of the Netherlands (ECN) and Centro Ricerche Fiat (CRF), to be 2 kW and, although it is highly
variable during the driving cycle, the nominal heat input available is 5 kW - thereby necessitating a nominal
COP 0.4. A schematic diagram of the system is shown in Figure 4. The coolant is alternately passed through the
two generator beds in order to heat them. An air-to-water heat exchanger placed in front of the vehicle radiator
(labelled adsorption heat exchanger) is used to cool the generator beds to ambient temperature. For the purposes
of controlling both the condensing and evaporating temperatures during the experimental tests, an indirect
condenser (ammonia/water) and a temperature controlled bath linked to the evaporator (ammonia/water) are
utilised. With an operating driving temperature of 80°C and 1.3 m3/h flow on each water circuit (source and
sink) and with mass recovery, the system met the cooling power target: 1.3 kW vs. 1.2 kW target. However the
COP was below the target: 0.23 vs. 0.52. The specific cooling power (the cooling power per unit mass of carbon)
SCP is about 0.650 kW/kg. With increased driving temperature up to 90°C, the cooling power increased to 1.6
kW, exceeding the 1.2 kW target by 33%. The COP was 0.22, which is close to the target value of 0.24. The
decreased COP obtained with higher driving temperature is due to the fact that the cycle time was not optimised
for each condition. The SCP is about 0.800 kW/kg. Tests were carried out under the Normal European Summer
Conditions that are summarized with the main results in Table 2.
This initial lab bench version has been repackaged as shown in Figure 5. This version has direct air cooling of
both the cooler and condenser and could be tested alongside a car or in the car boot. The preliminary test results
of the new package are similar to the lab bench version. Further tests are still to be carried out with this new
package.

Normal European Summer
Conditions
Experimental
Conditions
o
o
o
TG – Generation inlet
80 C-90 C
80 C
90oC
TA – Adsorption inlet (liquid)
32oC
32oC
31.5oC
o
o
TC – Condenser inlet (liquid)
32 C
32 C
31.5oC
o
o
TE –Evaporator inlet (liquid)
20 C
20 C
20oC
Heat source flow rate (Maximum)
1.44 m3/h
1.3 m3/h
1.3 m3/h
3
3
Heat sink flow rate (Maximum)
1.44 m /h
1.3 m /h
1.3 m3/h
3
3
Flow rate – Condenser (liquid)
0.30 m /h
0.30 m /h
0.30 m3/h
3
3
Flow rate–Evaporator (liquid)
0.30 m /h
0.30 m /h
0.30 m3/h
Target performance
Experimental
performance
Cooling power
1.2 kW
1.3 kW
1.6 kW
COP
0.52 - 0.24
0.23
0.22
Table 2: Typical test of Normal European Summer Conditions: target performance and test results
LAB PROTOTYPE GAS FIRED HEAT PUMP
The laboratory prototype gas fired heat pump is a two-bed system with heat and mass recovery. It heats water
which is firstly passed through a plate heat exchanger condenser and then through a plate heat exchanger bed
cooler. Figure 6 shows a photograph of the system. The test parameters and test results are shown in Table 3.
The system has produced 8 kW heating power with a COP of 1.61. This laboratory test system was driven by
heat input from an electric heater. The next stage in the development is to develop a four-bed system for higher
efficiency driven by heat from a gas burner [Metcalf et al, 2008]. This system will be designed to replace a
domestic gas boiler with a heating power of 7 kW and an overall COP (including the gas burner) of 1.4.
Experimental conditions
Generator heating water set temperature
120°C
Generator maximum carbon temperature, T3
110°C
Generator heat recovery approach temperature difference
10°C
Condenser/cooler water flow rate
5 litre/min
Condenser water inlet temperature
11°C
Cooler water mean outlet temperature
34°C
Evaporator air inlet temperature
13°C
Experimental Performance
COP
1.61
8 kW
Heating Power
Cycle Time
250 s
Table 3: Heat pump experimental conditions and performance
SOLAR DRIVEN MOBILE CONTAINER FOR FOOD CONSERVATION
The solar driven mobile container for food conservation is designed to produce 2 kW cooling with 10 m2 of solar
thermal collectors operating in a desert environment (40oC and -10oC for condensing and evaporating
temperatures, respectively). Figure 7 shows the system schematic diagram. The ammonia loop layout is similar
to the previous systems (MACS and G-FHP). However the evaporator (flooded) is combined with an ice bank
located inside a 5 m3 cold space. The construction is in its final phase and preliminary testing of the system
control is now ongoing. The system is shown under construction in Figure 8.
CONCLUSIONS
Three prototype machines using a novel sorption reactor have been constructed and tested or are about to be
tested. The car air conditioning system driven with waste heat from the engine coolant water (at 90°C) has
produced an average cooling power of 1.6 kW and a COP of about 0.23. The gas fired heat pump demonstration
unit for domestic hot water production and space heating has produced 8 kW heating power with a COP of about
1.6 (with a driving temperature of 120°C and water flow rate of 5 litre/min). The solar driven mobile container
for food conservation demonstration unit is in its final phase of construction and its experimental performance is
not yet available.
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Figure 1: Plate heat exchanger generator design
(4 mm adsorbent layers)

Figure 2: Prototype generator
(4 mm adsorbent layers)

(a) View without water manifold
(b) View with water manifold
Figure 3: Photograph of the new generator for 12 mm adsorbent layers (without flanges)

Figure 4: Schematic diagram of Laboratory MACS (bench version)

Figure 5: Photograph of MACS new package

Figure 6: Photograph Lab gas fired heat pump

Figure 7: Schematic diagram of the solar driven mobile container

Figure 8: Solar driven mobile container under construction
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ABSTRACT
The prospect of manufacturing a sorption generator with copper instead of stainless steel has prompted an
investigation of the activated carbon-R723 pair. The R723 refrigerant is an azeotropic mixture of 40%
DME and 60% Ammonia. The paper presents the preliminary experimental tests aimed to demonstrate the
potential sorption properties of the carbon-R723 pair. The experimental results show that this refrigerant
remains stable and balanced throughout the sorption process. R723 concentration is 15% to 30% higher
than the pure ammonia concentration at the same operating conditions and this is further evidence that the
Ammonia-DME mixture is adsorbed by the activated carbon.

INTRODUCTION
R723 is an azeotropic mixture of 40% DME (Dimethyl Ether) and 60% Ammonia. The copper and copper
alloys are prohibited to be used with pure ammonia (R717). However, R723 appears fairly compatible
with refrigeration copper tube and some copper alloys such as CuNi10 [1] providing that the moisture
content within the loop or circuit does not exceed 1000 ppm. Although R723 is more flammable than
ammonia due to the high flammability of the DME component of the mixture, it has similar Global
Warming Potential (GWP<1) and Ozone Depletion Potential (ODP=zero) [2]. Despite the fact that its
heat of vaporization (latent heat) is about 30% less than the pure ammonia refrigerant, its cooling capacity
is fairly similar due to its lower gas specific volume (Table 1).

Refrigerant

Temperature
( C)

(bar)

Gas specific Latent heat
volume
(kJ/kg)
(m3/kg)

+20

8.6

0.1493

1190

7970

-20

1.9

0.6227

1327

2131

+20

8.6

0.1135

860

7577

-20

2.0

0.4393

955

2173

o

R717 [3]

R723 [4]

Pressure

Cooling
capacity
(kJ/m3)

Table 1: Refrigerant cooling capacity
The prospect of manufacturing a sorption generator with copper or copper alloys instead of stainless steel
has prompted an investigation of the activated carbon-R723 pair. The paper describes the experimental
set-up and presents the preliminary tests designed to demonstrate the potential sorption properties of the
carbon-R723 pair.

EXPERIMENTAL SET-UP
The photograph of the main experimental set-up is presented in Figure 1. The layout consists mainly of
two containers (for refrigerant and activated carbon respectively) linked through ½” OD tube with an inline set of four ball valves (V1, V2, V3 and V4). The full system is in stainless steel. Each container (of
about 0.35 litre capacity) has an embedded stainless steel shielded type-K thermocouple (T1 and T2). The
thermocouples T1 and T2 are 1 mm OD and their measuring junctions are located at the bottom of the

ammonia receiver and the centre of the generator, respectively. The room temperature is also monitored
with the same type of thermocouple (T3). Two pressure transducers from DruckTM (PT1 and PT2) are
placed in appropriate locations in order to monitor the system pressure variation: each pressure transducer
is rated from 0 to 35 bar with a resolution of 0.350 bar/mV at 10 V supply voltage. All signals (from
thermocouples and pressure transducers) are acquired by a DataShutleTM acquisition system (DS-16-8TC-AO) interfaced with a PC and operating with Workbench for Windows software. Two sets of
experimental tests are carried out.

Figure 1: Photograph of experimental set-up.
EXPERIMENTAL PROCEDURE AND RESULTS
Test 1 - At initial conditions, one of the valves (V2 or V3) separating both containers is closed. The
refrigerant container is loaded with 80 g of R723 liquid through valve V1. The adsorbent container has
114 g (Mc) of dried activated carbon (SRD1352/3 from Chemviron) under vacuum obtained though valve
V4 with a vacuum pump. When the refrigerant load and the vacuum are completed, the valves V1 and V4
are closed. Each container is placed in a bucket of water at ambient temperature (about 22oC). The test
carried out was aimed at comparing the measured pressure (with a pressure transducer PT1) and the
saturation pressure extracted from the measured temperature (with a thermocouple T1) of the R723 liquid
in the receiver when both valves V2 and V3 are open and the adsorption is taking place: as could be seen
in Figure 2, the results show a marginal difference between the measured pressure and the saturation
pressure (difference within the measurement error) and this is an indication that the ratio of the
Ammonia-DME mixture is unchanged during the adsorption process.

Figure 2: Experimental result of adsorption process with activated carbon-R723 pair
Test 2 - For this test, both the refrigerant and carbon containers are in ambient temperature air. The
section of the container loaded with carbon and under vacuum (valves V3 and V4 closed) is initially
weighed (see Figure 3). While connected to the refrigerant container with valve V1 closed and valve V2
open, valve V3 is slowly opened: the carbon adsorbs the refrigerant during about 30 minutes. The valve
V2 is then closed while valve V3 is fully open: the generator will naturally cool until its temperature is
about room temperature (to ±2K) in order to achieve a uniform bed temperature. Both bed temperature
(T2) and pressure (PT2) are logged; the generator section is disconnected and weighed again. The
refrigerant concentration X1 is calculated from the weight difference (corresponding to the adsorbed mass
of refrigerant m) and the mass of carbon:

X1 =

m
Mc

(1)

The generator is reconnected and the system fully sealed after a purge of the line between V2 and V3.
The same test is repeated and a constant check is made to ensure that the measured pressure in the
refrigerant receiver (PT1) and the saturation pressure estimated from the measured refrigerant
temperature (T1) remain identical. Various measurements of refrigerant concentration within the bed
were carried out and the results are summarized in Table 2: refrigerant concentration is 15% to 30%
higher than the pure ammonia concentration at the same operating conditions. This is further evidence
that the Ammonia-DME mixture is adsorbed by the activated carbon. The mass of adsorbate is estimated
from the difference of both the initial and final weight of the generator and is used to calculate the
concentration X1. The ammonia concentration X2 is calculated using a modified form of the DubininAstakhov equation associated with the activated carbon used for the experiments [5]:
n
⎡ ⎛ T
⎞ ⎤
− 1⎟⎟ ⎥
X2 = xo exp ⎢− k ⎜⎜
⎢⎣ ⎝ Tsat
⎠ ⎥⎦

(2)

Where: X2 is the ammonia concentration (kg ammonia /kg carbon); T is the carbon temperature (K); xo is
the ammonia concentration under saturation conditions (xo=0.5691 kg ammonia /kg carbon) ; K=6.6738;
n=1.1489 ; Tsat is the saturation temperature corresponding to the gas pressure (K).

Figure 3: Generator section to be weighed
Mass of adsorbate
(g)

19.9

31.5

43.6

58.6

X1: Adsorbate
concentration
(kg/kg)

0.175

0.276

0.382

0.514

Bed Temperature
(oC)

20.8

22.6

18.9

20.9

Pressure (bar)

0.94

1.78

2.31

8.30

Saturation
temperature (oC)

-37.5

-23.5

-17.1

18.9

X2: Ammonia
concentration
(kg/kg)

0.149

0.220

0.283

0.428

(X1-X2)/X1

19.3%

20%

26%

17%

Table 2: Refrigerant concentration
CONCLUSIONS AND FUTURE WORK
The R723 refrigerant that is an azeotropic mixture of 40% DME (Dimethyl Ether) and 60% Ammonia can
be adsorbed by activated carbon. The experimental results show that R723 remains stable and balanced
throughout the sorption process. Furthermore the R723 concentration is 15% to 30% higher than the pure
ammonia concentration at the same operating conditions.

Experimental tests evaluated the refrigerant concentration for a limited number of operating conditions
both in pressures (0.9 to 8.5 bar) and temperatures (around ambient temperature).
Further tests are to be carried for a wide range of conditions using a Rubotherm magnetic suspension
balance: the pressures will be from 1 to 17.5 bar and temperature from 20oC to 200oC. A comprehensive
estimate of the cooling performance of the carbon-R723 pair can then be made.
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ABSTRACT
This paper describes a feasibility study of the application of a R744 transcritical refrigeration system to an
existing supermarket. The COP of the system is evaluated and includes the use of the heat rejected from
the R744 system for building services purposes. The total reduction of CO2e emissions by the store from
implementing this innovative refrigeration system is calculated.
INTRODUCTION
CO2 is a suitable natural refrigerant for food refrigeration in supermarkets. In the UK, using R744 as a
refrigerant is a relatively new concept accounting a small number of plants in the supermarket sector
compared to hundreds of installations in the recent years in Denmark [Madsen K., 2009] due to the
restrictions to HFC use. However, the UK government has stated that “continued technological
developments will mean that HFCs may eventually be able to be replaced in applications where they are
presently used; the scope is to improve energy efficiency of the system and use alternative refrigerants
such as natural refrigerants where applicable” [DEFRA, 2006].
In this paper, the energy consumption and CO2e emissions of an existing monitored supermarket are
described. A transcritical R744 system has been designed to meet the cooling capacities of the store and
innovatively uses its recovered heat for other applications. A model has been developed using the store’s
data, the characteristics of the R744 system and the proposed utilisation of the heat recovered. The
environmental and economic impacts of the store with this innovative refrigeration system are compared
to the current installation.
ENERGY CONSUMPTION IN A TRADITIONAL SUPERMARKET
A supermarket located in South Wales with 5,600 m2 of sales area was chosen for the case study. This
store was fully monitored for twelve months from February 2007 using Automatic Monitoring and
Targeting energy software (AM&T). The AM&T is able to perform automatic meter readings and data
collection of mains and sub-mains electricity and gas consumption. The software provides half hourly,
weekly and monthly readings and the sub-meters provide detailed data for systems throughout the store
such as lighting, refrigeration, air handling, bakery and chicken rotisserie appliances. The heating and the
hot water services (HWS) are both included in the gas consumption, however the HWS is extracted from
the monitoring in summer period when the heating is not required. The heating is provided by gas burners
installed within the air handling units (AHUs) that drive the hot air into the store. The AHU consumption
is the electricity provided to supply the fans, electronics and compressors of refrigeration systems for airconditioning in the store. Figure 1 summarises the electricity usage recorded by the AM&T system for the
store, in kWh and as a percentage of the total. The food refrigeration represents 33% of the total
electricity use for the store.
Table 2 shows the monthly average electricity and gas consumption in kWh per month during seasonal
periods.
Fuel type
Period Season
Winter (Dec/Jan/Feb)
Spring (Mar/Apr/May)
Summer (Jun/Jul/Aug)
Autumn (Sept/Oct/Nov)
Annual consumption (kWh)

Electricity (kWh)
Bakery & Hot
Chiken
58,459
59,758
59,758
59,109
711254 kWh

Gas (kWh)

Lighting

HVAC
Fans/Electro

HVAC
Refrigeration

Refrigeration
HT

Refrigeration
LT

Refrigeration
Fans/Electr

Refrigeration
Remainder
SSP Unsubmetered

76,014
77,036
73,380
73,420
899550 kWh

25,689
26,520
24,711
20,712
292894 kWh

949
5,452
2,653
27162 kW h

32,684
41,346
48,046
40,358
487304 kWh
3,709,307

15,412
21,020
25,304
19,404
243420 kWh

8,488
11,006
12,944
10,546
128951 kWh

37,085
34,794
27,017
30,373
387806 kWh

49,360
42,171
45,396
40,062
530967 kWh

Table 1: Table 2: Monthly Average and annual gas/electricity consumption

Heating

HWS

157,269
14,604
92,751
14,929
14,929
27,646
14,766
832997 kWh 177682 kWh
1,010,678

Bakery & Hot Chiken,
71125kWh, 19%

Remainder
Unsubmetered, 530967 kWh,
14%

Refrigeration
SSP, 387806 kWh, 10%
Refrigeration
Fans/Electr, 128951 kWh, 3%
Refrigeration
LT, 243420 kWh, 7%

Lighting, 899550 kWh, 25%

Refrigeration
HT, 487304 kWh, 13%

HVAC
Fans/Electro, 292894 kWh,
8%

HVAC
Refrigeration, 27162 kWh, 1%

Figure 1: Systems sub-metered electricity consumption and percentages

The monitored data allows analysis of electricity use in terms of hourly demand throughout the year. The
store currently uses conventional R404a HFC refrigeration packs to provide low temperature (LT) cooling
to freezer cabinets and medium temperature (MT) cooling to chilled cabinets. Measurements carried out
by the authors indicate that the systems operate with average COPs of 2.0 and 1.0 respectively [Copeland,
2006]. Table 3 shows the monthly average power inputs of the MT and LT refrigeration packs monitored
by the AM&T software and the respective average calculated cooling capacities (QLT and QMT) obtained
from the average COPs. The calculations assume a motor efficiency of 0.85 and 15% for other auxiliary
items of the packs such as fans and electronics. Table 3 summarises the monthly LT and MT electricity
consumption as well as the total electricity and gas consumptions. The Performance Indicator (PI) is the
annual consumption divided by the floor area, calculated at 662 kWh/m2 for electricity and 180 kWh/m2
for gas. This is compared to the published Good Practice benchmarks for supermarkets [BMI, 2002] of
915 kWh/m2/year for electricity and 200 kWh/m2/year for gas, indicating that the store is operating
relatively efficiently and the data is in the correct order of magnitude. The annual cost has also been
calculated for electricity and gas using 0.08 and 0.03 £/kWh respectively. The CO2e emission of the gas
consumption represents 11% of the store indirect CO2e emission against 89% from the electricity
consumption. The total annual CO2e emission of the store is 2,732,098 kg of CO2e including the declared
refrigerant leakage of 252 kg/year [Space Engineering Services, 2008] of R404a for this store. The
leakage rate is the actual annual amount of R404a used to refill the refrigeration system which has a
global warming potential (GWP) of 3860. 64% of the store’s total global warming impact is from energy
use and 36% is due to refrigerant leakage.
Cooling
Cooling
Daily MT power Daily LT power
Electricity MT Electricity LT
input (PLT)
capacity (QMT) capacity (QLT) comsumption comsumption
input (PMT)
Winter (Dec/Jan/Feb)
Spring (Mar/Apr/May)
Summer (Jun/Jul/Aug)
Autumn (Sept/Oct/Nov)
Annual consumption (kWh)
PI (kWh/m²)
Total annual cost (£)
Annual CO2 emission (kgCO2)
Annual CO2 emission +
Leakage (kgCO2)
→
Leakage GW impact (%) →

kW
45
56
65
55

kW
21
29
34
27

kW
91
112
131
111

kW
21
29
34
27

kWh
32,684
41,346
48,046
40,358

Cost of fuel (£/kWh): Electricity= 0.08; Gas=0.03
CO2 conversion factor (kgCO2/kWh): Electricity= 0.422; Gas=0.196
2,732,098
36%

kWh
15,412
21,020
25,304
19,404

→

Total annual CO2 emission (kgCO2)
Energy use GW impact (%)

→
→

Store
Electricity
comsumption
kWh
303,192
314,600
322,007
296,637
3,709,307
662
296,745
1,565,328

Store Gas
comsumption
kWh
171,873
107,680
14,929
42,412
1,010,678
180
30,320
194,050

1,759,378
64%

Table 3: Power inputs and cooling capacities of refrigeration packs. Energy consumptions and total CO2e
emission

LT/MT R744 TRANSCRITCAL SYSTEM WITH HEAT RECLAIM
R744 transcritical systems do not have high COPs because of the high pressure ratio but it can be
improved by using the high discharge temperature for other applications. For instance, the heat reclaimed
can be used for top-up or to provide hot water for heating, HWS or to drive Ab/Adsorption chillers. To
demonstrate the potential of the heat reclaimed within the supermarket and its impact on the store’s CO2e
emissions, a feasibility study has been performed to examine a R744 system in place of the actual R404a

systems. The R744 systems will cover the cooling capacities of the refrigeration systems from Table 3.
The alternative system shown in Figure 2 is an enhanced booster R744 refrigeration system that provides
LT cooling for cold room/freezer food cabinets and MT cooling for chilled food cabinets. The system is
running transcritically but instead of cooling the gas in a gas cooler, the heat is recovered by two heat
exchangers for applications described in this paper. There are three large suction heat exchangers in the
system to ensure that no liquid returns to the compressors, to maximise the evaporation effect and to
increase the discharge temperature of the transcritical compressors.
System description
The system operates in the following manner: The receiver separates the mixture of liquid/gas which has
been expanded by the control pressure valve (point 9) from the high pressure side. The gas and the liquid
in the receiver are maintained at an intermediate pressure of approximately 30 bar. The liquid
accumulates and is distributed to the LT and MT stages. At the MT stage (point 15) after expansion, the
liquid enters the MT cabinet, leaves as saturated vapour (point 17) and is superheated by 20K (SLHE2).
At the LT stage (point 11), the liquid is sub-cooled and throttled by an expansion valve (point 12) before
entering the LT evaporator coil (point 13). After evaporation (point 14), the gas is superheated by 20K via
a suction/liquid heat exchanger (SLHE1) to ensure complete evaporation as well as increasing the
refrigeration effect. The LT superheated gas enters the sub-critical compressor (point 1) and is
compressed to the medium pressure (point 2) where it is mixed (point 3) with the gas from the MT
evaporator at same pressure. This mixture is then further mixed with the gas from the receiver (point 4),
superheated by 9K and then compressed to a discharge pressure of 80 bar (point 6) by the MT
transcritical compressor. The discharge gas can reach very high temperatures according to the discharge
pressure. The gas is cooled through two heat exchangers that reclaim the heat rejected. The cooled gas
exits the second heat exchanger at 30°C and returns the receiver after having been throttled.

`

Figure 2: LT/MT enhanced transcritical R744 system with heat reclaim

Thermodynamic analysis
The system in Figure 2 has been modelled using energy balances on the individual components. A
modular mathematical model is presented below:
Cooling capacity for MT and LT cabinets:

QLT = m& LT * Δh = m& LT * (h14 − h13 ), QMT = m& MT * Δh = m& MT * (h17 − h16 )

[1]

Mass flow rate balance is:

m& 3 = m& LT + m& MT , m& 4 = m& HT = m& 19 + m& 3 , m& 19 = m& BP = m& 10 *

(h9 − h10 )
(h19 − h9 )

[2]

Isentropic efficiency of the R744 transcritical and subcritical compressors are respectively 0.64 and 0.55
[Dorin, 2008] and the equations are the following:

η Trans

issent

=

h − h4
h2 ' − h1
,η Subc isen = 6 '
h2 − h1
h6 − h4

[3]

Compressor work:

W LT = m& LT * ( h 2 − h1 ), W MT = m& HT * ( h 6 − h 4 )

[4]

The COP of the system is:

COP =

QMT + QLT
WMT + WLT

[5]

The heat reclaim HE1 and HE2 calculations are:

HE 1 = m& HT * ( h 6 − h 7 ), W MT = m& HT * ( h 6 − h 4 )

[6]

The overall COP of the system including the heat reclaim is:

COPoverall =

QMT + QLT + HE1 + HE 2
WMT + WLT

[7]

System performance
The equations above have been applied to a P-h diagram in order to determine the mass flow rate,
enthalpies at specific points and then compressor work. Figure 3 (right) demonstrates the COP and
COPoverall including the heat reclaim according to the discharge pressure with average QMT of 110 kW and
QLT of 30 kW (Table 3). The COPoverall and COP of the system are 4.7 and 1.8 respectively when the
discharge pressure is at 80 bar.

Figure 3: P-h diagram (left side). COPoverall, COP, HE1 and HE2 vs discharge pressure (right side)

Figure 2 shows that HE1 can reclaim the R744 system heat from (point 6) a discharge temperature of
130°C (P-h diagram, Figure 3, left) to 90°C (point 7). HE2 recover heat from 90°C (point 7) to 30°C
(point 8). Figure 3 (right) shows the heat outputs HE1 and HE2 with the variation of the discharge
pressure (PHT) from 75 to 120 bar. The HE1 heat output increases with the discharge pressure from 40 to
100 kW inversely to HE2 that decreases from 180 kW to 140 kW. A COPcorrection needs to be introduced
accounting the HE no used but is beyond the scope of this paper and will be investigated in future papers.
APPLICATION OF THE RECLAIMED HEAT IN SUPERMARKET
This section explains the potential application of the reclaimed heat and shows the calculation of the
energy saved when the discharge pressure is 80 bar.

Potential application
Figure 4 shows the heat recovered systems: HE1 (HE1a, HE1b) and HE2.

Figure 4: Schematic diagram of heat recovery systems

¾ During summer, HE1a from HE1 can provide the heat source (Q1) for Ab/Ad sorption
chilling to provide space cooling for the store. During winter HE1a can provide additional
heating (Q2).
¾ HE1b can provide heat for the hot water services (Q3) in the store.
¾ HE2 can provide heat (Q4) for underfloor heating system in the store during winter and reject
heat not required during summer.
Energy saved by the heat recovered system
Q1, Q2, Q3 and Q4 from Table 4 are the average heat outputs in kW obtained by the heat recovered HE1
and HE2.

Winter (Dec/Jan/Feb)
Spring (Mar/Apr/May)
Summer (Jun/Jul/Aug)
Autumn (Sept/Oct/Nov)
Annual (kWh)

Q1 Average
Heat output
kW
12
4

Q1 Average
Fuel equivalent
kWh
1,321
513
5,503

Q2 Average
Q2 Average
Q3 Average
Q3 Average
Q4 Average
Q4 Average
Heat output Fuel equivalent Heat output Fuel equivalent Heat output Fuel equivalent
kW
kWh
kW
kWh
kW
kWh
21
15,344
14
10,229
115
82,293
27
19,680
18
13,120
143
105,546
21
15,349
16
12,022
17
12,675
88
64,476
141,138
154,121
756,946

Table 4: Monthly average heat outputs and fuel equivalent savings

Table 4 also indicates the average energy equivalent saved by the heat recovered, for instance:
¾ Q1 can provide an average of 12 kW of heat in summer and avoid an average consumption of
1,000 kWh of electricity, if the air-conditioning were provided by vapour compression.
¾ Q2 can provide an average of 22 kW in winter and can therefore provide up to 15,000 kWh
of heat for space heating systems in the area.
¾ Q3 can provide an average of 20 kW of heat for hot water services with an average
consumption of 13,000 kWh.
¾ Q4 can provide an average of 140 kW of heat output for underfloor heating of the store in
winter. This would save approximately 100,000 kWh which is currently provided by gas
burners within the AHU.
At the bottom of Table 4, the annual energy saved is indicated.
DISCUSSION
Table 5 summarised the energy saved of the store by using the heat reclaimed from the R744 system.
There are potential savings of 20% in electricity consumption used by the refrigeration systems to provide
air-conditioning, 60% in gas consumption for the heating system by providing low temperature

underfloor heating and 90% of hot water services. The R744 system is also slightly more efficient than
R404a system and has saved 9% of the refrigeration electricity consumption. 2% of the total store
electricity has been saved because of the saving from the HVAC and the food refrigeration. The most
significant saving is the total gas consumption that has been reduced by 65%. In CO2e terms, the emission
has fallen from 2,732,098 kgCO2 to 1,575,699 kgCO2e, the total store CO2e saving being 42%. This
includes the offset of the CO2e obtained by providing free heating (Q4) to the district surrounding the
store.

Current conventional store
Same store with R744 system
Saving

HVAC
Refrigeration
kWh
27,162
21,659
20%

Refrigeration
HT & LT
kWh
730,724
664,257
9%

Heating

HWS

Electricity

kWh
832,997
332,073
60%

kW h
177,682
19,952
89%

kWh
3,709,307
3,637,338
2%

Gas Total emission
kWh
1,010,678
352,025
65%

kgCO2
2,732,098
1,575,699
42%

Table 5: Gas, electricity and CO2e savings

The feasibility study is based on a refrigeration system that runs constantly throughout the year, but in
reality this is not the case. Supermarket vapour compression systems are controlled by the suction
pressure which corresponds to the evaporation duty; this means that for this transcritical system, the heat
will only be available when there is refrigeration demand. Therefore, in order to satisfy the demand of the
displayed arrangement, this innovative system will need to be supported by an intelligent control system
able to alternate with the conventional backup systems when required.
CONCLUSION
This paper has demonstrated that the direct emission from refrigerant leakage from a monitored
supermarket was 36% of the total store CO2e emission. The AM&T enabled the evaluation of the food
refrigeration electricity consumption of conventional systems representing 34% of the store total store.
The design of an LT/MT enhanced R744 transcritical system with heat reclaim has been proved to be
more efficient than the same system without heat reclaim, with a COP comparison of 4.7 against 1.8. The
theoretical heat reclaimed is sufficient to provide for the HWS, heating, air-conditioning systems of the
store and extra export. The system modelling provided evidence that the heat reclaim could provide
significant savings such as 90% of HWS, 60 % of heating and 20% of air-conditioning energy use.
Because the direct emission is insignificant using CO2 refrigerant, the total CO2e emissions of the store
can be reduced immediately by 42%.
NOMENCLATURE
AHU
Air handling unit
AM&T Automatic Monitoring and Targeting sofware
CO2e
Carbon Dioxide equivalent
COP
Coefficient of Performance
COPoverall Overall Coefficient of Performance
GWP
Global warming potential
h
Enthalpy (kJ/kg)
HE
Heat reclaim
HFC
Hydrofluorocarbons
HWS
Hot water Services
K
Kelvin
kgCO2e Kilo Gram of Carbon Dioxide equivalent
kW
Kilo Watt
kWh
Kilo Watt Hour

LT
m&

MT
PI
Q
QLT
QMT
R744
SLHE
SSP
UK
W
η
°C

Low Temperature
Mass flow rate (kg/s)
Medium temperature
Performance Indicator
Heat Output (kW)
Cooling capacity low temperature (kW)
Cooling capacity medium temperature (kW)
Carbon Dioxide refrigerant
Suction Liquid Heat Exchanger
Shop Service Panel
United Kingdom
Power input
Isentropic efficiency
Degree Celsius
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ABSTRACT
This paper analysed two potential energy systems meeting two different demands. One system employed
a work driven vapour compression chiller to provide cooling power whilst the other employed a carbon
ammonia adsorption chiller. The demands include the provision of two months of cold storage and the
production of ice throughout the year. The energy systems were simulated with each demand in a pseudo
steady-state model and a thermo-economic analysis carried out. It was found that the adsorption chiller
had better exergetic efficiencies and costs than the work driven chiller for both demands. It was also
found that the exergetic cost of cooling was much lower if the system was utilised throughout the year.
1. INTRODUCTION
The rural population of Northeast India have limited access to modern energy sources making it crucial
that these resources are exploited as effectively as possible. The work of the author investigates the
possibility of coupling small-scale electricity generation with local industry in order to reduce system
running costs and thus provide affordable clean energy to rural hamlets (approximately 40 households) in
India. For this paper, two energy systems incorporating either vapour compression or adsorption
refrigeration units were modelled within the framework of two different profiles of demand (Table 1):
• Demand profile 1 required cooling power in order to store vegetables below 7 °C (Bachmann 2000) so
they would not spoil before they were collected and sold at a larger market where they can receive a
higher price. Cold storage only needed to be available during January and February when most of the
vegetables are harvested and prices driven down by the resulting glut in the market (Basu 2009).
• Demand profile 2 required cooling power in order to make ice so that fishmongers can transport their
produce to market. Around 100 kg ice needs to be available by the morning so that the overnight catch
can be kept fresh during transport (Busby 2000).
Demand profile
1
2

Electricity demand
100W / household from 6-12pm
100W / household from 6-12pm

Cooling demand
Chilling
Freezing

Cooling duration
2 months
1 year

Table 1: Demand profile summary.
(An extended abstract for this conference was written four months prior to this paper. In the intervening
time, new data on costs and demands became available; these were incorporated into this paper.)
2. ENERGY SYSTEMS
Both of the hypothecated energy systems (Figure 1) generated electricity using a diesel engine modified
to utilise plant oil that was pressed from locally grown jatropha seeds. System 1 converted some of this
electricity into cooling power using a vapour compression chiller, system 2 used a carbon ammonia
adsorption chiller to convert the heat from the engine jacket and exhaust into cooling power, with
additional heat being provided by a biomass boiler when required.

!
Stream no.
10
20

Mass
Oil
Fuelwood

Stream no.
30
40

Energy
Electricity
Electricity

Stream no.
50
60

Energy
Heat
Heat

Stream no.
70

Energy
Coolth

Figure 1: Energy flow diagram of system 1 (left) and system 2 (right).
3. MODEL
Sub models of each unit (Figure 1) were dealt with in pseudo steady state, the operating conditions being
changed hourly; thus, for example, the influence of temperature on chiller loads and efficiencies can be
modelled. The model yielded optimal equipment item sizes and fuel consumptions for individual pairings
of system and demand profile. The sub models coded in MATLAB include: weather data (U.S.
Department of Energy 2008), internal combustion (IC) engine and generator, battery, carbon ammonia
chiller, vapour compression chiller, cold store, and biomass boiler.
3.1 System sub-models
The IC engine and generator, were modelled by taking the part load curves for work output, jacket heat,
and exhaust heat from a single cylinder engine (Kumar 2004). The engine part load was set for peak
electrical efficiency (24.2 %). Electricity from the generator passed through a boost converter, with a
fixed efficiency of 95 %, before supplying the battery, oil heater, and chiller. The battery sub model
analogised the battery as two tanks in series; thus one tank provides or accepts current instantly, whilst
the other must operate through the first (Manwell 1993). Any electricity that supplied households passed
through an inverter, with a fixed efficiency of 90 %.
The two stage carbon ammonia adsorption (AD) chiller model used here was written by Thorpe, R. at
Warwick University, UK, (Thorpe 2008) and uses principles from the literature (for example TamainotTelto 2003, Douss 1988). The coefficient of performance (COP) was determined via comparison of the
heat transfer in the evaporator and the heat transfer during desorption and pressurisation. The carbon
ammonia chiller operated whenever the engine was generating electricity so that the engine heat was
utilised.

Figure 2: COP for vapour compression and carbon ammonia chillers at varying evaporator
temperatures. Condensing temperature is assumed as 10 K above ambient air temperature.

The vapour compression (VC) chiller submodel used simple thermodynamic principles along with the
added complexity of a scroll compressor efficiency that varied with respect to the pressure difference
between evaporator and condenser. This efficiency was represented by a polynomial fitted to data from
(Cuevas 2008). There was also an assumed 3 K superheat of the refrigerant before it entered the
compressor. From Figure 2 it is clear that the COP of both chillers would be lower during the summer
than during the winter, and during the day rather than at night. For this paper, a fixed evaporator
temperature of -5 °C was assumed.
The modelled cold store was underground to exploit the reduced ground temperature. The far field
temperature profiles were calculated using Equation [1] below (Incropera 2007):

T ( x,t ) " Ti
("x
=e
#T

$ 2%

)

(

sin $t " x $ 2%

)

[1]

where T(x,t) is the absolute temperature at a given depth, x, and time, t, Ti is the mean ground
temperature, !T is the amplitude of temperature change, ! is the period, and " is the thermal diffusivity.
!
These temperature profiles and sol-air temperatures from Ranchi in Jharkhand (U.S. Department of
Energy 2008) were analysed in a 2D finite difference model (Carnahan 1969) to calculate the conduction
through the walls, floor, and roof of the cold store. The overall heat transfer coefficient of the walls, floor,
and roof was assumed to be 1 W/m2K. Other factors considered were ventilation, respitory heat of the
produce in the cold store, input crop heat, crop and store thermal mass, and chiller cooling power. The
small biomass boiler used engine jacket and exhaust energy to heat water; any heat demand that could not
be met by the engine jacket and exhaust was supplied by burning fuelwood.
3.2 Costs
The costs and yields used during the analysis in this report are listed in Tables 2 and 3. Although these
values are highly variable in reality, they still provide a reasonable indication of what might be expected
(Basu 2009). It should be noted that the price of the carbon ammonia chiller unit is speculative as these
are not yet commercially available.
Fuel
Jatropha oil
Fuelwood

Annual yield
500 kg/ha (Punia 2007)
20000 kg/ha (Toky 1995)

Calorific value
39 MJ/kg (Punia 2007)
17 MJ/kg (Bhatt 2004)

Table 2: Fuel sources summary.
Item
Press
Small engine + generator
Large engine + generator
Carbon ammonia chiller
Vapour compression chiller
Underground cold store
Ice maker
Oil heater
Boiler
Engine heat exchanger
Battery
Equipment building cost
Land rental
Jatropha plantation (per ha)
Fuelwood plantation (per ha)

Life
10
10
10
10
10
10
10
10
10
10
5
10
20

Unit Cost (Rs) Maintenance
4000
200
50000
5000
80000
8000
80000
4000
80000
4000
100000
5000
20000
1000
5000
250
100000
5000
20000
1000
4000
800
200000
2000
12500
23000
2000
5000

Table 3: Costs used during calculations.

!
A 3% interest rate was assumed when calculating the present value of the sub-system costs (Table 3). In
the case of land rental and fuelwood plantation the unit cost must be paid annually and thus no present
value was calculated. Maintenance was assumed to be 5% of the total item cost per year with the
following exceptions:
• The engine and generator, since using pure jatropha oil requires frequent cleaning (10 % maintenance
cost)
• The equipment building, since limited maintenance is required (1 % maintenance cost)
• The jatropha plantation, since this has been reported as approximately 2000 Rs/ha (Punia 2007)
3.3 Thermo-economic calculations
Thermo-economic analysis involves calculating the costs per unit exergy of the different energy flows in
a given system. Equations [2] and [3] describe the exergy contents associated with liquid flow and heat
transfer:

!

)
# T &,
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where B is the exergy, m is the mass, cp is the specific heat capacity, T is the absolute temperature, and Q
is the heat transferred from a reservoir (with minimal temperature change) (Kotas 1995). The exergetic
!
value of electricity was taken to be the same as its energetic value in kJ. Equations [4-8] represent the
exergetic costs of the systems shown in Figure 1:

c oil Boil = Z plantation + Z press + M press + M plantation
c elec Belec = Z generator + Z heater + Z battery + Z building ...

!

+ M battery + M heater + M battery + M building + c oil Boil

[4]
[5]

c fuelwood B fuelwood = Z woodland + M woodland

[6]

!

c heat Bheat = Z heatexchanger + Z boiler + M heatexchanger + M boiler + c fuelwood B fuelwood

[7]

!

c coolth Bcoolth = Z chiller + Z store + M chiller + M store + c heat E heat + c elec Belec

[8]

! Z is the amortised capital cost of an equipment item, M is the yearly maintanance required for a
Where
particular equipment item, c is the exergetic cost of a particular stream, and B is the annual exergy
flowing
in a particular stream (Valero 1996), (Torres 2002).
!
4. RESULTS AND ANALYSIS
The model was used to analyse both systems within the context of the two demand profiles. Optimum
system configurations were determined by testing the systems across a range of engine, battery, and
chiller sizes. The configurations that consumed the least jatropha oil whilst meeting the energy demands
were selected. This approach was considered more appropriate than a minimisation function due to the
possible existence of local minima. Table 4 shows the different fuel consumptions required by the energy
systems. The presence of a heat driven chiller meant much less jatropha oil was required to meet demand
profile 2, though this difference was less pronounced for demand profile 1.

Annual fuel consumption
Jatropha Oil (kg)
Fuelwood (kg)

Demand profile 1 (chilling)
System 1 (VC) System 2 (AD)
4195
4065
0
0

Demand profile 2 (freezing)
System 1 (VC) System 2 (AD)
7742
4108
0
1485

Table 4: Annual fuel consumptions for the different systems (optimised engine full load, chiller full
load, and number of batteries).
By exploiting the available low-grade heat, the carbon ammonia chiller yielded higher exergetic
efficiencies for both demand profiles (Table 5). For demand profile 2, a higher average condenser
temperature (due to year round operation) forced a slightly lower overall efficiency.

Chiller type
Vapour compression
Carbon ammonia

Chiller exergetic efficiency
Demand profile 1
Demand profile 2
0.063
0.061
0.076
0.075

Table 5: Exergetic efficiencies for the different systems (optimised engine full load, chiller full load,
and number of batteries).

!
Tables 6 and 7 show the exergetic costs of the fuels and energies produced by both systems meeting both
demand profiles with different jatropha oil yields. As expected, most of the values were similar except for
the exergetic cost of cooling. System 1 had approximately twice the exergetic cost of cooling under
demand profile 1, and approximately 4.4 times the cost under demand profile 2. This indicates that the
difference between the cooling exergetic costs of the two systems became more pronounced as they were
used more, owing to amortised capital costs. Furthermore, System 2 was considerably less sensitive to
variation in jatropha oil yields because it does not rely solely on jatropha oil for fuel.
500 kg/ha oil yield
Stream
Oil (Rs/kg)
Fuelwood (Rs/kg)
Elec (Rs/kWh)
Heat (Rs/kJ)
Cooling Power (Rs/kJ)

Demand profile 1 (chilling)
System 1 (VC)
System 2 (AD)
31.6
31.6
N/A
N/A
16.3
15.9
N/A
4.9
1275.5
626.7

Demand profile 2 (freezing)
System 1 (VC)
System 2 (AD)
31.6
31.6
N/A
0.25
17.0
15.8
N/A
2.7
308.8
69.9

Table 6: Exergetic costs for the different systems with a 500 kg/ha jatropha oil yield.

800 kg/ha oil yield
Stream
Oil (Rs/kg)
Fuelwood (Rs/kg)
Elec (Rs/kWh)
Heat (Rs/kJ)
Cooling Power (Rs/kJ)

Demand profile 1 (chilling)
System 1 (VC)
System 2 (AD)
19.8
19.8
N/A
N/A
11.8
11.4
N/A
4.9
1203.8
623.9

Demand profile 2 (freezing)
System 1 (VC)
System 2 (AD)
19.8
19.8
N/A
0.25
12.5
11.3
N/A
2.7
235.3
67.9

Table 7: Exergetic costs for the different systems with an 800 kg/ha jatropha oil yield.

!
The price of the carbon ammonia chiller was varied in order to determine when system 1 and 2 would
have the same exergetic cost of cooling. This price was found to be Rs.290000 and Rs.920000 for
demand profiles 1 and 2 respectively.

5. CONCLUSION
This paper compared the effectiveness of a cogeneration chilling system and a work operated chilling
system at meeting part or full year cooling demands of varying intensity. Engine size, chiller size, and
number of batteries were varied in order to establish optimum system configurations and exergetic
efficiencies of the chillers calculated. Although market variablility must be taken into account in future
studies, indicative costs of equipment items and materials were used, along with exergetic flows, to
calculate the thermoeconomic performance of the two systems. The cost of cooling changed significantly
between the two systems and demand profiles, confirming that adsorption chillers were an effective way
of generating cooling power, and that chillers were more suitable for year round cooling demands (such
as fishing villages or healthcare applications) due to the capital costs invested.
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ABSTRACT
In this paper, a compact adsorbent bed based on the novel selective water sorbent “silica modified by
calcium nitrate - SWS-8L” was tested for cooling applications driven by low temperature energy source
(T<95°C). Performances of the adsorbent bed were measured by a lab-scale adsorption chiller. Typical
cooling COP and Specific Cooling Power SCP obtained are 0.3-0.4 and 150-390 W/kg dry sorbent,
respectively.
INTRODUCTION
Adsorption chillers/heat pumps showed great potential for utilization of low grade waste heat or solar
energy (Wang and Oliveira, 2006). The use of water as a working fluid in adsorption machines offers
several significant advantages such as favourable thermodynamic properties and absence of adverse
effects on the environment. However, common water adsorbent like zeolite A, X, Y or microporous silica
gel do not guarantee adequate performance when the heat for desorption is available at a temperature
lower than 90°C (Srivastava and Eames, 1998). For this reason, efforts have been addressed towards the
research and development of adsorbents which possess large water sorption capacity and low regeneration
temperature (Aristov, 2007). Zeolite-like microporous materials like (silico)aluminophosphates and
titanosilicates are considered promising in terms of high water adsorption capacity and low regeneration
temperature (Ng and Mintova, 2008; Jaenchen et al 2002). Novel synthetic Functionalized Advanced
Materials (FAMs) have been specifically developed by Mitsubishi (Kakiuchi et al. 2005), for utilization
of low grade heat. Experimental testing of FAMs showed that these materials can provide attractive
performance when the available temperature of desorption is lower than 90°C (Sapienza et al. 2007;
Kohlenbach et al. 2008). Other potentially attractive solutions consists of attapulgite clay sorbents
impregnated with inorganic salts (Janchen et al. 2005; Chen et al. 2008) or zeolite/active carbon
compounds (Zhenyan et al. 1998).
Recently, BIC-RAS (Novosibirsk, Russia) synthesised and investigated together with CNR-ITAE, a new
composite sorbent of water “SWS-8L - silica modified by calcium nitrate”, which belongs to the family of
Selective Water Sorbents SWSs, a family of composite sorbents based on a chemical active salt confined
to pores of a host matrix (Aristov et al. 2002). The SWS-8L sorbent appeared to be attractive for
utilization in adsorption machines driven by low temperature heat (Simonova et al. 2009), due to the high
adsorption capacity and low regeneration temperature.
This paper presents an advanced adsorbent bed, consisting of SWS-8L grains embedded inside a compact
heat exchanger of a finned flat-tube type. Real performance of the so-realized adsorbent bed were
measured by testing it in a lab-scale adsorption chiller (approx. 1kW cooling power) available at CNRITAE laboratory. Experimental tests were conducted with the aim of evaluating the cooling COP and
delivered cooling power for different operating conditions.
PREPARATION OF THE ADSORBENT BED
The preparation of the adsorbent bed consisted of two main steps: i) synthesis of the composite sorbent;
ii) integration of the sorbent with the heat exchanger. The sorbent was synthesised by dry impregnating a
mesoporous silica gel with an aqueous solution of calcium nitrate. Subsequently, the material was dried at
200°C. The salt content was 45 wt.%, which is a proper concentration to ensure good water sorption
capacity without reducing the mass transfer efficiency. The adsorbent bed was arranged by embedding
437g of sorbent grains into a compact heat exchanger of an aluminium finned flat-tube type. The heat
exchange area is about 2 m2, while the metal to sorbent mass ratio is 1.19. A metallic net was used to
keep the sorbent grains inside the heat exchanger. Tab. I resumes the main features of the adsorbent bed.

Tab. I. Main features of the SWS8L-based adsorbent bed.
Mass of adsorbent, [kg]

0.437

Grain size, [mm]

0.25-0.425

Mass of heat exchanger, [kg]

0.434

Mass of heat exchanger with net, [kg]

0.516

Heat exchanger area, [m2]

~2

Heat exchanger size, [mm]

233×133×26.5

Metal to adsorbent ratio

1.19

This configuration presents the following peculiarities: a) compactness and low weight, as the heat
exchanger is made of aluminium; b) good heat transfer properties due to the high heat transfer area; c)
high vapour permeability provided by a granular packaging mode.
TESTING OF A COMPACT ADSORBENT BED
Description of the experimental unit
Experimental testing of the SWS8L-based compact adsorbent bed was performed by means of a testing
facility already available at CNR ITAE laboratory and specifically devoted to the experimental study of
innovative adsorbent materials and heat exchanger concepts. Fig. 1 shows the scheme of the whole
system, which consists of a test-rig able to provide external heating and cooling energy, at the required
temperature, to a single-bed adsorption chiller, where the adsorbent bed under test is placed (1kW max
cooling capacity).
The external sources of thermal energy for heating and cooling of the adsorption chiller are an electric
boiler and a water chiller interfaced with the hydraulic circuit of the test-rig by plate heat exchangers. A
set of solenoid valves allows to perform the adsorption cycle. Two thermo-cryostats provide
heating/cooling energy to evaporator/condenser of the adsorption chiller.
The cooling and heating lines of the adsorbent bed, evaporator and condenser are equipped with flowmeters. Temperature sensors are installed at the inlet and outlet of the above mentioned heating and
cooling circuits.
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Figure 1: Scheme of the test rig: 1 – heat storage tank, 2 – heat exchanger (heating loop), 3 – heat
exchanger (cooling loop), 4 – adsorbent bed, 5 – vacuum chamber, 6 – evaporator, 7 – condenser, 8,
9 – thermocryostats
Fig. 2 shows the adsorption chiller (right side) interfaced with the test-rig (left side). The adsorbent bed
inserted inside the vacuum chamber is connected to an evaporator and a condenser by means of

automatically controlled pneumatic vacuum valves. All components are thermally insulted to prevent heat
dissipation and, thus, to minimize the error in measurement of performance. A vacuum circuit connects
separately each component of the adsorption chiller (adsorbent bed, evaporator and condenser) with a
vacuum pump for initial outgassing of the system.
The adsorbent bed, the evaporator and the condenser are equipped with internal pressure and temperature
sensors allowing to monitor the evolution of the ad/desorption cycle. Flat-type thermoresitances are also
installed over the internal and external side of the vacuum chamber of the adsorbent bed to estimate the
amount of sensible heat accumulated by the chamber.

Figure 2: The test-rig for providing thermal energy connected with the single bed adsorption chiller.
The whole testing facility is equipped with a data acquisition and control system, interfaced with a PC. A
specific software was realized by Labview environment, allowing to perform completely automatic
adsorption/desorption cycles at selected working conditions. Fig. 3 shows the main front panel of the
realized software. The panel allows monitoring the dynamic evolution of the relevant parameters
(temperature, pressure, flow rates). The adsorbent bed heating and cooling power, as well as the delivered
cooling power, are ploted in real time. The section at the bottom of the panel (right side) allows to set the
cycle time (or the maximum desorption temperature) for the automatic control or to manually control the
solenoid and pneumatic valves. The data are acquired each second and stored on an acquisition file.

Figure 3: Data acquisition and control panel
Testing methodology and evaluation of performance
After initial outgassing of the adsorption chiller, several tests were carried out considering various
working conditions typical for cooling machines. Each working condition was characterized by a specific

cycle time and inlet temperature of the external heating/cooling fluids of the adsorbent bed, evaporator
and condenser. The experimental data measured for each working condition, were properly treated in
order to calculate the performance of the adsorbent bed under test. The Coefficient of Performance
(cooling COP) was calculated as ratio between the cooling effect generated in the evaporator and the
amount of thermal energy supplied for isosteric heating and desorption phases. The Specific Cooling
Power was calculated considering the cooling effect generated per kilogram of adsorbent:
RESULTS OBTAINED
The starting tests were finalized to study the influence of the cycle time on the performance of the SWS8L based adsorbent bed. Fig. 4 shows the obtained cooling COP and SCP vs. cycle time at Tdes = 95°C, Tev
= 15°C and Tcon = 30°C. The above mentioned temperatures refer to the inlet of external heating/cooling
fluids. Results show that the cooling COP increases from 0.28 to 0.41 when the cycle time increases from
8 to 30 minutes. The SCP presents a peak of 389 W/kg of dry sorbent when the cycle time is 10 minutes
and decreases for higher cycle times, with a minimum value of 190 W/kg at tcycle = 30 min. Typical
experimental error was 5%.
Cycle times shorter than 10 minutes resulted in lower performance, as the amount of heat effectively
transferred/extracted to/from the adsorbent bed is reduced. Moreover, one has to consider that the
intrinsic sorbent sorption kinetics could be the limiting factor when the cycle time is too short. As a result,
the amount of water ad/desorbed would be further reduced.
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Figure 4: Experimental cooling COP and Specific Cooling Power vs. cycle time at Tdes = 95°C, Tev =
15°C, Tcon = 30°C (inlet of external fluids)
The obtained results indicate that cycle times between 15-20 min give a reasonable compromise between
SCP and COP. The cycle time of 10 minutes allows to maximize the power output of the adsorbent bed,
while maximum cooling COP is obtained when tcycle = 30 min. This information is of high practical
interest when designing an adsorption machine that must be optimized for stationary (high COP) of
mobile (high SCP) applications.
The experiments for measurement of the performance of SWS-8L based adsorbent bed, were continued
by carrying out a great number of tests under various operating conditions. Fig. 5 shows the cooling COP
and SCP as a function of the temperature of the external heating source when Tev = 15°C, Tcon = 30°C,
Tcycle = 10 min. As expected, the variation of the heating temperature has a strong effect on the adsorbent
bed performance. It can be observed that the maximum performance is delivered when the inlet
temperature of the external heating fluid is 95-98°C (effective desorption temperature of the adsorbent
bed few degrees lower). However, adequate performance can be achieved even for lower desorption
temperature. In particular, cooling COP of 0.18 and SCP of 189W/kg were measured for a desorption
temperature as low as 80°C, demonstrating that this sorbent can be efficiently driven by low-temperature
heat sources.
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Figure 5: Experimental cooling COP and Specific Cooling Power as a function of the temperature
of the external heating source when Tev = 15°C, Tcon = 30°C, Tcycle = 10 min.
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Figure 6a, b: Experimental cooling COP and Specific Cooling Power as a function of (Tcond - Tev)
when Tdes = 95°C and Tcycle = 10 and 30 min.
Figs. 6a, b, show the cooling COP and SCP as functions of the temperature lift ∆T = Tcond - Tev between
evaporator and condenser when Tdes = 95°C and Tcycle = 10 and 30 min. Results obtained indicate that the
sorbent under study can provide attractive performance (cooling COP = 0.3-0.4, SCP = 150-390 W/kg)
for ∆T = Tcond - Tev between 20 and 15°C. A performance drop is evident for a temperature lift as high as
25°C. This limit could be overcome by tailoring the sorbent properties [4], which allow to adapt its
sorption capacity to the climatic and boundary conditions of a specific application.
CONCLUSIONS
This paper presented an advanced adsorbent bed, consisting of “SWS-8L - silica modified by calcium
nitrate” grains embedded inside a compact heat exchanger of a finned flat-tube type. The adsorbent bed
was tested in a lab-scale adsorption chiller driven by low temperature energy source (T < 95°C).
The optimal working conditions identified are: desorption temperature 80-95°C, temperature lift between
evaporator and condenser 15-20°C. In such conditions, the chiller is able to deliver the Specific Cooling
Power 150-390 W/kg and cooling COP of 0.3-0.4, indicating that the proposed sorbent of water “silica
modified by calcium nitrate” can be efficiently used for realization of compact adsorption chillers driven
by low temperature energy sources.
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THE EFECT OF CYCLE BOUNDARY CONDITIONS AND ADSORBENT GRAIN SIZE
ON THE WATER SORPTION DYNAMICS IN ADSORPTION HEAT PUMPS
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INTRODUCTION
Intelligent choice of adsorbent optimal for heat transformation should be based on comprehensive analysis of
both thermodynamic and dynamic aspects. Attractive approach to the dynamic characterization of an adsorptive heat transformer (AHT) is based on the idea that it is obligatory to consider the adsorbent and heat exchanger as an integrated unit and measure dynamic properties of this unit under real operating conditions of
AHT (Aristov, 2009). The uptake temporal evolution q(t) uniquely characterizes the dynamics of isobaric
stages of AHT. The aim of this study is to measure this function for the simplest configurations of an adsorbent – heat exchanger (A-HE) unit at various boundary conditions of the heat transformation cycle. For a basic
3T cycle, a set of the boundary conditions (Te, Tc, THS) is given by the temperatures of the evaporation Te,
condensation Tc and heating THS, respectively. In this communication we have fixed the regeneration temperature THS at 80oC and consider the four boundary sets (5, 30, 80), (10, 30, 80), (5, 35, 80) and (10, 35, 80)
which correspond to typical air-conditioning applications driven by low temperature heat. We have examined
the following A-HE configurations: loose grains located as one, two or four layers on the metal support. We
have selected a Fuji silica type RD as an adsorbent of water because exactly this material was used in commercialized adsorption chillers which utilize low-temperature heat (Matsushita et al, 1987). For monolayer
configuration, the adsorbent grains of four various sizes are tested.
EXPERIMENTAL PROCEDURE
In order to measure the uptake evolution q(t) we used a Large Temperature Jump (LTJ) method (Aristov et al,
2008). The detailed diagram of experimental setup and procedure were presented elsewhere (Glaznev et al,
2008). The LTJ method allows measuring the uptake curves for adsorbent grains located on a metal holder (fin)
subjected to a fast temperature jump (from the minimal desorption temperature T2 to THS) or drop (from the
maximal adsorption temperature T4 to Tc). This drop initiates water adsorption much as in adsorption heat
pumps. The temperatures T2 and T4 were determined directly from the working cycle diagram plotted for each
boundary set from the equilibrium adsorption data taken from (Aristov et al, 2006).
The grains of Fuji silica type RD (Fuji Silysia Chemical Ltd.) were used as fractions 0.2-0.25, 0.4-0.5, 0.8-0.9,
and 1.6-1.8 mm. The weight of dry sample was 0.157 ± 0.002 g that corresponds to a monolayer of loose grains
of 0.4-0.5mm size covering a circle of 29.1 mm diameter on the metal plate. More realistic configurations with
two and four layers of loose grains of 0.4-0.5 mm size were tested under the above four boundary sets as well.
In majority of multi-layers experiments, the dry sample weight was maintained constant, so that the diameter D
of the circle covered by the layer (Table 1) and the heat transfer surface S=πD2/4 were reduced accordingly.
N of layers
Grain size, mm
0.2-0.25
0.4-0.5
0.8-0.9
1.6-1.8

1

2

4

41
29.1
20.8
14.8

20.8
-

14.8
-

Table 1 Diameter of the area covered by the one, two and four layers of silica grains (N=1, 2 and 4). The dry
sample weight m was 0.157 ± 0.002 g.
RESULTS AND DISCUSSION

Monolayer of loose grains of different size.
Important finding is the fact that for each boundary set and grain size the experimental uptake curve q(t) can
be described by an exponential function q(t)=q(0)± ∆q exp(-t/τ) up to 80-90% of the final uptake (Fig. 1A).
Surprisingly, the complex coupled heat and mass transfer in this system results in the very simple kinetic law,
so that the dynamics of water ad/desorption can be described by a single characteristic time τ. Thus, a Linear
Driving Force (LDF) model with the diffusion rate constant independent on temperature can be applied (Aristov, 2009). This permits stupendous simplification of the kinetic analysis of AHT operation and easy quantitative characterization of dynamic properties of the A-HE unit. Experimental characteristic times for the
monolayer configuration are displayed in Table 2. The desorption runs are found to be faster than appropriate
adsorption runs by a factor of 2.2 - 3.5. In our opinion, this is due to the higher average temperature and vapor pressure during the desorption stage. A convex shape of the water sorption isobar of Fuji silica RD is
profitable for desorption process as well (Glaznev et al, 2009). We can recommend that the duration of the
desorption phase in real cycle should be shorter than of the adsorption one to minimize the total cycle time
and increase the SCP-value. The evolution of the residual 10-20% is slower than exponential (Fig. 1A). This
long tail of the uptake curves is because the driving force for the heat transfer is getting smaller and smaller
as discussed in (Okunev et al, 2008). The typical ratio of the characteristic times τ0.9/τ0.8 is as much as 1.5, that
prompts to restrict the duration of AHT isobaric stages by the time τ0.8 or less This trick would allow avoiding
a dramatic drop of the specific cooling power at longer times with just little reduction of the cycle COP.
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Figure 1 A) The uptake curves for monolayer of loose silica grains of different size: 0.2-0.25 mm (), 0.4-0.5
mm (), 0.8-0.9 mm (), 1.6-1.8 mm () for adsorption run 50 => 30°C. Solid lines - exponential approximation. Dashed line presents the evolution of temperature of the metal support (right ordinate axis). B) Exponential characteristic time [s] vs. the grain size [mm] in a logarithmical scale.
For grains 0.8-0.9 and 1.6-1.8 mm the characteristic time strongly depends on the grain size: τ~R2 (Fig. 1B) that
may indicate the dominant contribution of intragrain diffusion resistance. For large grains the characteristic
time does not depend on the rate of heating the metal support (fin) and uniquely characterizes the adsorption
dynamics in the A-HE unit. For smaller grains (0.2-0.25 and 0.4-0.5 mm size) the vapor transport becomes fast
and the main resistance is attributed to the heat transfer between the grains and the metal plate which is a source
(sink) of heat for desorption (adsorption), that results in deviation of dependence τ(R) from τ~R2. For studied
configuration, a crossover between the two limiting modes corresponds to grains of app. 0.55 mm size (Figs.
1B and 2B). For small grains (0.2-0.25mm) the value of τ for the desorption runs is approaching to the charac-

teristic time of metal plate heating that is as short as 6±1 s! In this limit, the time τ is not adsorbent-specific, but
rather reflects the fin heating scenario. As a result, the dependence τ(R) almost vanishes (Fig. 2B).
Another (and somewhat unexpected) finding is that for the four tested cycles the boundary conditions just
weakly affect the dimensionless ad/desorption uptake, so that the grain size effect is predominant (Fig. 2A). For
the fixed grain size, the larger amount of water exchanged in the cycle, the slower are both the ad- and desorption runs. However, this slowing down is small and does not exceed 35% although ∆q changes from 0.030 to
0.110 g/g (Table 2). Probably, this is a consequence of the LDF model that satisfactorily describes the process
dynamics: the driving force is proportional to the deviation from the equilibrium and the characteristic time
does not (or slightly) depend on the deviation value.
Knowledge the function q(t) readily allows the calculation of the instant and average specific cooling/heating
power W consumed/released in the evaporator/condenser during the ad/desorption stages (Table 2). In the case
of exponential kinetic curve the maximal specific power Wmax can be estimated as Wmax = hfg⋅∆q/τ, where hfg is
the latent heat of water vaporization (2478 kJ/kg). For the monolayer configuration, this power can reach 15-35
kW/kg that looks very encouraging for practice (Table 2). Even W0.8=0.8 hfg⋅∆q/τ0.8 is larger than 0.9 kW/kg
that is practically valuable. Such large power for this simple configuration is reached at the expense of the
Coefficient of Performance (COP). Indeed, in a real AHT the mass of adsorbent in the monolayer is too small
with respect to the mass of metal fin and other inert masses. That is why more realistic are configurations with
two or even four layers of loose grains on the metal surface analyzed below.
The metal plate is a source (sink) of heat for desorption (adsorption), hence, the maximal specific power Wmax is
linked with the appropriate heat flux between the plate and the grains, Wmax=α⋅S⋅∆Tmax/m, where α is the heat
transfer coefficient between the plate and the adsorbent layer, S=πD2/4 is the heat transfer area, ∆Tmax is the
maximal temperature difference between the plate and the grains (∆Tmax=THS –T2 or T4 –Tc), m is the weight of
dry adsorbent. The value of Wmax is found to be proportional to both S and ∆T (the graphs are not presented),
that allows estimation of the heat transfer coefficient α ≈150-250 W/(m2 K). This value is much larger than
α=40-60 W/(m2 K) that is commonly used in mathematical modeling of the AHT dynamics (Zhang and Wang,
1999; Yong and Sumathy, 2002; Marletta et al, 2002).
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Figure 2 A) The uptake curves for desorption runs 58 => 80 (solid), 69.1 => 80 (bold), 51.8 => 80 (dashed)
and 62.8 => 80°C (dotted Line).  - typical evolution of dimensionless temperature (T(t)-T(0))/(T(∞)-T(0)).
B) Exponential time vs. the grain size for run 58 => 80°C (logarithmical scale).
Multilayers of loose grains of 0.4-0.5mm size.
Multilayer configurations have been tested with the silica loose grains of 0.4-0.5 mm size. As expected, the water adsorption becomes definitely slower for thicker layers (Fig. 3 and Table 2) because of the more hindered

heat transfer to/from the adsorbent. The initial part of the uptake curves is still near-exponential at the dimensionless uptakes smaller than 0.7 for two layers and 0.5 for four layers (Fig. 3). At larger uptakes the adsorption
slows down significantly (see the characteristic times displayed in Table 2). As has already been pointed out,
the adsorbent mass was constant (155 mg), thus, the formation of two and four layers led to reducing the contact area S between the metal support and the adsorbent by a factor of √2 and 2 respectively (Table 1).
We plotted lnτ as a function of lnD for the three configurations with N=1, 2 and 4, and revealed the linear dependence lnτ=A+K lnD (Fig. 4). The slopes for various uptakes (K0.5, K0.8 and K0.9) are rather close to 2.0. It
means that for a constant adsorbent mass the sorption dynamics is strictly defined by the contact area S= πD2/4
during the whole process. If for N=2 one increases both S and m by a factor of 2, nothing changes (Fig. 3),
hence, for fixed N the dynamics does not depend on the ration m/S that is proportional to the number of layers
N (or to the layer thickness d). The characteristic time can also be presented as τ=C+B/N. Parameters C and B
depend mainly on the grain size and, in lesser extent, on the boundary conditions of AHT cycle.
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Figure 3 Dimensionless uptake curves of water adsorption by silica loose grains allocated on the surface of the
metal support  - one layer,  - two layers and  - four layers (sample weight - 155 mg).  - two layers
(sample weight - 310 mg, the grains are located in the form of a circle of 29 mm diameter). Run 50 => 30°C,
solid line - exponential approximation. Grain size - 0.4-0.5 mm.
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Figure 4 The characteristic times extracted from the uptake curves of Figure 3 vs. the diameter of the contact
area between the metal support and the silica grains:  - τ0.5,  - τ0.8 and  - τ0.9. Run 50 => 30°C, solid lines –
a linear approximation lnτ=A+K lnD, with the slopes K0.5 = -1.7, K0.8 = -2.0 and K0.9 = -2.1.

CONCLUSIONS
The uptake curves of water ad/desorption under typical conditions of AHT cycle have been measured by the
LTJ method for grains of Fuji silica RD of different size 0.2-0.25, 0.4-0.5, 0.8-0.9, and 1.6-1.8 mm. The four
boundary sets are selected for a basic 3T cycle: (5, 30, 80), (10, 30, 80), (5, 35, 80), and (10, 35, 80) that corresponds to typical air-conditioning applications driven by low temperature heat. Three configurations of A-HE
unit with one, two and four layers of loose silica grains have been tested.
For monolayer the experimental uptake curves are well described by an exponential function up to 80-90% of
the final uptake for each boundary set and grain size. For grains of 0.8-0.9 and 1.6-1.8 mm size the characteristic time τ~R2, and can be used as a unique characteristics of the sorption dynamics of the A-HE unit. For smaller grains, the main resistance is attributed to the heat transfer between the grains and the metal plate. The crossover between the two limiting modes corresponds to grains of app. 0.55 mm size. The maximal specific cooling/heating power is proportional to the temperature difference and contact area between the layer and the metal, and reaches 15-35 kW/kg. The heat transfer coefficient α estimated from this power is as large as 150-250
W/(m2 K) that much exceeds the value commonly used to describe the AHT dynamics.
For multilayers of loose grains of 0.4-0.5 mm size the uptake curve is near-exponential up to 50-70% of the
final uptake. At larger uptakes the process becomes much slower. The characteristic times τ, τ0.8 and τ0.9 can be
presented as τ=C+B/N, so they reduce with the number of layers N (or layer thickness). For N=2 and 4 the specific power can be quite large as well, and reaches 5-6 kW/kg.
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Table 2 The characteristic sorption times τ, τ0.5, τ0.8 and τ0.9, the specific uptake change ∆q and the specific
powers Wmax, W0.8 for various boundary conditions and grain sizes.

Grain
∆q,
T , °C Tc, °C
size, mm e
g/g
30

0.066

35

0.030

30

0.110

35

0.057

5
0.2-0.25
10

Run, °C
50.0=>30
58.0=>80
44.4=>35
69.1=>80
55.9=>30
51.8=>80
50.0=>35
62.8=>80
50.0=>30

30

0.066
58.0=>80

5
44.4=>35
35

0.030
69.1=>80

0.4-0.5
55.9=>30
30

0.110
51.8=>80

10
50.0=>35
35

0.057
62.8=>80

30

0.066

35

0.030

30

0.110

35

0.057

5
0.8-0.9
10

30

0.066

35

0.030

30

0.110

35

0.057

5
1.6-1.8
10

50.0=>30
58.0=>80
44.4=>35
69.1=>80
55.9=>30
51.8=>80
50.0=>35
62.8=>80
50.0=>30
58.0=>80
44.4=>35
69.1=>80
55.9=>30
51.8=>80
50.0=>35
62.8=>80

N of
layers

1

1
2
4
1
2
4
1
2
4
1
2
4
1
2
4
1
2
4
1
2
4
1
2
4

1

1

τ, s

τ0.5, s

13.3
8.0
6.2
4.1
11.0
6.5
4.8
3.0
15
8.6
7.3
5.0
12.2
7.5
5.8
3.7
20.1 13.2
28
22
42
36.8
6.7
4.6
13.5 8.73
26
20.8
15.7 10.3
22
15.8
35
28.8
6.4
4.3
12.4
8.2
21
16.6
21.8 14.2
30
22.1
42
41
8.4
5.9
15.5 10.5
29
22.6
16.7 10.9
24
18
35
29
7.5
4.8
13
8.9
25
20.3
52.6 31.2
16.5 11.1
36.4 24.9
14.7
9.9
50.5 34.3
16.9 11.5
43.5 26.5
16.1 10.9
181.8 112.2
63.6 86.8
135.1 128.3
58 103.9
190 42.8
65
44.5
166.7 40
66
42.5

τ0.8, s

τ0.9, s

Wmax,
kW/kg

W0.8,
kW/kg

25.6
9.8
20.9
8.4
27.4
11.3
24.1
9.6
35.1
55.4
116
11
21.8
56.5
26.2
42.6
84.4
10.2
21.4
46.8
36.6
60
133
12.8
25.2
64
27.5
48
98.5
10.8
22.8
58.7
86.2
27.2
65.4
24.5
88.7
27.3
73.1
26.2
300.4
233.9
359.2
267.7
106.4
104.9
101.6
104.9

42.0
15.5
34.8
12.9
46.4
17.1
39.4
16
52.9
91.5
187
15.9
31.7
84.2
39.9
70
132
14.8
30.7
67.4
54.1
94
216
18.1
36.3
93
42.3
75.6
160
16
33.4
86.4
134
40.9
102.6
36.7
129.4
39.9
112
38.1
470
334.4
534.2
406.6
160.5
152.7
148.1
159.2

12.2
26.3
6.7
15.4
18.2
37.3
11.6
24.5
8.1
5.8
3.9
24.3
12.1
6.3
4.7
3.4
2.1
11.5
6.0
3.5
12.5
9.1
6.5
32.3
17.6
9.4
8.5
5.9
4.0
18.8
10.9
5.6
3.1
9.9
2.0
5.0
5.4
16.2
3.3
8.8
0.9
2.57
0.54
1.27
1.43
4.21
0.86
2.15

5.1
13.3
2.8
7
7.9
19.3
4.6
11.7
3.7
2.4
1.1
11.9
6.0
2.3
2.2
1.4
0.7
5.8
2.8
1.2
5.9
3.7
1.6
17
8.6
3.4
4.1
2.3
1.1
10.4
4.9
1.9
1.5
4.8
0.9
2.3
2.4
8
1.5
4.3
0.43
0.56
0.16
0.21
2.00
2.08
1.08
1.07
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Abstract
This paper describes the performance of vapour absorption refrigeration system using Propane
(refrigerant) and Alkylated Benzene (AB300 – refrigeration lubrication oil, absorbent). Preliminary
experiments to assess the miscibility of Propane in various lubricating oils will be first described. The
lubricating oils tested are Shell Clavus oils 32 and 64 and Alkylated Benzene oils AB150 and AB300.
The results indicated that Propane is most miscible in Alkylated Benzene AB300. The vapour absorption
system is a single stage absorption consisting of evaporator, absorber, generator and condenser. The
system is equipped with heat pipes installed between the absorber and the generator to transfer the heat of
absorption from the absorber to the generator. Experiments at various evaporator, absorber and generator
temperatures were conducted to assess the performance of the system. It was found that the coefficient of
performance of the system increased with increasing the generator temperature and with decreasing the
evaporator temperature. The coefficient of performance also increased with decreasing the absorber
temperature and with increasing the pressure difference between the absorber and generator.
Introduction
Increase in electricity cost and environmental challenges have made heat-powered vapour absorption
cooling systems more attractive for both residential and industrial applications. Absorption chillers are
widely utilised in the air-conditioning industry because they can be activated by heat sources such as hot
water (solar collectors), steam, and direct fired natural gas, instead of electricity. Absorption cooling
systems can also be integrated with combined heat and power (CHP) systems to provide power, heating
and cooling for applications such as the food and process industries (Tassou et al, 2008 and Maidment
and Posser, 2000). This integration is known as Trigeneration and as Combined Heating Refrigeration
and Power (CHRP).
Current absorption cooling systems utilise two refrigerant / absorbent pairs; water / lithium bromide and
ammonia / water. While the water / lithium bromide absorption system is commonly used for air
conditioning applications, the ammonia / water system can be used for applications where temperatures
lower than zero are needed. Water / lithium bromide has the drawbacks of crystallization at high
concentration, corrosion to metals and is expensive. The ammonia / water absorption system has the
disadvantage of the great miscibility of ammonia and water, which means large rectification columns are
required to generate the ammonia, which adds to the complexity of the system and the high temperature
required for the generation process (125 to 170 C). Furthermore, ammonia is a toxic refrigerant and has
the additional drawbacks of corrosiveness and explosiveness.
Research into alternative working pairs included using Trifluoroethane TFE (refrigerant) /N-methyle-2pyrrolidone (NMP) absorbent [Sawada et al, 1993), Propane (refrigerant) / Mineral oil (absorbent)
[Fukuta et al, 2002) and Dimethylethylenurea (DMEU, absorbent)/ R32, R125, R134a and R152a
(refrigerants) (Jelinek et al, 2008). The refrigerants used by Sawada et al, 1993 and Jelinek et al, 2008 are
HFC refrigerants that have a high global warming potential. Propane is a natural refrigerant that has zero
ozone depletion potential and less than 3 global warming potential. However, the main disadvantage of
propane is that it is classified as highly flammable class 3 refrigerant and the extent of system charge will
be increased in an absorption system, leading to concerns over safety. Hence, safety procedures should be
developed to ensure safe operation of the system. This paper presents an experimental investigation of a
vapour absorption system using Propane and a lubricating oil. First the results of preliminary tests of the
miscibility of Propane in four commonly used lubricating oils will be presented. This will be followed by
a description of the experimental facility and the methodology used to evaluate the performance of the

absorption system. Finally the performance of the absorption system at various evaporator, generator and
absorber temperatures will be discussed followed by a list of the main conclusions.
Propane/Lubricating Oils Miscibility
Preliminary experiments were conducted to examine the solubility of propane in various lubricating oils.
Here the variation of the vapour pressure was taken as a measure of the degree of solubility. As the
amount of refrigerant dissolved in the oil increases, its vapour pressure reduces and the difference
between the vapour pressure of pure refrigerant and that of the refrigerant / oil mixture increases. The
experiments were conducted in a stainless steel Parr stirred reactor. The reactor is fitted with a 500W
electrical heating clamps connected to a rheostat for temperature control/variation and is thermally
insulated to prevent heat loss to the environment. Two thermocouples were fitted to measure the solution
and the vapour temperatures. A pressure transducer and pressure relief valve were also connected. A
motorised stirrer was used to ensure proper heat distribution and miscibility of components.
In the experiments, the dry weight of the equilibrium chamber to the nearest 0.1 gram was recorded. Then, 30
millilitres of oil was injected and the weight to the nearest 0.1 gram was also recorded. The system was allowed
to stand for 10 minutes to achieve thermal equilibrium. Then a refrigerant charging meter was used to add to
each 30 millilitres of oil, approximately 5, 10, 15, 20, 25 and 30 millilitres of R290. The different R290/oil
concentrations were mixed continuously with a motorised stirrer, maintaining the same thermal equilibrium.
The reactor was weighed for each run. In addition, the temperature and pressure readings were taken. Figure 1
shows the variation in the pressure difference between the mixture and that of pure propane with variation of the
refrigerant charge added. Pure propane vapour pressure is obtained at the same temperature as that of the
mixture and hence takes into account variation in the operating temperatures. It can be seen that Alkylated
Benzene AB300 produced the largest variation in pressure. This indicates that propane is more soluble in
AB300 than any of the other oils tested. Hence it is used in the development of a vapour absorption system.
Vapour Absorption System
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Figure 2 depicts a schematic diagram of a single stage absorption system. The condenser and evaporator are air
cooled heat exchangers extracted from a split unit air conditioning system of 2.5 kW cooling capacity. The
absorber and generator were specifically designed to fit with the air conditioning system. The generator was
split into two parts, one installed above the absorber (pre-generator) and the second served as the main
generator. A bundle of fourteen heat pipes were installed between the absorber and the pre-generator to recover
the heat of absorption. The heat pipes were brazed to 150 mm brass plate to isolate the absorber from the pregenerator. The section of the heat pipe above the brass plate is the condenser and that below the plate is the
evaporator. Above the brass plate, there is a 10mm neoprene layer to reduce heat transfer between condenser
and evaporator sections of the heat pipe. The absorber vessel has two inlets that were positioned to produce a
counter flow between refrigerant vapour coming from the evaporator and the weak refrigerant in oil solution
from the generator. Below the solution entry point of the absorber, there is a perforated baffle plate with sleeve
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Figure 1: Miscibility of Propane in various lubricating oils

tubes enabling a thin laminar falling film to flow along the heat pipes. While the refrigerant vapour flows
up, the falling oil film mixes with the vapour to form a stronger solution of refrigerant. This solution is
collected in a well inside the vessel where it floods the suction of the circulation pump and then pumped
to the pre-generator. The heat of absorption is absorbed by the heat pipe fluid and transported to preheat
the strong refrigerant in oil solution in the pre-generator before flowing into the main generator. The
absorber and pre-generator were fitted with five thermocouples to measure the temperature of the fluids at
the various inlet and outlet points and two stainless steel pressure transmitters.
The generator is of the shell and coil heat exchanger where hot water passes through the coil and the
strong refrigerant in oil solution passes in the shell. As the hot water flows through the coil, it heats the
strong refrigerant in oil solution and causes the generation of the refrigerant. The weak refrigerant in oil
solution exits at the lower end of the generator, while the generated refrigerant vapour rises and exits at
the top of the vessel. The hot water exits the generator and returns to an electrically heated water tank.
The water circulation system was fitted with a pump, flow meter and a globe valve to control and measure
the flow rate. To prevent excessive heat losses from the generator shell, a thermal insulation of R- value
3.90 m2·K/W was used to insulate the generator. Two thermocouples were installed at the hot water inlet
and outlet to the generator. This allowed the measurement of the heat input to the generator. The
generator pressure was also measured with a transmitter. The evaporator was fitted in an air circulating
duct where the air was heated and humidified before flowing over the evaporator.
The system pipe lines were instrumented with pressure transmitters and K type thermocouples to measure
the pressure and temperature of the low pressure liquid entering and the vapour leaving the evaporator,
the high pressure vapour entering and liquid leaving the condenser. The pressure transmitters measure a
pressure range of -1 to 40 bars gauge with accuracy of ≤ 0.2% of best fit straight line. All the
thermocouples including those used on the Parr reactor were calibrated using a standard mercury
thermometers and a hot water bath. The thermocouples were within ± 2.5% of the calibrated
thermometers’ readings; as per the manufacture’s specification. The thermocouples and pressure
transmitters were connected to data logger/personal computer for instantaneous monitoring and data
recording. Three PLATON type flow meters were used in the system, one to measure the refrigerant flow
rate, the second to measure the refrigerant in oil solution flowing from the absorber to the pre-generator
and the third is to measure the hot water supplied to the generator. A more detailed description of the
experimental facility can be found in Jackson, 2008.
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Figure 2: Schematic diagram of the Vapour Absorption System

Vapour Absorption System Data Analysis
The heat input to the generator is calculated from:
Q g = m& gw C pw (Tgwin − Tgwout )
W [1]
Where the specific heat capacity of water = 4.187 kJ/kg.K.
The heat pipes installed between the absorber and the pre-generator recover some of the heat of
absorption process and transfer it to the pre-generator. The rate of heat transferred from the absorber to
the pre-generator was computed using:
Q pg = m& pg C p , sol (T pgin − T pgout )
W [2]
Where the refrigerant in oil solution flow rate was calculated using the measured volume flow rate in
litres per minute and the density of the mixture. The density of the mixture was calculated using an
equation proposed by Thome, 2004 and given as:

ρ = ρ o /[1 − X aout (ρ o / ρ r − 1)]

kg/m3 [3]
Where Xaout is the mass fraction of refrigerant in oil solution at absorber exit and ρr is the refrigerant
density. ρo is the oil density calculated by:

ρ o = ρ man [(Tcrit − T ) / (Tcrit − (Tman + 273.15))]0.29 kg/m3 [4]
Where ρman is the density of the oil as supplied by the manufacturer at specific temperature Tman (normally
15 ºC), Tcrit is the oil critical temperature (can be assumed to be 760K for all oils as an approximation), T
is the measured temperature (K). The specific heat capacity of the mixture was computed by:
c pL = X aout c pL r + (1 − X aout ) c pL o
kJ/kgK [5]

( )

( )

Where the specific heat capacity of the oil was calculated by Thome, 2004:

(c )

pL o

= 4.186{[0.388 + 0.00045(1.8T + 32 )] / s 1 / 2 }

kJ/kgK [6]

for18˚C< T<204˚C, s is the oil specific gravity as supplied by the manufacturer at T=15.56˚C.
The evaporator cooling load was calculated using the measured refrigerant volume flow rate and the
refrigerant specific enthalpy difference across the evaporator. The refrigerant specific enthalpy values
were obtained from state equations developed based on Propane published properties in ASHRAE, 1998.

Qer = m& r ( herout − herin )

W [7]

The pump power was calculated using the measured input voltage and current as:
W p = 0.8 * 1.732 * V * I W [8]
The absorption system coefficient of performance (COP) was calculated using the evaporator cooling
load and the rate of heat input to the generator and power required to drive the solution pump as:

COP =

Qer
Qg + W p

[9]

Results and Discussion
Figure 3 shows the variation of the COP with the generator temperature. The COP increases as the
generator temperature increases, for evaporator temperatures 3, 5.6 and 12 ºC. Figure 3 also shows that
the COP decreases with increasing the evaporator temperature. For evaporator temperature of 12 ºC, the
COP obtained was only 0.2-0.3 while for evaporator temperature of 3 the COP increased from 0.6 to 1.2.
Figure 3 compares experimental results to the work of Keçeciler et al, 2000 and Florides et al, 2002.
Florides et al, 2002 utilised water/lithium bromide at an evaporator temperature of 6 ºC and Keçeciler et
al, 2000 tested the same pair at evaporator temperature of 4, 6 and 8 ºC. Keçeciler et al, 2000 used
geothermal energy to operate a single effect absorption system, while Florides et al, 2002 used solar
compound parabolic collector. In all cases the generator outlet temperature was used. It can be seen that
the COP values produced by Propane/AB300 is significantly higher than those produced by water/lithium
bromide. Furthermore, while the results of Kececiler et al, 2000 show that the COP decreases with
decreasing the evaporator temperature, the current experimental work indicate the opposite. The authors
believe that this is due to the nature of the fluid pair used in this investigation. The miscibility of the
refrigerant in oil increases with decreasing the temperature and increasing the pressure ASHRAE 1998.

Figure 4 depicts the COP and the rate of heat supplied to the generator versus the rate of heat recovered
by the heat pipes. The presence of the heat pipes in the absorber / pre-generator provides heat recovery
benefits to the system. The higher the amount of heat recovered, the lower the energy required from an
external source to operate the system and hence higher coefficient of performance. The rate of heat input
required by the generator was reduced by 40%. Figure 5 shows the variation of the coefficient of
performance with the absorber temperature at various evaporator temperature and constant generator
temperature of 65 ˚C. It can be seen that the COP increases with decreasing the absorber temperature and
with decreasing the evaporator temperature. Figure 6.a shows the variation of the generator heat input and
the COP with the circulation ratio. It can be seen that the COP decreases with increasing the circulation
ratio while the generator heat input increases. This was thought to be due to the pressure difference
between the generator and absorber being too low for the generation of refrigerant effectively. This can be
illustrated with figure 6.b that shows the circulation ratio increases with decreasing the pressure
difference between the absorber and the generator. Hence higher generator heat input will be needed at
high circulation ratios.
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Conclusions
The refrigerant R290 is most miscible in Alkylated Benzene AB300 compared AB150 and Shell Clavus
oils 32 and 64.
A vapour absorption system was designed, constructed and tested using Propane/AB300. An effective
cooling capacity of 1.3 kW was achieved. The COP increased with higher generator temperature and
lower absorber temperature. The COP ranged from 0.6 to 1, which was greater than the lithium bromide
systems illustrated by Keçeciler et al, 2000 and Florides et al, 2002 at higher generator temperatures. The

generator temperatures used were of magnitude 90 ºC; similar to what would be achieved by a flat plate
collector.
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Introduction
Natural convection in porous media has been studied extensively in past two decades. They are frequently
encountered in electronic cooling, crystal growth, contaminant transport, and energy storage, (Ingham and
Pop 2005). However, the natural convection in partial or open cavities filled with a porous medium has had
little attention paid to it. . Ettefagh and Vafai (1988) investigated numerically the buoyancy driven
convection in an open-ended cavity with porous material. Slimi et al. (2005) performed a numerical study
of coupled fluid flow and heat transfer, by transient natural convection and thermal radiation in a vertical
channel. This channel, used to model food storage was open at both ends and filled with a fluid-saturated
porous medium. Ameziani et al. (2008) also investigated numerically two types of natural convective flow
behaviour in an open vertical porous cylinder; they simulated the natural convection in a vertical silo for
grain storage. In the present work, double diffusive natural convection in a cavity with three free openings
will be investigated. The multi heat exchanging processes in one cryogenic energy unit will be modeled.
To the authors’ knowledge, this problem has never been studied.
The study of flow caused by the combined influence of thermal and mass buoyancy forces through a
porous medium has been motivated by its importance in many natural and industrial problems. A few
examples include; chemical transport in packed-bed reactors, melting and solidification of binary alloys,
grain storage and contaminant transport in ground water. Relative to a large volume of published studies on
this phenomenon in pure fluids, the thermosolutal convection in porous media has received only limited
attention (Ingham and Pop 2005, Zhao et al. 2008a, 2008b, Liu et al. 2008). The porous medium
considered here is modeled according to the Darcy-Brinkman formulation, which could account for the
inertia effects and the non-slip boundary conditions on rigid boundaries (Zhao et al. 2008a, 2008b).
Additionally, visualization of the heat and solute transports, using streamlines, heatlines and masslines
(Costa 2006, Zhao et al. 2008a, 2008b, Liu et al. 2008), would be implemented.
Physical model and problem statements
The physical domain under investigation is a two-dimensional fluid-saturated Darcy-Brinkman porous
enclosure (see Fig. 1). The rectangular enclosure is of width W and height H; the Cartesian coordinates (x,
y), with the corresponding velocity components (u, v), are also indicated Three ports of size dT, dR, and dB
respectively are centrally-imposed on the top, bottom and right hand side boundaries of the enclosure. At
these ports ambient fluid could enter the enclosure or enclosed fluid could effuse into the ambient. The left
hand side wall maintains higher and constant temperature and concentration, t1 and s1, while the rest of
cavity walls are insulated and impermeable. The ambient fluid reservoir is maintained at lower temperature
and concentration constants, t0 and s0. Gravity acts in the negative y-direction.
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Figure 1: Physical model and Cartesian coordinates of the present study
The porous matrix is assumed to be uniform and in local thermal and compositional equilibrium with the
saturating fluid. Thermophysical properties are supposed constant. The flow is assumed to be laminar and
incompressible. Viscous dissipation and porous medium inertia are not considered, and the Soret and
Dufour effects are neglected. Density of the saturated fluid mixture is assumed to be uniform over all the
enclosure, an exception is made to the buoyancy term, in which it is taken as a function of both the
temperature t and concentration s through the Boussinesq approximation. By employing the
aforementioned assumptions into the macroscopic conservation equations of mass, momentum, energy and
species, a set of dimensionless governing equations is obtained (Zhao et al. 2008a). These also include
governing parameters (Prandtl number Pr, Darcy number Da, the thermal Rayleigh number Ra, the solutal
to thermal buoyancy ratio N and Lewis number Le). The present problem is simultaneously governed by
additional dimensionless geometry parameters, cavity aspect ratio AR (W/H), and the sizes of the three
openings DT (dT/H) DR (dR/H) and DB (dB/H).
B

B

Boundary conditions, convection visualization and numerical methods
Generally, the boundary conditions of the system shown in Fig. 1 are U=V=0 and ∂T / ∂n = ∂S / ∂n = 0 on
all solid surfaces, while constant temperature and concentration are maintained along the left wall, T = S =
1. The solution of elliptic partial differential equations of natural convection flow in open cavities is found
to be highly sensitive to the boundary conditions at the entry and exit (Chan and Tien 1985). In the present
work, the derivative of tangential velocity is set at zero and the longitudinal velocity is obtained by the
mass balance at the boundary cells. The mass conservation across this enclosure has been overcome by the
efficient solution of pressure correction equations (Patankar 1980).
The overall heat and mass transfer rates across the system are important in engineering applications. It is
appropriate at this stage to define the Nusselt and Sherwood numbers on the plane across the vented ports,
the spatial Nusselt and Sherwood numbers are defined by equations 1,2 and 3.
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Nu R = ∫
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)
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( Le Pr RaUS −
)
dY
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∂X X = AR / 2
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[3]

Streamfunction and streamlines, heat function and heatlines and mass function and masslines are the best
way to respectively visualize the convective fluid flow, heat and mass transports. The heat and mass
functions are evaluated for visualization purposes, once known, the flow, temperature and concentration
fields, they can be obtained using the solution method for conduction-type problems. For relevant
definitions, the reader is directed towards the following references (Costa 2006; Zhao et al. 2008a).
A FVM (Finite Volume method) was used to obtain numerical solutions of the complete governing
equations on a staggered grid system (Patankar 1980). In the course of discretization, the third-order
deferred correction, QUICK scheme and a second-order central difference scheme are implemented for the
convection and diffusion terms respectively. The SIMPLE algorithm was chosen to numerically solve the
governing differential equations in their primitive form. The pressure correction equation is derived from
the continuity equation to enforce the local mass balance (Patankar 1980, Liu et al. 2008).
Results and discussion
Porous medium of low Darcy number
This study is limited to AR = 1, DT = DB = DR = 1/5, Pr = 0.70, Le = 2.0 and Ra = 105. As the Darcy number
is low, typically 10-5, the boundary frictional resistance becomes progressively significant and therefore
adds to the bulk frictional drag induced by the solid matrix to slow the convection motion. This is expected
since, in the limit of Da approaching 0, the Brinkman model reduces to Darcy Law.
The heat-driven flow limit (N = 0) depicted in Fig. 2(a) is first discussed. This means that the temperature
field is coupled to the flow field and not coupled to the concentration field. Entrained ambient fluid at the
bottom port splits, most of it approaching the heated wall, while a small portion proceeds upward through
clockwise recirculation and exhausts at the right hand side port. Heatlines show that the heat along the
heated wall mostly transports in a clockwise direction into the bottom vent. Masslines reveal that the
species has similar transport structure to the heat. As a result, the overall heat and mass transfer rates along
the bottom vent, NuB and ShB, are far higher than those of the other venting sides; this is illustrated in Fig.
6(a).
Figures 2(b) and 2(c) exemplify typical features of aiding double-diffusive flow (N>0). When the
buoyancy ratio is increased above zero, the flow near the heating wall is driven vertically upward, whilst
the low concentration at the left-hand wall causes the fluid in close proximity to it to sink. As expected,
both thermal and solutal buoyancy effects are augmenting each other, thus they simultaneously accelerate
the flow in a clockwise direction. Due to the great frictional drag imposed by the porous matrix, the flow
intensity could not be enhanced. This is demonstrated by the similar flow patterns shown in Fig. 2(b) and
2(c). Correspondingly, the heatlines and masslines also show similar characteristics to the heat transfer
driven flow presented in Fig. 2(a). Consequently, the overall heat and mass transfer rates vary little with
the buoyancy ratio as shown in Fig. 6(a) and 6(c). In particular, the transport rates NuR and ShR increase
little with the buoyancy ratio. However, closely observing the contours shown in Fig. 2, with the increasing
of buoyancy ratio, one notices that more heatlines and masslines effuse from the heated wall cluster to the
top vent, while the function lines toward the bottom vent become sparse and bended. These transports
respectively contribute to the enhancement of transport rates along the top vent and decrease of transport
rates along the bottom vent, with increasing buoyancy ratio.
The typical feature of opposing double-diffusive flow (N < 0) is discussed herein. For the buoyancy ratio N
B

B

B

~ (-1), the thermal and solutal buoyancy forces are of almost equal intensity and counteract each other, the
resulting convective flow tends to be unstable, the results have been intentionally avoided in the present
work. Fig. 3 provides exemplary results for some buoyancy ratios (N = -1.5, -3.0, -5.0). The main
contribution for buoyancy is due to the solutal one, and the fluid near the sink would be driven downward.
The direction of the fluid circulation has been completely reversed and the flow pattern consists of a
secondary cell moving anti-clockwise in the cavity. The top vent and side vent entrain ambient fluid and
sweeps it to the left hand side wall, fluid is exhausted at the bottom port. Due to the fact that the entrained
fluid is of a lower temperature and concentration, heat and solute concentration are visualized by heatlines
and masslines respectively. They are transported directly from the left wall to the top and side vents.
Transport paths from the left wall to top vent are the shortest and the NuT and ShT also are slightly higher
than that on other ports, this is shown in Fig. 6(a) and 6(c). With the decreasing buoyancy ratios (increasing
of absolute values of buoyancy ratio), the boundary layer adjacent to the left wall becomes thinner, which
strengthens the heat and mass transfer rates simultaneously. The convective transport rates on the plane of
the bottom vent, NuB and ShB, increase absolutely due to the strengthened anti-clockwise fluid circulation
transporting more heat and solute to the bottom vent. On the contrary, the transport rates on the top and
side vents decrease with the decreasing buoyancy ratios.
B

B

Porous medium of high Darcy number (102)
As the Darcy number increases from 10-5 to 102, the effect of the viscous forces accounted for in the
Brinkman term on the flow velocity becomes significant. As the permeability of the porous medium Da is
increased, the boundary frictional resistance becomes gradually less important and the fluid circulation
within the enclosure is progressively enhanced. Indeed, increasing the Brinkman term implies that the
balance between the Darcy term and the buoyancy force in the boundary layer is progressively replaced by
the balance between a viscous force and the buoyancy term. The viscous force enhances the velocity at
high Darcy numbers.
For the typical heat transfer driven flow (N = 0) shown in Fig. 4(a), a multicellular flow structure is
observed in the lower half of the cavity. As the buoyancy ratio increases in a positive manner, the
aforementioned trends are aggravated, demonstrated in Figs. 4(b) and 4(c). The streamlines show that the
dynamic boundary layers are thinner for the higher value of Da, and consequently the temperature and
concentration gradients at the walls are larger when the Brinkman term becomes significant. Consequently,
observing from Fig. 6, the heat and mass transfer rates of Da = 102 are greater than that of Da = 10-5.
Additionally, the stratifications of thermal and solute in the centre of the cavity block the heat and solute
transports from the source to the side vent and bottom vent, thus it contributes to the significant increase of
heat and mass transfer on the top vent, which also can be demonstrated by the fact that most of heatlines
and masslines flow towards the top vent.
As the buoyancy ratio becomes negative (N = -1.5, Fig. 5(a)), solute-dominated opposing flow occupies
the whole enclosure, it comprises a primary anti-clockwise vortex, with two secondary anti-clockwise
eddies near two vertical sides. With the decreasing buoyancy ratios, the left secondary eddy gradually
dwindles and cannot be sustained as N<-2.5; on the other hand, the right secondary eddy gradually expands
and shifts towards the right side. This is due to the fact that fluid draft from right side vent promotes with
increasing of absolute values of buoyancy ratio. Correspondingly, transport rates along the right vent
increase till N<-3.0. Below that, the flow patterns vary little. Continuously decreasing buoyancy ratio, the
primary flow increases in flow intensity while not in quantities. Thus, the convective heat and mass
transfer rates on the bottom vent increase greatly in contrast with those on other vent ports.

Conclusions
The obtained heatlines and masslines, for the double diffusive natural convection in porous medium are
shown to be an effective way to visualize the paths followed by heat and solute through enclosures.
As the permeability of the porous medium is decreased, fluid flow, heat and mass transfer tend to be
diffusion dominated. The main contributions from decreasing the Darcy number are predicted to be a flow
retardation effect and a suppression of the overall heat and mass transfer in the enclosure.
When the Darcy number is low, heat and solute are transported to the ambient medium through the bottom
vent when thermal-dominated flow and solute-dominated aiding flow subsist, otherwise, they are mainly
transported towards the top and side vents. Whereas, when the Darcy number is high (limiting to fluid
flow), heat and solute are transported to ambient medium through the top vent when thermal-dominated
flow and solute-dominated aiding flow subsist, otherwise, they are mainly transported towards the bottom
vent. These trends could be intensified as buoyancy ratio increases positively or decreases negatively.
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Figure 5: Streamlines (top), heatlines (middle) and
masslines (bottom) for double diffusive natural
convection with Le = 2.0, Ra = 105 and Da = 102.
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Figure: 6 Nusselt and Sherwood numbers as functions of buoyancy ratio and Darcy numbers.
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ABSTRACT
A chemical heat storage material which can store waste heat at medium-temperature around 200 ∼
300oC was newly developed. The performance of developed material was demonstrated in a thermobalance and packed bed reactor.
A mixed hydroxide material, MgαCo1-α(OH)2, which was mixed with magnesium hydroxide,
Mg(OH)2, and cobalt hydroxide, Co(OH)2, was one of candidates of the heat storage material. The
heat output performance of the material was examined in a thermo-balance and packed bed reactor. It
was demonstrated that the material was capable to store heat around 200~300oC, and to output it over
200oC. It was shown that the material was useful for a chemical heat pump for the mediumtemperature heat utilization.
CHEMICAL HEAT PUMP FOR MEDIUM-TEMPERATURE HEAT STORAGE
Waste heat recoveries from high-temperature processes are well developed for heat at over
400°C by steam and gas turbines, and also at less 100°C by sensible and latent heat storage
technologies. On the other hand, medium-temperature heat at 200 ∼ 300°C has not been utilized well.
Efficient utilization of the medium-temperature heat would be one of important way for an
improvement of energy efficiency of high-temperature processes (METI, 2006). Vehicle is one of
key high-temperature systems. Number of vehicle production is still increasing in the world.
Impact of vehicle usage on carbon dioxide emission is an important subject for global warming
phenomena. Energy conversion efficiency from fuel to driving work in vehicle is only around 20%
in enthalpy-base, and rest 80% of energy is emitted as exhaust heats (Suzuki, 2005).
Although huge efforts have already made for the improvement of engine efficiency for axial
output, the efficiency has already attained at almost mechanical upper-limitation. On the other
hand, vehicle still has a room for energy efficiency improvement by utilization of excess heats
emitted as an exhaust gas from a muffler and a heat exchanged air from a radiator. Heat storage of
the waste heat as a heat at lower than 100°C is possible by using conventional sensible and latent
heat storages, however, from the stand point of heat quality (exergy) recovery, medium-temperature
heat storage would be much more effective. On the other hand, heat storage technologies for the
temperature range are still insufficient.
Thermal battery
Ex. gas

(Surplus heat)
Heat output

Power controller

Engine
work

Axial output
(Surplus work)

Electrical battery
Figure 1: 1 Thermal hybrid vehicle system combined with a heat storage function for heat
recovery from exhaust gas of an engine.
Medium-temperature heat recovery is important for not only vehicle, but also solar power, fuel
cells and high-temperature processes. For heat process in practical use, an influence of instable
thermal operations on a reduction of total energy efficiency is not negligible. For a cogeneration
engine in practical use, a mismatch between heat output from engine and heat demand generates

plenty amount of waste heat to atmosphere. Then, waste heat storage function for mediumtemperature heat becomes important for an efficient operation of high-temperature processes.
Authors proposed a thermal hybrid vehicle system depicted in Fig. 1, which had heat storage function
for heat recovery from exhaust gas of an engine or other high-temperature processes.
Chemical heat pump has possibility to establish the thermal hybrid system by chemical heat storage
of medium-temperature heats. However, there were small candidates which could be operated at
medium-temperature range except magnesium oxide/water (MgO/H2O) chemical heat pump (Kato et
al., 1996).
MgO+ H2O <-> Mg(OH)2

(1)

On the other hand, although MgO/H2O system has high reactivity, the reaction needs relatively
high decomposition (dehydration) temperature of around 350°C. The authors tried to survey chemical
reaction systems for the chemical heat pump thermodynamically. Finally, the authors proposed
mixed hydroxide materials contained with magnesium hydroxide and other hydroxides for mediumtemperature chemical heat pump (Ryu et al., 2007). A mixed hydroxide, MgαCo1-α(OH)2, which was
mixed with magnesium hydroxide, Mg(OH)2, and cobalt hydroxide, Co(OH)2, was one of candidates
of the heat storage materials. Reactivity of the developed mixed hydroxide was studied by using a
thermo-balance and packed bed reactor.
DEFERENTIAL REACTIVITY STUDY USING A THERMO-BALANCE
A material mixed with cobalt hydroxide, Co(OH)2, and Mg(OH)2 in atomic level, MgαCo1-α(OH)2,
was prepared by a precipitate method (Ryu et al., 2007). The key “α“ denotes molar fraction of
magnesium ion to whole metal ions in mixed material.
Deferential reactivity of material was studied by using a thermo-balance (Ryu et al., 2007).
Thermal decomposition curves of the mixed hydroxide material, Mg0.5Co0.5(OH)2, and physical
mixtures of Co(OH)2 - Mg(OH)2 (prepared from authentic powder hydroxides) are shown in Fig. 2
under temperature raising rate of 5°C/min and Argon flow. The ordinate shows mass change during
decompositions. The physical mixture shows two-step decomposition, that is, dehydration, curves
because both hydroxides decomposed independently. On the other hand the mixed material shows
single-step dehydration curve. The result shows that the mixed material forms new phase such as a
solid solution, and has unique chemical thermal property.
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Figure 2: Thermal decomposition (dehydration) curves of a mixed hydroxide of
Mg0.5Co0.5(OH)2 and a physical mixture of Co(OH)2 - Mg(OH)2.
Fig. 3 shows dependency of α on decomposition curve of MgαCo1-α(OH)2. The ordinate, x, shows
reacted fraction and ratio between metal ion in hydroxide and total metal ion. 100% and 0% of x
show fully hydrated and dehydrated states, respectively. The decomposition curves shifted to lowertemperature with decreasing α. The decomposition temperature decreased from 320°C for Mg(OH)2
to less than 200°C for Co(OH)2. The result shows that reduction of decomposition temperature of
Mg(OH)2 is possible by the mixed material methodology, and the material can widen operation heat

storage temperature by changing a mixture ratio between mixed metal oxides in the mixed material.
It showed also that Co(OH)2 enhanced reduction of the decomposition (=heat storage) temperature of
the mixed material. It was expected that the mixed material was possible to realize new mediumtemperature chemical heat pump.
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Figure 3: Dependency of α on thermal decomposition curves of mixed hydroxide of
Mg0.5Co0.5(OH)2.
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Figure 4: Hydration reactivity of mixed hydroxide of Mg0.5Co0.5(OH)2 and simple Mg(OH)2
under the same dehydration and hydration conditions.
Hydration reactivity of simple Mg(OH)2 and Mg0.5Co0.5(OH)2 under the same dehydration and
hydration conditions is shown in Fig. 4 The material at hydroxide states were charged into the
balance in each run and dehydrated (decomposed) at 280°C under Argon flow, and hydrated at 110°C
under vapor pressure of 58 kPa, and dehydrated secondary again at the same condition of the first
dehydration. Mg(OH)2 was hardly decomposed at 280°C and small amount of MgO was generated,
then, amount of reacted fraction at hydration, Δxh, was 3%. It was shown that pure Mg(OH)2 was not
applicable for heat pump material at 280°C. Pure Co(OH)2 shown larger reactivity of Δxh =16%.
On the other hand, Mg0.5Co0.5(OH)2 was dehydrated well at 280°C and mixed metal oxide, generated
well, then, amount of reacted fraction at hydration, Δxh, reached to 43%. The mixture process
enhances the reactivity higher than each pure material. CoO enhances hydration reactivity of MgO in
the mixed material. It was demonstrated that Mg0.5Co0.5(OH)2 was applicable for heat storage
operation in chemical heat pump at around 280°C.
INTEGRAL REACTIVITY STUDY USING A PACKED BED REACTOR

Integral reactivity of the mixed material, Mg0.5Co0.5(OH)2, was studied by using a packed bed reactor.
Hydration reactivity under higher vapor pressures, at which the thermo-balance was not able to
measure the reactivity, was studied mainly. High-pressure measurement for pure Mg(OH)2 had been
already measured (Kato, et al, 2004). However the discussion for the mixed material had not been
discussed. The experimental apparatus consists of the packed bed reactor and a water reservoir. The
reactor made from SUS304 steel has an inner diameter of 11.6 mm and a length of 100 mm. Reactant
of Mg0.5Co0.5(OH)2 of 10.0 g was charged into the reactor. The bed temperature, Tb, was monitored
by a thermocouple set in the middle point of the bed. The hydroxide material, Mg0.5Co0.5(OH)2, was
dehydrated at 330°C by joule heating using a surrounded ribbon heater. From previous thermobalance study, it was shown that the dehydration proceeded at around 280°C, however, to secure
completion of the dehydration the reactant was dehydrated at the temperature. The bed cooled down
to a hydration initial bed temperature after dehydration process. The initial bed temperature was set
at 40oC higher than saturated vapor temperature for the hydration. When bed attained a stable state at
the initial temperature, the joule heating was turned off and water vapor at targeted pressure was
supplied into the reactor, then the change of bed temperature, Tb, was monitored during hydration
period.
Dependency of hydration pressure on bed temperature profile is shown in Fig. 5. Vapor pressures
of 57.8, 198, 618 kPa were introduced into the reactor in this study. Under a vapor pressure of 618
kPa, corresponding to vapor saturation temperature of 160°C, bed temperature attained to 245°C, and
the temperature decreased gradually, and was mitigated at 210°C. It was prospected that vapor
physical adsorption on the material proceeds mainly and bed temperature raised rapidly in the
beginning of hydration operation, then, that the exothermic hydration proceeded in the temperature
range after the adsorption.
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Figure 5: Dependency of hydration pressure on bed temperature profile for Mg0.5Co0.5(OH)2.
The same temperature profile was observed at a pressure of 198 kPa. Exothermic heat output at
hydration kept the bed temperature at around 155°C. At a pressure of 57.8 kPa, the temperature
mitigation by hydration was also observed at around 128°C, although the mitigation time was
relatively short. It was shown that the exothermic hydration proceeded in the temperature range.
From the stand point of chemical heat pump, the material was capable to be decomposed by storing
hear around less 300°C and to output heat around up to 240°C by exothermic hydration under
conditions in Fig. 5. Mitigated temperatures were assumed as reaction equilibrium temperatures at
each reaction vapor pressure. The relationship of the reaction equilibrium temperatures between
Mg0.5Co0.5(OH)2 and the reaction equilibriums of both pure materials of Mg(OH)2 and Co(OH)2
(Chemical Society of Japan, 2004) is shown in Fig. 6. The equilibrium temperatures of
Mg0.5Co0.5(OH)2 are located between both pure hydroxides. The heat output temperature was
expected to be raised up higher by elevating vapor pressure in hydration mode, also by increasing of
α. The material showed new thermal possibility of chemical heat pump for medium-temperature.
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Figure 6: Measured reaction equilibrium temperature of Mg0.5Co0.5(OH)2 and both pure
materials of Mg(OH)2 and Co(OH)2.
CONCLUSIONS
MgαCo1-α(OH)2 which was mixture of magnesium hydroxide, Mg(OH)2, and cobalt hydroxide,
Co(OH)2, was one of candidates of the mixed materials for storage of heat at midium temperature. It
was demonstrated that the chemical mixed materials was capable to store and output heat around 200300oC at which pure Mg(OH)2, could not be dehydrated, that is, not store the heat. The material can
widen operation heat storage temperature by changing a mixture ratio between mixed metal oxides in
the mixed chemical material. The heat output performance of material was demonstrated in a packed
bed reactor. It was shown that the material methodology had possibility to widen mediumtemperature heat utilization by chemical heat pump, and to realize the hybrid system combined with a
medium-temperature chemical heat pump and a high-temperature process for efficient primary
energy use.
NOMENCLATURE
PO standard pressure, Pa
PH2O water vapor pressure of reaction, Pa
R gas constant, J/(mol. K)
T temperature, K
th hydration time, min
x reacted fraction, α
ΔG
ΔS
Δxh

molar fraction of magnesium ion to whole metal ion in mixed material.
Gibb’s free energy change of a reaction, J/mol
entropy change of a reaction, J/(mol.K)
amount of reacted fraction at hydration,

Subscripts
b packed reactor bed
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