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PREFACE
The Heat Powered Cycles conference aims to bring together scientist and
engineers, working on a wide range of topics, to exchange ideas and, through
collaboration, encourage the practical and efficient use of thermal energy. This
2016 conference is the seventh event in the series since the first event 1997, also
held at Nottingham University. So far this is probably the most successful HPC
event in terms of the diverse range technologies covered.
The articles contained herein are aimed at the practical and efficient use of both
renewable thermal energy and those sources often termed low-grade heat. Several
articles are concerned with interesting ideas on poly-generation systems but in the
main they describe research into the main elements or component parts of
combined or total energy systems. These include articles describing the most
recent research into ideas of thermal energy storage, sorption processes and novel
cycles, transport processes, ejectors and jet-pump refrigerators, heat driven
desalination systems and work producing engine cycles, such as ORCs and Stirling
cycle machines, are included. It is therefore with pleasure that we offer this book
of articles presented at the 2016 Heat Powered Cycles conference to be held at
Nottingham University (UK) between the 27th and 29th June 2016. This particular
conference was organised in collaboration with the 2016 International Heat
Transfer Symposium which was presented concurrently at Nottingham University.
This time the Conference was hosted by Professor Yuying Yan’s Fluids and
Thermal Engineering Research Group at Nottingham University.
We would like to thank all the participating authors for their interest in the
conference and for their permissions to publish their research in this book. We are
indebted to our scientific and advisory panel members for their useful and
constructive advice throughout and for their careful review of the papers. We also
wish to thanks Dr David Hann and Katie Mitchell for their tireless effort, patience
and the skill with which they organised the conference.
Finally, we wish to thank Nottingham University for providing a wonderful venue
for our 2016 Heat Powered Cycles conference.
Ian W Eames
Yuying Yan
Michael J. Tierney
21st May 2016
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ABSTR
RACT
This papper reports on
o a study of the modellling and anaalysis of an integrated 1 MW (electrrical output))
multi-geeneration sysstem energizzed by solar energy. Thee output of a system thaat comprisess a parabolicc
trough ccollector (PT
TC), an organic Rankinne cycle (OR
RC), Multi-eeffect desaliination (ME
ED), Heatingg
process (HP), Spacee heating (SH
H), and Singgle effect LiiBr-H2O abssorption chilller (SEAC) is electricall
power, ddistilled watter, hot wateer, space heeating, and refrigerant
r
lo
oad. The abssorption chiiller, heatingg
process, space heatinng, and the desalination
d
uunit utilize th
he waste heat from the stteam turbine in the ORC..
Single ggeneration only,
o
co-generation, tri-ggeneration and
a
poly-gen
neration systtems were modelled inn
stages too create the multi-genera
m
ation system and investig
gated thermo
odynamicallyy. The modeelling, whichh
includes an exergetiic analysis, focuses on tthe performance of the solar multi--generation system. Thee
multi-geeneration sysstem was able to producee 22 m3/h off space heatin
ng at 45ºC, 113.5 m3/h of hot water att
3
60ºC, 899 m /h distilleed water and
d 457 kJ/s reffrigerant load
d.
Keyworrds: Absorptiion Chiller; Desalination
D
; Exergy; Mu
ulti-generatio
on; ORC; Soolar.

INTROD
DUCTION
Solar ennergy is onee of the mosst attractive sources of sustainable energy (Choopra and Daas 1983). Inn
isolated areas, it maay be cheapeer to use solaar systems rather than fu
uel storage ffacilities or nearby
n
retaill
sources. Technologiees such as th
he Organic R
Rankine Cyccle (ORC), Multi
M
Effect D
Desalination
n (MED) andd
the Single Effect Absorption Chiiller (SEAC)) are typical examples
e
of new energy conversion technologies
t
s
from low
w grade therm
mal source. These technoologies can work
w
individ
dually to prooduce useful energy suchh
as power, cooling annd heating or
o together inn one system
m to producee multiple usseful energiees. The ORC
C
can be uused to produuce electricall power. Dessalination plaant can replaace the ORC condenser to extract thee
heat losss exiting froom the turbiine to produuce drinking water increeasing the thhermal efficiiency of thee
system aand saving thhe plant cost of the condeenser. This ty
ype of system
m will simulttaneously pro
oduce powerr
and distiilled water and
a can be called
c
co-genneration. Heeat exchangers can also bbe coupled with the co-generatioon system too extract morre heat for ddomestic hot water. This system can be called trii-generation..
Adding cooling techhnology prod
duces a refriggerant load for
f a poly-generation systtem. Because waste heatt
remains available inn the system, a further heeat exchangeer can be connected to ccreate a multti-generationn
system pproducing sppace heating, as shown inn Figure 1. Itt is obvious from
f
the literrature that th
here is a lackk
of reseaarch investiggating the po
ossibility off coupling single
s
effect LiBr-H2O absorption chiller, heatt
exchangers, and muulti effect deesalination w
with a solarr organic Raankine cyclee for a multti-generationn
system. Therefore, the
t aim of th
his study is tto model a multi-genera
m
ation system energized by
b solar heatt
s
(Maanual 1996).
from a pparabolic trouugh collectorrs (PTC) usinng IPSEpro software

Fig
g. 1 Scheme of the propo
osed configu
uration
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SYSTEM DESCRIPTION
The analysis was carried out at steady state conditions. The integration of a parabolic trough collector
with the multi-generation system was modeled as shown in Figure 2. The solar field considered in this
model comprises 152 single axis tracking aligned on a north-south line collectors. The heat transfer oil in
the absorber tube for the collectors and the thermal storage was Therminol VP-1 (Dudley VE 1994) and
cyclopentane was used as the refrigerant in the ORC (Ginosar, Petkovic et al. 2011, Pierobon, Nguyen et
al. 2013, Pasetti, Invernizzi et al. 2014). Water was the working fluid and LiBr-H2O the absorbent in the
single absorption chiller used to produce the cooling load and the desalination is used to produce fresh
water from seawater. The system is able to work during the night using energy stored in the thermal
storage. During the winter season period of low solar radiation, the system can be connected with a
biomass backup burner to avoid intermittent production.
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Figure 2. The solar multi-generation IPSEpro model.
This analysis was carried out for Derna, Libya, for Direct Normal Irradiance (DNI) 810 W/m2 (Morad
2014) with an ambient temperature of 25 and. In Libya there are about 3200 hour per year of average
hours of solar brightness, and 6 kWh per square meter per day of average solar radiation, encouraging
solar energy projects in Libya (Mohamed, Al-Habaibeh et al. 2013). The PTC model contains collectors
of type LS-2 and with an optical efficiency of 0.76 (Price, Lüpfert et al. 2002). An aperture of 5 m and a
length of 49 m were the design parameters used for each collector. It is assumed that the fluid enters the
collector at a temperature of 298 ºC and the outlet collector fluid temperature 393 ºC (Baghernejad and
Yaghoubi 2010). The mass flow rate of the fluid was found to be 98.9 kg/s. The sea water temperature

was 27 ºC. It is helpful if the seawater temperature is higher than the ambient temperature (Al-Weshahi,
Anderson et al. 2014).
THERMAL ANALYSIS
For any system, the total inlet and outlet exergy ( E ) can be calculated as a summation of chemical
exergy ( E ch ), physical exergy ( E ph ), potential exergy ( E po ), and kinetic exergy ( E ke ) (Bejan 1996):
[1]
E x  E x  E x  E x  E x
ch

ph

po

ke

The specific chemical exergy can be written as:
e ch 

x

k

.e k , ch 0  R  T0  x k  ln  . x k

[2]

where x k , ek ,ch 0 and  are the component concentration, the standard chemical exergy of component k
and the component’s chemical potential coefficient (Pechtl, Dieleman et al. 2003). If there is no change in
the fluid composition the term for chemical exergy rate can be neglected (Misra, Sahoo et al. 2003). The
potential and kinetic exergy rates are neglected due to the assumption that the elevations of the
environment and the stream are similar, and there are similar velocity gradients. For stream (i ) , the
specific physical exergy can be expressed as:
e ph  ( hi  h 0 )  T 0 ( s i  s 0 )

[3]

where hi and s i are the specific enthalpy (kJ/kg.K), and specific entropy (kJ/kg) respectively. T 0 , h 0
and s 0 are temperature, specific enthalpy, and the specific entropy of the stream at the dead state. The
resources needed to produce the energy are represented by the fuel used such as geothermal, wind, or
solar energy. For the solar collector subsystem, the exergy received is:

T
E x i  A * I * 1  (1 / 3) *  a

 Ts

4


T
  ( 4 / 3 ) *  a

 Ts


 
 

[4]

where T s  6000 K is the sun temperature (Petela 2005).
The desired output of this system is represented by the product, which can be expressed in terms of the
exergy of the fuel and the system loss. The product heat exergy and work exergy rates can be expressed
as:
T
[5]
E x heat  Q * (1  0 )
T

E x work  W

[6]

The exergy destruction can be obtained from(Lozano and Valero 1993):
[7]
Ex F  Ex P  Ex D  Ex L
where Ex F , Ex P , Ex D and Ex L denote fuel exergy, product exergy, exergy destruction, and exergy loss.
It can be implemented the thermodynamic analysis with using exergetic parameters (Xiang, Cali et al.
2004) listed in Table 1.
Table 1. Exergetic parameters in thermodynamic analysis
Parameters

Equation of definition

Parameters

Improvement potential

IPk  (1   k ) * ( E xin  E x out ) k

Exergy efficiency

Exergetic factor

fk 

E F , k
E

Relative irreversibility

k

D ,T

E x

Productivity lack

 k   D ,k
E x P ,T

Fuel depletion ratio

 k   D ,k
E x F ,T

F ,T

E x D , k

E x

Equation of definition
Ex P
 
Ex F

E x

RESULTS AND DISCUSION
As numbered in Figure 2, mass flow rate, temperature, pressure, enthalpy, entropy, salinity, and LiBr
concentration are calculated with the exergy rate for each point. The exergy destruction analysis for the

solar muulti-generatioon system iss illustrated in Figure. 3. The PTC
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Figure 3. The exerg
gy destructiion rates of a solar multti-generationn componen
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The exeergy destrucction as welll as the fuuel exergy, production
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exergy,
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he exergeticc
efficienccy of the system is 38 %, which meaans that the loss in exergy
y that is not utilized in the
t system iss
62 %. Thhe largest souurce of the exergy
e
destruuction in the solar multi-g
generation syystem is the PTC,
P
at 8.522
MW. Thhis is becausee of the high quality of thhe solar energy which heats the fluid at low tempeerature. Thiss
leads to the creation of significan
nt irreversibiility between
n hugely diffferent temperratures. The high exergyy
destructiion in the PTC,
P
evaporrator, and efffects leads to the systtem being leess efficientt. Therefore,,
improvement efforts need to con
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onents to incrrease exergyy efficiency and
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exergy ddestruction. The
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rator, at 4.26 MW, whichh
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nd friction. T
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n and the los ses in the turbine. Regarrding the abssorption chilller, the mainn
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e
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W. This is due to the temperaturee
differencce between the desorbeer and the hheat source from the ORC (Talbi aand Agnew 2000). Thee
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t system o ccurs at smaall quantities in the remain
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Table 2. Caalculated theermodynam
C
Component

Fuel Ex
xergy
MW)
Ex F (M

Prod
duction Exerg
gy
Ex P (MW)

Exergy
y Destruction
Exx D (MW)

Exergeticc Efficiency
 (%)

Turrbine (ORC)
Evapporator (ORC)
Puump (ORC)
PTC
Colllector pump
Desoorber (SEAC)
Conddenser (SEAC))
Evapoorator (SEAC))
Absoorber (SEAC)
Heat Exxchanger (SEA
AC)
Heat eexchanger (HP
P)
Heat eexchanger (SH
H)
Seawatter Pump (MED
D)
Efffects (MED)
Conddenser (MED)
Brinee pump (MED))
Producct pump (MED
D)

3.56
11.7
0.50
27.4
0.03
1.06
0.04
0.07
0.11
0.05
0.30
0.24
0.03
2.54
0.31
0.03
0.01

2.65
7.49
0.21
11.7
0.02
0.18
0.03
0.04
0.06
0.04
0.06
0.03
0.02
0.66
0.14
0.02
0.00

0.91
4.26
0.29
8.52
0.01
0.88
0.01
0.03
0.04
0.01
0.24
0.20
0.01
1.88
0.17
0.01
0.00

74.5
63.7
42.5
42.8
64.8
16.9
67.5
58.9
60.6
83.2
20.0
14.3
60.7
26.1
45.8
61.3
62.8

Minimize the exergy destruction led to maximize the improvement in the exergy efficiency in the
components. It can be express this improvement economically by used the improvement potential factor.
Figure 4 illustrate the values of the exergy destruction in each components as well as the improvement
potential which proportional each other. Therefore, it can be take proper economic decision to improve
the component through know the real quantity of the improvement possibility. This, lead to improve the
performance of the system thermodynamically with minimum efforts. For example it can be saved
4.88MW of the exergy in the PTC while only 1.54MW of exergy can be saved in the Rankine evaporator.
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Figure 4. Exergy destruction and improvement potential for solar multi-generation components
Exergetic parameters for each components of the solar multi-generation system such as the exergetic
factor, improvement potential, relative irreversibility, fuel depletion rate, and productivity lack are used to
assess the performance of the system with the results are shown in Table 3. High values of relative
irreversibility lies in the PTC, Evaporator, Effects, Turbine and Desorber. Mainly this is because the high
values of the exergy destruction in these components, except for the desorber, which has a low exergetic
efficiency.
Table 3. Results of solar multi-generation subsystem exergy analysis.
Component

Fuel Depletion
rate  k (%)

Exergetic
Factor f k (%)

Productivity
Lack  k (%)

Improvement
Potential IP k (MW)

Relative Irreve‐
rsibility  k (%)

Turbine (ORC)
Evaporator (ORC)
Pump (ORC)
PTC
Collector pump
Desorber (SEAC)
Condenser (SEAC)
Evaporator (SEAC)
Absorber (SEAC)
Heat Exchanger (SEAC)
Heat exchanger (HP)
Heat exchanger (SH)
Seawater Pump (MED)
Effects (MED)
Condenser (MED)
Brine pump (MED)
Product pump (MED)

1.89
8.86
0.59
17.7
0.02
1.83
0.03
0.06
0.09
0.02
0.50
0.42
0.03
3.91
0.35
0.03
0.00

7.41
24.4
1.03
57.1
0.06
2.20
0.09
0.14
0.22
0.11
0.63
0.49
0.07
5.29
0.65
0.07
0.01

3.88
18.2
1.22
36.4
0.04
3.75
0.06
0.12
0.18
0.04
1.03
0.87
0.06
8.02
0.73
0.06
0.01

0.23
1.54
0.16
4.88
0.00
0.73
0.00
0.01
0.02
0.00
0.19
0.17
0.01
1.39
0.09
0.01
0.00

5.20
24.4
1.63
48.7
0.06
5.02
0.08
0.16
0.24
0.05
1.38
1.16
0.07
10.7
0.97
0.08
0.01

Measure the ratio of the exergy destruction in the component to the total exergy input to the system is
called fuel depletion. This exergetic parameter proportional with the productivity lack which measure as

the ratioo of the exerggy destructio
on in the com
mponent to the total exerrgy output off the system
m. For clearerr
understaanding for thhe destruction in the sysstem both off these param
meters for thhe main com
mponents aree
demonsttrated in Fig.. 5. It can be seen from th
this figure th
he fuel deplettion and the pproductivity
y lack are thee
largest in the PTC model
m
follow
wed by the ORC, MED
D, SEAC, HP
P, and SH m
models. The temperaturee
differencce between these
t
models together ass well as wiith their surrrounding is tthe main reaason for thiss
losses. T
This difference reach to more
m
than 50000k betweeen the PTC and
a the surroounding. Mo
oreover, usedd
six diffeerent workingg fluids increease the irrevversibility beetween the system compponents. For example thee
H2O to transsfer the heatt
SEAC uused the cycllopentane, lithium bromiide, water an
nd mixture of
o the LiBr-H
between their compoonents.
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Figure 6 presents thee effect of th
he turbine inllet pressure on
o the therm
mal efficiencyy of the multti-generationn
system. T
The maximuum value for pressure varrying is at th
he critical preessure for thee cyclopentaane. It can bee
noticed tthat the effecct of varying pressure is nnegligible on
n the thermall efficiency ffor most com
mbination butt
there is a notable chhange for thee multi-generration system
m which incrreased from 32 % at 15 bar to aboutt
37% barr 33 bar then decreased to
o 34% at 40 bbar.
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CONCL
LUSION
In this paper, modellling and exerrgetic analyssis of a solar multi-generaation system
m has been caarried out forr
Libyan w
weather condditions. The multi-genera
ration cycles modelled ussing IPSEproo were valid
dated againstt
experimeental data (C
Carrier-Sanyo 2005, Pow
wer 2007, Baaghernejad and
a Yaghoubbi 2010, Wan
ng, Christ ett

al. 2011). The simulation results of multi-generation system obtained were used to perform the exergy
analysis of the system. The results revealed that, the exergy analyses collector was the main contributor to
the losses, with 49 % for exergy losses. Exergetic parameters such as the fuel depletion rate, exergetic
factor, productivity lack, improvement potential, relative irreversibility, and exergetic efficiency were
used to evaluate the solar multi-generation system thermodynamically. Moreover, the exergy destruction
was quantified and identified in Table 2 and Figure 3, respectively. The conclusions that can be drawn are
as follows:





The highest exergy destruction value at the PTC leads to the improvement potential in terms of
effectiveness. Consequently, the PTC has the highest fuel depletion value, which is directly
proportional to productivity lack.
The highest exergy destruction values for the PTC, evaporator, and effects in the solar multigeneration system mean that these components need to be improved.
The optimum value for inlet turbine pressure is 33.3 bar for this multi-generation case.
The exergy efficiency of the solar multi-generation system is 38 % and for this specific system,
the ORC, single absorption chiller, space heating, heating process, and multi effect desalination
were able to produce 1 MW of electrical power, 457 kJ/s refrigerant load, 22 m3/h of space
heating at 45ºC, 13.5 m3/h of hot water at 60ºC, and 89 m3/h distilled water.

REFERENCES
Al-Weshahi, M. A., A. Anderson and G. Tian (2014). "Organic Rankine Cycle recovering stage heat from
MSF desalination distillate water." Applied Energy 130: 738-747.
Baghernejad, A. and M. Yaghoubi (2010). "Exergy analysis of an integrated solar combined cycle
system." Renewable Energy 35(10): 2157-2164.
Bejan, A., Tsatsaronis, G, Moran, M. (1996). Thermal design and optimization. New York, Wiley.
Carrier-Sanyo (2005). Specification of Falun absorption chiller. Carrier-Sanyo. China.
Chopra, K. L. and S. R. Das (1983). Why Thin Film Solar Cells?, Springer.
Dudley VE, k. g. j., Slon M, Kearney D. (1994). "Test results SEGS LS-2 solar collector." Sandia
National Laboratories
Ginosar, D. M., L. M. Petkovic and D. P. Guillen (2011). "Thermal stability of cyclopentane as an
organic Rankine cycle working fluid." Energy & Fuels 25(9): 4138-4144.
Lozano, M. A. and A. Valero (1993). "Theory of the exergetic cost." Energy 18(9): 939-960.
Manual, S. (1996). IPSEpro Process Simulation Environment, Version.
Misra, R. D., P. K. Sahoo, S. Sahoo and A. Gupta (2003). "Thermoeconomic optimization of a single
effect water/LiBr vapour absorption refrigeration system." International Journal of Refrigeration 26(2):
158-169.
Mohamed, A. M. A., A. Al-Habaibeh and H. Abdo (2013). "An investigation into the current utilisation
and prospective of renewable energy resources and technologies in Libya." Renewable energy 50: 732740.
Morad, Y. A. a. K. (2014). "Thermal Performance Improvement of Derna Electric Power Station (unit5)
Using Solar Energy." Journal of Sustainable Development 7: 60-71.
Pasetti, M., C. M. Invernizzi and P. Iora (2014). "Thermal stability of working fluids for organic Rankine
cycles: An improved survey method and experimental results for cyclopentane, isopentane and n-butane."
Applied Thermal Engineering 73(1): 764-774.
Pechtl, P., M. Dieleman, M. Posch, B. Davari, M. Erbes and S. Schneeberger (2003). "Integrated Thermal
Power and Desalination Plant Optimization." General Electric Energy Services, Optimization Software.
PowerGen Middle East.
Petela, R. (2005). "Exergy analysis of the solar cylindrical-parabolic cooker." Solar Energy 79(3): 221233.
Pierobon, L., T.-V. Nguyen, U. Larsen, F. Haglind and B. Elmegaard (2013). "Multi-objective
optimization of organic Rankine cycles for waste heat recovery: Application in an offshore platform."
Energy 58(0): 538-549.
Power, A. E. A. C. (2007). 400 kw geothermal power plant at Chena hot springs Alaska.
Price, H., E. Lüpfert, D. Kearney, E. Zarza, G. Cohen, R. Gee and R. Mahoney (2002). "Advances in
Parabolic Trough Solar Power Technology." Journal of Solar Energy Engineering 124(2): 109-125.

Talbi, M. M. and B. Agnew (2000). "Exergy analysis: an absorption refrigerator using lithium bromide
and water as the working fluids." Applied Thermal Engineering 20(7): 619-630.
Wang, X., A. Christ, K. Regenauer-Lieb, K. Hooman and H. T. Chua (2011). "Low grade heat driven
multi-effect distillation technology." International Journal of Heat and Mass Transfer 54(25–26): 54975503.
Xiang, J. Y., M. Cali and M. Santarelli (2004). "Calculation for physical and chemical exergy of flows in
systems elaborating mixed‐phase flows and a case study in an IRSOFC plant." International Journal of
Energy Research 28(2): 101-115.

A COMPARISON BETWEEN SINGLE EFFECT DESALINATION AND SINGLE
REVERSE OSMOSIS DESALINATION PLANTS USING BRACKISH WATER
WADDAN CITY - LIBYA
Nuri M. Eshoul1, 2, Brian Agnew1 and Alexander Anderson1
1

School of Mechanical and Systems Engineering, Newcastle University, Newcastle upon Tyne UK
2 The

Higher Institute of Industrial Technology Engila, Tripoli - Libya
n.m.m.eshoul1@ncl.ac.uk

Abstract
This study will investigate the exergy, power consumption and economic analysis of two desalination plant
techniques in Waddan City in Libya to find the optimal selection of desalination technique can be used in
this area, where the source of brackish water is available. Organic Rankine Cycle was used to provide
electrical power to single effect desalination plant and single pass reverse osmosis. The results showed that
as the feed water temperature increased the exergy efficiency of both techniques increased where the reverse
osmosis is higher than single effect by about 95%, the specific power consumption of Single-reverse
osmosis is lower than single effect by about 50%. Also the economic analysis showed that single effect
desalination life water cost is higher than single-pass reverse osmosis by about 38%, where the payback
period dependent on the water selling price and the single pass reverse osmosis has lower payback period.
Keywords: RO desalination, exergy efficiency, power consumption, SED desalination
Nomenclature
BWRO

brackish water reverse osmosis

GOR

Gain output ratio

MED

Multi effect desalination

MSF

Multi Stage flashing desalination

PX

Pressure exchanger

RO

Reverse osmosis

SED

Single effect desalination

SWRO

Seawater reverse osmosis

TCC

Total capital cost

PBP

payback period

INTRODUCTION
Water scarcity has become a challenging problem for countries such as Libya in arid and semi-arid regions,
where desalination plants have become the main source of potable industry and irrigation water, in a context
of decreasing water resources coupled with population growth. The cost of desalination plants are
controlled by their location and plant scale. Many researches have been focused on economic analysis,
where the energy consumption is known as one of the main parameters affecting the choice of selecting the
desalination plant [1].
In this study Waddan City in Libya is chosen as a case study where a source of geothermal brackish water
is available. Two different desalination technologies are compared: Single Effect Desalination (SED) and
Reverse Osmosis (RO). The comparison will focus on exergy efficiency and power consumption cost with
an economic analysis to find the appropriate desalination technique for this location. SED is a thermally
driven desalination process, separating salt from water by a process of evaporation and condensation
powered by hot geothermal water to evaporate the brackish water. One-pass Reverse Osmosis (ORO) is an
electrically driven membrane process in which the water diffuses through a semi-permeable membrane
against the osmotic pressure.
Background
The working principle of RO desalination depends on separating the solvent (pure water) from the solute
(salts) by exploiting pressure to make the solvent flow in the opposite direction to the osmosis, leaving the
solute on the high pressure side of a semi permeable membrane. Unlike thermal desalination techniques,
RO feed water should be passed through a pre-filtration system to remove suspended solids from the
brackish water before it reaches the membrane, which does not have mechanical filtration capabilities. A
high pressure pump is used to increase the filtered brackish water pressure up to 65 bar to facilitate the

separation of salts from the water [1, 2] RO desalination is popular among fresh water supply companies
due to lower start up and delivery time, lower environmental impact, easier operation and maintenance,
lower capital and operating costs, and a drop in energy consumption due to the latest energy recovery
devices. Due to limitations such as polarization, membrane fouling and hydraulic resistance to flow, energy
recovery reduces energy consumption and economic costs [1]. Thermal desalination technologies depend
on heating, evaporating and condensation for fresh water production. Recently Multi-Effect Desalination
(MED) has improved lending to better Gain Output Ratio (GOR) than the widely used Multi-Stage Flash
(MSF).
The IPSEpro software package was used in this study to build the two desalination models (SED Fig.1 and
RO Fig. 2). Both techniques were validated against actual data with good agreement between the model
result and actual data [1, 3]. A parametric study investigating variations in feed water temperature, water
salinity and the operation load for the case study of Waddan City [4].

Figure 1: Single effect desalination model

Figure 2: Single pass RO model

II. Methodology
Exergy is defined as the maximum obtainable useful work when a stream is moved from its initial
state to the dead state at the temperature T0 and pressure P0 of the environment [5-8]. Exergy
efficiency can be defined as the ratio of network output to fuel exergy and the thermal system.
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The overall exergy efficiency is defined as the ratio of the minimum separation work required to the total
input exergy [7, 9, 10]:
 

W min
E input

(4)

Where Wmin is defined as “the residual exergy when they move to the date state at (P0, T0)” [10].
The specific power consumption was calculated based on electrical power consumption per m3.
RESULTS AND DISCUSSION
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Figures 3 and 4 show the effect of feed water temperature on exergy efficiency and specific power
consumption for RO and SED. The exergy efficiency increased with feed water temperature for both
techniques ( membrane pore size increased and the feed water passes more easily for RO, whereas for SED
exergy destruction decrease and evaporated steam increased the minimum separation work). The specific
power consumption declined by about 1.7% for RO and only 1% for SED with every 5°C temperature
increase. RO specific power consumption is lower than SED by about 50%.

Figure 4: Effect of feed temperature on exergy efficiency
and specific power consumption for SED

Raising the feed water salinity exergy efficiency increased with feed water salinity for SED (Figures 5) due
to increase in the inlet enthalpy (Al-Washahi, 2014) where the specific power consumption almost
constant. Also in RO both the exergy efficiency and specific power consumption increase as shown in
(figure 6) due osmatic pressure increase, the exergy efficiency of SED is lower than exergy efficiency of
RO because of high exergy in to the SED. However this does not favour high saline water because corrosion
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Figure 6: Effect of feed water salinity on exergy
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will affect the membrane and pipes at RO desalination plants. The exergy efficiency and specific power
consumption are almost constant with product load changes as seen in Figures 7 and 8 for both techniques.
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Table 1 compares RO and SED at feed water temperature 25 °C. The feed mass flow rate rejected mass
flow and of RO is less than for SED, because RO is a membrane process with no brine rejected. The exergy
efficiency of SED is very significantly lower than RO.
Table 1: A comparison between RO and SED plants at feed water temperature 25 °C for 306 m3/h
product
3

Feed mass flow rate (m /h)
power consumption (kW)
Reject mass (m3/h)
Product (m3/h)
Brine (m3/h)
Exergy efficiency (%)

RO
680
538
373
306
0.000
0.570

SED
6960
1070
6620
306
283
0.001

ECONOMY ANALYSIS
In Libya electricity price is about $0.037/kWh (Al-Hengari et al, 2007). The Total Capital Cost (TCC) of
SED includes direct costs (the major and auxiliary equipment, site development, land building costs) and
indirect (freight, construction overhead, contingency, amortization of the capital) (Alsfour et al, 2003). The
TCC of RO is focused on the major RO plant components such as seawater intake and pre-treatments,
membrane, pressure exchanger (PX), high pressure pump. The estimations for all these used to calculate
the product cost is based on reference (El-Emam, R. S and Dincer I, 2014).
Single-pass RO plant TCC is about $ 2.49 million where as that of SED about $8.56 million which is about
70% higher than RO. The product cost for RO and SED are about $ 0.22/m3 and $0.70/m3, respectively for
an estimated life time for both techniques of 20 years.

Payback period (PBP)

payback period (year)

The payback period can be defined as the time required to receive the TCC, in this case study the potable
water selling price variation was investigated to calculate its influence on the economic feasibility. The
selling potable water price was made from $0.5/m3 to $2.0/m3 as shown in (figure. 9) as can be seen that
as the potable water selling price increase the payback period decrease where the TCC of RO can be
returned within two years when the water selling price is only 0.5/m3 and the SED needs seven years and
the payback of RO and SED needs only about six and 20 months when the selling price is $2.0/m3
respectively.
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Figure 9: Effect of the potable water selling price versus PBP.

CONCLUSION
Two different desalination techniques were investigated to find the optimal technique for producing fresh
water in Waddan City, Libya from brackish water’ The effect of variation in feed water temperature, salinity
and plant load on exergy efficiency and specific power consumption were studied. As the feed water
temperature increased the exergy efficiency increased and specific power consumption reduced for RO and
increased for SED. The effect of feed water salinity on power consumption showed that as the feed salinity
increased the specific power consumption of RO declined and SED rose, whereas the exergy efficiency and
specific power consumption almost remain constant with change in product load changed. The economic
analysis showed that RO has both less TTC and product life cost in particular case and the payback period
decrease with increase the potable water sealing price.
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ABSTRACT
A validated model was used to assess 15 working fluids taken from different chemical classes such as,
HFC, HCFC, HC and mixture for geothermal organic Rankine cycle (ORC) power system. Different
selection criteria were used to evaluate these fluids as follows: safety, environment, refrigerant pump
power consumption, net produced power, thermal efficiency, and evaporating and condensing pressure.
Based on the selection criteria for the given ORC operating conditions, the best refrigerants found are
R227ea and R236ea. Although some refrigerants showed good thermal performance, however, they did
not meet the selection criteria such as R142b, R124, R245ca, R600a and R717.
Keywords: Refrigerants, Geothermal, Selection Criteria, ORC.
NOMENCLATURE
ODP
Ozone depletion potential
GWP
Global warming potential
P
Pressure
P1
Evaporator outlet pressure
P3
Condenser outlet pressure
Pc
Critical pressure
NTU
Number of transfer units
ṁ / ṁA
Mass flow rate
Ẇ
Electrical power
T
Temperature
Hot water source temperature
TA
Tc

Critical temperature

UA

Heat transfer conductance
Evaporator heat transfer rate

ΔP

bar
bar
bar
bar
kg/s
kW
o
C
o
C
o

C
kW/m2
kW

Difference between inlet and outlet turbine Pressure

bar

1. INTRODUCTION
Geothermal energy is a low grade heat source whose temperature typically varies from 60 0C to 200 0C
(Yamamoto, T., et al., 2001). This type of energy could be used for direct heating or power generation
(Basaran, A. and L. Ozgener, 2013). The Organic Rankine Cycle (ORC) is considered as a vital solution
for conversion of low grade heat to electrical energy with the possibility to be implemented in
decentralized lower-capacity power plants. The ORC uses a refrigerant as the working fluid instead of
water so it can be powered by a low temperature source due to a low specific vaporization heat
(Papadopoulos, A.I., et al. 2010),( Schuster, A., et al., 2009),( Quoilin, S., et al., 2013). The proper
selection of the ORC refrigerant is the key for achieving high performance and a cost-effective ORC unit
(Tchanche, B.F., et al., 2009). For this purpose, refrigerants should be characterized by high ORC
efficiency, acceptable pressure within the cycle, low ODP, low GWP, low specific volume, low toxicity,
high safety and low cost (Yamamoto, T., et al., 2001),( Tchanche, B.F., et al., 2009). Refrigerants (Kim,
K.-H., et al., 2011),( Boot, J., 1990), are grouped according to their chemical composition: hydro
fluorocarbons (HFC) (Saleh, B. and M. Wendland 2006),( Granryd, E., 2001), hydrocarbons (HC), hydro
chlorofluorocarbons (HCFC) ( Boot, J., 1990),( Hundy, G., A.R. Trott, and T. Welch, 2008), and mixtures
(Basaran, A. and L. Ozgener, 2013). Refrigerants are also divide into wet, isotropic and dry according to
the fluid state at the turbine exit in ORCs (Li, T., J. Zhu, and W. Zhang, 2012),( Qiu, G., 2012). Many
studies (see Table 1) have been carried out to investigate the fluid selection in the ORCs. This study
assesses 15 refrigerants from different categories to identify the best candidates.

Table 1: Previous studies.
Ref Refrigerants
[14] R123, R134a, R141b,
R142b, R152a, R600,
R227ea, R236ea,
R236fa, R245ca,
R245fa, R600a, npentane
[15] R113, R123, R236fa,
R245fa
[16] R245fa, R245ca,
R236ea, R141b, R123,
R11, R114, R113,
Butane

Energy source
(heat source
temperature) (100220 0C)

conclusion
R123 is the best choice for the temperature
range of 100–180°C and R141b is the
optimal working fluid when the temperature
higher than 180°C

Exhaust waste heat
recovery potential
of a micro turbine.
(have not gave T)
Waste heat
recovery, engine
(have not gave T)

The fluid with the best exergy efficiency is
R113, whereas the fluid with the worse
exergy efficiency is R236fa
R11, R141b, R113 and R123 manifest the
best thermodynamic performances. R245fa
and R245ca are the most environmentfriendly working fluids for the engine waste
heat-recovery application

2. ORC SIMULATION VALIDATION
A previously validated IPSEpro (Dekant. W, 1996) model (Al-Weshahi, M.A., et al, 2014) for an existing
250 kW ORC unit utilizing the heat from an underground hot spring in Chena, Alaska (L.L.C., 2007)
(Table 2) was used to assess the studied refrigerants (Fig 1). The comparison between the model results
and existing unit data is presented in Table 2, reflecting a reasonable estimation of the actual ORC unit
performance by IPSEpro.
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Fig. 1 IPSEpro schematic of ORC (Fathi Latrash, 2014)

3. RESULTS AND DISCUSSION
To investigate the impact of the working fluid selection on the overall ORC performance, a comparison
between different refrigerants was performed using the same heat input to the evaporator, , and at the
same original existing equipment design data (e.g. evaporator and condenser effectiveness and turbine
isentropic efficiency). The same evaporation and condensation temperatures are also assumed for all
working fluids. Therefore, different operating pressures will be noticed for each working fluid. The
simulation was performed for TA=73 ºC, TB=54.55 ºC and
=114 kg/s. Moreover, a saturated vapour
condition at the turbine inlet and a similar cooling water temperature, used in Chena plant, were assumed.

The properties of the refrigerants investigated in this study are listed in Table 3. The ambient temperature
source in this study is assumed 25 °C (Masheiti, S., 2011). The results of the net output power together
with the net efficiency of the ORC system for the 15 refrigerants investigated are shown in Fig. 2. R245ca
was found to produce the highest net output power of about 465 kW followed by R717. On other hand,
R410A showed the lowest net power of 213 kW. Also, R236ea, R142b, R600a, R124 and 152a showed
net power above 400kW. A similar trend of the net efficiency to that of the net produced power can be
seen. R245ca provides the highest net efficiency with a value of 5.27 %. R717, R236ea and R142b show
also high net efficiency compared to the other fluids. However, R410A shows the lowest net efficiency
with a value of 2.42%.
The refrigerant pump power for all studied working fluids is illustrated in Fig. 3. It can be seen that the
pump power is proportional to the required saturated vapour pressure at turbine inlet. Increasing the
turbine inlet pressure increases the pump power consumption. R245ca has the minimum pump power
requirement and R410A requires the highest.
The turbine inlet and outlet pressures for all the working fluids are listed in Table 4. These pressures are
corresponding to the evaporation and condensation temperatures, respectively, in the cycle. Higher
evaporation pressure leads to high cost of system equipment. A maximum value of 25 bar for the
evaporation pressure is recommended (Tchanche, B.F., et al, 2011). Therefore, R410A and R32 are
discarded due to their high evaporating pressure.
Although the criteria discussed above are important, the safety and environmental consideration should
not be ignored. For example, R600a showed a good performance; however, being under A3 safety
category (high inflammability) reduced its credit. In addition, R717 also showed a good thermal
efficiency but it was under B2 category (lower inflammability and higher toxicity). Furthermore, despite
some working fluids have low ODP, the environmental preference is always given to the zero ODP fluids.

Table 2: Comparison between model results (Al-Weshahi, M.A., 2014) and existing unit data for
Chena Alaska ORC unit (L.L.C., 2007)
Parameter
Refrigerant
Heat source type
Gross power
Net power
Pump power consumption
ORC efficiency
Cooling water flow
Refrigerant flow
Evaporator outlet temperature
Evaporator heat transfer
Condenser heat transfer
Evaporator heat conductance
Condenser heat conductance
Evaporator effectiveness
Condenser effectiveness
Evaporator NTU
Condenser NTU
Heat source temperature inlet
Hot water mass flow rate
Turbine inlet pressure
Turbine outlet pressure
Turbine mechanical efficiency
Cooling water inlet/outlet
temperature

Unit

kW
kW
kW
%
Kg/s
Kg/s
°C
kW
kW
kW/K
kW/K
%
%
°C
kg/s
bar
bar
%
°C

Existing unit

Model result

Difference (%)

R134a
Hot spring water
250
210
40.0
8.20
101
12.2
54.4
2580
2360
-

250
209
40.7
8.04
97.7
12.5
54.7
2602
2297
98.0
594
82
30
1.71
1.45
73.3
33.3
16.0
4.39
80
4.44/10.0

0.0
0.47
1.8
2.0
3.3
2.5
0.55
0.85
2.7
-

Chemical

R124
R134a
R142b
R152a
R227ea
R236ea
R245ca
R407D
R410A
R411A
R501
R600a
R717
RC318
R32

class
Tc
HCFC
122
HFC
101
HCFC
137
HFC
113
HFC
103
HFC
139
HFC
174
Mixture
91
Mixture
72
Mixture
99.1
Mixture
96.2
HC
135
Inorganic/NH3
132
PFC
114
HFC
78

net power kW

Refrigerant

Physical

properties

Safety class

Pc (bar)
36.2
40.6
40.6
45.2
30
35
39.3
45
49
49.5
47.6
36.3
113
27.8
57.4

A1
A1
A2
A2
A1
A1
A1
A1
A1
A2
A1
A3
B2
A1
A2L

Environment

properties

ODP
0.022
0
0.065
0
0
0
0
0
0
00.44
0.287
0
0
0
0

GWP
599
1410
2310
122
3500
1200
693
1600
2100
1600
4,083
≈20
0
10,3
670

500

6

400

5
4

300

3

200

2

100

1

0

0

Net power

net efficency %

Table 3: Properties of fluids studied (Calm, J.M. and P.A. Domanski, 2004) (Guilermo, R., et al.
2008)

Net Efficency

Fig. 2: ORC net power of the 15 refrigerants studied.
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Table 4: ORC turbine inlet and outlet pressure for refrigerants studied at TA= 73 oC.
Refrigerants
R245ca
R236ea
R142b
R717
R600a
R124
RC318
R152a
R227ea
R134a
R407D
R411A
R501
R32
R410A

Turbine inlet Pressure (bar)
3.1
5.7
8.3
24.8
8.3
9.5
8.0
14.0
11.2
16.0
20.7
21.3
22.1
37.5
36.5

Turbine outlet Pressure (bar)
1.3
2.6
4.2
12.5
4.3
4.8
3.9
7.3
5.7
8.2
12.3
12.0
12.2
20.4
20.0

ΔP
1.8
3.1
4.1
12.3
4.0
4.7
4.1
6.7
5.5
7.8
8.4
9.3
9.9
17.1
16.5

4. CONCLUSION
In this study, a validated model of an existing 250 kW ORC energized by hot geothermal source was
used. Maintaining similar design and operating parameters, 15 refrigerants were assessed based on net
output power, refrigerant pump power consumption, evaporating and condensing pressure, safety concern
and environmental concerns:
1- From high net output power, low refrigerant pump power consumption: R245ca and R717 were found the
best candidates and R410A was the worst. However, refrigerants such as R236ea, R142b, R600a, R124
and R152a were not far from the best working fluids. All mixtures were producing lower power output.
2- Maintaining the acceptable evaporating and condensing pressure lower than 25 bar and higher than 1 bar:
promising refrigerants such as R32 and R410A could be discarded due to high evaporating pressure.
3- Regarding selection criteria (safety and environmental concerns) the study revealed that R236ea and
R227ea are the best working fluids for low temperature geothermal application at the specific operating
conditions studied.
5.
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ABSTRACT
Within several research and demonstration projects a so called CE-controller (based on characteristic
equations) has been developed for the control of ab- and adsorption chillers. In addition to the normal
control requirements (i.e. reaching a certain chilled water temperature,
and matching the cooling load,
) an often unused degree of freedom is exploited which allows to target an additional
third objective in control strategies. This supplementary condition can be fulfilled by controlling hot and
cooling water simultaneously.
For the economic operation of CHPC-plants compliance of a maximum hot water outlet temperature
from the desorber of an absorption chiller (i.e.
) is an interesting third objective because a
reduction of primary energy efficiency (e.g. by wasting heat in an emergency cooler) can be avoided.
The CE-controller calculates the required hot and cooling water temperatures which are necessary to
reach all three objectives concurrently (i.e.
,
and
). Moreover, if the optimum supply temperatures are not available so called backup strategies are applied in order to ensure
the aim with highest priority.
In this contribution the applied method of characteristic equations is introduced briefly. The respective
control and backup strategies are derived in detail. Measurement data from two identical absorption
chillers (implemented in a CHPC-plant and in a district heating network, respectively) are used to highlight
the differences and challenges of the strategies under practical conditions.
KEYWORDS
Absorption chiller, dry cooler, CHPC-plants, control strategies, Characteristic equation method
INTRODUCTION
For the economic co-generation of heat, power and cold in CHPC-plants the compliance with a maximum hot water outlet temperature from an absorption chiller is essential in order to reduce primary
energy consumption per unit cooling output [Lin et al., 2001]. Accordingly, a control strategy has been
developed and implemented into a programmable logic controller (PLC) which uses an improved
characteristic equation method [Albers, 2015], [Albers et al., 2013], [Albers & Ziegler, 2011]. By
means of a revised heat transfer calculation in ab- and desorber as compared to the established method
(cf. [Hellmann et al., 1999]) the variation of thermodynamic losses can be accounted for in an explicit
calculation procedure. According to this method the cooling capacity of an absorption chiller is a linear
function of a characteristic temperature difference ΔΔt .
⋅ 1

ΔΔ

⋅ 1

⋅ 1

⋅ ΔΔ

[2]

⋅ ΔΔ
ΔΔ

,

⋅

[1]

⋅ ΔΔ
⋅

[3]

,

⋅

1

[4]

The characteristic temperature difference ΔΔ combines inlet temperatures
(where
, , , holds
to
for the main heat exchangers, desorber, evaporator, condenser, and absorber). The coefficients
in equation [1]) account for the phase equilibrium data of the respective working pair (i.e. H2O/LiBr in
and heat transfer
this case) in combination with the external and internal heat capacity flow rates
⋅ . Hence, the characteristic temperature difference
includes also all incapabilities
formation of load dependent and load independent losses. The capacity of the chiller (i.e. its ‘thermal
and , respectively. Finally, the coefficient
scales the
size’) is described by slope parameters
⋅ ΔΔ
minimum driving heat ,
, which results mainly from limited internal heat recovery
is also not conin the solution heat exchanger [Albers et al., 2013]. The minimum driving heat ,
stant. It can be calculated with a second characteristic temperature difference ΔΔ
, which is a function of the independent external inlet temperatures and coefficients
to
as well [Albers, 2015].
Tab. 1: Characteristic coefficients.
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 Fig. 1: Part load characteristics of absorption
chiller Type BUMBLEBEE (FM160-V2.x).

is of interest rather than
Moreover, for control purposes the external evaporator outlet temperature
∗
. Instead of
a modified characteristic temperature difference
can be derived analytically,
which combines hot and cooling water inlet temperature and chilled water outlet temperature.
∗

⋅ 1

⋅ 1

⋅ 1

[5]

to
(with their respective physical meaning) are applied, a well-defined
Since the same coefficients
conversion factor
⋅ /
1
is available to transform equations [2] and [3]
∗
∗
into [6] and [7] for the use with
instead of
. With the modified slope parameters
∗
∗
the characteristic equations conform to
⋅
and
⋅
∗

⋅

∗

∗

⋅

∗

[6]
⋅

∗

.
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In addition, for serial cooling water flow from absorber to condenser the two characteristic temperature
∗
∗
and
are linked by the external thrust
[Albers, 2015].
differences
∗

∗

[8]

and ∗ are constant also. In Tab. 1 the characteristic coefficients are
At constant flow rates all
summarized, for two newly developed absorption chillers at nominal capacity flow rates (i.e.
= 10 kW/K and 32 kW/K, respectively). In Fig. 1 the resulting characteristic lines for the cooling
= [45:10:95]°C (i.e. varied from 45°C to 95°C in
capacity are depicted for varying temperatures:

steps of 10 K),
portional to

∗

= [20:5:40]°C and
= [6:2:16]°C. Since the thermodynamic losses are not prothere is no single characteristic line for the driving heat.

CONTROL STRATEGY
and
As a consequence of the characteristic equation prediction the load condition (fixed by
) can be matched by an arbitrary combination of
and
(as long as both temperatures
are inside the allowed operation interval). The only restriction is that they have to yield a certain
ΔΔ ∗ which is determined by the part load behaviour of the chiller (i.e. its characteristic equation, see
≈ 115 kW). This degree of freedom in ΔΔ ∗ can be used to ensure a deexample in Fig. 1 for
sired hot water outlet temperature
in addition to the load requirements. In this section the
calculation of the necessary optimum supply temperatures is described, which can be used as set values
for hot and cooling water control valves. To this end, the set of characteristic equations is complement.
ed by a fifth governing equation, which includes the additional third control objective
[9]

⋅

Since
and
are fixed as first and second control objective the five equations [5] to [9]
∗
∗
can be solved explicitly for the five unknowns , ,
,
and . The results for
and
provide the optimum temperatures, which are necessary to reach all three control targets simultaneously:
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is used as abbreviation.

Only if the available hot or cooling water supply temperatures (called
and
, in next section) are
not sufficient to reach the optimum temperatures
and
, fall-back options are required to ensure
the control target with highest priority by abandoning at least one target with lower priority. Because
these strategies are used to back the objective of highest priority we call them backup-strategies.
BACKUP-STRATEGIES
Especially for co-generation engines ensuring a low hot water return temperature from the absorption
chiller often is of higher priority than matching the cooling load (particularly if a compression type
chiller is available for backup purposes). On the other hand in district heating systems a moderate exis often acceptable if the customer's load requirements are still satisfied. Consequently
ceeding of
the point of view may differ between the cold consumer and the (district) heat producer. In addition, the
control target with highest priority depends on technical and/or economic aspects. In Tab. 2 the resulting
and
backup strategies are opposed to each other. It has to be mentioned, that the goals
can be adjusted independently only if a control valve or a control strategy for the flow rate in
the chilled water circuit is available. Otherwise they conform to one priority level.
Tab. 2: Backup-Strategies with different prioritisation of the control targets.
Backup-Strategy
Priority on cold consumer’s end

Priority on heat producer’s end

1st Priority

2nd Priority

3rd Priority

Cooling capacity

Chilled water outlet

Hot water outlet

Hot water outlet

Cooling capacity

Chilled water outlet

Backup Strategy with priority on cold consumer’s end
If the priority for the backup-strategy is on the cold consumer’s end (Index ‘cce’) compliance with
is of lowest importance and the set values of the backup-strategy ,
and ,
can be
calculated from the characteristic equation [2] directly.
1
,

1
1

,

1

⋅

1

⋅

1

⋅

∗

⋅

1

⋅

1

⋅

∗

[12]

[13]

when the hot water inlet temperature
cannot be
The result of equation [12] is used for set value
<
is the maximum
reached anymore: the hot water control valve is completely opened and
available driving temperature. The result of equation [13] is used for set value
when the cooling
cannot be reached anymore: the cooling water control valve is completely
water inlet temperature
opened and
>
is the minimum available cooling water temperature. When both temperatures cannot be matched also the cooling capacity cannot be met and a backup chiller has to cut in.
Backup Strategy with priority on heat producer’s end
If the priority for the backup strategy is on the heat producer’s end (Index ‘hpe’) compliance with
is a must. Thus a lower cooling capacity has to be accepted if one of the available supply
temperatures is not sufficient (i.e.
or
). Assuming there is no chilled water valve
from the cold consumer to
and the flow rate
which could reduce the return temperature
is kept constant, also the chilled water outlet temperature differs from
due to lower
.
Therefore the characteristic temperature difference of inlet temperatures ΔΔ with
is used here
∗
because now
is given.
instead of the modified difference
Combining the characteristic equation [3] with equation [9] yields
⋅

⋅

[14]

⋅

,

where
is the heat capacity flow rate in the desorber (i.e.
= 3.6 kW/K or 11.8 kW/K, respectively
for BEE and BUMBLEBEE at nominal conditions). Equation [14] can be solved either for
,
with

or for

with

,

1
,

1

⋅
1

,
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⋅
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in both cases):
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is used as abbreviation.

In contrast to equation [12] and [13] where

,

and

,

, respectively, the neces-

sary set value for the driving temperature according to equation [15] is
when the
,
cooling water temperature is too high and the necessary cooling water temperature according to equation
[16] is
when the hot water temperature is too low. In both cases, the cooling load
,
is achieved as required.
is not matched but

RESULTS
A research and demonstration project “Field Test of Absorption Chillers for CHPC-Networks” („Feldtest
Absorptionskälteanlagen für KWKK-Systeme", FAkS) was composed, to investigate the energy efficiency and reliability of two newly developed absorption chillers with rated cooling capacities of 50 kW
and 160 kW (Type BEE, FM050-V2.x and BUMBLEBEE, FM160-V2.x (see [BINE, 2012] for further
information). In parallel to the construction of the absorption chillers the above mentioned control strategy is implemented into approx. 20 programmable chiller controllers. In Fig. 2 operating data are depicted
from two installations. In the first location a conference centre is air-conditioned and district heating
from a central CHP-plant is used as driving heat for the absorption chiller of type BUMBLEBEE. In the second location, a hospital, two units of the same chiller have been implemented. Here the driving heat is
generated in a co-generation engine (3 x 500 kWth / 400 kWel). Since the former emergency cooling system for the CHP-plant is now used as reject heat device for the absorption chillers (i.e. 3 x 230 kW dry
has to be ensured by the CE-controller. If
2
cooler) the hot water return temperature
the CHP-plant must be switched off.
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Fig. 2: Control of two identical absorption chillers in a conference center (left, district heating)
and hospital (right, CHPC-plant) by means of an characteristic equation method
with different backup strategies.
Absorption chiller in district heating network
On the left hand side of Fig. 2 measurement data are shown for the backup strategy with priority on the
cold consumer’s end. At moderate cooling loads between 3 a.m. and 8 a.m. hot and cooling water
and
) which have
temperatures match the optimum set values (i.e.
been calculated by the CE-controller. Therefore the three targets (i.e.
,
and
) are reached simultaneously during this operating period. The oscillations around the set
values are caused by an improper adjustment of the cooling tower controller. From 8 a.m. on (and before
is high and the corresponding cooling load
requires
3 a.m.) the chilled water inlet temperature
. Since a cooling water inlet temperature
below 20°C is not
very low cooling water temperatures
,
allowed for safety reasons a higher driving temperature is used to match the load (i.e.
). As a consequence the hot water return temperature is higher than the set value in this period
). Since the cooling tower then is operated under full load there is no oscillation any more.
(i.e.
Absorption chillers in CHPC-plant (cogeneration engine)
On the right hand side of Fig. 2 measurement data are shown for the backup strategy with priority on
the heat producer’s end. Again all three objective targets are reached when the supply temperatures are
sufficient (i.e. between 08:00 a.m. and 01:30 p.m.). In the afternoon the available cooling water temperature from the dry-cooler increases due to high ambient air temperature. Although the cooling wa-

ter inlet temperature
is higher than the set value
and the cooling water valve is completely
is kept at its set value. As a consequence, however, the
open, the hot water return temperature
chilled water outlet temperature
is slightly higher than the set value
. This having accepted,
during more than 95% of more than 6000 operating hours of normal operation between 01.10.2014 and
was kept within a 1 K margin. In combination with the
30.09.2015 the overshoot of the set value
safety margin of 2 K emergency shutdown of the co-generation engine has been reduced significantly.
CONCLUSION
The presented set of characteristic equations can be used for arbitrary control strategies for ab- or adsorption chillers with objectives which maybe technical or economical etc. It is demonstrated in a semiindustrial PLC-controller to control about 20 absorption chillers of different capacities in a variety of
CHPC-systems. By means of controlling hot and cooling water simultaneously not only the cooling load
is matched but a low hot water return temperature can be ensured in addition. The algorithm allows
complex control and backup strategies with different prioritisation of control targets for different supplydemand-configurations.
A reliable operation of the CE-controller (i.e. the control algorithm) has been presented for two different
locations. In a district heating network the district heating return temperature has been held low as long
as the cooling capacity was not compromised. In another plant using a co-generation engine emergency
shutdown due to violation of a maximum temperature limit has been avoided.
The controller is tested further in other plants and with other objectives. It could also be used in order to
minimise the auxiliary power demand in solar cooling plants with optimising solar gain at the same time,
or to minimise the specific CO2 emissions per unit cooling for instance.
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ABSTRACT
A validated dynamic model is provided for an adsorption thermal energy storage unit with a thorough
description of heat losses. Heat losses are experimentally determined from steady-state measurements.
The complex geometry of the adsorber is simplified with a lumped parameter description. The dynamic
model is calibrated with experimental data from an industrial process at high temperatures. Validation is
performed at low temperature with a storage period between charging and discharging. The results show
that the dynamic, lumped parameter model provides sound predictions and describes heat losses
accurately. The model thus enables a simulation-based analysis of storage applications.
INTRODUCTION
Adsorption thermal energy storage systems have the potential for high storage capacities and long-term
energy storage with limited heat loss (Aydin et al., 2015). Furthermore, adsorption systems can store
thermal energy over a wide range of temperatures (Lass-Seyoum et al., 2012). Therefore, adsorption
thermal energy storage systems are suited for various applications ranging from domestic heating (Bales
et al., 2008) to industrial processes (Schreiber et al., 2015).
In a recent review, Aydin et al. (2015) highlight the need for comprehensive research and analysis to
establish competitive adsorption thermal energy storage systems. Prototypes often do not achieve the
expected storage capacity (Solé et al., 2015). In their review on thermochemical storage systems, Solé et
al. conclude that modeling and validation are essential to develop storage technologies. However, storage
performance cannot be analyzed without considering the interaction between the storage unit and the
related system (Schreiber et al., 2015). Thus, the complete system needs to be simulated, which requires
well-chosen model complexity, balancing the trade-off between accuracy and simulation speed. Dynamic
models with accurate prediction of heat flows are necessary to capture the dynamics of the adsorption
process. Lumped parameter models for adsorbers and one-dimensional description of heat exchangers
have been shown to be accurate for adsorption heat pumps and chillers (Füldner et al., 2012; Lanzerath et
al., 2015). However, these models usually assume negligible heat losses. This assumption is valid for
adsorption chillers because of short cycle times and low temperatures, but it does not hold for storage
applications.
For closed adsorption thermal energy storage units, only few models have been compared to experimental
data. The MODESTORE adsorption system for heating applications (Gartler et al., 2004) has been
modeled using three heat transfer coefficients which are fitted to measurement data; mass transfer
limitations are not considered. Simulation results are plotted together with experimental data for
adsorption (Bales et al. 2008) and desorption (Gartler et al., 2004). Recently, we presented an adsorption
thermal energy storage unit for industrial processes (Schreiber et al., 2015). The corresponding model
uses one effective coefficient for each heat and mass transfer processes in the adsorber. These effective
coefficients have been fitted to measurement data. Since heat losses are significant for adsorption thermal
energy storage systems, we calculated heat losses by empirical correlations (Schreiber et al., 2015).
Empirical equations have also been used by Angrisani et al. (2014) to calculate heat losses of a water
storage unit. Their results show that measured heat losses are four times larger than empirical predictions.
Hence, heat loss coefficients for thermal energy storage units should be experimentally validated.
In this work, we derive heat loss coefficients for adsorption thermal energy storage from steady-state
measurements. We further provide a thorough calibration and validation of an improved model of our
closed adsorption thermal energy storage unit (Schreiber et al., 2015). Since adsorption thermal energy
storage is suitable for a wide range of applications, the model should capture operation conditions of
different system. Thus, we test our model experimentally for two thermal energy storage applications:
domestic heating at 70 °C and higher-temperature heat demand in industry at 120 °C. The simulation

accuracy is quantified, both for a calibration measurement based on the industrial application and for a
validation measurement of the heating application with a storage period between charging and
discharging. We show that a lumped parameter model provides good simulation accuracy despite strong
simplifications of the geometry. Heat losses of the thermal storage unit are accurately represented by the
calibrated model.
MEASUREMENTS AND MODELING PROCEDURE
Experiments were conducted in our laboratory at the Institute of Technical Thermodynamics, RWTH
Aachen University. The thermal energy storage unit consists of an adsorber in a vacuum-sealed casing
connected to an evaporator by a valve. The adsorber contains 10 kg of adsorbent (UOP zeolite 13 X
beads) in a steel fin-and-tube heat exchanger. A perforated sheet prevents the adsorbent from falling off
the adsorber heat exchanger. The evaporator/condenser unit consists of a corrugated pipe heat exchanger
of steel. The temperatures indicated in Figure 1 are measured by PT 100 resistance thermometers. The
temperature sensors of the adsorber in- and outlet are 50 cm away from the adsorber, so part of the oil
circulation system has to be taken into account for modeling. A Coriolis flow meter is used to measure the
oil flow through the adsorber.
Oil circulation
system
T outlet

inlet T
Insulation

T

sheet

Adsorber
T casing

Adsorber
casing

T ambiance

T valve

Valve
Evaporator

p

Figure 1 Left: Scheme of the adsorber thermal energy storage unit with measurement positions for
temperatures T and vapor pressure p. Right: Photo of the adsorber heat exchanger
Measurement protocol
For the heat-loss analysis, the adsorber is heated to a constant temperature until steady-state is reached
and the heat flow to the adsorber equals the heat losses. Steady-state measurements have been performed
with constant temperatures of 150, 200 and 250 °C in the adsorber and pressures between 50 – 500 mbar
in the evaporator. The storage performance is analyzed in storage-cycle measurements. The adsorption
thermal energy storage unit is charged during desorption and discharged during adsorption. For model
calibration, we charge the storage unit until the outlet flow reaches a desorption temperature of
Tdes = 250 °C. Discharging is stopped, when the outlet flow drops below a temperature of Tads = 120 °C.
The calibration measurement is performed at vapor pressures of pevap ≈ 200 mbar. These operating
conditions represent the industrial application examined in Schreiber et al. (2015). For validation, we
choose operating conditions of a heating application with adsorption until Tads = 70 °C and vapor
pressures around pevap ≈ 50 mbar. The charging temperature is then Tdes = 200 °C. The discharging
process of the validation measurement starts after a storage period of 2 h between de- and adsorption.
Dynamic model
The adsorption thermal energy storage unit is modeled in Modelica using the LTT adsorption library (Bau
et al., 2014) and the TIL Suite (Gräber et al., 2010). The complex geometry of the adsorber (cf. Figure 1
right) is simplified to a lumped parameter model; only the fin-and-tube heat exchanger is discretized in
one dimension. Figure 2 shows a scheme of the model with 6 different heat transfer resistances. The heat

flow inside the adsorber is modeled with 2 coefficients describing the heat transfer from the adsorber heat
exchanger to the adsorbent (αA)HX-ads and heat transfer from the adsorbent to the perforated sheet (αA)ads-s.
The heat transfer from the sheet to the casing is described by (αA)s-cas. The heat losses of the adsorber are
described by the heat transfer (αA)cas-amb between casing and ambient temperature and by heat transfer to
the valve (αA)val. Heat losses of the oil pipes between the temperature measurement positions Tin and Tout
and the adsorber are described by (αA)pipe.loss. The mass transfer in the adsorber bed is described according
to Glueckauf (1955) with one effective coefficient Deff. The equilibrium data for zeolite 13 X are fitted to
manufacturer data with the Dubinin-Astakhov equation (Dubinin and Astakov, 1971).
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Figure 2 Model of adsorber with heat exchanger connected to oil pipes, adsorbent and thermal
capacities (C) of perforated sheet (s) and casing (cas). Model input: inlet and outlet
temperatures (Tin, Tout), ambient temperature (Tamb), valve temperature (Tval) and vapor
pressure (pvap). Heat transfer resistances: heat losses of adsorber (αA)cas-amb and of oil pipes
(αA)pipe,loss, heat transfer from heat exchanger to adsorbent (αA)HX-ads, adsorbent to sheet
(αA)ads-s, sheet to casing (αA)s-cas and casing to valve (αA)val. Mass transfer resistance with
coefficient Deff. Temperature and pressure measurement positions are marked by circles.
Model Calibration
Our procedure to determine the transfer coefficients in the model is divided into three steps: In step 1, we
use steady-state measurements to determine temperature-dependent heat-loss coefficients. Heat losses of
the oil pipes (αA)pipe,loss are calculated from measurements at constant temperatures in the oil circulation
system, while the adsorber is bypassed. Heat losses of the adsorber are calculated from measurements
with constant temperatures in the adsorber and for different vapor pressures. From these measurements,
the heat transfer outside of the adsorber casing (αA)cas-amb is determined. Since (αA)cas-amb is independent of
the vapor flow inside the adsorber, heat losses during storage cycles can be calculate by:
𝑄̇loss = 𝛼𝐴cas-amb (𝑇cas − 𝑇amb ) ,
[1]
using the heat transfer coefficients obtained from the steady-state measurements. The heat transfer from
the casing to the valve (αA)cas-val can be estimated by heat conduction in the metal.
In step 2, we calculate the heat transfer from the perforated sheet (s) around the adsorbent to the casing
(αA)s-cas, using the energy balance of the casing:
𝑑𝑈cas
𝑑𝑡

= 𝑄̇s-cas − 𝑄̇cas-amb − 𝑄̇cas-val .

[2]

With the measured temperatures Ts, Tcas, Tamb and Tval and the heat transfer coefficients (αA)cas-amb and
(αA)cas-val, the heat transfer coefficient (αA)s-cas is given by
𝛼𝐴s-cas =

1
𝑑𝑇
(𝑚𝑐 𝑑𝑡cas
(𝑇s −𝑇cas )

+ 𝛼𝐴cas-amb (𝑇cas − 𝑇amb ) + 𝛼𝐴cas-val (𝑇cas − 𝑇val )) .

[3]

In step 3, we calibrate the 3 remaining model parameters for heat transfer (αA)HX-ads, (αA)ads-s, and mass
transfer Deff in the adsorber. The input values to the simulation are the mass flow and the input
temperature of the oil, the valve temperature, the ambient temperature and the vapor pressure. The
deviations between measured and simulated outlet temperatures are used as fitting criteria. Since heat and
mass transfer regimes in the adsorber may vary between ad- and desorption (Graf et al., 2016), the
transfer coefficients are fitted separately for de- and adsorption.

Model Validation
With the calibrated model, the prediction accuracy is quantified for process conditions of a room heating
application. For this purpose, we use measurement data which was not used for calibration. In contrast to
the industrial application (Schreiber et al. 2015), heating requires lower discharging temperatures and
lower vapor pressure. Storage periods between de- and adsorption increase the storage cycle time and
lead to larger heat losses.
The simulation accuracy is quantified by the coefficient of variation (CV) for the heat loss 𝑄̇ loss and the
CV for the heat flow to the adsorber 𝑄̇ ads, both with the deviation of measured 𝑄̇meas and simulated heat
flow 𝑄̇sim and the simulation time t:
2
√1⁄∆𝑡 ∫(𝑄̇meas − 𝑄̇sim ) 𝑑𝑡
⁄
𝐶𝑉 =
| 1⁄∆𝑡 ∫ 𝑄̇meas 𝑡|

[4]

RESULTS AND DISCUSSION
The calibration procedure gives the heat transfer coefficients of the adsorber model (Table 1). Heat losses
have been calculated from steady-state measurements. We find that the heat transfer coefficient (αA)cas-amb
does not depend on the vapor pressure, but is dependent on the casing temperature. This temperature
dependence is in accordance to empirical predictions assuming heat conduction in the insulation and free
convection outside of the adsorber (VDI, 2002). Still, the measured (αA)cas-amb is 25 % higher than the
empirical prediction. The heat transfer from the casing to the valve (αA)cas-val can be assumed negligible
with less than 1 % of the heat losses.
Table 1: Heat and mass transfer coefficients of the adsorber model
Coefficient
unit
Desorption
Adsorption
Deff
m²/s
2.8e-9
3.4e-10
W/K
150
120
(𝛼𝐴)HX-a s
W/K
200
(𝛼𝐴)a s-s
W/K
0.35+0.018 Ts
4.4
(𝛼𝐴)s-cas
(αA)cas-amb
W/K
0.68 + 0.0036 Tcas
(αA)pipe,loss
W/K
0.32 + 0.001 Toil
T in °C
The heat transfer from sheet to casing (αA)s-cas is determined from storage-cycle measurement according
to Equation 3. We assume (αA)s-cas to change between de- and adsorption, because the vapor flow
influences the heat transfer. A linear fit of the temperature-dependent heat transfer coefficient from
Equation 3 is applied. Deff is selected according to Lanzerath et al. (2015), because the same zeolite beads
are used in their work. The parameters (αA)HX-ads and (αA)ads-s, are chosen to minimize the deviation
between measured and simulated outlet temperature during de- and adsorption respectively.
The simulation result is shown in Figure 3 (left) with the measured and simulated heat flow to the
adsorber as well as the heat losses calculated with Equation 1. The measurement data is well reproduced
by the model despite the simplified geometry and the few heat and mass transfer coefficients in the
adsorber. Some discrepancies remain between simulation and experiment even after calibration (Figure 3
left). These model inaccuracies are mainly caused due to the following: First of all, the lumped model
assumes homogeneous temperatures and loading, which does not perfectly describe the complex
geometry of the adsorber. Furthermore, the transfer coefficients inside the adsorber are assumed to be
constant with temperature, which leads to additional inaccuracies of the model. Moreover, for the
determination of the heat losses, the temperature profiles of the surfaces of the adsorber sheet and casing
are assumed to be constant although measurements showed differences of more than 10 K over the casing
surface. Nevertheless, the model provides good simulation accuracy for the calibration measurement with
deviations in the heat flows in the range of the measurement uncertainty. The coefficients of variation
(CV) can be found in Table 2.

The results of our calibration show that the heat transfer from the adsorber to the casing (αA)s-cas is always
lower than 4.4 W/K and (αA)cas-amb is always lower than 1.1 W/K. These heat flow resistances limit the
heat losses of the adsorption thermal energy storage unit to 10 % of the transferred heat during desorption
and less than 5 % during adsorption.

Figure 3 Comparison of measured and simulated heat flows to the adsorber and heat losses. Heat
output during adsorption plotted with positive signs. Left: Calibration. Right: Validation
In the next step, the validation measurement is simulated with the calibrated model. Figure 3 (right)
shows the adsorber heat flows during de- and adsorption as well as the heat losses during the complete
cycle including a 2 h storage period. The heat losses during the storage period lead to cooling of the
adsorber, which is well predicted by the model.
The simulation again matches the measurement data, even after the storage period. In particular, the heat
losses are accurately predicted. Quantitatively, the model slightly overestimates the energy output during
adsorption by 12.2 % compared to the measured energy output. The energy input during desorption is
overestimated by 2.6 %, mainly at the beginning of the measurement. The coefficients of variation of the
heat flows CV (Equation 4) are given in Table 2. The deviation of the heat losses and of the heat flow
during desorption are in the same range as for the calibration measurement. Thus, the validation proves
that the prediction of the storage behavior for a heating application is possible with the presented lumped
parameter model.
Table 2: Coefficient of variation CV of simulated and measured heat flows
Calibration
Validation
Desorption
Adsorption
Desorption
Adsorption
Heat in- and output flow
8.6 %
5%
6.4 %
15 %
Heat loss
7.9 %
9%
CONCLUSIONS
We present an experimentally validated dynamic model of an adsorption thermal energy storage unit with
a detailed description of heat losses. Heat losses are determined from steady-state measurements.
Measurements of the surface temperatures of adsorber and casing allow for separate calibration of the

heat transfer from the adsorber sheet to the casing. The transfer resistances by the low pressure inside the
adsorber casing and by the insulation of the casing lead to low heat losses and high storage efficiency.
The calibration procedure yields an accurate model despite simplifications of the adsorber geometry. We
further validate the model for process conditions different from calibration: the validation is performed
for lower de- and adsorption temperatures and a lower pressure. Additionally, the charging and
discharging process is delayed by a 2 h storage period leading to cooling of the adsorber. The accurate
description of heat losses is crucial to predict storage behavior. The results show that the adsorption
thermal energy storage model properly predicts storage behavior for different application temperatures
and for a storage period with cooling of the storage unit. Thus, accurate simulations of storage
applications on a system level are possible with the dynamic, lumped parameter model.
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ABSTRACT
The paper presents a model-based method to rigorously assess and compare adsorber-bed designs.
Starting from an initial design, we calibrate a dynamic model by experimental data. We use this model to
determine the Pareto frontier regarding coefficient of performance (COP) and specific cooling power
(SCP) for a specific adsorber-bed design. In particular we use dynamic optimization to determine the
optimal control strategy for each design. The obtained Pareto frontiers allow for a fair comparison
between different adsorber-bed designs. Thereby, we identify an optimal adsorber-bed design.
INTRODUCTION
Adsorption chillers and heat pumps allow for efficient use of solar or waste heat to meet cooling and
heating demands (Deng et al. 2011). Adsorption systems use adsorption for thermal compression of the
working fluid. Therefore, the adsorber-bed is the most important component of the system. The adsorberbed mainly consists of a heat exchanger and attached adsorbent material (Lanzerath et al. 2015).
Typically, the adsorber-bed suffers from low heat and mass transfer (Hamdy et al. 2015b; Li et al. 2015;
Deng et al. 2011), which limits the system’s performance. For adsorption chillers, the performance is
quantified by the coefficient of performance (COP) and by the specific cooling power (SCP). COP
measures the efficiency, whereas SCP measures the system’s power density. To improve both, COP and
SCP, new adsorber-bed designs are constantly developed.
In general, adsorber-bed designs have a wide variety of degrees of freedom, such as the heat exchanger
geometry, the adsorbent configuration and the working pair. The heat exchanger can vary with respect to
the type, e.g. finned tube or plate heat exchanger (Sharafian und Bahrami 2014), the material and the
geometrical parameters as fin spacing (Rezk und Al-Dadah 2012). The adsorbent configuration can be a
coating or a packed bed of pellets. Depending on the configuration, the design can differ with respect to
the coating thickness or the pellet size (Freni et al. 2015). The working pair of adsorbent and refrigerant
determines the equilibrium data for the adsorption process. Common adsorbents are zeolites, silica gels,
selective water sorbents (SWS), metal organic frameworks (MOF) and active carbons. As refrigerant
water is most commonly used, but also methanol or ammonia are in use (Wang et al. 2009). Furthermore,
the adsorber-bed characteristics can be improved by additional measures, e.g. using conducting additives
or binder particles (Rezk 2012).
Different design choices may result in competing behavior of the objective functions COP and SCP.
Therefore, the challenge of adsorber-bed design is to find a good trade-off for all design choices. For
example, a large heat exchanger surface promotes the specific cooling power, but the resulting increase in
mass of the heat exchanger decreases the coefficient of performance. Therefore, quantification of the
trade-offs is crucial to optimize adsorber-bed designs.
In practice, quantifying the effect of the adsorber-bed design-choices on the system’s performance is
difficult. The performance of the system depends not only on the adsorber-bed design, but also strongly
on temperature levels, control strategy and other components of the system (Hamdy et al. 2015a). The
temperature levels for vaporization, condensation, adsorption and desorption are usually determined by
the application (Rezk und Al-Dadah 2012). The control strategy determines the times of adsorption and
desorption and can be used to balance between COP and SCP: Short cycles promote high SCPs, whereas
long cycles promote high COPs (Rezk und Al-Dadah 2012). Other components as evaporator, condenser
and valves may also influence the system’s performance due to heat and mass transfer resistances.

To account for all these effects, we propose a model-based method for a rigorous assessment of adsorberbed designs. The proposed method comprises an optimized control strategy to allow for a fair comparison
of different designs based on their best settings. To study the intrinsic performance of the adsorber-bed,
the method eliminates the influence of all other components (e.g. evaporator and condenser) by using
ideal models without heat and mass transfer resistances for these components.
METHOD
The proposed work flow for the rigorous assessment of adsorber-bed designs is shown in Figure 1. It has
three main steps: Based on the specifications of the application and an initial adsorber-bed design, a
corresponding dynamic model is set up and calibrated with experimental data (step 1). Using dynamic
optimization, the given design is characterized by the Pareto frontier regarding COP and SPC (step 2). In
a feedback loop, the results are analyzed considering characteristic parameters to find an optimal
adsorber-bed design (step 3).
In step 1, we present a lumped dynamic model, which fully describes the system dynamics. Given an
initial adsorber-bed design, this model can be calibrated with experimental data, such as IR-largetemperature-jump experiments based on adsorber parts (Graf et al. 2015) or full scale experiments
(Lanzerath et al. 2015). The model depicts the adsorber-bed design by only a few characteristic
parameters and is still able to describe the dynamics of the system with high accuracy.
In step 2, we optimize the control strategy using dynamic optimization (Leineweber et al. 2003). Thereby,
we can quickly identify the optimal control strategy of the system, leading to a Pareto frontier for COP
and SCP. This step is crucial because the performance of an adsorption system depends on the control
strategy and the design. In order to compare adsorber designs, we have to remove the impact of suboptimal control decisions. Therefore, a fair comparison between different designs is only possible after
this control optimization step.
In step 3, we analyze and quantify the effect of design changes on COP and SCP. First, we discuss the
design changes based on their effect on the characteristic parameters introduced in step 1. Second, we
determine a new Pareto frontier for every new design, as described in step 2. This feedback loop allows
identifying bottlenecks of the initial design and helps to derive promising measures to improve the design.
The three steps are described in detail in the following sections. Each step is exemplified for an
experimentally validated model of a specific adsorber-bed design by Lanzerath et al. (2015) for a cooling
application at the temperature set: 𝑇vap = 10°C, 𝑇cond = 𝑇ads = 30°C and 𝑇des = 90°C. The used
adsorber-bed consists of a finned tube heat exchanger filled with silica gel grains. The adsorber-bed and
the heat exchanger tubes are shown in Figure 2. Our goal is to find an improved design, which is
maximizing COP while obtaining a minimum SCP ≥ 600 W/kg.

Figure 1: Work flow of the proposed method for rigorous model-based assessment of adsorber-bed designs.
Given specifications of the application, an initial adsorber-bed design is chosen. Based on this design, a
dynamic model is calibrated by experimental data (step 1). The control of the chosen adsorber design is
optimized with respect to SCP and COP leading to a Pareto frontier (step 2). By a feedback loop, the
adsorber-bed design can be improved, until reaching an optimal design (step 3).

STEP 1: DYNAMIC MODEL AND MODEL CALIBRATION
The model of the adsorption chiller (Figure 2, left) mainly consists of models for the adsorbent and the
adsorber heat exchanger that are connected by a heat transfer model (𝛼ad ). To consider only the intrinsic
characteristics of the adsorber-bed, all other components are represented by ideal boundaries: In case of
evaporator and condenser only the saturation pressures (𝑝vap and 𝑝cond ) are linked to the adsorber-bed
via mass transfer models (𝛽ads and 𝛽des ). The adsorber heat exchanger is coupled to a fluid circuit with
fixed temperatures 𝑇fluid by a heat transfer model 𝛼hx . All model equations are listed in Table 1.
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Figure 2: Left: Structure of dynamic adsorber-bed model: adsorbent and heat exchanger, connected by
models for heat and mass transfer. Right: Adsorber-bed and heat exchanger tubes, experimentally
investigated by Lanzerath et al. (2015).
Table 1: Overview of model equations to describe adsorber-bed.

Mass balance
adsorbent:
Energy balance
adsorbent
Energy balance
heat exchanger
Heat transfer

Mass transfer

d𝑚ad
d𝑥ad
= 𝑚sor
d𝑡
d𝑡
d𝑚ad
d𝑡
d𝑇ad
+ (𝑚ad 𝑐ad + 𝑚sor 𝑐sor )
d𝑡

= 𝑚̇vap − 𝑚̇cond

𝑢ad (𝑇ad , 𝑥ad )

𝑚hx 𝑐hx

d𝑇hx
d𝑡

𝑄̇fluid−hx
𝑄̇hx−ad

=

(1)

𝑚̇vap ℎv (𝑇vap , 𝑝vap ) − 𝑚̇cond ℎv (𝑇ad , 𝑝ad )
+ 𝑄̇hx−ad

= 𝑄̇fluid−hx − 𝑄̇hx−ad

= (αA)ad (𝑇hx − 𝑇ad )
= 𝛽ads 𝑚sor [𝑥eq (𝑝vap , 𝑇ad ) − 𝑥ad(𝑝ad , 𝑇ad )]

𝑚̇cond

= 𝛽des 𝑚sor [𝑥eq (𝑝cond , 𝑇ad ) − 𝑥ad (𝑝ad , 𝑇ad )]
𝑡ads

COP

Specific cooling
power (SCP)

SCP

(3)

= (αA)hx (𝑇fluid − 𝑇hx )

𝑚̇vap

Coefficient of
performance (COP)

(2)

=

∫0

(4)

(5)

𝑚̇vapℎv (𝑇vap , 𝑝vap) d𝑡
𝑡

∫𝑡 des 𝑄̇fluid−hx d𝑡

(6)

ads

𝑡

=

∫0 ads 𝑚̇vapℎv (𝑇vap , 𝑝vap) d𝑡
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(7)

To describe adsorption systems, we need to specify the characteristic parameters, effective heat transfer
coefficients (αad and 𝛼hx ), effective mass transfer coefficients (𝛽ads and 𝛽des ) and the adsorption
equilibrium data 𝑥ad (𝑝ad , 𝑇ad ). These parameters must be determined experimentally. Geometrical and
material data (e.g. heat exchanger surface 𝐴, adsorbent mass 𝑚sor , …) can be directly derived from the
adsorber-bed design. Besides the descriptive model parameters, we introduce two characteristic ratios to
capture the effects of design choices. These ratios are the ratio of the heat exchanger surface area to

𝐶

𝑚

𝑐

adsorbent mass 𝐴/𝑚sor and the heat capacity ratio of heat exchanger to adsorbent 𝐶 hx = 𝑚 hx 𝑐hx . These
sor

sor sor

ratios are scaled to the adsorbent mass and allow for a comparison of differently sized systems.

For the given adsorber-bed design (Figure 2), Lanzerath et al. (2015) determined the heat and mass
transfer coefficients by a full scale experiment of a one-bed adsorption chiller. The equilibrium data is
described by the model of Dubinin (1967) with a characteristic curve for silica gel 123 / water measured
by Schawe (2001). The determined parameters are listed in Figure 3 (left). Figure 13 (right) shows a
comparison between measured and simulated cooling power to illustrate the high model accuracy.

Equilibrium data
𝑨/𝒎𝐬𝐨𝐫
𝑪𝐡𝐱 /𝑪𝐬𝐨𝐫
𝜶𝐚𝐝
𝜷𝐚𝐝𝐬 = 𝜷𝐝𝐞𝐬
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Figure 3: Left: Calibration parameters determined by Lanzerath et al. (2015) using a full-scale experiment of
a one-bed adsorption chiller. Right: Comparison between measured and simulated cooling power for
calibrated adsorber-bed model by Lanzerath et al. (2015).

STEP 2: OPTIMIZATION OF CONTROL STRATEGY
The performance of an adsorption chiller strongly depends on the control strategy. For a simple one-bed
adsorption chiller, the control strategy is fully described by the times for adsorption 𝑡ads and desorption
𝑡des . The optimal times for adsorption and desorption are specific for each adsorber-bed design, since
system dynamics are affected by design choices. Thus, a fair comparison of adsorber-bed designs is only
reasonable after determining the optimal control strategy. Therefore, we optimize the control strategy for
each adsorber-bed design using dynamic optimization. The resulting multi-objective optimization
problem reads:
min

−𝑆𝐶𝑃(𝑥(𝑡), 𝑡ads , 𝑡des )
−𝐶𝑂𝑃(𝑥(𝑡), 𝑡ads , 𝑡des )

(objective functions)

s.t.

𝑥̇ = 𝑓(𝑥(𝑡), 𝑡ads , 𝑡des )

(dynamic model)

𝑥(𝑡 = 0) = 𝑥(𝑡 = 𝑡ads + 𝑡des )

(cyclic operation)

𝑝vap = 𝑝sat (𝑇vap )

(boundary conditions)

𝑝cond = 𝑝sat (𝑇cond )
𝑇fluid = 𝑇ads

, for 0 < 𝑡 < 𝑡ads

𝑇fluid = 𝑇des

, for 𝑡ads < 𝑡 < 𝑡des

The optimization problem is solved by the multiple shooting algorithm MUSCOD II (Leineweber et al.
2003).
For the reference case (𝑇vap = 10°C, 𝑇cond = 𝑇ads = 30°C, 𝑇des = 90°C) and the model parameters for
the given adsorber-bed (cf. Figure 3, left), the Pareto frontier and the corresponding times for adsorption
and desorption are shown in Figure 4. In Figure 4 (left), the trade-off between SCP and COP shows that
for the highest possible SCP = 454 W/kg, the COP is around 0.42. For the highest COP-value at
COP = 0.6, the SCP drops to almost 330 W/kg. As expected, for high COP-values, the overall cycle time
has to be increased (Figure 4, right). Besides, the optimal ratio between adsorption and desorption shifts
to higher adsorption times for higher COP-values.
STEP 3: SENSITIVITY ANALYSIS OF DESIGN CHOICES
To exemplify step 3, the sensitivity analysis of design choices, we increase the number of fins for the
given heat exchanger (see Figure 2) in the model-based analysis. Increasing the number of fins has two

opposing effects on the objective functions: (1) With increasing number of fins, the heat capacity ratio
𝐶hx /𝐶sor increases. The additional mass of the fins will cause a drop in COP, because it increases the
inert thermal mass, which has to be cooled and heated. (2) At the same time, the heat exchanger surface
area 𝐴 increases by the additional fins and thus, the ratio between heat exchanger surface to adsorbent
mass 𝐴/𝑚sor increases. This leads to improved heat transfer and a higher SCP.
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Figure 4: Left: Trade-off between specific cooling power (SCP) and coefficient of performance (COP) with
Pareto frontier as bold line. Right: Optimal times for adsorption and desorption corresponding to solutions in
left chart.

To quantify the effects on COP and SCP, the model is parameterized with 3 new adsorber-bed designs by
changing the heat exchanger surface 𝐴 and the heat exchanger heat capacity 𝐶hx. The 3 new designs
represent designs with halved, doubled and quadrupled fin numbers compared to the reference design (cf.
Figure 3). For each design, the control strategy is optimized, leading to a specific Pareto frontier (Figure
5). Increasing the number of fins by 2 or 4 times, the Pareto frontier of the design shifts to higher SCP
and lower COP-values. Halving the number of fins has the opposite effect. By comparing the Pareto
frontiers of the investigated designs, the overall dominating solutions can be identified. Connecting these
dominant solutions leads to a merged Pareto frontier (bold line in Figure 5), showing the superior designs
for achievable SCP / COP combinations.
For the specified criteria (SCP ≥ 600 W/kg and maximum COP), an optimal adsorber-bed design can be
determined. We find that the fin number should be doubled compared to the reference design (Figure 5).
Based on these results, the determined adsorber-bed design could be experimentally validated in a fullscale adsorption heat pump to account for model inaccuracies and limitations of additional components.
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Figure 5: Pareto frontier regarding SCP and COP for varying number of fins on the adsorber tube. With
increasing number of fins, the performance of the adsorber-bed shifts to higher SCPs at the cost of decreased
COP values. The dashed lines shows that for a minimum 𝐒𝐂𝐏 = 𝟔𝟎𝟎 𝐖/𝐤𝐠, a 𝐂𝐎𝐏 ≈ 𝟎. 𝟑𝟗 is achievable by
doubling the number of fins compared to the reference case (solid blue line).

SUMMARY
The paper presents a model-based method to rigorously assess and compare adsorber-bed designs.
Starting from an initial design, we calibrate a dynamic model by experimental data. We use this model to
determine the Pareto frontiers regarding COP and SCP for specific adsorber-bed designs by dynamic
optimization of the control strategy. The Pareto frontiers are crucial for a fair comparison between
different adsorber-bed designs. Finally, for defined criteria regarding SCP or COP, the adsorber-bed
design is analyzed with help of characteristic parameters leading to an optimal adsorber-bed design.
The proposed method is exemplified for the analysis of the one-bed adsorber design proposed by
Lanzerath et al. (2015) for a cooling application at 𝑇vap = 10°C, 𝑇cond = 𝑇ads = 30°C, 𝑇des = 90°C. In
this paper, we increase the number of metal fins in the adsorber heat exchanger. We exemplarily
identified the optimal heat exchanger giving a minimum SCP = 600 W/kg and a maximum COP ≈ 0.39.
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NOMENCLATURE
Variables
𝐴
surface area (m²)
𝑐
specific heat capacity (J/(kg K))
𝐶
heat capacity (J/K)
ℎ
specific enthalpy (J/kg)
𝑚
mass (kg)
𝑝
pressure (Pa)
𝑄̇
heat flow (W)
𝑡
time (s)
𝑇
temperature (K)
𝑢
specific internal energy (J/kg)
𝑤
adsorbate loading (kgad/kgsor)
𝑥
differential state
𝛼
heat transfer coefficient (W/(m² K))
𝛽
mass transfer coefficient (1/s)

Subscripts
ad
adsorbate
ads
adsorption
cond condensation
des
desorption
eq
equilibrium
hx
heat exchanger
sat
saturation
sor
adsorbent
v
vapor
vap
vaporization
Abbreviations
SCP specific cooling power
COP coefficient of performance
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Abstract
Computational Fluid Dynamic (CFD) modelling of a heat pipe is a powerful tool that can be used to
investigate the complex physical phenomena of the evaporation and condensation phase change processes
inside thermosiphon heat pipes. In this work, CFD simulation of two phase flow inside thermosiphon heat
pipe is carried out to investigate the effect of fill ratio on its thermal performance in terms of temperature
distribution and thermal resistance using Fluent (Ansys 15). Results of the CFD simulation were
compared to published experiment data showing good agreement with maximum deviation of 4.2%.
Using the validated CFD modelling, results showed that at low fill ratio, there was a significant increase
in the evaporator temperature indicating drying out condition. Regarding the thermal resistance, a fill
ratio of 65% produced the lowest thermal resistance for all the heat input values used. Also, as heat input
increases, the effect of the fill ratio becomes more significant.
NUMECLETURE
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Heat transfer coefficient
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Definition
Mass source term
Temperature

Time
Velocity
Greek symbols
Volume fraction


Dynamic viscosity

Density
Surface tension coefficient

Subscripts
Condenser
cond
convection
conv
cw, av
Condenser wall, average
Liquid
l
Mixture
mix
Saturation
sat
Vapour
v

Units
Kg/m3s
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s
m/s

Pa s
Kg/m3
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Introduction
Heat pipes are effective devices for transporting thermal energy from one point to another using
evaporation and condensation processes in a closed container. They have the advantages of low thermal
resistance, compact and uses small amount of working fluid thus are used in wide range of applications
such as electronics cooling, heat exchangers and solar collectors. The main sections in the heat pipe are
evaporator and condenser in which the heat is absorbed by working fluid in the evaporator side and
rejected in the condenser. The vapour condensates by giving up its latent heat to the coolant at the
condenser section and the condensate returns back to the evaporator by capillary force in the case of
wicked heat pipe or by gravity in the case of wickless heat pipe (Thermosiphon). Considerable interest
has been paid to wickless Two-Phase Closed Thermosiphon (TPCT) heat pipes due to their simple
construction and low cost [ESDU,1980, Faghri, 2015,Ready, 2014, Fadel et al, 2013, Alizadehdakhel,
2010].
Although numerous applications have utilised the Thermosiphon, limited published CFD research work
have been conducted on TPCT, Fadhl et al, 2013. Many experimental studies have been performed to
examine the impact of working fluid fill ratio on the performance of heat pipes. Noie, 2005 studied the
effect of filling ratio and the evaporator aspect ratio (evaporator length to evaporator diameter) on the
heat transfer performance of the TPCT for a range of heat input. It is found that changing the fill ratio can

reduce the evaporator wall temperature depending on the aspect ratio. Jiao et al, 2008 developed an
analytical model to show the effect of filling ratio on the steady state heat transfer characteristics of a
vertical wickless heat pipe and compared the result with their experimental work. They reported that fill
ratio depends on geometrical parameters and heat input. Experimental investigation of factors like input
power, filling charge and inclination angle affecting the performance of wicked heat pipe has been
reported by Ahmed and Rajab, 2010. They concluded that the fill charge and the input energy have a
significant influence on the thermal performance. Jouhara and Robinson, 2010 investigated
experimentally the effect of using different working fluids namely, water, FC-84 and FC-3283 and two
filling ratios (100% and 50%) on the performance of the Thermosiphon. Alizadhdakel et al, 2010 reported
experimentally the effect of filling ratio and different heat inputs on the heat transfer characteristics of the
wickless heat pipe. They concluded an optimum value for fill ratio of 50% for studied thermosiphon and
heat input range. A small size thermosiphon of 10 W with different working fluids (water, methanol and
acetone) and liquid fill at various input energy has been investigated by Mozumder et al, 2011. The study
showed that the effect of charging liquid can be indicated by temperature difference, thermal resistance
and overall heat transfer coefficient.
Jian and Wang, 2013 investigated the thermal characteristics of three closed-loop oscillating heat pipes
under different operating conditions and structural factors namely, power input, working fluid, fill ratio,
inner diameter and evaporator length. They found that the optimum fill ratio depends on all these
parameters and changes by changing any of stated factors. The influence of the charging liquid and
adiabatic length on the thermal performance of a long heat pipe charged with R-134a has been examined
by Sukchana and Jaiboonma, 2013. Who concluded that the optimum liquid charge and heat flux suitable
for shorter adiabatic section were 15 % and 5.92 kW/m2 respectively. Barua et al, 2013 studied the effect
of fill ratio and two different refrigerants (water and ethanol) on the heat transfer performance of a closed
loop pulsating heat pipe. They observed that changing the filling ratio, working fluid and input energy
affect the performance of this device and there is an optimum fill ratio for each case. Integrating a
pulsating heat pipe with solar desalination system to study the effect of the fill ratio on the water
production rate has been conducted by Kargar sharif Abad et al, 2013 and an optimum liquid charge
volume has been measured of 40%. Yin et al, 2014 analysed theoretically the maximum liquid filled to
start up an oscillating heat pipe and concluded that the maximum amount of liquid charge depends on the
type of liquid and the operating temperature. Mameli et al, 2014 investigated the effect of combination of
the fill ratio and inclination angle for various values of energy input on the performance and the stability
of a closed loop pulsating heat pipe. Their results showed that the optimum fill ratio for the best thermal
performance is 50%. An experimental study was carried out by Chen and Chou, 2014 to investigate the
thermal performance of flat plate heat pipe using three different fill ratios of acetone liquid. They reported
that the optimum charging liquid volume for the stated heat pipe is 25%. Chehade et al, 2014 tested
effects of fill ratio, inlet cooling water temperature and mass flow rate in condenser jacket on the
performance of the two-phase closed loop Thermosiphon. They concluded that the best fill charge ratio is
between 7% and 10% and the fastest start up occurs by using the optimal fill ratio.
It can be concluded from all mentioned investigations that the best fill ratio for any heat pipe depends on
many factors such as geometry, orientation, type of liquid and operating condition. Therefore, the
charging ratio changes from one heat pipe to another according to these parameters. In addition, all
published work have used experimental investigations to examine the effect of fill ratio, whereas limited
numerical CFD studies were employed to show this effect. Thus, in the present study, a CFD modelling
has been performed to investigate the influence of three different values of fill ratio of water on thermal
performance of two-phase closed thermosiphon at various values of heat input. Consequently, wide range
of affecting parameters can be modelled to investigate their effect on the performance of the heat pipe.
GOVERNING EQUATIONS
Two or more immiscible fluids can be modelled using the VOF model. In this model, movement of
different fluids can be tracked by solving a single set of Navier-Stocks equations for the volume fraction
of each fluid throughout the computational cell, [Ansys fluent, Theory Guide, 2013]. Therefore, the
existence of a certain phase in any control volume can be easily specified from the volume fraction
according to the following equation:
[1]
l  v  1

In order to define the motion of the working fluid inside the TPCT during evaporation and condensation
processes, the governing equations of mass continuity, momentum and energy with source terms are used
by CFD code, Fluent (Ansys, Inc.).
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Where, FS is the Continuum Surface Force (CSF), [Brackbill et al, 1992]. This term can be expressed as
follow, [Ansys Fluent, User’s Guide, 2013]:
  kc    v v kcl  l
FS  2 l l v v
[6]
l   v
And, S q , is calculated as follow:

Sq  SM h fg

[7]

According to the VOF model, the physical properties are determined for the mixture only based on the
value of volume fractions of liquid and vapour. Single momentum equation and energy equation will be
solved all over the control volume for both fluids. Accordingly, the computed velocity and temperature
will be shared between two phases. In order to model the transport phenomenon inside the thermosiphon
represented by mass and heat transfer from one phase to another during evaporation and condensation
processes, source terms proposed by De Schepper et al, 2009 need to be added to the continuity and
energy equations used by the VOF model in Fluent. Therefore, to describe the mass transfer related to the
evaporation process, two equations are needed, one for liquid phase and another for vapour phase as
follow:
Evaporation Tmix  Tsat
Liquid phase:
Vapour phase:
T  Tsat
T T
SM  0.1 l l mix sat
SM  0.1 l  l mix
[8],
[9]
Tsat
Tsat
Condensation Tmix  Tsat
Liquide phase:

Vapour phase:

SM  0.1 v  v

Tmix  Tsat
Tsat

[10],

SM  0.1 v  v

Tmix  Tsat
Tsat

[11]

Accordingly, the energy source term can be calculated from eq. (7) and above equations as follow:
Evaporation

S q  0.1 v  v

Tmix  Tsat
h fg
Tsat

[12],

Condensation
T  Tsat
S q  0.1 l  l mix
h fg
Tsat

[13]

Equations (8-13) are set in a sub-program and linked to the Fluent to add to the mass conservation and
energy equations.
CFD SIMULATION SET UP
Geometry of a vertical two-dimension wickless heat pipe has been generated and meshed using
Workbench design modular (Ansys 15) as illustrated in Fig.1 and 2.

Fig.2. Mesh of zoomed section
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Fig.1. Geometry
The VOF model is used to simulate the multi-phase flow. A transient solution with a time step of 0.001s
is employed for all cases due to dynamic behaviour of the two-phase flow [Alizadehdakhel, 2010, De
Schepper et al, 2009]. A combination of the SIMPLE algorithm for pressure-velocity coupling and firstorder upwind scheme for the calculation of the momentum and energy are used. For determination of the
volume fraction and pressure, Geo-Reconstruct and PRESTO discretisation are chosen, respectively
[Fadel et al, 2013, Alizadehdakhel, 2010, Ansys Fluent, User’s Guide, 2013]. The solution is considered
to be converged when the residuals of the mass and velocity components are reduced to 10-4 while the
residuals of the temperature variables are reduced to 10-6.
RESULTS AND DISCUSSION
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To validate the CFD simulation, same geometry and boundary conditions as Abdullahi et al, 2015 have
been adopted. A comparison of the temperature distribution along thermosiphon wall between the CFD
modelling (current work) and the experimental work [Abdullahi et al, 2015] is illustrated in fig.3 for three
input energies. It shows that the CFD simulation (solid lines) predicts well the experimental results
(marks) and provides the same trend. However, there is a slight deviation (maximum 4.2%) at the bottom
of the evaporator and the top of the condenser where the difference becomes larger at larger heat input.
Experimental
CFD Fluent
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Fig.4. Variation of the thermal resistance
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Figure (4) presents a comparison of the thermal resistance between CFD simulation and experimental
study [Abdullahi et al, 2015] at different heat inputs. It is observed that the CFD solution overestimates
the experimental results by 8.1%. This is due to higher evaporator temperature and lower condenser
temperature obtained from the CFD solution, which yield higher thermal resistance. However, the same
trend has been achieved in which the thermal resistance decreases with increasing the heat input.
Fill Ratio Effect
The influence of the volume of charged fluid on the thermal performance of the (TPCT) is obtained by
employing the CFD simulation. Figure (5) presents the effect of the fill ratio on the average wall

temperature of the evaporator for three heat inputs. It is shown that the average evaporator wall
temperature decreases from its maximum value at fill ratio 25% to the minimum value at 65% then
increases again to a certain value at 100% for all input energies. It also shows that this effect is clear at
relatively high input energy (81 and 101W) than that at low energy (39 W).
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Figure (6) shows the influence of the charged liquid volume on the overall thermal resistance of the
thermosiphon for various heat inputs. It is obvious that the thermal resistance is higher at lower heat input
for all fill ratios. In addition, the highest value of the thermal resistance occurs at fill ratio 25% then it
decreases to its lowest value at 65% for all heat inputs which confirms figure (5). Thus, the best fill ratio
is 65%.
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Figure (7) shows the effect of heat input on thermal resistance for various fill ratios. It is seen that the
thermal resistance decreases with increasing heat input for all fill ratios. A higher thermal resistance is
observed at fill ratio 25% due to a small amount of working fluid whereas a lower value at 65% for all
energy inputs. However, a less difference of thermal resistance between three fill ratios is seen at heat
input of (39 W), especially, between 65% and 100% compared with that at higher energy inputs (81 and
101 W). Figure (8) represent the influence of heat input on the average wall temperature of evaporator at
different fill ratios. It shows that the evaporator average wall temperature increases as energy input
increases for three fill ratios. This increase is high at charging ratio 25%, less at 100% and low at
65%.Therefore, it is clear that the effect of energy input on evaporator temperature is low at low heat
input and becomes more significant when it is higher, especially at low fill ratio.
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CONCLUSIONS
CFD modelling of the two phase closed thermosiphon was conducted to investigate the effect of three
charging ratios of working fluid 25%, 65% and 100% of the volume of the evaporator on its thermal

performance. A comparison between the CFD solution and a published experimental work was also
carried out for different heat inputs 39, 81 and 101W. It is concluded that:
1- CFD simulation predicts reasonably the experimental results through comparing the wall
temperature distribution and thermal resistance for three input energies. A maximum deviation of 4.2%
has been reported.
2- Drying out occurs when the volume of the charged liquid is small at fill charge ratio of 25%. This is
observed when a considerable increase in evaporator wall temperature takes place, especially at higher
energy input.
3- The lower average evaporator wall temperature and thermal resistance take place at 65% while the
higher at 25% due to the effect of small fill ratio. This effect will be higher as heat input increases.
4- The best fill ratio for this case was found to be 65%.
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Abstract
Heat pipes are well-known passive thermal control devices used to transport the heat generated from a
source to a sink with little temperature differences and high efficiency. They have been developed for many
years and applied in several areas, from aerospace to military, as well as industry and laptop computers
cooling. There are several other applications for heat pipes and they can be made of many different shapes
and forms, however, a great deal of development is necessary for a given thermal design especially when
highly concentrated heat is being observed from the source. Applications where a high density of electronics
are present generate a great deal of heat that need to be properly managed in order to maintain their
operation temperatures according to the project's requirements. For the current investigation, heat pipes have
been developed as important components for the thermal management of electronics on printed circuit
boards (PCBs) applied to defense/surveillance equipment. Results obtained from the development process
indicate that the heat pipes will present a lifetime of at least 13.5 year and their thermal behaviour are
compatible with the requirements established for the project, where their overall temperatures are within the
accepted operational limits. Thermal tests performed in an environmental chamber show the heat pipes
reliable operation with thermal conductances of up to 8 W/ oC at the highest operation temperature of 60oC.
Key words: heat pipes, thermal management, life tests, thermal control, electronics cooling.
INTRODUCTION

The continuous development of heat pipe technology has given to this passive thermal control device great
interest for new applications where it has not been considered before. It is well known that heat pipes are
reliable two-phase passive thermal control devices and their applications have spread out for many fields
from aerospace to computer cooling. However, new applications are arising for such device which has called
attention from many sensitive fields such as military and surveillance. This is especially important to
consider because of new developments of electronic systems devoted to military applications, regarding data
and communication hardware. Previous investigations have addressed this issue, where the potential of
applying heat pipes and also pulsating heat pipes have been demonstrated (Riehl, 2012; Riehl and Cachuté,
2013; Riehl and Cachuté, 2014; Silva et al, 2015; Riehl, 2015). Concerns related to any new heat pipe
development are clearly regarding the chemical compatibility between the housing and working fluid, as
well as maximum heat transport and life time for a given application (Faghri, 1995; Chi, 1976; Reay and
Kew, 2006).
With the increase on the processing speed demand from electronics, along with the continuous decrease on
their sizes, the reject heat rate increases considerably as the heat density is directly related to the
component's area. Therefore, heat will be concentrated in a region of the electronic device that might
influence other electronic components located nearby. Thus, a proper thermal management design must be
performed in order to have a so-called "low thermal inertia" design, in such a way that the heat generated by
the component must be promptly removed and dissipated to the environment. Coupled with the proper
considerations of thermal resistances and materials, heat pipes are important components used in the current
thermal designs applied to surveillance equipment.
Materials' compatibilities, manufacturing procedures, testing and verification of heat pipes designed for this
purpose are mandatory steps that need to be taken and results must be carefully evaluated in order to apply
this important thermal control device in the application where it is required. Since this device is part of the
general thermal design, its use is considered upon several variables evaluation, such as heat concentration,
number of electronic components with sensitive use, thermal resistances and couplings. The development
and results presented here are part of a complex problem solution and the analysis considers the use of heat

pipes to transport the heat from a concentrated source and spread it to other parts of the equipment, so the
heat dissipation area can be maximized to improve the heat rejection to the environment. For the current
investigation, only the heat pipe development will be considered as the overall project cannot be disclosed
due to its application. Steps of the development are presented, regarding the estimates for the heat pipes' life
time, test results during accelerated, performance and acceptance tests.
HEAT PIPE DEVELOPMENT AND CONSIDERATIONS
Thermal control management is a complex task and requires the definition of several variables in order to
ensure the control of the heat transfer process, especially when dealing with composed electronics cooling
and structural definitions. From the thermal investigation, the mechanical design will come naturally as all
considerations regarding the minimum heat dissipation characteristics will be defined, as well as thermal
resistances, materials, layout, etc.
When defining the application of heat pipes, one should consider their geometry and shape in order to meet
the heat management requirements. Considering the fact that many electronic equipment designed for
surveillance applications must operate in several environmental conditions, the heat pipe must also be able
to work under these conditions, thus its working fluid must comply with the temperature range at which it
should be fully operational. Due to the fact that the equipment must operate within the temperature range of
-20 and +50 oC, methanol was selected as the working fluid. In order to meet the requirements related to the
thermal management design, the heat pipes were conceived to have 3.0 mm OD, 2.0 mm ID, 1.5 mm of
vapor diameter and 170 mm in length, built with copper (oxygen free and high conductivity) and using a
wick made from 316L stainless steel #200 screen mesh. For this geometry and application, the working fluid
inventory is considerably small, demanding a maximum volume of 0.05 ml of methanol (purity above
99.98%) to be charged in each heat pipe. Therefore, a dedicated charging station was also designed for this
project, which required precision instruments to be able to deliver the required fluid inventory.
The combination between copper and methanol requires a full investigation in order to evaluate the heat
pipe's expected life time based on accelerated life tests. Tests are necessary given the fact that methanol will
react with the copper housing along time especially when heat is applied. The Arrhenius model is the most
used to perform the life time verification based on the chemical reaction and amount of non-condensable
gases (NCGs) generated as the heat pipe is under accelerated tests. Those tests were performed with the heat
pipes being operating at higher temperatures than those they will face during real conditions, accelerating
the NCG generating. After the accelerated tests were done, final clipping (cold weld) and cutting of the heat
pipes were performed in order to remove the volume where the NCG was trapped, giving the heat pipe its
final shape and length. After this step was completed, the heat pipes were checked for their thermal
performance, which had to be in accordance to their design. Only after completing the development steps as
mentioned here, the heat pipe was ready to be integrated to the structure where it should operate and, finally,
it would be tested for verification prior to its approval.
Considering the development of the heat pipes, first the design should be verified against the limitations that
this device will be subjected to, which are the capillary, boiling, entrainment and sonic limits (viscous limits
were not considered due to the working fluid selection and operational temperature range). Therefore, Fig.
1a presents the heat pipe limits considered on the current project. Based on the Arrhenius model, the heat
pipe must be able to deliver the 10 W heat transport requirement within the operational temperature range.
Figure 1b shows the evaluation of NCGs generation based this statistical model. Accelerated life tests based
on the Arrhenius model established that the heat pipes had to undergo the following steps for reaching up to
13.5 years of operation:



Bake-up time of 0.5 days at a temperature of 150 ºC (non-operational);
Aging time of 15 days at a temperature of 100 ºC (operational on thermosyphon mode).

The results from this procedure will allow the accumulation of NCGs at the upper end of the heat pipe,
which would allow the removal of the volume with the undesired gases. Baking and aging times, as well as
the entire manufacturing and test procedures, were determined according to previous developments of heat
pipes, based on previous experiences of projects and methodologies applied over the years (Riehl and

Vlassov, 2004). Additional details regarding the aging as well as the performance tests cannot be disclosed
at this time due to client's non disclosure agreement.

(a) design limits

(b) NCG generation

Figure 1. Copper-methanol heat pipe considerations.

HEAT PIPES TESTING

From the current development, the manufactured heat pipes are able to present 13.5 years of life expectancy
based on the applied model, following the established processes to have the devices operating according to
their design. Figure 2a presents the heat pipes undergoing accelerated life tests, where they were kept
operating at a fixed heat load at the temperature of 100 oC during all the time as described above. Figure 2b
presents the infrared photographs for the heat pipes during performance tests, where they were checked
against several power level to verify their heat transport capabilities as they had to match the levels predicted
on their design. During this step, the heat pipes need to present reliable operation for the temperature range
at which they were designed, and heat cycling is a normal procedure applied for this type of testing. This
means that each heat pipe shall present a reliable startup at both low and high power within the operational
temperature range, without showing any indication of failure. For the current investigation, a set of 100 units
of heat pipes were tested and passed all steps without a single failure.
Figure 3 presents the heat pipes being tested for acceptance already integrated in the structure, where it can
be seen that they can transport the heat from the source to the other side. Figure 3a presents the startup of the
heat pipe using a skin heater to simulate the heat that will be rejected by the electronic component, for the
maximum applied power of 12 W. Figure 3b shows the heat pipes fully operation as it can be seen how the
heat is transported throughout their entire length. Upon operating as demonstrated, the integrated heat pipes
will substantially contribute with the better heat distribution on the surface thus enhancing the overall heat
dissipation capability.

(a) Accelerated life tests rig
(b) Performance Tests
Figure 2. Heat pipes under different tests.

(a) Startup

(b) Fully operational

Figure 3. Integrated heat pipes during acceptance tests.
The heat pipes integrated to their structure were tested in an environmental chamber with controlled
temperature and humidity, for three levels of temperature: -20, +20 and +60 ºC (this last one to stress the
heat pipes to verify their operation at a higher temperature than that established on the project's
requirements). Especially for the last test, the objective was to observe the heat pipes temperatures which
should not exceed 80 ºC. Figure 4 shows the operation of the heat pipe located at the superior part of the
structure, while Fig. 5 shows the operation for the heat pipe located at the inferior part. Both heat pipes were
tested at the maximum operating heat load, being 12 W and 8 W for the superior and inferior heat pipes,
respectively. The results show reliable startups and transients when the chamber had its temperature set to
another level, as well as steady operating until reaching stability.
The thermal conductances were calculated by the relation G = Q/ (Te - Tc), being Q the heat load applied to
the heat pipe (W), Te and Tc the average evaporator and condenser temperatures (ºC) respectively, with
uncertainties of ±8%. One can see that even for such small heat pipes, the thermal conductances are
substantially high, for the maximum of 10.6 W/ºC and 4.4 W/ºC for the superior and inferior heat pipes,
respectively.
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Figure 4. Integrated superior heat pipe tested in the environmental chamber.

80

+20 ºC

-20 ºC

70

80

+60 ºC

70

60

50

Temperature (ºC)

40
TC-03

30

TC-06
TC-08

20

G-Inferior

10

30

10

-10

0

-20
13:26:24

40

20

0

-30

Thermal Conductance - G (W/ºC)

60

50

14:38:24

15:50:24

17:02:24

Time (hh:mm:ss)

18:14:24

-10

19:26:24

Figure 5. Integrated inferior heat pipe tested in the environmental chamber.
From the presented results, it is possible to verify that the heat pipes were performing according to their
design, operating at temperatures below the maximum allowable limit of 80 ºC. Important information can
be derived from the entire development results, which are mainly related to the heat pipes potential to
present fast startups and transients (when changing from one temperature level to another) as well as
considerably high thermal conductances.
CONCLUSIONS
The development of heat pipes for certain applications is still required due to some particularities found
from one project to another, and developments are still necessary to meet the operational requirements. The
use of copper-methanol heat pipes finds several applications on aerospace and military fields, as the
equipment designed for those purposes need to operate within a wide range of temperature which, in several
cases, limit the use of water as a working fluid due to its high solidification temperature. Therefore, coppermethanol heat pipes can be applied to several areas, and considering the geometry presented in this
investigation, they can be of interest in electronics cooling as well as micro-structures thermal management.
The most important conclusions taken from this investigation are the following:
a. copper-methanol heat pipes show reliable operation and the potentiality of a high life time performing the
thermal management of electronics;
b. due to their small diameter, the technological issue was related to the screen mesh wick insertion as well
as the guarantee of contact with the container's inner diameter;
c. a precision charging method was also developed since the heat pipes required a small amount o methanol,
therefore, a thorough methodology was conceived for this purpose;
d. the performance and acceptance tests showed that the heat pipes present reliable operation for the
maximum heat load for which they were designed, presenting maximum operational temperature below
the limit established by the project's requirements.
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Abstract
Heat pipes have become highly reliable systems and since 1970’s and this technology has been widely
applied in various areas, such as heat exchangers, spacecraft thermal control and cooling systems for
electronic components. This technology has found increasing application in improving the thermal
performance of heat exchangers in many industrial environments. The use of heat pipes in heat exchangers
allows the development of more compact and efficient equipments, when compared to traditional heat
exchangers. For some applications, such as heat recovery in industrial process, the use of heat pipes on heat
exchangers presents to be rather interesting due to its direct influence on increasing the efficiency, allowing
a more compact design. In order to investigate the potential application of heat pipes for the purpose of this
work, three stainless steel heat pipes were designed and manufactured for experimental tests using water as
the working fluid, operating at mid-range temperatures. To design the heat pipes, a proprietary
computational code was used, which has been continuously validated over the last 15 years with many other
designs of heat pipes.
INTRODUCTION
One of the most important subjects ultimately under global discussions have been the energy efficiency and
energy optimization or even the proper energy management, therefore thermal energy efficiency
augmentation also has been of great interest lately. Indeed the discussions for the augmentation of efficiency
in thermal systems has meaningfully increased not only within the aerospace industry but also within the
industry in a general manner (Silva et al, 2015).
The use of heat pipes was initially made by aerospace industry due to its high capacity of heat transport
through capillary forces in microgravitational fields, but due to increasing of energy costs, industries started
looking for energy saving alternatives and energy management solutions for better cost-benefit relations
(Faghri, 1995). Therefore, the use of heat pipes represents one of those efficient solutions which industry is
looking for. Stainless steel-water heat pipes operating at mid-level temperature range investigated in this
paper represent one of the alternatives for several industry applications. A very important feature of the heat
pipe is the ability to transport a large amount of energy over its length with a small temperature drop by
means of liquid evaporation at the evaporator (heat source), vapour condensation at the condenser (heat
sink) and liquid movement in the opposite direction inside a wick by capillary forces.
The operation of a heat pipe is easily understood by using a cylindrical geometry. The components of a heat
pipe are a sealed container, a wick structure, and a small amount of working fluid which is in equilibrium
with its own vapor. The length of the heat pipe is divided into three parts: evaporator section, adiabatic
section and condenser section. Heat applied to the evaporator section by an external source is conducted
through the pipe wall and wick structure, where it vaporizes the working fluid. The resulting vapor pressure
drives the vapor through the adiabatic section to the condenser, where the vapor condenses, releasing its
latent heat of vaporization to the provided heat sink (Peterson, 1994; Faghri, 1995). The material selection
and compatibility between wick and container as well as the working fluid are major factors in the design of
heat pipes. Both copper heat pipes and stainless steel heat pipes present to have a good material
compatibility level with water. (Reay and Kew, 2006).
Heat pipes are very flexible systems with regard to effective thermal control. They can easily be
implemented as heat exchangers inside sorption and vapor-compression heat pumps, refrigerators and other
types of heat transfer devices, to ensure the energy saving and environmental protection (Vasiliev, 1995).

Heat exchangers made of heat pipes are one of the most effective devices for heat recovery. The operation of
a heat pipe involves phase changes (i.e., condensation and evaporation) and so large amounts of heat can be
transferred between the ends of the tube. In practice, the thermal conductance of a heat pipe may be over 500
times than that of the best available thermal conductors (Liu et al, 2006).
Focusing on the potentiality of using heat pipes for industrial applications, this paper presents an
experimental study and development regarding the thermal performance of heat pipes using water as the
working fluid, operating in power cycles, in the following inclination (tilt) angles: 0°, 30°, 60° and 90°. The
main objective is to test three heat pipes, using stainless steel screen mesh with different characteristics as
the wick structure, in order to evaluate the heat pipes start-ups as well as a better understanding of the
thermal performance that can be obtained in order to be used in industry.
HEAT PIPE AND EXPERIMENTAL APPARATUS
Among the most used working fluids applied for heat pipes operating at moderate temperatures, water has
been chosen. This choice is due to more favorable properties, such as high latent heat of vaporization, high
surface tension, high thermal conductivity, good thermal stability and low viscosity. As water presents itself
in the liquid phase at atmospheric conditions, its insertion in the heat pipe is a much simpler process when
compared to other fluids. The selection of the working fluid must also be based on thermodynamic
considerations, which are concerned with the various limitations to heat flow occurring within the heat pipe
(Reay and Kew, 2006). The selection of 316L stainless steel housing for the heat pipes was done due to its
potential application on food/pharmaceutical industries where such a material is required. Even though 316L
SS and water are not fully compatible as non-condensable gases (NCGs) might be generated over the heat
pipes lifetime, this is the most indicated combination and continuous evaluation on NCG has been done.
For this investigation, heat pipes were built basically using 3 layers of 316L stainless steel screen mesh, with
geometric characteristics shown by Table 1, operating in power cycles. Additional details of their
construction cannot be disclosed at this time due to some proprietary information. They were built according
to numerical simulations performed with a proprietary computer code (Riehl, 2002), which has been applied
to several other projects over the years. Constant validation of this software has been performed and it is
considered reliable in face of the results presented.
Table 1 - Geometric characteristics of the heat pipes (HP1, HP2 and HP3).

Geometric Characteristics of the Experimental HP
HP 1
HP 2
HP 3
Evaporador/Adiabatic/Condenser/Total length (m)
0.25 / 0.9 / 0.35 / 1.5
Working Fluid
Water
Tube material
316L - SS
Outside diameter (m)
0.01905
Inside diameter (m)
0.0135
Screen mesh material
316L - SS
Screen mesh number
400
200
100
Number of screen mesh layers
3
Wick Porosity (%)
0.63
0.73
0.68
2
-11
-11
Wick Permeability (m )
1.25x10
7.75x10
2.40x10 -10
Mean pore radius (m)
Operating temperature range (°C)
Operating Power (W)

3.18x10-5

6.35x10-5
22 - 160
25 - 125

1.27x10-4

Figure 1 - Heat pipes experimental test rig.
Heat was applied to each heat pipe to observe, at first, the start-up effect. Once the temperatures for the startup power have reached stability (presenting variation of ± 1°C during the last 20 minutes), the power was
changed according to the testing profile, following the sequence to temperature stabilization. Once all power
levels were tested, the power was switched off and waited for temperature equalization with ambient.
The experimental test bench consisted of three heat pipes, a DC power controller (Agilent N5749A) and a
National Instrument SCXI data acquisition system controlled by LabVIEW, as presented by Fig. 2.
Temperatures were measured at various positions at the tube wall, using six Omega T-type thermocouples
(accuracy of ±0.3°C at 100°C) per tube, in two locations of the evaporation, adiabatic and condenser
sections. Another thermocouple was issued for measuring the ambient temperature. The condenser was open
to the ambient air, exchanging heat by natural convection. All tests were performed at controlled room
conditions, with temperature of 22°C ± 2°C. Thus, oscillations on the ambient temperature were expected
due to the air conditioning on/off operation.

Figure 2. Positions of thermocouples on the heat pipes and data acquisition system.
The laboratory tests were conducted with the following procedures:
1. The test bench with the heat pipes was placed in the following slopes: 0°, 30°, 60° and 90°, adjusted
by a digital inclination measurement instrument, in order to avoid any influence of the gravity force;
2. The heat was applied to the evaporator by a controlled electric heater, being used the testing power
cycles as presented by Table 2 of 25W, 50W, 75W, 100W and 125W per heat pipe;

Cycle 1
Cycle 2
Cycle 3
Cycle 4
Cycle 5

Table 2 - Applied power cycles.

50 W - 100 W - 75 W - 125 W - 25 W
125 W - 50 W - 100 W - 25 W - 75 W

100 W - 25 W - 50 W - 75 W - 125 W
75 W - 125 W - 25 W - 100 W - 50 W
25 W - 75 W - 125 W - 50 W - 100 W

RESULTS AND DISCUSSION
With the conducted tests, it was possible to verify the temperatures along the heat pipes length in order to
obtain their profiles. As expected, there was an increase in the temperature at the highest power applied to
the evaporator. However all three heat pipes presented stable operation, as observed on the following
figures. Figure 3 presents the temperature profiles for all heat pipes, to evaluate their thermal performances
for all power levels. It was possible to verify the temperatures along the heat pipes to obtain the temperature
profile for Cycle 2 operating at 0°, Cycle 1 operating at 30°, Cycle 1 operating at 60° and Cycle 4 operating
at 90°.
A comparison between the heat pipes has been previously performed for the same conditions, although
without power cycles (Silva and Riehl, 2014). The heat pipes presented a significant difference between the
temperatures of the evaporator and the condenser, for stainless steel heat pipe, obtaining a highest thermal
conductance of 14 W/°C (at 0° angle). The objective with the power cycles investigation was to verify
whether the heat pipes present a dry-out tendency in the evaporator, which could affect their performance
and operation. Since the heat pipes are under development for several applications, continuous tests have
been performed to check their performance over time. This methodology is highly indicated to verify
whether the heat pipes present failure or influence of NCGs (non-condensable gases) during their
performance. Therefore, upon analyzing previous and current results, similarity on the temperature and heat
transfer patterns are expected. Thus, the results presented here are related to several series of tests for the
sake of comparing the heat pipes performances and check their life time reliability. In this specific case, the
heat pipes have presented similar thermal behavior over the time, as presented by the results.
Figure 3 compares the stainless steel heat pipes (HP1, HP2 and HP3), with different screen mesh numbers
(400, 200 and 100 respectively) for different inclinations. It shows a similar behavior for temperatures in the
evaporator, condenser and adiabatic sections for both heat pipes. As seen on Figs 3b-c-d, the heat pipes
show higher temperatures (evaporator, condenser and adiabatic), when compared with Figure 3a to the
critical power of 125W due to the inclination influence on their performances.
For an improved analysis, the thermal conductance (G) was calculated for the experimental results, when all
heat pipes reached a steady state condition. The thermal conductance was calculated as
G

Q , W/°C
Te  Tc

[1]

with uncertainties below 10%.
Figure 4 presents the results for the maximum thermal conductance observed for all heat pipes obtained
from Eq. (1) for an improved analysis of the heat pipes thermal operation for all power levels. The highest
thermal conductance of 19.10 W/°C was observed for HP2 operating on cycle 2, which presents a stainless
steel container and wick with mesh number 200, operating at 0°.

(a)

(b)

(c)

(d)

Figure 3 - Temperature profiles for the heat pipes, operating (a) 0°, (b) 30°, (c) 60° and (d) 90° for
HP1, HP2 and HP3.

(a)

(b)

(c)

(d)

Figure 4- Thermal conductance for the power cycles

The second highest thermal conductance was verified for HP1 in 15.5 W/°C operating at the cycle 1, which
presents a stainless steel container and wick with mesh number 400, operating at 30°. Differences on the
thermal conductances are basically due to the operating inclination of heat pipes.
CONCLUSION

Experimental results for heat pipes HP1, HP2 and HP3 (stainless steel) operating at mid-level temperatures
using water as the working fluid operating with power cycles and different inclinations were carried out. The
following conclusions can be derived from this investigation:
1. All four heat pipes presented stable behavior, for both transient and steady-state conditions, when
they operated using the power levels of 25, 50, 75, 100 and 125 W. During the experimental tests
and analysis of the results, no heat pipe presented dry-out tendencies;
2. Significant differences between the temperatures of the evaporator and condenser were presented by
the heat pipes in the inclinations of 30° 60° and 90° when compared with the heat pipes operating
horizontally, basically due to gravity influence but also because of lower pumping capacity
promoted by the screen mesh 100 using on HP3;
3. Heat Pipes operating at 0° presented startups without oscillations of temperatures, confirming better
performance when analyzing the thermal conductance results;
4. Regarding the thermal conductances, the heat pipes demonstrated higher values by using screen
mesh number 400 and 200 due to their higher capillary pumping capability.
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ABSTRACT: Based on the earlier-established MnCl2/CaCl2-NH3 two-stage solid sorption freezing
system for a refrigerated truck, a series of optimization designs are conducted. For sorption beds
consisting of many unit tubes, the arrangement mode is changed to the staggered arrangement.
Off-the-shelf heat exchangers from refrigeration industries are chosen as the evaporator and the condenser,
and the expansion valve is used. The total mass of the optimized system is reduced to approximately 150
kg. Corresponding experiments have been done. Different refrigerating temperatures ranging from -25oC
to 0oC are investigated, and experimental results show the optimized system can easily satisfy the
requirement even for transporting frozen goods. Through the optimization, not only the refrigerating
capacity but also the total mass of the system can satisfy the requirement of this refrigerated truck.
KEYWORDS: optimization; solid sorption freezing cycle; two-stage; refrigerated trucks; exhaust gas
1. INTRODUCTION
Refrigerated trucks are utilized to carry fresh, frozen and perishable goods, and refrigerators are
essential for refrigerated trucks. At present, the predominant technology is mechanical vapor compression
refrigeration driven by a diesel engine, which certainly will increase greenhouse gas and particulate matter
(PM) emissions. Considering that the engine exhaust gas has a relatively high temperature and a large
amount of heat, the solid sorption refrigeration cycle that is driven by the low-grade heat source can be
used to recover the waste heat and provide refrigerating capacity (Wang and Oliveira, 2006; Goyal et al.,
2016).
Much work about adsorption air-conditioning systems powered by waste heat from internal
combustion engines has been done(Ali and Chakraborty, 2015; Amir et al., 2015; Jiangzhou et al., 2005;
Jribi et al., 2013, 2014; Ramji et al., 2014). The researches mentioned above mostly focus on the
adsorption air-conditioning system for which the refrigerating temperature is above 5oC, so they are not
suitable for refrigerated trucks. It is because the required refrigerating temperature of refrigerated trucks
generally ranges from -18oC to 0oC.
To make the sorption refrigeration cycle suitable for refrigerated trucks, Gao et al. (2016a, 2016b)
proposed and established a MnCl2/CaCl2-NH3 two-stage solid sorption freezing system driven directly by
the exhaust gas. Experimental results showed that the refrigerating capacity obtained could satisfy the
requirement for transporting fresh goods even under the low engine load condition in summer, but the
system has some problems as follows:
(1) The system can reach the required refrigerating capacity only for transporting fresh goods at the
refrigerating temperature of 0oC and -5oC.
(2) The cycle time of the system is up to 240 min.
(3) The total mass of the system is relatively heavy, almost 260 kg.
To solve the above problems, a series of optimization designs are conducted in this paper and the
optimized system is also established. Simultaneously, corresponding experiments have been done.

2. SYSTEM DESCRIPTION
The refrigerator on the truck is utilized to maintain the internal temperature of the cabin constant, so
that the goods don’t deteriorate during transportation. The required refrigerating temperature of
refrigerated trucks generally ranges from -18oC to 0oC. In this paper, a refrigerated truck with a rated
power of 80 kW is analyzed, and the cabin size is 4035 mm×1935 mm×1800 mm. The required
refrigerating capacity is shown in Table 1 (Gao et al., 2016a, 2016b).
Table 1 Required refrigerating capacity under different refrigerating temperatures
Refrigerating temperature/oC
0
-5
-10 -15 -18
Required refrigerating capacity/kW 0.97 1.13 1.29 1.45 1.55
The schematic diagram of the MnCl2/CaCl2-NH3 two-stage solid sorption freezing system is shown in
Figure 1a, which consists of a high-temperature salt sorption bed (HTS bed), a middle-temperature salt
sorption bed (MTS bed), an evaporator, a condenser, an expansion valve (EAV), three ammonia valves
(AV), two exhaust valves (EV), two air valves (CV) and a liquid storage tank. The ammonia is chosen as
the refrigerant. Composite sorbents of MnCl2 and CaCl2 developed by the matrix of the expanded natural
graphite treated with sulphuric acid (ENG-TSA) are filled in the HTS bed and MTS bed, respectively. To
make the system simple, two sorption beds are heated directly by the engine exhaust gas.

(a)
(b)
Figure 1 MnCl2/CaCl2-NH3 two-stage solid sorption freezing system: (a) schematic diagram; (b) lnP-T
diagram
The detailed working principles of the system are as follows:
(1) Sorption process of the HTS bed and desorption process of the MTS bed. For this process, air
valve CV1, exhaust valve EV2, expansion valve EAV, ammonia valve AV1 and AV2 are opened. The HTS
bed is cooled by the ambient air, and the MTS bed is heated by the engine exhaust gas. The working
pressure of the HTS bed decreases gradually from Pre to Pe, and the working pressure of the MTS bed
increases from Pre to Pc, as shown in Figure 1b. The ammonia is desorbed from the MTS bed and
condensed into the liquid in the condenser. The liquid ammonia flows into the liquid storage tank, and then
passes through the expansion valve. Consequently, the pressure of the liquid ammonia changes from Pc to
Pe, and correspondingly, the temperature of the liquid ammonia decreases quickly from Tc to Te. The
low-temperature and low-pressure liquid ammonia flows into the evaporator and evaporates. The
evaporation process of the ammonia inside the evaporator produces the refrigeration effect, and the chilled
air transfers the refrigerating capacity into the cabin. Finally, the ammonia is sorbed by the HTS bed.
(2) Resorption process between the HTS bed and the MTS bed. For this process, air valve CV2,
exhaust valve EV1, ammonia valve AV3 are open. The HTS bed is heated by the engine exhaust gas, and
the MTS bed is cooled by the ambient air. The ammonia is desorbed from the HTS bed and flows to the

MTS bed. The MTS bed sorbs the ammonia and the reaction heat is released to the ambient air.
The installation of the sorption freezing system on the truck is shown in Figure 2.

Figure 2 Installation of the MnCl2/CaCl2-NH3 two-stage solid sorption freezing system on the truck
The sorption beds consist of many unit tubes, and the arrangement mode is changed to the staggered
arrangement for enhancing heat exchange. The total number of unit tubes is reduced from 200 and 121.
Composite sorbent is filled in the unit tube. The mass ratio between the metal chloride and the ENG-TSA
is 5:1, and the packing density of the composite sorbent is approximately 500 kg/m3.
For the evaporator, the plate-fin type heat exchanger is utilized, and the base tube is made of
aluminum. For the condenser, the parallel-flow heat exchanger with the characteristics of high efficiency
and compactness is used. Both the evaporator and the condenser are off-the-shelf components of
refrigeration industries.
3. PERFORMANCE CALCULATION
As mentioned above, the sorption bed is heated by the engine exhaust gas in the desorption process.
The heat input for the whole desorption process is mainly composed of desorption heat of the composite
sorbent, the sensible heat of the composite sorbent and the metallic materials of the sorption bed.
The average heat input Qave, heat in a cycle:
Qave, heat




tcycle

0

Cexh .mexh .Texh,in  Texh,out dt

(1)

tcycle

The instantaneous refrigerating capacity Qins, ref:
Qins, ref  Cchilled,air .mchilled,air .Tchilled air,in  Tchilled air,out 

(2)

where the Tchilled air, in and Tchilled air, out are the chilled air inlet and outlet temperatures of the evaporator.
The average refrigerating capacity Qave, ref in a cycle:
Qave, ref




tcycle

0

Cchilled,air .mchilled,air .Tchilled air,in  Tchilled air,out dt
t cycle

(3)

The coefficient of performance:
COP 

Qave, ref
Qave, heat

The specific cooling power per kilogram of sorbent:

(4)

SCP 

Qave, ref
M tot, sor

(5)

where Mtot,sor is total mass of the composite sorbent.
4. EXPERIMENTAL RESULTS AND DISCUSSION
The MnCl2/CaCl2-NH3 two-stage solid sorption freezing experimental system after optimization is
established, as shown in Figure 3. For the heating process of sorption beds, the hot air heated by the
electric heater, whose maximum power is 21 kW, is utilized to simulate the engine exhaust gas. Two
centrifugal fans are utilized to cool two sorption beds separately to simulate the cooling process of the
sorption beds when the truck is running. To consume the refrigerating capacity, the electric heater
controlled by the temperature controller is installed in the cabin.

Figure 3 MnCl2/CaCl2-NH3 two-stage solid sorption freezing experimental system
The air inlet and outlet temperatures of the sorption beds under a typical operational condition are
shown in Figure 6a and Figure 6b. The hot air temeprature and the ambient temperature are 210oC and
15oC, respectively. For the HTS bed, from 0 min to 30 min the resorption process between the HTS bed
and the MTS bed occurs, and from 30 min to 65 min the sorption process of the HTS bed occurs.
The working pressure of the sorption beds is shown in Figure 4b. For the HTS bed, because the
resorption happens between MnCl2 bed and CaCl2 bed, the working pressure is at a relatively low value
ranging from 0.083 MPa to 0.479 MPa. Meanwhile, for the MTS bed, because desorption occurs between
the sorption bed and the condenser, the working pressure ranges from 0.110 MPa to 0.973 MPa.
Just as mentioned before, the required refrigerating temperature of refrigerated trucks generally
ranges from -18oC to 0oC, so different refrigerating temperatures are investigated. The hot air temperature
and the resorption time are controlled at approximately 210oC and 30 min, respectively.
The instantaneous refrigerating capacity for different refrigerating temperatures of -10oC and -20oC
is shown in Figure 5. Taking the refrigerating temperature of -10oC as an example (Figure 5b), when the
HTS bed begins to sorb the ammonia refrigerant at 35 min, the chilled air outlet temperature of the
evaporator drops quickly from -2.1oC to -10oC in one min, and then, the electric heater installed in the
cabin begins to heat the chilled air. Such a short time is due to that the expansion valve and the plate-fin
type heat exchanger are utilized in the sorption freezing system. After that, the chilled air inlet
temperature increases gradually. Based on eq. 2, the instantaneous refrigerating capacity is calculated, and
the result is shown in Figure 5b.

(a)
(b)
Figure 4 Performance of sorption beds: (a) air inlet and outlet temperatures of sorption beds; (b) working
pressure

(a)
(b)
Figure 5 Instantaneous refrigerating capacity under refrigerating temperatures of: (a) -10oC; (b) -20oC;

The average refrigerating capacity in a cycle for different refrigerating temperatures is shown in
Figure 6a, which decreases gradually with the decreasing refrigerating temperature, which is due to the
critical mass transfer performance under the lower evaporating pressure of the ammonia refrigerant, i.e.,
the lower refrigerating temperature. The average refrigerating capacity for the refrigerating temperatures
of 0oC, -10oC, and -20oC are 2.46 kW, 2.06 kW and 1.69 kW. Compared the required refrigerating
capacity shown in Table 1, the average refrigerating capacity obtained experimentally is enough to meet
the requirement. Additionally, both the maximum COP and the maximum SCP shown in Figure 6b are
obtained at the refrigerating temperature of 0oC, and they are 0.288 and 186.4 W/kg, respectively.

(a)
(b)
Figure 6 Performance under different refrigerating temperatures: (a) average refrigerating capacity; (b)
COP and SCP
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CONCLUSION

Based on the earlier-established system, an optimized MnCl2/CaCl2-NH3 two-stage solid sorption
freezing system driven directly by the exhaust gas is established, and a series of experiments are done.
Different refrigerating temperatures ranging from -20oC to -5oC are investigated at the hot air
temperature of 210oC and the resorption time of 30 min, and the refrigerating capacity obtained is enough
to meet the requirement of this refrigerated truck. Even at the refrigerating temperature of -20oC, the
refrigerating capacity is approximately 1.69 kW. The maximum COP and the maximum SCP are 0.288
and 186.4 W/kg, respectively.
Through a series of optimization, both the refrigerating capacity and the total mass of the system can
satisfy the requirement of this refrigerated truck. In the following experiment, the optimized system will
be installed in the truck to conduct the test.
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ABSTRACT: A solar-driven fresh water device was designed and fabricated based on the sorption and
desorption cycle to realize fresh water production from the atmosphere. The appliance is composed of
three main portion and experiments have been down. The Active Carbon Felt (ACF) combined with
CaCl2 adsorbent was developed and adopted for the great performance of water take up 1.7g/g. The mass
of adsorbent used in the device is 2.25 kg with solar collector area of 0.77 m2, and corresponding cycle
quantity of water is 1.4 kg. Such a results can provide a frame of reference to the device of 50 kg water
per day, which is enough for 38 people to drink per day.
Keyword: composite adsorbent; ACF-CaCl2; solar-driven fresh water device.
1. INTRODUCTION
A sustainable fresh water source is of vital importance for the inland regions and islands with deficit of
natural fresh water supplies. It is well known that atmosphere is a huge water reservoir around the Earth,
and the humidity generally exceeds 10 g/m3 for the deserts and even as high as 25 g/m3 near the seashore
areas. The A solar-driven fresh water device can be widely applicable in most regions, which is based on
the sorption and desorption cycle to extract fresh water from atmosphere. And it is driven by sustainable
energy such as solar energy and waste heat, which reduced energy consumption. Several researches have
been down on the sorption equilibrium of the adsorbents and design of the system to demonstrate the
feasibility of solar-driven fresh water production, but the performances of adsorbents and the system are
unsatisfactory(H.I. Abualhamayel and Gandhidasan 1997; YI, et al. 1999).
The selection of selective water sorbent (SWS) is a crucial for the air-to-water adsorption system.
The ideal material should possess excellent adsorption performance and the ability to store the adsorbed
water until it is heated to desorb. Composite adsorbents(Aristov, et al. 1996a; Aristov, et al. 1996b), as an
important part of SWSs, received great attention for their economical, practical and stable features. Silica
gels(Wang, et al. 2009), and activated carbon(Zheng, et al. 2014) are widely used host materials. However,
the composite adsorbents with the host matrix of silica gel have the fatal flaws of carryover(Yu, et al.
2014), rupture, and low adsorption capacity per unit mass. Adopting Active Carbon Felt (ACF) as the host
matrix is a promising way to substitute silica gel, for the micro-structure to hold more liquid and avoid
lyolysis. Meanwhile, CaCl2 was selected as water vapor sorbent for air-to-water adsorption system
because of its low cost, non-toxic, and remarkable water absorption performance.
The device includes three main components of solar collector, adsorbent bed and condenser, which is
designed based on the sorption and desorption cycle. The system sorbs the water in the air in night and
desorbs the water in the daytime. The mass of adsorbent used in the device is 2.25 kg with solar collector
area of 0.77 m2. The corresponding cycle quantity of water is 1.4 kg, and the actual quantity of water
collected is 0.88 kg according to the experiment. Such a results can provide a frame of reference to the
device of 50 kg water per day, which is enough for 38 people to drink per day. The device will be improved
and upgraded in follow-on work.

2. MATERIAL PREPARETION AND INTRODUCTION OF A SMALL PROTOTYPE
2.1 Development of material
The excellent sorption performances of Active Carbon Felt (ACF) and type C Silica-gel (SC) with
different concentrations of CaCl2 have already been proved by authors at previous research, thus it was
adopted directly for the system(Wang, et al. 2016). The ACF with the thickness of 1 mm was employed
for composite adsorbents. Firstly, the ACF felt was cut into 6 cm×6 cm pieces and then dried in an oven
at the temperature of 120°C for 4 hours. Then the ACF felts were sealed and cooled down to room
temperature. ACF felts were impregnated in the aqueous solution CaCl2 with the mass concentration of
30% at the temperature of 20°C for 8 hours. The schematic procedure was shown in fig.1, 2 mm of the
samples were immersed in the solution. Due to the extremely strong capillary force of ACF felts, the
liquid was absorbed from the bottom to the top of the samples, and the effective impregnation length is 6
cm.

Fig.1. Developing procedures of the composite adsorbents with ACF as matrix; (a) the ACF is dried in
the oven, (b) impregnation (c) the ACF is dried in the oven after impregnation.
Actually, before impregnation the ACF felt material is soft and flexible. While it became stiffened
after impregnation of the salt and drying process. fig.2 shows the appearance of ACF，ACF. fig.2 (a)
presents texture features of pure ACF, which is black and soft. After impregnation in CaCl2 solution, in
fig.2 (b) the dry samples turn to be white partially and hard inside, due to the salt padding into fibers’ gap.
Scanning electron microscope (SEM) was adopted to observe the microscopic morphology of the
samples. For ACF felts, it can be observed in fig.2 (c) that a large number of fibrils create a small quantity
of discontinuous texture grooves and wedge-shaped axial cracks at macro level. One fiber is consisted
with a series of longitudinal filament fibers in irregular shape and different sizes in fig 2 (c), and the
rugged surface is very suitable for salt to adhere. The micro structure of ACF felts increases the surface
area, enhances the capillary force of the materials, and ensures it becomes a good carrier to conduct and
hold water.
After impregnation in 30% calcium chloride aqueous solution, fiber surfaces are uniformly covered
with calcium chloride as the solid sorbent for absorbing water vapor in the air, as shown in fig.2 (d), and
the space formed by the fibers can accommodate a large number of liquid. The solid calcium chloride
absorbs water into a concentrated solution, which also has the strong adsorption capacity of water. The
calcium chloride attached to the matrix composed of a large number of fibril, and the great capillary force
of the ACF felts ensures that plenty of fluids will not flow out.

Fig.2. Textures of the ACF matrix and composite adsorbent; (a) the appearance of ACF matrix, (b) the
appearance of composite adsorbent, (c) SEM picture of ACF matrix, (d) SEM picture of the compound
2.2 Performance of the ACF-CaCl2 combined adsorbents

Non-equilibrium adsorption properties are shown in fig.3 at three different conditions. The
ordinate represents the ratio of the increment of the sample mass in different processes of
experiments. The initial weight was obtained from the sample dried under 120°C for 4 hours. As
shown in fig.3, at 500 min, the saturated quantity of water uptake of sample was 1.7g/g at 25 oC
and 80% relative humidity; what’s more, the saturated performances of water uptake were
decreasing slightly with the reduction of relative humidity at the same temperature. ACF-CaCl2 is
the optimum adsorbent for it has the excellent sorption performance of water uptake under the
test conditions. Furthermore, the problem of carryover does not occur during the adsorption
experiment since ACF has the powerful capillary force to hold the liquid.

Fig.3. Water uptake performance of the compound samples per unit mass.

2.2 Introduction of a small prototype
As shown in fig.4 (a), the three main components of air-to water device driven by solar collector
system were solar collector, sorbent bed and condenser. The solar vacuum tube collectors was adopted as
a heat source for desorption process. The adsorbents were rolled up outside the mass transfer channel
loosely, which promote air circulation and make the sorbent extract water and desorb water largely.
Copper finned tubes have been designed as a condenser to cool down the air with high temperature and
humidity sufficiently.
As shown in fig. 4, in night valve is open, then the air enters into the sorbent bed from the bottom of
the tube and diffuse upwards through mass transfer channel of the sorbent bed under the influence of
adsorption heat and the air extraction hood. During this process the water vapor is adsorbed by the
adsorbents. Then, the dry air is discharged into the atmosphere from condenser and the hood. In the
daytime valve is closed. The sorbent bed is heated by solar vacuum tubes. Then, the composite adsorbents
desorb the water vapor and regenerate. After that, the high temperature and humidity air gets into the
condenser. The gas is cooled down and the water vapor condensed into liquid water, which is collected at
the bottom of condenser by gravity.
Concrete realization of the appliance presented in fig.4 (b).Two temperature and humidity sensors
are arranged at the outlet of the adsorption bed and the condenser respectively. This unit is completely
dependent on renewable energy.

Fig.4. working diagram (a) and the physical device (b).
3．EXPERIMENT RESULT
The experimental data of temperature and relative humidity were recorded by an acquisition
instrument. It is shown in fig.5 (a) that the adsorbents outlet temperature (AOT) rise rapidly for the solar
collector tube form 0-90 min which is 10:20 am to 11:50 am; meanwhile, the condenser outlet
temperature (COT) increase slightly during this period; then, the AOT and COT dropped down due to the
influence of clouds at 100 min; the overall trend of temperature is declining with a great volatility after
120 min. Meanwhile, in fig.5 (b), both of the condenser outlet relative humidity (CORH) and the
adsorbent outlet relative humidity (AORH) increase sharply during 0-110min, which means the
adsorbents desorb a large amount of water vapor and the condenser are unable to cool completely for a
short while; then the AORH decreased and there is a large fluctuation in CORH due to the natural air

cooling of the copper finned tube from 110 to 350 min; absolute moisture content remains unchanged in
condenser and the CORH and AORH are increasing with the temperature decreasing after 400 min.

Fig.5. Instantaneous data recording of the device; (a) outlet temperatures of condenser and adsorbent bed,
(b) outlet relative humidity of condenser and adsorbent bed.
Before adsorption, the weight of the dry adsorbents was 2.25 kg, which was the initial weight
obtained by being dried under 120°C for 4 hours. Then the weight of adsorbent became 4.1 kg, when it is
exposed to the 25oC and 70% adsorption condition for 8 hours; the water absorption per unit mass of the
ACF-CaCl2 filling in the device is 0.82 g/g, which is only a half of the samples’ water uptake 1.7g/g.
After desorption cycle, the quantity of the adsorbent bed is 2.7 kg, so the corresponding cycle quantity of
water is 1.4 kg. However, the water collected is 0.88 kg, nearly half of the water vapor released without
being condensed.
Actually, this the results are not satisfactory enough due to the structure of the adsorption bed and
the manner of adsorbent filling. The solar collector tube is too slender to allow air to enter easily, and both
of the adsorption and desorption cycles of the ACF-CaCl2 are insufficient. What’s more, the exhaust gas is
discharged into atmosphere with a part of water vapor which should be recycled to condenser. The area of
the sunlight reflector should be expanded appropriately to make the adsorbent bed get higher temperature
to desorb. It is difficult for adsorbent to get and store water from atmosphere, so the water loss should be
reduces as far as possible in each link, and it is really worth researching on air-to-water device in the
context of the global energy and water shortages.
CONCLUTION:
A solar-driven fresh water device was fabricated on the sorption and desorption cycle to realize fresh
water production from the atmosphere.
(1) ACF-CaCl2 was developed as the novel composite adsorbent as the SWS for air-to-water system,
which has excellent sorption performance of water uptake and no carryover occurring for the
powerful capillary force.
(2) The composite adsorbent ACF- CaCl2 was and the water uptake performance of sample is 1.7g/g,
while the water uptake of the ACF-CaCl2 filling in the device is 0.82 g/g.
(3) The adsorbent bed structure and the the adsorbent filling mode should be improved to make the
adsorption sufficient. And the exhaust gas should recycle in order to cut off the loss of water.
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ABSTRACT A set of mathematic models was developed to predict the mass transfer characteristics of
lithium bromide （LiBr）aqueous solution added nano-particles, and validated by some falling film
absorption experimental data. The results show that nano-particles can significantly improve the water
vapor absorbing rate of nano-fluid and the absorbing rate increases with the amount of nano-particles to be
added into. In same fraction of the nano-particles, the water vapor absorbing rate increases with the flow
rates of the nano-fluid. The mass transfer coefficient of absorber enhances with the amount of
nano-particles in the solution. When the flow rate of nano-fluid with adding nano-particles by 0.05% and
0.1% in weight is at 1.2L/min, the mass transfer coefficient increases 1.32 and 1.41 times respectively.
KEY WORDS

nano-particle; mass transfer; LiBr-aqueous solution; falling film absorption

INTRODUCTION
It was known well that nano-particles could improve the heat and mass transfer characteristics of some
solutions when they are added into. Researching of Li J., 2006 shows that the heat and mass transfer of
HFC134a mixed with water could be intensified by mixing CuO nano-particles. Hui Liu, 2009 researched
the Marangoni convection that takes place at the interface of ammonia absorbing water vapor and improves
mass transfer greatly due to the action of nano-particles. Zhongli Tang, 2012 researched the ability of
ethanol absorption of CO2 by adding with Al2O3, TiO2, MgO and SiO2 nano-materials respectively. Results
show that Al2O3, was best, and absorbing effect was positive with increasing adding amount of
nano-particles and negative with enhancing diameter of nano-particles. Zhigang Zhou, 2012 obtained
optimum concentration of nano-material ZnO mixed into ammonia solution during intensifying the rate of
absorption. Kang, 2008 and Hongtao Gao 2004 found that nano-carbon pipe was provided with promoting
absorbing rate of lithium bromine (LiBr) aqueous solution with water vapor, and the less the solution
surface tension is, the more intense the absorbing ability is. This article aims at studying theoretically and
experimentally the influence of different flow rate and different adding amount of nano-particles on falling
film mass transfer characteristics of the nano-LiBr aqueous solution.
MATHEMATICAL MODELS
Fig.1 is the construction of lean metal plate absorber when mass transfer experiment carries out. Fig.2
shows the diagram of falling film absorption process and mass transferring.
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1— overflow slot；2—nano-LiBr aqueous solution；3—lean metal plate；
4—clapboard；5—water vapor

Fig.1 Construction of a lean metal plate absorber

1—water vapor；2—nano-LiBr aqueous solution; 3—lean metal plate ；4—cooling water

Fig.2 Diagram of falling film absorption process
A set of mathematical models was established based on below assumptions combining with Fig.2.
• All thermalphysics property of nano-LiBr aqueous solution was constant during the test.
• The mass rate of solution kept unchanged.
• There was not cutting stress taking place in the interface between vapor and liquid.
• The interface of mass transfer was at an equilibrium state during tests.
• Ignore the resistances of water vapor in mass transfer.
The mathematical models for falling film mass transfer of nano-LiBr aqueous solution are as followings.
• Conservation of Mass

∂u ∂v
+
=0
∂x ∂y

[1]

• Conservation of Momentum

⎛ ∂ 2u ∂ 2u ⎞
⎛ ∂u
∂u ⎞
∂p
ρ⎜⎜ u + ν ⎟⎟ = ρ ⋅ g ⋅ sin 37° − + μ⎜⎜ 2 + 2 ⎟⎟
∂y ⎠
∂x
∂y ⎠
⎝ ∂x
⎝ ∂x

[2]

• Conservation of Energy

⎛ ∂T
∂T ⎞
+ ν ⎟⎟ =
ρ ⋅ c p ⋅ ⎜⎜ u
∂y ⎠
⎝ ∂x

⎛ ∂ 2T ∂ 2T ⎞
λ⎜⎜ 2 + 2 ⎟⎟
∂y ⎠
⎝ ∂x

[3]

• Mass transfer Differential Equation
u

⎛ ∂ 2C ∂ 2C ⎞
∂C
∂C
+ν
= D⎜⎜ 2 + 2 ⎟⎟
∂x
∂y
∂y ⎠
⎝ ∂x

The boundary conditions are as followings.

[4]

• Temperature T, velocity u and concentraction C of the solution at inlet of lean metal plate kept
unchanged, that is x = 0， T = Tin ,ν = νin , C = Cin and the values of T,V and C at the outlet were main
flowing parameters.
• There are not slippage and mass penetration, that is y = 0， u = 0，v = 0, ∂C
∂y

=0

.

• Temperature of the lean metal plate belongs to the third type of boundary condition. That
is, Tw = constant .
• At the interface between water vapor and liquid, that is y = δ 0 ：concentration of the solution is equal
to C = C(T,p) ; mass transfer is m& = ρ ⋅ D ⋅ ⎛⎜ ∂C ⎞⎟
⎜
⎟

⎝ ∂y ⎠ y = δ 0

and heat absorbed was computed by

q& = h ⋅ m& .

EXPERIMENTAL FACILITY
A system chart about the experimental platform of the mass transfer performance of LiBr aqueous solution
is shown in Fig. 3.

1—absorber；2,5—LiBr solution tanks；3—constant pressure；4—cooling water tank；6—generator；
7, 8—absorbing plate；10,11,12—liquid pumps；13,14—liquid flow meters

Fig.3 Mass transfer experimental system
The test rig, as shown in Fig. 3, consists of a heat and mass transfer system (1,7,8), a water cooling
system (4, 9,12,13）, water steam generating system (6, 5, 2, 10, 11, 3,14), a vacuum system and a data
measuring system.
The solution flowing into the absorber generates flow film on the lean metal plate equably when it brims
the overflow groove. There is some distilled water in the water vapor generator. The water vapor generator
stockpiles a certain amount of water vapor when switching on the heater to heat the distilled water in a
constant temperature. The heater and cooling coil are inside the cooling water tank to control the
temperature of the cooling water. The temperature of the solution that flows into and flows out the absorber
is measured by temperature sensor 1 and sensor 2 respectively. Two liquid flow meters are used to measure
the flow rate of the solution and the cooling water in the experimental system respectively. The instruments

used in the experimental system are shown in Table 1.
Table 1 the table of measuring instruments
name

parameter

type

measure range

precision

Densitometer

density

WBA-505

0～3g/cm3

±0.00005g/ cm3

pressure sensor

pressure

NS-Ⅰ1

0～100kPa

0.05%

temperature sensor

temperature

SSX26-07119

0～200℃

±(0.15+0.002t)℃

flow meter

Flowing

rate

AXF005G

3

0～0.7068m /h

0.2%

RESEARCHING RESULTS AND DISCUSSIONS
LiBr aqueous solution with 58% concentration, nano-particles CuO and Arabia colloid dispersant were
selected for the researching. Combined the boundaries conditions with Fluent software, the mathematic
models were solved numerically. In order to verify the feasibility of mathematical models established, the
error results between computed values and test data was made. The results displays that the maximum
absolute errors of the LiBr aqueous solution concentration is up to 0.11%. It means that the precision of
simulated results is satisfactory and feasible.

Fig. 4 Concentration varies with flow rates

Fig. 5 Mass transfer coefficient vs. flow rate
From Fig.4, when the solution flowing rate is 0.2L/min, the concentration difference between inlet and
outlet for pure LiBr solution is 0.66%, while the additive amount of nano-particles in the solution is 0.05%
and 0.10%, the concentration difference of inlet and outlet of the absorber shows 1.31% and 1.54%
respectively. It means that it is beneficial for adding nano-particles into LiBr aqueous solution to improve

mass transfer performance.
Fig. 5 shows that mass transfer coefficient of the absorber changes with solution flowing rates. For the
same kind of solution, from the figure, mass transfer coefficient of the solution augments with the increase
of flowing rates to make the solution concentration enhancing in the process of falling film. The reason for
this is that increase flowing rate of the falling film could enhance its velocity to result in intensity of
blending ingredients in the nano-solution and strengthening heat and mass transfer. Considering the mass
transfer coefficient of the three kinds of solutions added with nano-particles in percentage of 0.00%, 0.05%
and 0.10% in weight, the mass transfer coefficient of the absorber increases sharply with enhancement of
flowing rates of the solution and of the adding amount of the nano-particles. As shown in Fig. 5, when the
solution flow rate is 1.2L/min, the mass transfer coefficient of the absorber using pure LiBr solution is
6.74×10-6 m/s, while using LiBr solution added nano-particles with 0.05% and 0.1%, the mass transfer
coefficient is up to 8.90×10-6 m/s and 9.49×10-6 m/s. It means that the mass transfer coefficient of the
nano-LiBr aqueous solution is more1.32 to 1.41 times than that of pure LiBr aqueous solution.

Fig. 6 Mass transfer enhancing factor with flowing rates for each solution
Fig. 6 is a column chart of mass transfer enhancing factor with flowing rates of nano-LiBr aqueous
solution. From the figure, mass transfer enhancing factor displays a maximal value at 0.2L/min of flowing
rate for the nano-solution. Keeping flowing rate of the nano-solution 0.2L/min, the mass transfer
enhancing factor of the nano-solution is obtained with 2.01 and 2.35 respectively when the additive
amount of nano-particles is 0.05% and 0.10%. Both increments are up to 16.9%. At same amount of
nano-particles in the solution, the mass transfer enhancing factor of the nano-solution is 1.36 and 1.42
when the flowing rate is 1.2L/min, and both increments are only 4.4%. The big difference of the increment
shows that the Surface Effect of nano-particles is playing a main act in the process of intensifying heat and
mass transfer for the solution at a proper flowing rate such as 0.6L/min. However，the high flowing rates
and fast velocity of the nano-solution could bring more strong impact and fluctuation between
nano-particles each other to counteract the Surface Effect of nano-particles, therefore the mass transfer
enhancing factor would be reduced when the flowing rates of the nano-LiBr aqueous solution increases
during the experiment.
CONCLUSIONS
Through studying theoretically and experimentally about the falling film mass transfer of LiBr aqueous
solution added nano-particles, some results are obtained: (a) the mass transfer coefficient of the
nano-solution is improved 1.32 times and 1.41times respectively when the additive amount of

nano-particles is 0.05% and 0.10% in the solution；(b) mass transfer coefficient increases with amount of
nano-particles added enhancing, while the amplitude of mass transfer coefficient depresses gradually with
amount of nano-particles added enhancing. It means that the positive effect and negative effect of
nano-particles is playing a main act in heat and mass transfer of the nano-LiBr aqueous solution, Guozhen
Xie, 2014.
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NOMENCLATURE

c p ------ specific heat, kJ /(kg ⋅ k ) ,

C ------ concentration of solution,
D ------ Diffusion coefficient, m / s ,

h

------- specific enthalpy, kJ / kg ,

m& ------flowing rate of solution, kg / s ,

p

------ pressure, kPa,

T ------ temperature, K,

q& ------ heat absorbed, W,

u ------ velocity along x direction, m / s ,

v ------ velocity along x direction, m / s ,

x, y ------ coordinates at horizontal and vertical direction on the lean metal plate,

μ ------ dynamical viscosity, N ⋅ s / m 2 ,
ρ ------ density of solution, kg / m 3

λ ------ heat conductivity, W /(m ⋅ K )
,

δ ------ thickness of solution film, m.

Subscripts
in ------ inlet
o ------ original state

w ------ wall of the lean metal plate
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ABSTRACT
This study analyzes an experimental investigation of an Organic Rankine Cycle (ORC) with R1233zd-E as
working fluid in terms of measuring uncertainty. A methodology for an uncertainty analyses containing
systematic errors and the propagation of random errors has been presented and exemplarily applied for the
measuring uncertainty of the gross thermal efficiency. There, the uncertainty calculated from the
manufacturers’ data sheet uncertainties and the measured uncertainties calculated with the empirical
standard deviation have been compared resulting in the observation, that the empirical standard deviation
is less for all experiments. Furthermore, the influence of using different Equation Of States (EOS) for the
calculation of thermodynamic properties has been analyzed. It can be concluded, that the deviation between
the Helmholtz-Energy EOS and the Peng-Robinson EOS is in the same order of magnitude as the
measurement uncertainty.
1. INTRODUCTION
In recent years, interests on the utilization of low temperature heat have grown rapidly due to the aim of
increasing energy efficiency and the proportion of renewable energy sources. Therefore, the ORC is one of
the most promising technologies. Instead of water, as it is used in the conventional Rankine cycle, the ORC
uses an organic working fluid. Due to the environmental impact of many state-of-the-art fluids,
hydrofluoroolefins as the so called fourth generation of working fluids have been developed. One
representative of this group is R1233zd-E which is said to be a drop-in replacement for R245fa (Eyerer et
al, 2016), a currently wide spread refrigerant in ORC with a significant global warming potential (GWP).
For the evaluation of measured quantities from an experimental study, fluid properties are commonly
obtained from a well-established fluid database such as REFPROP which employs multi-parameter EOS
for calculation. Contrary to that, the thermodynamic properties can also be determined with another EOS
such as the cubic Peng-Robinson (PR) EOS. Both approaches have a specific uncertainty in defining the
required properties and thus affects the finally calculated quantities.
In the present study an experimental investigation of an ORC with R1233zd-E as working fluid is
conducted. Thereby, the purpose of this work is twofold: First, focus is put on the uncertainty analyses of
the measured parameter and the subsequent error propagation. Second, the differences associated with the
use of two different EOS for the calculation of thermodynamic properties are analyzed and discussed.
2. EXPERIMENTAL FACILITY AND METHODOLOGY
The ORC test rig has a standard cycle design and consists of two major loops, a heating loop where
pressurized water circulates and an ORC loop where working fluid flows. The schematic view of the test
rig as well as the applied measurement devices and major control options are depicted in figure 1. For data
acquisition and test rig control the reconfigurable control system CompactRIO by National Instruments
together with the system design software LabVIEW is applied.
The heat source of the ORC is a 45kW electrical resistance heater whose power is controlled by pulse width
modulation. A semi-hermetic automobile scroll compressor from Sanden International, Inc. has been

modified to work as an expander. A positive displacement reciprocating diaphragm pump is used as a feed
pump for the cycle. And an air-cooled condenser is applied as the heat sink of the system.

Figure 1: Schematic view of the ORC test rig
For experimental investigation the mass-flow rate of the working fluid is varied while all other operational
parameters are kept constant. Therefore, the heat source temperature is set to 120 °C with a constant water
mass-flow. The rotational speed of the expander is set to 3000 rpm and the condensation temperature is
controlled to a value of 25 °C. With this constant condition, the working fluid mass-flow rate is increased
from 15 g/s up to 45 g/s in 5 g/s steps. Due to a fixed condensation temperature, the increasing mass flow
rate leads to a higher live steam pressure and thus a higher pressure ratio (Eyerer et al, 2016). For all seven
operating points, stationary conditions are maintained for at least 5 min. For evaluation of the measuring
uncertainty an interval of 20 s has been used containing 𝑛 = 20 values.
For the evaluation of the measured parameter, the uncertainty of the respective measurement device is
considered in two ways. First, the device uncertainties are extracted from the manufacturers’ data sheets
(cf. table 1) and second compared to the random errors obtained when measuring at stationary conditions
accounting for different confident bounds. Using these uncertainties of each parameter, the error
propagation for calculated values such as thermodynamic properties and system parameters is obtained by
applying the Gaussian law of error propagation.
Table 1: Measuring range and accuracy of relevant sensors from the manufacturers’ data sheets
Measured Parameter
measurement principle Measuring Range Measurement accuracy
Live steam pressure
Strain gauge
0…25 barrel
0.5% MV + 1.3% EV
Exhaust steam pressure
Strain gauge
0…16 barrel
0.5% MV + 1.3% EV
Feed pressure
Strain gauge
0…16 barrel
0.5% MV + 1.3% EV
Live steam temperature
PT100
-50…200 °C
0.05% MV + 0.3 °C
Exhaust steam temp.
Thermocouple Typ K
-200…1372 °C
1.5 °C
Feed temperature
Thermocouple Typ K
-200…1372 °C
1.5 °C
Mass-flow rate
Coriolis sensor
0.5…25 kg/min
0.04 kg/min
Electrical output power
Power meter
0…3000 W
1% MV
In the present study, the gross thermal efficiency 𝜂𝑡ℎ,𝑔𝑟𝑜𝑠𝑠 is analyzed exemplarily as a major characteristic
system parameter.
𝑃𝑒𝑙
𝑃𝑒𝑙
[1]
𝜂𝑡ℎ,𝑔𝑟𝑜𝑠𝑠 =
=
𝑚̇𝑊𝐹 (ℎ𝐿𝑆 − ℎ𝐹 )
𝑄̇𝑠𝑢𝑝
This parameter requires a multi-step calculation from the measured parameter temperature, pressure and
mass-flow rate as well as the application of an EOS for enthalpy and entropy calculation and is thus suitable
for the purpose of this study.

3. CALCULATION OF THERMODYNAMIC PROPERTIES
The calculation of thermodynamic properties is based on two types of EOS. First, the Helmholtz-Energy
(HE-) EOS is selected as the benchmark due to its high accuracy of calculation (Mondéjar et al, 2015).
Second, a cubic EOS, namely the Peng-Robinson (PR-) EOS is considered due to its simplicity and
sufficient accuracy for engineering purposes (Peng and Robinson, 1976). For the HE-EOS, the ideal-gas
isobaric heat capacity is obtained using the Plank-Einstein term, based on theoretical estimates and
experimental data (Mondéjar et al, 2015), while for the PR-EOS it is calculated with a polynomial term,
based on the density functional theory (Hulse et al, 2012). For numeric calculations, the HE-EOS is
implemented in REFPROP (Lemmon et al, 2013), while the PR-EOS in OFluid (Liu et al., 2014).

Figure 2: Percentage deviations in saturation properties obtained with PR-EOS as a function of
temperature for R1233zd-E
The choice of EOS has direct impacts on fluid properties, which could influence cycle evaluations (Heberle
et al., 2015). Figure 2 shows typical percentage deviations in saturation properties calculated with the PR𝑦 −𝑦
EOS as a function of temperature for R1233zd-E. Thereby, the deviation is defined as Δ = 𝐻𝐸𝑦 𝑃𝑅 . It can
𝐻𝐸

be observed that deviations are large (up to 3.04%) at high temperatures especially for the calorific
properties. The deviation of 3.21% between the considered heat capacity models can be regarded as the
main reason for the high deviations in figure 2 (Mondéjar et al, 2015). Such deviations could lead to
considerable uncertainties with regard to the calculated cycle characteristics such as thermal efficiencies.
In a next step, the deviations of the fluid properties obtained by the model comparison are compared with
the measurement uncertainties resulting in a better understanding of accuracy of measurement.
4. UNCERTAINTY ANALYSIS
Measurement errors can be divided into two groups, the systematic errors and the random errors. While the
systematic errors cause an offset to the true value, the random errors scatter around a mean value. Due to
the reproducibility of the offset, systematic errors can be corrected or reduced in influence by calibrating
the measuring system. In this case, the used sensors are dismantled from the test rig in order to expose them
to a defined state. The temperature sensors are therefore put in a stirred water bath which is heated up from
20 °C to 90 °C in steps of 10 K. The measured values are compared with the reading of a high precision,
manufacturer calibrated, resistance thermometer (accuracy of 0,03 °C). Occurring deviations are then
corrected by a linear least square fit. In the case of pressure sensors, a similar procedure is applied using a
high precision manometer (accuracy of 0,1 bar) as reference and a pneumatic hand pump as pressure source.
There, the pressure is increased in steps of 1 bar within the full measuring range of each sensor. For which,
the temperature and the pressure sensors, it is important, that the same data acquisition system is used for
calibration and real measurement. Then, possible systematic errors of the wiring and the data acquisition
system are also being corrected.
In contrast to the systematic errors, random errors are not reproducible and thus, cannot be corrected.
However, this kind of error can be characterized by statistical methods which are valid for normally
distributed events. In the case of measurements, this requirement is often satisfied but should be verified
before application. In general, the statistical population has to be delimited from a series of measurements.
While the population describes the entirety of normally distributed values, a series of measurements is only

a sample of this population. The series of measurements can statistically be described by the arithmetic
1
average 𝑥̅ = ∑𝑛𝑖=1 𝑥𝑖 and the empirical standard deviation:
𝑛

𝑛

1
𝜎𝑥 = √
∑(𝑥𝑖 − 𝑥̅ )2 .
𝑛−1

[2]

𝑖=1

However, the calculated arithmetic average 𝑥̅ as well as the empirical standard deviation 𝜎𝑥 are only
estimators for the true value 𝑥0 and standard deviation of the entire population 𝜎0 . Describing a series of
measurements by its arithmetic average 𝑥̅ and its empirical standard deviation 𝜎𝑥 means, that the next
measured value lies with a probability of 68,3 % within the range of 𝑥̅ ± 𝜎𝑥 . Other typical confidence
intervals are 95,5 % and 99,7 % corresponding with a range of ± 2𝜎𝑥 and ± 3𝜎𝑥 . However, the quantity
of interest is a range, in which the true value 𝑥0 can be found. This is described by the standard deviation
𝜎
of the mean value 𝜎𝑥̅ = 𝑛𝑥 𝑡. Here, the factor 𝑡 considers the uncertainty of the empirical standard deviation
√

of the measurement series. This quantity is student-t-distributed and varies depending on the number of
measurements within a sample 𝑛 and the considered confidence level. Therefore, it is important to know
the selected confidence interval.
In most cases, the measured values are used to calculate the desired quantities, e.g. the thermal efficiency.
In order to quantify the uncertainty of this derived quantity, the Gaussian law of error propagation can be
applied. When the quantity of interest 𝑦 can be obtained by independent measured quantities 𝑥𝑗 with a
physical correlation in the form of 𝑦 = 𝑓(𝑥1 , 𝑥2 , … , 𝑥𝑘 ) the standard deviation of the derived quantity 𝜎𝑦
is described by:
𝑘

2

𝜕𝑓
𝜎𝑦 = √∑ (
𝜎 ) .
𝜕𝑥𝑗 𝑥̅𝑗

[3]

𝑗=1

When the physical correlation 𝑓 is not described in a direct analytical manner, which is the case for both
used EOS, the derivation

𝜕𝑓
𝜕𝑥𝑗

is obtained as a central difference quotient. In the case of calculating the

measurement uncertainties by means of the device uncertainties extracted from the manufacturers’ data
sheets, equation 3 is applied by using the device uncertainties as standard deviation of the mean value 𝜎𝑥̅𝑗 .
5. FINDINGS AND CONCLUSION
The experiments described in section 2 has been evaluated in terms of gross thermal efficiency 𝜂𝑡ℎ,𝑔𝑟𝑜𝑠𝑠
The efficiencies depicted in figure 3 are calculated by using the Helmholtz-Energy EOS.

Figure 3: Gross thermal efficiency as a function of the expanders pressure ratio
The red squares indicate the experimental mean values 𝜂̅𝑡ℎ,𝑔𝑟𝑜𝑠𝑠 and the error bars indicate the measuring
uncertainty calculated by using the manufacturers’ data sheet uncertainties. The maximum gross thermal

efficiency is 5.5 % with an absolute uncertainty of 𝜎𝜂̅𝑡ℎ,𝑔𝑟𝑜𝑠𝑠 = 0.1 % and a relative uncertainty of
𝜎𝜂̅𝑡ℎ,𝑔𝑟𝑜𝑠𝑠
̅𝑡ℎ,𝑔𝑟𝑜𝑠𝑠
𝜂

= 2.6 %. Comparing the discussed sources of uncertainties for defining the gross thermal

efficiency, figure 4 depicts both the relative and absolute uncertainty calculated from the manufacturers’
data sheet uncertainties, the measured uncertainties calculated with the empirical standard deviation of the
mean value 𝜎𝜂̅𝑡ℎ,𝑔𝑟𝑜𝑠𝑠 as well as the deviation Δ obtained when calculating the thermodynamic properties
with different EOS. The confidence interval is set to 99.7 %.

Figure 4: Comparison of the measurement uncertainty and the deviation between both EOS
Comparing the uncertainty calculated from the manufacturers’ data sheet uncertainties with the measured
uncertainty, it can be seen in figure 4, that the empirical uncertainty (blue dashed line) is less for both, the
relative and the absolute values. An interesting fact is, that the relative data sheet uncertainty decreases with
higher pressure ratios. This is due to an increasing mean values of the live steam state. The deviation
between both EOS however, is increasing with pressure ratio. The relevant quantity for this deviation is the
determination of the enthalpy which is less accurate for high temperatures and pressures (cf. section 2).
Furthermore, it can be concluded from figure 4, that the deviation between the HE-EOS and the PR-EOS
is in the same order of magnitude as the measurement uncertainty.

Figure 5: Error propagation for the calculation of the gross thermal efficiency
In order to further analyze the influence of the error propagation from the measured to the derived
quantities, figure 5 shows the relative uncertainty of each quality during the calculation of the gross thermal
efficiency. Here, the deviation between the EOS is only considered in the last two steps. The direct
comparison of the enthalpy calculation is not possible because the calorific properties are normalized. Thus,

only the enthalpy difference is a meaningful quantity. From this analyses, it can be concluded, that the
pressure measurements are most influencing the final result of the gross thermal efficiency because these
values have a high measuring error which is propagated in the enthalpy calculation.
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NOMENCALTURE
Latin symbols
𝐸𝑉 end value
ℎ specific enthalpy [kJ/kg]
number of influencing variables of a
𝑘
derived quantity
mass-flow rate [g/s]
𝑚̇
𝑀𝑉 measured value
𝑛 number of measurements in one series
𝑃

power [W]

𝑄̇
𝑥
𝑥0
𝑥̅
𝑦

Heat flow [kW]
Measured value
true value
arithmetic average of measurements
derived quantity

Further subscripts
electrical
𝑒𝑙
exhaust steam
𝐸𝑆
𝐹

feed

𝑔𝑟𝑜𝑠𝑠 gross
index of measurements within a series
𝑖
isentropic
𝑖𝑠
index of influencing variables of a
𝑗
derived quantity
live steam
𝐿𝑆
𝑠𝑢𝑝 supply
thermal
𝑡ℎ
working fluid
𝑊𝐹

Greek symbols
𝜎0 standard deviation of the entire population
𝜎𝑥 empirical standard deviation
empirical standard deviation of the mean
𝜎𝑥̅
value
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Mondéjar, M. E.; McLinden, M. O.; Lemmon, E. W.; Thermodynamic Properties of trans-1-Chloro-3, 3,
3-trifluoropropene (R1233zd (E)): Vapor Pressure, (p, ρ, T) Behavior, and Speed of Sound Measurements,
and Equation of State. Journal of Chemical & Engineering Data, Vol. 60 (8), pp. 2477-2489, 2015.
Peng, D. Y.; Robinson, D. B.; A new Two-Constant Equation Of State. Industrial & Engineering Chemistry
Fundamentals, Vol. 15 (1), pp. 59-64, 1976.

SUITABILITY ANALYSIS OF CCHP SYSTEMS IN DIFFERENT COMMERCIAL
BUILDINGS
G. Yang1

X. Q. Zhai1*

C.Y. Zheng1

R.Z. Wang1

1. Institute of Refrigeration and Cryogenics, Shanghai Jiao Tong University, 200240, China
* Correspondence to: X. Q. Zhai, Tel. and Fax: (86-21) 34206296, E-mail: xqzhai@sjtu.edu.cn.

1. INTRODUCTION
Combined cooling heating and power (CCHP), a high efficiency energy system based on clean energy, has
grown more important and is promoted to address energy and environmental problems. However, the
perfect matching between the energy produced by the CCHP system and the energy demands of the building
cannot achieve at present (Zheng C.Y. et al, 2014). Because of the mismatching, CCHP systems will show
different performance in different buildings. Obviously, diverse building functions and people activities
bring distinct load features. The heating and cooling load features of buildings are greatly dependent on the
climatic conditions (Wang J. et al, 2011). The operation strategy can also influence the performance of
CCHP systems (Mago P.J. et al, 2009). So the influence of building type, climate zone and operation
strategy should be taken into consideration in the suitability analysis of CCHP systems.
The purpose of this paper is to analyze the influences of building type, climate zone and operation strategy
on the performance of the CCHP system with statistical methods. The operation simulations of CCHP
systems in 16 commercial building types across seven different climate zones in the US are carried out with
two operation strategies. The values of integrated performance (S) of CCHP systems are the sample data of
the statistics analysis.
2. CCHP SYSTEM MODEL AND EVALUATION CRITERIA
The entire model contains the CCHP system model with corresponding operation strategy, the separate
production system model and evaluation criteria. The separate production system is introduced as the
reference system.
Nomenclature
Symbols
E
F
Q
S
T
w
η

electricity
fuel
thermal energy
the integrated performance
thermal
weighting of evaluation criteria
efficiency level

Subscripts
absorption chiller
ac
boiler
b
cooling
c
electricity
e
electric chiller
ec
fuel
f
electricity grid
grid
heating
h

in
out
pgu
r
rated
r,c
r,h
SP
waste

electricity put into the system
electricity put out of the system
power generation unit
recovery
the rated capacity
recovery heat for space cooling
recovery heat for supply heating
separate system
unused heat

2.1 CCHP system
For the CCHP system, the fuel is supplied to the power generation unit (PGU) to produce electricity. The
waste heat produced by the PGU is recovered. And it is used to drive the absorption chiller or to satisfy the
heating demands through the heat exchanger. When the cogeneration part cannot satisfy the energy demands,
additional electricity, cooling and heating are provided by the local electricity grid, the electric chiller and

the gas boiler, respectively. The main mathematical expressions based on the energy flows are shown as
follow.
2.1.1 Electric flows of CCHP system
The devices involved in the electricity flows are the PGU and the electric chiller. The electricity produced
by the PGU, can be estimated as,

E pgu =Fpgu  ηpgu,e

[1]

where Fpgu is the fuel consumed by the PGU, and ηpgu,e is the electricity generation efficiency of the PGU.
The balance of electricity can be expressed as,

IF E pgu  E+E ec  E grid，in =E+E ec -E pgu


IF E pgu > E+E ec  E grid，out =E pgu -E-E ec

[2]

where E grid, in is the electricity from the grid and E grid，out is the electricity sold back to the grid. E ec is
the electricity consumed by the electric chiller.
2.1.2 Thermal flows of CCHP system
The recovered waste heat from PGU, Q r , can be calculated as,

Qr =Fpgu  ηpgu, r

[3]

where Fpgu is the fuel consumed by the PGU and ηpgu,r is the heat recovery efficiency of the PGU.
The cooling produced by the absorption chiller, Q ac , can be computed as,

Qac =Qr,c  COPac

[4]

where Qr,c is the part of recovered heat supplied to the absorption chiller, and COPac is the absorption
chiller’s coefficient of performance.
The basic balance equations of cooling and heating energy are shown as follow,
Q r =Q r,c +Q r,h +Q waste

[5]
Qc =Qac +Qec
Q =Q +Q
 h r,h b
where Qr,h is the part of recovery heat used to satisfy the heating demand, and Q waste is the waste part of
the recovery heat.
2.2 Operation strategy
At present, two common operating strategies are the following the electric load (FEL) and the following
the thermal load (FTL). In the FEL operation mode, the PGU will run according to the electric demands
while the corresponding recovered heat is used to satisfy the cooling and the heating demands. In the FTL
operation mode, the PGU will run according to the cooling and heating demands while the corresponding
electricity is used to satisfy the electric demands.
2.3 Evaluation criteria
Three evaluation criteria are introduced to carry on the analysis. The primary energy savings ratio (PESR)
is defined as the ratio of the saving energy of the CCHP system to the energy consumption of the separate

system; the annual total cost saving ratio (ATCSR) is defined as the ratio of the saving annual cost of the
CCHP system in comparison to the annual cost of the separate system (Wang J. et al, 2010).
F -F
PESR= SP CCHP  100%
[6]
FSP

ATCSR=

ATCSP -ATCCCHP
 100%
ATCSP

[7]

where, ATC is the annual total cost, including the annual capital cost and the annual energy charge.
The parameter S (Wang J. et al, 2010), a weighted mean of PESR and ATCSR, is introduced to describe the
integrated performance of the CCHP system. S can be expressed as,
S=ω1×PESR+ω2 ×ATCSR [8]
where the ω1 and ω 2 are the respective weights of PESR and ATCSR. The weights of criteria are
calculated to [0.470, 0.530] in FEL mode and [0.447, 0.553] in FTL mode, respectively (Wang J. et al,
2008).
3. ANALYSIS AND RESULTS
3.1 Energy load profiles
According to the Building America-developed climate zone map (M C Baechler et al, 2010), the US can be
divided into eight climate zones. The zoning criteria are based mainly on heating degree days, average
temperatures, and precipitation. In the study, all the building load data were obtained from the online
Database on the OpenEI platform (Sfomail, 2013). All building loads were simulated using the EnergyPlus
simulation software under typical meteorological year 3 (TMY3) conditions(NERL, 2015). TMY3 is a
dataset of the National Solar Radiation Database. Part of TMY3 locations in seven climate zones are
selected to represent corresponding zones. These zones are hot-humid (No.1), hot-dry (No.2), mixed-dry
(No.3), mixed-humid (No.4), marine (No.5), cold (No.6) and very cold (No.7).
The U.S. Department of Energy (DOE) developed 16 reference building types that represent approximately
70% of the commercial buildings in the US (Deru M. et al, 2011). These building types are small
office(No.1), medium office (No.2), large office (No.3), primary school (No.4), secondary school (No.5),
stand-alone retail (No.6), strip mall (No.7), supermarket (No.8), quick service restaurant (No.9), full service
restaurant (No.10), small hotel (No.11), large hotel (No.12), hospital(No.13), outpatient healthcare(No.14)
warehouse(No.15) and midrise apartment(No.16).
3.2 Influence of building type
Figure 1(a) displays the boxplot of performance data classified by building type. S values varies
significantly among different building types. Obviously, the integrated performance of the CCHP systems
in large hotel (No.12), hospital (No.13) and outpatient healthcare (No.14) are the most outstanding among
all the building types. For other building types, most of their S values are distributed between 5% and 15%.
The Kruskal-Wallis test (Montgomery D.C. et al, 2010), a kind of non-parameter test, is carried out with
the software SPSS. And the result shows that the distributions of S values are significantly different both in
FEL mode and FTL mode. Non-parameter tests between every two building types are also implemented in
two operation strategy. The results are shown in Figure 1(b) where each point symbolizes a building type.
If two points are joint by a straight line, it means that differences in S values between the two building types

are not significant. Twelve pairs of building types do not have significant differences in S with FEL strategy,
while nine pairs do not have significant differences in S with FTL strategy.
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Figure 1: Influence analysis of climate zone
The performance differences between FEL and FTL mode are compared with the Mann-Whitney test
(Montgomery D.C. et al, 2010). The test shows that there are no significant differences between two
operation mode in secondary school (No.5) and warehouse (No.15). Compared with FEL mode, FTL mode
has greater or equal performance in most building types, except large hotel (No.12) and outpatient
healthcare (No.14).
Table 1: Cluster analysis of building type
Cluster
Building type

1
12,13,14

2
2,3,4,5,6,7,8,9,10,11,15,16

3
1

In the paper, building types and climate zones are sorted based on the cluster analysis (Montgomery D.C.
et al, 2010). The hierarchical method based on the squared Euclidean distance is adopted, and the distances
are computed according to the mean values and mean ranks of S of CCHP systems in different building
types or climate zones. Table 1 illustrates the result of the cluster analysis of building types and they can
be divided into 3 categories. The rank of applicability of CCHP for the three categories is Cluster 1 > Cluster
2 > Cluster 3.
3.3 Influence of climate zone
The boxplot of S values classified by climate zone is presented in Figure 2(a). The distributions of S values
have distinct differences among different climate zones. However, the differences among different climate
zones are less significant than differences among different building types. Furthermore, the distribution
range of data is wide in each climate zone.
According to the Kruskal-Wallis test, it can be concluded that the S values in different climate zones are
nonidentical populations in either operation mode. So the performance of CCHP systems in different
climate zones is significantly different. Figure 2(b) illustrates the result of non-parameter tests between
every two climate zones. The number of climate zone pairs with no significant difference is five and two,
in FEL mode and FTL mode, respectively.
The Mann-Whitney test is also carried out to distinguish the performance difference between FEL and FTL
mode in each climate zone. For all the climate zones, there are significant differences found between FEL

and FTL mode. According to Figure 2(a), the FTL mode has better performance in most climate zones.
Table 2 shows that all the climate zones can be divided into 3 categories according to the cluster analysis.
The rank of applicability of CCHP for the three categories is Cluster 1 > Cluster 2 > Cluster 3. It can be
seen that cluster division is consistent with the climate zone division based on mean temperatures.
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Table 2: Cluster analysis of climate zone
Cluster
Climate zone

1
6,7

2
3,4,5

3
1,2

3.4 Multiple factor analysis of CCHP performance
The multi-way analysis of variance (ANOVA) (Montgomery D.C. et al, 2010) is adopted to study the effects
of multiple factors, including building type, climate zone and operation strategy. The ANOVA is based on
the fact that variances (total sum of squares) can be divided. The total sum of squares (SS) can be partitioned
into components related to the effects used in the ANOVA model. Here, the ANOVA model includes terms
for the main effects (building type, climate zone, operation strategy) and terms for interactions (building
type*climate zone, building type*operation strategy, climate zone*operation strategy, building
type*climate zone*operation strategy).
The result of ANOVA is shown in Table 3. The "Sig." column shows the observed significance level
associated with the F-statistic in column 5, and “Sig. = 0.000” means the factor has influence on the CCHP
performance. So three factors have significant influence on the CCHP performance. Furthermore, various
combinations of these factors can also have significant influence on the performance. As shown in column
2, among the main effects, building type and climate zone have much greater influence than operation
strategy. And the interactions have influences in different degrees. The building type has the biggest
influence of all. The other statistical parameters are generally not informative for this study, and the details
are available at (Craig A. Wendorf, 2015).
4. CONCLUSIONS
The performance of CCHP system is influenced by several factors. Building type, climate zone and
operation strategy are taken into consideration in the applicability analysis of the CCHP system. Based on
the statistical study, the three factors have significant influence on the performance of CCHP system.
Building type and climate zone have much greater influence than operation strategy, and building type is
the most influential factor.

According to the cluster analysis, the applicability of CCHP system in building types and climate zones can
divided into three clusters. Large hotel, hospital and outpatient healthcare belong to the cluster with best
performance among building types, while cold and very cold belongs to the cluster with best performance
among climate zones. The influence caused by operation strategy are relatively smaller, the select of
operation strategy should be based on practical situation.
Table 3: Result of multi-way ANOVA
Source

Type III Sum of
Squares

df

Mean
Square

F

Sig.

BuildingType

104365.716

15

6957.714

7298.671

0.000

ClimateZone
OperationStratgy

54721.373
383.575

6
1

9120.229
383.575

9567.158
402.371

0.000
0.000

BuildingType *
ClimateZone

11366.293

90

126.292

132.481

0.000

BuildingType *
OperationStrategy

1202.537

15

80.169

84.098

0.000

ClimateZone *
OperationStrategy

72.644

6

12.107

12.701

0.000

BuildingType *
ClimateZone *
OperationStrategy

785.774

90

8.731

9.159

0.000

Error

25465.105

26713

.953

Corrected Total

378511.271

26936

R2=0.932
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1. INTRODUCTION
Thermal storage is believed to be an effective method for adjusting the time-discrepancy,
space-discrepancy and instability between energy supply and energy demand (Wang et al. 2013). The
energy saving potential of a CCHP system is dependent on the utilization of co-generation product (Khan
et al. 2004). As a result, thermal storage is usually introduced in a CCHP system to improve the energy
saving ability.
In CCHP system relative studies (Haeseldonckx et al. 2007; Mago et al. 2013; Xu et al. 2012), the thermal
storage tank (TES) is usually considered as a container of energy neglecting temperature difference in the
device. Only energy flow is taken into account. Besides the inability to conduct exergy analyses, this
approach does not allow for detailed heat generator (primary generation unit) or heat consumers
(absorption chiller or fan coil) models (Schütz et al. 2015). In actual, the performances of primary
generation unit (PGU) and heat consumers are highly influenced by the flow and temperature of the
working fluid. For this reason, CCHP systems may usually operate unstably without TES. The stabilizing
effect of TES for CCHP systems depends on the location of storage device in the system, the types of
device, and the temperature stratification in the device.

In actual fact, the performances of devices in CCHP system are influenced by each other. One of the
important tasks of TES is to reduce these influenced. Therefore, besides the detail dynamic model of TES,
the detail dynamic models of building, heating ventilation air conditioning system, electric and thermal
driven chillers, and PGU are necessary to evaluate the effect of TES for CCHP system. However, such
kind of system model is seldom considered by the present studies (Celador et al. 2011; Lödige et al. 2016;
Jiang et al. 2016).
In this paper, such kind of simulation model is built to evaluate the impacts of layouts, temperature
stratification, and locations of TES on the performance of the system. Two basic layouts of TES are
considered: with and without internal heat exchanger. Two locations of TES are compared: store hot water
and store cold water. Detail dynamic models of CCHP system and building are built in TRNSYS 17.0 to
simulate the performance of the system in different situations.
2. SYSTEM DESCRIPTION AND SIMULATION MODELS
As shown in Fig. 1, two locations of thermal storage tank in the system are evaluated in this paper.
Location A: with heat storage tank; Location B: with cold storage tank. The system consists of a
micro-cogeneration device, a heat or cold storage tank, an absorption chiller, an electric chiller and fan
coils in the building. The system in this paper is devoted to meet the space cooling demand and electricity
demand of two small office buildings (the same) in Shanghai China. The details of the simulation models

are descrribed in folloowing sectionns.
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unit has a nominal power of 25 kWe. The continuous operation power is 22 kWe. The nominal generating
efficiency is 28 %. The power can step change from 2 kWe to 25 kWe. The maximum thermal power and
thermal efficiency of the unit are 60 kW and 60 %, respectively. Type 680 in TRNSYS is employed to
simulate the performance of single effect absorption chiller. According to the nominal thermal output of
the micro-cogeneration device, the capacity of the single effect absorption chiller is design to be 40 kW.
The normalized data is set based on the data in Broad Group 2014. Type 655 in TRNSYS is employed to
simulate the performance of air resource electric chiller. Through the cooling load simulation of these two
building, the maximum cooling load is about 80 kW. Two basic layouts of TES are considered: with and
without internal heat exchanger, as shown in Fig. 4. Type 4a and Type 60e are employed to simulate the
performance of direct TES and indirect TES, respectively. The volume of the tank is set to be 8.0 m3. In
these models, the thermal stratification is modeled by assuming that the tank consists of n fully-mixed
equal volume segments. As shown in Fig.4, the degree of stratification is determined by the value of n. In
actual, the thermal stratification of the tank is influenced by the geometrical structure and operation
condition (Han et al. 2009).Therefore, the impact of the degree of stratification of tank on the system
performance would be analyzed. In order to evaluate the impact of layouts and location of TES on the
system, four scenarios are compared and analyzed in this study: Scenario 1: Location A + Direct TES;
Scenario 2: Location A + Indirect TES; Scenario 3: Location B + Direct TES; Scenario 4: Location B +
Indirect TES.
3. EVALUATION CRITERIA
Three criteria are employed to evaluate the performance of CCHP system including primary energy
saving ratio (PESR), cost saving ratio (CSR), exergy efficiency (ηex,CCHP), and energy efficiency (ηen,CCHP).
PESR is defined as the ratio of saving energy of the CCHP system to that of separate production (SP)
system. It is calculated as follows:

PESR =

( ESP − Egrid ) / ηeηgrid − Qpgu
ESP / ηeηgrid

[1]

where Qpgu are the primary energy consumption of PGU; ESP is the electricity consumption of SP system;
Egrid is the electricity from grid; ηe is the electricity generation efficiency of SP system ; ηgrid is the
transmission efficiency of the grid. ηe and ηgrid are equal to 35.0 % and 92.2 %, respectively. Through the
simulation model, ESP is calculated and it is equal to 5376 kWh.
CSR is defined as the ratio of the reducing operation cost of the CCHP system to that of SP system. It is
calculated as follows:

CSR =

pe ( ESP − Egrid ) − pNGQpgu
pe ESP

[2]

where pe and pNG are the price of electricity and natural gas, respectively. In this paper, pe and pNG are
equal to 0.16 $/kWh and 0.0489 $/kWh. The low heat value of natural gas is 9.80 kWh/m3.
The energy and exergy efficiency of CCHP system can be calculated as follows:

ηex ,CCHP = (qe E pgu + Exc ,CCHP ) / (q fuel Qpgu )

[3]

ηen,CCHP = ( E pgu + Qac ) / Qpgu

[4]

where qe and qfuel are the quality factor of the electricity and natural gas, respectively. The qe and qfuel are
equal to 1.0 and 1.04, respectively.
An evaluation criterion is employed to evaluate the performance of the thermal storage tank the efficiency
of energy and exergy. They can be calculated as follows:

ηen,tank = ( Qout ,tank + ΔQtank ) / Qtank

[5]

ηex,tank = ( Exout ,tank + ΔExtank ) / Exin,tank

[6]

where Qin,tank and Qout,tank are the energy charged in and discharged from the tank, respectively; Exin,tank and
Exout,tank are the exergy charged in and discharged from the tank, respectively; ΔQtank and ΔExtank are the
energy and exergy change of the tank at the end of the simulation time. The detail of these calculations
can be found in Han et al. 2009.
4. RESULTS AND DISCUSSION

(a)

(c)

(b)

(d)

Figure 5: (a) PESR and CSR, (b) ηex,CCHP and ηen,CCHP, (c) ηex,tank and ηex,tank, (d) COPac and ηth,pgu as a
function of number of temperature node n.
Fig. 5 shows the change of (a) PESR and CSR, (b) ηex,CCHP and ηen,CCHP, (c) ηex,tank and ηex,tank, (d) COPac
and ηth,pgu as a function of number of temperature node n. Comparing Scenario 1-2 and Scenario 3-4, it
can be noticed that PESR and CSR of Location A is better than that of Location B. The major reason is
the exergy efficiency of tank in Location B is much lower than that of tank in Location A, as shown in Fig.
5(c). The cryogenic exergy is very sensitive to the change of temperature. As a result, the mixture effect
of direct tank and the heat transfer temperature difference of indirect tank would reduce the exergy of the

working fluid a lot for cold storage. On the other hand, the performances of Scenario 4 are much worse
than the other scenarios. Besides the low exergy efficiency of the tank, another important reason is that
much heat of the PGU is exhausted through the overheat protection system (ηth,pgu is low), as shown in Fig.
5(d). At this situation, the heat transfer temperature difference in the cold storage tank is small and the
heating is hard transferred to building through the tank. Then the output chiller water temperature of
absorption chiller is set to be 6 oC in this analysis. Therefore, a lot of heat from PGU cannot be used to
driven the absorption chiller and is exhausted.
The merit of performances of direct tank and indirect tank depends on thermal stratification of the tank.
When n increases, the performances of direct tank increase firstly and then decrease, while those of
indirect tank increase, as shown in Fig. 5(a). For Location A, the major reason is that the COPac of direct
tank decreases and that of indirect tank increases with the increase of n, as shown in Fig. 5(d). For
Scenario 1, the temperature of the top of tank is little influenced by n (from 3 to 15). It depends on the
temperature of water flowed from the PGU when the tank is fully charged. When n decreases, the mass of
water with high temperature would increase in the top of tank. At the discharging process, the temperature
of hot water used to drive absorption chiller can remain for a longer time. For this reason, COPac is higher
when n is small. However, for Scenario 2, the temperature of the top of tank increases with the increase of
n. So the temperature of hot water put into the absorption chiller becomes higher.
For Scenario 3, although the exergy efficiency of tank increases with the increase of n (Fig. 5(c)), the
thermal efficiency decreases when n larger than 8. So the performances of system decrease when n larger
than 8. Similar with situation of Scenario 2, the increase of n (from 2 to 15) would help to enhance the
heat transfer of the indirect tank for Scenario 4. Through Fig. 5(a) and Fig. 5(b), it can be deduced that the
performances of whole system strongly depends on the exergy efficiency of CCHP system.
For Scenario 1, the performances of system for n=2 are worse than that for n=3. When n is equal to 2, the
temperature of the top of tank is strongly influenced by the temperature of the bottom of tank. As a result,
the temperature of the top of tank is much lower than the water temperature from PGU. It leads to a low
COPac of the absorption chiller.
5. CONCLUSION
In this paper, the impacts of layouts, temperature stratification, and locations of TES on the performance
of the system are evaluated and analysed. Through the results, it can be concluded: 1) PESR and CSR of
Location A is better those of Location B; 2) When n increases, the performances of direct tank increase
firstly and then decrease, while those of indirect tank increase; 3) The performances of whole system
strongly depends on the exergy efficiency of CCHP system.
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NOMENCLATURE
CCHP

Combined cooling, heating and power

η

Efficiency

CSR

Cost saving ratio

Subscripts

PESR

Primary energy saving ratio

ac

Absorption chiller

PGU

Primary generation unit

e

Electricity

SP

Separate production system

en

Energy

TES

Thermal energy storage

ex

Exergy

fuel

Fuel

Symbols
E

Electricity

grid

Grid

Ex

Exergy
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In

n

Number of temperature nodes

NG

Natural gas

p

Price

out

Out

Q

Thermal Energy
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MOTIVATION AND OBJECTIVES
The United Nations conference on climate change (COP21) in Paris recognised the need for a new energy
system as foundation for a liveable world in the future. Based on the renunciation of fossil fuels and the
switch to renewable energies, the new energy system has to be developed as soon as possible. A further
challenge – not specifically named in the Paris Agreement but directly connected to the climate problem –
is the future water supply for humans, agriculture and industry. Its’ importance if for example described in
goal no. 6 of the sustainable development goals of the UN. Due to higher average temperatures and an
increase in population and health standards, the water supply system as we know it will not be able to cover
future needs. Therefore, next to the energy system a new water supply system has to be developed.
However, both topics are not to be solved separately but strongly interconnected.
The paper intends to give an overview on research activities in this specific field of heat powered cycles.
Therefore, the work highlights how the two systems – energy and water supply – impact each other and
what future challenges have to be faced due to the transformation of the energy system. The focus is on
thermal desalination processes based on the humidification dehumidification (HDH) technology and their
applicability to industrial waste water treatment.
ENERGY AND WATER SYSTEMS
Conventional approach
Thermal desalination processes have been and will be an important part of fresh water supply systems in
arid regions like the Middle East and North Africa. The most commonly known technologies are multieffect desalination (MED) and multi-stage flash (MSF) desalination (Reif and Alhalabi, 2015). These plants
are often connected to fossil power plants and heated by vapour from a back pressure turbine or an
extraction-condensation turbine. Additionally, MED and MSF can also make use of excess heat from the
exhaust gases. The capacity of existing plants ranges from about 1,000 m³/day to more than 1.5 million
m³/day (Lattemann, 2010). E.g. the plant at Jebel Ali, Dubai, has a productivity of 500,000 m³ potable water
per day. Alternatively, fossil fuel fired steam boilers are used to allow smaller and more decentralised
plants. However, these plants are not feasible for community-scale water supply with about 10-100 m³ per
day (Narayan et al., 2010). From the background of future energy generation which will partly take place
decentralised on community level and based on renewable energies, MED and MSF have to be substituted
by other technologies.
Future challenges
Figure 1 displays the challenge that have to be faced to provide future water and energy systems. The central
and conventional approach based on fossil fuels for MSF and MED or stable grid-connection for RO has
to be transformed to a decentralised system. This future approach is based on flexibility concerning heat
source and concerning heat source characteristics (temperature level and heat load). Potential heat sources
are solar thermal energy, geothermal energy, heat from cooling water and/or flue gas of internal combustion
engines (ICE) and recovered waste heat (WHR) from industrial sources. It is obvious that the transformation
of the energy system to low-temperature and decentralised heat sources also effects the interconnected
water supply system. E.g. MED and MSF require a certain number of stages for an efficient operation and,
therefore, high temperatures and/or high heat loads are necessary for an efficient operation of these plants.

For small-scale plants and/or low temperature levels of the heat source, the specific primary energy
consumption increases significantly (see Figure 2).

Figure 1: Conventional and future approach of combining energy and water systems

Figure 2: Specific primary energy consumption depending on the number of stages for MSF, MED
and RO (raw data from (Kucera, 2014))
HUMIDIFICATION DEHUMIDIFICATION DESALINATION
Operation of HDH plants
Humidification dehumidification desalination has gained interest in the last decade to fill the gap of smallscale thermally driven desalination processes. The process has been investigated especially in combination
with solar thermal energy input (Parekh et al., 2004; Al-Hallaj et al., 2006). A scheme of a solar heated
humidification dehumidification (HDH) system is shown in Figure 3. The system consists of two different
cycles, the water cycle and the air cycle. In this case, the water cycle is open and the air cycle is closed.
According to literature, the system is therefore classified as an open water closed air (OWCA) cycle
(Narayan et al., 2010). Due to the solar heating of the sea water, the system is water heated (OWCA-WH).
Abdelmoez et al. (2013) give a technical review on research and development carried out for this kind of
system.
As shown in Figure 3, sea water is first preheated in the dehumidifier, further heated in an external heat
exchanger (in this case a solar-heated tube heat exchanger) and sprayed into the humidifier. The warm sea
water enters the packed bed and gets in contact with rising air. At the water/air-interface, water evaporates
into the air and is cooled down. The air is humidified and heated in this step. Subsequently, the humidified
air is circulated to the dehumidifier in which it cools down at the interface to the sea water preheater. Hence,
the fresh water condenses and can be collected at the bottom of the dehumidifier. The main advantages of
this process compared to the typically used technologies MSF, MED and RO are:
low requirements on maintenance and robust system
flexible in terms of heat source (solar thermal, geothermal, low-temperature waste heat)
scalable in terms of productivity (m³ fresh water/day)
However, before market penetration can be reached, different issues have to be solved. For example, the
efficiency has to be increased without increasing the complexity of the process. One opportunity is a
thermally balanced HDH-plant (Narayan et al., 2012). Furthermore, different scenarios for interconnecting

the technology in a comprehensive energy and water supply system for communities have to be
investigated. The following subchapter gives an overview on these challenges and presents possible
solutions.

Figure 3: Scheme of solar heated HDH-system (left: humidifier, right: dehumidifier)
Challenges in HDH-research and possible solutions
Within the literature, three main challenges are described which prevents the HDH-technology from market
penetration. Firstly, the reduction of the specific energy consumption, secondly the construction size and,
therefore, the specific investment costs and thirdly the adaption on different temperature levels and the
modularisation of HDH-plants.
Specific energy consumption: Compared to MED, MSF and RO (see Figure 2), the specific primary energy
consumption is far too high (around 70 kWH/m³ fresh water). This value is just competitive for small-scale
desalination units. Therefore, a lot of researcher investigated technical options to improve the efficiency
mainly by an improved heat recovery. Thermal balancing may be one interesting possibility (Narayan,
2012). The method is based on the difference in pinch analysis between heat exchangers (HEX) and
simultaneous heat and mass exchangers (HME). For HEX a relatively simple temperature pinch analysis
can take place, whereas for HME the effect of the concentration of the components has to be taken into
account in the enthalpy as well. Furthermore, the electric energy consumption for the air circulation have
to be investigated in more detail as it could be crucial for HDH-systems.
Size reduction: To increase the profitability of HDH-systems it is also possible to decrease the size of the
plants and, therefore, reduce specific investment costs especially for the humidifier and dehumidifier. The
main problem for both systems are the low heat exchange coefficients and the limited surface which is
available for heat exchange. In the humidifier, the surface area is mostly increased by packings, whereas
random dumped packings (e.g. Raschig rings) and structured packings (e.g. corrugated metal sheets) are
distinguished. The right choice and the right size of the packings is crucial to have an efficient heat and
mass exchange and a low pressure drop at the same time. Dalili (2003) gives a good overview on different
types of humidifiers and points out that the formation of a continuous water film at the surface of the
packing is the most important parameter for an efficient humidification and, therefore, for a possible size
reduction. A continuous water film is also relevant to avoid formation of deposits at the surface of the
packing. In the dehumidifier, heat exchange occurs at the cold surface of a heat exchanger which is mainly
constructed as spiral type (see Figure 3). The heat transfer coefficient between humidified air at a cold
surface is very low. Therefore, a group at MIT carried out intensive research for direct contact
dehumidification in a bubble column reactor (Narayan et al., 2013a; Narayan et al., 2013b). They managed

to increase the heat exchange coefficient by a factor of ten. However, the level of the liquid in the bubble
column reactor has to be small to reach an acceptable pressure drop on the gas side. Experimental work
especially in demonstration plants still has to be carried out.
Another important aspect is a size reduction in terms of area for solar thermal energy harvesting and HDHsystem. The question arises, how much landscape is needed to change an arid region to a region with
permanent and sufficient water supply for humans and agriculture. For the so called Green Terraforming
based on a specific RO-unit, Reif and Alhalabi (2015) give a value of 0.24 % of the overall area which is
necessary for solar harvesting. This benchmark should be seen as goal for HDH-systems as well.
Modular design of HDH-systems: Next to the mentioned opportunities to reduce the costs of specific
components of the HDH-system, it is also possible to reduce overall costs implementing a modular design
approach. Let us assume we want to cover a range of 10 m³/day to 1,000 m³/day of fresh water with one
single product line of HDH-systems. Two different approaches to do so are known in engineering
applications. The economy of scale makes use of the fact that the specific costs of main engineering
components decrease with increasing size. An exponential dependence with 0.6 is a first rule of thumb
known from chemical engineering (Williams Jr., 1947; Chilton, 1950). Therefore, the costs for a system
with 1,000 m³/day wouldn’t be 100 times higher but just around 16 times higher than the 10 m³/day system.
However, as mentioned in the previous paragraph, the size of the dehumidifier strongly influences the
pressure drop of the gas side. Therefore, at least for bubble column dehumidifiers, the realisation of bigscale systems is challenging.
To avoid this problem, economy of volume instead of economy of scale can be applied. Hence, if one wants
to scale a system from 10 m³/day to 100 m³/day the size of the HDH-system remains the same, however,
the number of separate systems is increased from one to ten. The idea behind this approach is a reduction
of specific investment costs by reaching a high number of sold units and cost-effective serial production.
For applications with heat sources on different temperature levels it is even possible to slightly adapt single
HDH-systems on the separate heat sources. This is not possible if one large system according to the
economy of scale approach is used.
INDUSTRIAL WASTE WATER TREATMENT
Next to desalination, HDH technology can also be adapted to industrial waste water treatment. Compared
to arid regions, highly industrialised countries mostly do not suffer from a lack of potable water. Instead,
these countries need an increasing amount of water for industrial processes. Furthermore, increasing
requirements concerning material efficiency drive companies to recover raw material from industrial waste
water. Reducing the amount of waste water by reducing the water content leads to lower costs for waste
water disposal. From that background, industry seeks for technologies which are cost-efficient, robust and
scalable in different applications in which waste water treatment is necessary (Ante et al., 2014). Ideally,
these technologies should be able to use waste heat from other processes at the industrial site.
For water/oil-mixtures a semi-continuously concentrator is investigated (Hopf, 1990). This process can be
energetically optimised by implementing a heat pump which recovers the condensation energy of the
separated water (Hopf, 1997). The plant scheme is displayed in Figure 4. On the right hand side, a tank
which is partly filled with a water/oil-mixture serves as humidifier, i.e. the goal is to reduce the water
content of the mixture during the process. To do so, air is bubbled through sprayers from the bottom of the
tank, the small air bubbles are humidified and heated during their way up to the surface of the liquid mixture.
At the top of the tank, humidified warm air is sucked into a pipe and circulated to the dehumidifier. The
humidified air is subsequently cooled down at the surface of the condenser which is at the same time the
evaporator of a heat pump (grey part in Figure 4). Hence, the condensation energy of the water is recovered
within the heat pump, brought to a higher temperature level and can be used to heat the humidifier and/or
to preheat the dehumidified air in the dehumidifier.
Compared to HDH for desalination (see Figure 3), the plant for industrial waste water treatment has a
bubble column humidifier instead of a packed bed humidifier to avoid formation of deposits on the materials
of the packed bed. In contrast, a bubble column humidifier is easy to clean and the necessary heat and mass
transfer is highly efficient. However, the pressure drop of the air has to be kept low to allow for an efficient
overall process. Therefore, the height of the liquid within the tank is a crucial parameter in the design of
the plant.
Another difference to HDH for desalination is the fact, that the process is carried out in a batch wise manner:
air is bubbled as long through the water/oil-mixture as needed to reach a certain water content in the

mixture. To avoid draining of the heat exchanger surface needed to heat the tank, the filling level of the
tank is kept constant by refilling oil in the same amount as water is absorbed by the air bubbles.
In the prototype which is set up at the moment, a new application of waste water treatment will be
experimentally analysed, namely the treatment of bilge water. It occurs in the shipping industry in the bow
of huge container ships and is a mixture of oil (from the engines), salt water and sediments. Normally, bilge
water is used as fuel in the cement industry and, therefore, a thermal treatment takes place. However, the
research goal for the new prototype is the recovery of valuable oil from the bilge water to use it as base for
recycling oil. Therefore, life cycle assessment (LCA) of the shipping industry could be improved.

Figure 4: Plant scheme of an industrial water treatment system based on HDH and heat pump
(left: dehumidifier, middle: heat pump, right: humidifier); according to Hopf (1997)
CONCLUSION
To reach the goal of limiting the increase in global temperature to less than 2 °C and to face the challenge
of water scarcity in arid regions as well as water efficiency in industrialised countries, interconnected and
decentralised energy/water-supply systems have to be developed in the next decades. The humidification
and subsequent dehumidification of a carrier gas (mostly air) may be an important technology for this task.
Within this paper, possible scenarios for such a desalination system and main research issues are discussed.
Furthermore, it is pointed out that the technology is also an interesting approach for waste water treatment.
Main differences between the two applications are available heat sources (solar thermal vs. waste heat), the
mode of operation (continuously vs. batch-wise) and the formation of deposits on the heat exchangers
(packed bed vs. bubble column). The principle of a prototype which is under construction at the moment is
illustrated. By the time of the conference, the set-up in the lab as well as first experimental results can be
presented.
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NOMENCLATURE
GOR
HDH
HEX
HME
ICE

Gained Output Ratio
Humidification Dehumidification
Heat Exchanger
Heat and Mass Exchanger
Internal Combustion Engine

MED
MSF
RO
WHR

Multi-effect Distillation
Multi-stage Flash Distillation
Reverse Osmosis
Waste Heat Recovery
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ABSTRACT
The present paper is aimed at exploring different modelling tools usually used for simulating the
performance of absorption cycles in general, and Absorption Heat Transformers (AHT) utilizing
H2O/LiBr as the working pair in particular. Three models based on the same set of equations describing
the heat transfer processes have been written using three different simulation tools (ABSIM,
Engineering Equation Solver (EES) and Dymola-Modelica), each of them using different models for the
calculation of the thermodynamic properties need and different numerical solvers. Results obtained by
three different models have been compared between them and then with the results obtained by tests
performed in an experimental heat converter prototype working in AHT mode.
Keywords
Absorption heat transformer (AHT), Waste heat recovery, Thermodynamic model simulation
Nomenclature
Abbreviations:
AHT
LMTD
P
T
UA
X
Q
COP

Absorption Heat Transformer
Logarithmic Mean Temperature Difference
Pressure [kPa]
Temperature [°C]
Overall heat transfer coefficient times Area [W/K]
LiBr mass fraction in the solution
Heat flow rate [W]
Coefficient Of Performance

Subscripts:
a
c
d
e

Absorber
Condenser
Desorber
Evaporator

INTRODUCTION
According to latest Eurostat data, the European industry demands constitute approximately a fourth of
the total final energy demand in Europe. Around 70% of this demand is for thermal purposes and it is
estimated that the average heat recovery efficiencies of the main activity sectors are about 25% (Persson,
Möller, & Werner, 2014), hence approximately 50% of the energy used in industrial processes is rejected
to the atmosphere; some of it at a temperature which may be useful for recovery. Recovery of energy
from production processes represents a great opportunity for reducing primary energy use. Despite the
significant environmental and energy savings benefits of waste heat recovery, its implementation
depends primarily on the economics and perceived technical risks. AHTs are especially suitable for this
purpose because they are driven by thermal energy, upgrading the temperature of waste heat energy
using only negligible quantities of electrical energy.

A single effect AHT can be understood as a single effect absorption chiller working in reverse, able to
increase the temperature of approximately 50% of some otherwise wasted energy at a temperature which
must be well above ambient by up to approximately 50K with today's technology. The difference with
absorption chiller technology is that the absorber and evaporator operate at high pressure, and the
condenser and generator at low pressure. In this case, the heat of absorption is released in the absorber
at a higher temperature than that of the waste heat which is fed into the evaporator and the generator;
delivering the useful revalued heat to the concerned application.
Under the Indus3Es project, three research teams from different countries collaborate to design an AHT
– Tecnalia, TU Berlin, and Technion. The aim of this paper is to compare between the AHT simulation
approach of each team, and also compare the results with the measured performance of an experimental
absorption heat converter prototype (Cudok & Ziegler, 2015) operating in AHT mode.
SIMULATION APPROACH
The three AHT models use common mass and energy balances, complemented by thermodynamic
property correlations. It is assumed that there are only two pressure levels, Phigh and Plow, at the
absorber/evaporator and the desorber/condenser, respectively. Saturated liquid state is assumed for the
refrigerant (pure water) at the outlet of the condenser and for the solution leaving the absorber and
desorber. Saturated steam state is assumed for the water vapor leaving the evaporator and vapor liquid
equilibrium also for the vapor leaving the desorber. For all main heat exchangers (HX) Logarithmic
Mean Temperature Difference (LMTD) models are used for the heat transfer, assuming overall constant
UA values for each HX which are chosen based on the experimental testing of the apparatus currently
operational at TU Berlin. Additional inputs are the strong solution mass flow rate, external fluid mass
flow rates, and external fluid inlet temperatures into each HX. The entire set of non-linear algebraic
equations is based on the approach detailed by Herold, Radermacher, & Klein, 1996 and Grossman,
1995. It is solved differently by each team. Minor differences in the assumptions of each model have
been eliminated to make sure each model uses the same assumptions. For this paper, all the models
made the assumption that the vapor leaving the desorber (state point 7, Figure 1) is at the saturation
temperature of the rich solution leaving the absorber (state point 5, Figure 1). Consequently, the only
difference between the models is the thermodynamic property data and the numerical method used by
the simulation tool for solving the resulting set of equations.
Model 1 – Tecnalia – uses EES software which solves the set of equations using a variant of Newton's
method. For the LiBr-H2O solution EES uses correlations by Patek & Klomfar, 2006. For water
properties EES has several options, the default NBS/NRC steam tables by Haar, 1984, are used.
Model 2 – TU Berlin – developes Modelica models of each AHT component, and uses Dymola to
construct an AHT model using these components. In Dymola, the user can choose between a number of
different algorithms; for this work all models have been solved using the DASSL algorithm as defined
by Petzold & others, 1982. For the LiBr-H2O, the Modelica code also uses the correlations by Patek &
Klomfar, 2006. For water properties, the water medium of the standard Modelica library has been
chosen, which uses the IAPWS-IF97 formulations by Wagner et al., 2000.
Model 3 – Technion – uses ABSIM which is a tool dedicated for modeling absorption cycles (and other
thermodynamic cycles). To solve the resulting set of equations ABSIM uses the hybrid algorithm
developed by Powell, 1970. For the LiBr-H2O solution, ABSIM uses correlations specifically developed
by Hellmann & Grossman, 1996 to be solver-friendly, allowing for enhanced performance and aids with
convergence. For water properties, ABSIM uses correlations by Saul & Wagner, 1987.
Three laboratory tests of the heat converter prototype for one given steady state point has been used for
validation and comparison between the simulation results. For the measured point, hot water with a
temperature of 100°C enters the evaporator and the desorber as the driving heat source. A hot water
stream with a temperature of 130°C enters the desorber increasing its temperature, and a cooling water
stream at 50°C rejects heat from the condenser.
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Figure 1 - AHT cycle diagram including average measured values with their locations, and
average simulated values with their assumed locations (repeating integers signify that the
simulation models assume an identical thermodynamic state at these locations).
The three laboratory tests had small differences in the water temperature entering the evaporator (98.7,
99.5, and 98.9°C) and slightly different mass flow rates (646.9, 647.9, and 641.6 kg/h). For this reason,
in Figure 1 the average of the measured values is compared with the average simulated results for this

set of three working points. The inputs for the simulations are the external inlet temperatures and mass
flow rates for each heat exchanger, and the solution pump mass flow rate. In addition, constant UA
values have been used as parameters (UAa = UAd = 4.4 kW/K, UAe = 9 kW/K, UAc = 19.8 kW/K and
UAsx = 1.7 kW/K) which were gathered from the first five steady state tests measured at the lab for three
different sets of operation conditions.
For all three models, a tolerance of 1·10-4 has been set for the numerical solution of the resulting set of
equations by the solver of each simulation tool.
ANALYSIS
As expected, since the models are essentially and purposely a set of almost identical equations, there are
very small differences between the results they produce. The differences are only due to the different
thermodynamic correlations used by each model.
The differences between the obtained temperatures for each state point are below 0.3K. The maximal
difference between obtained pressures is 100 Pa. For the mass fraction of LiBr the maximal difference
is of 0.3%. The temperature after the adiabatic absorption process in the absorber cannot be precisely
measured at the laboratory, but all three models predict a temperature of around 140°C. This temperature
is important for the design of the AHT since it is the maximal temperature inside the device and is
important for material and corrosion considerations.
Figure 2 shows the deviation between the measured heat flows at each heat exchanger and the
corresponding values obtained by the simulations using each simulation tool in percentage. It can be
seen that the difference between the simulated results is very small and almost negligible. Between
measured and simulated results however, there are deviations between 1 and 12%. Both simulated
absorber and desorber heat flows are only 1-3% higher than measured. On the other hand, the simulated
evaporator and condenser heat flows are between 11-12% smaller than those measured at the laboratory.
The uncertainty of the heat flow measurements ranges between 7 to 13% and is shown in Figure 2 as
error bars (error bars are also included for COP, mass flow rate and pressure).
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Figure 2 – Relative differences between simulated and measured results
The difference between simulated and measured pressures inside the vessels is smaller than 3% (but
higher than the sensors uncertainty). The strong solution mass flow rate and density are measured using
Coriolis meters. The strong solution LiBr mass fraction (Xhigh in Figure 2) is calculated from density and
pressure measurements. At the refrigerant side, the mass flow rates from simulations are different than
the measured one, which is controlled in the laboratory maintaining steady state conditions. The
simulated refrigerant mass flow rates are 11-12% smaller than the measured ones, which fits to the heat
flows at condenser and evaporator. The difference between measured and simulated strong solution
mass fractions is smaller than 1%.
The differences between simulated and measured evaporator and condenser heat flows and between
simulated and measured refrigerant mass flow rates are similar. However, in measurement results the
mass flow rate of refrigerant is not consistent with the heat flows at the absorber and desorber. This

suggests that some heat transfer processes take place in the laboratory device which are not considered
by the simulation model.
The resulting simulated COP values are around 11% higher than the measured ones because, although
the simulated heat flows at the absorber are slightly higher, the heat flows at the evaporator are
significantly lower, which overcompensates the slightly higher heat flows at the generator (see Figure
2).
Table 1 - Comparison between measured and simulated temperatures at the outlet of the internal
side of each main heat exchanger at the laboratory.
Assumed State / Temperature
Sat condenser out / T8 [°C]
Sat absorber out
/ T3 [°C]
Sat desorber out
/ T5 [°C]

Measured
50.5
131.5
97.6

Saturation
55
130.7
95.0

Dymola
54.48
134.67
96.20

EES
54.48
134.66
96.12

ABSIM
54.43
134.52
96.29

In Table 1 the measurement results suggest that the refrigerant leaves the condenser 5K subcooled. This
sensible heat taken from the refrigerant at the condenser must be supplied at the evaporator for bringing
the refrigerant to the evaporation temperature. This could be one of the reasons for the difference
between simulated and measured heat fluxes at evaporator and condenser.
In addition, the measurements analysis reveals that the solution leaves the absorber with a temperature
slightly higher than the saturation temperature, which seems unfeasible but could be attributed to
measurement uncertainties (temperature, pressure, density). The measurement also suggests that the
solution leaves the desorber with a higher temperature than its saturation one. It has been observed that
sometimes during the measurements pool desorption occurs; therefore, it is possible that, at this heat
exchanger, the heat transfer is much faster than the mass transfer.
CONCLUSIONS
This work analyzes three different idealized AHT models, based on assumptions described by Herold,
Radermacher, & Klein, 1996, which are implemented by three different tools: ABSIM, EES and
Dymola-Modelica. The performance of the models is directly compared with the experimental
performance of a heat converter prototype working as heat transformer.
As expected, differences between simulation results by using the three different tools are negligible, as
the hypothesis and heat and mass equations which have been implemented are essentially equal, and
only the thermodynamic properties of the fluids differ in the models.
Although a saturated solution state is assumed at the outlet of the absorber and generator, and refrigerant
equilibrium states at the outlet of the evaporator and condenser, the simulation results obtained by the
three different tools are in good agreement with real prototype measurements and associated
uncertainties functioning under approximately 130/100/50ºC temperatures.
Simulated absorber and desorber heat flow rates are 1-3% higher than measured. On the other hand,
evaporator and condenser heat flow rates are between 11-12% smaller than those measured at the
laboratory, all of which is within the experimental uncertainty. According to the measurements, it seems
that refrigerant is subcooled at the condenser outlet, which may be the reason of the higher measured
heat flow rate in this component and also in the evaporator.
Simulation and experimental results show that the three tools are feasible in order to predict AHT
performance, while different fluid properties and numerical solving methods are used. Even so, these
models may be improved further by taking into account physical processes e.g. sub-cooling,
superheating, heat losses, unwanted internal heat transfer, etc. taking place in the heat exchangers,
resulting in more accurate and realistic reproduction of the AHT performance.

Future work includes further development of the model at component level, taking into account the
mentioned effects. Additionally, new measurements will be carried out in the prototype, in order to
validate the models, to be able to use them for optimization and future designs.
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INTRODUCTION

ORC technology has an enormous potential, from the technical and economical point of view, for the
production of heat and/or for mechanical and electrical power from renewable energy sources such as
biomass, solar and geothermal and waste heat from industrial processes or other sources. This makes ORC
technology ideal for the self-sufficient production of energy for small populations and industries (Vélez et
al, 2012). Studies indicate that positive displacement machines are preferably used for small-scale
applications. Presently, most of the employed positive displacement expanders are obtained by modifying
existing compressors with the scroll expander being the most widely used for very small-scale applications
(Quoilin et al, 2013).
Giuffrida (2014) points that technical papers dealing with small-size ORC systems do not always consider
a specific modelling for the expander. In such theoretical works, the expander efficiency is taken constant
in spite of variable operating conditions, such as fluid pressure and temperature at the inlet of the machine,
expansion pressure ratio and type of working fluid. Therefore a thermodynamically realistic model of an
ORC system should incorporate a comprehensive expander model.

The objective of this study is to develop a semi empirical model for an open drive scroll compressor
modified to work as an expander operating on ammonia/water working fluid mixture. In this paper both
simulation and experimental results of the expander performance will be presented. The modelling
procedure will involve updating an earlier model which was developed with ammonia working fluid
(Mendoza et al, 2014).
METHODOLOGY

Test rig description

For this study, the expander test rig developed by Mendoza et al (2014) with slight modifications (Figure
1) has been utilized. The test rig comprises of a diaphragm pump (Wanner Hydra-Cell), three plate heat
exchangers (Alfa Laval), two 17 litre steel vessels, an oil pump (Prominent), an oil separator (ESK Schultze)
and an electrical brake.

Working fluid from the expander (1) is condensed (2) then sub-cooled (3) before being pumped (4) to the
evaporator. The evaporated stream (5 and 6) is fed to the scroll expander for power generation. Depending
on the test requirement, the lubrication oil circuit can be online or isolated. This is achieved by means of
valves and an oil separator bypass line (not shown). The temperature of the working fluid at the inlet of the
expander is controlled by the external boiler. Pressure at the expander inlet is provided by the pump whereas
the condenser temperature sets the pressure at the exit of the expander. The electrical brake connected to
the expander is used to control its rotational speed.
The Coriolis flow meter provides the density and mass flow rate of the working fluid while the rotational
frequency and torque are measured by an integrated torque and speed transducer fitted on the shaft of the
electrical brake. A data acquisition unit from Agilent technologies (34970A) is used for logging the
measured data. Table 1 shows the main characteristics of transducers in the test rig.

Table 1: Measuring ranges and uncertainties of the transducers in the test rig
Variable
Pressure
Temperature
Mass flow
Density
Torque
Rotational speed

Test description

Range
0 … 2500 kPa
-33 … 573 K
Max. 330 kg/h
Max. 5000 kg/m3
0.1 … 50 N m
1 … 166 Hz

Uncertainty
±5 kPa
±0.5 K
±0.10 of rate
±0.2 kg/m3
< ±0.15% V.M
< ±0.15% V.M

Figure 1: Scroll expander test rig

The system is vacuumed before charging to remove the nitrogen that was used to check for system leakages.
The charging is done in two steps. At first, 0.44 kg of water is added to the liquid tank. Then 4 kg of liquid
ammonia is gradually introduced to the liquid tank. The charging is done with the aid of a weighing scale.

The expander behaviour is studied at various inlet temperatures (359-385 K), inlet pressures (1100-1900
kPa), expansion ratios (1.4 – 2.0), concentrations (0.95-0.99) and rotational speeds (22-46 Hz) to develop
a semi empirical model that estimates mechanical power, exhaust temperature and supply mass flow rate
of the expander at acceptable accuracy levels. The expander is also tested when operating at different
lubrication rates (1-5% by mass). Suniso 4GS is the lubrication oil used.

The design of the vapor tank ensures that the working fluid being allowed to the expander is completely in
the vapor phase, any liquid from the evaporator settles at the bottom of the tank and can be fed back to the
liquid tank by opening the valve connecting the two tanks. For steady state conditions where no liquid
collects at the bottom of the vapor tank, the ammonia/water stream at the inlet of the expander can be
assumed to be superheated. At superheated states, the concentration at point 4 (measured by the Coriolis
meter) is assumed to be equal to the concentration at point 6. For steady state conditions where some liquid
collects at the bottom of the tank, the ammonia/water stream at the inlet of the expander can be assumed to
be saturated.
Scroll expander Model

The expander model adopted by Mendoza et al (2014) for ammonia working fluid used the following four
parameters: the swept volume of the compressor (obtained from manufacturer’s data), built in volume ratio
(obtained from geometrical measurements of the device), work loss (from experimental data) and the
theoretical leakage area (deduced from experimental data) as shown in Figure 2a. The input data for the
model are pressure and temperature at the expander inlet, pressure at the outlet and the expander rotational

speed. It then calculates mechanical power, exhaust temperature and supply mass flow rate of the expander
at accuracy levels of ±9%, ±4 K and ±5%, respectively.
Figure 2b shows the model outline of the expander. The working fluid stream supplied to the expander
(
) is split into two: a work producing stream (
) and a non-work producing stream (
) which
leaks between the scrolls. The leaked mass flow is directly proportional to the theoretical leakage area
(
). The work producing stream is expanded in a two stage process: the first is isentropic (from
to
) then followed by an isochoric process (
to
). After the expansion process there is adiabatic
mixing of the two streams (
and
) at
. Finally, heat is either added or lost from the stream at
constant pressure (
to
).
The total work and actual work resulting from the expansion process can be calculated as:
=

=

{ ℎ
−

−ℎ

+

−

}

[1]
[2]

The specific power of the expander is defined as the power produced per unit mass:
=

[3]

The volumetric efficiency is the ratio of the actual volume of fluid filling the supply chamber of the
expander to the swept volume:
=

. .

[4]

Thermodynamic properties for the ammonia/water mixture are obtained from the Engineering Equation
Solver (EES) external routines database (Ibrahim and Klein, 1993).

(a)

Figure 2: Scroll expander model scheme

(b)

RESULTS AND DISCUSSIONS
Semi-empirical parameters

The Sanden TRSA05 open drive scroll compressor has a swept volume (
) of 53.9 cm3 and a volume
ratio ( ) of 1.9. It can handle a maximum supply pressure ( ) and rotational frequency ( ) of 3500 kPa
and 166 Hz.

Two correlations (Equations 5 and 6) for the leakage area and work loss have been proposed using 20
operating points at various operating conditions: 1300 <
[kPa] < 1900; 1.4 <
[-] < 2.0; 359 <
[K] < 385; 20 < [Hz] < 46; 0.96 < [kg/kg] < 0.99. Table 2 presents the respective coefficients for the
equations.
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As shown in Figure 3, there is good agreement in the predictions by the correlations when compared with
experimental data for the leakage area and work loss.
Table 2: Leakage area and work loss correlations’ coefficients
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Figure 3: Prediction by the correlations of (a) leakage area and (b) work loss

Model validation

Steady state conditions have been used to evaluate the agreement between the calculated and experimental
values as shown in Figure 4. It is observed that the maximum deviation between the model calculations and
the experimental values is about ±4 K for the exhaust temperature, ±9% for the net mechanical power, and
±5% for the mass flowrate. It is important to note that the model calculates an exhaust temperature which
is always higher than the actual measured exhaust temperature (Figure 5a).
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Figure 4: Prediction by the model of (a) the exhaust temperature, (b) net mechanical power and (c)
mass flow rate

Effects of lubrication oil

The impact of lubrication on the leakage area, specific power and volumetric efficiency of the expander for
three cases is highlighted in Figure 5. It can be noted that the leakage area decreases linearly with increase
in lubrication (Figure 5a). This is because the lubrication oil aids in sealing the gap between the scrolls thus
reducing the effective leakage area. Also owing to the reduction in leakage area, when lubrication oil is
increased the volumetric efficiency slightly improves. The influence of lubrication on the specific power
cannot be generalized for all cases, an improvement is noted in case 2 and case 3 whereas a negative effect
is observed for case 1. Future works will have to investigate the reason behind this anomalous behaviour.
Therefore the addition of lubrication can have both positive and negative effects on the performance of the
scroll expander with ammonia/water working fluid. Lubrication improves the expansion process (better
volumetric efficiency) but sometimes reduces the power production per unit mass.
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Figure 5: Effect of lubrication on (a) the leakage area, (b) volumetric efficiency and (c) specific
power

CONCLUSIONS AND FUTURE WORKS

The performance of an expander derived from modifying a scroll compressor (Sanden TRSA05) has been
evaluated at various operating conditions using ammonia/water working fluid. To simplify the initial
experiments, the expander was operated without lubrication. Later, the influence of lubrication was studied.
The results suggest that the expander could be a candidate for small scale ammonia/water absorption power
cycles. It recorded a maximum net mechanical power of 1.15 kW (while requiring an evaporator thermal
duty of 33.58 kW) at a supply temperature and pressure of 385 K and 2000 kPa respectively and a pressure
ratio of 2.0 with no optimization. Also the addition of lubrication improves the expansion process (better
volumetric efficiency) however the influence of lubrication on the specific power cannot be generalized for
all cases.

A simplified semi empirical expander model was proposed to calculate the expander performance. The
model calculate with good accuracy the mass flowrate (±5%), the mechanical power (±9%), and the exhaust
temperature (±4 K).
To improve the quality of the experimental work, the following will be conducted: (a) use the Karl Fischer
method to determine the concentration of the working fluid mixture at the expander inlet; (b) enlarge the
temperature, supply pressure and pressure ratio range of the model and (c) more investigation into effects
of lubrication.
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NOMENCLATURE

Variables
Area (m2)
specific enthalpy (kJ/kg)
ℎ
mass flow rate (kg/s)
rotations per second (Hz)
pressure (kPa)
pressure ratio (-)
volume ratio (-)
temperature (°C, K)
volume (m3)
specific volume (m3/kg)
power (kW)
specific power (kJ/kg)
concentration (kg/kg)
Greek symbol
efficiency
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ABSTRACT
The characteristic equation method to model absorption heat pumps was invented in 1982. Since then,
several modifications have been made. This review analyses similarities and differences between the
different variations and compares their regression performance for experimental data of two different
absorption chillers. In addition, a model is developed and implemented for multivariate regression
analysis which allows for identification of parameters with a physical basis. In comparison to the
reviewed models the novel implementation yields a reduced parameter set at comparative regression
performance. The study shows that models with a physical basis are required to detect systematic
deviations, which is a necessary task for a sound process control.
INTRODUCTION
There exists a wide range of mathematical and physical models of absorption chillers and heat pumps.
However, for system planning and for abstract system analysis simplified equations to describe the
steady state behavior are often sufficient. Furukawa and Sonoda (1983) described the part load
behavior of an absorption heat pump (Type II, heat transformer) as a linear function of four external
inlet temperatures. The idea of linearization was generalised by Ziegler (1997) by introduction of a
characteristic temperature difference ∆∆𝑡 as a linear function of temperature thrust ∆𝑡𝑇 = (𝑡𝐺 − 𝑡𝐴 )
and lift ∆𝑡𝐿 = (𝑡𝐶 − 𝑡𝐸 ). Here all 𝑡𝑋 are considered as mean temperatures of the external fluids in the
main heat exchangers (i.e. X = Generator, Absorber, Condenser, Evaporator). This method is referred
to as established characteristic equation method (established CE-method):
∆∆𝑡 = ∆𝑡𝑇 − B∆t 𝐿 ,

[1]

𝑄̇𝐸 = 𝑠∆∆𝑡 − 𝑠𝑥,

[2]

𝑄̇𝐺 = 𝐺𝑄̇𝐸 + 𝑄̇𝑙𝑜𝑠𝑠,0 .

[3]

All equation parameters have a physical basis: 𝑠 is a function of the UA-values and the dimensionless
enthalpy differences at the four main heat exchangers, 𝑥 and 𝑄̇𝑙𝑜𝑠𝑠,0 are second-law loss parameters.
G is a dimensionless enthalpy difference at the generator and 𝐵 describes the working fluid according
to Dührings rule, and it can be assumed to be constant over a wide operating range (Ziegler, 1997).
Analytical modifications and different interpretations of this established CE-method focused on the
univariate application of Eq. 1 and 2 to describe 𝑄̇𝐸 and were driven with the objective to also cover
the influence of flow rate variation, internal heat exchange, or inlet temperatures. Variations of the
method are successfully applied to absorption heat pump control and implemented in common
engineering tools (e.g. TRNSYS Type 177, see Albers (2011)). These modifications of the method
were based on a more detailled understanding of the underlying physical mechanisms. However,
empirical modifications and the application of the method as a regression tool has shown that the
regressed parameters do not necessarily reproduce the underlying physical assumptions (e.g. Albers
and Ziegler (2009)). Furthermore, comparison between the versions exists on a case by case basis only
(e.g. Puig-Arnavat et al., 2010; Witte et al., 2008).
The objective of this study is a concise classification of the versions of the CE-method for single stage
absorption heat pumps to allow for an extraction of the underlying differences. The study is restricted
to models which are comparable concerning the input variables (i.e. arithmetic mean temperatures, tX).
Furthermore, the performance of the different models for multivariate regression is analysed with
measurement data of two absorption chillers. Several versions of the characteristic equation method
are compared with respect to physical interpretability, number of regression parameters, and
regression performance. Furthermore, the results are used to develop a novel multivariate version.

METHODS AND DATA
Regression models
The established characteristic equation method (eCE-method) of Ziegler (1997) as described in
Equations 1 to 3 is based on a simplified physical model of the process. Combining Eq. 1 and 2, we
see that for regression of the cooling load two parameters, 𝑠 and 𝑥, have to be fitted:
𝑄̇𝐸 = 𝑠(∆𝑡𝑇 − B∆t 𝐿 ) − 𝑠𝑥,

[4]

𝑄̇𝐺 = 𝐺𝑠(∆𝑡𝑇 − B∆t 𝐿 ) − 𝐺𝑠𝑥 + 𝑄̇𝑙𝑜𝑠𝑠,0 .

[5]

This is true if B is a constant; here it is assumed to be 1.15. The calculation of the driving heat (Eq. 3)
requires only one more parameter, 𝑄̇𝑙𝑜𝑠𝑠,0 , since the enthalpy coefficient G is approximated as a constant,
G = 1.05. Both equations, Eq. [4] and [5], have to be fed into a multivariate regression algorithm to
determine the three fit parameters 𝑠, 𝑥 and 𝑄̇𝑙𝑜𝑠𝑠,0 .
Technically Equations [4] and [5] can also be used in a double univariate approach of the eCE-method
with the advantage that cooling load and driving heat can be fitted separately by univariate regression:
𝑄̇𝐸 = 𝑝1 (∆𝑡𝑇 − B∆t 𝐿 ) + 𝑝2 ,

[6]

𝑄̇𝐺 = 𝑝3 (∆𝑡𝑇 − B∆t 𝐿 ) + 𝑝4 .

[7]

In this approach G is included in the fitted parameters, so one more parameter is necessary. In addition
the interdependency between the parameters as predicted by the eCE-method (e.g. 𝑠𝐺 = 𝐺𝑠𝐸 ) is lost.
The approach of Hellmann et al. (1999) accounts for the variability of the loss term with changing
cooling load. The results of a detailed process cycle simulation have shown that the loss term x can be
approximated to be linearly dependent on the characteristic temperature difference:
𝑥 = 𝑝𝐻1 (∆𝑡𝑇 − B∆t 𝐿 ) + 𝑝𝐻2 .

[8]

With this assumption (Eq. 8) the equations for 𝑄̇𝐸 and 𝑄̇𝐺 are as follows:
𝑄̇𝐸 = (𝑠 − 𝑝𝐻1 )(∆𝑡𝑇 − B∆t 𝐿 ) − 𝑠𝑝𝐻2 ,

[9]

𝑄̇𝐺 = (𝐺(𝑠 − 𝑝𝐻1 ) + 𝑝𝐻1 𝑝𝐻3 )(∆𝑡𝑇 − B∆t 𝐿 ) − 𝐺𝑠𝑝𝐻2 + 𝑝𝐻2 𝑝𝐻3 . [10]
Such, three fitted parameters (s, 𝑝𝐻1 and 𝑝𝐻2 ) are used to calculate the cooling load and one more
parameter 𝑝𝐻3 is required to calculate the driving heat. However, due to the linearity of x with ∆∆𝑡 the
accuracy of the model is not increased compared to the double univariate approach of the esteblished
CE-method, however it includes a more accurate description of variable thermodynamic losses.
The approach of Hellmann and Ziegler (1999) assumes a linear variation of 𝑠 and x in Eq. 2 and 3
with an adapted temperature lift ∆𝑡𝐿 = (𝑡𝐴𝐶 − 𝑡𝐸 ) and modified characteristic temperature difference
∆∆𝑡 ′ = 𝑡𝐺 − 𝑡𝐴𝐶 − B(𝑡𝐶,𝑜𝑢𝑡 − t 𝐸 ). The outlet temperature at the condenser 𝑡𝐶,𝑜𝑢𝑡 is used. Therefore,
it is not directly comparable to the other models and is omitted from the evaluation.
The approach of Kühn and Ziegler (2005) is formulated for cases which do not allow for a
differentiation between mean absorber and condenser temperatures and is based on empiric regression.
A mean temperature tAC of absorber and condenser is used to calculate an adapted characteristic
temperature difference ∆∆𝑡′ = (𝑡𝐺 − 𝑝2 𝑡𝐴𝐶 + 𝑝3 𝑡𝐸 ):
𝑄̇𝐸 = 𝑝1 (𝑡𝐺 − 𝑝2 𝑡𝐴𝐶 + 𝑝3 𝑡𝐸 ) + 𝑝4 ,

[11]

𝑄̇𝐺 = 𝑝5 (𝑡𝐺 − 𝑝2 𝑡𝐴𝐶 + 𝑝3 𝑡𝐸 ) + 𝑝6 .

[12]

The driving heat can be calculated analogously (Eq. 12). The regression parameters of this approach
cannot be interpretated in a physical way.

The derivation of an improved characteristic equation method (iCE-method) by Albers (2015)
combines the Dühring parameter 𝐵 with an analytic expression for the process dependent losses as
function of the lift ∆𝑡𝐿 and accounts for varying effectiveness of the solution heat exchanger, as well
as effects of superheated or subcooled solution:
𝑄̇𝐸 = 𝑠(∆𝑡𝑇 − (𝐵+𝑃1 )∆𝑡𝐿 ),

[13]

𝑄̇𝐺 = 𝑃2 𝑠(∆𝑡𝑇 − (𝐵+𝑃1 )∆𝑡𝐿 ) − 𝑃3 ∆𝑡𝐿 .

[14]

Four physical parameters (s, P1, P2, P3) describe the equation system. The slope parameter s is
comparable to the one in the established method, Pi =1,2,3 are parameters which include the heat transfer
characteristics of the main heat exchangers. The sum B+P1 can be fitted as one single ‘process
parameter’ by the regression algorithm.
A double univariate regression version of the iCE-method with four parameters is also possible:
𝑄̇𝐸 = 𝑠1 (∆𝑡𝑇 − 𝐵1 ′∆𝑡𝐿 ),

[15]

𝑄̇𝐺 = 𝑠2 (∆𝑡𝑇 − 𝐵2 ′∆𝑡𝐿 ).

[16]

Again, the interdependency between the physical parameters is veiled but included.
We propose a novel regression approach which combines the suggestions of Hellmann et al. (1999)
and Albers (2015): linearisation of the internal losses at the solution heat exchanger. We suggest a
linear dependency of the losses with the internal temperature thrust ∆𝑇𝑇 and a constant loss parameter.
𝑄̇𝑙𝑜𝑠𝑠 = 𝑘∆𝑇𝑇 + 𝑄̇𝑙𝑜𝑠𝑠,0 .

[17]

Substitution of internal temperatures with external ones and restructuring of Eq. (17) yields:
𝑄̇𝑙𝑜𝑠𝑠 = 𝑘′∆𝑡𝑇 − 𝐺𝑘′𝑠𝑎(∆𝑡𝑇 − 𝐵∆𝑡𝐿 ) + 𝑄̇𝑙𝑜𝑠𝑠,0,

[18]

𝑄̇𝐸 = 𝑠(∆𝑡𝑇 − 𝐵∆𝑡𝐿 ) − 𝑠𝑎𝑄̇𝑙𝑜𝑠𝑠 ,

[19]

𝑄̇𝐺 = 𝐺𝑄̇𝐸 + 𝑄̇𝑙𝑜𝑠𝑠 .

[20]

Consequently, the approach uses four physical parameters: k’ includes the efficiency of the solution
heat exchanger, s is comparable to s in the established method, a is dependent on the heat transfer
characteristics in absorber and generator, and 𝑄̇𝑙𝑜𝑠𝑠,0 is the constant part of the heat flow 𝑄̇𝑙𝑜𝑠𝑠 to
overcome thermodynamic losses. In a three parameter version of this approach 𝑄̇𝑙𝑜𝑠𝑠,0 is set zero.
Data
Experimental data of a 10 kW single effect LiBr-water absorption chiller (Kühn and Ziegler, 2005) and a
4.5 kW LiBr-water absorption chiller operated at Technische Universität Berlin are used to analyse the
regression performance of the different models. The 10 kW chiller is a prototype with the four main heat
exchangers designed as falling film heat exchangers and one plate-heat exchanger for the internal solution
heat recuperation. The 4.5 kW chiller is a “Rotartica Solar Line 045“ single effect chiller with rotating
internal cycle and plate-heat exchanger for the internal solution heat recuperation. The measurement data
are the arithmetic mean values of a steady state operation interval of 20 minutes. For the 4.5 kW chiller
only a mean temperature for absorber and condenser is given. There were no uncertainties communicated
with the measurement data and the study assumes that the remaining systematic uncertainty of the
temperature measurement after calibration is 0.1 K and the one of the mass flow rates is 2.5%. Statistical
uncertainties can be neglected in comparison to the systematic ones which yields an overall uncertainty of
0.7 kW for the evaporator heat flow and 0.3 kW for the generator heat flow.
Model comparison
All models are programmed in Matlab modeling language (Version 2012a) and use mean arithmetic
temperatures 𝑡𝑋 = 0.5(𝑡𝑋,𝑖𝑛 + 𝑡𝑋,𝑜𝑢𝑡 ) calculated with measured inlet and outlet temperatures of the

external fluids. A least squares regression algorithm is used (lsqcurvefit.m) to fit the model parameters
to the measurement data.
The normalised root mean square deviation (nRMSD) is used as a statistical measure for model
comparison. It is the ratio of the sample root mean square deviation (RMSD) and the sample mean:

nRMSD =

RMSD

Mean

=

1
2
̇
̇
√ ∑𝑁
𝑖=1(𝑄𝑋,𝑖,experiment −𝑄𝑋,𝑖,model )
𝑁

1 𝑁
∑ (𝑄̇
)
𝑁 𝑖=1 𝑋,𝑖,experiment

.

[21]

RESULTS
Two example scatterplots of the measurement data of the 10 kW chiller and the regression results of the
established characteristic equation method and of the novel approach are shown in Figure 1.

Fig 1: Scatterplot of measured data of Kühn and Ziegler (2005) and regression results of the
established characteristic equation method (left) and the novel regression approach (right).
Both scatterplots show a good regression of the data. However, it can be seen (Fig. 1, right) that there are
some data points which systematically deviate from the bisecting line. These data can be attributed to
effects which are not considered in the model, for instance a loss of heat-transfer adhencing additive or
faults at the sensors. The affected data points are more clearly separated with the novel regression approach
then with the established method (Fig. 1, left). The normalized root mean square deviation of the regression
results is documented in Table 1.
The results of the nRMSD for the 10 kW and 4.5 kW chillers reflect the historic development of the
model improvement with the established multivariate method of Ziegler (1997) yielding the largest
deviations. The empirical univariate interpretation of this equation set is congruent to the one of
Hellmann et al. (1999) which assumes a linear dependence of the loss parameter 𝑥 with the
characteristic temperature difference. Furthermore, the empirical modifications of Kühn and Ziegler
(2005) can also be interpreted with a different but also linearized loss parameter as introduced by
Hellmann and Ziegler (1999) and artificial Dühring parameters. The results of the multivariate and of
the double univariate approach of the iCE-method, are comparable to the results of the four parameter
approach of Hellmann et al. (1999). The novel multivariate approach shows a better regression
performance for 𝑄̇𝐸 than the other four parameter models, however, at cost of the regression
performance of Q̇ G . Nevertheless, the mean of the nRMSD of cooling load and driving heat as
measure for the mean overall model uncertainty is lower.
The scatterplot in Fig. 1 (right) shows that the novel approach better allows for a detection of
measurements which deviate from the expected heat pump performance than the established CE-

method. To allow for a quantified comparison of the different models the ratio of the root mean square
deviation of eight affected data points (marked in the scatterplot) to the overall RMSD is calculated:
𝑅=

nRMSD(affected data)

nRMSD(all data)

.

[22]

Values of R significantly higher than 1 allow for a detection of the affected data. As can be seen in
Table 1, the value of R is highest for the novel model for the driving heat. High values of R for
generator and evaporator heat flows are also obtained with the other models . The 6 parameter model
of Kühn and Ziegler has the lowest values of R, for the generator heat flow it is even lower than 1.
Table 1: Number of model parameters and normalized root mean square deviation (nRMSD) of the
regressed data, B - Dühring parameter, G - enthalpy coefficient at generator.
Model according to...

eCE-method–multivariate
eCE-method- univariate
Hellmann et al. (1999)
Kühn & Ziegler (2005)

iCE-method- multivariate
iCE-method - univariate
novel approach (𝑄̇𝑙𝑜𝑠𝑠,0 = 0)
novel approach

No. of free param.*1
total
𝑸̇𝑬
𝑸̇𝑮
2 + 1
3
2 | 2
4
3 + 1
4
4 + 2
6
3 + 1
4
2 | 2
4
3 + 0
3
4 + 0
4

No. of
const.
2(B, G)
1 (B)
2 (B,G)
0
1 (B)
0
2 (B,G)
2 (B,G)

10 kW – nRMSD (R *2)
𝑸̇𝑬
𝑸̇𝑮
11.1% (2.3) 6.2% (2.0)
8.4% (2.8) 4.3% (2.8)
8.4% (2.8) 4.3% (2.8)
5.7% (1.6) 3.1% (0.9)
8.2% (2.5) 4.6% (2.8)
8.2% (2.5) 4.6% (2.8)
8.4% (2.3) 5.3% (3.0)
6.7% (1.8) 5.7% (2.9)

4.5 kW - nRMSD
𝑸̇𝑬
𝑸̇𝑮
11.9%
12.3%
10.9%
11.9%
10.9%
11.9%
7.1%
12.2%
9.0%
11.9%
9.0%
11.9%
9.0%
12.0%
6.8%
12.4%

*1: if a + sign is given, the first values represents the number of parameters, which is required, if only the cooling load is calculated.
*2: The values in brackets are the ratios R of one group of measurements to another (see Eq. 22).

DISCUSSION
A single stage absorption heat pump is based on five heat exchangers: evaporator, condenser,
absorber, desorber, and solution heat exchanger. Its performance is predominantly determined by the
heat transfer characteristics of these heat exchangers if internal solution flow and external volume
flows are constant. Therefore, in a simplified approach five heat transfer coefficients describe the
whole heat pump performance. Consequently, five parameters also seem to be a reasonable number for
a simple model. The approaches of Hellmann and Ziegler and of Kühn and Ziegler use six parameters
while all other models are based upon three or four parameters. The univariate models of established
method (eCE) and Hellmann et al. are identical, however the underlying assumptions on the loss
parameter differ. It can be seen that the models of Hellmann et al. (1999) and the improved method
(iCE) can also be applied as univariate models, which is an advantage if multi-parameter regression is
not possible, e.g. for process control.
The model comparison shows that there exist differences in the regression performance of the different
multivariate parameter models: The multivariate eCE-method shows the largest deviations while the
univariate eCE-method, the approach of Hellmann et al. (1999) and the iCE-method and the novel
approach show comparable performance.
Furthermore, the models with a physical basis also allow for detection of data which deviate from the
expected behaviour, while the empiric approach of Kühn and Ziegler (2005) which has the best fitting
result fails. Obviously, the additional parameters in the approach of Kühn and Ziegler (2005) are
sufficient to fit the systematic deviations, however the underlying physical mechanisms are hidden.
The study has examined measurements of two absorption chillers only. Further studies should use data
of further heat pumps to allow for a more generalized assessment of the performance of the models.
There exist further variations of the method (Hellman and Ziegler, 1999; Albers, 2015) which operate
with input temperatures. These variations will be analysed in a broader study. Transferability of the

models to heat pumps with other working fluids and to other sorption processes, e.g. a heat pump
type II process (absorption heat transformer), will be examined.
In summary, the study shows that parameters which are thermodynamically interpretable have to be
fitted with multivariate regression algorithms or they have to be calculated from the parameters of
cooling load and driving heat resulting from univariate regression. Models with physical meaningful
parameters also allow for a better regression performance in comparison to the established
characteristic equation method and if applied in process control allow for a better detection of
deviations from the expected operational behaviour .
Nomenclature
Variable
B
G
pi/Pi
𝑄̇
R
s
𝑡/𝑇

x

description
Dühring parameter
enthalpy coefficient
parameters
heat flow
ratio of RMSD values
slope parameter
internal/external temp.
loss parameter

unit

W
W/K
K

Indizes
A
C
E
G
L
loss, 0
T
X

description
absorber
condenser
evaporator
generator
lift
internal loss, constant
trust
component (G,E,A, or C)
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ABSTRACT
The aim of this study was to investigate the potential use of polycarbonate boards as packing
material in the design of an open liquid desiccant system. The open liquid desiccant system was
designed and manufactured using this new packing material due to its higher surface tension relative
to the other conventional polymeric materials. 6 mm of polycarbonate board were used to manufacture
new packing material. Moreover, to study the effect of channel angle on the rate of mass transfer
between liquid and gas, packing materials were packed with 30o, 45o and 60o channel angles. Besides
the effects of channel angle, air and desiccant flow rates on the performance of system were
determined. The maximum thermal and electrical COP were calculated as 0.40 and 2.84, respectively
at 50 Hz air fan and 26 Hz desiccant pump frequencies and 30o channel angle.
INTRODUCTION
Nowadays, energy demand of human being is increasing in parallel to the developing life
standards. 75% of the energy is supported from fossil fuel (primary fuel) in Turkey. According to the
data for 2005, 6.1% of the energy is consumed for space heating/cooling. The energy used for space
heating is directed to space cooling in the summertime due to the relatively high number of sunny days
in Turkey (Tüik, 2008). The solar energy potential atlas of Turkey published by the General
Directorate of Renewable Energy showed that Mediterranean Region of Turkey (where this study will
be performed) has an annual mean insolation of 1650 kWh/m2 (Web2, 2016). Moreover, due to the
65% annual relative humidity average in this region, both dehumidification and cooling systems are
being intensively used especially in summertime. Therefore, most of the consumed energy is utilized
for the dehumidification process.
The open-system liquid desiccant system will be operated with the support of solar-energy
systems. Thus, it will be possible to reduce consumption of the fossil fuel and to benefit from the solar
energy at maximum level. Application of open liquid desiccant system with air conditioning system in
crowded places (cinemas, mall, conference hall, hospital etc.) would reduce 25-35% of the consumed
electricity since latent heat load can be removed by the proposed system and sensible heat load can be
provided by air conditioning system (Enteria et al, 2013; Hellmann and Grossman 1995; Gandidasan
2004; Jain et al, 2011).
Among the packing materials (metal, ceramic and cellulosic packings), polymeric packings
are chosen due to inexpensive and have sufficient strength (Seader and Henley, 2006). However,
polymeric packings show poor wettability as well as low effective interfacial area due to their low
surface tension. The surface tensions of some polymeric packing materials are 31.6 mN/m for
polyethylene, 30.5 mN/m for polypropylene, 37.9 mN/m for PVC and 42.2 mN/m for PA66. The
surface tension of polycarbonate (PC) board is 44 mN/m (web1, 2016).
The objective of this study is to design and test a liquid dehumidification system that can
operate with a maximum performance under atmospheric conditions without any mass transfer
problems. For this purpose, polycarbonate panels will be used as packing materials in the absorber and
desorber innovatively. Polycarbonate packing materials has three different channel angles which are
30o, 45o and 60o. 43% LiCl-water solution will be used as desiccant in the manufactured open liquid
desiccant (OLD) system. Temperatures of air and liquid side, relative humidity of inlet and outlet air,
velocities of air and liquid sides, variation of concentration of desiccant solution will be measured and
investigated to analyze the performance of the system.

THEORY
The performance of the desiccant systems was evaluated by two different ways that the thermal
COP (COPth) definition includes only thermal energy supplied from electrical heater which can be
replaced with solar collectors during application. Electrical COP (COPe) definition regards parasitic
losses (from fans and liquid pumps). Defined COP values can be determined by using following
equations:
[1]
(

)

[2]

(

)

[3]
[4]

MATERIALS AND METHODS
Figure1 represents the designed and constructed OLD system. The OLD system was composed
of adsorber, desorber, air fans, two heat exchangers (for cooling and heating desiccant) and liquid
pumps. The liquid desiccant was prepared with 43% wt of anhydrous LiCl (Acros Organics, 99%).
The absorber and desorber column were made of plexiglass (polymethyl methacrylate) which allows
viewing of the desiccant distribution over the packing materials. The dimensions of the column were
30 cm in width, 30 cm in length and 120 cm in height. Figure 2 shows manufactured packing materials
used in this study with different channel angles. The 6mm of polycarbonate (PC) panels were cut 10
cm in height and 30 cm in length. The PC panels were cut with three different angles which are 30o,
45o and 60o as shown in Figure 2a. After that PC pieces were assembled as 30 cm in width and 30 cm
in length for obtaining packing materials as shown in Figure 2b. Assembled packing materials were
placed in the column in zig-zag position (Figure 2c) in order to increase contact time of air-liquid
flows. Relative humidity and temperatures of air at inlet and exit of the columns were measured by
Vaisala HMT120 (±1.5% RH and ±0.2 °C precision). The conductivity of desiccant solution was
measured by JUMO CTI-500 (±0.5%). KIMO-CTV210 (±0.3%) and GF Signet Capteur 515 (±0.5%)
were used for monitoring air velocity and desiccant velocity, respectively. Heating/cooling water at
inlet and outlet of the heat exchanger were measured by K-type thermocouples (0.4% reading).
Pressure drop in the absorber column was measured by CEM manometer (±0.001 psi). All data gained
from sensors was acquired and monitored using SCADA control and automation programme. Air fans,
valves and liquid pumps were controlled by SCADA.
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Figure 1. Schematic view of constructed open liquid desiccant system
Humid air was inlet to dehumidifier from point 1 using air fan as shown in Figure 1.
Dehumidified air leaves absorber column at point 2. Concentrated desiccant solution enters the
dehumidifier from point 7 and distributed on PC packing material by nozzles. After removing of water

vapor from air, weak solution leaves the dehumidifier column at point 6. The weak solution was
heated into the heat exchanger before feeding desorber column from point 8. Heated desiccant solution
was sprayed by nozzle over the packing material in the regenerator. At point 3, air was fed to
regenerator column for removing water from weak desiccant. Humidified air leaves desorber column
from point 4 and concentrated desiccant solution quits at the bottom of desorber (point 8). Finally, hot
concentrated desiccant solution temperature was reduced in heat exchanger using tap water and fed to
top of dehumidifier column at point 7.
60o

(a)

(b)

(c)

45o

30o

Figure 2. PC packing materials according to a) channel angle b) assembled packing materials c)
zig-zag position in the column

RESULTS AND DISCUSSIONS
The surface areas of PC packing materials with 6 mm thickness were measured as 637,
650 and 648 m2/m3 for 30, 45 and 60o channel angle, respectively. On the other hand, porosity
values of each channel angle for thickness were varying between 88±0.7%. The surface area
and porosity of these new packing materials was comparable with the commercial structured
packing material such as Mellapak 752Y having 500 m2/m3 surface area and 97.5% porosity.
Table 1 presents experimental parameters. Temperature of heating water was kept at
60-65oC since this temperature can be provided easily by standard solar collectors. Three
different air fan frequencies were studied which were 20, 34 and 50 Hz. They supplied
0.1058, 0.1799 and 0.2645 kg/s average air flow rates, respectively. Two different desiccant
pump frequencies were adjusted to 20 and 26 Hz causing 1.42 and 1.85 kg/s desiccant flow
rates, respectively.
Table 1. Experimental parameters
Parameter
Weight percentage of LiCl, %
Height of packing, cm
Average air flow rate, kg/s
Frequency of air fan, Hz
Average desiccant flow rate, kg/s
Frequency of desiccant pump, Hz
Cooling water inlet/outlet Temperature, °C
Heating water inlet/outlet Temperature, °C
Average desiccant temp. in Absorber, °C
Average desiccant temp. in Desorber, °C

Measured/determined value
43
60
0.1058, 0.1799, 0.2645
20, 34, 50
1.42, 1.85
20, 26
14 / 22
59.1/50.2
28.7
45.8

The thermal coefficient performance values of the OLD system conducted with different
packing materials at various flow rates of air and liquid are shown in Figure 3. For 6mm thickness of
packing materials, thermal COPs increased with increasing air fan frequency. The maximum thermal
COP was 0.40 at 50 Hz air fan and 26 Hz desiccant pump frequencies for 30 o channel angle and 6 mm
thickness packing material. The thermal COPs of 45 and 60o channel angle of 6 mm thickness of
packing materials were lower due to the lower liquid and air contact time. Table 3 reviews thermal
COP values of the open liquid desiccant systems reported in the literature. Enteria et al. (2013) studied
with double cascade open liquid desiccant system and ascertained thermal COP as 0.73. Al-Farayedhi
et al. (2002) designed hybrid system which is composed of open liquid desiccant system and
conventional mechanical heat pump. The thermal COP of their hybrid system was determined as 1.25.
Another high thermal COP was found as 0.8 by Gommed and Grossman (2012). It can be said that, the
thermal COP of the studied OLD system was in line with the literature established in Table 2.
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Figure 3. Thermal coefficient performance of OLD system for different packing materials
Table 2. The thermal COP of liquid desiccant systems in the literature
References
Enteria et al. (2013)
Al-Farayedhi et al. (2002)
Gommed and Grossman (2012)
Crofoot, (2012)
Hassan, (2012)
Hellman and Grossman (1995)
Collier (1979)
Liu et al. (2011)
Zeidan et al. (2011)

System description
Two cascade open desiccant
absorption air conditioning system
Open liquid desiccant system and
mechanical heat pump hybrid system
Open cycle absorption air conditioning
Open liquid desiccant system
Open liquid desiccant system
Open liquid desiccant system
Open liquid absorption cooling system
Open liquid desiccant system
Open liquid desiccant system

Thermal
COP
0.73
1.25
0.8
0.47
0.24 – 0.28
0.43
0.45
0.47
0.35

Figure 4 presents electrical COP of OLD system against liquid pump and air fan frequencies
for 6 mm thickness packing materials with different channel angles. In the application of open liquid
desiccant systems, heat for the regeneration of dilute desiccant is provided from waste heat of
industry, renewable and sustainable energy resources. However, some electrical power is also
necessary for all (in lab and real case applications). For that reason, electrical consumption was merely
considered for the calculation of the electrical COP. The maximum electrical COP was found as 2.84
at 50 Hz air fan and 26 Hz desiccant pump frequencies for 30 o channel angle and 6 mm thickness
packing material. For most of the experimental case, the electrical COP was observed higher than 1.
This phenomenon indicates that the studied OLD system utilized primary energy sources efficiently.

Low consumption of clean energy and considerable COP values, the studied OLD system may be used
in commercial application.
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Figure 4. Electric coefficient performance of OLD system for different packing
materials
CONCLUSIONS
Open liquid desiccant system was designed and manufactured using a new packing material.
The packing materials were manufactured from 6 mm thickness of polycarbonate board. Moreover, to
investigate the effect of channel angle on mass transfer between liquid and gas, the packing materials
were prepared with three different channel angles 30o, 45o and 60o.
 The maximum thermal COP was 0.40 at 50 Hz air fan and 26 Hz desiccant pump frequencies
for 30o channel angle.
 The air flow rates increased significantly thermal and electrical COP of the OLD system for
30o channel angle.
 Obtained thermal and electrical COPs of the OLD system were capable to compete with the
literature results.
Consequently, the designed and manufactured system using a new packing material is
promising for future studies. The performance of the studied OLD system can be improved with some
revisions such as using different poly carbonate boards providing more surface area.

Nomenclature
COP
Cp
m
ω

Q
H
T
W

Coefficient of performance
Specific heat, kJ/kg K
Mass flow rate, kg/s
Absolute humidity kg H2O / kg dry air
Heat, W
Enthalpy, kJ/kg
Temperature, K
Work, W

Subscript
a
o
e
ev
i
h
hw
th
1
2

Air
Outlet
Electric
Evaporation
Inlet
Heating
Heating water
Thermal
Absorber inlet
Absorber outlet
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SUMMARY
The use of reliable, representative and reproducible data for the assessment of the quality level of HVAC
systems and components on seasonal basis is crucial, especially considering the obligation of energy
labelling and market surveillance and quality assessment.
An analysis on the current normative framework dedicated to adsorption chillers has revealed that no
exhaustive references for this technology exist. Therefore, two test procedures for the evaluation of a
performance map of adsorption chillers, at full and part load, have been developed. Moreover, an
experimental campaign for validation of the test procedures has been carried out by means of the test
bench for thermally driven chillers installed at C E N T R O P R O V E of the ITAE in Messina. The
principal steps of the developed protocol and the results of the procedure validation are here presented.
INTRODUCTION
During the last years thermal solar cooling technology has experienced a significant growth, both in terms
of components development and raise in market share. New chillers, specifically intended for small-sized
and medium-sized systems have been commercialised, as well as solar “kits” (Jakob, 2013). Moreover,
the presence of economic incentives in several countries, especially in the EU, has boosted the diffusion
of such systems.
Furthermore, the European commission has pushed the selling of high-energy efficient products by
issuing directives (Regulation N. 813/2013 of 2 August 2013, Regulation N. 811/2013 of 18 February
2013) prescribing the minimum energy efficiency requirements for class of products as well as the
indications for their labelling (Evaluation of the Energy Labelling and Eco-design Directives,
COM(2015) 345 final). This has induced stakeholders and private organizations to develop voluntary
third-party certification schemes to demonstrate that a specific product conforms to the relevant dedicate
European standard and fulfils further and more restrictive quality requirements, as well.
Within this context, the use of reliable, representative and reproducible performance data for the
assessment of solar cooling components as well as the definition of the procedures to obtain them, play a
key role.
An analysis on the current normative framework dedicated to solar cooling systems and sorption chillers,
has revealed that no exhaustive and coherent references for their assessment exist.
Hence, in the subtask A1 of the project Task 48, “Quality Assurance & Support Measures for Solar
Cooling”, promoted by IEA-SHC, two test procedures have been developed. The aim was to provide
reliable data to be used as input for calculation methods for the seasonal performance evaluation of the
chillers, like the BIN METHOD, or as input for the development of numerical models able to simulate
their behaviour on annual basis within defined boundaries.
In this paper, the metodology employed for the definition of a test protocol for adsorption thermally
driven chillers is presented together with the results of a validation testing campaign performed at CNRITAE, highlighting the open issues and the critical ones which should be further investigated.
APPROACH
A preliminary study has been carried out to determine which testing protocols were available to
characterize adsorption chillers, especially for solar cooling or similar applications.
To this purpose, besides the laboratory internal protocols, other procedures have been selected and
studied: existing standards and regulations for the performances evaluation of appliances used for space

cooling (and heating as secondary function). This survey highlighted some critical issues. Mainly, the
standards analysed are not exhaustive and they do not cover all sorption technologies and their
applications. Moreover, no separate figures for thermally and electrically efficiencies of sorption chillers
are considered and no consistency currently exists among European and Asiatic Standards.
To compensate for this lack, the protocols described in the standards EN12309, (for gas-fired sorption
appliances), EN14511 and EN14825 (for electrically driven appliances) have been adapted for adsorption
chillers, i.e. specific provisions focused to meet the peculiarities of their (discontinuous) working
operation have been added. The protocol developed includes procedures to perform stationary tests at full
and part load. The two test procedures have been structured as following: definitions, test conditions,
performance figures, test protocol, data to be recorded, test apparatus, tolerances and uncertainty
calculation (Melograno et al. 2014). Following, some parts of the procedure are explained in details.
Test Conditions
The present protocol prescribes two series of tests for the evaluation of:
 Standard rating conditions, i.e. those conditions, which are mandatory and used for the product
marking and for the comparison or certification purposes;
 Off-design conditions, i.e. those conditions outside the design or nominal ones.
Such a choice has been led by the consideration that in several solar cooling applications sorption chillers
often operate in conditions significantly different from nominal ones.
Concerning the standard rating conditions, they have been selected from those prescribed in the abovementioned standards. They refer only to the evaporator and condenser/ad-absorber, since the conditions at
generator depend on the choices of the manufacturers. Specifically the test conditions refer to three
different applications, here classified as high, medium and low applications corresponding, respectively,
to the radiant floor, radiant ceiling and fan coil; and for different transfer medium at the heat rejection
circuit, i.e. air, water and brine.
The off-design conditions, instead, are obtained by varying, time by time, one (inlet) temperature while
the other two are kept fixed (the same could be done with the flow rate at the three circuits). These
temperatures have to be varied around the chiller nominal conditions indicated by the manufacturer. The
inlet temperature at the generator shall be set at minimum/maximum “firing” temperature and at its
nominal value, indicated by the manufacturer and meaningful for the specific application.
The other two inlet temperatures (condenser and evaporator) shall be varied according to the
manufacturer’s requirements and the specific application in order to have two measuring points as heat
rejection temperature and two as chilled water temperature.
Performance figures
The developed test protocols provides separate thermally and electrically performance figures. For their
calculation, a control volume around the machine, including also the “virtual” internal pumps used to win
the losses through the main heat exchangers, is considered (see Figure 1). According to this, the measured
quantities, such as the cooling capacity, heat input and electric power input, are corrected considering the
contributions, in terms of heat and electricity consumption, due to these parasitic elements. Therefore, for
each rated quantity there will be the “measured” quantity that, in case of thermal powers, is determined
by applying the direct enthalpy method, and the “effective” one (Melograno et al. 2014).

Figure 1: System boundary including the virtual circulation pumps with the respective internal
(∆Pint due to the machine) and external (∆Pext due to the external circuit) pressure drops. This
control volume is used for the performance figures calculation

The main capacities and ratio calculated in the developed procedures are:
The Thermal Energy Efficiency Ratio, EERth, i.e. the ratio of the effective cooling capacity to the
effective heat input to the unit, expressed in kW/kW determined through the following formula:

EERth 
Where:
 QEcooling
 QEinput

QEcooling
QEinput

[1]

is the Effective Cooling Capacity (QE,cooling), the cooling capacity corrected of the capacity
due to the pumps at the evaporator circuit and expressed in kW;
is the Effective Heat Input (QE,input), the heat input corrected of the capacity due to the
pumps at the generator circuit and expressed in kW.

The Electrical Energy Efficiency Ratio, EERel, i.e. the ratio of the effective cooling capacity to the
effective electrical power input which is determined using the following formula:

EERel 
Where:
 QEcooling
 PE

QEcooling

[2]

PE

is the Effective Cooling Capacity(QE,cooling), the cooling capacity corrected of the capacity
due to the pumps at the evaporator circuit and expressed in kW
is the effective Electric Power Input, in kW, i.e. the Electrical power input including the
share of electrical consumption due to all conveying devices (e.g. fans, pumps) that ensure
the transport of the heat transfer media inside the appliance (i.e. at the generator,
evaporator and condenser).

Both energy efficiency ratios, i.e. thermal and electrical, are calculated separately for each operational
cycle and eventually averaged.
Test Protocol
The procedure consists of two test protocols, for full and part load operations. The protocol procedure for
partial load operations comprises two sub-procedures: one for continuous tests and one for cyclic tests
(ON-OFF tests). Both protocols include, where necessary, provisions related to the specific adsorption
chiller operation and consist of four main phases:
 “Set-up of the machine”: the chiller is installed and connected to the test bench according to the
manufacturer’s instruction, in order to obtain a quasi-real installation.
 “Test Set-up”: the desired test conditions (flow rates, inlet temperatures, etc.) are set through the test
bench; while the minimum cooling temperature (i.e. thermostat temperature) is set on the machine in
order to provide the maximum useful cooling capacity;
 “Equilibrium phase”: it is verified that the averages and the standard deviations, calculated with regard
to the set values, of all quantities at the inlet and outlet of the machine do not differ from the set values
by a certain amount (test tolerances). An example of these tolerances is given in Table 1, where the test
tolerances for adsorption chillers are listed. When these conditions are fulfilled, chiller can be
considered in steady-state. Such phase lasts (at least) 2 cycles;
 “Data collection period”: all meaningful data are recorded into a test file. Such period lasts (at least) 2
cycles.
TEST VALIDATION
A specific test campaign has been performed on a commercial 10 kW nominal capacity chiller and a three
beds 5 kW cooling power prototype, aim being a verification on the applicability of the procedures under
development and their feasibility for the proposal of a modified reference European normative.
All the tests have been performed at C E N T R O P R O V E of ITAE in Messina using the specific test
bench available. This testing station employs a gas heater to reproduce the thermal source, with settable
temperatures from 55°C to 99°C, and an electric chiller to simulate process heat rejection and thermal
load. A 1500 L high temperature storage has been installed with the aim of guaranteeing temperature

stability during tests. Moreover, a 1000 L storage connected to the electric chiller serves heat rejection
and evaporator circuits, with settable temperatures in the range of 22-45°C and 4-20°C respectively.
Motorised 3-way valves and PID thermoregulators allow to reach and maintain constant the desired
temperature levels. All the circuit of the testing bench are equipped with variable speed pumps in order to
test prototypes without internal pumps or, as previously described, to compensate for the losses through
the main heat exchangers of the chiller. All the sensors of the testing bench are in Class I or with
equivalent accuracy and a specific acquisition system is used to manage all the components and record
the relevant parameters. Before the experimental campaign, it has been verified that measurement
instruments included in the testing bench complied with tolerances proposed in the protocol.
The validation has been carried out by testing the two chillers according to the procedure above described
for adsorption chillers (discontinuous machines) and by varying the inlet temperatures and the flow rates
at the three chiller’s hydraulic loops, (i.e. generator, condenser, evaporator) in order to validate the
protocol also in partial load conditions. Results have been collected and analyzed through the use of a
specifically developed spreadsheet, which includes the calculation of performance figures of the system
and the verification of defined tolerances.
Table 1 Permissible deviations on the set values during stationary tests for Adsorption machines.
They refer to “Full load” and “Partial load” tests.
Measured quantity

Permissible deviations of the time average
measured values from set values

Inlet temperature
Flow rate
Static pressure difference

entire load

Inlet temperature
Outlet temperature or Mean
temperature
Flow rate
Static pressure difference

entire load

Air :
Inlet temperature:
Dry‐
bulb (wet‐bulb)a
Air flow rate (volume)
Air static pressure
Water or Brine:
Inlet temperature
Flow rate
Static pressure difference
‐ voltage

Permissible standard deviation from the set
values*

GENERATOR (water or brine)
± 0,2 K
entire load
±2%
/
EVAPORATOR (water or brine)
± 0,2 K
entire load

1,5 K
5%
10%
1,5 K

± 0,5 K

1,5 K

±2%
/
CONDENSER
entire load

±1,5 K

5%
10%

entire load

2,5 K

/
/
entire load

± 0,2 K
±2%
/
Electrical input
±4%

/
/
entire load

1,5 K
5%
10%
±4%

Cycle Time
‐ Cycle

/

5%**
Efficiency

‐ EER (of each Cycle)

5%

2,5%**

NOTE 1 Permissible deviation includes the regulating capability of the test apparatus.
a

For appliances with outdoor heat exchanger surfaces greater than 5 m², the deviation on the air inlet dry bulb is doubled.

*Standard deviation calculated considering the set value instead of the mean

** Standard deviation calculated as it is

Figure 2: An overview of the test bench at C E N T R O P R O V E of CNR-ITAE in Messina

Test on commercial chiller
For evaluation of the developed procedures and for the assessment of the importance of a unique
standard, the tests carried out on the commercial chiller have been compared to the datasheet of the
producer, which includes data from internal laboratory. Results have shown that, with the exception of the
nominal conditions where the performances declared and those measured were almost similar, far from
these conditions, the difference among them is indeed consistent, thus demonstrating the importance of
having a reference for performance certification. In Figure 3 the declared and the measured performance
curves are shown as ratio of actual and nominal values.
1.2

Normalized cooling capacity (kW/kWn)

1.2
Nominal point

1

Normalized EER

0.8
0.6
0.4
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1
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0.2

Declared

0
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Figure 3: Declared vs. measured normalized capacity and Energy Efficiency Ratio at different MT
inlet temperatures (generator inlet temperature = 72°C; chilled water outlet temperature = 18 °C).
Test on prototypal chiller
An example of the application of test requirements such as the tolerances for establishing the steady state
operation, are shown in Figure 4. Specifically, a complete test on an adsorption prototype consisting of 8
operational cycles, 4 as equilibrium period and 4 as data collection period, and the tolerance bands for the
inlet temperatures at the three circuits are shown. The prototype under test is described in details in (Gullì
et al, 2015) and consists of three adsorbers connected to a single evaporator and a single condenser. Main
features of the system are the use of hybrid adsorbers, with zeolite coating and silica gel grains and the
presence of two heat exchangers in both the condenser and the evaporator, one flooded and one in contact
with vapour phase. Furthermore, the prototype is managed by a system realised so that, for all the cycle,
two adsorbers are always connected to the evaporator at the same time, the ratio between adsorption and
desorption time being 2.

Figure 4: Temperatures and tolerances for the prototypal chiller

Test results
The analysis of the results achieved from the two test campaigns has revealed some critical issues partly
due to the nature of the machine operation itself and partly due to the variety of appliances sold on the
market or currently at developing stage. These critical issues can be summarized as follow:
• Difficulty to satisfy all “stationary” criteria. Some commercial chillers presents a non-constant flow
rate and, consequently, pressure drop both at the generator and condenser. This variation is so big
that the criteria on the permissible standard deviations from the set point are not satisfied. However,
this does not occur with other discontinuous chillers analysed. Nevertheless, since the proposed
standard should have a general value, these criteria shall be changed, or an agreement with chiller
producers must be reached, in order to define a specific “test procedure” mode to be implemented in
the management software of the chiller. Further tests on different chillers, heat pump or adsorption
prototypes are needed;
• As the cooling capacity provided by the chiller is far from nominal one (Figure 3), it is hard to meet
the requirements related to the outlet temperature at the evaporator. This is mainly due to the
machine operation. Also in this case, further tests are needed
• The number of calculation cycles (4) used for defining the equilibrium period (2), and the data
collection period (2) are adequate and allow obtaining meaningful data. Nevertheless it is preferable
to consider a higher number of these calculation cycles.
CONCLUSIONS
Two test procedures for the certification of performance of adsorption chillers have been developed. The
procedures allow to completely map the performance of the chillers providing reliable data to be used as
input for the calculation of their seasonal performances and for the development of simulation tools.
Finally, in order to demonstrate their applicability to the intended purposes and to verify their
representativeness in the application range, several validation test have been carried out using the test
bench for adsorption units, installed at C E N T R O P R O V E of CNR ITAE in Messina. The analysis of
the test performed highlighted some critical issues, mainly related to the nature of the adsorption units
itself more than to the assessment procedure developed. For such a reason, the future activity will be
addressed to the fine tuning of the procedure. Moreover, results showed that the cooperation of
adsorption chillers and heat pump manufacturer would be necessary in order to standardize a sort of “test
operation mode” into the management system of the machines.
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Abstract
In the present work, the experimental characterization of a 0.5 kW prototype of a refrigerator employing
activated carbon/ethanol as working pair is presented. The developed prototype employs an optimized
adsorber, designed according to the results of kinetic tests performed by a G-LTJ system installed atCNRITAE. Full performance mapping has been realized by means of a specific testing bench available at
CENTROPROVE of CNR-ITAE. Boundary working conditions were evaluated, in terms of desorption,
condensation and evaporation temperatures for refrigeration applications (e.g. food storage). Furthermore,
advanced cycles have been evaluated to assess the enhancement in COP measured achievable. High specific
cooling power, up to 100 W/kg were achieved and, at the lowest evaporation temperatures investigated (< 5°C), SCP of 50 W/kg were obtained. Heat recovery implementation allowed for an increased COP up to
30% more than reference cycle.
Introduction
During the last decades, adsorption systems have attracted more and more interest, for the possibility of
exploiting waste heat or solar energy, thus reducing CO2 emissions and avoiding the problems related to
vapour compression systems [Henning, 2007]. While focus has been mainly in HVAC systems for air
conditioning, or ice makers for marine applications, also refrigeration should be addressed, as it is an
impacting technology, especially in transportation and food storage facilities [Schwarz et al., 2007]. Not
many adsorption refrigeration systems have been developed so far, and most of them have been intended for
intermittent night-day cycles with regeneration thanks to solar radiation [Sah et al., 2015]. For production of
continuous cooling effect, only a few examples are reported in literature [Lu et al, 2013] [Hassan et al, 2012],
all employing methanol as refrigerant. However, compared to methanol, ethanol represents a promising
alternative, since it is less corrosive and non-toxic.
In such a background, in this paper, experimental results obtained for the systems under refrigeration
boundary conditions are presented. Furthermore, the potential of the machine operating as air conditioner has
been experimentally evaluated and indications of future improvements are given.

The prototype
The main features of the realised prototype are summarised in Table 1, while in Figure 1 a picture of the
system is shown.. It is based on the double-adsorber architecture with a single evaporator and single
condenser, in order to guarantee a quasi-constant cooling effect delivery, and has an overall volume of about
142 dm3.

Type of adsorbent
Total adsorbent mass
Adsorbers
Condenser/Evaporator
Total weight of the prototype
Total volume of the prototype
Nominal cooling power
Nominal COP

Loose grains of activated carbon SRD 1352/3 (grain size
0.425 – 0.71 mm)
4.8 kg
4 aluminium finned flat tubes heat exchangers connected in
parallel for each adsorber
1 x finned tube Cu/SS heat exchanger
120 kg
142 dm3
500 W
0.10

Table 1: Main features of the refrigerator prototype developed at ITAE.

Figure 1: The prototype realised and tested
Testing facilities
Performance mapping of the prototype has been carried out by means of a testing facility already available at
CENTROPROVE of CNR ITAE. The testing bench, represented in Figure 2, consists of a heating source and
a cooling source hydraulically connected to the chiller under testing. Heat for desorption is provided by a
16kW electric heater (1), which is connected to a 100 litres tank (2) in order to obtain temperature inlet as
stable as possible.
A 63kW electric chiller is connected to a 200 litres tank (3), which works as a heat sink for providing energy
at the temperature levels for evaporation and condensation. In particular, the desired level of temperature is
obtained, both for condenser and evaporator, by means of a thermoregulator and a mixing valve which mixes
the flow in inlet and outlet pipes of the circuit. Moreover, outlet water from condenser is recirculated into a
plate heat exchanger (5) and employed to cool down the adsorbers. All the valves and the circulators
necessary for the hydraulic management of the prototype are also implemented in the test bench (4).
Management of the bench is realised using a NI acquisition system connected to a PC (6) and a dedicated
software developed in LabVIEW.
Tests under refrigeration conditions have been performed employing, as heat transfer fluid, a 30% volume
water/glycol solution, by connecting the evaporator to a 50 litres tank (9) whose temperature is regulated by a
1 kW thermo-cryostat (8).

Figure 2: Testing rig at CNR-ITAE CENTROPROVE
Results and discussion
First phase of experimental activity was aimed at determining the optimal cycle time under different
operating conditions. To this purpose, for air conditioning (AC) operation, condensation temperature was
fixed to 30°C, while desorption temperatures of 90°C and 80°C and evaporation temperatures of 15°C and
7°C were considered. Instead, for refrigeration operation (RE), desorption temperature was fixed to 90°C and
two different condensation temperatures (22°C and 27°C) and evaporation temperatures (-5°C, -2°C, +2°C)
were tested. Results are summarised in Figure 3
It can be noted that, under air conditioning operation, the maximum SCP for an evaporation temperature of
7°C is obtained for an overall cycle time of 900s, while, at 15°C evaporation, SCP of 180W/kg was reached
at 600s. Under refrigeration conditions, due to the lower pressures in the evaporator, cycle time needed to
complete ad/desorption is significantly higher than the previous case. In particular, for the cycles with
condensation temperature of 27°C, the maximum SCP reached was 30 W/kg for an overall time of 1500s,
while, when condensation temperature was lowered to 22°C, the best performance could be achieved for a
cycle time of 1200s and corresponds to 72 W/kg. It is worth noticing that SCP presents an initial increase
with cycle times and then, once an optimum point is reached, it decreases rapidly. This trend is due to the fact
that the lowest cycle time chosen probably are not sufficient to realize complete adsorption/desorption of
ethanol because of the severe thermodynamic conditions, especially for RE, and therefore only with longest
cycle times a proper operation is achieved.
Eventually, effect of boundary conditions (desorption, evaporation and condensation temperatures) has been
evaluated and results are reported in Figure 4 and Figure 5 for AC and RE conditions respectively. In Figure
4, SCP as a function of temperature difference between condenser inlet (MTin) and evaporator outlet (LTout)
is reported, while in Figure 5 SCP is reported as a function of evaporator inlet temperature, with curves
parameterized for the condensation level chosen.
Performance achieved for AC operation are good both for cycles simulating mild summer conditions
(ΔT=15°C) and those intended to replicate severe Mediterranean conditions (ΔT>20°C). The highest COP is
160 W/kg, measured for for Tdes=90°C, Tcond=30°C and Tev=15°C, while for Tdes=90°C, Tcond=35°C
and Tev=7°C, SCP of 76 W/kg was obtained. As expected, performance decrease with the increasing
temperature difference between condenser and evaporator, which represent the thermodynamic boundaries
for the cycle. Moreover, the results are strongly influenced also by driving temperature for higher desorption
temperatures (90°) the achievable SCP are double with respect of those achieved at 75°C.

Figure 3: Cycle time optimization, AC (dotted lines) and RE (straight lines) conditions.

Figure 4: Effect of boundary conditions, AC cycles.
For refrigeration, evaporation temperatures ranging from -7°C to 2°C (suitable, for example, for frozen or
fresh food storage) were evaluated, together with four different condensation temperatures, from 16°C to
27°C. As expected, both temperatures of condenser and evaporator have a clear effect on measured
performance. Results show an almost linear trend in SCP with growing evaporation temperatures and a
similar trend with respect to condensation temperatures. In particular, with the lowest condensation
temperature (16°C), SCP from 60 W/kg to 92 W/kg could be achieved, while for the highest condensation
temperature of 27°C, SCP of 50 W/kg were measured only for evaporation temperatures of 2°C. Results
measured, in terms of specific cooling power, for practical applications, have been comparatively high to
what reported in literature [Wang et al., 2003], [Tamainot-Telto and Critoph, 1997]. , with SCP up to 70
W/kg for evaporation temperatures of -5°C and 30 W/kg for evaporation temperatures of -7°C. For -2°C
evaporation and condensation lower than 25°C, SCPs higher than 50W/kg could be observed.

Figure 5: effect of boundary conditions, RE cycles.
Management strategy definition
To help improve the performance of the system, especially in terms of COP, different cycles beside the
standard ones have been investigated. A lot of effort has been put into this topic during the last decades, as
reported in several novel and advanced cycles for sorption systems have been studied [Li et al., 2014].
Among the possible alternatives, heat recovery and reallocation of adsorption and desorption times have been
investigated.
Heat recovery has been proved to be particularly effective for RE cycles, as shown in Figure 6: for all the
different boundary conditions tested, COP when heat recovery was applied increased up to 30%, with
maximum value of 0.14 measured for a 90/22/02 cycle.
Reallocation of adsorption and desorption times, whose basic principal is described by [Sapienza et al,2011] ,
was also employed. Results obtained were particularly interesting for AC cycles, while time needed to
complete ad/desorption process when working in RE conditions is too long for practical application of this
management strategy. Results for AC operations are summarised in Table 2, where COP increment of 20% to
more than 30% could be identified.

Cycle

R

COP

1

0.13

90/30/15_900 s 1.5

0.20

Cycle

R

COP

1

0.07

80/30/07_900 s 1.5

0.10

2 0.17
2 0.08
Table 2: Example of reallocation effect on COP
Conclusions
In this paper, the experimental testing campaign on a novel adsorption refrigerator has been presented.
Parameters investigated include cycle time and operating temperatures. Results obtained proved to be very
promising, since specific cooling power up to 100 W/kg was measured, with values higher than 50 W/kg for
temperature levels compatible with practical applications. Furthermore, management strategy was evaluated
and a great benefit in terms of COP was obtained when realising heat recovery for refrigeration and
reallocation of adsorption and desorption times for air conditioning.

Figure 6: Effect of heat reocvery on COP for RE cycles.
Acknowledgement
The present work was partially funded by PON “Ricerca e Competitività 2007-13” n°02_00153_2939517 in
the frame of the project “Tecnologie ad alta Efficienza per la Sostenibilità Energetica ed ambientale On
board”, TESEO.
References
Hans-Martin Henning, Solar assisted air conditioning of buildings – an overview, Applied Thermal
Engineering, Volume 27, Issue 10, July 2007, Pages 1734-1749.
W. Schwarz, J.-M. Rhiemeier, The analysis of the emissions of fluorinated greenhouse gases from
refrigeration and air conditioning equipment used in the transport sector other than road transport and options
for reducing these emissions Maritime, Rail, and Aircraft Sector – Final report, European Commission, 2
November 2007.
R. P. Sah, B. Choudhury, R. K. Das, A review on adsorption cooling systems with silica gel and carbon as
adsorbents, Renewable and Sustainable Energy Reviews, Volume 45, May 2015, Pages 123-134.
Z.S. Lu, R.Z. Wang, , L.W. Wang, C.J. Chen, Performance analysis of an adsorption refrigerator using
activated carbon in a compound adsorbent, Carbon 44 (2006) 747–752
Hassan HZ, MohmadAA, Al Ansary HA, Development of a continuously operating solar driven adsorption
system: thermodynamic analysis and parametric study, ApplThermEng 48(2012), 332–41.
T.X. Li, R.Z. Wang, H. Li,Progress in the development of solid-gas sorption refrigeration thermodynamic
cycle driven by low-grade thermal energy, Progress in Energy and Combustion Science 40 (2014) 1-58
A. Sapienza, S. Santamaria, A. Frazzica, A.Freni, Influence of the management strategy and operating
conditions on the performance of an adsorption chiller, Energy 36 (2011) 5532-5538

ANALYSIS OF ENERGY AND EXERGY FLUXES IN A SUPERSONIC EJECTOR
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This work aims at providing novel insights into the entrainment and energy exchange phenomena within
a supersonic ejector. To this end, new indicators of mixing are introduced in order to investigate
quantitatively transfer of kinetic energy between the primary and the secondary streams. It is shown that
there is no analogy between the transfer of kinetic energy and the gain in exergy of the secondary stream.
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specific total exergy
Total kinetic energy flux vector field
Component of the total kinetic energy flux normal to the velocity vector
Specific static enthalpy
Specific total enthalpy
Total transfer of kinetic energy between the primary and the secondary stream
Mass flow rate
Static pressure
Total pressure
Specific entropy
Static temperature
Total temperature
Horizontal coordinate
Horizontal coordinate at the outlet of the ejector
Vertical coordinate
Gain in exergy of the secondary stream
Reference conditions
Reservoir conditions
Value associated to the primary stream
Value associated to the secondary stream

INTRODUCTION
In the current context of growing energy concerns, considerable attention is being paid to the
enhancement of the performance of processes in a wide range of areas. Regarding refrigeration systems,
supersonic ejectors offer an interesting means to compress a fluid by using low grade energy sources
which would be wasted otherwise (Chunnanond en Aphornratana 2004). Figure 1 shows the typical
layout of an ejector. Devoid of any moving parts, they are passive devices: a motive primary stream
entrains the fluid to be compressed in a secondary stream, referred to with the index 1 and 2 respectively.
The primary stream, coming from a heat recovery boiler, is driven into the ejector through a primary
nozzle. It is accelerated and then choked at the throat of this primary nozzle, and exhausts as a supersonic
jet at the exit of the primary nozzle, where it comes into contact with the secondary stream that comes
from the evaporator. Depending on the geometry of the ejector and the operating conditions, the
secondary stream may also become sonic/supersonic within the ejector.
primary nozzle
1 primary flow

Secondary Mixing section
nozzle

b
Diffuser

2

Figure 1: Typical layout of an ejector
As a compressor, the ejector performance could be evaluated by a characteristic curve giving the
entrainment ratio, 𝜔 = 𝑚! /𝑚! , versus the back pressure,  𝑝 𝑥! . A typical characteristic curve is shown
in Figure 3. For a certain range of values of the back pressure, the entrainment ratio is constant, since both
flows are choked within the ejector. The ejector is said to operate in on-design conditions. Beyond a
certain critical back pressure, the entrained mass flow rate becomes sensitive to downstream conditions,
and the entrainment ratio decreases rapidly until it reaches zero when the back pressure equals a

breakdown value. Between the critical and the breakdown back pressures, the ejector is said to operate in
off-design conditions. In a refrigeration cycle, the back pressure is the condensation pressure and is then
imposed by external conditions.
Due to a lack of understanding of the complex flow phenomena at play within the ejector, errors in
predicting entrainment by 1D models may be significant (Huang, et al. 1999, Kong en Kim 2015). For
this reason, numerical simulations based on CFD have been used in many papers for predicting the
behaviour of supersonic ejectors under varying operating conditions and/or geometries. More recently,
different studies have investigated the flow structure within the ejector (Sriveerakul, Aphornratana en
Chunnanond 2007, Hemidi, et al. 2009, Kong en Kim 2015, Croquer, Poncet en Aidoun 2016). However,
the analysis is often limited to iso-contours of Mach number and pressure profiles, which are not really
appropriate to assess local mixing and transfer phenomena and their connection with the entrainment
ratio. Although the exergy destruction within the ejector is investigated in (Croquer, Poncet en Aidoun
2016), no distinction is made between the primary and the secondary streams, and no information is given
concerning transfers. In the present study, the transfer of kinetic energy between the primary and the
secondary streams is evaluated all along the ejector for different values of the back pressure, and is
related to the gain in exergy of the secondary stream.
NUMERICAL METHOD
Flow solver
The present numerical simulations were produced by means of the open-source software for CFD,
OpenFoam 2.3. OpenFoam relies on a Finite Volume method working with either a structured or
unstructured discretization. Regardless of the solver, variables are colocated and defined at cell centers,
and the governing equations are solved through a segregated approach.
The compressible Reynolds-averaged Navier-Stokes equations are solved by means of an unsteady
density-based compressible flow solver that uses an alternative approach to Riemann solvers based on
central-upwind schemes of Kurganov and Tadmor (Kurganov, Noelle en Petrova 2001). The solver,
named rhoCentralFoam, is described in details in the original paper of (Greenshields, et al. 2010). The
wall-resolved SST 𝑘 − 𝜔  turbulence model is used in the present study.
For the selected solver, the continuity equation that provides the density field is solved explicitly while
the resolution of the momentum and the energy equations uses an operator-splitting approach: firstly, an
explicit predictor equation is solved for the convection of conserved variables (𝜌𝒖 and 𝜌𝐸), then the
diffusion of primitive variables (𝒖 and 𝑇) is taken into account through the resolution of an implicit
corrector equation. Finally, the equation of state is used to obtain the pressure field. Note that the working
fluid is assumed to be a perfect gas. Because rhoCentralFoam is an unsteady solver, we consider that the
solution achieves a steady state as soon as the relative difference in mass flow rates between the inlet and
outlet boundaries remains below 5. 10!! .
Geometrical modeling
In the present work, a rectangular supersonic ejector using air as working fluid is analysed. The ejector
that has been simulated corresponds to the rectangular ejector of the experimental setup available at UCL
and described in details in (Mazzelli, et al. 2015). The flow within the ejector is simulated numerically as
symmetrical. Although (Mazzelli, et al. 2015) showed that 3D simulations performed better than 2D
simulations in on- and off-design conditions, the errors for the prediction of the entrainment ratio are
comparable in the on-design regime. The present study does not aim at investigating discrepancies
between 2D and 3D numerical results but rather focuses on introducing novel post-processing tools in
order to shed light on the mixing phenomena. Hence, we can restrict this study to 2D simulations.
The grid structure of the numerical domain is shown in Figure 2. The mesh has been generated via
GMSH (Geuzaine en Remacle 2009). It is mainly structured apart from the part that connects both inlets
at the primary nozzle exit region and makes the transition to the mixing section. The mesh passes from
unstructured to structured at the end of the first quarter of the mixing section. The mesh is also refined in
the vertical direction in order to ensure that the centre of the cell adjacent to the wall is always at 𝑦 ! ≈ 1.
In total, the mesh is composed of approximately 350,000 hexahedra. The origin is located on the plane of
symmetry of the ejector, at the entry of the mixing duct.

Figure 2 : Grid structure of the computational domain for numerical simulations
The grid independence has been checked through the comparison of the profile of the Mach number on
the axis of the ejector for the mesh described here above and a refined mesh. The finer mesh was obtained
by refining the normal one only in the axial direction and solely in the structured zones, yielding a mesh
of approximately 535,000 cells. The maximum difference between both profiles was found to be less than
2.5%.
Boundary conditions
The flow being subsonic at the primary and secondary inlets, total temperatures (𝑇!" and 𝑇!" ) and
pressures (𝑝!" and 𝑝!" ) are then imposed as boundary conditions. The values of the primary total pressure
that has been used in this study is 𝑝!" = 3.5 [bar] and corresponds to an overexpanded motive flow at the
primary nozzle exit plane. As the secondary stream is sucked from the atmosphere, its total pressure is
very close to 1 [bar] for all cases. For 𝑘 and 𝜔 at inlets, the value of the turbulence intensity and a specific
mixing length were prescribed. At the outlet, the only variable that is imposed is the static pressure
(𝑝(𝑥! )). Walls are all assumed adiabatic.
Verification and validation
The numerical results are validated with experimental data in two different ways. In a first approach, one
scharacteristic curve of the ejector obtained by numerical simulations is compared with the experimental
data reported in (Mazzelli, et al. 2015) in Figure 3. By comparison, we also illustrate in the figure the
results of the 2D simulations obtained by (Mazzelli, et al. 2015). The predicted value of the entrainment
ratio seems to be in good agreement with experimental data in on-design conditions. The numerical
simulations tend, however, to overpredict the value of the critical back pressure, leading to significant
discrepancies in off-design conditions. Finally, in terms of entrainment ratio, the numerical results
obtained in the present study are very close to those reported in (Mazzelli, et al. 2015) all over the range
of the back pressure.
We also assess the present numerical simulations against the flow topology observed in our experiments.
For this purpose, the shock reflection pattern within the supersonic ejector was investigated through
schlieren visualizations and compared to numerical schlieren (see Figure 4). The latter was generated by
computing the vertical gradient of the density field. As it can be observed in Figure 4, numerical results
are found to be in very good agreement with the experimental schlieren image. Note that for this schlieren
image, the ejector operates in on-design conditions, and the flow structure is relatively stable at the exit of
the primary nozzle. By contrast, in the off-design regime, the flow was found to be highly unstable, what
makes a comparison of schlieren images with RANS simulations much less obvious. Once again, since
the main purpose of this work consists in introducing new post-processing tools, the validation is limited
to on-design conditions. The investigation of the flow structure within the ejector through schlieren
visualizations in off-design conditions will be the subject of further publication.
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RESULTS
Transfer of kinetic energy within the ejector
The transport equation for mean-flow kinetic energy, 𝐾 = 0.5  𝜌  𝒖 ⋅ 𝒖, may be written as
𝜕
𝑢 𝐾 + 𝜌𝑢!!! 𝑢!!!   𝑢! − 𝜏!" 𝑢!
𝜕𝑥! !

= −𝑢!

!!,!

𝜕  𝑝
𝜕𝑢!
𝜕𝑢!
− 𝜏!"
+ 𝜌𝑢!!! 𝑢!!!
𝜕𝑥!
𝜕𝑥!
𝜕𝑥!

where the ^ stands for the Favre averaging and the symbol " refers to the fluctuation compared to the
Favre averaged quantity. The left-hand side of the equation is nothing else than the divergence of the
vector field formed by the total flux of kinetic energy, 𝑭! , consisting of advective, turbulent and viscous
fluxes, respectively.
In order to investigate the transfer of kinetic energy between the primary and the secondary stream, we
focus our attention on the component of 𝑭! normal to the velocity vector, 𝐹!,! , along the dividing
streamline. The latter is defined as the streamline passing through the point located in the nozzle exit
plane at  𝑦 = ℎ + 𝜀  with 𝜀 ≪ ℎ, i.e. just above the tip of the primary nozzle in order to avoid problems
that would be caused by a potential separation of the flow within the primary nozzle. It should be noted
that, by construction, the advective flux through a streamline is zero. Hence 𝐹!,! only accounts for the
turbulent and viscous fluxes of mean-flow kinetic energy crossing the dividing streamline.
Figure 5 shows the profile of 𝐹!,! (x) for different values of the back pressure. Note that, for the sake of
clarity, the profile of the total flux of kinetic energy crossing the diving streamline is not shown for all
values of the back pressure. As can be seen, the kinetic energy transfer is actually more important in the
diffuser than in the mixing duct when the ejector is operating in the on-design regime. It seems that, at
this regard, numerical results show significant discrepancies with 1D models which predict full mixing
before the entry of the diffuser (Huang, et al. 1999, Kong en Kim 2015). In addition, it appears that, in
off-design operations, the transfer of kinetic energy takes place almost entirely in the mixing duct.
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New indicators of mixing
For the investigation of the transfer phenomena within the ejector, the dimensionless total transfer of
kinetic energy between the primary and the secondary stream, 𝐼! , is introduced
𝐼! =

!

𝑭! ⋅ 𝑑𝒔

𝑚! ℎ!"

where 𝑆  is the dividing surface. Obviously, for 2D-flows, the dividing surface simply consists in the
extrusion of the dividing streamline. Figure 6 shows the value of 𝐼! for different values of the back
pressure. It appears clearly that 𝐼! decreases when the back pressure increases. In order to compare this
transfer of kinetic energy to a gain in exergy in the secondary stream, we also define the dimensionless
total gain in exergy of the secondary stream as
𝜉=

𝑚! 𝑒!! 𝑥! − 𝑒!"
𝑚! 𝑒!"

where 𝑒!! (𝑥! ) is the mass flow-averaged total exergy flux associated with the the secondary stream, i.e.
𝑒!! 𝑥! =

!! !!

𝜌  𝑒!   𝒖 ⋅   𝑑𝒔
𝑚!

with 𝐴! (𝑥! ) the section through which the secondary stream flows at the outlet of the ejector and 𝑒! the
specific total exergy defined by
𝑒! = ℎ! − ℎ!"# − 𝑇!"# 𝑠 − 𝑠!"#
where the subscript "ref" refers to the reference state (or dead state), generally defined by 𝑇!"# = 300 [K]
and 𝑝!"# = 1 [bar]. Note that the stagnation value of the enthalpy is considered in this definition to
account for the exergetic content of the kinetic energy, which is often omitted.
The evolution of 𝜉 with 𝑝(𝑥! ) is shown in Figure 6. It appears that the gain in exergy of the secondary
stream is maximum for a value of the back pressure close to the critical pressure (𝑝 𝑥! = 1.455 [bar])
although the global transfer of kinetic energy is not maximum in this situation. In other words, the
maximization of 𝜉 is not caused by the maximization of 𝐼! . Actually, irreversibilities due to viscous
dissipation are expected to be more important for back pressures lower than the critical pressure. On the
other hand, for values of the back pressure larger than the critical pressure, the ejector is run at a offdesign regime, and the entrained mass flow rate rapidly decreases, as well as the total gain in exergy of
the secondary stream.
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CONCLUSION
The present study has investigated the transfer of kinetic energy between the primary and the secondary
stream occuring along a supersonic ejector. It brings insights into the locations where the transfer of
kinetic energy occur. It is shown that transfers still occur in the diffuser, in particular in on-design
conditions, contrary to the usual assumptions of 1D models. Although the global transfer of kinetic
energy decreases when the back pressure increases, the gain in exergy of the secondary stream is
maximum for a value of the back pressure close to the critical one. The decrease of the gain in exergy in
the secondary stream is due to irreversibilities for values of the back pressure lower than the critical
pressure, and to the reduction of the entrained mass flow rate in off-design conditions.
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ABSTRACT
Wankel expanders outperform other types of expander for low power generation due to their
compactness, low vibration, noise and cost. In this paper, a mathematical model for a Wankel expander
was developed using MATLAB to predict its thermodynamic performance. Also, computational fluid
dynamics (CFD) was used to investigate the effect of port configuration on the expander’s power output
using ANSYS 16.2. The mathematical model (Matlab) was validated against published work for the
expander volume while the CFD results were compared to the Matlab model showing close agreement.
The CFD modelling was used to investigate the performance of the Wankel expansion device using
various port diameters ranging from 15mm to 50 mm; port spacing’s varying from 28 mm to 66 mm and
various inlet pressures ranging from 3 bars to 6 bars. Results of the power output showed that the
maximum power output of 2 kW can be achieved with ports of 22 mm diameter and 50 mm spacing. It
was also seen that increasing the inlet pressure produced a linear increase in power output.
NOMENCLATURE
Symbols
e
r
b
xh
yh
xr
yr
α
υ
φ
t

Eccentricity (mm)
Rotor radius (mm)
Rotor width (mm)
Coordinates of housing in the x direction
Coordinates of housing in the y direction
Coordinates of rotor in the x direction
Coordinates of rotor in the y direction
Rotation angles (degrees)
  5  11 13  19 21 
 2 , 6 ,  6 , 6 ,  6 , 6 





3α (degrees)
Time (second)

INTRODUCTION
Different studies have been made since the invention of the rotary engine by Felix Wankel up until now,
in the attempt solve its problems and enhance the performance of the engine and the combustion
characteristics (Norbye, 1975), (Ansdale, 1970) and (Yamamoto, 1971). Also some of studies used the
geometry as a compressor (Heppner et al, 2006) or as an expander device (Antonelli et al, 2014).
The use of the rotary engines as expander devices were investigated by published papers which described
the behaviours of the design for the commercially available Wankel expander of Mazda and CurtissWright for different boiler pressures. Also the design consideration for Wankel engine was analysed by
choosing the optimal geometry; two inlet and two exhaust ports gives two power pulses per revolution. In
these papers, the location of the inlet ports were fixed in the periphery of the rotor housing and the
exhaust ports in side housing, in this case the intake system required the valves. A Rankine-cycle engine
was utilized as a mini combined heat and power output (5-20) kW. The comparison between the Wankel
expander with turbines, rotary vane and helical-screw devices were described and it was shown that the
advantages for applying the Wankel geometry as expander devices were related to it is compactness, low
vibration, noise and cost. Although the helical-screw and Wankel expander are the most appropriate

devices, some problems remain with using the screw expanders, mainly due to the difficulty and cost of
the required reduction gear boxes and speed control equipment (Badr et al, 1991).
A small sized power plant (5-50) kW was investigated on the rotary steam expander for the distributed
generation and used compressed air for validation of the results between the numerical modelling
AMESim and the data from the experimental tests and giving acceptable agreement (Antonelli and
Martorano, 2012). Another study using a different working fluid for an Organic Rankine Cycle of the
Wankel expander was studied and also validated with the compressed air. The study showed the thermal
and isentropic efficiency for different inlet temperature and operating maps of the expander device using
several working fluids (Antonelli et al, 2014).
The use of the Wankel expander for portable power system was studied to show the ability of producing
electrical power in the order of milliwatts, with an energy density better than batteries. It was used a set of
intake/exhaust ports to supply the gas from a gas compressor into the expander which then expanded in
the chambers providing a driving pressure to rotate the rotor. In this design the electrical generator was
integrated with the rotor to save space and remove the need for a crankshaft (Rosario, 2005).
The Wankel rotary expander like any other expander needs a lot of work to optimise the geometry, the
sealing, the selection of working fluid and the inlet conditions. In this study mathematical modelling in
the form of Matlab was used to generate the geometry of the Wankel expander using the air as an ideal
gas working fluid, furthermore a numerical (CFD) ANSYS fluent was developed to investigate the effect
of inlet and outlet ports on the Wankel expander for different port configurations, location and size with
various inlet pressures.
MODELLING OF THE WANKEL EXPANDER
The expander consists of the housing and two moving parts, the rotor and the eccentric output shaft. The
rotors motion is controlled by two spur gears, an external gear is fixed to the side housing and the internal
gear is fixed within the rotor to ensure the rotor tips maintain contact with the housing (Yamamoto,
1981). The geometry of the rotor housing and flanks are controlled principally by the radius r of the rotor
and the eccentricity e of the output shaft. The eccentricity e and the generating radius r are the key
dimensions in designing the Wankel rotary expander as shown in Figure 1.

Figure 1: Definitions of parameters of the geometry
The rotor has two simple motions, translation of the rotor centre along the eccentric shaft with radius e
and it is rotating around the centre itself. The rotor rotates one revolution around it is centre when the
output shaft completes three revolutions around the eccentric circle. Both the housing and the rotor are
controlled by the main parameters e and r.
The parametric equations of the housing are given as:
xh  e cos(3  )  r cos 
yh  e sin(3  )  r sin
The equations which define the rotor are:

[1]
[2]
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 9e 2
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xr = r cos 2v    cos 8v  cos 4v   1  2 sin 2 3v   cos 5v  cos v 
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MATHMATICAL MODELLING (MATLAB)
Different numerical and analytical ways were used to analyse the Wankel expander, for this work a
mathematical model in the form of MATLAB was developed. The aim of this model would be to obtain
results that would show how the pressure and temperature changed with the angle of rotation. The flow
chart in figure 2 illustrates the steps necessary to obtain the results.
The first step to calculate the area is to create a set of points for the housing with parametric equations [1]
& [2] in the x and y direction with varying alpha, the same thing repeated for the rotor for each of the
three sectors with parametric equations [3] & [4]. The next step is to add the equation of rotation to move
the rotor in the correct way and then set up an iteration process to show the full rotation. The second steps
is to obtain the intersection points of the housing with the apex seal by adding offset to the housing to
allow for seal placement. This is done by created equations of lines that started at a specified location on
the inner circle (centre of rotor) pass through the corners of the rotor, cross the housing at the end and
start of the specified sector (this represented the direction of the seal) as shown in figure 3.

Figure 2: Flowchart showing the major steps in the mathematical model
Once all three intersection points for all three corners of the rotor are known it is possible to work out the
area that is confined by the rotor and the housing for each chamber separately. Now there are two angles
known, (the angle for the corner points of the rotor) and the angle α for the housing, by splitting up the
angles into small intervals to create a number of ‘pizza slice’ shapes of quadrilaterals shown in figure 3.

Figure 3: shows the seals for three chambers and small suction to calculate the area
Since it is possible to work out all the x and y points of all the corners of the quadrilaterals by substituting
the corresponding angle values into the right equations, the area of each ‘pizza slice’ can be calculated.
Adding up all these sections gives the final area of each chamber. To obtain a more accurate solution of
the specified geometry, the number of quadrilaterals formed should be increased by increasing the
number of intervals between 2 intersection points. This will better represent the curves of the housing and
the rotor and give a better approximation of the area.
COMPUTER MODELLING (CFD – ANSYS/FLUENT)
Computational fluid dynamics (CFD) is a useful tool for analysing any fluid system quickly and
inexpensively before committing to any actual manufacturing. In this case CFD was used to simulate the
flow through the designed expander, in order to assess the performance of various port configurations. To
achieve this, the software ANSYS Fluent 16.2 was used. Fluent was used primarily as it has the option to
allow the mesh to dynamically change with time, which is necessary for the simulation of the complex
motion of the Wankel geometry. In order to create the correct movement, user defined functions (UDF’s)
were written and implemented in Fluent to provide the exact mesh movement required given a desired
rotational speed.

The first UDF to be created was used to define the motion of the rotor. The define centre of gravity
motion (DEFINE_CG_MOTION) UDF type was used. The UDF works by giving the body a constant
specific rotational velocity about its own centre of gravity, simultaneously the centre of gravity is given a
time dependent x and y directional velocity. This causes it to move in a circular motion with a radius
equal to the eccentricity. The rotor centre of gravity navigates the eccentric circle three times in the time it
takes to rotate once. The following equations are used to define the motion.
The Cartesian coordinates of the centre of gravity of the rotor:
x  e cos 
[5]
y  e sin 
[6]
Linear velocities of the rotor:
dx
 -  e sin t
dt
dy
  e cos  t
dt

[7]
[8]

In this CFD simulation a new UDF was created for the wall of the housing. This UDF moves the nodes
and faces of the housing along its periphery following the speed of the rotor apexes. This allows the nodes
of the housing directly adjacent to the rotor apexes to have negligible relative movement, removing the
main cause of negative volume error; the housing motion is demonstrated in figure 5.

Figure 4: Mesh at apex

Figure 5: Housing movement

The DEFINE_GRID_MOTION user defined function type was used to create this movement as it allows
precise control of each individual node in the selected face or body. The code of the UDF works by
cycling through each node of the housing face and moving each one a set amount onwards, equations 1
and 2 for the housing shape were utilised.
RESULTS AND DISCUSIONS

Volume 10-6 m3

The validation between mathematical modelling using Matlab with published paper (Badr et al, 1991)
showed very close results of the volume (r = 118.5, e = 17, b = 69) mm as shown in figure 6.
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Figure 6: Comparison between Matlab and published paper results
for volume expander along the rotor rotation
Another validation was used between mathematical modelling (Matlab) and CFD fluent for the pressure
(r = 48, e = 6.6, b = 32) mm, good agreement was achieved between them as shown in figure 7.
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Figure 7: Comparison between Matlab and CFD for the pressure with the rotor rotation

The figures below show the contour of absolute pressure and velocity vector for (r = 48, e = 6.6, b = 32)
mm where b the rotor width at pressure inlet equal to 3 bars and inlet temperature 400 K.

Figure 8: Cotours of absolute pressure and vectors of velocity
Different port configurations, sizes and locations were simulated, ports diameter (15, 18, 22, 30, 40 and
50) mm, port spacing (28, 44, 57 and 66) mm and various inlet pressures ranging from 3 bars to 6 bars.
The results of the power output showed that the inlet and outlet ports can be symmetrical in size and
location as increasing both causes the greatest change (increasing only one produces a smaller change).

Figure 9: A sample of different ports size, shape and location configurations
(red ports are inlets, blue ports are outlets)
Figure 10 shows the peak Power for the diameter size should occur somewhere between 30 mm and 40
mm and the optimal port spacing for the output shaft speed of 7500 rpm is between 44 mm and 57 mm.
However this size is very large part of the ports moves over the edge of the housing boundary. This could
cause other problems in a real expander operation. Therefore, it would be suggested rather to design the
largest possible diameter port without it crossing the housing boundary.

Figure 10: Power output with increasing port diameter and spacing
Increasing the inlet pressure produced a linear increase in power output for circular same size ports
(15 mm) and inlet port larger (18 mm) as shown in figure 11.

Figure 11: Power output for different inlet pressures

The results below show the power output for the geometry dimensions, e = 6.6mm, r = 48mm, b =32mm
and Pin = 3 bars, Tin = 400 K and output shaft speed (7500 rpm) and it can be observed that the 'leader'
shape ports in the wider positions produce the largest power output. The 8 port configuration is 4 ports on
either side of the housing.

Figure 12: Power output with different port shapes
CONCLUSION
MATLAB modelling and CFD ANSYS Fluent were successfully used to simulate the operation of the
Wankel geometry as an expander device. A method for estimating the power output from these
simulations provides a good method for comparing different setups. The use of different parameters was
illustrated and the model can be changed for the port configurations, location and size at different inlet
conditions. Therefore, it can be used to improve the performance of the rotary expander by indicating the
operation conditions and the design parameters that produce the optimal values.
CFD results showed that circular port shape provides better performance than other shapes in terms of the
power output. Increasing the spacing between the ports leads to increasing the power output to reach a
maximum of 1.8 kW at spacing of 50 mm. As for port diameter, increasing the port diameter will
increases the power output to reach maximum of 2.5 kW at port diameter of 30 mm. However the 22 mm
port diameter with 2 kW power output would be the largest practical size for this geometry.
Finally, increasing the inlet pressure linearly increases the power output.
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ABSTRACT
In general, most heat losses in industrial dryers arise due to the discharge of humid air. By using heat
pump drying (HPD) systems, heat from the exhaust humid air can be recovered, thus improving the
energy efficiency substantially. In this study, the performance of thermally driven HP integration in an
animal food and a blood dryer were examined. Computer simulation models of the original high
temperature dryers and the proposed system with HP integration and auxiliary heating were developed. It
is found that, when using a gas engine, the maximum energy cost saving is limited by the temperature of
the coolant fluid. The maximum energy cost saving when using a gas turbine is a bit higher, however at a
much higher operating temperature.
Keywords: heat pump drying; simulation; energy analysis; economic benefit; hp4drying
INTRODUCTION
Drying is one of the most energy intensive processes for many industrial sectors. Generally, heat losses in
industrial dryers are mostly due to the discharge of moist air and conduction through the drying chamber
walls [Minea, 2015]. By using HPD systems, which have the ability to recover partially this heat loss, up
to 50% or more primary energy used can be saved [Minea, 2015]. In order to evaluate the performance of
the HPD, various studies, from numerical simulation to experimental tests, have been carried out and
published. For example, Minea, 2012, carried out experimental studies on wood drying and compared the
performance of HPD with the conventional dryer. It was shown that the HP dryer saves up to 48% of the
total equivalent (electrical and fossil) energy use. A batch-type HP dryer for medicinal plants was
investigated by Ziegler et al., 2013. It is found that the energy efficiency of the HPD system operated in
partially open mode is higher in comparison with a closed cycle system. While comparing with a
conventional dryer, the energy efficiency of a partially open HPD can be higher or lower dependent on
the ambient temperature. In the study of Prasertsan et al., 1996, 1997a, b, two open and two partially closed
HPD systems using R22 as working fluid were investigated. The influences of the ambient air conditions,
the recirculation air ratio (RAR) as well as bypass air ratio (BAR) on the performance of these systems
were determined. Dryers using complex HP systems such as two-stage evaporator systems [Hawlader et
al., 2001; Chua et al., 2005] and two cycle HPs [Lee et al., 2010] were also investigated.
However, when comparing to a conventional dryer using primary energy as the heat source, the operating
energy cost of an electrical driven HP dryer significantly depends on the ratio of electricity to gas price.
To avoid this dependence, employing a thermally driven HP such as a gas engine/turbine driven
compressor HP could be a good solution. The performance of these HPD systems integrated in two drying
processes is investigated and presented in this study.
SIMULATIONS
Models of the original high temperature dryers and of the proposed system with HP integration and
auxiliary heating are implemented in Engineering Equation Solver (EES).
Simulation of the original dryers
The layouts of the two original dryers are represented in figure 1. In these drying processes, the wet
product enters into the upper part and exits from the bottom part of the drying chamber. However, there
are some differences in the air path of the two drying processes. In the animal food drying process, the
fresh air is directly heated up to 140oC by a heater before it comes to the drying chamber and the exhaust
air temperature exits the cyclone at around 50oC. Meanwhile, in the blood drying process, a water/air heat

exchanger is used to recover heat from the exhaust air after the cyclone and pre-heats the fresh air to
around 50oC before it is heated up to the required temperature of 180oC by the heater. The temperature of
the exhaust air after the water/air heat exchanger is around 50oC.

Figure 1: Layouts of the original animal food dryer (left) and blood dryer (right)

The power use of the original dryer is the heat rate needed to raise the temperature of the incoming air to
the required temperature and is defined as:

Q original dryer  m air (h heated air  h incoming air )

[1]

where hheated air is the specific enthalpy of the drying air after the heater.
hincoming air is the specific enthalpy of the fresh air for the animal food case and of the preheated air
for the blood drying case.
Simulation of a dryer with a gas engine/turbine driven HP integrated

Figure 2: Layouts of a dryer with a gas engine driven compressor HP integrated in the animal food
dryer (left) and with a gas turbine driven compressor HP integrated in the blood dryer (right)

The HP system investigated in this research is a R245fa HP with a subcooler which is proven as the best
performing system for these cases [Tran, 2015a,b]. In the HPD systems as shown in Figure 2, the
evaporator is employed to recover heat from the exhaust air while the subcooler and the condenser are
used to preheat the drying air. For the HP system using a gas engine to drive the compressor (figure 2 –
left), the available heat from the coolant fluid and exhaust gases of the gas engine are also used to further
heat drying air before it enters the auxiliary heater. Therefore, the performance of a gas engine driven
compressor HP is represented by a combined heat and power efficiency (ηCHP) and calculated as the ratio
of the useful heat used to heat drying air to the energy consumption of the gas engine:
Q
ηCHP  useful
Qfuel
Q
 Qcond  Qcoolant  Qexhaust
 subcooler
Qfuel
[2]
 COP  ηmech  ηthermal, coolant fluid  ηthermal, exhaust gases

where COP, ηmech, ηthermal,coolant fluid and ηthermal,exhaust gases are:
COP 

η mech 

Q subcooler  Q cond
Wcomp

Wcomp
Q fuel

[3]
[4]

Q coolant
[5]
Q fuel
Q
[6]
η thermal, exhaust gases  exhaust
Q fuel
The operating mechanism of a gas turbine driven compressor HP is similar to a gas engine driven
compressor HP (figure 2 - right). However, in this case, the only waste heat stream is exhaust gas of the
gas turbine. Thus, the ηCHP of a gas turbine driven compressor HP is defined as:
η thermal, coolant fluid 

ηCHP  COP  η mech  η thermal, exhaust gases

[7]

Q HPD  Q fuel  m air (h heated air  h pre-heated air )

[8]

The total power consumption of a HPD system is:

where hpre-heated air is the enthalpy of the drying air preheated by the exhaust gas of the gas engine or gas
turbine.
Economic benefit calculation

In this study, the economic benefit of a HPD is investigated based only on the operating energy cost of
the drying system and is expressed by the relative energy cost (REC), which is defined as the ratio of the
energy cost of the HPD system to the energy cost of the original dryer:
C HP dryer
[9]
relative energy cost 
100 [%]
C original dryer
The fixed costs (investment, installation) of the HPD are not considered. For the original dryer, the fuel to
heat conversion ratio of the air heater is assumed 100%.
Assumptions and inputs
The calculations in this paper are based on the assumptions that the refrigerant flow rate is constant and
heat and pressure losses are neglected. For the gas engine, the mechanical and thermal efficiencies at part
load operation are the same as at full load operation. These values are the efficiencies of the MAN E0834E312 (for the animal food drying case) and MAN E0836-E302 (for the blood drying case) gas engines
operating at speed of 1500rpm. It is also assumed that the temperature of the coolant fluid is 90 oC and the
minimum temperature difference of the coolant fluid/air heat exchanger is 10 oC. This means that the
maximum temperature of the drying air (heated by the coolant fluid/air heat exchanger) that can be
reached is 80oC (Ta3, figure 3). For the gas turbine, the mechanical efficiency is also assumed constant
while the mass flow rate of the exhaust gas is proportional to the turbine load. The parameters of the gas
turbine are obtained from the Capstone C65 and Capstone C200LP gas turbines for the animal food
drying and the blood drying systems, respectively. The input parameters of the calculations are presented
in Table 1.
PERFORMANCE ANALYSIS BY SIMULATION
Generally, we would like to recover as much heat as possible from the exhaust air to reduce heat losses.
However, more recovered heat means that the HP will operate at a lower evaporation temperature and
thus pressure. Moreover, as mentioned above, the heat recovered from the exhaust air is used to preheat
the ambient air. Thus, the more heat recovered from the exhaust air, the higher the temperature of the

Table 1. The inputs for simulating calculation

Parameter

Unit

Value
Animal food drying Blood drying
20
60
0.7
8
15
5
12000
70000

o
Ambient air temperature
C
Ambient air relative humidity
%
Isentropic efficiency of the compressor
o
Pinch point of the evaporator, condenser
C
o
Pinch point of the subcooler
C
o
Superheating temperature
C
Volumetric flow rate of the hot air
m3/h
Volumetric flow rate of the drying air flows
m3/h
to the bottom of the drying chamber.
Volumetric flow rate of the drying air flows
m3/h
to the bottom of the cylinder.
Parameters of the gas engine
Gas engine power output (full load)
kW
ηthermal, coolant fluid
ηthermal, exhaust gases
ηmech
Parameters of the gas turbine
Gas turbine power output (full load)
kW
ηmech
o
Exhaust gas temperature
C
Exhaust gas flow (full load)
kg/s

5000

8000

-

2000

47
0.302
0.186
0.364

75
0.308
0.225
0.367

65
0.29
309
0.49

190
0.31
280
1.3

preheated air. Consequently, an increase in temperature difference between the condensation and
evaporation is created. This causes a decrease of the HP system efficiency. Hence, there is a trade-off
between the amount of heat recovered and the HP system efficiency.
Gas engine driven compressor HPD systems

Figure 3: REC, Ta3, Ta4 and ηCHP as a function of Ta2 for the system using a gas engine to drive the
compressor in the animal food drying case (left) and the blood drying case (right).

Figure 3 presents the REC and ηCHP of the drying system using a gas engine to drive the compressor as a
function of the air temperature after the condenser (Ta2) for both drying cases. The temperatures of the air
after the coolant liquid/air heat exchanger (Ta3) and after the exhaust gases/air heat exchanger (Ta4) are
indicated as well. It can be seen that, for both cases, the energy cost of the systems decreases almost
linearly by increasing Ta2 until it reaches the optimum value Topt which depends on the maximum
temperature (Ta3max) of the drying air at the exit of the coolant heat exchanger or, in other words, the
coolant fluid temperature and the minimum temperature difference of the coolant heat exchanger. Indeed,
when Ta2 is lower than Topt and the corresponding Ta3 is lower than this Ta3max, all the heat available from
the coolant fluid can be used to heat the drying air, therefore the energy cost decreases when Ta2
increases. Once Ta2 reaches its optimum value and Ta3 reaches Ta3max, the energy used by the gas engine
increases with increasing Ta2 in order to supply enough mechanical work to the compressor, whereas the
useful heat from the coolant fluid used to heat the drying air decreases. As a result, ηCHP significantly

decreases and the energy cost rises. In the animal food drying case, the minimum relative cost is about
67.2% at the Ta2 and ηCHP of 72oC and 2.6, respectively. Meanwhile, these values in the blood drying case
are 86.5%, 76oC and 2.1, respectively.
Generally, the exhaust gas temperature is much higher than the coolant fluid temperature and therefore
the optimum operating temperature does not depend on the exhaust gases temperature. However, the
percentage of heat recovered from exhaust gases affects the performance of the gas engine driven HP
according to equation (2).
Gas turbine driven compressor HPD systems

Figure 4: REC, Ta3 and ηCHP as a function of Ta2 for the system using a gas turbine to drive the
compressor in the animal food drying case (left) and the blood drying case (right).
The dependence on Ta2 of the REC, temperature of the air after the exhaust gases/air heat exchanger (Ta3)
and ηCHP of the HP system using a gas turbine to drive the compressor is shown in figure 4. Since this HP
system only has one waste heat stream, being exhaust gases, and its temperature is much higher than the
Ta2, the minimum REC is not limited by the waste heat temperature as was the case in the gas engine
driven compressor HPD system. In this case, there still is an optimum operating condition at which the
REC reaches the minimum value, however this optimum operating condition depends on all of the
parameters (Table 1) used for the calculation. Thus, it differs for each drying system. The minimum RECs
are 66.2% and 82.2% for animal food drying and blood drying, respectively, which are little smaller in
comparison with the gas engine case. However, the optimums Ta2 are much higher being 101oC and
111oC, respectively.
One should also notice that for the animal food drying case, the auxiliary heater could be eliminated if the
gas turbine driven HP operates at Ta2 and Ta3 of 112oC and 140oC, respectively.
Comparison of the HPD system performance between two drying cases

In both drying systems, the exhaust air is the heat source for the HP system and its temperature is 50oC.
However, the exhaust air relative humidity of the animal food drying case (64%) is higher than that of the
blood drying system (50%). In addition, the incoming air temperature of the latter system is already
preheated to 50oC, thus it decreases the subcooling. Therefore, the HP COP of the animal food drying
system is much higher than that of the blood drying system. As a result, the ηCHP of the animal food
drying system is higher than the blood drying system (Figure 3 and 4) even the mechanical and thermal
efficiencies of the gas engine/turbine of the former system are a bit lower.
About the economic benefits, we can see that the REC of the blood drying case is much higher than that
of the animal food drying case. Besides having a lower ηCHP, it is also because the drying temperature of
the former (180oC) is higher, or in other words, the proportion of the heat supplied by the HP system to
the heat supplied by the auxiliary heater is smaller.
CONCLUSION

This paper presents the results of two case studies about the performance of thermally driven HP
integration in an animal food dryer and a blood dryer. In order to study the performance of HP dryers,

computer simulation models of the original high temperature dryer and the proposed system with HP
integration and auxiliary heating are developed. The results showed that, when using a gas engine driven
compressor HP, in which recovered heat from the coolant fluid and exhaust gas of the gas engine is also
used to heat drying air, the maximum energy cost saving is limited by the temperature of the coolant
fluid. This limitation can be eliminated by using a gas turbine driven compressor HP since a gas turbine
only has one waste heat stream being exhaust gases. In addition, the air temperature heated by this system
is also higher in comparison with the gas engine driven compressor HP.
NOMENCLATURE
COP
CHP dryer
Coriginal dryer
mair
Qcond
Qcoolant
Qevap
Qexhaust
Qfuel
QHPD
Qoriginal dryer
Qsubcooler
Wcomp

coefficient of performance
total energy cost of the dryer with a HP integrated [Euro/year]
energy cost of the original dryer [Euro/year]
mass flow rate of the drying air [kgs-1]
heat release rate at the condenser [kW]
heat release rate at the coolant heat exchanger [kW]
heat delivery rate to the evaporator [kW]
heat release rate at the gas engine exhaust air heat exchanger [kW]
power consumption of the gas engine [kW]
power consumption of the dryer integrated HP [kW]
power consumption of the original dryer [kW]
heat release rate at the subcooler [kW]
power consumption of the compressor [kW]
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ABSTRACT
An experimental investigation on the performance of combined power and cooling production system was
built and investigated. The system uses an ammonia-water mixture as the working fluid mixture and is
designed for a cooling capacity of 35 kW when operated under refrigeration mode and for a power
generation of 3.5 kW when operated during power generation mode. The conventional system was
modified by integrated generator heat exchanger and solution cooled rectifier to reduce heat input to the
system. The performance of the system in terms of overall thermal efficiency, effective first law
efficiency and power to cooling ratio has been discussed for a particular operating condition. In the
combined cooling and power generation mode, the system is capable of producing a cooling capacity of
11 kW and a net power output of 2 kW at a sink temperature of 32°C and generator temperature of 140°C
with the overall thermal efficiency ranged between 0.29 and 0.33.
1. INTRODUCTION
The issue of climate change made use of primary energy source in an efficient way by integrating
multiple productions of heat, cooling and mechanical or electrical work (Colonna et al, 2003).Most
popular Kalina and Organic Rankine cycles are modified for the combined production of power and
cooling (Ayou et al, 2013).In Kalina cycle multi-component mixtures are used instead of single fluid used
in Rankine cycle, having a good thermal match of sensible heat between the heat source and working
fluid. Hence, the system with less irreversibility leads to increase the cycle efficiency of the Rankine
cycle at same operating conditions. A combined system based on ammonia-water as working fluid
mixture in absorption cycle can meet the demand either only cooling or only power or both with an
intermediate operations so it can produce different ratios of power and cooling. An experimental rig of a
combined refrigeration/power generation system was built using ammonia–water binary working fluid
and investigated by Han et al, 2014. The coefficient of performance was about 0.55 under cooling mode
and under the power generation mode, the net power output was 1.02 kW (1 kW of power consumed by
the solution pump). However, the performance of the system was tested under either cooling only or
power only and no experimental investigation was found in combined power/cooling mode. In this paper,
the performance of rectifier integrated ammonia-water system for the combined power and cooling
production was experimentally studied. The performance of the system was compared between cooling
only and combined cooling/power output modes.
2. EXPERIMENTAL SETUP
The schematic arrangement of the combined power and cooling system is shown in Figure 1. The
proposed system comprises a Kalina cycle subsystem for power generation and an absorption
refrigeration subsystem with hot water simulator, cooling water and brine circuit. Table 1 shows the heat
exchanger type, heat transfer area and the design heat duty of various components of the combined power
and cooling system. This system can be operated under three modes cooling alone, power alone and
combined power and cooling mode.
The weak solution is preheated (state point 2 to 4) by the heat recovery components such as rectifier,
solution heat exchanger (SHX) and generator heat exchanger (GHX). Rectifier exchanges heat with
refrigerant vapour coming out of generator whereas the GHX and SHX exchanges heat with outgoing
strong solution (state point 5 to 7). When the system is operated under the refrigeration mode, valve V2 is
closed and the refrigerant is passed through state point 11 to17 and reaches absorber to close the circuit.

Figure 1: Schematic diagram for the combined power and cooling absorption cycle
When the system switches to combined mode, valves V1 and V2 are partially opened according to flow
rate of refrigerant required for power and cooling. In the power generation subsystem, partial mass flow
rate of vapour refrigerant expands in a turbine (state point 10) and the remaining refrigerant is condensed
in the condenser (state point 11) followed by production of cooling effect in the evaporator. The
refrigerant vapour coming out of both subsystems are mixed and enter into absorber. All the heat recovery
components and generator are shell and helical coil heat exchanger configurations which enhance the heat
transfer compared to shell and tube ones. The rectifier and GHX are integrated with the generator so that
purity in ammonia of the refrigerant vapour is high. The hot water simulator (state points H1 to H2) is
used to thermally activate the absorption system. Both the condenser and absorber are water-cooled in a
series manner. Cooling tower is used to remove the heat of absorption and condensation. Brine circuit
(state points B1 to B4) consists of a water and Ethylene glycol solution with a 7.5% mass concentration
that circulates between the evaporator and fan coil unit.
Table 1: Component details
S.
No
1
2
3
4
5
6
7
8

Component

Heat exchanger type

Absorber
Condenser
Evaporator
Generator
Generator heat exchanger
Rectifier
Solution heat exchanger
Economiser

Vertical falling film
Shell and Tube
Vertical shell and Tube
Shell and helical Coil
Shell and helical Coil
Shell and helical Coil
Shell and helical Coil
Shell and helical Coil

Heat transfer
area (m2)
18.7
13.3
4.78
3.25
1.66
1.33
8.7
1.42

Heat duty
(kW)
66.7
35.0
35.0
63.6
12.3
10.55
57.7
3.4

3. DATA REDUCTION
The concentration of the weak solution, strong solution and the refrigerant are determined by using the
following correlation between the specific volume, temperature and concentration of the saturated
NH3/H2O solution (Jawahar C P et al, 2011)

(

)

∑

∑

[1]

The degassing width (XDW) and circulation ratio (CR) are determined by using the equations:
CR = mws/mref

[2]

XDW = Xws - Xss

[3]

The actual heat recovered by the internal heat recovery components, absorber and condenser are
estimated from the mass flow rate of the solution/refrigerant and fluid enthalpies. The enthalpy is
calculated by the relation given by Da-Wen Sun, 1996.
Q = m(

)

[4]

The cooling capacity of the evaporator is estimated by calculating the rate of heat removal through brine.
QE = mB CpB (TB1-TB2)

[5]

The heat supplied to the generator is
QG = mH CpH (TH2-TH1)

[6]

The thermodynamic and actual cooling COP are calculated by using the relations
COPTD = QE/QG

[7]

COPactual = QE/(QG+Wsp)

[8]

The Overall thermal efficiency is expressed by the relation,

OTE = (Wnet+QE)/QG

[9]

Net power output, Wnet = Wexp-Wsp

[10]

The measurements were recorded and stored periodically at regular interval. The power generation is
calculated by simulating the refrigerant flow through a pressure reduction station (PRS). The pressure and
temperature of inlet and outlet of the PRS are measured for power calculation. The isentropic efficiency
of the turbine is assumed as 80% for turbine work calculation (Ayou, 2013).The effective first law
efficiency is calculated to avoid the overestimate of cooling effect of combined power and cooling in
overall thermal efficiency in Eq. (9) (Vijayaraghavan et al, 2003).

I,eff

= Wnet + (ExE/ref)/QG

[11]

The exergy for the cooling, ExE is calculated as the exergy change across the evaporator.
ExE = m14 [(h14 - h15) -T0(s14 - s15)]

[12]

Power/cooling ratio, R, is defined as the ratio of the net mechanical power output of the system to the
cooling effect produced in the evaporator:
R = Wnet/QE

[13]

4. RESULTS AND DISCUSSION
Split factor is the ratio of mass flow rate of refrigerant vapour for cooling to the power generation. The
system operates at cooling alone condition for first five hours and combined power and cooling mode for
the next three hours with split factor of 0.5. The cooling water temperature is maintained at 32°C.
Figure 2(a) shows the variation of the system pressures, the high pressure steadily increases and reaches
the steady state after an hour. The low and high pressures are stabilized at 1.8 bar and 14 bar respectively
during cooling alone condition and in combined mode the high pressure is almost steady at 13.5 bar

whereas low pressure decreases up to 1.1 bar due to reduced load on condenser. Also the cooling water
enters the absorber at lower temperature than the cooling alone condition. The temperature history of
major components is shown in Figure 2(b). It is observed that the generator temperature increases steadily
and after 1 h of operation and is stabilized at 140°C. At cooling alone condition, the absorber and
condenser temperature are 40°C and 34°C respectively. During the combined mode, both temperatures
reduces to 38°C and 33°C respectively due to the partial flow of refrigerant for power generation. Due to
low pressure drop, higher expansion of refrigerant in combined mode than compared to cooling mode,
which leads to refrigerant liquid enters the evaporator at lower temperature.

Figure 2: Variation of (a) Pressure and (b) Major components temperature of the system
with respect to time.

Figure 3: Variation of (a) Major components heat load and (b) Degassing width, circulation
ratio with respect to time
Figure 3(a) shows the variation of heat load of major components by the system with respect to time. Due
to the increase in the refrigerant flow to the evaporator, heat load increases and it results in increase
amount of heat supply to the generator, until the steady state system condition is achieved. When
switched to combined mode from cooling alone mode, the evaporator and condenser load decreases, due
to half of the refrigerant vapour is taken out to turbine for power generation. The variation of degassing
width and circulation ratio of the system with respect to time is shown in Figure 3(b). When compared to
cooling alone mode degassing width is reduced results in the circulation ratio increases.

Figure 4: Variation of (a) Cooling capacity and net power output (b) COP’s of the system
with respect to time
Figure 4(a) shows the cooling capacity and net power output of the system. The cooling capacity is about
35 kW at cooling alone condition with constant refrigerant flow rate of 0.02778 kg/s. During the
combined mode, the cooling capacity and net power output is 11 kW and 2 kW respectively. Using split
factor of 0.5, the refrigerant flow rate for cooling is reduced to 0.01389 kg/s. This leads to reduction in
the cooling capacity. As observed from figure 4(b) the actual cooling COP and thermodynamic COP are
reduced at combined mode when compared to cooling alone condition, due to less refrigerant supply for
cooling.

Figure 5: Cycle efficiencies and power/cooling ratio with respect to time
Figure 5 depicts the cycle useful output such as overall thermal efficiency, effective first law efficiency
and power/cooling ratio. The overall thermal efficiency is reduced at combined mode due to the split
factor of 0.5 is assigned to cooling and power, leads to overestimates the cooling energy. To avoid this,
the effective first law efficiency is calculated obtained as 0.25. The power to cooling ratio is estimated in
the range of 0.18.
5. CONCLUSION
An experimental investigation on the rectifier integrated combined power and cooling system of has been
carried out. In the cooling alone model, 35 kW of cooling energy was obtained with actual cooling COP
of 0.6. The overall thermal efficiency and effective first law efficiency are around 0.55 and 0.2

respectively. In the combined power/cooling mode, the cooling capacity and net power output are about
11 kW and 2 kW respectively with an effective first law efficiency value of 0.2 and an overall thermal
efficiency of 0.3 whereas the power to cooling ratio is about 0.18. The technical viability of operating the
rectifier integrated combined power and cooling generation suitable for the rural based cold storage plant
operation is proved for continuous operation.
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NOMENCLATURE
Cp
h
Q
T
Sp
1-17

I,eff
ref
s

specific heat capacity (kJ kg-1 K-1)
specific enthalpy (kJ/kg)
heat load (kW)
temperature (° C)
solution pump
state points in the system corresponding to Figure.1

m
X
P
R
T0

effective first law efficiency

Subscripts
Exp expander

second law efficiency for vapour compression
refrigeration cycles (assumed as 40%)
specific entropy (kJ kg-1 K-1)

Abbreviations
COP coefficient of performance
CR
circulation ratio

OTE

mass flow rate (kg s-1)
concentration
pressure (bar)
refrigerant
reference temperature , 293 K
overall thermal efficiency

E
G
T

evaporator
generator
turbine

H
B

hot water
brine
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ABSTRACT
Global power demand has increased significantly over the last decades and the need for using sustainable
energy sources has become an urgent aim. Adsorption technology offers the potential of using low
temperature heat sources (solar, geothermal and waste heat from industrial processes) to generate power
and cooling. In this study, the adsorption cooling cycle has been modified by adding an expander between
the hot bed and the condenser to generate electricity as well as cooling. A MATLAB Simulink program of
multi bed water adsorption system for cooling and power generation has been developed to investigate the
effect of using different number of beds and desorption/adsorption time ratio on the overall cycle
performance using two adsorbent materials AQSOA Z02 (SAPO-34) and Silica-gel. In this investigation a
driving temperature of 90oC and 140oC has been used for silica-gel and SAPO-34 respectively. Adsorption
time is kept constant at all cases, while desorption time is varied. Results showed that the use of three bed
configuration produced the highest specific power and specific cooling output of the system.
Keywords: Adsorption, Cooling and Power, Multibed, Time ratio, AQSOA Z02 (SAPO-34), Silica-gel
NOMENCLATURE
Symbols
A
adsorption potential, J/mol
specific heat capacity, J/Kg.K
𝑐𝑝
ko
empirical constant in Eq. (8), 1/s
Ea
activation energy, J/Kg
H
enthalpy, J/kg
Hfg
evaporation latent heat J/Kg
M
mass, Kg
m
mass flow rate, Kg/s
P
Pressure, Pa
Qst
isosteric heat of adsorption, J/Kg
R
gas constant, J/Kg
Rp
adsorbent practice radius, m
U
overall heat transfer coff., W/m2K
W
power generated W
SP
specific power generated W/kgads
SCP specific cooling power W/kgads
t
time, s
T
temperature, K
x
adsorption uptake, Kg/Kg
xeq
equilibrium uptake, Kg/Kg
flag
𝜑

Subscript
ads
bed
chill
des
E
eff
evap
f
g
h
in,i
j
a
o
ref
r
s
cond
w

adsorption, adsorbent
adsorbent bed
chilled water
desorption
expander
effective
evaporator
liquid
gas
hot fluid
inlet
cooling / heating source
adsorbent
outlet
refrigerant
ratio
saturation
condenser
water

1. INTRODUCTION
Low temperature heat sources such as solar, geothermal and waste heat from industrial processes can be
used in adsorption systems for cooling and power generation. Adsorption systems are one of the promising
technologies to improve energy efficiencies in the field of cooling and power generation. Over the last
decades this technology has received more attention and many advances have been carried out. Gong et al.
[1] examined experimentally the cooling effect of the composite of lithium chloride and Silica-gel, with
methanol. Results showed that, SCP and COP increased by 16.3% and 24.2% compared to the Silica-gelwater chiller. The Kalina cycle may offer a feasible way to generate power from low-grade heat sources
[2]. Vijayaraghavan and Goswami [3] have investigated a cogeneration system consisting of Rankine cycle
and absorption refrigeration cycle utilising low grade heat sources to generate power and refrigeration
simultaneously. Lu et al. [4] have improved an ammonia resorption cogeneration system (power and

refrigeration) utilising the mass and heat recovery technique using different sorption pairs at different
conditions. They added a buffer before the expander to alleviate the variable reaction rate. Wang et al. [5]
have introduced a new resorption cogeneration cycle to produce electricity and refrigeration continuously.
Bao et al. [6] have studied an adsorption cogeneration prototype consisting of two sets of chemisorption
beds integrated with a scroll expander to generate power and refrigeration simultaneously. Chemisorption
cogeneration prototype using calcium chloride and activated carbon was built by Bao et al. [7] to generate
power and refrigeration simultaneously.
It is well known that as the cycle time increases the coefficient of performance increases, meanwhile this
will decrease the specific cooling power (SCP) [8]. Many researchers have studied performance
optimisation of two-bed adsorption cooling systems [8, 9] and three bed adsorption cycles [10]. Glaznev
and Aristov [11] found experimentally that desorption process is faster than adsorption process by 2.2 to
3.5. Sapienza et al. [12] experimentally found that the best performance can be achieved with the adsorption
time is 7 times longer than desorption timer using driving temperature of 90 oC. Zajaczkowski [13] found
that in a three-bed adsorption system and for switching time 30 s and adsorption time 300 s, the
desorption/adsorption time ratio is almost 0.6 gives the highest improvement in SCP and COP.
In this paper a two bed adsorption system cooling and power has been compared to three, four and five bed
systems using SAPO-34 water and Silica-gel-water as a working pairs. A DVS analyser (dynamic vapour
sorption analyser) has been used to measure the water adsorption isotherms of SAPO-34.
2. SYSTEM DESCRPTION
Figure (1A) shows a schematic diagram of a basic two-bed adsorption cooling cycle which consist of hot
bed, cold bed, condenser and evaporator. Figure (1B) shows a schematic diagram of the modified two-bed
adsorption cycle for cooling and power generation. In order to generate power, an expander (turbine) is
located between the hot adsorber (hot bed) and the condenser to benefit from the hot water vapour leaving
the hot bed and produce mechanical power.

Figure 1: Schematic diagram of 2 bed adsorption
Figure 2: Isostere diagram of the adsorption
cycle.
cycle.
Figure 2 shows the adsorption/desorption processes in an isostere diagram. The modified adsorption cycle
can be worked in two modes; the first mode is cooling only which is the base cycle (1-2-x-4-5-1) and the
second mode is cooling and power generation cycle (1-2-3-4-5-1). For the first mode (cooling only) the
process 1-2 is an adsorbent isosteric heating process while the solenoid valves are still closed. During the
process 2-x the refrigerant will be cooled at the condenser. The process x-5 is an expansion process, while
during process 5-1 cooling effect will produced. For the second mode, all the processes are similar as in
first mode, except two processes; 2-3 where the refrigerant expands through an expansion process (ideal
expansion process) to produce mechanical power and 3-4 where refrigerant will be cooled at the condenser
as shown in Figure (2).

3. MATHAMATICAL FORMULATION
3.1 Adsorbent Material Characteristics
DVS analyser by (Surface Measurement System Ltd) has been used to measure the water adsorption
isotherms the SAPO-34. To measure adsorption kinetics, a sample of 10 mg (±0.05 mg) is located in the
sample pan and then dried at certain temperature until no change in the mass is recorded. At various partial
pressures (0.1–0.95) adsorption is started and the mass change is measured every 4 second. This test is
repeated at three different temperatures (25°C, 35 oC and 45°C). The modified Freundlich equation is used
to present the adsorption isotherms of Silica-gel-water [14] as:
𝑝 𝐵(𝑇𝑠 )

𝑥𝑒𝑞 = 𝐴(𝑇𝑠 ) [𝑝 ]

(1)

Where
𝐴(𝑇𝑠 ) = 𝐴𝑜 + 𝐴1 𝑇𝑠 + 𝐴2 𝑇𝑠2 + 𝐴3 𝑇𝑠 3
𝐵(𝑇𝑠 ) = 𝐵𝑜 + 𝐵1 𝑇𝑠 + 𝐵2 𝑇𝑠2 + 𝐵3 𝑇𝑠 3

(2)
(3)

𝑠

Ao=-6.5314, A1=0.072452, A2=-0.23951×10-3, A3=0.25493×10-3, Bo=15.587, B1=0.15915,
B2=0.50612×10-3 and B3=0.5329×10-5 [14]. For SAPO-34 water, the experimental data from the DVS
machine is fitted to the thermodynamic formulation that developed by Sun and Chakraborty [15] and the
constants are listed in table (1). The equation is given by:
𝑥𝑒𝑞 = 𝑥𝑜 [

𝑝
𝑝𝑠

𝑘( )𝑚
𝑝
𝑝𝑠

1+(𝐾−1)( )𝑚

]

(4)

𝑘 = 𝛼exp[𝑚(𝑄𝑠𝑡 − ℎ𝑓𝑔 )/𝑅𝑇]

(5)

Where
Table 1: Values of parameters used in Eqs. (4) and (5)
Property
Value
Unit
Source
0.285
kg/kgads
Fitting
𝑥𝑒𝑞
1032
Fitting
α
m
3.18
Fitting
3420
kJ/kg
[16]
𝑄𝑠𝑡

Adsorption or desorption are assumed to be controlled by macroscopic diffusion. For all pairs, a linear
driving force (LDF) equation is used to describe the adsorption/desorption rate as [14, 17]
𝑑𝑥
𝑑𝑡

= 𝑘𝑜 𝑒𝑥𝑝(−𝐸𝑎 /𝑅𝑇)(𝑥𝑒𝑞 − 𝑥)

(8)

For Silica gel water the values of kinetics constants used in equation (8) are : ko= 1.3183 E+05 1/s and Ea=
42000 J/mol [14,18]. For SAPO-34 water, the kinetics constants of equation (8) is listed in the table (2)
[19].
Table 2: LDF equation constants of SAPO-34 water [19]
Symbol
Ea
ko

𝑃𝑟 > 0.1
17709.8
3.23E+04

𝑃𝑟 ≤ 0.1
44423.5
1.85E+04

Unit
Joule/mole
1/s

3.2 System Energy Balance
The lumped model technique is used to describe the energy balance equations in the two adsorbent beds
used in this study [17].
(Mcp bed )
eff

dTbed
dt

+ (𝑀𝑎 𝑥𝑖𝑏𝑒𝑑 𝑐𝑝 )

𝑑𝑇𝑖𝑏𝑒𝑑
𝑑𝑡

𝑑𝑥𝑖𝑏𝑒𝑑

= 𝜑𝑀𝑎 (

𝑑𝑡

) (𝑄𝑠𝑡 ) − (𝑚𝑐𝑝 )𝑗 (𝑇𝑗,𝑜 − 𝑇𝑗,𝑖𝑛 )

Where flag 𝜑 equals to 0 at switching time and it equals to 1 at adsorption/desorption process.

(9)

Tj,o = 𝑇𝑖𝑏𝑒𝑑 + (Tj,in − 𝑇𝑖𝑏𝑒𝑑 )exp [

−(𝑈𝐴𝑟 )𝑏𝑒𝑑
𝑖
(𝑚𝑐𝑝 )𝑗

]

(10)

The energy balance equations for the condenser can be expressed by [14]
(Mcp cond )
eff

dTcond
dt

= φ(HE − Hf )Ma

dxbed
des
dt

− (mcp )cond (Tw,o − Tw,i ) − (cp ) (𝑇 𝐸 −T cond )Ma

dxbed
des

𝑤

dt

(11)

Where HE is refrigerant’s enthalpy leaving the expander and entering the condenser, while Hf is the
refrigerant’s enthalpy leaving the condenser.
−(U𝐴 )cond

Tw,o = T cond + (Tw,i − T cond )exp [ (mc 𝑟)

p cond

(Mcp evap )
eff

dTevap
dt

= φHfg Ma

dxbed
ads
dt

]

(12)

− (mcp )evap (Tchill,o − Tchill,i ) − (cp )w (T cond − T evap )Ma

dxbed
des
dt

(13)

The outlet temperature of the chilled water can be written as [17]
−(U𝐴 )evap

Tchill,o = T evap + (Tchill,i − T evap )exp [ (mc 𝑟)

p evap

]

(14)

The mass balance of liquid refrigerant in the evaporator is given as [17]
dMref
dt

= −Ma [

dxbed
des
dt

+

dxbed
ads
dt

]

(15)

The thermodynamic equation for the power generation is:
W = 𝑚𝑟𝑒𝑓 (H2 − H3 )

(16)

4. RESULTS AND DISCUSION
The two bed cogeneration cycle in figure (1) at cooling mode is validated against experimental data of a
two bed adsorption cooling system [20] as shown in figure (3) with an average error less than 12%.

Figure 3: Simulated and experimental
outlet temperatures of a two bed Silicagel-water adsorption system.

Figure 4: Two bed SAPO-34-water
adsorption system utilising 140 oC hot
temperature and 4.13 kgads/bed.

Figure 5: SCP Comparison between using
the first mode and the second mode of
adsorption cycle.

Figure 6: COP/efficiency Comparison
between using the first mode and the second
mode of adsorption cycle.

Figure 7: Effect of number of beds and on SP.

Figure 8: Effect of number of beds on SCP.

Figure 9: Effect of number of beds on COP.
Figure (4) shows the output of the two bed adsorption cycle for cooling and power with SAPO-34. Figure
(5) Compares the SCP of the cycle’s two modes and results show that generating power is not affect cooling
output. Figure (6) comparares the cycle efficiency of the two modes. Results show that the proposed cycle
can improve the original adsorption cycle efficiency by up to 12%. Figures (7) and (8) show the effect of
number of beds and desorption/adsorption time ratio on the SP and SCP for Silica-gel-water and SAPO34-water respectively. Results show that, three bed adsorption system with desorption/adsorption time ratio
of ½ gives the highest value of SP and SCP. Figure (9) shows that as the number of beds increases the COP
decreases for both Silica-gel-water and SAPO-34-water.
CONCLUSION
1. Adsorption cycle for cooling and power generation is feasible and can generate power and cooling at
the same time with up to 12% efficiency increase.
2. Three bed configuration with ½ desorption/ adsorption time ratio achieved the highest SP and SCP
when the adsorption time is kept constant.
3. As the number of beds increases the COP decreases at constant adsorption time.
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ABSTRACT: CFD modelling can substantially contribute to the development of Stirling technology and help
understanding the fundamental processes of the real cycle for further performance enhancement. In present work, a
CFD model for Gamma-type Stirling engine simulation was developed based on COMSOL Multiphysics 5.1. The
developed model was validated against experimental measurements using Stirling engine prototype (ST05 CNC),
available at University of Birmingham. Good agreement was found between CFD results and experiment in
predicting the indicated and cooling power at different operating conditions with a maximum deviation of 10%. The
model was further used to investigate the feasibility of utilizing the stored cold of LN2 to maximize the power
output of the engine.

INTRODUCTION
The Stirling engine is an externally heated engine. It is thermally regenerative, simple in construction,
virtually quiet, safe in operation, and intrinsically flexible to adopt any heat source such as solar, biomass,
geothermal energy or even an industrial waste [Organ, 2007].
There have been numerous numerical models in open literature to analyse and optimize Stirling engines.
In their hierarchal order, they are classified as first-, second-, third- and forth order models. The first three
models are more simplified approaches and not accounting for the effects caused by the geometrical
variation of the design. A detailed overview of these models can be found in [Dyson et al, 2004].
As the Stirling engine works by gas expansion and compression processes, the main physics in the engine
are unsteady, transient, oscillating, laminar or turbulent, compressible flow and heat transfer. These
sophisticated physics with geometrical effects can be handled accurately with the adoption of fourth-order
analysis or namely computational fluid dynamics (CFD) analysis.
The regenerator is the key component in the engine and it works as a thermal sponge to absorb and
release energy during a portion of the cycle. The equilibrium porous media model used to model the
regenerator in CFD codes is believed to be a poor assumption in oscillating flow environment since
several degrees of temperature difference between gas and solid matrix are reported [Tew et al, 2006].
Among the successful studies adopted that CFD approach in open literature to model the engine as a
whole was conducted by [Mahkamov and Djumanov, 2006]. He performed a second-order and 3D CFD
analysis on a Stirling engine prototype to enhance its power. The CFD results revealed that power
reduction was attributed to the high level of hydraulic losses in the regenerator, and the entrapment of the
gas in the pipe connecting two parts of the compression space and its large dead volume. A further
improvement in the engine design was only viable by adopting this multi-dimension approach within an
acceptable range of accuracy, 18% when compared to experimental results.
On the other hand, [Wilson et al, 2004] conducted a 2D CFD simulation for Stirling Radioisotope
generator (SRG). The study aims to characterize the thermodynamic losses resulting from the conjugate
heat transfer in the convertor. Their code results are still maturing as the energy balance was not well
established and the prediction of the indicated power was not of the correct order of magnitude and
improvements to the modelling code are being sought.
CFD modelling of the current engine configuration has not reported in literature and hence this paper
aims to develop a CFD model, based on COMSOL Multiphysics 5.1 [COMSOL AB, 2015], as a tool to
further improve the performance of the engine prototype (ST05 CNC) described below.

ENGINE DESCRIPTION
The engine is a gamma-type that was first designed by Dieter Viebach in 1992 in Germany to promote
microgeneration with biomass fuels and since then was opened for research development [Ve-ingenieure,
2016]. The engine, shown in figure 1, is composed of power and displacer pistons with 90° phase angle,
and three heat exchangers (heater, cooler and regenerator). The engine is externally heated by an electric
heater with a maximum capacity of 7KW. Meanwhile, the engine is cooled by a circuit of cooling water
normally at 15°C. The engine is instrumented with eight k-type thermocouples fitted in different locations
of the engine for local temperature measurements; compression space, cooling water inlet, cooling water
outlet, cooler working gas, regenerator cold end, regenerator hot end, heater working gas and heater wall..
A high-pressure sensor fitted in the compression space, for instantaneous pressure measurements and the
engine is coupled with dynamometer for brake power measurement. The engine operational details are
summarized in table 1.

Figure 1: Engine components: 1- Heater, 2- Displacer piston, 3- Regenerator, 4-Cooler,
5-Connecting pipe, 6-Power piston.

Table 1: Engine details
Parameter
Nominal rotational speed (rpm)
Stroke (mm)
Power piston bore (mm)
Displacer piston bore (mm)
Charge pressure (bar)
Working gas
Heater type
Cooler type
Regenerator type
Wire diameter (Micron)
Porosity
Hot source temperature (°C)
Inlet water temperature (°C)
Water flow rate (L/min)
Water cooling power (kW)
Compression ratio

Value
900
75
85
96
9.5
He
Tubular
Finned water jacket
Random fibre
31
0.9
650
20
3.5
3.8
1.3

CFD MODEL
As Stirling engine works by gas expansion and compression processes, the main physics in the engine are
unsteady, transient, oscillating, laminar or turbulent, compressible flow and heat transfer. These
sophisticated physics with geometrical effects can be handled within COMSOL Multiphysics
environment.

The Arbitrary Lagrangian-Eulerian (ALE) method was used to handle the deformed geometry and the
moving boundaries. Turbulent Non-Isothermal Flow based on Algebraic yPlus model was adopted. This
turbulence model is a RANS approach which computes the turbulent viscosity based only on the local
fluid velocity and the distance to the closest wall. It is robust, computationally inexpensive and solves
with reasonable accuracy. In the porous medium region (regenerator), shown in figure 2, Brinkman
equation was used for fluid flow and the Local Thermal Non-Equilibrium model (LTNE) was used for
heat transfer.

Figure 2: Porous domain (regenerator matrix)

The governing equations in the porous domain, for the gas phase are:
𝜕𝜌 ∇. (𝜌𝒖)
=
𝜕𝑡
𝜀

[1]

𝜌 𝜕𝒖
𝒖
𝛻. 𝜏̿
𝜇
− ( + 𝛽𝐹 |𝒖|) 𝒖
[ + (𝒖. 𝛻) ] = −𝛻𝑝 −
𝜀 𝜕𝑡
𝜀
𝜀
𝐾
𝜕𝑇

𝜌𝐶𝑝 [𝜀 𝜕𝑡 + (𝒖. 𝛻)𝑇] = 𝛻. (𝑘𝛻𝑇) +

𝜏̿.𝛻𝒖
+
𝜀

[2]

𝐷𝑝

𝑘

𝜀 𝐷𝑡 − 𝑁𝑢 𝑑 𝑎𝑠𝑓 (𝑇 − 𝑇𝑠 )
ℎ

[3]

Where the viscous tensor, τ̿ is defined by
2

τ̿ = (𝜇 + 𝜇𝑇 )[∇𝒖 + (∇𝒖)𝑇 ] − 3 (𝜇 + 𝜇𝑇 )(∇. 𝒖)

[4]

Assuming the gas to be ideal, the state equation is,
𝜌 = 𝑝⁄𝑅𝑇

[5]

In the solid phase, the energy equation is
̿̿̿𝑒 ∇𝑇𝑠 ) + 𝑁𝑢
(1 − 𝜀)𝜌𝑠 𝐶𝑝𝑠 𝜕𝑇𝑠 ⁄𝜕𝑡 = ∇. (𝑘

𝑘
𝑎 (𝑇
𝑑ℎ 𝑠𝑓

− 𝑇𝑠 )

[6]

Where, the effective thermal conductivity, ̿̿̿
𝑘𝑒 is calculated based on volume average as,
̿̿̿
𝑘𝑒 = 𝑘 𝜀 + (1 − 𝜀)𝑘𝑠 [7]
In the fluid momentum equation, (2), the permeability, K, and Forchheimer drag coefficient, βF, are
derived as explained in [Tew et al, 2006],

2𝑑ℎ 2
𝐾=
[8]
𝑎1
1
𝛽𝐹 =
𝜌 (𝑎2 𝑅𝑒 𝑎3 )
2𝑑ℎ

[9]

The friction-factor and the Nusselt number correlations for random fibre and their parameters (a1, a2, a3,
b1 and b2) can be found in more details in [Gedeon, 2011],
𝑎

𝑓 = 𝑅1 + 𝑎2 𝑅𝑒 𝑎3

[10]

𝑒

𝑁𝑢 = (1 + 𝑏1 𝑃𝑒 𝑏2 )

[11]

Where Reynolds number,
𝑅𝑒 =

𝜌𝑢𝑑ℎ
𝜇

[12]

The hydraulic diameter, 𝑑ℎ of a random fibre, in terms of porosity and wire diameter is determined by:
𝑑ℎ =

𝜀
𝑑
1−𝜀 𝑤

[13]

The solid surface area per unit volume which appears in energy equations (3,6), 𝑎𝑠𝑓 is calculated by,
𝑎𝑓𝑠 =

4𝜀
𝑑ℎ

[14]

Moving and sliding walls are applied on the displacer and power pistons walls. The moving boundaries of
the displacer and power pistons are predefined from equations of real motion of the pistons adopted from
[Wagner, 2008] as
𝑋𝑒 = 𝑟[1 − cos 𝜃 +

1
(1 − √1 − 𝜆𝑒 2 sin2 𝜃)
𝜆𝑒

𝑋𝑐 = 𝑟[1 − cos( 𝜃 − 𝜋/2) +

[15]

1
𝜋
(1 − √1 − 𝜆𝑐 2 sin2 (𝜃 − ))
𝜆𝑐
2

[16]

Except constant temperature walls of heater and cooler, the other walls are treated as adiabatic walls. The
unsteady time-dependent solution of the CFD model was initialized with steady state solution of heat
transfer with no flow condition (no pistons motion). The computational time can be significantly reduced
with the adoption of steady state solution as the temperature gradient is well established throughout the
engine.

RESULTS AND DISCUSSION
The CFD model was set up with respect to the meshing size, time stepping and tolerances. Extremely fine
triangular meshing was adopted in this study. The total number of elements is 39,000 with an average
element quality of 0.9. The time stepping is resolved by 100 times over one cycle. All simulations are
carried out on a PC with configuration of Intel(R) core(TM) CPU i7-4820K, runs at speed of 3.7 GHz
with 48 GB RAM memory. Typically, each simulation run takes up to 3 days with normally 10 cycles to
reach periodic steady state.
The current model was globally tested globally against experiment in investigating the effect of hot end
temperature on engine indicated power and cooling power as shown in figure 3. Five test runs were
conducted, with a variation of hot end temperature from 450 °C to 650 °C, at nominal engine speed of
900 rpm and fixed charge pressure of 9.5bar. As can be seen from the results that there is a good
agreement between the CFD results and experiment with a maximum deviation of 10%.
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Figure 3: Comparison between CFD and experimental results for prediction of (a) indicated power,
(b) coolant power.

The temperature and velocity contours are plotted in figure 4 at half of the fifth cycle at engine nominal
speed. The fluid velocities in heater tubes and cooler near the connecting pipe side (right) tend to be
higher than that of the opposite side (left) due to the asymmetric geometry of the engine.

[a]

[b]

Figure 4: (a), Temperature contours (K), (b), Velocity contours (m/s) during the 5th cycle, at engine
nominal speed of 900 rpm.

The average-weighted temperatures of the solid and gas phases in the porous media (regenerator) during
the fifth cycle are plotted in figure 5. As can be seen that a two degrees’ maximum temperature difference
between solid and gas phases occurs at the end of first half of the cycle. The gas temperature varies as
energy is absorbed by the matrix and released during portions of the cycle. The temperature difference
between solid temperatures at beginning and end of the cycle is 0.7 degrees which indicates that more
cycles are required to reach periodic steady state, normally 10 cycles are satisfactory.
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Figure 5: Average-weighted temperatures of solid and gas phases in porous media (regenerator)
during the 5th cycle at engine nominal speed of 900 rpm.

ENGINE IMPROVEMENTS
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The dead-volume of the connecting pipe can be reduced to enhance the engine performance [Senft, 2007].
The diameter of the pipe connecting both parts of the compression space has been virtually reduced from
30 mm to 15mm so that the dead volume has been reduced by 50%. The results of simulation showed that
the indicated power can be enhanced by 14% as depicted in figure 6.

1450
1400
1350
1300
1250

4000
3900
3800
3700
3600

[a]

1200

[b]

3500
10

15

20

25

30

Connecting pipe diameter, mm

35

10

15

20

25

30

35

Connecting pipe diameter, mm

Figure 6: Effect of connecting pipe diameter on, (a) engine indicated power, (b) cooling power.
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The feasibility of utilizing the stored cold of LN2 to maximize the indicated power of the engine was
investigated. Figure 7 shows the effect of low cooling temperature on the indicated power and cooling
power rejected from the engine for Helium and Nitrogen as a working gas while the heating temperature
remain constant at 650 °C. A 83% enhancement of indicated power is achieved for helium at -150 ˚C and
75% for Nitrogen, respectively when compared to indicated power generated at normal cooling
temperature of 20 ˚C. In terms of engine thermal efficiency, no significant improvement is expected as
the heat rejected from the engine is showing an increasing trend with decreasing the cooling temperature.

N2

3800
3500
3200
2900
2600
2300

[a]

[b]

2000
-200

-150

-100

-50

0

50

-200

Cold end temperature, °C

-150

-100

-50

0

50

Cold end temperature, °C

Figure 7: Effect of low cooling temperature on, (a) engine indicated power, (b) cooling power

CONCLUSION
A comprehensive 2D CFD model was developed to simulate a gamma-type Stirling engine. Good
agreement was found between the model prediction and experimental results within 10% of deviation. It
is believed that this margin of deviation is acceptable for the current model. The model is matured and
can be extended for 3D simulation for better accuracy and optimization purposes. The results showed that
there is a potential to utilize the cold energy of liquid nitrogen to enhance the engine indicated power.
However, no significant improvement is expected for engine thermal efficiency as the heat rejected from
the engine is showing an increasing trend with decreasing the cooling temperature.
NOMENCLATURE:
u
𝑇𝑠
T
R
K
𝑘
̿̿̿
𝑘𝑒
p
𝐶𝑝
𝐶𝑝𝑠
𝑃𝑒
Xe
dw
afs

Velocity vector, m/s
Solid phase temperature, °C
Gas phase temperature, °C
Gas constant, J/kg.K
Permeability, m2
Gas thermal conductivity, W/m.K
Solid equivalent thermal conductivity, W/m.K
Instantaneous gas pressure, Pa
Gas heat capacity, J/kg.K
Solid heat capacity, J/kg.K
Peclet number
Displacer piston displacement, m
Mesh wire diameter, Micron
solid surface area per unit volume, 1/mm

Nu
r
𝜆𝑐
𝜆𝑒
𝛽𝐹
𝜃
𝜌
𝜌𝑠
𝜇
𝜇𝑇
𝜀
Xc
Re

Nusselt number
Crank radius, mm
Crank radius to compression connecting rod ratio
Crank radius to expansion connecting rod ratio
Forchheimer coefficient, kg/m4
Crank angle, rad
Fluid density, kg/m3
Solid density, kg/m3
Dynamic viscosity, Pa. s
Enhanced turbulent viscosity, Pa. s
Porosity
Power piston displacement, m
Reynolds number
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ABSTRACT
The present work aims at the thermodynamic analysis of adsorption heat transformers (AdHT) for
waste heat upgrade. Two different AdHT configurations have been simulated, namely, with and
without heat recovery between the adsorbent beds. Two different working pairs, namely, AQSOA
Z02/water and activated carbon/ammonia have been compared, varying working boundary conditions
and analyzing the effect of heat recovery. The results have demonstrated that the performance is highly
dependent on the employed working pair and that the implementation of heat recovery strategy can
even double the achievable thermodynamic performance.
INTRODUCTION
Currently a large amount of thermal energy, especially in the industrial sector, is discharged into the
atmosphere since its temperature level is too low to be considered useful for further applications. Such
a heat stream is usually defined as low-grade waste heat. A rough estimation by Donnellan et al., 2015
reports that each year about 3x1013 kWh of thermal energy are dissipated by US manufacturing alone.
Despite such a huge amount of available energy, only few systems are currently employed to recover
it.
A possible technology under investigation to exploit and upgrade this huge amount of low-grade waste
heat is represented by the adsorption heat transformers (AdHT). These systems employ a solid sorbent
material (e.g. zeolite, activated carbon, silica gel) and a working fluid (e.g. water, alcohols, ammonia)
to perform a thermodynamic cycle, driven by the low-grade heat, which allows to upgrade the
temperature level of the source to a useful level (Chandra and Patwardhan, 1990).
In the present paper, a comparative thermodynamic analysis of achievable performance of two
different working pairs for AdHT is performed. They have been analyzed varying heat rejection as well
as waste heat temperature. Furthermore, the effect of heat recovery strategy to increase thermodynamic
efficiency is discussed.
THERMODYNAMIC MODEL
Figure 1 represents the basic architecture and the typical working diagram of an AdHT cycle, on an
isosteric chart. It is composed of four main components: an adsorbent bed which acts as adsorber or
desorber depending on the working phase, a condenser, an evaporator and a circulating pump
connecting condenser to evaporator. The main difference between this technology and standard inverse
cycles (i.e. heat pump, chiller) is that the heat of evaporation is supplied by waste heat at a temperature,
TL, which is higher than the temperature, T0, at which the heat of condensation is rejected to the
ambient. For this reason, the pressure inside the condenser is lower than the pressure inside the
evaporator, and a pump is necessary to enhance the pressure level of liquid refrigerant between the two
components.
The AdHT cycle is composed of two main phases: a desorption phase (P-Q-R) and an adsorption phase
(R-S-P). During the desorption phase, the adsorbent bed is regenerated exploiting waste heat, QL’, at
temperature TL, and the desorbed refrigerant is condensed at lower pressure, p0, imposed in the

condenser connected to the ambient at temperature T0. The first part of the desorption process occurs
under isosteric conditions (P-Q). Once reached the waste heat temperature TL, the refrigerant is
desorbed isothermally, down to the pressure of the condenser (Q-R). After having completed the
desorption phase, during the adsorption, the waste heat, QL, is supplied to the evaporator at temperature
TL, and the exothermic reaction of adsorption allows to get heat, QA, at an upgraded temperature level,
TA, compared to the waste heat source temperature. Also during adsorption, the first part of the process
occurs under isosteric conditions (R-S), once reached the upgraded temperature, the adsorption
proceeds isothermally up to the pressure of the evaporator. More details about the working cycle can be
found elsewhere (Chandra and Patwardhan, 1990).
The efficiency of the AdHT can be evaluated by the Coefficient of Performance (COP):
𝐶𝑂𝑃 =

𝑄𝐴
𝑄𝐿 + 𝑄𝐿′

[1]
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Figure 1: Typical architecture of an AdHT, on the left-hand side, and the working cycle on an
isosteric chart, on the right-hand side.
In the present paper, two main AdHT configurations will be comparatively analyzed; namely, one bed
connected to one condenser/evaporator (Configuration I, left hand side of Figure 2) and two separated
beds connected to one condenser and one evaporator (Configuration II, right hand side of Figure 2).
Configuration II has the merits of a) offering a quasi-continuous delivery of upgraded heat (with
configuration I only during the adsorption phase) and b) the possibility to implement a heat recovery
between the adsorber and the desorber beds allowing higher COP.
It has to be pointed out that, the thermodynamic analysis can be conducted either considering the ideal
case, in which no temperature gradient exists between external sources/sinks and the component, or
taking into account a suitable temperature gradient. Accordingly, temperature inside each component
will be evaluated as: TA=TA’+ΔT, T0=T0’+ΔT and TL=TL’-ΔT, where ΔT=0°C in the ideal case and
ΔT>0°C in real conditions. In the following, the thermodynamic model derived both for Configuration
I and Configuration II is reported. All the equations have been derived by carrying out heat and mass
balance for each component.
Configuration I
For Configuration I, no heat recovery can be implemented. The heat released during adsorption is:

𝑄𝐴 = ∆𝐻𝐴𝑑 ∆𝑤 − 𝑐𝑝𝑠 (𝑇𝐴 − 𝑇𝐿 ) − ∆𝑤 𝑐𝑝𝑣 (𝑇𝐴 − 𝑇𝐿 ) − 𝑤2 𝑐𝑝𝐿 (𝑇𝐴 − 𝑇𝐿 )

[2]

Where, ΔHAd [kJ/kg] represents the heat of adsorption, cps, cpv and cpL [kJ/kgK] specific heat of solid
adsorbent, vapour and liquid refrigerant respectively, Δw [kg/kg] the uptake variation between

adsorption and desorption phases and w2 [kg/kg] the uptake corresponding to the weak isoster of the
cycle.
The heat provided to the evaporator by the low grade heat source is:

𝑄𝐿 = ∆𝑤 (∆𝐻𝑒𝑣 + 𝑐𝑝𝐿 (𝑇𝐿 − 𝑇0 ))

[3]

Where, ΔHev [kJ/kg] represents the heat of evaporation evaluated at the waste heat temperature.
Finally, the heat provided during desorption phase can be estimated as:

𝑄𝐿′ = ∆𝐻𝐴𝑑 ∆𝑤 − 𝑐𝑝𝑠 (𝑇𝐴 − 𝑇𝐿 ) − 𝑤1 𝑐𝑝𝐿 (𝑇𝐴 − 𝑇𝐿 )

[4]

Where, w1 [kg/kg] is the uptake corresponding to the rich isoster of the cycle.
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Figure 2: Configuration I: one adsorbent bed connected to one condenser/evaporator (left-hand
side). Configuration II: two adsorbent beds connected to a condenser and an evaporator (righthand side).
Configuration II
For Configuration II, it is possible to recover a certain quantity of energy circulating heat transfer fluid
between adsorber and desorber, thus transferring part of the sensible heat from the bed starting to act as
a desorber (along the path (P-Q) to heat up the bed starting to work as an adsorber (along the path RS). Therefore, the first step, is to evaluate the theoretical equilibrium temperature Teq, which can be
obtained when the temperatures of adsorber and desorber are equalized and thus no heat recovery can
be performed anymore:

𝑇𝑒𝑞 =

(𝑐𝑝𝑠 + 𝑤1 𝑐𝑝𝐿 ) 𝑇𝐴 + (𝑐𝑝𝑠 + 𝑤2 𝑐𝑝𝐿 ) 𝑇𝐿
2 𝑐𝑝𝑠 + (𝑤1 + 𝑤2 ) 𝑐𝑝𝐿

[5]

Also in this case, under real conditions, to transfer heat from the adsorber to the desorber it is necessary
to consider a certain temperature gradient, ΔT. Accordingly, the ending temperatures of the heat
recovery phase will be: TP*=Teq+ΔT/2 (for the desorber) and TR*=Teq-ΔT/2 (for the adsorber).
In particular, for the Configuration II, QA can be calculated replacing in eq. (2) either Teq (ideal case) or
TR* (considering the temperature gradient) to TL. Similarly, to calculate QL’, either Teq or TP* must
replace TA in eq. (4).

ANALYSED WORKING PAIRS
In the present paper two different working pairs are analyzed for AdHT application namely the
commercial adsorbent material AQSOA Z02 (Okamoto et al., 2010) developed by Mitsubishi Plastic
Incorporation, with water as refrigerant and an activated carbon Chemviron 208C with ammonia as
refrigerant.
Equilibrium data of the AQSOA Z02 have been experimentally measured at the CNR ITAE lab and
fitted by means of the Dubinin-Astakhov equation. Equilibrium data of AC 208C/ammonia working
pair are reported by Tamainot-Telto et al. 2009, where a modified form of the Dubinin-Radushkevich
(D-R) equation has been employed to fit the experimental data.
SIMULATION RESULTS
After having implemented the thermodynamic model, the working boundary conditions have been
varied in order to analyze the evolution of COP and specific upgraded thermal energy. Following Table
1 summarizes the investigated boundary conditions:
Table 1: Investigated working boundary conditions for both simulated working pairs.
Waste heat temperature [°C]
Ambient temperature
Ambient temperature
AQSOA/water [°C]
AC208C/ammonia [°C
From 40 to 80
From 10 to 50
From -20 to 35
Looking at the obtained results, it is always clear that the maximum achievable COP is 0.5, which can
be obtained when the upgraded heat temperature is approaching the waste heat temperature.
Furthermore, the higher is the temperature difference between waste heat and ambient heat the higher
is the achievable thermodynamic performance.
In the following, some obtained results are reported to analyze the effect of the varied parameters on
the achievable AdHT performance. In Figure 3a, the effect of the presence of a temperature gradient
between heat sources/sinks and components is reported for AQSOA Z02/water working in
Configuration I (no heat recovery), when waste heat is at 60°C. Considering a temperature gradient of
5°C there is a strong reduction in achievable COP as well as in the achievable upgraded heat
temperature. For instance, having an ambient temperature of 10°C, to get a COP of 0.3, in case of no
temperature gradient, the upgraded heat is at 112°C, while, considering the temperature gradient, the
upgraded heat is at 88°C, with a reduction of 24°C. In Figure 3b, for the same working boundary
conditions, the effect of a temperature gradient of 5°C between heat sources/sinks and components is
investigated for the Configuration II (where heat recovery is considered). As expected, the
implementation of the heat recovery process allows to appreciably increase the thermodynamic
efficiency of the AdHT. For instance, looking at the dashed lines, when the ambient temperature is
10°C, it is possible to get out upgraded heat at 90°C with a COP of 0.2 for Configuration I while for
Configuration II the achievable COP is 0.45. This clearly highlight how the implementation of the heat
recovery could be of primary importance to make this technology even more attractive. Of course,
from a practical point of view, this improvement in thermodynamic efficiency is obtained by realizing
more complicated AdHT architectures, employing more heat exchangers, reactor chambers, valves and
pump.
In order to compare the behavior of the investigated working pairs, in Figure 4 the achievable upgraded
ΔTs at fixed ambient temperature (i.e. 5°C) and varying the waste heat temperatures are reported for
both AQSOA Z02/water and AC208C/ammonia pairs. In both cases, configuration I without heat
recovery and thermal gradients of 5°C are considered. As can be highlighted in Figure 4a, the AQSOA
Z02/water working pair gets better performance than AC208C/ammonia (Figure 4b) under the same
working boundary conditions. In particular, AQSOA Z02/water is characterized by an efficiency curve
which initially is almost flat, starting from COP values around 0.5, and then, after a “knee” (rapid
variation of the slope) there is a sharp decrease of efficiency. Such a behavior can be explained looking
at the equilibrium curves of the AQSOA Z02/water system, which are characterized by an S-shaped
evolution, which allows to get high water exchange in a narrow temperature range, but, when the

temperature difference is not centered across the “S” zone, the expected water exchange drops down,
thus causing a rapid decreasing of AdHT efficiency.
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Figure 3: Effect of ΔT between heat sources/sinks and the components at waste heat temperature
of 60°C with AQSOA Z02/water working pair a) for Configuration I; b) for Configuration II.
On the contrary, the AC208C/ammonia system is characterized by a more regular equilibrium curve
evolution. Indeed, the ammonia exchange decreases more rapidly with increasing of temperature
difference, thus showing a sharp COP decreases with increasing the upgraded heat temperature.
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Figure 4: Effect of the waste heat temperature. a) AQSOA Z02/water; b) AC208C/ammonia.
Figure 5 compares the achievable performance of the two investigated working pairs varying the
ambient temperature, at fixed waste heat source temperature (i.e. 70°C), under configuration I (no heat
recovery) and without any thermal gradient between heat sources/sinks and the AdHT components. It
has to be pointed out that this configuration represents the closest to the “theoretical” cycle, since no
temperature gradients are considered, nevertheless it was useful to make a direct comparison between
the investigated working pairs. In Figure 5a, the COP evolution for the two investigated working pairs
is reported as function of the ambient temperature. It is again clear how the AQSOA Z02/water can get
higher COP, which reflects also to higher achievable upgraded heat temperatures. Nevertheless, thanks
to the high evaporation pressure of ammonia, it can be used even at very low ambient temperatures,
below 0°C, differently from water. This allows extension of the working conditions of the AdHT
system, for instance during winter season, exploiting high temperature differences between waste and
ambient heat.
Figure 5b reports a comparison, under the same conditions, of the specific energy (i.e. the energy of the
upgraded heat per unit of adsorbent mass) achievable by the two investigated working pairs. As
expected, also in this case the AQSOA Z02/water working pair performs better than the
AC208C/ammonia, thanks to the higher adsorption enthalpy of the water-based systems which delivers
higher energy density. Actually, under the investigated working conditions, for the best simulated

boundaries, AQSOA Z02/water reaches double the specific energy compared to the AC208C/ammonia
pair.
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Figure 5: Comparison between the investigated working pairs under Configuration I, without
thermal gradient between sources/sinks and components. a) COP variation as function of
ambient temperature; b) specific energy as function of ambient temperature.
CONCLUSIONS
The thermodynamic analysis conducted for AdHT systems allowed investigation of some parameters
affecting the achievable performance of this technology. Particularly, it was highlighted how the
implementation of a system configuration employing two separated adsorbent beds with heat recovery
phase could increase the efficiency of the system, even doubling it. Furthermore, as already found for
other thermally driven systems, also in this case the shape of the equilibrium curves highly affected the
achievable COPs, as highlighted by the AQSOA Z02/water working pair, which is able to get high
performance provided that the working boundary conditions allow exploition of the S-shaped
equilibrium curves evolution. The AC208C/ammonia working pair returned lower COP as well as
specific energies, nevertheless, thanks to the possibility of exploiting ambient temperatures below 0°C
it represents a viable way to implement such a kind of cycle. Generally, it is evident how this
technology could be employed when difference between waste and ambient heat is in the range of
50°C. This makes AdHT more interesting for industrial than for domestic applications.
Further analysis will be conducted to study the effect of the inert masses as well as to study the kinetics
of the process, in order to get estimations about the achievable specific powers.
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1.

INTRODUCTION

Recently, the technological development of industry all over the world is oriented to the economy of
natural resources and the decrease of the anthropogenic stress. The application of the heat-driven
machines looks very prospective for the refrigerating technologies. Such systems (absorption and ejector
systems) have lower energy efficiency, but the application of the thermal wastes can make them more
competitive with vapor compression systems, which found a wide application, because they utilize a
small amount of electrical energy. But it can be happened often that the “green” technologies are not
ecologically cleaner compared to traditional systems.
Most of the plants in chemical, petrochemical, gas transport, food and other industries are characterized
by the presence of a great amount of secondary waste energy resources in the form of low pressure steam,
hot water, hot gases, etc. The utilization of the low-grade heat is a very important direction because it will
assist energy saving and decreasing in thermal contamination of the environment. All these plants have
the facility to be air conditioned (industrial and office buildings). For such application the usage of the
heat-driven conditioners can be of great interest. Applying to the refrigeration technology, the comparison
of the air conditioning systems on the basis of ejector cooling systems and absorption chillers using
thermal energy with traditional vapor-compressor system deserves consideration. In the present study the
coefficients of the eco-energy efficiency of the three systems with the same cooling capacity operating on
the same temperature level are considered.
2.

METHODOLOGY OF THE ECO-ENERGY ANALYSIS

Usually for the assessment of the prospective of a new type of the equipment or technology different
methods of analysis are used: thermodynamic, technical-economy, thermo-economy and others. But these
methods are not adapted for the solutions of global ecological problems (Zhelezny et al., 2001; Zhelezny
et al., 2004; Chen et al., 2015). To the opinion of the authors, it is almost impossible to unite different
harmful for the environment factors into one environmental criterion. The problem of the criterion
selection for the determination of the “environmental cleanness” of the equipment has not been solved yet.
The anthropogenic influence is increased with the increasing in the application of the natural resources
(mineral, energy, and biological resources). Therefore, it is advisable to use such criteria for the
assessment of the equipment, that would promote the selection of the less resources- and energycapacious equipment. Under such an approach one can mention the decreasing in the anthropogenic
influence. It is feasible to utilize the value of the energy required for the life cycle of the equipment
(process). But the necessity of the realization of the Kyoto Protocol has its effect. Because the emission of
the greenhouse gases (GHGs) is simpliciter associated with energy consumption, according to the opinion
of the authors, the optimal criterion for the assessment of the eco-energy efficiency is the equivalent
emission of the GHGs during the life cycle of the equipment.
For the first time the method of the calculation of the equivalent emission of GHG (Total equivalent
warming impact - TEWI) for the assessment of the reasonability of the alternative refrigerants application
was offered by (Fischer, 1993; Orfeo, 1997). Afterward the methodology of GHG emission calculation
during the life cycle of different technological process (equipment) is offered by Papasavva and Moomaw
(1997), Horne et al. (2009), Zhelezny et al. (2001, 2004), and others. Zhelezny et al. (2001, 2004) propose
to consider the whole technological chain of product manufacturing (refrigeration production in our case)
from the extraction of raw materials to their disposal. The energy resources (emission of GHG is

proportional to energy resources) that are necessary for the manufacturing and utilization of the
equipment, buildings, etc., and also the energy equivalent of the human labor should be taken into
account. The Total Equivalent Greenhouse Gases Emission (TEGHGE) of the analyzed systems
(equipments) life cycle can be calculated from the Eq. 1. Equation 1 – is a modified general equation
(Zhelezny et al., 2001; Zhelezny et al., 2004), which is transformed according to the available initial
information: the information about money expenses for its manufacturing and maintenance, information
about equivalent emission of human labor, the energy intensity of GDP and other.
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(1)
where β is an average indirect emission factor for a certain country, kgCO2-eq /kW·h; eGDP is an energy
intensity of GDP, kW·h /US$; cieq is a cost of i-element (equipment) of the considered system, US$; kdep
and krep are the coefficients, considering the annual expenses (from investment) required for the
depreciation and repairing of the system elements, year-1; τ is the operation life of the equipment of the
considered system, years; cieq.disp is a cost of the disposal of the i-element (equipment) of the considered
system, US$; emh.l is an equivalent emission of human labor, kW·h/man-hour; Tih.l is labor expenditures
for the production of the i-element (equipment), man-hour; cj is a cost of the production of the j-type raw
material, half-finished material, energy resources needed for the manufacturing of the product in the
considered system, US$ per unit of raw material; Gj is the consumption of the j-type raw material,
material, half-finished material, energy resources, etc., during manufacturing of the unit of product; n is
the yearly capacity of the plant, quantity of the product per year; mk is a mass of k-type GHG that emits
during manufacturing of the unit of product, kg per unit of product; GWPk is a GWP of k-type GHG, kg
of CO2-åq per kg of GHG; mkeq is a mass of the k-type greenhouse gas in the equipment at the moment
of its disposal, kg; α is a rate of the disposed refrigerant; T h.l is labor expenditures that are necessary for
the manufacturing of the products, man-hours per year; cpr.disp is the cost of the product disposal, US$.
A new coefficient was offered for the convenient comparison of the refrigerating systems with different
cooling capacities (Chen, G. et al., 2015):

ref  TEGHGEeq Q  , CO2 eq kJ

(2)

where Q is the cooling capacity of the air conditioner, kW; τ is the period of equipment operation, sec.
One more methodological drawback of the TEWI-analysis is the correctness of the determination of the 
coefficient - indirect emission factor, which characterizes the emission of CO2 (all GHG in the CO2
equivalents - CO2-eq) for the production of 1 kW.h of electrical power. In the present paper the authors
used the information of world-statistics.org: the value of β for Ukraine is 0.697 kgCO2е/kW.h, for China –
0.905 kgCO2-eq /kW.h. One more important factor for the GHG equivalent emission assessment should
be a GHG equivalent emission of human labor emh.l (Rugani et al., 2012, Zhelezny et al., 2001; Zhelezny
et al., 2004). For the calculation, the authors used the average value of emh.l = 0.46 CO2-eq/ man-hours
(Rugani et al., 2012). The assumption was made, that it is the same for both countries. Although it is clear,
that in the developed countries the energy equivalent of human labor as well as equivalent emission of
human labor will be higher. One of the variants for CO2 specific emission assessment of certain types of
material production can be information about the energy intensity of GDP (eGDP – Total Primary Energy
Consumption per Dollar of GDP for different countries). According to the U.S. Energy Information
Administration (International Energy Statistics), the value of the energy intensity of GDP (eGDP) in 2011
for Ukraine was 16.56kW·h/US$, and for China – 7.239 kW·h/US$. It is convenient to use this value for
the assessment of the emission of CO2-eq for the production of the materials if the monetary cost for their
production is known as well as the value of β – average indirect emission factor.

3.
ECO-ENERGY ANALYSIS OF THE APPLICATION REASONABILITY OF EJECTOR,
ABSORPTION AND VAPOR COMPRESSION AIR CONDITIONERS

According to the offered methodology for the calculation
of TEGHGE the analysis of the prospects of alternative
methods of air conditioning with application of heatdriven ejector (EAC) and absorption (AAC) air
conditioners in comparison with vapor compression air
conditioners (VCAC) was made. The balance schematic
diagrams of the direct and indirect emission of GHG in
TEGHGE for air conditioners is presented in Chen et al.,
2015. A schematic diagram of EAC and AAC are shown
in Fig. 1 and 2, respectively. Waste low pressure steam is
the energy source of the EAC and AAC. The energy
expanses for the application of this energy source was not
taken into consideration in the present analysis.

Figure 1: Schematic diagram of ejector air
conditioner

Working fluid R600a, which is ozone safe and
prospective for the application in the equipment for the
refrigeration production on high temperature level, were
chosen as the refrigerants for EAC and VCAC. R600a has
good energy efficiency, but the equipment working with
this refrigerant requires special design related to the fire
hazard. Aqueous solution of LiBr found a wide
application in absorption refrigerating machines, where
the water serves as a working fluid. Therefore, from the
environmental point of view, AACs are safe.
The results of the calculation of the energy characteristics
of EAC, AAC and VCAC operating at three working
regimen (that are determined by the temperature of the
ambient air) are presented in Table 1. The information
about the properties of the refrigerant R600a for the points
of the VAC cycle and VCAC cycle was obtained from
(Lemmon et al. 2007). The information about the
properties of the LiBr solution for calculation the
characteristics of AAC was obtained from (ASHRAE)
and (Lemmon et al. 2007).

Figure 2: Schematic diagram of absorption air
conditioner

The following initial data for the calculation of TEGHGE were as follows:
- GWP - global warming potential (relative to CO2) for R600a – 20 (Calm and Hourahan, 2009), for water
as a refrigerant in AAC, this value is equal to zero.
- τ – the service term of the plants was 15 years (the coefficient of the working time was assumed to be
equal to 0.33).
- Mass of the charged refrigerant depends on many factors, such as the length of tubes between the
evaporator and condenser. Carried out analysis shows that the mass of charged refrigerant R600a for the
VCAC is about 10 kg, and for EAC – 20 kg.
- The leakage of the refrigerant was assumed as 10% per year (AIRACH, 2012).
- The portion of the refrigerant utilization after the end of its service life is 90% (AIRACH, 2012).
- Human labor expenses for the service work of the air conditioners are 0.15, 0.10 and 0.05 man-hours per
hours of operation of the equipment of EAC, AAC and VCAC, respectively.
- The fraction of the cost for repair from capital investment krep was assumed as 0.03year-1; current
amortization costs kdep were assumed as 0.05year-1.
- The investment of the equipment was assessed for the market value of the equipment produced in
Ukraine and for the structure of prime cost of the air conditioners. The data on the structure of the prime
cost of the air conditioners was used for the assessment of the equivalent emission of human labor.

Table 1. Technical characteristics of ejector, absorption and vapor compression air conditioners operating
at various condensing temperatures
Value of the
Value of the
Value of the
Parameter
parameter for
parameter for EAC parameter for AAC
VCAC
Condensing temperature tC, ºС
36
38
40
36
38
40
36
38
40
Cooling capacity Qe, kW
70.0
Evaporating temperature, ºС
12
2*
12
Refrigerant
R600a
R718
R600a
Refrigerant mass flow rate in
233.1 237.0 241.1 29.7 29.8 30.0 739.7 822.9 927.1
evaporator, g/s
Refrigerant flow rate in condenser, g/s 739.7 822.9 927.1 29.7 29.8 30.0 739.7 822.9 927.1
Generator heat load QG, kW
198.3 228.0 263.2 86.3 86.6 86.8
Condenser heat load QC, kW
268.7 298.0 333.2 75.17 75.19 75.20 76.80 77.47 78.18
Thermal COP
0.353 0.307 0.266 0.811 0.808 0.806
COP
7.57 6.83 6.20
Compressor power consumption, kW
9.25 10.25 11.30
Feed pump power consumption, kW
2.48 2.84 3.27 0.815 1.072 1.436
Power consumption of fans for heat
12.1
6.8
9.1
exchangers**, kW
Vacuum pump power consumption, kW
0.25
Power consumption of pumps for
10.4***
secondary coolants, kW
* The evaporating temperature for the AAC was assumed 10 K lower than for EAC and VCAC, because
the chosen for the analysis prototype of industrial absorption chiller is intended for the cooling of
secondary coolant.
** The electrical energy consumed by the cooling tower fans for absorber and condenser water cooling
system were not taken into consideration.
*** The pump power consumptions are assumed approximately, respective to the producer of the
absorption chiller (water flow rate of the cooling water for absorber and condenser (0.005552 m3/s) and
cooled water (0.003054 m3/s)). These values can take higher magnitude corresponding to the hydraulic
resistance of the water circulation circuit.
The date from the Table 1 was used for the selection of the equipment for the studied air conditioning
systems and the assessment of its cost. The heat exchangers of AlfaLAval were used and the power of
the fans for the air chillers was determined (Table 1). The calculation of the ejector for the EAC was
performed and its price was determined.
Two compressors of Danfoss Maneurop Model MTZ 288 for VCAC were selected (required compressors
with such capacity for hydrocarbons are not available in the market, as well as constructively compressors
for hydroflurocarbons are not distinguished; therefore, this compressor was assumed for application with
increased cost for the flammability safety (Palm, 2008)). For AAC was assumed prototype – industrial
absorption chiller with cooling capacity 70 kW.
The information presented in Table 1 was used for the calculation of the equivalent emission of GHG at
production of cold for air conditioning. The results of the calculations of structural components of
TEGHGE and total value of TEGHGE are presented in Tables 2 for the conditions in Ukraine and China,
respectively, for EAC, AAC and VCAC operating at different condensing temperatures with respect to
the electrical power production structure and energy intensity of GDP. During the calculation of
TEGHGE the following emissions were taken into consideration:
- emission of GHG from the production of electric power consumed by the air conditioners;
- emission of GHG during manufacturing of the air conditioners;
- emission from GHG from the repair costs and current amortization costs;
- emission from human labor while creation and maintenance of the equipment;
- direct emission of GHG from the equipment connected to leakage of the refrigerant.

Table 2. Design values of the eco-energy characteristics of EAC, AAC and VCAC maintained in Ukraine
and China
Value of the parameter
Value of the parameter Value of the parameter
for the vapor
for the ejector air
for the absorption air
Parameter
compression air
conditioner
conditioner
conditioner
Condensing temperature, ºС
36
38
40
36
38
40
36
38
40
Ukraine
IndirEEeq.+ IndirEEeq.disp,
39.752 39.378 38.940 40.534 40.323 40.027 31.897 31.041 30.191
% TEGHGE
5.731
5.677
5.614
5.844
5.813
5.770
4.598
4.475
4.353
IndirEEh.l.man, % TEGHGE
-3
-3
-3
-3
-3
17.3·10 17.1·10 17.0·10
0
0
0
9.0·10 8.8·10 8.5·10-3
DirEEref.op, % TEGHGE
-3
-3
-3
3.5·10 3.4·10 3.4·10
0
0
0
1.8·10-3 1.8·10-3 1.7·10-3
DirEEref.disp, % TEGHGE
0.233
0.231
0.228
0.120
0.120
0.119
0.081
0.079
0.077
IndirEEh.l.op, % TEGHGE
38.378 38.959 39.638 37.304 37.632 38.090 50.667 51.990 53.305
IndirEEel., % TEGHGE
15.885 15.735 15.560 16.198 16.113 15.995 12.746 12.404 12.064
IndirEErep., % TEGHGE
1154661 1165640 1178755 1493250 1501088 1512189 1106948 1137446 1169469
TEGHGE, kgСО2e
1.466
1.480
1.497
1.896
1.906
1.920
1.405
1.444
1.485
φref, 10-3 kgCO2-eq / kJ
China
IndirEEeq.+ IndirEEeq.disp,
26.571 26.190 25.749 27.365 27.145 26.839 19.295 18.586 17.896
% TEGHGE
3.831
3.776
3.712
3.945
3.913
3.869
2.782
2.680
2.580
IndirEEh.l.man, % TEGHGE
-3
-3
-3
-3
-3
20.4·10 20.1·10 19.7·10
0
0
0
9.6·10 9.3·10 8.9·10-3
DirEEref.op, % TEGHGE
4.1·10-3 4.0·10-3 4.0·10-3
0
0
0
1.9·10-3 1.9·10-3 1.8·10-3
DirEEref.disp, % TEGHGE
0.274
0.271
0.266
0.143
0.142
0.140
0.086
0.083
0.080
IndirEEh.l.op, % TEGHGE
58.682 59.274 59.960 57.612 57.953 58.426 70.115 71.213 72.281
IndirEEel., % TEGHGE
10.618 10.465 10.289 10.935 10.847 10.725 7.710
7.427
7.151
IndirEErep., % TEGHGE
980499 994755 1011783 1255437 1265614 1280028 1038626 1078225 1119805
TEGHGE, kgСО2e
1.245
1.263
1.285
1.594
1.607
1.625
1.319
1.369
1.422
φref, 10-3 kgCO2-eq / kJ
4.

RESULTS AND DISCUSSIONS

As it can be seen from the results of the calculations presented in Table 2, the AAC are much more
inefficient compared to the VCAC and EAC from the eco-energy point of view. This can be explained by
the additional power consumption required for the supply of the pumps in the secondary coolant circuits
of the evaporator, condenser, and absorber in AAC. The AAC are the heat-driven machines with the
higher COP compared to the COP of the EAC, but the peculiarities of the design and the possibility of the
application of the air-cooled evaporator and condenser allow to have the sufficient decreasing in the
power consumption for EAC. Furthermore, the additional consumption of the water for the systems of the
water cooling and as a secondary coolant would also increase the negative potential of the AAC,
compared to heat-driven EAC (the water consumption as well as energy consumption during water
cooling were not considered in the present study). For the considered systems even a zero contribution to
the direct emission from the refrigerant leakage in the AAC does not influence greatly on the total value
of TEGHGE, because the value of the direct losses of the refrigerant for VCAC and EAC is also small
(GWP=20 for R600a). A categorical conclusion about prospectiveness of the equipment for the air
conditioning systems can be made only if all the peculiarities of the design and the energy consumptions
of the equipment are taken into account (applied for the chosen air conditioning system).
From the presented results of the calculations (Tables 2) it can be seen that the value of TEGHGE
depends on the electrical power production structure and the energy intensity of the country’s GDP, in
which the air conditioner is used, and on the energy efficiency of the equipment. The most important
factor influencing the decrease of TEGHGE is the energy efficiency of the equipment. In spite of the fact,
that the value of the indirect emission factor β in Ukraine is lower than in China, the higher energy
intensity per unit of GDP in Ukraine results in increased values of indirect emission from the
manufacturing of the equipment - IndirEEeq, and emission from repair costs, consumables, etc. IndirEErep. Therefore, the value of TEGHGE is determined largely by the energy intensity of the materials

and energy efficiency of the technological processes during manufacturing of the equipment. As for the
maintenance of the air conditioner in China, from an eco-energy point of view a small gain of the EAC
can be explained by the lower value of indirect contribution to TEGHGE from the manufacturing of the
equipment and repair costs and consumables compared to the same air conditioner manufactured in
Ukraine. The increasing of the energy efficiency of the equipment production processes should increase
the eco-energy reasonability of the EAC application, because EAC features lower GHG emissions when
connected with the consumption of the electrical energy at the stage of their maintenance.
The specific GHG emission during refrigeration production φref is a convenient indicator for the ecoenergy analysis. This coefficient reflects the efficiency of the application of the energy resources during
all stages of refrigeration production. The consideration in this paper of the eco-energy method with new
eco-indicators of the efficiency analysis of the alternative refrigeration equipment application opens an
opportunity for the scientifically grounded selection of the equipment. It is shown that the decrease of the
GHG emission and the rational application of the energy resources are connected to each other. The
offered analysis and its application in practice will contribute to the realization of the requirements not
only of the Kyoto Protocol but of the other legislative laws concerning resources and energy savings.
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ABSTRACT
In this paper, a new adsorptive heat transformation cycle is suggested. It can be interesting for countries
with cold climate, and especially for the Arctic zone. The main feature of this cycle is that regeneration of
adsorbent is performed by dropping the vapour pressure over adsorbent. This pressure drop is ensured by
low ambient temperature, and does not need supply of energy that has commercial value. This way of
regeneration is opposed to the common one that is by heating of adsorbent up to high temperature. Since
the useful heat, that gains commercial value, is deemed to be obtained by means a low ambient
temperature, the new approach is called "Heat from Cold" (HeCol).
INTRODUCTION
At present, majority of thermodynamic cycles of heat engines are high temperature cycles that are
realized in steam, internal combustion and diesel engines, steam and gas turbines, etc. [Cengel and
Boles, 2002]. These cycles are mainly based on burning of organic fuel that may result in dramatic
increasing of CO2 emissions and global warming. The world community has realized the gravity of these
problems and taken initiatives to alleviate or reverse this situation. Fulfilment of these initiatives requires,
first of all, the replacement of fossil fuels with renewable energy sources (Sun, wind, ambient heat –
natural water basins, soil, air, etc). These new heat sources have significantly lower temperature potential
than that achieved by burning of fossil fuels which opens a niche for applying adsorption technologies for
heat transformation and storage [Aristov, 2007].
Although the low temperature heat is characterized by huge quantity and flux, its implication in real
energy sector is very difficult, because the temperature of this heat is close to the temperature of the
surroundings, therefore the quality of heat is low. The exergy is introduced as a proper measure of heat
quality. The concept was developed in [Gibbs, 1873], however, the term was suggested in [Rant, 1956].
The exergy of a system is defined as "the maximum shaft work that could be done by the composite of the
system and a specified reference environment that is assumed to be infinite, in equilibrium, and ultimately
to enclose all other systems" [Dincer et al, 2001]. It reflexes the fact that any lack of equilibrium between
a system and the environment can be used to produce work. This work can be determined by the second
law of thermodynamics (SLT) as W = Q (1 – To/T) [Carnot, 1824], where Q is the amount of heat
supplied to the system from a thermostat at high temperature T, To is the reference environment
temperature. Eq. (1) considers only the temperature difference between the system and the environment,
and neglects any other differences, e.g. in pressure, chemical composition, etc. For typical low
temperature heat sources, the temperature difference is moderate, therefore the SLT efficiency
SLT = (1 – To/T)
(1)
is relatively small. For instance, during summer time, simple flat receivers of solar energy can be used to
obtain hot water with T = (333-373)K at the ambient temperature To = (293-303)K. The temperature
difference of 30-80K results in an SLT-value of 0.09-0.214. Despite such a low efficiency, implication of
even a little part of the enormous environment heat, to heat/cold production could terrifically change the
structure of modern energy sector and decrease dependence of the human society on fossil fuels.
In this communication, we consider the possibility to utilize the temperature difference between two
natural thermostats, e.g. the ambient air and a natural water reservoir, like ocean, sea, river, lake,
underground water, etc. The both natural heat sources have no commercial value and available for free. In
cold countries during winter time, this difference can reach 30oC and more, thus having a potential to
produce a work. Afterwards, this work can be used to upgrade the temperature of heat taken from the
water reservoir up to a level sufficient for heating, therefore presenting commercial value. We investigate
the potential of work production, suggest and analyze a new adsorptive cycle for transformation of low
temperature heat, driven by the temperature difference between the two natural heat reservoirs.
The main feature of this cycle is that regeneration of adsorbent is performed by dropping the vapour
pressure over adsorbent. This pressure drop is ensured by low ambient temperature, and does not need
supply of energy that has commercial value. This way of regeneration is more profitable as compared

with the common one, namely, by heating of adsorbent up to high temperature sufficient for removing the
adsorbed working fluid. Since the useful heat is deemed to be obtained by means a low ambient
temperature, the new approach is called "Heat from Cold" (HeCol). It can be interesting for countries
with cold climate, and especially for the Arctic zone.
GENERAL THERMODYNAMIC ANALYSIS
Here we perform a thermodynamic analysis of utilizing the temperature difference between two natural
thermostats to produce a work and of further using this work for upgrading temperature of one of these
thermostats up to a level suitable for heating and, thus, gaining a commercial value.
Let’s consider two natural thermostats with low (TL) and intermediate (TM) temperature levels (Fig. 1).
Due to this temperature difference, the work W = Q1 (1 – TL/TM) can be produced, where Q1 is the amount
of heat supplied to the system from a thermostat at the intermediate temperature TM. The SLT efficiency
SLT = (1 – TL/TM) is plotted on Fig. 2a as a function of TL at two TM–values discussed below (the left
branches of the graph).
Q4
TH
Heat pumping

Q1
TM

TM

Work production
TL

Q3

W = Q1(1 - TL/TM)
Q2

Figure 1. Three temperature (3T) diagram of the heat transformation.
The calculations are performed at two TM-values which correspond to natural heat sources that are typical
for cold climates during winter time:
TM = 275K = 2oC is a typical temperature of water in rivers, lakes, cold seas and oceans in winter.
These natural water basins are ready available in many cold countries as an inexhaustible and free source
of low temperature heat;
TM = 303K = 30oC is taken as a model temperature of underground water in cold countries. This
heat source is more valuable and less diffused than the first one, however, the potential of such
hydrothermal resources can be essential. Here we use it for comparison with the first case.
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Figuge 2. a - The SLT efficiency for the system of three thermostats as function of temperature T. T
= TL for the left (red) branches that correspond to the “work production” stage of Fig. 1, and T =
TH for the right (blue) branches that correspond to the “work production” stage of Fig. 1; b - The
maximal temperature of upgraded heat as a function of the lowest temperature (TL) thermostat.
The intermediate temperature TM = 2oC (, ) and 30oC (, ).

For these two realistic cases, a reasonable SLT efficiency of 0.1 can be reached at an ambient temperature
TM of 247K (-26oC) and 273K (0oC), respectively. In many regions in the world, these ambient
temperatures are typical during winter time (Fig. 3a). Moreover, the average air temperature in January on
many territories of the ex-USSR (Fig. 3b) is even less than -40oC. At TL = -40oC (233K) and -50oC
(223K), the efficiency SLT reaches 0.15 and 0.19, respectively. The work produced due to the
temperature difference (TM – TL) (the "work production" stage on Fig. 1) can be further used for
upgrading (pumping) the heat from the intermediate temperature TM up to a higher temperature level of
TH (the "heat pumping" stage on Fig. 1).

a
b
Figure 3. Average air temperature in January in the World (a), and territory of the ex-USSR (b).
Thus, this thermodynamic analysis demonstrates a possibility of utilizing the temperature difference
between two low temperature natural thermostats for upgrading temperature TM up to a level suitable for
heating. Below we consider how such a low temperature cycle can be practically realized.
A NEW ADSORPTIVE CYCLE FOR UPGRADING LOW TEMPERATURE HEAT
In the simplest 3T version, the new adsorptive cycle operates between three thermostats with the
temperatures TL, TM and TH, and consists of two isosters and two isotherms (see the ln(P) vs. (-1/T)
presentation on Fig. 4a). The condenser temperature TL corresponds to the temperature of ambient air, and
during winter time can be as low as (-10оС) - (-60оС) (Fig. 3). The thermostat at intermediate temperature
TM is also a part of the environment; it can be a water basin, like ocean, sea, river, lake, underground
water, or a soil. Its temperature may change in a wide range, commonly, between 2 and 20оС. The third
thermostat at ТH is linked with the heating circuit at consumer side.

a
b
Figure 4. P-T diagram of the isothermal (a) and non-isothermal (b) HeCoL cycles.
The initial adsorbent state (point 1 on Fig. 5) corresponds to temperature ТM and pressure of the
adsorptive vapour РL. Under these conditions, the equilibrium adsorbate content w1 = w(ТM, РL) is low
due to the low adsorptive pressure РL = Р0(ТL), where Р0(ТL) is the saturation adsorptive pressure at
temperature ТL (between -10оС and -60оС). Then, the adsorbent is isosterically (at constant uptake wL)

heated up to temperature ТH (stage 1-2). At point 2, an adsorber is connected with an evaporator
maintained at intermediate temperature ТM which generates the constant pressure РM = Р0(ТM) of
adsorptive. This pressure jump causes the vapour adsorption that leads to an increase in the equilibrium
adsorbate content up to w2 = w (ТH, РM) (point 3 on Fig. 5). The heat of adsobate evaporation Qev is
absorbed in the evaporator at T = TM and the useful adsorption heat Qads is released at constant
temperature ТH (isotherm 2-3) in the heating circuit of a consumer. Then, the adsorber is disconnected
from the evaporator and isosterically (at constant uptake wM) cooled down to the intermediate temperature
ТM (isoster 3-4). At point 4, the adsorber is again connected with the condenser maintained at temperature
ТL and pressure РL = Р0(ТL). This pressure drop results in the adsorbate desorption to restore the initial
uptake w1 = w(ТM, РL) (point 1). The heat Qdes needed for adsobate desorption is supplied to the adsorbent
at temperature ТM (isotherm 4-1). The excess of adsorbate is collected in the condenser releasing the heat
Qcon, and the cycle is closed. The work is required to pump the adsorbate from the low pressure level in
the condenser to the high pressure level in the evaporator.
We neglect this work and all sensible heats because these are small as compared with the latent heats (ad/
desorption and condensation/evaporation). Therefore, the energy balance can be written as Qdes + Qev Qads – Qcon = 0, and the first law efficiency can be formally determined as FLT = Qads / (Qdes + Qev)  0.5.
This value, however, has no practical meaning because both heats Qdes and Qev are taken at low
temperature TM from an inexhaustible natural heat reservoir for free. On the contrary, the useful heat Qads
has a commercial value as it can be used for heating.
The heat upgrading can be also performed under non-isothermal conditions as demonstrated on Fig. 4b.
The main alteration of the cycle is at the heat release stage: at point 2, the adsorber gets linked with the
evaporator maintained at TL; the heat of adsorption is released and the adsorbent temperature increases up
to Т(3') > Т2 = ТH. After that, the rest of adsorption process (3'-3) is isobaric (at P = PM) and proceeds until
the equilibrium at point 3 corresponding to (ТH, РM). This non-isothermal cycle allows supplying a
Consumer with somewhat lower quantity of heat, however, at temperature between Т(3') and ТH (Fig. 4b)
that is higher than in the isothermal cycle of Fig. 4a. The maximal heating temperature Т(3*) can be
estimated as an intersection of isoster 1-2 and the isobar P = PM, if neglect all thermal masses.
The maximal temperature level of upgraded heat can be estimated from empirical Trutoun's rule [Critoph,
1988] that gives a simple link between the boundary temperatures of a 3T adsorptive cycle as
TH = TM2/TL .
(2)
This rule was shown to be valid for many adsorbate-adsorbenr pairs promising for adsorptive heat
transformation [Aristov et al, 2008]. Eq. (2) can also be derived directly from general thermodynamic
considerations of Fig. 1, if assume that Q1 = Q4. It is reasonable for adsorptive cycles because Q1 = Qdes
and Q4 = Qads. If eq. (2) is valid, the produced temperature lift (TH – TM) = (TM - TL) (TM/TL) is larger than
the consumed temperature drop (TM - TL) that is used to drive the cycle. For instance, according to eq. (2)
and Fig. 2b at TL = 210K = -63oC the produced work is the same as at TH = 360K = +87oC (at TM = 275K
= +2oC). Even if not practical, it is interesting to mention that at TL = 100K = -173oC the produced work
is the same as at TH = 756K = +483oC (Fig. 2b).
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Figure 5. Maximal temperature TL, necessary to drive the heat pumping stage with the outlet
temperature TH = +40oC, as a function of the intermediate temperature TM.

The key stage of the new cycle is the adsorbent regeneration stage (4-1) which we suggest to perform by
dropping the vapour pressure over adsorbent from PM down to PL. The low pressure PL is ensured by the
low ambient temperature TL, and does not need supply of heat that has commercial value. The adsorbent
is maintained at the intermediate temperature TM = 2-20оС due to the heat of available natural heat source
as specified above. This way of regeneration is opposed to the common one that is by heating of
adsorbent up to temperature sufficient for desorption of adsorbate. Since the useful heat at TH, that gains
commercial value, is deemed to be obtained by means a low ambient temperature, the new approach is
called "Heat from Cold" (HeCol). Indeed, this cycle can, in principle, be realized only if the ambient
temperature TL is low enough to provide significant quantity of the adsorbate to be removed from the
adsorbent. The lower the ambient temperature TL, the lower the adsorbate pressure РL and the easier
regeneration of the adsorbent is possible at stage 4-1, hence "cold" helps to generate "heat" at the
subsequent stage 2-3 or 3'-3.
The upgraded heat has a practical application and commercial value only if its temperature potential TH is
equal to 40oC (313K) or larger. This allows the estimation of the maximal temperature TL that is
necessary to drive the heat pumping stage (Fig. 1) with TH = 313K: TL = TM2/(313K) as shown on Fig. 5.
For instance, for the most practical case of TM = 2oC = 275K, the ambient temperature TL = 242K = -31oC
or lower is necessary in order to get TH = +40oC. According to Fig. 3, this case is realistic for many
northern territories, including the northernmost Arctic zone. If underground water (or soil) with TM = 5oC,
10oC and 15oC is available as the intermediate heat source, a higher outdoor temperature of -26oC, -17oC
and -8oC, respectively, (or below) is sufficient to drive the whole cycle with TH = +40oC, although the
SLT efficiency gradually reduces (not presented).
CONCLUSIONS
In this paper, a new adsorptive heat transformation cycle is suggested. It can be interesting for countries
with cold climate, and especially for the Arctic zone. The main feature of this cycle is that regeneration of
adsorbent is performed by dropping the vapour pressure over adsorbent. This pressure drop is ensured by
low ambient temperature, and does not need supply of energy that has commercial value. This way of
regeneration is opposed to the common one that is by heating of adsorbent up to high temperature. Since
the useful heat, that gains commercial value, is obtained by means a low ambient temperature, the new
approach is called "Heat from Cold" (HeCol).
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Abstract
Adsorption heat pumps have the advantage of being environmentally friendly as both renewable and
waste heat sources can be used. Such heat pumps can be used not only in generating heating and cooling
effects but also, in storing energy for long periods which is a great advantage for seasonal energy storage
applications. Metal-Organic Frameworks (MOFs) are hybrid porous materials with high surface area and
superior adsorption characteristics compared to conventional adsorbents like zeolite and silica gel. MIL101(Cr) is a MOF material that has giant pore size (3.4 nm and 2.9 nm) with a water vapour capacity up
to 1.49 gH2O .gads-1 and high cyclic stability and thus offer the potential to be used in adsorption heat
pumps. This work investigates the enhancement of the thermal properties and the water adsorption
characteristics of MIL-101(Cr) using hydrophilic graphene oxide. Two methods have been used to
develop MIL-101(Cr)/GrO composites. The first method was through the incorporating the GrO during
the MIL-101(Cr) synthesis process while the other one was through grafting of dry MIL-101(Cr) and
GrO. The composites and the neat material MIL-101(Cr) were characterized using powder X-ray
diffraction (PXRD), the BET surface area, the water adsorption characteristic and the thermal
conductivity.
Keywords: Metal-Organic Framework, Characterization, Adsorption, Heat pump, thermal conductivity.

1. Introduction
Metal-organic frameworks (MOFs) have attracted extensive attention due to the ultrahigh surface area,
the tunable pore structures and the surface functionality. Those exceptional properties made MOFs to
have a great potential in a number of applications such as catalysis [Yoon et al, 2012], gas separations and
storage [Suh et al, 2012] and sensors [Kreno et al, 2012]. Numerous MOFs have been investigated in
adsorption heat pump application where it showed a great potential as well. Jeremias et al, 2014 coated
microporous aluminium fumarate on a metal substrate via the thermal gradient approach. The coating was
stable for 4500 adsorption/desorption cycles showing that it may be employed as a promising adsorbent
for heat transformation applications. Rezk et al, [2012, 2013] compared the performance of HKUST-1 and
MIL-100(Fe) to silica gel-RD-2060 showing that HKUST-1 outperformed silica gel with an increase of
water uptake of 93.2% while MIL-100(Fe) showed an increase of 26.8%. The authors suggested that
using those two MOFs may lead to a considerable increase in refrigerant flow rate, cooling capacity and
eventually reducing the size of the adsorption system. The MIL family was investigated by Jeremias et al,
2012 showing that the adsorption capabilities of 0.75 gH2O .gads -1 for MIL-100(Fe) and 0.5 gH2O .gads -1 for
MIL-100(Al) in addition to the small hysteresis and the very good cycle stability make both MIL-100(Al
and Fe) very suitable candidates for thermally driven heat pumps or adsorption chillers. Henninger et al,
2009 compared another MOF material, ISE-1, to silica gel and 5 types of zeolites. ISE-1 outperformed all
the 6 materials at low desorption temperature and showed a stable performance over 10 successive
adsorption/ desorption cycles making it a successful candidate for heat transformation application. A
study was later held by Henninger et al, 2012 to investigate the potential of MIL-100(Fe), MIL-100(Cr),
HKUST-1, ISE-1, Basolite C300, Basolite A100 and Basolite F300 in adsorption heat transformation
processes. It was concluded that the high hydrothermal stability of those materials (except for HKUST-1)
and as their water vapour capacity can vary with the change of the organic linker and the metal cluster
resulting in tunable properties make them a promising class of materials to be used in adsorption heat
transformation processes.
MIL-101(Cr), is one of the most investigated MOFs due to the high pore volume of 2cm3 .g-1 , the
exceptional high surface area of 4500 m2 .g-1 , the high water uptake of 1-1.43 gH2O .gads -1 (at high relative
pressure > 0.35) and the high cyclic stability [Henninger et al, 2012- Janiak et al, 2013].

The adsorption performance of MIL-101(Cr) and other MOF materials was further improved by means of
recombination with expanded natural graphite (ENG), multi-walled carbon nanotube (MWCNT), graphite
oxide (GO) and graphene oxide (GrO). The addition of expanded natural graphite (ENG) to MOF-5
[Purewal et al, 2012] lowered the hydrogen storage capacity while the addition of zeolite templated
carbon to MIL-101(Cr) showed a H2 uptake enhancement of 43% [Musyoka et al, 2015]. Kumar et al,
2013 synthesized a composite of a different MOF, ZIF-8, and graphene oxide. The BET surface area of
the composites decreased with increasing GO content. The CO2 adsorption performance of the
synthesized composites showed an enhanced behaviour up to 72wt% in the composite with 20wt%GO.
The incorporating of graphite oxide with several MOFs (MOF-5, HKUST-1 and MIL-100(Fe)) for the
adsorption of NH3 , H2 S and NO2 showed also an enhanced performance [Petit et al, 2012- Petit et al,
2009]. The CO2 and CH4 adsorption performance of HKUST-1 [Xiang et al, 2011] and MIL-53(Cr)
[Sheykhi et al, 2012] were improved through using MWCNT. An equal research on MIL-101(Cr) has
been conducted. MIL-101(Cr) has been incorporated with GrO for the adsorption of acetone showing an
increase of 44.4% compared to the neat material [Zhou et al, 2014]. Another composite of MIL-101(Cr)
but with GO showed an increase of 25–29% in the n-alkanes adsorption capacity compared to the neat
material [Sun et al, 2014]. A comparison between the water adsorption capacity of both the MIL-101(Cr)
and a composite MIL-101(Cr) and graphite oxide showed that the exceptional water uptake of 1.22
gH2O .gads -1 has even increased to reach 1.58 gH2O .gads -1 for the 6wt% GO composite[Yan et al, 2015].
However, those exceptional properties of MOFs come with the price of extremely low thermal
conductivity due to the large pore size and the high free volume. A molecular simulation study was
conducted by Zhang et al, 2013 to calculate the thermal conductivity of zeolitic imidazolate framework
(ZIF-8). It was reported that the thermal conductivity varied from 0.165 to 0.190 W/mK in the
temperature range of 300 to 1000 K. The thermal properties have been experimentally measured for
MOF-5 [Liu et al, 2012] and found to be only 0.1 W/mK at room temperature. The low thermal
conductivity was attributed to the large pore size and the high free volume. The low thermal properties
was enhanced through the use of the thermally conductive Expanded Natural Graphite (ENG), the ENG
additions of 10wt% resulted in a factor of five folds enhancement in the thermal conductivity relative to
neat MOF-5, increasing it from 0.10 to 0.56 W/mK. The low thermal conductivity limit the heat transfer
processes to quickly reach the desired operating temperature during both the adsorption and desorption
phases.
This work assesses the effect of GrO on the water adsorption characteristics and the thermal properties of
a series MIL-101(Cr)/GrO composites.

2. Experimental work
a. Materials and methods
All chemicals were of reagent-grade quality obtained from commercial sources and used without further
purification. Chromium nitrate (Cr(NO 3 )3 .9H2 O, Acros organics, 99%), Terephthalic acid (H2 BDC,
C6 H4 (CO2 H)2 , Sigma-Aldrich, 98%), Tetramethyl ammonium hydroxide TMAOH ((CH 3 )4 NOH, SigmaAldrich, 25%), Graphene oxide (Sigma-Aldrich) and absolute ethanol (Fisher scientific).
b. Synthesis of MIL-101
MIL-101(Cr) was synthesized via a hydrothermal method according to the literature [Yang et al, 2010].
c. Synthesis of MIL-101(Cr)/GrO
Composites of 2%GrO and 5% GrO were synthesized through two different routes for each
concentration; the first route was through the grafting or physical mixing of MIL-101(Cr) and graphene
oxide powder. The other route was through incorporating of graphene oxide into MIL-101(Cr) in the
synthesis process. Typically, the incorporating composites were prepared by using the same method
employed in synthesis of MIL-101(Cr).
d. Composite characterization
The composites and the neat material MIL-101(Cr) were characterized using powder X-ray diffraction
(PXRD), the BET surface area through nitrogen adsorption, the water adsorption characteristic using
Dynamic Vapour Sorption (DVS) and thermal conductivity measurement.
The powder XRD patterns were measured using a Siemens D5005 Diffractometer with Cu Kα radiation
(1.5418 Å). The samples were scanned from 3 to 30° 2θ with a step size of 0.02°. The N 2 adsorption
isotherm at 77 K was used to measure the BET surface area [Brunauer et al, 1938] using a Quantachrome

NOVA surface area analyser. The dynamic vapour sorption (DVS) gravimetric analyser (Advantage
DVS, Surface Measurement Systems, UK) was used to study the water adsorption characteristics. The
thermal diffusivity was measured using NETZSCH-LFA 427 at a temperature range of 303K to 473K.
The samples were evacuated at 453K under vacuum for 6 hours, pressed under a pressure of 20MPa to
give pellets with an average diameter of 12.9 mm and 1.6 mm average thickness. The produced pellets
were coated with graphite to improve the light absorption. The specific thermal capacity was measured
using METTLER TOLEDO DSC2 at the same temperature range.

3. Results and discussion
a. The powder XRD
The powder X-ray diffraction (XRD) patterns of the GrO, MIL-101(Cr), the physical mixtures of 2%GrO
and 5%GrO composites and finally the incorporated composites are all shown in Fig. 1. It can be noticed
that most of the peaks of MIL-101(Cr) were preserved in all of composites as MIL-101(Cr) is the major
component of the composites. That shows that the presence of the GrO did not prevent the formation of
the MIL-101(Cr) crystals. A notable decrease in the intensity of the peaks for the composite especially for
the physical mixture was observed which was due to that the MIL-101 crystals were sheltered by GrO
[Zhou et al, 2014] or due to the partial distortion of the MIL-101(Cr) structure owing to the additional
constraints of GrO towards the growth of the crystal during the synthesis process for the incorporating
composites [Sun et al, 2014]. The GrO is amorphous as only one visible peak at 11° which did not appear
in any of the composites patterns. A similar behaviour was previously observed and was attributed to the
well dispersion of GrO [Petit et al, 2012] or to the low content of GrO used [Petit et al, 2011].

Fig.1 XRD patterns of Neat MIL-101(Cr), 2%GrO_synthesis, 2%GrO_physical,
5%GrO_synthesis, 5% GrO_physical and GrO.
b.

Water adsorption characteristics

Fig.2(a) shows the water adsorption isotherms of the neat material and the synthesized composites. As it
can be observed, both the physical mixtures (2%GrO_physical and 5%GrO_physical) have a remarkable
lower water vapour uptake than the neat material. This can be attributed to the low water vapour uptake of
GrO. All the composites and MIL-101(Cr) exhibited type IV isotherms. At low relative pressure (≤0.4),
the adsorption is mainly due to the presence of unsaturated metal centres (UMCs). These UMCs are metal
binding sites formed after the removal of axial ligands from metal atoms attracting water molecules and
offering extra binding sites to the guest molecules, especially at low pressure values. Nevertheless, the
limited water uptake is related to the dominant effect of the hydrophobicity of the organic linker. At
higher relative pressure (0.4-0.5), a steep increase in the water uptake took place due to the capillary
condensation which usually takes place in mesoporous materials. Because of this phenomenon, most
adsorption isotherms of large pores materials are accompanied with a hysteresis loop between the
adsorption and desorption branches [Canivet et al, 2014 and Furukawa et al, 2014]. At high relative
pressure (≥0.5), the pores are almost filled exhibiting a stable uptake for the neat material and the two
physical mixture composites. On the other hand, the two synthesising composites (2%GrO_synthesis and
5%GrO_synthesis) did show an increased uptake in the high relative pressure range, which suggest that
the oxygen functionalities of GrO (hydroxyl, carboxyl, epoxy) are able to coordinate to the metallic
centres of the MOFs and hence new micropores were created at the interface of the structure and the
graphene layers. The 2%GrO_synthesis composite showed a maximum water uptake of 1.56 gH2O.gads -1
while the 5%GrO_synthesis composite showed 1.47 gH2O .gads -1 . It can be concluded that the GrO content
of 2wt% in both the physical and the synthesis composites is considered as an optimum concentration as
increasing or decreasing the GrO would adversely affect the water uptake. This may be attributed to that

Water vapour uptake (gH2O.gads -1)

Water vapour uptake (gH2O.gads -1)

the GrO is non-porous material, and thus it will lower the surface area and pore volume of the composites
if more GrO was used. As a result, it could not further improve the water vapour capacity of a composite
[Yan et al, 2015].
Another explanation could be adopted from a previous study done on the incorporation of GO on MIL100(Fe) [Petit et al, 2011]. That with the spherical shape of the pores of MIL-101(Cr), the graphene
layers have more than two ways of coordination to the MOF units. Due to these various possibilities of
attachment, the graphene layers prevented the proper building of the MIL-101(Cr) crystals by blocking
the assembly of several cages into a zeolite-like network.
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Fig.2 (a) Water adsorption isotherms of Neat MIL-101(Cr), 2%GrO_synthesis, 2%GrO_physical,
5%GrO_synthesis, 5% GrO_physical and GrO at 298K.
(b) Water adsorption/desorption isotherms of Neat MIL-101(Cr), 2%GrO_synthesis and
5%GrO_synthesis at 298K.
At a very low GrO content, the probability to have two or more carbon layers linked to the MIL cages is
reduced. Not only that but increasing the GrO content caused a partial distortion of the structure which
may narrow the pore size of MIL-101(Cr) [Musyoka et al, 2015].
The effect of incorporating GrO on an adsorption cycle performance can be more understood using a
comparison between the 2%GrO_synthesis and the parent MIL-101(Cr). For an adsorption system
working at an adsorption and a condenser temperature of 298K, an evaporation temperature of 293K and
a desorption temperature of only 343K, the water loading difference in case of the parent material is 1.36
gH2O .gads -1 while it is 1.33 gH2O .gads -1 in case of the composite. This show that introducing the GrO kept the
same high water adsorption characteristics at that temperature range. At higher evaporation temperatures,
the 2%GrO_synthesis composite is expected to outperform the neat material.
c. Nitrogen adsorption isotherms and BET surface area
The N2 adsorption isotherms at 77K showed that the neat material had a BET surface area of 3460 m2 /g,
the 2%GrO_synthesis had 3674 m2 /g, the 2%GrO_physical had 2077 m2 /g, the 5%GrO_synthesis had
2810 m2 /g and the 5%GrO_physical had 2680 m2 /g. The highest surface area was for the
2%GrO_synthesis composite which is 6% higher than the neat MIL-101(Cr). This supports the suggestion
that the low content of GrO created new pores and hence increases the surface area.
d. Thermal conductivity
As mentioned before, one of the main drawbacks of MOFs in general and MIL-101(Cr) in particular is
the poor thermal conductivity which is due to the large pore size and high free volumes. Such property is
crucial in adsorption and desorption processes. Till now, the thermal properties have been experimentally
measured for only one MOF material which is MOF-5 [Liu et al, 2012].
In this work, the measured thermal conductivity of the parent MIL-101(Cr) was found to be even lower
than that of MOF-5 which is due to the higher free volume. Fig. 4 shows the thermal conductivity of the
material as a function of temperature. It can be noticed that the thermal conductivity of MIL-101(Cr)
was 0.05 W/mK at 303K and increased linearly to reach 0.105 at 473K. In case of the 2%GrO_synthesis
the thermal conductivity was enhanced up to 58% and 26% in case of the 2%GrO_physical composite.
Increasing the GrO content to 5wt% in the physical mixing composite, increased the thermal conductivity
to 2.5 folds to reach 0.126 at 303K and 0.243 W/mK at 303K.
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Fig. 4 Thermal conductivity of Neat MIL-101(Cr) and MIL/GrO composites.
Conclusion
MIL-101(Cr) has been one of the most investigated MOFs due to its exceptional properties. Nevertheless,
as most of the porous materials, it suffers from poor thermal conductivity. The effect of incorporating the
high density hydrophilic graphene oxide on the thermal conductivity and the water adsorption
characteristics has been investigated. It was found that the composites produced from the grafting route
gave a lower water uptake due to the low porosity of the GrO. The 2wt%GrO_synthesis composite
showed a similar water uptake at the low relative range and outperformed the neat material at high
relative pressure. The 5wt%GrO_synthesis composite showed a lower water uptake due to the partial
distortion of the crystal structure.
Regarding the thermal conductivity, all the samples outperformed the parent material as the thermal
conductivity increased up to 58-26% in case of the 2wt%GrO composites and almost 2.5 folds in case of
the 5wt%GrO_physical composite. For 2wt%GrO_synthesis composite, introducing GrO to the neat
MIL-101(Cr) has not adversely affect the water adsorption characteristics but enhanced the heat transfer
properties. This shows that a more efficient adsorption system can be designed as the thermal
conductivity of the adsorbent material is a crucial parameter in the adsorption/desorption processes.
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Abstract: Ejector chillers may represent a competitor for absorption chillers, as soon as their cost per
unit cooling power becomes equal or lower. This target is not far from our present achievements. Input
energy being waste or renewable heat and system cost being mainly due to heat exchangers, a cost
reduction implies an increase of COP. This latter may be improved by a careful design of the ejector,
which requires a deep insight into the thermodynamics and fluid-dynamics of its complex operation.
The tools and the knowledge for an advanced design are already available and the improvement
potential is significant.
Keywords: ejectors
1 Introduction
Supersonic ejectors are compression devices without moving parts, where a motive (“primary”) flow
exchanges momentum and mixes with an entrained (“secondary”) flow. Ejectors can be used for a wide
range of purposes, i.e. aeronautic propulsion, seawater desalination, suction of non-condensable gases in
steam plants and compression of working fluid in refrigeration systems. This latter application, probably
the most demanding in terms of efficiency, is our research topic. Obviously, any improvement in ejector
efficiency would benefit the other ejector markets as well.
1.1 Thermodynamics
Any heat powered refrigeration system must comply with the efficiency limit given by a fully reversible
combination of heat engine and refrigerator. For example, given a hot source at TG = 80°C, a cold source
at TE = 5°C and a heat sink at TC = 35°C, the ideal heat engine would have an efficiency of 0.127 and the
ideal refrigerator a COP of 9.27, yielding a combined COPmax = 1.18. Clearly, such a modest
performance is due to the low temperature of the hot source that impairs the efficiency of the engine
cycle. Therefore, any comparison between heat and electrically powered refrigerators is impossible.
Similarly, comparing the COP of heat powered refrigeration systems with different temperature levels of
the heat sources may be misleading. A Second Law efficiency, i.e. the ratio between the measured COP
and that of a fully reversible cycle in the same working conditions, should always be used in order to
correctly evaluate the real efficiency and the improvement potential of any thermal system.
When the heat powered refrigerator uses a phase-changing fluid, on the left hand side of the motive and
refrigeration cycles the working fluid is liquid or low quality two-phase mixture. This makes energy
recovery on the left side of the refrigeration cycle unpractical and, in most cases, scarcely productive.
Hence, the work that could be produced on expansion is dissipated on a valve, as in most refrigeration
systems. On the other hand, the engine cycle has a very low work input on the left side, where a pump
brings back the fluid from the ambient to hot source temperature.
Probably the ejector chiller is the simplest possible scheme of heat powered refrigerator (Fig. 1a). The
ejector chiller cycle is shaped as shown in Fig. 1b (referred to water as the working fluid), and its
*
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efficiency may be calculated as follows:
COP =

Qf
Qin + W pump

=ω

hE − h A
hG − h A

[1]

where Qf is the cooling power, Qm is the motive heat power and Wpump is the generator feed pump power.

a)

b)
Figure 1 – Ejector chiller scheme (a) and thermodynamic cycle (b) for water

The last part of Eq. 1 contains the entrainment ratio ω = m& s / m& p between secondary and primary mass
flow rates and a further ratio between the enthalpy differences experienced by the fluid at the evaporator

(hE − hA ) and at generator plus pump (hG − hA ) .
This ratio depends on the fluid and operating conditions. Therefore, the global performance for fixed
fluid and conditions depend on the ejector entrainment ratio. This latter may be evaluated from an
energy balance on the ejector and turns out to be:

ω=

hG − hC
hC − hE

[2]

i.e. the ratio between motive (hG − hC ) and compression (hG − hE ) enthalpy differences. Reduced
ejector losses decrease the enthalpy at condenser entrance hC, increasing numerator and decreasing
denominator in Eq. 2.
A simple calculation for an ejector cycle including the iso-enthalpic valve as the sole irreversibility gives
the results shown in Fig. 2. Again, water is the working fluid. The trends are rather obvious:
performance increases with the hot and cold source temperature and decreases with the ambient
temperature. The Second Law efficiency, i.e. the ratio between cycle COP and Carnot (fully reversible)
cycle COP, is close to unity, showing that the throttling loss is scarcely harmful in the case of water.
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Fig. 2 – Performance of an ideal ejector cycle
1.2 Fluid selection
In the past, the motive fluid in all ejectors was invariably steam, whatever the entrained flow.
Refrigeration systems use the same fluid as motive and entrained flow. The working fluid may be a
refrigerant, as far as its properties allow a convenient operation at the hot source temperature and pose
no environmental or safety problem.
Our experimental work with R245fa proves (Mazzelli and Milazzo, 2015) that this fluid gives good
results. However its GWP = 950 do not comply with F-gas regulations. Therefore, a low GWP substitute
should be used, e.g. R1233zd. This fluid has very low GWP, negligible ODP and is non flammable.
Preliminary results (Milazzo and Rocchetti, 2015) indicate that the behaviour of this fluid would be
similar, so that it could basically be a “drop in” replacement for R245fa. A likely drawback of this and
other newly formulated fluids is the high cost and questionable availability.
A favourable feature of both R245fa and R1233zd is their dry expansion, which makes the ejector
simulation much easier. On the contrary, wet expanding fluid condense along the expansion. Hence a
more refined treatment of the flow is necessary in order to correctly design the ejector and predict its
performance.
This is particularly true for steam, which has a very high latent heat. Therefore, even small quantities of
condensed water will completely change the thermodynamic state of the expanding fluid. Neglecting
this point (e.g. using a ideal gas equation of state) yields physically inconsistent results (Grazzini et al.
2011). On the other hand, the high latent heat of water allows to use less fluid per unit cooling power.
The very high critical point is another key feature, as it reduces the extent of the throttling loss.
According to the results published by Ma et al. (2010), the second law efficiency of a steam ejector
could reach 0.25. The low cost and absolute environmental safety of water allows a relative freedom in
the system design, offering significant potential for optimization and adaptation to specific needs. For

example, in an industrial plant with various cooling loads at different locations, the steam generator
could be centralized near the heat source (e.g. internal combustion engine or gas turbine) and the steam
be distributed to several chillers, each one comprising only an ejector, an evaporator and a condenser.
This configuration would be much simpler than a series of steam-powered absorption chillers.
Icing may be a problem in a steam ejector chiller, but it may also turn out to be an opportunity. As shown
by Eames et al. (2013), an ice storage may be easily integrated in an ejector chiller in order to decouple
the ejector from the cooling load oscillations.
Last but not least, water features a high liquid density and a low saturation pressure at common
generator temperatures, allowing to feed the generator by gravity, as long as the condenser is placed at
sufficient height with respect to the generator level (Grazzini, D’Albero, 1998). This would eliminate
the sole moving part in the circuit and allow its complete sealing. Alternatively, the pump could be
substituted by an injector, i.e. a jet device using a small amount of steam to pump the liquid back to the
generator. This approach was very common on old steam engines and should consume a small amount of
steam. The injector would be a simple, robust and economic device, having no moving parts and
guaranteeing the circuit sealing.

2 Method
2.1 Fluid dynamics
As above shown, once the fluid and the operating temperatures are fixed, the ejector chiller COP is a
function of the ejector entrainment ratio. Therefore, even if a careful design of the heat exchangers is
fundamental, the most relevant effort in any ejector chiller project is the improvement of the entrainment
ratio. The other performance parameter is the compression ratio, that qualifies the ejector chiller in terms
of robustness against hot climates.
A first attempt to improve the methods normally employed in ejector design was the CRMC criterion
(Eames, 2002). For the first time, the length of the ejector was an explicit design parameter, instead of
being empirically fixed as a multiple of mixing chamber diameter.
A good understanding of the mixing process could be a further step. The ejector may be seen as a
momentum exchanger between the fast stream produced by the primary nozzle and the slow stream
coming from the evaporator (Fig. 3). The dynamic interaction between these streams is the most brilliant
feature of ejectors, as it eliminates any moving part. On the other hand, this process is inherently
irreversible and causes a substantial portion of the energy loss occurring within the whole ejector.

Fig. 3 – Scheme of the mixing process

In a recent work (Grazzini et al., 2016), we have applied some previous results by Papamoschou (1993,
1996) that yield the spreading rate of the mixing layer and the maximum shear stress between the two
streams. In this way we have built a simple model of the mixing layer which has been validated against
CFD results and used a design tool. A significant result was the convenience of enlarging the contact
surface between the streams. For example, by splitting the primary flow rate among 4 nozzles the
entrainment ratio would increase by 28%.
Elsewhere in this conference (Mazzelli and Milazzo, 2016), we present some results from CFD
simulations. Two important lessons learned from the CFD experience accumulated in these years are:
- the inner surface of the ejector should have a very smooth finish, in order to retard the sonic
transition and hence increase the critical condenser pressure;
- the heat exchange, always neglected in ejector analysis, does have a moderate effect on the
system behaviour and should be taken in account.
The thermodynamic and fluid-dynamic simulations should form an integrated toolset in order to
produce an optimized ejector design by a trial-and-error process, preliminary to any prototype testing.

2.2 Experimental activity
Other significant lessons have been learned from the experimental activity performed in our lab and at
Frigel S.p.a., an Italian Company that has teamed with our research group in the development of ejector
chillers for industrial use.

Condenser
Ejector

Pump

Evaporator

Fig. 4 – Detail of the prototype seen from the top

For example, a vertical layout of the chiller, with condenser on top and generator at the bottom, may be
useful in order to guarantee a smooth operation of the feed pump, which could otherwise suffer from
cavitation. The prototype has also shown the efficient and stable operation of an ejector designed
according to CRMC criterion.

3. Results and discussion
According to experimental results collected on the Frigel test bench and already published (Mazzelli and
Milazzo, 2015), an ejector working with R245fa and featuring a saturation temperature at generator of
90°C reaches the following performance:
- at 5°C saturation temperature at evaporator: COP above 0.4, entrainment ratio 0.5, Second Law
efficiency 0.2 and critical condenser temperature around 28°C
- at 10°C °C saturation temperature at evaporator: COP above 0.5, entrainment ratio 0.7, Second
Law efficiency 0.22 and critical condenser temperature around 29.5°C.
According to CFD simulations, if the ejector surface roughness were reduced from the present 20 µm to
2 µm, the critical temperature could be raised by approximately one degree.
Further CFD simulations have shown that the same ejector working with R1233zd would have the same
performance at equal boundary conditions in terms of pressures. As the saturation curve of R1233zd is
slightly below that of R245fa, a moderate adjustment of the temperatures is necessary in order to have
equal pressures. Otherwise, the ejector operating on the same temperature levels would feature a slightly
higher COP and a slightly lower critical condenser temperature.
As shown in Fig. 5, roughly half of the prototype cost was made up by the heat exchangers. Another
significant share was held by the pump, which features a magnetic transmission, an electronic speed
control and a multistage centrifugal design. The fluid cost is also quite significant.
Obviously, specifically designed components would decrease their cost if they were mass produced. On
the contrary, heat exchangers and other minor components are already off-the-shelf products, and their
size and cost may be reduced only by improving the system COP (i.e. reducing the heat input at
generator and heat output at the condenser). In order to bring the system cost at 400 €/kWf, the COP
should reach 0.6. Meanwhile, the limit condenser temperature should be significantly increased.
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Fig. 5 – Costs of the main prototype components
Our next research step involves the complete rebuilding of the steam ejector prototype in our lab,

currently in the design stage. In order to have reliable design tools, two-phase flow must be carefully
modeled, accounting for condensation delay and other complex phenomena. This makes the CFD
analysis and the optimization process more difficult and time consuming.
However, with respect to R245fa, steam eliminates the fluid cost. Furthermore, the pump will be
substituted by an injector, which is quite easy to manufacture.

4. Conclusion
Present experimental results show that a relatively moderate improvement in the performance of ejector
chillers would give us a heat powered refrigeration system with low cost, robust operation and absolute
environmental safety. This could increase the market share of heat powered refrigeration systems.
The choice between steam and synthetic working fluids is open. Most likely, steam should be preferred
in the industrial environment, where fluid quantities are huge and fluid cost and safety is a major
concern. Synthetic fluids could be an option for small systems powered by low temperature heat sources,
e.g. for solar cooling of small buildings.
Detailed analysis and synthesis of design tools for a supersonic steam ejector with condensation and
momentum exchange within a two-phase flow may be a good test-bench for further applications, e.g.
two phase ejectors for expansion work recovery in vapor compression cycles.
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Abstract
Current development of ammonia-carbon gas fired heat pumps at Warwick uses shell and tube adsorption
generators with over 1000 water tubes of 1.2 mm diameter on a 3 mm pitch. This geometry is not
optimised and a dynamic simulation program has been written to determine how far from optimal the
design is and also whether alternative designs offer advantages. Results presented show that the shell and
tube is close to optimal for its type but that finned tube designs might offer improvements.
Introduction
Previous research at the University of Warwick has utilised shell and tube adsorption generators in which
water in 1.2 mm diameter tubes heats or cools granular carbon adsorbent surrounding the tubes which are
on a 3 mm triangular pitch (Critoph and Metcalf, 2011).

Figure 1: Shell and (micro) tube sorption generator
The dimensions are thought to be reasonable values but are not optimised. Optimisation of materials or
components for adsorption heat pumps is a complex task. For example, improving sorbent conductivity
can reduce capital costs and physical size but reduce energy efficiency due to increased thermal mass.
Enhancing conductivity of the adsorbent to an extreme level can result in either the water (tube side) heat
transfer or tube-adsorbent thermal resistance becoming critical. Also, whatever the physical design of a
machine there is a trade off of achievable power against efficiency that requires sophisticated control to
minimise energy use whilst maintaining required comfort levels.
Two Matlab simulation models have been written to explore how varying dimensions, control parameters
and adsorbent thermal properties affect the Coefficient of Performance (COP) and power output under
specified conditions.
One model keeps the simple shell and tube geometry. This is a costly design to manufacture but has been
proved with comparatively low conductivity carbon and high contact resistance. There are possibilities
for improving the bulk conductivity of the carbon from around 0.1 W/(mK) to 0.3 W/(mK) using organic
binders or as high as 1.0 W/(mK) using a matrix of expanded natural graphite, but the latter increases

thermal mass. The 2-D model simulates the heat transfer from water in a single tube to its surrounding
unit cell of carbon throughout several thermodynamic cycles until the dynamics stabilise and the heating
power per unit volume and COP are calculated. The input parameters are the carbon bulk conductivity,
specific heat, density and contact resistance, plus the water tube diameter, wall thickness and pitch.
The second model includes the effects of adding aluminium fins to the tubes. This introduces another two
variables: the fin thickness and pitch. With so many parameters there is of course no ‘best’ design and the
optimum for highest power per unit volume is not the same as that for highest COP, but the trends can be
explored and useful designs evaluated.
In order to avoid complicating the modelling task and optimisation a simple two bed cycle with heat
recovery and no mass recovery was used. The only two control parameters were time for external
heating/cooling to a constant temperature source/sink and the time for heat recovery.
Simulation model of shell and tube designs
The program is written as a two dimensional finite difference model in Matlab™. The unit cell is a
cylindrical section as shown in Figure 2. The true outer surface in a shell and tube configuration would be
a hexagonal adiabatic boundary but the approximation is made to a cylindrical boundary of the same
contained volume.

Figure 2: Shell and tube unit cell
The lengthwise cell is split into nl axial sections allowing the modelling of thermal waves if required and
the carbon is split into nc equal radial sections. In the results presented, nc = 3 has proved adequate when
compared with finer subdivisions. The pressurised water used to heat or cool and steel have only one
radial element, but the water can be subdivided into multiple numbers of axial elements if the mass flow
rate specified is so high that an element of water could flow past more than one axial element of steel in
one time step.
The carbons modelled are characterised by equation 1 from Tamainot-Telto et al:
n




T
x  x 0 exp   K 
 1 

 Tsat  


kg/kg [1]

where x0 is the limiting concentration, n is a constant, K is a constant, Tsat is the saturation temperature of
the adsorbate at the system pressure (K) and T is the temperature (K).
Adsorbents modelled include Chemviron 208C coconut shell carbon converted into a monolithic carbon
using a lignin based binder and using a silane binder and mixtures of 208C and Expanded Natural
Graphite (ENG) from Mersen. Their properties are given in Table 1.
Water-side heat transfer is laminar flow with a Nusselt number approximated to 4 and all other heat
transfer is via conduction with the ability to include a steel-carbon resistance modelled by a thin layer of
ammonia gas if required.

Table 1: Adsorbent properties
ADSORBENT

Density
(kg m-3)

Specific heat
(J kg-1 K-1)

Conductivity
(W m-1 K-1)

x0

n

K

Granular 208C

650

175+2.245*T(K)

0.1

0.2775

5.445

1.46

791

175+2.245*T(K)

0.32

0.2775

5.445

1.46

704

175+2.245*T(K)

0.26

0.2344

4.453

1.318

750

175+2.245*T(K)

0.6

0.3629

3.6571

0.9

770

175+2.245*T(K)

1.03

0.2775*0.75

5.445

1.46

1025

175+2.245*T(K)

1.65

0.2775*0.5

5.445

1.46

208C + lignin
binder
208C + silane
binder
208C
grains monolith
75 % 208C +
25% ENG
50 % 208C +
50% ENG

The specific heat of the carbon is calculated as a function of temperature and as the specific heats of the
carbon and graphite are very similar, the same temperature dependent equation was used when simulating
ENG + carbon composites.
Typically a time step of 0.02 seconds was adequate to ensure that the solutions had converged and 3 full
cycles were simulated to ensure that periodicity had been achieved. A range of equal heating and cooling
times were modelled in combination with a range of heat recovery times so that an envelope of COPs and
Specific Heating Powers (SHP, mean heat output in W / unit volume of generator) could be obtained.
Within the program, during the nominal isosteric heating and cooling the pressure at a new time step was
derived iteratively with the constraint that the total mass of adsorbate within the generator was constant
and during evaporation and condensation the pressure was maintained constant and mass change
calculated.
Simulation model of finned tube designs
Whilst the shell and tube designs have been demonstrated and in principle have some advantages, the
difficulty of manufacturing them at reasonable cost has prompted a re-examination of other geometries,
including the use of aluminium fins on tubes within a shell, thereby reducing the number of tubes. In this
work the unit cell has been modelled as in Figure 3.

Figure 3: Finned tube unit cell
In order to keep the simulation stable whilst the heat transfer in the metallic segments was modelled
whilst keeping the total computation time reasonable, at a time step roughly 0.05 times that of the carbon
was used for all the metallic elements.

Shell and tube results
In this and all other simulations the cooling phase assumes an inlet water temperature of 50C, heating
water inlet at 170C, evaporating at 5C and condensing at 50C in order to compare designs. Figure 4
illustrates results for one particular carbon (208C + lignin binder) with 1.2mm tube outside diameter and
3mm tube pitch, as per the current design. It shows how for a range of heating/cooling and heat recovery
times the combinations of COP and SCP vary. These form an envelope that characterise the best that can
be obtained from a particular design, purely by varying control parameters.
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Figure 4: COP v. SCP for sample adsorbent, tube and pitch diameters
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Figure 5: COP v. SCP for all adsorbents, tube and pitch diameters 1.2mm and 3mm respectively
Figure 5 takes similar envelopes for all the materials evaluated and compares then for a typical pitch of
3mm and diameter of 1.2mm. It shows trends similar to other cases studied that the 208C + lignin carbon
seems to be preferable in all cases. This then allows comparison of different pitches and diameters with
this material in Figure 6. It can be seen that the present design is not far away from the optimum for a
shell and tube design which would feature tube a diameter of 1.2mm and a pitch somewhere between 2.5
and 4mm.
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Figure 6: COP v. SCP for 208C + lignin carbon with a 1.2mm OD tube and a range of tube pitch
Given that present designs are not far from the optimum for a shell and tube design and that they all
present challenges in reliable cost effective manufacture, the finned tube is worth exploring.
Finned tube results
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All of the simulations presented are with the 208C +lignin carbon. One early trend observed was that as
tube diameters and pitches grew (desirable in terms of manufacturing) the water side heat transfer became
limiting and the largest thermal resistance was between water and steel. Since techniques to improve
surface area and/or heat transfer coefficient exist, the model simply augmented the W/K of a length of
tube by a factor of 10 in order to see what the potential is on the adsorbent side. This is illustrated in
Figure 7 which shows how COP and SHP vary with cycle times for both augmented and unaugmented
water side heat transfer (hw).
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Figure 7: COP and SCP for 208C + lignin carbon with a range of control times with low and high
water side heat transfer

Figure 8 brings together result envelopes for series of tube pitches at one tube outside diameter (3mm).
3mm is not an optimum but a starting point. It can be seen that it is feasible to obtain reasonable COPs
and SHPs at pitches as high as 16mm, resulting in a tube count reduction of nearly 30:1. Other tube
diameters still need to be simulated.
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Figure 8: COP and SCP for 208C + lignin carbon with a range of control times with high water side
heat transfer, 3mm OD tubing and a range of pitches
Conclusions
1. Existing designs (materials and dimensions) are close to the optimum for a shell and tube generator
and have inherent cost and reliability challenges.
2. It is possible that finned tube designs could be significantly lower cost in production and offer
equivalent performance.
Further work will be done to establish a preferred fin and tube design and then to test it in a large
temperature jump apparatus before attempting to build a full sized generator for evaluation in a kW scale
machine.
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ABSTRACT
The paper presents design and preliminary testing results of a Free Piston Stirling Engine (FPSE)
prototype operating at low temperature heat sources. The main focus of this work is to demonstrate the
construction of the displacer using flexure bellows as a mechanical supporting spring and as a working
fluid seal. The power piston, on the other hand, is made of a planar elastomer material in the shape of a
disk with a suitable mechanical elasticity, rigidity, and thermal properties to support the range of
operating temperatures. A small prototype of the FPSE was built and tested at operating temperature of
under 200 oC. The measured operating frequency was 15 Hz, a reciprocating stroke of 8mm and operating
pressure close to atmospheric pressure. The prototype was equipped with instruments to measure all the
operating parameters. The power output was measured from the p-v diagram using a two-channel
oscilloscope. The preliminary results demonstrated the operation concept and reliable start up, but further
improvements will be needed to fine tune the reciprocating components and reduce mechanical friction.
KEYWORDS
Free piston Stirling engine, metal bellow, and diaphragm
1 INTRODUCTION
Energy is one of the key challenging issues that both industrialized and developing nations will have to
face in the future to sustain the economic development and social wellbeing for their population.
According to World Bank estimates, around 1.6 billion people worldwide do not have access to electricity;
due to limited power grid infrastructure extension into rural areas where most of the population in
developing countries lives. Rural electrification helps to improve living conditions and reduce health
problems born from burning primitive fuels in inadequate appliances. In many instances, however,
existing electricity grids in developing countries are either not extended to remote rural areas and/or
cannot supply enough electrical power to guarantee stable operation of the grid due to high investment
and maintenances costs [1]. This is most acutely demonstrated in sub-sahara africa and some parts of
south asia where access to electricty is as low as 10% and 13% respectively [2]. Adoption of off-grid
sustainable power generators is one of critical technologies with many applications including crops
irrigation, medicine preservation through cooling, lighting, etc. to enhance people lives in isolate rural
regions of the developing countries and limit migration into big cities.
The focus in this work is to develop a cheap free piston Stirling engine that can be power by solar energy
and afforded by small farmers in developing countries for water irrigation applications to increase
agricultural productivity to meet food needs of a growing population.
A Stirling Engine is an external combustion heat engine that can operate on virtually any source of heat to
produce shaft power provided a sufficiently temperature difference exists between the he heat source and
heat sink. Mechanically, the engine is simple with few moving components. The development of Stirling
engines have been dampened by the success of internal combustion engines which have superior specific
power output, reliability and lower in manufacturing cost.
2 MECHNAICAL DESIGN AND CONFIGUATION
A simplified mechanical layout of the Free Piston Stirling engine is shown in Figure 1. It consists
particularly of an integrated displacer-bellows assembly housed in the cylinder and separates the heat

sources and the heat sink. The displacer-bellows assembly is hollow and light structure that forms a
suspended mass-spring oscillating components with no friction with the cylinder. The narrow passage
between the displacer and cylinder allows air flow between the hot side and cold side while the bellows
convolutions (extended surface area) form the regenerator.
The working space of the engine is sealed by a power piston in the form of a flexible material flat disk
(diaphragm) of suitable hardness grade and which acts as the power piston. The flexible power piston
forms a second resonating assembly with the shaft load. A small pressure gradient across the displacer
exerts a force that sustains the displacer oscillation and hence the shuttling of the working fluid between
the hot and cold end which in turn generates a pressure change in the engine and drives the diaphragm
power piston.

Figure 1: Mechanical arrangement of FPSE
One design issue that needs to be overcome is the life span of the oscillating components – bellows and
diaphragm. There is considerable progress in materials technology that makes it possible to operate
flexible structures for large number of cycles before failure.
In a Stirling engine heat is supplied externally and transferred to the working fluid in the enclosed space
through the heater head wall. Using a solar concentrator to focus direct solar rays onto the heater head
would supply heat at required operating temperature. Heat rejection is through a natural conviction
radiator on the cold end.
2.1 Design of the oscillating components
The displacer and diaphragm form the main oscillating mechanical parts of the engine without physical
linkage between the two. For the engine to operate successfully, the displacer and power piston have to be
tuned to operate at the design frequency. This requires considering carefully the effect of friction, working
fluid damping and the stiffness of the flexure mountings on each component.
2.1.1 Displacer
The displacer is assembled form two components, a rigid cylinder and a supporting flexible bellows. The
rigid part is composed of two rigid lightweight cylinders with different cross sectional areas. The different
in cross sectional areas between the top and bottom part of the displacer allows creating a force imbalance

and oscillation at low-pressure variation levels. The displacer-bellows assembly is mounted on a flange
which in turn is bolted to the main outer cylinder of the engine. Figure 2 shows a general outline of the
displacer.

Figure 2: The displacer assembly
In sizing the displacer parts, it was important to use off the shelve bellows and stainless steel cylinders
and of standard dimensions. However, the selection of the bellows needs to satisfy the required stroke,
oscillation frequency and dynamic stability to avoid wobbling and swerving under dynamic forces.
Among the parameters to be selected include the bellows inner and outer diameter, the number of
convolution (height), stiffness of the material and deflection [3].
The natural frequency of oscillation of the displacer-bellows assembly depends on the assembly mass and
the bellows overall stiffness. This expressed as:

[1]

Where the bellows stiffness, k, is proportional to the stiffness of one convolution and inversely
proportional to the total number of convolutions (i.e.,
) with kn : is the convolution spring rate
(N/m), nw: is the number of the convolutions.
The displacer assembly main dimensions are given in Table 1.
Table 1: The displacer data
Bellow type/material
Operating frequency
Operating pressure
OD/ID
Number of convolutions
Nominal free length
Axial stroke
Nominal stiffness rate
Life cycle
2.1.2 Power piston

Edge-welded stainless steel bellows
̴
15 Hz
atmospheric
95 / 76 mm
15
24 mm
±5 mm
10 N/mm
100,000 (axial movement)

The power piston was formed from a flat flexure diaphragm clamped at its circumference. thin diaphragm
are widely used in microelectromechanical systems (MEMS) and transducers [4]. A diaphragm power
piston offers simplicity; complete sealing of the working fluid in the engine, no friction, and long life.
Figure 3 illustrates the structure of the diaphragm where it is clamped around its circumference and free at
the centre. A rigid mass is added to the centre of the diaphragm to increase the volume swept and fine
tune the natural oscillation frequency.

Figure 3: Flexure diaphragm
The diaphragm was made of a 6 mm thick and 100 mm diameter flat rubber diaphragm. The maximum
deflection of the diaphragm occurs at its centre and is approximately proportional to the magnitude of
pressure gradient in the engine sealed space. This can be expressed as follows [5]:

[2]

Where, r and t are the diaphragm radius and thickness, E and

are diaphragm material Young’s

modulus and Poisson’s ratio, and p is applied pressure over the surface of the diaphragm.
The operating service of the diaphragm is measured by the number of oscillation it can produce before failure.
This depends strongly on the stress and strain forces applied to the diaphragm material and limiting the
maximum stress to below the material’s threshold stress will produce an infinite number of oscillations. The
maximum stress (radial and tangential) applied to the diaphragm at full deflection occur at the clamped edge
part, which is given by:

[3]
Similarly, the operating frequency of the diaphragm was approximated by the fundamental natural
frequency of oscillation of a vibrating circular plate with clamped at its edge, as follows [5]:

[4]
The effect of the surrounding working fluid and clamping arrangement however reduces the oscillating
frequency. To tune the diaphragm natural frequency, a corrective rigid mass is attached to the diaphragm at its
centre.
3 THE TEST RIG AND PRELIMINARY RESULTS

A small proof of concept prototype diaphragm Stirling engine was built and testing is ongoing. Figure 4
illustrate a photograph of the engine test rig.

Figure 4: Engine housing casing
Starting the engine for the first time proved challenging as a number of design parameters need to be set
correctly. In addition to satisfying the thermal parameters, the dynamic behaviour of the oscillating parts
must be finely tuned including overcoming frictional and viscous damping forces as well as correcting the
natural frequencies of the components. After the initial modifications, the engine self-starts reliably on
application of sufficient temperature gradient between the heat source and th e heat sink. Figure 5(a)
shows the initial attempts at starting the engine where it shows that the diaphragm oscillation decay after
a few oscillations. Eventually, the engine oscillation was sustained at a heat source temperature of about
250 oC and heat sink temperature of 40 °C. The operating frequency of the engine was measured at 15.4
Hz and a diaphragm stroke of 10 mm, as shown in Figure 5(b).

Figure 5: Diaphragm oscillation

a) decaying oscillation

b) sustained oscillation

The testing of the engine is still on-going and further recordings of compression space pressure and
volume variation are shown in Figure 6. It can be seen that the two sinusoidal waveforms are have a
phase shift angle of about 80o with pressure lagging.

Figure 6: compression space pressure and swept volume variation
The power output of the engine was evaluated from the p-v diagram recording using a digital oscilloscope
is shown in Figure 7. The pressure variation was determined using a pressure transducer and the volume
swept from an LVDT that measures the diaphragm oscillation amplitude. It was estimated that the area
enclosed by the p-v diagram amounts to a power output of about 0.10 W.

Figure 7: p-v diagram recording

4 CONCLUSION
A FPSE using a flexure bellows and elastomeric material diaphragm was designed and tested. The
preliminary results demonstrate good operation stability and self-start up operation. Further work will be
implemented to increase the power output through further tuning and enhancing heat regeneration. A load
using diaphragm type water pump will also be tested for irrigation purposes.
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ABSTRACT
This work evaluates commonly used approximations in CFD studies of supersonic ejectors. Numerical
results are compared with experimental data on mass flow rates and pressure profiles in order to assess
the validity of the usual “hydrodynamically smooth and adiabatic” surfaces assumption. It will be shown
that many custom approximations in ejector research must be reconsidered if an adequate level of
accuracy is to be found. In particular, the impact of friction losses and heat transfer at wall appears to be
determinant for the accuracy of ejector results at off-design conditions.
INTRODUCTION
With the advent of modern computational techniques, new tools for analyzing the complex physics of
supersonic ejectors have become available. However, to date these tools are still far from being
completely reliable. In particular, some authors have shown that the prediction of ER at off-design
conditions is significantly more challenging than at on-design (Mazzelli et al., 2015, Bartosiewicz et al.,
2006). Generally, this low accuracy was blamed on turbulence modeling approximations (Bartosiewicz et
al., 2005, 2006; Hemidi et al., 2009). Although this may represent a source of error, it is by no means
neither the only nor the most important cause of the discrepancy with experimental data.
In a recent paper, Mazzelli et al., 2015, performed numerical and experimental analyses to evaluate the
impact of turbulence modeling on the accuracy of ejector flow simulations. It was found that, while
differences between turbulence models were not so large (with the k–ω SST model performing slightly
better), the correct evaluation of the shear losses at the wall would impact significantly the accuracy of
the simulations.
The following study evaluates the impact of both friction losses and heat transfer across the ejector by
imposing a constant surface roughness (up to 20µm sand-grain roughness height) and temperature profile
(equal to the ambient and condenser temperatures) along the ejector walls.
Figure 1 shows the geometry of the ejector analysed in this study. This is installed on a chiller that
provides around 40kW of cooling power and is designed to operate at a generator and evaporator
temperatures of 90°C and 5-10°C, respectively. The working fluid is R245fa. More details of the plant
and of the ejector dimensions can be found in Mazzelli and Milazzo, 2015.

Figure 1: Ejector geometry analyzed in this study, the shown distances refers to the positions of the
pressure taps along the mixing chamber/diffuser wall.

NUMERICAL SETUP
CFD calculations are carried out on the commercial CFD package ANSYS Fluent v16.2, which is based
on a finite volume approach. The numerical scheme and computational domain adopted for the
computations are summarized in Figure 2.
Numerical scheme
2D axisymmetric domain
2° order accurate, density based
Structured grid, 80k elements
Wall resolved
Real thickness of the nozzle trailing edge
Real gas properties
Kω SST turbulence model

Figure 2: Numerical scheme and Mesh characteristic for the CFD simulations
Many features were considered in order to setup a reliable scheme, whose details and validation can be
found in Mazzelli and Milazzo, 2015. For all simulations, the motive and suction inlet pressures are set to
values that correspond to saturation temperatures of 89°C and 5°C respectively. Moreover, a superheating
of 1°C and 5°C is set at motive and suction inlet. The condenser pressure and wall conditions vary
depending on the case studied.
It should be noted that for historical reasons, the commonly used roughness definition in fluid dynamics
is what is called the “uniform sand-grain roughness height”, Ksg (for details see Taylor et al., 2005). This
is defined as the mean diameter of the sand grains that cover the surface. These are assumed to be
spherical, as illustrated in Figure 3.
In general, this particular roughness definition is what must be input in CFD codes (e.g., ANSYS Fluent
User’s Guide, 2015). However, the “uniform sand-grain roughness height” is a quantity that is not
measured by common profilometers. These latter usually return some average of the surface vertical
displacement, e.g., the arithmetic average height, Ka, or the root mean square height, Krms. Consequently,
some conversion factors are necessary to compare experimentally measured roughness heights with
values employed for numerical simulations.
Unfortunately, there is no exact conversion factor to transform a measured average roughness (arithmetic
or root mean square) into an equivalent value of uniform sand-grain roughness. A recent work from
Adams et al., 2012, estimated theoretically the conversion factors and found that these may be calculated
by considering Ksg ~ 3 Krms (also found by Zagarola and Smits, 1998) and Ksg ~ 5.9 Ka. By comparison
with experimental data they showed that conversion factors are subject to large uncertainty and should
always be regarded as indicative values. Nevertheless, they concluded that using the conversion factor is
always a better approximation than to use none.

Figure 3: Sand Grain Roughness Height corresponds to the diameter of the sphere representing the
sand grain (from ANSYS Fluent User’s Guide, 2015)

RESULTS
Figure 4 shows the trend of Entrainment Ratio (i.e., the ratio of secondary to primary mass flow rate)
plotted against the condenser temperature. The experimental uncertainties are calculated following a
procedure described by Mazzelli and Milazzo, 2015. All at once, this chart shows the importance of the
correct evaluation of the momentum and heat transfer at the ejector walls. In observing Figure 4, the
attention should be focused on the curve representing the numerical scheme with smooth and adiabatic
walls (the fuchsia curve). This is the setup that is commonly adopted by most of the studies in ejector
research. Notably, while this scheme correctly reproduces the ER results for the critical regime, the same
model is far from being accurate at off-design conditions.
By simply introducing a small amount of wall roughness, the results for the ER curve change
dramatically. In particular, the gold and light-blue curves correspond to sand-grain roughness heights of
10μm and 20μm. Clearly, as the condenser pressure increases, higher values of friction cause the critical
point to appear in advance. This result is indeed expected, as greater friction translates into larger
amounts of total pressure losses, thus reducing the capability of the flow to withstand high values of back
pressure.
The green and purple curve in Figure 4 represent two numerical schemes with 20μm roughness height
and two values of constant wall temperatures. These are set equal to the condenser and ambient
temperature correspondingly (for this last it was considered Tamb = Tcond - 5°C). Whereas imposing a
constant temperature along the external wall is clearly a simplification, nonetheless, some interesting
aspects can be understood by this approximate analysis. In particular, the lower the wall temperature, the
higher becomes the critical pressure. Hence, a net heat loss toward the ambient produces a positive effect
in terms of flow stability.
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Figure 4: ER profiles for different values of wall roughness and temperature; Tgen=89°C, Teva=5°C
The presence of friction also influences the steepness and extension of the off-design regime. A higher
level of roughness causes the range of “non-choked” operations to become larger. Despite this effect,
CFD results don’t seem to reproduce exactly the parabola of the off-design experimental trends. The
reason for this failure may be due to the severe pressure gradient and attending recirculation regions that
form at high condenser pressures, which can hardly be evaluated by numerical simulations.
Figure 5 illustrates the profiles of Heat Transfer Coefficient (HTC) at the ejector external wall (the
negative values of the HTC represent heat flowing out of the ejector). As expected, the heat transfer
increases with increasing surface roughness. Moreover, the location of the maximum peak in HTC is
always after the mixing section throat (x~272 mm) and downstream of the diffuser shock (which is
visible by the presence of wiggles in the HTC curves). This may be due to the strong mixing that occurs
after the shock (Gatsky and Bonnet, 2013).
Figure 5 clearly shows that even in the most conservative case (i.e., smooth wall and wall temperature
equal to the condenser temperature), the ejector surface cannot be considered adiabatic. Indeed, values

like those reported in the Figure are typical of the heat transfer of liquids in forced convection. This effect
may impact somewhat the accuracy of the numerical simulations by changing the starting position and
shape of the transition process, as can be seen in Figure 4.
In addition to numerical considerations, the heat loss toward the environment is a feature that must be
taken into account for a correct sizing of the condenser. Overall, the heat loss through the ejector external
wall is always between 2 and 5kW in our simulations, i.e., 2-4% of the total heat rejected at condenser.
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Figure 5: Heat Transfer Coefficient profiles on the mixing chamber/diffuser wall for various case
with smooth and rough walls, original and adapted grids; Tgen=89°C, Teva=5°C, Tcond=28.3°C

Figure 6 shows the comparison between the measured and simulated profiles of static pressure along the
diffuser wall. Notably, at low condenser temperatures, the numerical trends aids in understanding the
experimental data by showing the presence of a shock wave (indicated by the steep rise in wall pressure).
This gives birth to the pressure recovery which continues up to a distance of around 0.7 m.
At higher condenser pressures, the numerical profiles become highly dissimilar between each other. In
particular, the curves corresponding to smooth surfaces still predict the presence of the shock and results
in large differences with respect to the experimental data. Conversely, the curves with higher roughness
height appears to have smoother trends and to correctly reproduce experiments.
This is due to the fact that at condenser temperatures greater than ~28°, the stream inside the ejector
mixing chamber has turned to subsonic conditions. Consequently, the shock wave disappears and the
pressure recovery becomes more gradual. In this conditions, the ejector is operating at off-design regime,
with a reduced secondary mass flow rate (the outlet back pressure influences the secondary inlet).
Accordingly, the ER decreases as shown in Figure 4.
In much the same way as for the ER, the curve of 20μm roughness height is the one that more closely
reproduces the experimental data. Converting this value through the aforementioned conversion factors
gives an arithmetic roughness height, Ka, of around 3.5 μm. The roughness of the ejector surface was
subsequently measured in different locations by means of a Mahr contact surface profilometer. Resulting
values of Ka ranged from 4 to 6 microns depending on the different measurement sites. Therefore, it
appears that numerical analysis underestimates somewhat the experimental datum. Although this error
may be partly due to numerical and experimental approximations, one must not forget the large
uncertainty connected to the definition of conversion factor between different roughness heights (Adams
et al., 2012).
Finally, this analysis highlights the importance of the manufacturing process on the performance of a
supersonic ejector refrigerator. Friction losses are obviously neither the only, nor the greatest source of
losses inside the ejector (e.g., shocks, mixing and possible recirculations). Nevertheless, by simply
polishing the internal ejector surfaces significant advantage could be gained in terms of efficiency. In this
respect, it is important to note the large size of the ejector under study, which is designed to produce
around 40kW of nominal cooling power. These dimensions are larger than those commonly found in the
literature. Therefore, the impact of wall roughness on ejector efficiency should be expected to be much
greater for systems with smaller size.
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CONCLUSIONS
This work evaluated the commonly used approximations in CFD studies of supersonic ejectors.
Several CFD simulations were compared with experimental data on mass flow rates and pressure profiles
in order to assess the validity of the usual “hydrodynamically smooth and adiabatic surfaces” assumption.
Including these hypotheses in the numerical setup generally allows a correct reproduction of the ER at ondesign conditions but leads to large discrepancies at off-design. This can be explained by the failure of the
CFD models to match the transition point toward the un-chocked regime. A correct prediction of this
process requires to correctly reproduce the total pressure losses inside the mixing chamber and upstream
the diffuser shock. Due to the high levels of speed and compressibility, these losses strongly depend on
wall friction. Including the correct amount of wall roughness in the numerical simulation permits an
accurate prediction of the transition point, thus leading to greater accuracy at off-design conditions.
This analysis highlights the importance of the manufacturing process on the performance of a supersonic
ejector refrigerator. By simply polishing the internal ejector surfaces significant advantage could be
gained in terms of efficiency (this is even more important for systems with smaller size).
Finally, it was found that even in the most conservative case (i.e., smooth wall and wall temperature equal
to the condenser temperature), the ejector surface cannot be considered as adiabatic. Values like those
reported in this study are typical of the heat transfer of liquids in forced convection. This effect may
impact the accuracy of the numerical simulations by changing the starting position and shape of the
transition process. In addition, the heat loss toward the environment is a feature that must be taken into
account for a correct sizing of the condenser. Overall, the heat loss through the ejector external wall is
always between 2 and 5kW in our simulations, i.e., 2-4% of the total heat rejected at condenser.
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ABSTRACT: The ejector refrigeration system (ERS) is studied by using the advanced exergy analysis in
a way of splitting the exergy destruction into unavoidable and avoidable parts. About 51.0% of the system
exergy destruction is avoidable, showing a large improvement potential. The ejector should be firstly
improved. The thermal conductance has a minimal value in each heat exchanger. The ERS are finally
optimized by using two different objective functions, which target to the capital cost and the operational
costs from a broad view.
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1 INTRODUCTION
The vapor compression refrigeration systems cause serious electrical peak load problems during summer
season and other environmental issues. The alternative refrigeration technologies utilizing renewable and
low-grade energy have attracted much attention. The ejector refrigeration system, abbreviated as ERS,
provides a promising way to generate cooling effect by using solar or geothermal energy, and harvesting
waste heat as the driven energy. Moreover, the ERS is characterized by simplicity, low initial and running
cost with long lifetime, flexible capacity and possibility of using natural refrigerants. Its main
disadvantage is the relatively low COP, which greatly limits its applications in commercial scales.
Various methods have been used in order to understand the ERS from different perspectives. Keenan et
al.1 introduced two fundamental ejector models, which become basis in ejector analysis since then. Huang
et al.2 developed an ejector model to predict ejector performance at critical operating condition. Eames3
presented a constant rate of momentum change (CRMC) model to produce a diffuser to get a higher back
pressure. The working fluid of ERS is another important aspect. Chen et al.4 indicated that R245fa had the
best performance. Kasperski and Gil5 claimed that R600a had the highest COP. Using the second law of
thermodynamics, the irreversibility in the ERS can be identified (Ref. 6). Dahmani et al.7 pointed out that
the most significant exergy destruction in the ERS occurred in the ejector.
Although the conventional exergy analysis is a powerful tool, it is unable to reveal interactions among
components or estimate the real improvement potential (Ref. 8). Without this information, optimization
strategies can be misguided (Ref. 9). The advanced exergy analysis is therefore proposed. Chen et al.10
used advanced exergy analysis in an ERS. It was found that the 35% of the overall exergy destruction can
be avoided and the ejector had the highest priority to be improved. But the size of heat exchangers wasn’t
considered, which is of interest to investigate.
The objective of this paper is to discover more information of the ERS by splitting the exergy destruction
into unavoidable and avoidable parts. The system performance, working features and thermal
conductance of heat exchangers are further discussed. The ERS is finally optimized according to two
different objective functions.
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2 SYSTEM DESCRIPTION AND METHODOLOGY
2.1 The ejector refrigeration system (ERS)
The ERS consists of a generator (GE), a condenser (CO), an evaporator (EV), a vapor ejector (EJ), a
pump (PU), and a throttling device (TV), as shown in Figure 1(a) together with its T-s diagram in Figure
1(b). The low-grade heat (QGE) is delivered to GE for vaporizing refrigerant (4→1). The high-pressure
vapor out from GE, i.e. the primary flow, enters into EJ and draws low-pressure vapor from EV, i.e. the
secondary flow. These two flows undergo mixing and pressure recovery in EJ (1 & 6→2), and then feed
into CO and rejects the condensation heat (QCO) to heat sink (2→3). The condensate is divided into two
loops. One goes through TV (3→5) to EV (5→6) and produces cooling effect (QEV). The remaining is
pumped back to GE by PU (3→4), and completes the refrigerant cycle. The three brine fluid paths (8→7,
9→10 and 12→11) are shown as red lines in Figure 1. More information can be found in Chen11.
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Figure 1 (a) ERS, and (b) its T-s diagram.
To simplify the modelling, the assumptions are used:
 The refrigerant is R600a. It is saturated at the exits of heat exchangers without any pressure and heat
losses. The system refrigerating capacity is fixed at QEV=10 kW.
 The three efficiencies in the ejector section (nozzle, mixing chamber and diffuser) are the same i.e.
ηn=ηm=ηd, and they are generalized by using symbol ηEJ. The pump isentropic efficiency ηPU is
assumed to be 0.5 constantly.
 The system uses liquid water as the brine side fluids. The inlet and the outlet temperatures of water are
kept at: T7=100 °C, T8=105 °C, T9=27 °C, T10=32 °C, T11=10 °C. T12=15 °C. The reference state is set
at T0=25 °C and P0=101.33 kPa.
2.2 Mathematical modeling
Based on the assumptions above, the ERS is simulated. The system coefficient of performance (COP) is
the ratio of refrigerating capacity produced in EV to heat supplied to GE and electricity consumed by PU:
COP 

QEV
QGE  WPU



m EV  ( h6  h5 )
h  h5
  6
m GE  ( h1  h3 )
h1  h3

(1)

where μ is the ejector entrainment ratio, it is defined as the mass flow ratio of the secondary flow to the
primary flow and calculated according to Chen et al.12.
In the heat exchanger, the thermal conductance UA, kW/K, is calculated by the heat load (Q) divided the
logarithmic mean temperature difference (LMTD):

UA k  Qk / LMTD k

LMTD k 

(2)

(TR600a,in  Twater,out )  (TR600a,out  Twater,in )

(3)

ln[(TR600a,in  Twater,out ) / (TR600a,out  Twater,in )]

In GE and CO, UA are calculated separately based on the single-phase region and two-phase region of the
refrigerant. UA in EV is obtained directly since there is no phase change. In the discussion, UA is the sum
of UAk in three heat exchangers.
In the exergy analysis of ERS, the exergy Ė (kW) is only physical exergy. By introducing the concept of
“fuel-product”, the exergy balance in the kth component and the overall system as well as the exergy
efficiency are given as (Ref. 10):

E F, k  E P, k  E D, k

(4)

E F,tot  E P,tot   E D,k  E L,tot

(5)

 k  E P,k / E F,k

(6)

yk  E D,k / E F,tot

(7)

where the subscript k refers to a component, i.e. GE, CO, EV, EJ, PU or TV. The terms ĖF,k, ĖP,k, and ĖD,k
are the exergy of fuel, the exergy of product and the exergy destruction, respectively. They are expressed
by means of exergy dimension with proper definitions. The exergy loss ĖL is the exergy that is not further
being used in any system, and it only appears at the system level. εk and yk are the exergy efficiency and
exergy destruction ratio of the kth component.
To reveal more information, the advanced exergy analysis is employed by splitting ĖD,k into unavoidable
UN
*
th
 AV
 AV
part E D,
k and avoidable parts ED,k . A modified exergy efficiency εk that focuses on ED,k within the k

component is defined as (Ref. 9):

E D,k  E D,UNk  E D,AVk

(8)

 k*  E P,k / (E F ,k  ED,UNk )

(9)

UN
where E D,
k is the unavoidable exergy destruction that cannot be eliminated because of the technical
AV
limitations (Ref. 13), even if the best available technology would be applied. E D,
k is the avoidable

exergy destruction, it is recoverable and represents the real potential for improving the kth component.
F  UA(T10  T11 ) / (QEV  COP)

(10)

where F is a dimensionless function. Since QEV, T10 and T11 are fixed, F is proportional to the product of
UA and (QGE+WPU), which decide, to a large extent, the capital and operational costs of the system,
respectively.
In the optimization, the decision variables are normally subjected to set of constrains. The results are used
to compare to those at the nominal condition. Thus there have:

 EJ  0.93

(11)

2.0 C  T  15 C
Percentage=

(12)

(Optimized result - Result at nominal condition)
Result at nominal condition

 100%

(13)

2.3 Nominal and unavoidable conditions
In this paper, the nominal operating condition is the processes of 3-4-1&3-5-6→2-3 in Figure 1(b). The
blue lines 3UN-4UN-1UN&3UN-5UN-6UN→2UN-3UN in Figure 1(b) shows the unavoidable operating
condition is shown as processes of. The variable parameters are the pinch temperature difference in the
heat exchangers (∆T), the ejector efficiency (ηEJ) and the pump efficiency (ηPU), as summarized in Table 1
Table 1 Parameters used in the nominal and unavoidable conditions
Component
GE
CO
EV
EJ
PU
TV
Parameter
∆TGE
∆TCO
∆TEV
ηEJ *
ηPU
Norminal
7.10 °C 3.48 °C 2.00 °C
0.90
0.50
Isenthalpic
Unavoidable 0.50 °C 0.50 °C 0.50 °C
0.98
0.95
Isenthalpic
* The ejector efficiencies are set equally (ηEJ=ηn=ηm=ηd), this is just to facilitate this
analysis. In actual fact, their values are quite different (Chen, 2014).
3 RESULTS AND DISCUSSION
The calculating program is written with Fortran Language. The thermodynamic properties of R600a and
water are taken from NIST database and subroutines (Ref. 14). Table 3 shows the main results obtained
from the conventional exergy analysis of the ERS working at the nominal condition. It is seen that EJ has
the largest exergy destruction and accounts for 45.3% (yEJ) in ĖF,tot, while the remaining components are
entirely 42.8%. This means that more than half exergy destruction occurs in EJ. Meanwhile, the EJ has
the lowest exergy efficiency (εEJ=27.0%). Therefore, the EJ should be improved firstly. The GE and CO
have the second and third largest exergy destruction, followed by PU, EV and TV. For the overall system,
the ĖF,tot comes from heat supplied in GE and the work consumed by PU, and ĖP,tot equals ĖP,EV. The ĖD,tot
is the sum of ĖD,k within each component (ytot=85.1%), while the ĖL,tot is the ĖP,CO since it is not further
used (Ref. 10). The system exergy efficiency εtot is only 6.3%, which explains the limited use of ERS.
Table 3 Conventional exergy analysis results

ĖF,k

ĖP,k

ĖD,k ĖL,tot

kW
Generator (GE)
6.59
Condenser (CO)
1.46
Evaporator (EV)
0.60
Ejector (EJ)
4.34
Pump (PU)
0.41
Throttling valve (TV) 0.76
Overall system (tot)
7.00

kW
5.15
0.62
0.44
1.17
0.22
0.64
0.44

kW
1.44
0.84
0.17
3.17
0.20
0.13
5.94

Component

kW
0.62

εk

yk

78.1%
72.4%
27.0%
51.8%
83.0%
6.3%

20.6%
12.0%
2.4%
45.3%
2.9%
1.9%
85.1%

Figure 2 illustrate the results from the advanced exergy analysis. It is seen that 51.0% of the ĖD,tot is
AV
E D,tot
, which can be avoided, suggesting a great improvement potential. From the view of the proportion
AV

of ED,
k , PU has the highest value (94.5%), then EJ (65.8%) and CO (52.8%), and followed by
EV(33.7%), TV (22.0%) and GE (15.9%). In respective of the quantity of E AV , EJ has the largest
D,k
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Table 3 Optimized results
Operating
Condition

UAk
(kW/K)

System

2.39
The first
(-11.8%)
1.17
approach
CO
(-84.0%)
ΔTGE=13.1 °C
1.21
EV
COP=0.26
(82.4%)
(-51.6%)
ΔTCO=8.3 °C (-16.2%)
EJ εtot=5.3%
(139.6%)
ΔTEV=3.3 °C (-15.6%)
PU (65.0%)
F=71.97
ηEJ=0.93
(-19.5%)
TV (3.3%)
2.02
GE
The second
F=51.25
(-25.3%)
5.82
approach
(-42.7%)
CO
(-20.9%)
ΔTGE=6.4 °C
2.51
COP=0.44 EV
(9.5%)
(0.0%)
(43.7%)
ΔTCO=3.4 °C
εtot=9.0%
EJ (-3.2%)
(43.5%)
ΔTEV=2.0 °C
UA=10.35 PU (0.0%)
kW/K
ηEJ=0.93
(-17.7%)
TV (3.3%)
UA=8.48
kW/K
(-32.5%)

GE

ĖD,k
(kW)
1.93
(34.3%)
1.67
(99.3%)
0.22
(29.5%)
2.91
(-8.1%)
0.20
(-0.4%)
0.20
(56.5%)
0.98
(-31.9%)
0.61
(-27.2%)
0.17
(0.0%)
1.93
(-38.9%)
0.14
(-29.3%)
0.13
(0.0%)

AV
E D,k

0.54
(133.9%)
1.21
(173.9%)
0.11
(87.5%)
1.53
(-26.4%)
0.19
(-0.6%)
0.09
(225.4%)
0.13
(-42.0%)
0.31
(-30.8%)
0.06
(0.0%)
0.87
(-58.2%)
0.13
(-29.3%)
0.03
(0.0%)

εk

εk*

75.4%
(-3.5%)
30.0%
(-29.3%)
67.0%
(-7.5%)
33.8%
(25.3%)
52.5%
(1.4%)
77.3%
(-6.9%)
78.6%
(0.6%)
43.7%
(3.1%)
72.4%
(0.0%)
37.2%
(38.0%)
51.8%
(0.0%)
83.0%
(0.0%)

91.7%
(-4.2%)
37.1%
(-36.3%)
80.6%
(-9.1%)
49.2%
(36.9%)
54.0%
(1.4%)
88.1%
(-7.9%)
96.4%
(0.7%)
60.8%
(4.3%)
88.6%
(0.0%)
56.8%
(58.0%)
53.2%
(0.0%)
95.7%
(0.0%)

For the first approach, UA is 8.48 kW/K, which is 32.5% less than that at the nominal condition. To
achieve this, the working condition is changed as ηEJ=0.93, ΔTGE=13.1 °C, ΔTCO=8.3 °C and ΔTEV=3.3 °C.
Although ηEJ is increased, TGE and TEV are decreased while TCO is increased, leading to the decrease of
AV
COP, εtot and F. At the component level, for the heat exchangers, UA is of cause reduced. ĖD,k and E D,
k
are increased as expected since the irreversibility representative ΔT is increased, thus εk and εk* are
AV
decreased. The ejector exergy performances (ĖD,EJ, E D,EJ
, εEJ and εEJ*) are enhanced due to the increased
ηEJ. Despite of no optimization conducted in PU and TV, their exergy performances are also subjected to
vary. This is explained by the changed states and ṁ through them. For the second approach, the objective
function is 27.5% less than that at the nominal condition when ηEJ=0.93, ΔTGE=6.4 °C, ΔTCO=3.4 °C and
ΔTEV=2.0 °C. Because of the increased ηEJ and the decreased ΔT, COP and εtot are better; UA is also
decreased. UAGE and UACO are decreased due to the combined effect of Q and ΔT. Their exergy
performances are enhanced. The parameters in EV are the same since QEV and ΔTEV are fixed, leading to
the unchanged states and ṁEV. The same results are observed in TV. The exergy performances of EJ are
AV
significantly enhanced The reduced ĖD,k and E D,k
in PU is due to the decreased ṁPU, but its change of εk
*
and εk is insignificant. To some extent, the first approach could be used to save capital cost. If the
operational cost is considered in a long term, the second approach is better.
4 CONCLUSION

The conventional and advanced exergy analysis are both used to study the performance of the ERS. The
ejector has the highest priority to be improved. The conventional exergy analysis indicates that the
generator and condenser are the second and third to be considered to improve. But the advanced exergy
analysis suggests the condenser should be the second, and the generator should be third. The system has
great improvement protential as 51.0% of the total exergy destruction can be avoided. The increase of
ejector efficiency and decrease of pinch temperature difference in three heat exchangers are good for the
COP and exergy efficiencies. There is a mininal UA for each pinch temperature difference. Using
different objective functions, the optimized results are quite different. The results may be applied for
different purpose.
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ABSTRACT: A double-row liquid-vapor separation condenser (D-LSC) is presented and applied to the
domestic air conditioning unit. A D-LSC with optimal tube pass of 8, 6, 6, 4, 4, 4, 4, 4, 2, 2, 2 and 2 in an
ascending order is obtained, in which the tube number and total heat transfer area are identical to the
double-row serpentine condenser (D-SC) in an original air conditional unit. Air conditional units with
D-LSC and D-SC are studied seperately under different conditions. Exergy efficiency is employed to
evaluate the performance of the D-LSC unit and the D-SC unit. The results show the cooling capacity,
energy efficiency ratio (EER) and exergy efficiency of the D-LSC unit are 4.3%, 9.5% and 2.5% higher
than those of the D-SC unit, which indicates that the D-LSC unit owns better performance.
KEYWORDS: Double-row liquid-vapor separation condenser, Tube passes optimization, Energy
efficiency ratio, Exergy efficiency
1 INTRODUCTION
The condenser plays an important role in the thermodynamic performance to the air conditioning unit.
Improved heat transfer performance of the condenser brings a better air conditioning system. Double-row
heat exchanger owns larger available heat transfer area and less necessary frontal area than the single-row
condenser, which is considered as own advantageous thermal performance [Ding et al., 2011, Dogan et
al., 2015]. Some researchers have done on the pass scheme of the double-row condenser. Wang et al.
[Wang et al.,1999] experimentally studied wavy finned condensers with 8 passes arrangement. They
found the condenser with counter-cross flow arrangement owned better performance to the 1-circuit
condensers. For the 2-circuit condenser, non-uniform condensation was observed. When two circuits
combined, the pressure drop reduced rapidly. Liang et al. [Liang et al.,2000] numerically studied the
thermodynamic performance of 6 passes arrangement condensers with outer tube diameter of 9.5mm. The
results showed that the in-tube thermal resistance was close to the air side for the studied condensers. An
optimal refrigerant pass arrangement can reduce 5% of heat transfer area compared to the non-optimized
one.
Base on traditional heat transfer enhancement method, high-efficiency heat transfer and small pressure
drop are normally hard to combine. The LSC is proposed to achieve enhanced heat transfer and reduced
pressure drop. The LSC separates liquid from two phase refrigerant in both headers, which can keep high
refrigerant quality during condensation and improve the thermodynamic performance [Hua et al.,2013].
Hua et al. (2013) proposed a stepwise method to calculate the thermodynamic performance of varying
tube pass scheme LSC, and showed that the scheme 5, 3, 2, 1, 1, 1 and 1 in turn had the best
thermodynamic performance. Zhong et al.(2014) experimentally investigated the thermodynamic
performance of the LSC. The results indicated the pressure drop of the LSC is nearly 50% lower than the
common parallel flow condenser (PFC), and the heat transfer coefficient of the LSC exceeded the PFC by

4.3% at mass flux of 560kgm-2s-1. In the above researches, the LSC only consisted of single-row of tubes.
The effect of liquid-vapor separation on the double-row of tubes has not yet been studied (refrigerant in
both row of tubes mixes before liquid-vapor separation, which differs from the single-row LSC). This
study is aimed to conduct a quantitative analysis to the overall performance of the D-LSC
air-conditioning unit and compare with a D-SC air-conditioning unit.
2 THE NOVEL CONDENSER
Figure 1(a) shows the D-LSC. The D-LSC consists of two tube banks, several Y-type three-way
connections and two headers at both ends. Each tube in a row is connected to the tube in the other row in
turn by the Y-type three-way connections and all the three-way connections are inserted into each header
in company. EERper baffles are installed in the head and has varied holes with diameters of 1 mm to 2
mm. The baffles are called liquid-vapor separators. They not only divide the refrigerant route into several
passes, but also separate condensate from the two-phase refrigerant at the entrance of each tube pass. It is
pointed out that the baffles for the first tube pass and the tube passes in the subcooled region have no
holes. Figure 1(b) shows the D-SC in the original air conditioning system, which has 4 independent flow
routes (the total length of the route is the same to the D-LSC). It routes all flow from the same row to the
other one. Base on the stepwise method [Hua et al.,2013] and a theoretical method of thermal balance
between in-tube and outside-tube, the optimal scheme of 12 passes D-LSC is 8, 6, 6, 4, 4, 4, 4, 4, 2, 2, 2
and 2 in ascending order.
Table 1 Parameters of the condenser
Items
1
2
3
4
5

Parameters
Length of the microfinned tube
Tip diameterof the microfinned tube
Outer diameter of the microfinned tube
Thread number
Addendum angle

size
798
6.7
7.3
60
53

Units
mm
mm
mm
mm
o
o

6
7
8
9
10
11
12
13
14
15

Helical angle
Header length (D-LSC)
Fin height(tube)
Tube number
Flow length (SC)

18
506
0.15
48
9.576

Longitudinal tube pitch
Horizontal tube pitch
Gap between two rows of tubes
Thickness of the fin (outside-tube)
Fin pitch

21
12.7
3.5
0.115
1.36

m
mm
mm
mm
mm
mm

16
17

Diameter/ Number of holes on the second baffle
Diameter/ Number of holes on the third baffle

1.5 /3
1.5 /4

mm/mm/-

18

Diameter/ Number of holes on the fourth baffle

1.5/4 and 1/1

mm/-

19
20
21

Diameter/ Number of holes on the fifth baffle
Diameter/ Number of holes on the sixth baffle
Diameter/ Number of holes on the seventh baffle

2 /4
2 /4 and 1/2
1.5/3

mm/mm/mm/-

mm
mm
-

Figure 1 (a) The D-LSC; (b) The D-SC
3 TEST SYSTEM AND CONDITION
Both air conditioning units are tested in the system by Chen et al. (2012). In order to trace the refrigerant
temperature (adiabatic wall temperature) in the condenser, 98 T-type thermocouples are welded on the
tubes, besides 12 T-type thermocouples are set in the gap between both row of tubes and 12 T-type
thermocouples are set behind the 2th row of tubes, which can obtain the air temperatures after heat
exchange, as shown in figure 2. All the accuracies of measuring apparatuses are listed in table 2. Based on
the method by Holman and Gajda (1989), the uncertainties of refrigeration capacity and EER of the air
conditioning system are evaluated at ±2.34% and ±2.58%, respectively.

Figure 2 Installation of the thermocouples

Items
Pt-100
Thermocouple
Pressure transducer
Air flow meters
Mass flow meter
Electric power meter

Table 2 Accuracy of the apparatus
Type
Range
TR/02010
-50 oC to 200 oC
Type-T
-200 oC to 350 oC
Strain-gage
0 MPa to 6 MPa
Differential pressure gage
0 Pa to 800 Pa
Coriolis effect
0 kg/s to 0.2 kg/s
AC: 3×500V, 3×5A,
ZW3433B
F(45Hz-65Hz), PF(0.2-1.0)

Accuracy
± 0.15 K
± 0.5 K
± 0.25%
± 1.0%
± 0.15%
± 0.5%

The compressor and the evaporator of the air conditioning unit with D-LSC are the same as the original
unit, but the applicable length of capillary tube changes for the D-LSC. Both optimal units are obtained at
nominal standard operating condition of Chinese national standard. The operating conditions used include
the three standard conditions in Chinses standard of GB/T 17758-2010 and the conditions of different

outdoor temperatures, which are listed in Table 3.
Table 3 The operating conditions
No.

Item

Indoor
(db/wb)

Outdoor
(db/wb)

1
2
3
4
5
6
7
8

Nominal standard operating condition
Maximum operating condition
Minimum operating condition
Variable environmental temperature condition (1)
Variable environmental temperature condition (2)
Variable environmental temperature condition (3)
Variable environmental temperature condition (4)
Variable environmental temperature condition (5)

27/19
32/23
21/15
27/19
27/19
27/19
27/19
27/19

35/24
43/26
21/15
27/19
31/22
35/24
39/25
43/26

unit
o

C
C
o
C
o
C
o
C
o
C
o
C
o
C
o

4 DATA REDUCTION
The cooling capacity is calculated from

Qeva  C p ma Ta ,o  Ta ,i 

(1)

The heat load of the condenser is calculated from

Qcon  Qeva  Ptot  Pfan ,eva  Pfan , con

(2)

where Qeva is evaporate heat load[W], P fan,eva and P fan,con are fan powers at indoor and outdoor[W].
The EER to the air conditioning unit is calculated from

EER  Qeva

Ptot

(3)

Moist air can be treated as ideal mixture, so the cold exergy to moist air at outlet of the evaporator is [Ren
et al., 2002]
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 o



 

(4)

where To is outdoor temperature[K], Ra is Gas constant[Jkg-1K-1],ω andωo are local humidity ratio and
saturation humidity ratio of air[-].
The exergy efficiency of air conditioning unit is calculated by [Ren et al., 2002]

  Exair Ptot

(5)

5 RESULT AND DISCUSSION
Figure 3 shows the cooling capacity of the D-LSC unit and the D-SC unit at various conditions (listed in
Table 4). When the outdoor temperature increases from 27 oC to 43 oC, the cooling capacity increases
firstly and then decreases. This is because at low outdoor temperature, the output power of the
compressor is low, leading to the low compressor discharge temperature and the refrigerant mass flow, so
small-scale cooling capacity is obtained. However, when the outdoor temperature increases, the
compressor efficiency and the temperature difference between air and refrigerant in condenser decrease,

the cooling capacity decreases as well. At three standard temperature conditions, the cooling capacity of
the D-LSC unit is 4.0% higher than that of the D-SC unit. At outdoor temperature from 27 oC to 43 oC,
the cooling capacity of the D-LSC unit is 2.0% to 4.3% higher than that of the D-SC unit.
Figure 4 is the EER of both air conditioning units at the operating conditions in table 4. At the three
standard conditions, the EER of the D-LSC unit exceeds 3.0 and can be 9.5% higher than that of the
D-SC unit. The EER of the D-LSC unit and the D-SC unit decrease continuously when the outdoor
temperature increases. When outdoor temperature increases from 27 oC to 43 oC, the EER of the D-LSC
unit decreases 29.2%, the EER of the D-SC unit decreases 28.1% and the EER of the D-LSC unit is 4.7%
to 6.8% higher than those of the D-SC unit. It is seen that, at test conditions, the EER of the D-LSC unit is
higher than those of the D-SC unit.
8
7
6
5

1 Nominal standard operating condition

L-DSC
L-DLSC

7

2 Maximum operating condition
3 Minimum operating condition
4
5
6
7
8

6
5
+9.5%

+3.1%

4

+1.9%

+4.3%

+2.0%

+3.4%

+3.0%

+2.7%

EER

Q cool [kW]

8

1 Nominal standard operating condition
2 Maximum operating condition
3 Minimum operating condition
4 Tout=27/19
5 Tout=31/22
6 Tout=35/24
7 Tout=39/25
8 Tout=43/26

L-DSC
L-DLSC

+4.0%

3

Tout=27/19
Tout=31/22
Tout=35/24
Tout=39/25
Tout=43/26

+6.8%

+6.2%

4
+4.7%

+5.0%

+3.6%

+4.8%

3

2

2

1

1

+5.1%

0

0
1

The
condition
number
3 operating
4
5
6
7

2

1

8

2

3

4

5

6

7

8

The operating condition number

Figure 3 Cooling capacity on different conditions

Figure 4 EER on different conditions

Figure 5 shows the exergy efficiency at test conditions. When outdoor temperatures increases from 27 oC
to 43 oC, the exergy efficiency of the D-LSC unit and the D-SC unit decreases by 9.5% and 9.2%,
respectively. Because at low outdoor temperatures, the compressor efficiency is high, in addition, the
refrigerant temperature in the evaporator is low, bringing a low air temperature at the outlet of the
evaporator. At the same temperature difference between indoor air and outdoor air, the lower of the indoor
air temperature is, the higher exergy efficiency is obtained. When the outdoor temperature increases, the
compressor efficiency reduces and the exergy efficiency of both units decreases. At three standard
temperature conditions, the exergy efficiency of the D-LSC unit is higher than those of the D-SC unit. For
example, at the standard maximum operating condition, the exergy efficiency of the D-LSC unit is 4.9%
higher than that of the D-SC unit. At outdoor temperatures of 27 oC to 43 oC, the exergy efficiency of the
D-LSC unit is 0.7% to 2.5% higher than that of the D-SC unit.
40

100

35
30
25
ex [%]

+3.3%
+4.9%
20

+2.5%

+2.1%

+2.0%

+2.3%

+0.7%

+1.7%

15

80

Heat load ratio[%]

1 Nominal standard operating condition
2 Maximum operating condition
3 Minimum operating condition
4 Tout=27/19
5 Tout=31/22
6 Tout=35/24
7 Tout=39/25
8 Tout=43/26

D-SC
D-LSC

60

1
2
3
4
5

Tout=27/19
Tout=31/22
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Tout=39/25
Tout=43/26

Qrow1
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55.4%
55.9%
52.8%
52.3%

D-SC
D-SC

53.7%

56.2%

D-LSC
D-LSC

54.2%

57.4%

58.9%
55.0%
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Figure 5 Exergy efficiency on different conditions
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Figure 6 Heat load ratio of both rows

Figure 6 shows the heat load ratio (defined as heat load of a individual row divided by total heat load)
between the front row and the back row of both units. When outdoor temperature increases from 27 oC to
43 oC, the ratio of the back row for the D-LSC and the D-SC decreases by 3.5% and 2.7%, respectively.
This is because, when the outdoor temperature increases, the compressor power increases, the refrigerant
temperature at the outlet of the compressor rises quickly, leading to increased temperature difference
between front row and air. As a result, the heat load of the front row increases and the heat load of the
back row decreases. In addition, at outdoor temperatures of 27 oC to 43 oC, the heat load ratio of the back
row of the D-LSC is 2.5% to 3.9% lower than that of the D-SC. This can be explained by the refrigerant
flow arrangement in original double-row serpentine condenser that employs the refrigerant flow
arrangement of “the back row enters and the front row leaves”, resulting in a larger temperature
difference between the back row and air.
6 CONCLUSION
At Chinese national standard conditions and outdoor temperature 27 oC to 43 oC, the cooling capacity of
the D-LSC unit is about 1.9% to 4.3% of the D-SC unit, the EER of the D-LSC unit is 3.6% to 9.5%
higher than the original D-SC unit. The exergy efficiency of the D-LSC unit is 0.7% to 2.5% higher than
that of the D-SC unit, which indicates the D-LSC has better system performance than the original air
conditioning system.
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ABSTRACT
Sorption heat storage (SHS) is a promising technology towards efficient use of renewable energy sources.
Materials based on salts and their hydrates have a high potential for SHS in term of energy storage
density. This work addresses the synthesis of novel composite sorbents based on Multi-Wall Carbon
Nanotubes (MWCNT) impregnated with hygroscopic salts, specialized for SHS. The paper consists of
three parts: (1) analysis of operating conditions of two selected SHS cycles, namely long-term (seasonal)
heat storage for the regions with moderate cold climate (LT), and short-term heat storage in winter for
areas with relatively warm climate (ST); (2) preparation of the Salt/MWCNT composites (salt = CaCl2,
LiCl, and LiBr), specialized for these cycles, and study of their texture, phase composition, equilibrium
and dynamics of water and methanol sorption; and (3) evaluation of the new sorbents potential for the
selected SHS cycles. The results obtained show that the salt, dispersed on the surface of MWCNT, react
with water and methanol molecules, forming the crystalline solvates “saltNH2O” and “saltNCH3OH”.
The working pair “LiCl/MWCNT – methanol” appears to be the most advantageous for the LT cycle,
while “LiCl/MWCNT – water” is the best for the ST one. The heat storage capacity of LiCl/MWCNT
reaches 1.6 and 1.7 kJ/g (or 445 and 470 Wh/kg) with methanol and water, respectively, and much
exceeds the appropriate values for common and innovative adsorbents suggested for SHS. This
demonstrates that the new composites hold great promise for SHS and their employing will promote the
broader dissemination of this advanced technology.
INTRODUCTION
With the diminishing reserves of fossil fuels, the increasing energy demand and the greenhouse gas
emissions rise, renewable energy sources like solar, geothermal, and waste heat have gained more and
more attention. Whilst these sources are inexhaustible, the main barrier to their successful implementation
is a mismatch between the production of and demand for the energy they generate [Aydin et al, 2015].
This urges researchers to look for new ways for the energy storage. The sorption heat storage (SHS)
offers the important benefits in comparison with sensible and latent heat storage: 1) larger Heat Storage
Capacity (HSC); 2) possibility to vary the temperature potential of released heat; and 3) negligible heat
losses during the storage phase [Yu et al, 2013]. The SHS includes two stages, namely the heat storage
(charging), and the heat release (discharging). The heat to be stored is used to carry out endothermic
desorption of the working fluid from sorbent. On the heating demand, the stored energy is released when
the exothermic sorption occurs. The main criteria for selection of the proper materials for SHS are: i) high
HSC; ii) low charging temperature; and iii) high temperature level of the released heat; and iv)
appropriate heat and mass transfer properties. A large number of sorbents are currently considered for
SHS, both traditional (silica gels [N’Tsoukpoe et al, 2009], zeolites [Jänchen et al, 2004], etc.), and
innovative (AlPOs and SAPOs [Jänchen et al, 2005; Kakiuchi et al, 2005], metal-organic frameworks
MOFs [Ehrenmann et al, 2011; Gordeeva et al, 2016], Composites “Salt in Porous Matrix” (CSPMs)
[Levitskii et al, 1996; Jänchen et al, 2004]. The adsorbents with weak affinity to working fluid, like silica
gel and several MOFs can be charged at low temperature, but ensure a low temperature level of released
heat. On the contrary, those with strong affinity, like zeolites provide large temperature lift, but require
high charging temperature. Consequently, a proper compromise between the charging temperature and
the temperature lift has to be found, taking into account the operating conditions of the particular SHS
cycle. Composites "salt in porous matrix" were suggested and comprehensively studied for sorptive
transformation and storage of low temperature heat. They are characterized by high HSC (200 – 1100
Wh/kg) and tunable sorption behavior that provides promising avenues for SHS [Gordeeva and Aristov,
2012; Casey et al, 2014].

This paper addresses the intent design of new sorbents, which properties match well the operating
conditions of two particular SHS cycles as suggested in [Aristov, 2014]. The former cycle, called LT, is
for long-term or seasonal heat storage in regions with moderate cold winters, so that the heating demands
can be, at least partially, compensated by the excess of solar heat stored in summer. The latter cycle (ST)
is for short-term, or daily, heat storage in winter in regions, where the solar thermal energy during day
time is intense enough to be stored, and used for heating at night, when the ambient temperature falls
lower the comfortable level. Firstly, based on the analysis of operating conditions of these cycles, the
requirements to the properties of desirable adsorbent are formulated. The proper salts for the CSPMs were
selected on the base of literature thermodynamic data. Multi-Wall Carbon Nano-Tubes (MWCNT), which
is a novel material promising for adsorption technologies due to its extremely large pore volume, were
used as the hosts matrix, as suggested in [Zhang et al, 2015, Yan et al, 2014]. The composite
“CaCl2/MWCNT” was shown to possess an enhanced sorption capacity of 0.9 - 1.4 g/g. Water and
methanol sorption on the new composites were comprehensively studied and the potential of the new
sorbents is evaluated for the LT and ST cycles.
THE ANALYSIS OF THE CYCLES OPERATING CONDITIONS
The operating conditions of a SHS cycle are determined by four temperatures, namely, discharging (Tdis),
evaporation (Tev), charging (Tch) and heat sink (Tc) temperatures (Fig. 1). For both LT and ST cycles, the
required temperature of released heat Tdis = 35C (Table 1, Fig. 1), that is typical in the warm floor or air
conditioning systems [Yu et al, 2014]. Temperature Tch equals 75C, which can be provided by flat solar
collectors for both LT cycle in summer and ST cycle in winter. The ambient air can be used as a heat
source for evaporation and heat sink for condensation for the ST cycle, which can be realized in areas
with quite warm climate, such as South-West and South-East Asia, North Africa and Central America.
For this cycle, the evaporation temperature Tev = 5C, which is somewhat lower than the average
temperature of the ambient air 10C [DDC of the IPPC]. The condensation temperature Tc = 15C, which
exceeds the outside air temperature (Table 1, Fig. 1).

Figure 1: Operating conditions of the LT and ST cycles
Table 1: Operating conditions of the LT and ST cycles
Water
Cycle
Tc,C
Tdis,C Tev,C Tch,C
Fdis,
kJ/mol
LT
35
10
75
30
3.9
ST
35
5
75
15
4.8

Fch,
kJ/mol
6.4
9.0

Methanol
Fdis,
kJ/mol
3.4
4.2

Fch,
kJ/mol
5.6
7.9

For the LT cycle in the regions with moderate cold climate, like South Russia, Europe and central part of
North America, the ambient temperature in winter is too low (below 0C) to drive the evaporation. As
compared to air, the ground temperature is higher and more stable. The ground-coupled heat exchangers
can be used to extract heat from the earth and to drive evaporation with Tev = 10C [Stitou et al, 2012].
The Tc = 30C is somewhat higher than the average temperature in summer in these regions [DDC of the

IPPC] that allows utilization of the ambient air as the heat sink for condensation. Analysis of the cycles
and formulating the requirements to optimal adsorbent properties was carried out on the base of the
Polanyi principle of temperature invariance [Polani, 1932], which gives a one-to-one correspondence
between the adsorbed volume and the adsorption potential F = - RTln(P/P0). For formulating the
mentioned requirements, firstly, the value of adsorption potential during charging Fch and discharging
Fdis (Fig. 1) are calculated for water and methanol (Table 1). One can see that the optimal adsorbents for
the ST and LT cycles are quite different: the adsorbent optimal for ST should have higher affinity towards
the adsorbates than that for LT cycle.
Lithium chloride, which reacts with water and methanol forming crystalline solvates LiClNH2O (N = 1,
2) and LiClNCH3OH (N = 1, 3) [Gmelin Data, 2000-2005] was selected as an active salt. The formation/
decomposition of LiCl3CH3OH complex occurs at F = 3.5-5.2 kJ/mol that matches well the Fdis range
(3.40 – 5.6 kJ/mol) [Gordeeva et al, 2008] required for optimal realization of the LT cycle. For the ST
cycle, the LiCl – water working pair, is likely to be the most suitable as the formation of LiClNH2O
hydrates occurs at F = 5.4-8.5 kJ/mol [Yu et al, 2014], which agrees well with the conditions of ST
cycle. The composites based on LiCl, as well as CaCl2 and LiBr (for comparison purpose), are prepared
and studied.
MATERIALS AND METHODS
The MWCNT was synthesized in the Group of Surface Compounds Synthesis of the Boreskov Institute of
Catalysis. The composites were prepared by the wet impregnation method (Table 2).
Table 2: The composition and textural characteristics of the synthesized composites
Sample
Salt content Сsalt, wt.%
Ssp, m2/g
Vp, cm3/g
Vcalc, cm3/g
MWCNT
0
270
3.0
3.0
LiBr/MWCNT
42
140
1.7
1.6
LiCl/MWCNT
44
140
1.4
1.5
CaCl2/MWCNT
53
75
0.9
1.2
The prepared composites were characterized by low-temperature nitrogen adsorption, X-ray diffraction
(XRD) and scanning electron microscopy (SEM). Sorption equilibrium of the new composites with water
and methanol vapours was studied by thermogravimetric method. The equilibrium sorption was expressed
as the mass ms of sorbed water (methanol) related to the dry sorbent mass m0
w = ms·(P,T)/m0,
(1)
or by the number of sorbate molecules per one molecule of the salt
N = (w·Msalt·100)/(Ms·Csalt),
(2)
where Msalt and Ms are the molar masses of salt and sorbate.
RESULTS AND DISCUSSION
Composite characterization
The MWCNT is composed of twisted tube tangles which size exceeds 1 m (Fig. 2). The MWCNT are
characterized by extremely high porosity, the specific pore volume Vp = 3.0 cm3/g and the specific surface
area Ssp = 270 m2/g (Table 2). The pore size distribution of the MWCNT indicates the presence of two
kinds of pores. The former corresponds to the internal space of the tubes of 7.8 nm diameter; the latter –
to the voids of 40-50 nm size between the tubes.

Figure 2: SEM images of MWCNT (a) and LiCl/MWCNT (b). Magnification 1:10000.

The specific surface area and pore volume of the composites are essentially reduced as compared to the
pure MWCNT (Table 2). For Li-based composite, the SEM image demonstrates no salt crystallites of
micrometric size (Fig. 2). This indicates that the MWCNT pores are not blocked by the confined salt. The
new composites have a large pore volume of 0.9 – 1.7 cm3/g that is profitable for getting high HSC. The
XRD patterns of all the composites show that the confined salts are well crystallized; the size of
coherently scattering domains equals 20-35 nm. This indicates that the confined salt is located in the
voids between nanotubes rather than inside the tubes.
Sorption equilibrium
Isobars of methanol sorption on the composites LiCl/MWCNT and LiBr/MWCNT are S-shaped curves
(Fig. 3) with the sharp jumps of uptake N from 0 to 2.5 mol/mol for LiCl/MWCNT and to and 1 mol/mol
for LiBr/MWCNT. These jumps can be related to the formation of complexes LiCl3CH3OH and
LiBrCH3OH [Gordeeva et al, 2008]. Further decrease in temperature leads to gradual rise of sorption that
is typical of salt-methanol solutions. The methanol sorption capacity reaches 0.9 - 1.65 g/g (or N = 5.0
and 6.0 mol/mol) for LiCl/MWCNT and LiBr/MWCNT composites, respectively.

Figure 3: Isobars of methanol sorption on LiCl/MWCNT (a) at 73( , ), 96( , ), 165( ) and
273( , ) mbar; and LiBr/MWCNT (b) at 73( , ), 127( , ), and 213( , ) mbar. Open symbols
– desorption, solid symbols – adsorption.
One can see (Fig 3) that for both LiCl/MWCNT and LiBr/MWCNT composites, no sorption-desorption
hysteresis typical of bulk salts [Andersson, 1986] is observed. Thus, dispersion of the salts on the
MWCNT surface allows avoiding the hysteresis. This is profitable for SHS cycles, because allows the
adsorbent regeneration at lower temperature.
Isobars of water sorption on the LiCl-based composites are step-wise curves as well (Fig. 4a). Two steps
are observed for LiCl/MWCNT corresponding to the formation of crystalline hydrates LiClH2O and
LiCl2H2O. At lower temperature, the isobars are smooth curves that indicate the formation of aqueous
LiCl solution. The steps are observed on the isotherms of water sorption on the composite CaCl2/
MWCNT, corresponding to the formation of CaCl2NH2O (N = 1, 2, 4) hydrates (Fig. 4b), which agree
with the literature data [Zhang et al, 2015]. It is worth noting that only the minor adsorption-desorption
hysteresis in these systems is detected, which is acceptable for SHS. The water sorption capacity for the
both sorbents exceeds 1 g/g, which is promising for SHS.

Figure 4: Isobars (a) and isotherms (b) of water sorption on composites LiCl/MWCNTs (a) at
P(H2O) = 9( ), 17( , ), 32( ), and 56( , ) mbar, CaCl2/MWCNTs (b) at T = 37( ), 55( ), 60( , ),
and 70ºC( ). Open symbols – desorption, solid symbols – adsorption.
Based on the sorption equilibrium data, the isosteric heat of sorption is calculated as function of uptake

for all the composites studied (Table 3). In the range of N from 0 to 3 mol/mol the isosteric heat of
methanol sorption Hads on LiCl/MWCNT and LiBr/MWCNT equals (46 ± 3) kJ/mol and (47 ± 3)
kJ/mol, respectively. The isosteric heat of water sorption on LiCl/MWCNT Hads decreases from (64 ± 3)
to (54 ± 3) kJ/mol at N increasing from 0 to 5 mol/mol.
Evaluation of the heat storage capacity of the composite sorbents
The data on adsorption equilibrium obtained allows evaluation of the amount of water/methanol
exchanged under conditions of the ST and LT cycles as w = wdis - wch (Table 3). For the ST cycle, water
and methanol uptake variation w on LiCl/MWCNT composite equals 0.57 and 0.64 g/g, respectively
that far exceeds the uptake variations on LiBr and CaCl2-based composites (0.18 – 0.31 g/g). Under the
conditions of LT cycle, the adsorbed water can not be removed completely from LiCl/MWCNT at
charging stage that leads to a drastic drop in the uptake variation down to 0.3 g/g (Table 3). The affinity
of LiCl/MWCNT to methanol vapour is less that is why the adsorbed methanol is removed completely at
charging stage of the LT cycle. Methanol uptake variation w on LiCl/MWCNT composite reaches 1.1
g/g that is much superior to the uptake variations for other studied pairs (0.23 – 0.31 g/g). Furthermore,
the charging temperature for this working pair can be reduced to 67 – 70 C, that is profitable for the
regions with moderate cold climate.
Table 3: The uptake variation and HSC of the new composites under conditions of the ST and LT
cycles
Working pair
ST cycle
LT cycle
HSC, kJ/g
HSC, kJ/g
w, g/g
w, g/g
LiCl/MWCNT – methanol
0.64
0.92
1.1
1.60
LiBr/MWCNT – methanol
0.31
0.46
0.23
0.34
LiCl/MWCNT – water
0.57
1.70
0.30
0.89
CaCl2/MWCNT – water
0.18
0.53
0.31
0.88
The HSC of the composites is estimated as HSC = wHads. For the ST cycle, the working pair
“LiCl/MWCNT – water” exhibits the largest HSC (1.70 kJ/g) among the new composites. For the LT
cycle, this pair demonstrates lower HSC of 0.89 kJ/g, which, however is still of practical interest. The pair
“LiCl/MWCNT – methanol” exhibits the largest HSH = 1.60 kJ/g under the conditions of LT cycle. It
should be mentioned, that the drawback of synthesized materials is their low packing density and,
consequently, poor heat conductivity and specific power. Nevertheless, this shortcoming was overcome
by means of the composite compacting without binder to form the grains with more dense structure. The
preliminary study of water/methanol adsorption dynamics on the loose grains of LiCl/MWCNT
composite under operating conditions of the cycles demonstrates that the specific power of 1.5-4.0 kW/kg
was reached for both heat storage and heat release stages that is promising for SHS.
Thus, rather promising HSC-values of 1.7 and 1.6 kJ/g (or 470 and 445 Wh/kg) are obtained for water
and methanol as working fluids for the LiCl/MWCNT composite, which was intently prepared for the ST
and LT cycles. These values are much superior to appropriate values (35 – 240 Wh/kg) reported for
common and innovative adsorbents proposed for SHS, like silica gel, zeolites, AlPO-18 and SWS-1L [Yu
et al, 2013; Casey et al, 2014]. This demonstrates that the concept of the intent design of the adsorbent,
optimal for the particular cycle, has a great potential for SHS.
CONCLUSIONS
The paper addresses the synthesis and study of novel composite sorbents based on multi-wall carbon
nanotubes and hydroscopic salts (CaCl2, LiBr and LiCl). The XRD patterns of composites show that the
confined salt is well crystallized and exhibits coherent scattering regions of 20-35 nm. Isobars and
isotherms of methanol and water sorption on the composites are step-wise curves, which indicate the
formation of crystalline solvates “saltNH2O” and “saltNCH3OH”. The dispersion of the salts on the
MWCNT allows alleviation or even elimination of the adsorption-desorption hysteresis. The heat storage
capacity of LiCl/MWCNT composite with water and methanol working fluids is 1.70 and 1.60 kJ/g (470
and 445 Wh/kg) for short-term and long-term heat storage cycles, respectively. This demonstrates that the
new composite holds much promise for sorption heat storage and their utilization can promote the broader
implementation of this advanced technology.
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Abstract
Advances in designing and manufacturing Thermoacoustic Engines (TAE) have increased the need for
more accurate modelling techniques to aid the designing phase of a TAE as well as to increase the
understanding of a TAE’s performance. An Impedance Model of a Two-Stage Travelling Wave TAE was
constructed using Delta EC software. The TAE consists of two Thermoacoustic (TA) Cores in a closed
Feedback Loop and was developed under the Stove for Cooking, Refrigeration and Electricity (SCORE)
Project. Firstly, 8 pairs of pressure sensors were placed along the Feedback Loop to measure the Pressure
and the Particle Velocity at different locations on the loop, then, the TAE was tested at various heat inputs.
Instead of constructing a numerical model of all the components in the TA Core, which is usually very
troublesome due to the lack of information about the exact physical properties of the individual components,
the entire TA Core is treated as an acoustic component with an impedance. Therefore, the numerical model
of the TAE consists of only two components (representing each TA Cores) connected in a closed loop. The
impedances of both components were varied until the results output from DELTA EC converges in a close
loop snapped to known values at limited number of points. The DELTA EC output was validated by
comparing it with experimental data. The process was repeated for all sets of experimental data with various
heat inputs to the TAE. Finally, the equivalent impedances of the TA Core were plotted against the heat
input to the TAE, enabling the impedance of the TA Core to be predicted for any heat input to the TAE.
Introduction
Since the realization that a Travelling Wave Thermoacoustic Engine satisfies the required phasing of a
Stirling Engine (Ceperley, 1979), researchers has made huge advancement in developing higher efficiency
and more powerful Travelling Wave TAE (Chen, 2004; Luo et al. 2008). This has also increased the
necessity of constructing better numerical models to explain, predict and optimise the behaviour of a
Travelling Wave TAE. Rott, 1980 has provided the earliest qualitative explanation of a Thermoacoustic
system, which is now widely known as the Linear Thermoacoustic Theory (LTAT). However, as the TAE
technology continues to improve, the effects of acoustic streaming in the TAE is becoming increasingly
dominant, which affects the accuracy of the LTAT approximations (Penelet et al. 2005). Lycklama a
Nijeholt et al., 2005 and Yu et al., 2007 have used Computational Fluid Dynamics (CFD) techniques to
demonstrate the nonlinear phenomenon in a TAE and subsequently Scalo et al., 2013 has constructed
numerical models of TAE using CFD. Despite that, the high computational cost of using CFD has limited
the models to be very simplified. Another method of simulating a TA system is to use an electrical analogy
to represent the acoustic components, as performed by Riley, 2013. By constructing a complete electrical
circuit, a circuit solver software could be used to investigate the behaviour of the circuit and hence the
behaviour of the TA system. Although the aforementioned methods has shown promising results, but the
most reliable method to simulate a TA system so far is to use a software called Design Environment for
Low-amplitude Thermoacoustic Energy Conversion (Delta EC). The main advantage of using Delta
EC is its low computational cost. In spite of that, Delta EC uses the LTAT to solve for the Pressure and

Velocity of the acoustic wave along the length of the TA system. Therefore, a certain degree of intuition is
needed prior to constructing a numerical model when using Delta EC.
For the work presented here, Delta EC was used to construct a numerical model for a TAE that was
manufactured by Chen et.al, 2013 under the SCORE Project. The TAE was designed to be a travelling wave
TAE consisting of two TA Cores in a closed Feedback Loop. Two TA Cores are needed to reduce the onset
Temperature Difference of the TAE (Biwa et al., 2010). In previous work, the optimum distances between
these two TA Cores were determined and the behaviour of the TAE at different length configurations were
investigated (Goh et al., 2014). However, the performance of the TAE was not sufficient to produce
significant acoustic power. Hence, a numerical model is needed to investigate the behaviour of the
soundwave travelling across the TA Cores and to determine the factors affecting the TAE’s performance.
Since the TAE was already manufactured, much intuition of its performance can be obtained by simply
conducting costly experimental investigations. Hence, it is an obvious choice to use Delta EC to construct
the numerical model. The TAE was operated at various conditions and a Delta EC model was constructed
for every case. It was found very challenging to simulate the interactions between the heat exchangers and
the acoustic gas. Thus, an impedance model of the TAE was constructed and compared together for every
case. The Impedance values of the TA Cores at various Heat Inputs were plotted, allowing the performance
of future operating conditions of the TAE to be predicted by extrapolating from the curves presented in this
work.
Experimental Set-Up
An experimental setup was constructed to conduct experiments on the TAE as required first to gain an
intuition on the magnitude of the sound wave travelling in the TAE. Figure 1 shows a picture of the actual
TAE setup. More details of the design of the TAE was presented by Chen et al., 2013. Firstly, 8 pairs of
pressure sensors were placed along the Feedback Loop to measure the Pressure and the Volume Velocity
using the two-microphone method (Jacobsen & de Bree 2005), as shown in Figure 2. The lengths of AB
and CD of the Feedback Loop is 6.91 m and 1.04 m respectively. The length contributed by each TA Core
is estimated as 0.55 m. Three operating conditions were conducted, which is 395 W, 500 W and 800 W
Heat Input from the Electrical Heater. The heaters were turned on for approximately 2 hours before the
conditions in the TAE reaches Steady State, then the following data were recorded:





The frequency, f of the oscillation.
The Pressures of all the Pressure Transducers. The length of the data recorded is
approximately 15 mins at a sampling rate of 1613 Samples per second,
The temperatures at the Hot Heat Exchangers (HHX). Ambient Heat Exchangers (AHX),
water inlet temperature to the AHXs and water outlet temperature from the AHXs.

Figure 1: the experimental setup of the TAE under investigation.
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Figure 2: Schematic Diagram of the TAE. The Begin point for the DELTA EC Model is also
marked here. Selected connections of the Pressure Transducers to the DAQ are hidden for better
illustration. Illustration is not to scale.

The Impedance Model
To construct the Impedance Model, the entire TA Core was treated as an acoustic component with an
impedance and a compliance. In Delta EC, the IMPEDANCE component consist of a Real Part and
Imaginary Part, representing a resistance and an inertance. Therefore, this IMPEDANCE component is
connected to the COMPLIANCE component to represent an entire TA Core. Both TA Cores were
represented in this manner and were connected by the DUCT component, which represents the Feedback
Loop. The starting point of the Delta EC model is shown in Figure 2 where the TBRANCH component was
used together with the UNION component such that the continuity boundary conditions was applied at this
point to represent a closed loop. The values of the IMPEDANCE and COMPLIANCE was varied, with the
aid of the Delta EC’s built in Guess and Target function, until the results output from Delta EC matches
the data recorded by the pressure sensors. The comparisons between the Delta EC results and the
Experimental Results is shown in Figure 3.
Referring to Figure 3, the Delta EC model converges very well to the Experimental Results for both the
Peak Pressure and Peak Flow Rate. However, for the Intensity, two points in between the TA Core 2 and
TA Core 1 have a relatively poor comparisons between numerical and experimental results. These points
corresponds to the section CD shown in Figure 1. The poor convergences of the data at these two points
could be due to the sensors being closely situated between the TA Core and a Pipe Elbow. The calculations
for the Intensity is greatly affected by uncertainties in estimating the phase difference between the Pressure
and Velocity of the sound wave (Biwa et al., 2008). Hence, the location of these two pairs of pressure
transducers might have affected the phase recorded.
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Figure 3: Comparisons of the Delta EC Model results with the Experimental Data. The data points
indicates the Experimental Data at various Heat Input and the dashed lines are the corresponding
Delta EC Model results.

Next, the values of the IMPEDANCE and COMPLIANCE used for all the models are plotted against the
Power Input to the TA Core, as shown in Figure 4. It can be observed that there is a quadratic relationship
between these variables. From Figure 4, the values of the IMPEDANCE and COMPLIANCE for future
Power Inputs could be predicted. Therefore, the performance of the TAE could be predicted by
reconstructing the Impedance Model using the predicted values of the IMPEDANCE and COMPLIANCE.
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Figure 4: The Real Part and Imaginary Part of the Impedance and the Compliance Volume used in
the Delta EC Model to represent the TA Cores.
Concluding Remark
An alternative way of modelling TAE was developed, the new approach is using simple impedance
equivalence method to model the complex integrity of the cores of the engine. The new method proved to
be very useful alternative for complex thermoacoustic systems. In the investigation of the performance of
a Two-Stage Travelling Wave TAE, this method can be used to replace the very challenging process of
constructing a detailed numerical model. Hence, by using the Impedance Model method, a simplified
numerical model for the TAE was constructed by matching the numerical models results to the available
experimental results. This was performed using Delta EC. The TA Core was represented by an Impedance
and Compliance connected in series in Delta EC and it was found that the Impedance of the TA Cores
against Power Input exhibit a quadratic trend. Using this trend, the performance of the TAE can be predicted
for different Power Input.
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ABSTRACT
This paper presents the development and study of three types of carbon composites that use lignin binder,
silanes binder and Expanded Natural Graphite (ENG) as a way of enhancing their thermal properties in
order to perform more efficiently in a refrigeration or heating system.
Three different techniques were used in order to obtain the thermal properties: Anter and, HyperFlash
thermal conductivity instruments and a Large Temperature Jump apparatus.
Results show that ENG increases drastically the thermal conductivity of the samples (up to 3.4 W/(mK))
but reduces the carbon density (450 kg/m3) and increases the thermal mass of the system. Lignin binder
samples show lower thermal conductivities (0.3 W/(mK)) but higher carbon densities (750 kg/m3) which
increases the performance of the machine .
Thermal conductivities of samples were also obtained for a wide range of working temperatures (25200°C).
INTRODUCTION
Researchers at the University of Warwick at currently developing a sorption gas fired heat pump that uses
active carbon and ammonia. A major problem of the active carbon used in the systems is its low thermal
conductivity. During a refrigeration cycle, the adsorbent has to be heated (desorbing refrigerant) and
cooled (adsorbing refrigerant) in order to complete a thermodynamic cycle.
The aim of the heat pump development is to achieve low capital costs by means of reducing the size of
the sorption generators and using rapid cycles (minutes). In order to achieve this, high rates of heat and
mass transfer in and out of the adsorbent are crucial; it is important to increase its thermal conductivity
and reduce the resistance of its thermal contact with the walls of the heat exchanger without increasing
the thermal capacity of the generator or reducing its mass transfer.
CARBON COMPOSITES
Three different carbon composites were developed with different binder materials in order to increase
their thermal properties:
Lignin binder:
These lignin-carbon composites consist of blocks made of a mixture of carbon and ammonium salt of
lignosulfonate, a lignin based binder.
The blocks are made by mixing 85% weight of carbon (grains, powder or a mixture of both) and 15% in
weight of lignosulfonate. Then hot water is added to the mixture, 50% weight of carbon, as it dissolves
the binder and helps to create an homogenous mixture. After that, the mixture is compressed to the
desired shape in a press between 60 and 106 MPa creating the blocks. Finally, the blocks are fired at
500°C in an inert atmosphere in order to carbonise the organic binder.
Expanded Natural Graphite (ENG):
These carbon composites consist of blocks made of a mixture of carbon and flakes of ENG.
The blocks of carbon and ENG are made by mixing between 50 and 25% weight of ENG and 50 and 75%
respectively of carbon (grains, powder or a mixture of both). Then water is added to the mixture, 100%
weight of carbon, which helps to create a homogenous mixture. Finally, the mixture composite is
compressed to the desired shape in a press between 60 and 106 MPa creating the blocks.

Silane binders:
There exist a type of silanes that have the characteristic of chemically bonding with stainless steel and
carbon which could help decrease the wall contact resistance that exists between carbon and stainless
steel.
The carbon-silane composites blocks are made by mixing 50:50 in weight two aqueous solutions of
different silanes. The solutions are prepared by mixing 90% volume ethanol, 5% volume water and 5%
volume silane. These solutions need to be prepared 24 h in advance of using them as they need to
hydrolise at room temperature whilst being stirred contiuously.
Then carbon (grains, powder or a mixture of both) is added to the solution obtaining a ration 85% weight
of carbon and 15% weight of silanes. After a process of evaporation of the excess solvent (40%) at 80°C
with magnetic stirring, the mixture is compressed to the desired shape in a press between 60 and 106 MPa
creating the blocks. The blocks are then cured at 40°C for 24 hours, after that they are dipped in the
aqueous binder solution which helps to increase their resilience and cured again at 40°C increasing slowly
to 80°C during 12h.
THERMAL PROPERTIES MEASUREMENT TECHNIQUES
In order to measure the thermal conductivity of the carbon blocks and the wall contact resistance between
the carbon block and a stainless steel surface three different techniques were used:
Anter Quickline-10 machine:
The thermal conductivity of the carbon samples was measured with a steady state technique using flat
plates. A 2 inch diameter carbon sample is placed in between the flat plates and a heat flux created by a
heater and a heat sink travels through the sample. With the recorded heat flux, thickness of the sample
and the calibration line of the machine it is possible to obtain the thermal conductivity of the sample.
LFA 467 HyperFlash machine:
This machine uses a transient technique to measure thermal diffusivity and conductivity. It consists of a
light beam that heats the lower surface of the carbon composite sample and an infra-red detector that
measures the temperature increase on the upper sample surface. With these measurements it is possible to
obtain the thermal conductivity of the sample. As this machine allows different sample temperatures,
measurements of thermal conductivity have been carried out between 25 and 200°C
Large Temperature Jump (LTJ):
An LTJ (transient technique) rig has been designed, manufactured and constructed at the University of
Warwick in order to determine the thermal conductivity and wall contact resistance of carbon composites
and stainless steel.

Figure 1: a) LTJ cell and heat exchanger, b) Schematics of the modelled LTJ control area
A sample of carbon composite shaped around a 10-tube heat exchanger, picture in Figure 1a, is located in
the main vessel of the LTJ. This main vessel is connected to a reservoir vessel with ammonia and pressure
and temperatures in different parts of the system are recorded throughout the experiment. Once the water
that flows through the tubes of the heat exchanger suddenly increases its temperature, the ammonia that

was adsorbed in the carbon composite gets desorbed increasing the pressure of the system. This increase
in pressure is recorded and matched to a simulation program that predicts the thermal properties of the
sample based on the simulated control area pictured in Figure 1b.
THERMAL PROPERTY RESULTS
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Anter & Flash, silane binder + carbon:
Figure 2a shows the relationship between density and the thermal conductivity of two silane + carbon
mixture of grains (66.7%) and powder (33.3%) samples (15% weight of silane). One of the samples was
measured using the Anter machine and the other the HyperFlash machine. Both sample materials are
identical but one was compressed at a higher pressure than the other resulting in higher density.
Figure 2b shows how the thermal conductivity of the sample increases with sample temperature,
measured by the HyperFlash machine. This is important to know as the carbon temperature in a heat
pump is cycled between 30 and 170°C.
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Figure 2: a) Thermal conductivity v. density of silanes and carbon composites, b) Thermal
conductivity v. temperature of silanes and carbon composites
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Figure 3: a) Thermal conductivity v. density of lignin and carbon composites, b) Thermal
conductivity v. temperature of lignin and carbon composites

Figure 3a shows the relationship between density and the thermal conductivity of various lignin + carbon
samples: 100% grains, 100% powder and a 66.7% grains + 33.3% powder mixture (all of them with 15%
weight of lignin). The three types of samples were measured in the Anter and in the HyperFlash machine
for different densities, compression rates.
Figure 3b shows how the thermal conductivity of the samples increases with sample temperature,
measured by the HyperFlash machine. Solid and dashed lines correspond to different levels of
compression.
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Anter & Flash, ENG + carbon:
Figure 4a shows the relationship between density and the thermal conductivity of various ENG + carbon
samples: 100 % grains, 100% powder and a 66.7% grains + 33.3% powder mixture (with 25% and 50%
weight of ENG). The six types of samples were measured in the Anter and in the HyperFlash machine for
different densities, compression rates.
Figure 4b shows how the thermal conductivity of the samples increases with sample temperature,
measured by the HyperFlash machine. Solid and dashed lines correspond to samples with 50% and 75 %
weight of ENG respectively.
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Figure 4: a) Thermal conductivity v. density of ENG carbon composites, b) Thermal conductivity v.
temperature of ENG carbon composites
LTJ, lignin binders + carbon:
A sample of lignin binder + carbon mixture of grains (66.7%) and powder (33.3%) was tested in the LTJ
but as it can be seen in Figure 5 that the simulation model and the experiment could not be matched. It
was believed that there was a source of error in the starting T-p conditions or assumed porosity
characteristics and further testing of this technique will be carried out.
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Figure 5: a) Experimental and simulation pressure of a LTJ lignin carbon composite,
b) Experimental temperatures of a LTJ lignin carbon composite
ADSORPTION CHARACTERISTICS
The mass of refrigerant (ammonia) adsorbed in the beds depends on the temperature and pressure of the
system. The ammonia concentration is calculated with the modified Dubinin-Astakhov equation
presented by Critoph, 1999.
( ⁄

)

kg/kg

[1]

where T is the refrigerant/adsorbent temperature (K), Tsat is the saturation temperature (K), x is the
adsorbed refrigerant concentration (kg/kg), x0 is the maximum (limiting) concentration (kg/kg) and K and
n are constants.
Since the adsorption characteristics of the carbon composites might vary due to the addition of the
binders, adsorption test were carried out with a Rubotherm magnetic suspension balance.
ADSORPTION CHARACTERISTICS RESULTS
Table 1 shows the Dubinin-Astakhov adsorption coefficients of the different carbons tested that were
obtained from the Rubotherm data, plotted in Figure 6.
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Table 1: Adsorbent properties
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Figure 6: Adsorbent performance
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CONCLUSIONS
The thermal conductivity of three different carbon composites has been measured and they perform much
better compared to a vibrated bed of carbon granules that has typically a thermal conductivity of 0.1
K/(mK) and a density of 575 kg/m3.
The samples that showed the highest thermal conductivities are the ones corresponding to 50% weight
ENG (circled in turquois in Figure 7) but when they are plotted v. the carbon density of the sample they
reach a maximum of 450 kg/m3.
The samples that have a 25% weight of graphite (circled in purple in Figure 7) achieve relatively high
thermal conductivities and they reach a carbon density of 620 kg/m3.
The samples that perform with lowest thermal conductivities but highest carbon densities correspond to
the lignin and silane composites (circled in orange in Figure 7). Silane composite samples show lower
thermal conductivities and lower carbon densities that the lignin ones.
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Figure 7: Thermal conductivity v. carbon density of all the samples tested (A-Anter, F-HyperFlash)
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T
Tsat
x
x0
K
N

refrigerant/adsorbent temperature (K)
saturation temperature (K)
adsorbed refrigerant concentration (kg/kg)
maximum (limiting) concentration (kg/kg)
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constant
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NOMENCLATURE LIST
Symbol

Description

Unit

Symbol

Description

Unit

dcmp

Thickness of the metal adsorbent
composite
Porosity of uncoated fibres
Diameter of uncoated fibres
Length and width of the sample
Adsorbent mass
Adsorbent layer thickness
Macro pore diameter
Surface temperature of sample

m

TcldPlt

Coldplate temperature

K

m
m
kg
m
m
K

Teqi
X
PV
Δhads
Mfib
t

Equilibrium temperature
Loading
Power density
Adsorption enthalpy
Mass of fibres
Time

K
kg/kg
W/dm³
J/kg
kg
s

ψpre
dfib,pre
a, b
Msorb
dcryst
dmaP
Tsrf

ABSTRACT
The development of thermally driven adsorptive heat pumps is strongly linked with the understanding of
the dynamics of the adsorption process within the adsorption heat exchanger, which is the key component
of adsorption systems. In recent years, much effort has been put in developing adsorption heat exchangers
providing a good mass transfer in the adsorbent bed and a good heat transfer between adsorbent and metal
structure of the adsorption heat exchanger (Dawoud 2013; Aristov 2014; Füldner 2015).
Aluminum based fibrous structures have a high surface area in the order of magnitude 104 m2 /m3, a
good thermal conductivity of 5...30 W/(m∙K) and a high porosity between 60 % and 80 % (Andersen et al.
2007), which makes them a promising metal support for adsorption heat exchanger designs. With the
technique of partial support transformation (PST) it is possible to grow SAPO-34 crystals directly on the
aluminum fibres, which leads to low thermal contact resistances (10-5 m²∙K/W) between adsorbent and
metal (Bauer et al. 2009). The adsorption kinetics of such structures was analyzed (Wittstadt et al. 2015)
and modeled (Füldner 2015) with a detailed model of the heat and mass transfer processes in the fibrous
structure as well as the adsorbent layer. The thermal contact between the fibrous plate and the metal
support as well as the thickness of the adsorbent layer were found to be important parameters for a further
improvement of the power density of these composite materials. Further degrees of freedom are the
porosity, the thickness of the composite and fibre properties (length, diameter).
In order to base the theoretical geometry optimization on a solid experimental basis, a set of 26 small
scale samples (max. base area of 43∙43 mm²)as shown in Figure 1 was manufactured and experimentally
characterized in the last two years.

Here, the measurement results of the most promising samples are presented. The evaluation includes the
calculation of driving temperature differences, which makes it possible to differentiate between heat and
mass transfer resistances without fitting the experimental data with numerical models. Finally, a possible
path for further improvements of the power density of these composite materials is shown.
SAMPLE PREPARATION AND PROPERTIES

Fibrous plate

1cm

2m m

Metal
support

Figure 1 – Aluminum fibre/SAPO-34 composite sample, top view (left), side view (right)
An overview of the most important sample properties is listed in Table 1. Following quantities in Table 1
were measured directly:
 the thickness of the fibrous plate dcmp is approximately 3 mm or 5 mm,
 the porosity of the uncoated fibrous structures is between ψpre 70 % and 80 %
 the length of the uncoated fibres is 6 mm or 12 mm, the diameter dfib,pre is 110 µm, 123 µm or 185
µm
 Length a and length b of the sample
The adsorbent mass Msorb was measured after the PST process with two different methods. Following
quantities were calculated using geometric correlations and the model of a cylindrical pore:
 the mean thickness of the adsorbent layer on the fibres dcryst is between 14 µm and 27 µm
 the macro pore diameter dmaP is between 119 µm and 625 µm
The fibrous plate is sintered on the metal support, except for sample 8. In this case, the fibrous plate is
glued on the metal support.
Table 1 – Properties of the measured samples
Sample
11
2
31
42
52
63
73
8

a
in b
in dcmp in dfib,pre
mm
mm
mm
in µm
35.4
20.1
2.9
123
43.2
43.2
3.0
185
35.4
20.1
2.9
123
56.3
20.1
2.8
110
56.3
20.1
2.9
110
22.5
20.1
5.0
110
22.5
20.1
5.0
110
36.7
20.1
5.7
185

Msorb in
g
0.83
0.59
0.64
0.88
0.91
1.18
1.21
1.02

dcryst in dmaP in ψpre
µm
µm
24
214
0.70
14
625
0.786
18
195
0.70
23
360
0.80
22
343
0.80
26
151
0.71
24
119
0.71
27
457
0.75

Msorb/
Mfib
0.72
0.23
0.44
0.86
0.83
0.89
0.71
0.49

MEASUREMENTS
The experimental characterization of the adsorption dynamics is based on adsorption measurements with
the method of the large pressure jump (LPJ). All measurements were performed at Fraunhofer ISE in the
1

The superscripts 1, 2, and 3 indicate that these pairs have the same fibrous structure, but their adsorbent mass
differs. Furthermore, the metal mass of the fibrous structure after the PST process is different for these pairs. Thus,
they differ also in their macro pore diameter.

kinetic measurement test facility described by Frazzica, Füldner et al. (Frazzica et al. 2014). The pressure
and steam temperature are measured, the water uptake during a measurement is calculated using the law
of the ideal gas. All samples were measured under the same conditions: the temperature of coldplate was
kept constant at 40 °C throughout the measurement, temperature of desorption was 95 °C at a pressure of
42 mbar, starting pressure of the adsorption was 23 mbar. This results in an initial loading between 0.05
kg/kg and 0.06 kg for all samples and a loading difference between 0.16 kg/kg and 0.23 kg/kg.
ADSORPTION DYNAMICS
The adsorption dynamics are compared by calculating the rise up time between 15 % and 80 % relative
loading. The results for all 8 samples are shown in Figure 2 (secondary y-axis on the right). By comparing
sample properties and the results for the adsorption dynamics, following conclusions can be drawn:







A strong dependence of adsorption dynamics on the adsorbent layer thickness dcryst is observed
A significant difference between samples with 3 mm and 5 mm thickness of composite can be
seen, e. g. the rise up time is up to twice as high as could be expected from samples with the same
adsorbent layer thickness.
Samples 4 and 5 have nearly the same dynamics as sample 1, which is not a mass transfer
limitation, since the macro pores of these samples are larger than the macro pores of sample 1 and
the mean adsorbent layer thickness is smaller than it is for sample 1
The influence of macro pore size can be seen in comparing sample 8 with samples 6 and 7.
Sample 8 has a macro pores diameter, which is up to four times larger than the macro pore
diameters of sample 6 and sample 7. Thus, the rise up time of sample 8 is lower than it is for
sample 6 and sample 7, although the adsorbent layer thickness of sample 8 is slightly higher than
it is for all other samples.

Since the surface temperature of the samples is measured and evaluated a more differentiated comparison
of the samples is possible.
EVALUATION OF DRIVING TEMPERATURE DIFFERENCES
The surface temperature of the sample Tsrf is measured with an infrared sensor. Although the temperature
differs within the sample, this value is taken as a measure for the mean adsorbent temperature. The
temperature difference of heat transfer is calculated using this temperature according to equation [1].
ΔThtTrn =Tsrf -TcldPlt

[1]

The temperature difference of mass transfer is defined in equation [2] as the difference between adsorbent
equilibrium temperature Teqi(p,X) and the surface temperature of the sample.
ΔTmassTrn =Teqi (p,X)-Tsrf

[2]

In order to compare the time dependent temperature differences for all samples on the same basis, the
temperature differences are integrated and weighted using the gradient of the loading, according to
equation [3].
t
dX
[3]
∫0 ΔT⋅ dt ⋅dt
ΔTmean =
t dX
∫0 dt ⋅dt
The weighted temperature differences of heat and mass transfer are shown in Figure 2. For the
measurement conditions presented here, the overall temperature difference of all samples is
approximately 16 K. Thus, all measurements were conducted having nearly the same driving temperature
difference.
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Figure 2 – Temperature differences (primary y-axis, left) and rise up times (secondary y-axis, right)
of LPJ HP measurements of all samples. All measurements have nearly the same overall driving
temperature difference (approx.. 16 K).
By differentiating between the temperature difference of heat and mass transfer the limiting factors can be
identified for each sample:
 The heat transfer limitation is dominating the measurements of samples 2 and 9. Since both
samples have completely different properties, this results in huge differences regarding the time
constants. The thin adsorbent layer of sample 2 leads to small rise up times (fast adsorption
dynamics). Thus, the sample is heating up quickly in the beginning of adsorption and the rest of
the adsorption process depends on how good the heat is transferred to the coldplate. In case of
sample 8 the heat transfer limitation is due to the bad thermal coupling between the fibrous plate
and the metal support, which leads to a high rise up time.
 The fibres of sample 1 and sample 3 are similar, but the adsorbent coating differs in its layer
thickness. Sample 3 was expected to have a lower mass transfer limitation than sample 1, which
is not the case. It seems that also the coupling between fibrous plate and metal support is different
for both samples, thus both a better heat transfer and a thinner adsorbent layer contribute to
fast adsorption dynamics in case of sample 3.
 If sample 1 and sample 5 are compared, it is obvious that the slightly slower adsorption kinetics
of sample 5 is due to a higher heat transfer resistance between fibrous plate and metal support
and a worse thermal conductivity of the fibrous structure. The measured effective thermal
conductivity2 of sample 1 is much higher than it is for sample 5 (8.711 W/(m∙K) and
2.812 W/(m∙K)). The adsorbent layer thickness of sample 5 is thinner and the macro pore size is
larger, which would rather accelerate the adsorption dynamics instead of slowing it down.
 Sample 1 and sample 6 have nearly the same adsorbent layer thickness. The difference between
these samples is the thickness of the metal adsorbent composite, which is 3 mm in case of
sample 1 and 5 mm in case of sample 6. The temperature differences of sample 6 indicate a
strong heat transfer limitation, which is plausible, since the thermal resistance increases with an
increasing thickness of the metal adsorbent composite. Furthermore, the measured effective
thermal conductivity2 of sample 1 is more than twice as high as it is for sample 6 (8.711 W/(m∙K)
2

The thermal conductivity measurements are performed before the samples are directly crystallized, thus these
values are only an indicator for the true thermal conductivity of the samples. However, the effective thermal
conductivity is a combination of the heat transfer in the composite, which depends mainly on the fibre diameter and
the porosity, and the heat transfer resistance between fibrous plate and metal support.



and 4.128 W/(m∙K)), which also increases the heat transfer resistance and helps to explain the
strong heat transfer limitation of sample 6.
If sample 6 and sample 8 are compared, the mass transport limitation of sample 6 caused by the
much smaller macro pores of sample 6 becomes visible. The temperature difference of mass
transfer of sample 6 is twice as high as it is for sample 8. Although sample 8 has a thicker
adsorbent layer and a bad thermal coupling between fibrous plate and metal support (since
sample 8 is glued and sample 6 is sintered), it shows faster adsorption dynamics than sample 6,
which can only be explained with the smaller macro pores of sample 6.

POWER DENSITY
The mean power density of the composite is defined in equation[4]. The main factor for the power density
is the adsorption dynamics, which is the ratio of absolute loading difference between 15 % and 80 %
relative loading and the rise up time.
Msorb
X80 -X15
[4]
⋅Δhads ⋅
a⋅b⋅dcmp
t80 -t15
The ratio of adsorbent mass 𝑀𝑠𝑜𝑟𝑏 and mass of the fibres 𝑀𝑓𝑖𝑏 is an indicator for the COP, which can be
achieved in a cycle without heat recovery (low ratio means low COP, high ratio means high COP). In
Figure 3 the power density is plotted over this ratio for all samples.
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Figure 3 – Mean power density of the measured samples over the ratio of adsorbent mass and fibre
mass. The sample properties are shown in brackets {𝒅𝒄𝒓𝒚𝒔𝒕 , 𝒅𝒎𝒂𝑷 , 𝒅𝒄𝒎𝒑 }, the rectangle refers to
samples with up to 3 mm thickness of the composite, the triangle refers to samples with at least
5 mm thickness of the composite.
In combination with the results for the adsorption dynamics in Figure 2 following conclusions can be
drawn:





Samples 1, 2, and 3 have the highest power densities, for these samples, the power density is
decreasing with an increasing adsorbent layer thickness
The power density of the samples with 3 mm composite thickness (1, 2, 3, 4, 5) decreases nearly
linear with the ratio of adsorbent mass to fibre mass. It depends on the optimization criterion
(high power density or high COP) which geometry is optimal.
The relation between power density and rise up time is highly non-linear: The highest power
density of sample 2 has the lowest rise up time of only 8.5 s, sample 1 has approx. 60 % of the
power density of sample 2 but a half cycle time of approx. 60 s, which is a factor of 8.

CONCLUSION
The fibrous structures presented here offer much degrees of freedom for the design of adsorption heat
exchangers and cycles, which means to be able to tailor the adsorption heat exchanger to the needs of the
cycle:



If the hydraulics of the cycle allow very short half cycle times (< 10 s), fibrous structures with a
thin adsorbent layer can be used and very high power densities can be achieved
If the cycle time should be longer due to hydraulic limitations, thicker adsorbent layers can be
used, providing still a high power density

The evaluation of the driving temperature differences allows the identification of heat and mass transfer
limitations. Although the samples presented here achieve high power densities, there’s still some potential
for improvement. A good compromise between a high COP (high ratio of sorbent to metal) and a high
power density could be a configuration between sample 1 and sample 2: dcmp=3mm, dcryst=15µm,
dfib,pre=100µm, ψfib,pre=0.7 resulting in a macro pore diameter of dmaP=200µm..
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ABSTRACT
This paper presents the experimental testing of a gas-fired adsorption heat pump system which is
currently under development and is intended to replace domestic gas boilers. The adsorption cycle
uses ammonia refrigerant and activated carbon adsorbent in a two-bed system with heat recovery. It
is currently at the laboratory proof of concept stage and has an electrical heat input in order to focus
on the development of the adsorption system.
The system was previously tested in the laboratory at delivery temperatures suitable for underfloor
heating and low temperature radiators. Heat outputs of between 6 and 11 kW were achieved at a COP
(the ratio of useful heat output to the high temperature heat input) of up to 1.22 for low temperature
radiators and 1.3 for underfloor heating. The experimental results matched closely to the
computational model of the system, however the thermal mass of the adsorption generators was
higher than desirable and limited the COP of the system.
The mass of components such as the generator heat transfer fluid manifolds have now been reduced
and further testing carried out on the machine. The COP with underfloor heating is now up to 1.34.
If it is assumed that a high temperature gas burner could achieve a gross efficiency of 80% and that
a further 10% could be recovered to the load with a heat exchanger on the burner exhaust, then an
overall system COP (ratio of useful heat output to the higher calorific value of gas used) of 1.17
could be achieved. This would represent a 23% reduction in fuel usage compared to a condensing
boiler with a gross efficiency of 90%.

INTRODUCTION
In the drive to develop products that will result in major energy use reductions, domestic sorption
heat pumps have a long history and many variations have been tried. One of the earliest attempts
was by Miles et al (1993). More recently products are being developed by Vaillant, Viessmann and
Robur (2009).
The work here describes the development of a gas-fired carbon ammonia adsorption heat pump at
the University of Warwick. The cycle uses ammonia as the refrigerant due to its ability to operate
well below 0°C (and therefore operate as an air source machine) and the high working pressure,
which should enable the machine to be made compact.
Previous developments at Warwick employed a four-bed system with 3 stages of heat recovery to
achieve a high COP (Metcalf et al 2014). The system presented here is a simplified two-bed system
with heat recovery. Although the achievable COP is reduced, the system should be lower cost as it
has fewer pumps and a simpler valve arrangement for diverting the heat transfer fluid to the beds.
The power density (the heat output per unit volume or mass of machine) is also higher with a twobed cycle, so the machine should be more compact and lower cost.
The first iteration of the two-bed system was tested in the laboratory at delivery temperatures
suitable for underfloor heating (36°C flow, 27°C return) and low temperature radiators (48°C flow,
40°C return) with evaporating temperatures between 0 and 7°C. Heat outputs of between 6 and 11
kW were achieved at a COP (the ratio of useful heat output to the high temperature heat input) of
up to 1.22 for low temperature radiators and 1.3 for underfloor heating. Although it performed as
predicted by the computer simulation model, the thermal mass of the sorption beds was higher than
desirable which limited the COP. The simulation model predicted that if the thermal mass of the

sorption beds were reduced, the COP with underfloor heating could be increased to 1.35. The
construction and testing of this lower thermal mass system is presented here.
SYSTEM DESCRIPTION
Sorption Generators/Beds
The core of the sorption generators is shown in Figure 1 below. It is a shell and tube design with
1.2 mm OD, 0.8 mm ID stainless steel tubes on a 3 mm hexagonal pitch. The original design
contained 769, 310 mm long tubes. This was later increased to 1777, 415 mm long tubes after
testing revealed that heat transfer in the adsorbent was poorer than predicted due to high wall
contact resistance between the tubes and the carbon. This size increase was necessary in order to
achieve the required heat output for a realistic domestic heat pump system. The carbon adsorbent is
poured between the tubes as a mixture of 2/3rds grains to 1/3rd powder which gave the highest
achievable carbon density. The heat transfer fluid (pressurised hot water) flows inside the tubes.

Figure 1: Sorption generator core
The core is then inserted into a stainless steel shell with o-rings to seal between the ammonia on the
shell side and the water on the tube side. Figure 2 shows the previous heat transfer fluid manifolds
which needed to be 10 mm thick in order to withstand the 8 bar pressurised hot water. These added
significant thermal mass and were the main cause of the reduced COP. Figure 2 also shows the new
lightweight domed end plates as used on the machine tested here. The mass has been reduced from
10 kg of stainless steel to 2 kg per generator. The mass of heat transfer fluid within the manifolds is
also important and this has remained approximately the same between the two designs.

Figure 2: Previous generator heat transfer fluid manifolds (left),
and new lightweight domed manifolds (right)

Heat Pump System
Figure 3 shows the complete heat pump system under test in the laboratory. It uses a plate heat
exchanger ammonia condenser and a shell and tube flooded evaporator. Although the final product
is intended to be an air-source machine for ease of retrofit, the evaporator uses a glycol heat source
in order to make analysis of the cycle more straightforward (due to the difficulty in making
accurate flow rate and transient humidity measurements with air). The high temperature and load
water flow rates are measured with Coriolis mass flow meters and the inlet and outlet temperatures
with PT100 sensors to ensure suitable accuracy of the measured COP.

Figure 3: Proof of concept heat pump system
The high temperature water, load water and glycol flows are controlled by Huber unistats. The system
does not include the gas burner, as it was decided that development should focus on the sorption
system itself.
RESULTS
Initial testing revealed that the heat input to the evaporator was significantly lower than the heat
output from the condenser, which suggested that liquid was being carried over from the evaporator.
This was due to an insufficient separation volume above the liquid in the evaporator and the sharp
transient produced each half cycle by the adsorption cycle. This was rectified by placing a separation
vessel on the evaporator suction line and adding a further heat exchanger to the suction line to ensure
that any remaining liquid carryover was evaporated before reaching the generator.
With these improvements made, the system was retested and Table 1 below shows the COP and
heating power achieved under a range of operating conditions and cycle times.

Cycle
Load
Load
Evaporating
Heating
Time [s] Inlet [°C] Outlet [°C] Temperature [°C] Power [kW]
COP
480
26.2
31.7
3.2
8.06
1.34
420
27.1
33.1
0.1
8.93
1.32
420
28.2
34
3.7
8.56
1.33
480
28.8
35.1
-1.6
9.34
1.30
420
32.9
37.9
3.9
7.45
1.26
360
33.4
38.8
4
8.07
1.23
540
37.6
42.7
1.9
7.59
1.24
480
38
43.4
1.8
8.06
1.23
300
40.5
46.7
3.5
9.23
1.19
Table 1: COP and heating power for a range of operating conditions
DISCUSSION
The heat pump system operated reliably for the period of 12 hours which was required to obtain the
data points in Table 1. However, comparison of the performance of the new low thermal mass
system with the previous machine was made problematic by fluctuations in the load water inlet
temperature. Figure 4 shows the variation in the load water inlet temperature during a cycle for the
first case in Table 1.
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Figure 4: Load water inlet temperature during 1st case in Table 1
Figure 4 shows that there is approximately 8°C variation between the minimum and maximum inlet
temperature during the cycle (the values given in Table 1 are the mean values). This variation is
caused by the unsteady nature of the heat output from the adsorption system which means that the
unistats are unable to maintain a constant temperature. Figure 5 shows the variation in heat output
during a cycle for the first case in Table 1, which shows how far the output varies from the mean
value of 8 kW.
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Figure 5: Variation in heat output during a cycle, first case in Table 1
It was also difficult to obtain a fixed mean inlet temperature for every operating condition. The
unistats controlled the water and glycol temperatures indirectly through a plate heat exchanger with
controlled temperature silicone oil on the primary side and the water or glycol on the secondary
side. For a fixed silicone oil set temperature, the mean inlet temperature varied as the heat output
from the machine varied with each operating condition. The previous system used a bank of
domestic radiators as the load which had sufficient thermal mass to damp out the fluctuations in
outlet temperature from the machine and maintain a stable inlet temperature.
In order to fully evaluate the performance of the new system, the computer model must be adapted
to include the effects of fluctuating inlet temperature. Nevertheless, the results look encouraging.
The first three cases in Table 1 show that COPs between 1.32 and 1.34 were achieved with delivery
temperatures between 32 and 34°C and with a heat output between 8.5 and 9 kW. If it is assumed
that the high temperature gas burner has a gross efficiency of 80% and that a further 10% could be
recovered to the load with a heat exchanger on the burner exhaust, then the sorption system COP of
1.34 would correspond to an overall COP (ratio of useful heat output to the higher calorific value of
gas used) of 1.17. This would represent a 23% reduction in fuel usage compared to a condensing
boiler with a gross efficiency of 90%.
Comparison at higher delivery temperatures is more problematic as only one point was obtained at
a 40.5/46.7°C load water temperature which is similar to the 40/48°C condition for the previous
system. The COP of the new system at this condition is lower at 1.19 compared to 1.22, however
this is at a shorter cycle time and a higher heating power of 9.23 kW compared to 7.2 kW. The
remaining points in Table 1 vary between a COP of 1.23 and 1.3, but all for delivery temperatures
intermediate to the two test conditions for the previous system.
CONCLUSIONS AND FUTURE WORK
The heat pump system was constructed and satisfactorily tested after improvements were made to
the evaporator. An improvement in COP at low delivery temperatures was achieved compared to
previous designs as a result of a reduction in the thermal mass of the sorption generators. However,
comparison of the performance with previous designs was made problematic by difficulties in
maintaining a steady load water inlet temperature to the machine.
The computer model must be adapted to account for the fluctuating inlet conditions to confidently
confirm whether the reductions in thermal mass have made the predicted improvements to the
efficiency.
The test system should also be modified to ensure a more stable inlet temperature.
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1

INTRODUCTION

The use of hydration reactions of hygroscopic salts for thermochemical applications like thermal storage
and thermally driven cooling or heat pumping has attracted rising interest (Aristov 2013; N’Tsoukpoe et
al. 2014; Solé et al. 2015). A similar field of application is for humidity control (Glasser 2014).
This theoretical work focusses on the question of the suitability of salt hydrate reactions for given temperature boundary conditions of any target application, i.e. temperatures of heat absorption and release of
the different cycle phases. This adds an often neglected aspect to common evaluation criteria thermal
storage density and cycle efficiency. The scope is solid-solid reactions with water as a working fluid.
Hence, ammoniates or alcoholates are not considered neither reactions purposely including (partial) liquefaction of the salt hydrate. The latter may be the case for salt hydrates dispersed in porous media (Gordeeva, Aristov 2012) or in a stable host matrix (Hallström et al. 2014).
2

METHODS

2.1

Ideal cycle

The salt hydrates are assessed based on the ideal single stage single step closed sorption cycle shown in
Figure 1. The hydration reaction
𝑀𝑎 𝑋𝑏 ⋅ 𝑛𝐻2 𝑂(𝑐) + 𝛥𝑛𝐻2 𝑂(𝑔) ⇄ 𝑀𝑎 𝑋𝑏 ⋅ 𝑚𝐻2 𝑂(𝑐)

[1]

occurs in a single step between the crystalline salt hydration levels 𝑚 and 𝑛 with Δ𝑛 = 𝑚 − 𝑛, where 𝑛
can be zero. The inorganic salt 𝑀𝑎 𝑋𝑏 consists of 𝑎 cations and 𝑏 anions. In the following the short form
𝑀𝑎 𝑋𝑏 ⋅ (𝑚 − 𝑛)H2 O will be used for Eq [1].
The equilibrium condition, i.e. saturation pressure 𝑝𝑠,𝑠𝑎𝑡 (𝑇), of this reaction is shown as the dashed line
in Figure 1. The melting point of the higher hydrate 𝑇𝑚𝑙𝑡 is the stability boundary of Eq [1]. In the closed
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Figure 1: Clausius-clapeyron diagram of the ideal single step closed sorption cycle (1: evaporation,
2: rehydration, 3: dehydration, 4: condensation)

cycle the gaseous working fluid (water) is condensed and evaporated at its saturation pressure 𝑝𝑤𝑓,𝑠𝑎𝑡 (𝑇)
(solid line). Below the triple point temperature 𝑇𝑡 the working fluid would be sublimed at the saturation
pressure of pure ice.
The cycle proceeds as follows: At the rehydration pressure 𝑝
the working fluid is evaporated (1) at
temperature 𝑇 absorbing the evaporation heat 𝑄
and reacts with the salt (2) in a single step to the
higher hydration level at the temperature 𝑇 releasing 𝑄 . Once all salt is at the higher hydration level, the amount of heat 𝑄𝑠 𝑠,𝑤 𝑡 is applied in order to bring the “wet” salt hydrate to temperature 𝑇
and
pressure 𝑝
where the dehydration (3) takes place when 𝑄
is applied. At the same time the gaseous
working fluid is condensed at temperature 𝑇
releasing 𝑄
(4). After complete dehydration to the
lower hydration level, the system is brought back to rehydration pressure by cooling (removing 𝑄𝑠 𝑠, 𝑦 )
the “dry” salt hydrate. The liquid working fluid is cooled down to 𝑇 by partial evaporation.
To avoid (partial) melting of the material the condensation temperature may not exceed 𝑇
2.2

,𝑚𝑎

.

Equilibrium properties and sorption enthalpy

For the equilibrium properties of the pure working fluid water the IAPWS-97 formulation (Wagner et al.
2000) is used in an implementation for Excel (Holmgreen 2007).
Assuming water as ideal gas and neglecting temperature dependencies of the molar reaction enthalpy Δ𝐻𝑅
and entropy Δ𝑆𝑅 , the equilibrium properties of the hydration reaction Eq [1] can be calculated with the
modified Van’t Hoff equation
𝑝
𝛥𝑆𝑠° 𝛥𝐻𝑠°
𝑙𝑛 ( ) =
−
,
𝑝°
𝑅
𝑅𝑇

[2]

where the index ° denotes the standard state (25 °C, 1 bar).
The hydration enthalpy Δ𝐻𝑠° (same for Δ𝑆𝑠° ) is the reaction enthalpy per mole of water (Δ𝐻𝑠 = Δ𝐻𝑅 /Δ𝑛),
i.e. the change in enthalpy of the system per amount of water bound from the gas phase.
The reaction enthalpy can easily be deduced from the reactants’ standard enthalpies of formation Δ𝐻𝑓° :
°
°
𝛥𝐻𝑅∘ = 𝛥𝐻𝑓,𝑀
− [𝛥𝐻𝑓,𝑀
𝑎 𝑋𝑏 ⋅𝑚𝐻2 𝑂
𝑎 𝑋𝑏 ⋅

𝐻2 𝑂

°
+ 𝛥𝑛𝛥𝐻𝑓,𝐻
].
2 𝑂(𝑔)

[3]

The same applies for Δ𝑆𝑅° , which may need to be computed from Gibbs free enthalpies (Δ𝑆𝑓° = 𝑇°Δ𝐻𝑓° −
𝑇°Δ𝐺𝑓° ). For many compounds values for Δ𝐻𝑓° and Δ𝐺𝑓° (or Δ𝑆𝑓° ) are available from the literature or from
chemical databases. In this work the extensive database of almost 300 salt hydrate pairs published by
Glasser (2014) (widely based on HSC HSC Chemistry 2009 and Lide 2006) is used for most reactions.
2.3

Assessment parameters

The assessment is based on the equilibrium properties given as characteristic temperature difference, the
coefficient of performance on material level and the mass-related energy storage density.
2.3.1

Characteristic temperature difference

Temperatures and pressures at which the processes take place are coupled through the saturation pressure
curves of the used hydration reaction and the pure working fluid (see Figure 1). As temperature boundary
conditions arise from application, suitable hydration reactions have to be chosen. With the saturation
temperature 𝑇𝑠,𝑠𝑎𝑡 (𝑝) or pressure 𝑝𝑠,𝑠𝑎𝑡 (𝑇) according to Eq [2] the characteristic temperature difference
𝛥𝑇 (𝑝) = 𝑇𝑠,𝑠𝑎𝑡 (𝑝) − 𝑇𝑤𝑓,𝑠𝑎𝑡 (𝑝)

or

𝛥𝑇 (𝑇𝑠 ) = 𝑇𝑠 − 𝑇𝑤𝑓 (𝑝𝑠,𝑠𝑎𝑡 (𝑇𝑠 ))

[4]

may be used to characterize the hydration reactions suitability for a given application. For convenience
Δ𝑇 is given as a function of the salt hydrate temperature 𝑇𝑠 . Its direct relation to the applications’
boundary temperature conditions provides higher practicability than mere saturation pressure curves.
Moreover, the characteristic temperature difference Δ𝑇 is only little dependent on 𝑝 (resp. 𝑇𝑠 ) for most

reactions under practical conditions. Here Δ𝑇
and Δ𝑇 ,100.

is calculated for 𝑇𝑠 = 50 °C and 100 °C written as Δ𝑇

,50

In addition to Δ𝑇 , driving temperature differences and differences between in- and outlet temperature of
the HX-fluid have to be taken into account for any real application. They are required to overcome heat
and mass transfer resistances and to exchange heat at finite HX-fluid flow. The driving forces may be
gradients in temperature, pressure, concentration and/or chemical potential. In terms of temperature levels
the driving forces manifest as an increased temperature difference during dehydration (higher temperature
for dehydration and lower temperature for condensation with respect to equilibrium temperature levels)
and a decreased temperature difference during rehydration (lower temperature for rehydration and higher
temperature for evaporation). The actual level of increase depends on design (heat exchanger (HX) geometry & material, material porosity, vapor channels, supporting structures, etc.) and operation (power
density, flow rates and inlet-outlet temperature differences of the heat exchanger fluids, absolute temperature levels, cycle lengths, etc.). Under practical conditions total increases are in the range of 5 to 20 K.
Several consecutive hydration reactions may be combined to multi-step cycles. Then, the temperature
differences of dehydration and rehydration are determined by the (greatest) Δ𝑇 of the lowest hydration
step and the (smallest) Δ𝑇 of the highest hydration step.
2.3.2

Coefficient of performance

As upper boundary to any possible cycle efficiency the ideal coefficient of performance of the ideal heat
pump cycle (see above) on material level is evaluated. This reference cycle is based on the following:
1. Yield of useful heat on one temperature level: 𝑇
= 𝑇 = 50 °C,
2. Ideal heat and mass transfer: no additional temperature differences,
3. Enthalpies of hydration and evaporation as well as heat capacities are assumed constant and evaluated at 𝑇°: temperature dependency neglected,
4. Balance only on material level: neglected all materials other than the working pair (e.g. supporting structure, heat exchangers, tubing, housing, insulation).
With these assumption and the amounts of heat according to Figure 1, the coefficient of performance is
𝐶𝑂𝑃 =

𝑄

+ 𝑄 + 𝑄𝑠 𝑠,𝑠,
𝑄
+ 𝑄𝑠 𝑠,𝑠,𝑤 𝑡

𝑦

≈

𝛥𝑛(𝛥𝐻 ° + 𝛥𝐻𝑠° ) + 𝑐 ° ,𝑚,𝑠,
𝛥𝑛𝛥𝐻𝑠°

+𝑐

°

𝑦 𝛥𝑇 ,

,𝑚,𝑠,𝑤 𝑡 𝛥𝑇 ,

,

[5]

with Δ𝑛𝑤𝑓 = Δ𝑛 ⋅ 𝑛𝑠 and the definition of the characteristic temperature difference Δ𝑇 Eq [4]. The
dehydration temperature is: 𝑇
= 𝑇 + Δ𝑇 (𝑇 ). The molar heat capacities of the lower and the
°
upper hydration level 𝑐 ,𝑚,𝑠, 𝑦 and 𝑐 ° ,𝑚,𝑠,𝑤 𝑡 are estimated using Kopp’s rule (Liley et al. 1999). The
inherent error of this method in the order of 10% is tolerated given the scarcity of experimental values for
many salt hydrates, the little sensitivity of Eq [5] to 𝑐 ° ,𝑚,𝑠 and the unavoidable coarsness of this material
screening.
2.3.3

Energy storage density

As indicator for the energy storage density the amount of heat released at rehydration is related to the
mass of upper hydrate:
𝑞

=

𝑄
𝑚𝑠,𝑤

𝑡

≈

Δ𝑛Δ𝐻𝑠°
.
𝑀𝑠,𝑤 𝑡

[6]

In any application the salt hydrate is only a part of the total mass of the storage apparatus, hence storage
densities might be about 1/3 to 1/10 of 𝑞 . The volumetric storage density can be deduced from 𝑞
using the material density and porosity.
2.4

Included reactions

The assessment is based on the database of 294 salt hydrate reactions published by Glasser (2014) and
extended by the 17 salt hydrates included in N’Tsoukpoe’s (2014) second screening step. Compounds are

excluded a priori that contain rare earth metals1, radioactive elements (Ra, U or Pu) or precious metals
(Ag or Au),
1. have obvious economic limitations (not available2 at Sigma-Aldrich or only at > 500 €/kganh3),
2. are known to not form any stable hydrate at all (BaSO4, CaF2, K2SO3, K2SO4, KBr, KCl) or where
(de)hydration is known to be strongly irreversible (Al2O3),
3. where the salt itself is unstable at 50 °C or below (e.g. forming gases or exploding) (Al4C3,
Ba(N3)2, MgCO3, MgCO3, NaHCO3), or
4. are mutagenic (GHS H34x), carcinogenic (H35x), very toxic (GHS H300, H301, H310, H311,
H330, H331), very corrosive (H314), very environmentally harmful (H400, H410) or oxidizing
(H271, H272)4.
Moreover, reactions were excluded if the higher hydration level is known to be melting below 50 °C,
because of the associated practical limitation for storage and transport5. Reactions including metastable
hydration levels6, where intermediate hydration levels are unclear/not taken into account7 or that have
values for Δ𝐻𝑓° or Δ𝑆𝑓° missing or suspicious8 could not be included but might be of later interest. In total
the assessment parameters are evaluated for 34 remaining hydration reactions.
3

RESULTS AND DISCUSSION

The results of the assessment of 25 reactions are summarized in Table 1. All (𝑛 = 9) reactions with
Δ𝑇 ,50 < 20 K were disregarded9 as they would hardly provide any useful effect considering temperature
differences for heat and mass transfer (cf. 2.3.1).
For some compounds only information on the stability at certain temperatures could be found, indicating
that the melting point of the higher hydrate 𝑇𝑚𝑙𝑡 must be greater or equal (consequently for 𝑇 ,𝑚𝑎 ).
For some reactions the condensation temperature of the reference cycle (𝑇
= 50 °C) is higher than
𝑇𝑚𝑙𝑡 , i.e. the reference cycle would fail by melting the salt hydrate. In these cases values for COPh and
𝑞
are theoretical extrapolations. However, they remain useful because the effect of the absolute temperature level of the cycles is usually small as the comparison of Δ𝑇 ,50 and Δ𝑇 ,100 shows. It should be
noted that the assumption of temperature invariance for calculating the equilibria (Eq [2]) becomes weak
for high values of Δ𝑇 and results should be regarded as indicative only.
COPh is mainly depending on Δ𝑇 (cf. Eq [5]) with outliers in the CaCl2 hydrates. For these Glasser
(2014) gives vapor pressures above pure water which is implausible and inconsistent with the experimental work cited by N’Tsoukpoe et al. (2015). Therefore, values derived from the latter were used.
However, they should be treated cautiously given the high COPh-values and the striking variation in Δ𝑇 .
Even though restricted to less than 500 €/kg, prices vary by one order of magnitude and remain a relevant
selection criterion depending on the economics of the application. However, the prices mentioned are
only of comparative value and may not be used to judge economic viability of applications.
Interesting candidates for e.g. gas fired heat pumps for space heating with external temperature levels
of -10 °C, 50 °C and 140 °C for ambient source, heating system and heat source respectively may be

1

Sc, Y, La, Ce, Nd, Sm, Eu, Gd, Tb, Dy, Ho, Er, Tm, Yb and Lu
BaAl2O4, CaSeO4, CaSiF6, CaSO3, CaTeO3, CsAl(SO4)2, Cu(IO3)2, Cu3(PO4)2, CuHPO4, K2CuCl4, K2OTiO2, LiNO2, MgSeO3,
MgSeO4, MgSO3, MgTeO3, MnSeO4, Na0.96Al0.96Si2.04O6, Ni(IO3)2, Sr(BrO3)2, Sr(IO3)2, SrTeO3, Th(NO3)4, TiOSO4
3
Ba(IO3)2, BaBr2, BaI2, CoBr2, Cr2(SO4)3, CrCl2, Cs2CO3, CsCl, CuSeO3, LiBO2, LiI, LuCl3, MnBr2, MnF2, MnI2, PrCl3, PtCl4,
Rb2CO3, RbAl(SO4)2, RbF, RbOH, SrBr2, Tc2O7, ThF4, VOSO4, ZnF2
4
Na2S (H301, H311, H314, H400) is included due to its application in the EU FP7 project MERITS
5
CaBr2·(2-6)H2O, CaCl2·(4-6)H2O, CaCl2·(2-4)H2O, LiBr·(2-3)H2O, CaHPO4·(0-2)H2O, LiCl·(1-2)H2O, LiBr·(1-2)H2O,
MgSO4·(6-7)H2O, MnSO4·(5-7)H2O, Na2CO3·(1-7)H2O, Na2CO3·(7-10)H2O, Na2HPO4·(2-7)H2O, Na2HPO4·(7-12)H2O,
Na2S2O3·(0-5)H2O, Na2SO3·(0-7)H2O, Na2SO4·(0-10)H2O, Na2SO4·(7-10)H2O, Na2S·(5-9)H2O
6
MnSO4·(1-4)H2O, Na2SO4·(0-7)H2O, Na2SO4·(7-10)H2O
7
Al2(SO4)3·xH2O, AlF3·(0.5-3)H2O, Ca(CH3COO)2·xH2O, CaSO4·(0.5-2)H2O, FeCl3·(0-6)H2O, K3PO4·(0-7)H2O,
K4P2O7·(0-3)H2O, Mg3(PO4)2·xH2O, MgSO4·(1-4)H2O, Na2B4O7·(0-10)H2O, Na2S2O3·(0-5)H2O
8
FePO4·(0-2)H2O, SrCl2·(0-1)H2O, SrCl2·(1-2)H2O
9
FeSO4·(1-4)H2O, NaBr·(0-2)H2O, FeSO4·(4-7)H2O, Na4P2O7·(0-10)H2O, MgSO4·(4-6)H2O, Na2HPO4·(0-2)H2O,
SrCl2·(2-6)H2O, Na2WO4·(0-2)H2O, FeCl2·(2-4)H2O
2

Table 1: Results of assessed hydration reactions sorted by their characteristic temperature difference, red entries: not possible as dehydration 𝑻𝒔 = 100 °C (𝚫𝑻𝒄𝒉,𝟏𝟎𝟎) or with 𝑻𝒄𝒏𝒅 = 50 °C (𝒒𝒓𝒆𝒉,
COPh) would melt the material (sources of equilibria and 𝑻𝒎𝒍𝒕 by letters10 or (Glasser 2014))
Hydration reaction

T mlt
°C

93d
KAl(SO4 )2 ·(3-12)H2 O
109-149e
Na2 CO3 ·(0-1)H2 O
59e
NaHSO4 ·(0-1)H2 O
a
94f
AlNH4 (SO4 )2 ·(0-12)H2 O
234e
Li2 SO4 ·(0-1)H2 O
118e
FeCl2 ·(0-2)H2 O
≥113g
KAl(SO4 )2 ·(0-3)H2 O
b
176b
CaCl2 ·(1-2)H2 O
130-136e
K2 CO3 ·(0.5-1.5)H2 O
116h
MgCl2 ·(4-6)H2 O
87e
K4 Fe(CN)6 ·(0-3)H2 O
≥100d
Ca(H2 PO4 )2·(0-1)H2 O
c
83c
Na2 S·(2-5)H2 O
96i
LiCl·(0-1)H2 O
c
83c
Na2 S·(0-2)H2 O
b
187b
CaCl2 ·(0-1)H2 O
≥130e
K2 CO3 ·(0-0.5)H2 O
156i
LiBr·(0-1)H2 O
180e
MgCl2 ·(2-4)H2 O
≥300j
FeSO4 ·(0-1)H2 O
≥200e
MnSO4 ·(0-1)H2 O
235e
MgCl2 ·(1-2)H2 O
172h
MgBr2 ·(0-6)H2 O
≤240*k
MgCl2 ·(0-1)H2 O
≥400k
MgSO4 ·(0-1)H2 O

T cnd,max
°C
80.2
≥102
36
76
220
89
≥75
100
≥91
65
28
≥36
27
32
21
62
≥51
72
91
≥232
≥97
120
42
≤40
≥80

ΔT ch,50
K
20
23
23
25
43
44
45
48
49
50
51
55
55
60
63
64
74
76
77
83
84
90
98
128
166

ΔT ch,100
K
10
11
20
16
42
35
41
59
45
51
62
64
56
64
59
86
80
84
87
93
96
104
114
148
190

q reh
kJ/kg wet
1062
479
379
1518
447
808
594
323
385
573
357
211
1124
1041
1297
334
238
663
811
418
411
543
1489
737
780

COPh
1.76
1.70
1.78
1.74
1.67
1.62
1.65
1.82
1.60
1.65
1.70
1.59
1.62
1.61
1.54
1.76
1.45
1.54
1.53
1.48
1.49
1.46
1.51
1.34
1.22

Price
€/kg anh
218
29
26
125
191
175
218
110
49
46
71
70
204
148
204
110
49
139
46
22
24
46
229
46
87

* decomposes at this temperature (might start earlier)

LiBr·(0-1)H2O or MgCl2·(2-4)H2O. They have a sufficiently high melting point to allow high condensation temperatures and reasonable energy densities and COPs. With a 𝑇 ,50 of 76 °C and 77 °C they
would allow total driving temperature differences of roughly 15 K during dehydration and rehydration as
a good basis for reasonable power density. Though, MgCl2 would be the more cost effective choice.
For thermal energy storage applications the two step cycle Na2S·(0-2)H2O+Na2S·(2-5)H2O provides the
attractive storage density of 2004 kJ/kg Na2 S·5H2 O . The highest safe fluid inlet temperature for dehydration is 83 °C. With an assumed total driving temperature difference of 10 K this results in a condenser
inlet temperature of not more than 21 °C – 10 K = 11 °C for the second step (Na2S·(0-2)H2O). This temperature level would need to be provided by an ambient heat sink when charging the storage. When discharging the storage with an assumed ambient heat source providing 5 °C at evaporator inlet, the heat
would be released to the heating system at a temperature level of about 5 °C + 55 K – 10K = 50 °C at the
second step (Na2S·(2-5)H2O). The “temperature loss” during storage would be 33 K.
4

CONCLUSION

Based on the results of this assessment most suitable candidates may be identified by temperature requirements of the targeted application, economic considerations etc. These should undergo further in
depth analysis to verify the data mentioned here (including a more thorough description of saturation
properties) and extend it in terms of stability or reaction kinetics.
For some reactions a low max. condensation temperature 𝑇 ,𝑚𝑎 showed to restrict their applicability
considerably. In thermal storage applications 𝑇 ,𝑚𝑎 restricts the temperature of the ambient heat sink
10

a: Wagman et al. 1982; b: N’Tsoukpoe et al. 2015; c: Boer et al. 2003; d: IFA 2016; e: Gmelin-Institut 1922ff; f: Helmboldt et
al. 2007; g: Grønvold, Meisingset 1982; h: Patnaik 2003; i: Pátek, Klomfar 2006; j: Wildermuth et al. 2000; k: Seeger et al. 2011

(or source) when charging (or discharging) the storage. It will have to be 5-20 K below 𝑇 ,𝑚𝑎 as additional driving temperature differences are required to allow for an acceptable (dis)charging power. As
shown for the case of Na2S·(0-2)H2O, this can be a major challenge for practical applications. Similarly,
for heat pump or cooling cycles, 𝑇 ,𝑚𝑎 restricts the temperature levels of the heating system or the
heat rejection, respectively. It becomes obvious that storage density alone is not a sufficient indicator for
a suitable material for thermochemical storage, nor is COP for heat pumping or cooling applications.
The approach may also be used to find suitable materials for further cycle options like cycles between
different salt hydrates or multi-effect cycles. Also a direct comparison with cycles based on other working
fluids like ammonia or alcohols is possible as the evaluation is independent of the pressure levels.
5
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ABSTRACT
In this paper, we examine integrated thermal energy storage (TES) solutions for a particular domestic-scale
solar combined heat and power (S-CHP) system based on an organic Rankine cycle (ORC) engine and lowcost non-concentrated solar-thermal collectors. TES is an essential system component for steady operation
in climates with high solar irradiance variability. The operating temperature range of the TES solution must
be compatible with the solar collector array and ORC engine in order to maximise the overall efficiency of
the system. Various combinations of phase change materials (PCMs) and solar collectors are compared and
the S-CHP system’s electrical performance is simulated for selected months in the contrasting climates of
Cyprus and the UK. The key performance parameter of the ORC engine (net power output) and the required
TES volume are compared and discussed. Through the selection of an appropriate PCM it is found that a
higher sustained power output per required storage volume can be achieved compared to water as a sensible
heat storage medium. The TES solutions that achieve the best summer performance from the ORC engine
result in diurnal volume requirements of 20-90 L in Cyprus and 200-400 L in the UK.
NOMENCLATURE
Abbreviations
A
area, m2
G
solar irradiance, W m-2
incident angle modifier, 𝐾θ
specific enthalpy, J kg-1
ℎ
L
latent heat capacity, J kg-1
mass, kg
𝑚
heat / thermal energy, J
𝑄
T
temperature, °C, K
mechanical / electrical work, J
𝑊

Subscripts
1,2,3… cycle state points
a
ambient air
b
beam
c
collector
d
diffuse
exp
expander
melt
melting point
r
refrigerant
u
useful energy

INTRODUCTION
Solar-thermal power systems have the potential to provide clean energy in the form of electricity and
useful heat (domestic hot water and/or space heating) across a wide range of applications. While steamRankine and Stirling cycle-based systems are proven technologies for use with medium-to-high
temperature concentrating solar-thermal collectors, organic Rankine cycle (ORC) systems show strong
potential for use in small-scale systems (< 10 kWe) with low-temperature, non-concentrating collectors
(Freeman et al., 2015; Markides, 2015). The steady operation of such systems under time-varying solar
irradiance is dependent on the integration of suitable thermal energy storage (TES) solutions. Large-scale
steam-Rankine concentrating solar power (CSP) plants typically use indirect TES media such as molten
salts (Kalogirou, 2014). TES solutions for small-scale ORC systems include direct storage in the
working-fluid liquid or vapour phase (Casati et al., 2013), packed bed thermal energy storage (Quoilin et
al., 2011) and solid-liquid phase change materials (Jing et al., 2010).
In earlier work (Guarracino et al., 2016), the authors presented a domestic-scale solar combined heat and
power (S-CHP) system based on an ORC engine, taking a thermal input from a 15 m2 rooftop solar thermal
collector array. The possibility was investigated of using a stratified hot-water storage tank to buffer the solar
energy input to the ORC as well as to provide domestic hot water. The operating temperature range of the
storage medium was found to be non-optimal for both the operation of the solar collector array and the ORC
engine in providing maximum work output from the system over the annual period. In this paper, a range of

phase change materials (PCMs) will be considered for use as TES media in the S-CHP system. Specific
attention will be given to the selection of the PCM physical properties (in particular, the melting temperature
and latent heat capacity) for maximisation of both energy storage density and ORC power output.
METHODOLOGY
Figure 1 shows the layout of the S-CHP system of interest. A thermal store (TES) acts as the interface
between the collector array and the ORC engine, while a hot water cylinder re-claims thermal energy from
the de-superheating of the exhaust vapour from the expander. The present study considers two types of nonconcentrating collector: (i) a new-generation evacuated flat-plate (EFP) collector developed especially for
medium temperature process-heating applications (including ORC systems); and (ii) a standard evacuatedtube heat pipe (ETHP) collector designed for low-temperature domestic water heating applications. The
collector array is modelled as south-facing, with an inclination angle of 38°, and constrained to within the
dimensions of a typical domestic roof-space, assumed to be 15 m2 (Freeman et al., 2015).

EXPANDER BYPASS

SOLAR
ARRAY
TES

PUMP
CONDENSER

EXPANDER /
GENERATOR

HOT
WATER
CYLINDER

EFP collector [Ref.: TVP Solar (2013)]:
Model: TVP solar HT-power
𝐴 = 1.95 m2 (module)
𝜂0 = 0.774
𝑎1 = 0.376 m2 K W-1
𝑎2 = 0.006 m2 K2 W-1
ETHP collector [Ref.: ISFH (2013)]:
Model: Thermomax HP 200
𝐴 = 2.84 m2 (module)
𝜂0 = 0.556
𝑎1 = 0.888 m2 K W-1
𝑎2 = 0.006 m2 K2 W-1

Figure 1: Schematic of the S-CHP system and efficiency-curve coefficients
(stated for gross area) of the solar collectors
Calculations are performed at hourly time-intervals in MATLAB, subject to the following assumptions:
(i) the system is operating under quasi-steady state conditions, with the collector thermal capacity
neglected; (ii) the system is operational only for the hours of the day when the solar incidence angle on
the tilted collector plane is < 70º; (iii) thermal losses from the store are negligible; and (iv) the thermal
store begins each day in a fully discharged (solidified) state.
The performance of the solar collectors is simulated using hourly climate data for London and Larnaca
(ASHRAE 2001). The collectors are modelled using the steady state efficiency equation (Eq. 1), which is
solved by assuming that the inlet fluid temperature is equal to the melting temperature of the PCM being
considered. Thus the useful solar energy gain is a function of both the choice of collector and the storage
medium that governs the collector operating temperature:
𝑄̇u = 𝜂0 𝐴(𝐾𝜃,b 𝐺b + 𝐾𝜃,d 𝐺d ) − 𝑎1 𝐴(𝑇̅c − 𝑇a ) − 𝑎2 𝐴(𝑇̅c − 𝑇a )2 .

[1]

The calculations used for the thermodynamic cycle analysis of the ORC engine are summarised in
Figure 2. Two widely-available working fluids are compared in the analysis: (i) R245fa, which has been
previously investigated for use in low temperature solar-ORC systems and has a critical temperature of
154 ºC; and (ii) pentane, which has been investigated for use in higher-temperature solar-ORC systems
and has a critical temperature of 197 ºC.

𝑇1 = 𝑇a,max + ∆𝑇pinch
𝑇3 = 𝑇melt − ∆𝑇pinch
𝑇c,in = 𝑇melt
ℎ2 = ℎ1 + (ℎ2,s − ℎ1 )/𝜂pump
ℎ4 = ℎ3 − 𝜂𝑒𝑥𝑝 (ℎ3 − ℎ4,𝑠 )
𝑊̇pump = 𝑚̇r (ℎ2 − ℎ1 )
𝑊̇exp = 𝑚̇r (ℎ3 − ℎ4 )
𝑊̇net = 𝑊̇exp − 𝑊̇pump
𝜂exp = 75%; 𝜂pump = 65%
∆𝑇pinch = 5 K
∆𝑇superheat = 5 K
∆𝑇subcool = 0

Figure 2: T-s diagram of solar-TES-ORC processes and ORC equations and parameters
The sizing of the ORC engine in relation to the solar input and the store volume requires careful
consideration. If the engine is over-sized in relation to the store, its operation will be limited to short
periods, whereas if it is under-sized in relation to the solar energy input, a larger storage volume will be
required to make full use of any surplus energy collected when solar irradiance is abundant. In the monthly
analysis, the ORC working fluid mass flow-rate is set based on Eq. 2 and the monthly mean solar energy
gain (during operational hours), while the TES volume requirement is calculated as the difference between
the maximum and mean solar energy yield per day, shown in Eq. 3:
𝑚̇r = 𝑄̇u,mean ⁄(ℎ3 − ℎ2 ) ,
𝑉store = (𝑄u,max − 𝑄u,mean )⁄(𝜌𝐿)PCM .

[2]
[3]

The required storage volumes and resulting ORC net power outputs for the various PCM options will be
compared to that for an equivalent system with water as the energy storage medium. This requires the
consideration of a large temperature range for sensible heat uptake rather than a small temperature range for
latent heat uptake. It will therefore be assumed that the sensible storage medium operates between a minimum
temperature, sufficient for the operation of the ORC engine, and a maximum temperature for which the storage
medium (water) remains in its liquid state. This is taken as 130 °C, corresponding to a typical unvented hot
water cylinder working pressure of 2 bar(g). The allowable daily temperature swing, and hence the required
volume of the store, is dependent on the ORC evaporation temperature.
Table 1: Phase change material properties. (PCM Products Ltd., 2013)
Name
S89
S117
A144
A164

PCM type
Hydrated salt PCM
Hydrated salt PCM
Organic PCM
Organic PCM

𝑇melt , °C
89
117
144
164

𝐿, kJ kg-1
1450
1550
880
1500

𝜌, kg m-3
151
160
115
290

RESULTS AND DISCUSSION
Figure 3 shows the mean and maximum daily solar irradiation for each month of the year in Larnaca and
London, respectively. The plots confirm that the Cyprus solar resource is both more abundant and undergoes
less variation on a daily, seasonal and annual timescale than the UK. In Larnaca the mean daily irradiation on
the tilted plane is 5.3 kWh m-2 day-1 compared to 2.9 kWh m-2 day-1 for London. The variation in daily
irradiation for Larnaca is far smaller in summer than in winter, with a standard deviation of 0.2 kWh m-2 day-1
(3%) between the months of June to August; compared to 1.8 kWh m-2 day-1 (39%) over the same period for
London. Thus a TES system designed to buffer daily variations in solar gain in Cyprus can be significantly
smaller than one designed for the UK, and furthermore, can be significantly reduced in size if it is designed
for summer-only operation compared to year-round operation, which is not true for the UK.

Figure 3: Mean and maximum solar irradiation per day for: a) Larnaca and b) London
Figure 4 shows the mean daily solar thermal energy collected by each collector and PCM combination in
Larnaca and London, in selected months (January, April and July). The performance of the collector is
highly dependent on the PCM melting temperature which is shown by the respective decrease in solar
gain. The EFP collector is shown to operate with a significantly higher efficiency than the ETHP collector
throughout the year in both the UK and Cyprus climates. The difference between the mean and maximum
irradiation (solid and dashed bars) in Figure 4 informs the sizing of the thermal store shown in Figure 5,
which is also dependent on the physical properties of the PCM listed in Table 1. It can be seen from the
table that the density and mass-related latent heat capacity of the two hydrated-salt PCMs are quite
similar; while for the two organic PCMs there is a considerable difference in both of these properties,
resulting in a volumetric latent heat capacity that differs by a factor of four.

Figure 4: Useful solar energy gain as a function of collector type, TES medium and month of the
year for: a) Larnaca and b) London
Figure 5 shows that, compared to the latent heat capacity, the PCM melting temperature and its effect on
the collector efficiency has a relatively small impact on the required size of the store. For London, a
larger storage requirement occurs in the summer and mid-season periods (240-1050 L for the EFP
collector array, depending on the choice of PCM), while for Larnaca the largest storage requirement is in
the winter (170-740 L), and in summer it is considerably smaller (25-105 L).
In Figure 6 the system power output and required storage volume for summer operation are plotted for each
TES medium. The power output is related to the evaporation temperature of the ORC, which is in turn related
to the temperature of the thermal store (see Figure 2); therefore, for the PCMs this is a fixed value, but for the
water storage this is shown as a range of values corresponding to a range of allowable temperature-swings for
the daily storage cycle. For Larnaca in the month of July, the highest net power output of 687 W is achieved
with the EFP collector and the organic PCM A144, requiring a storage volume of 92 L. PCM A164
meanwhile provides only a slightly lower net power output (678 W) but requires a far smaller storage volume
(19 L) due to its higher latent heat capacity. For London, by comparison, the highest net power output is
405 W, and is achieved with the EFP collector and the hydrated salt PCM S117, confirming that the optimal

collector/ORC operating temperatures are lower than those for Cyprus. The required storage volume is 397 L,
which gives a power output per storage volume ratio that is ~7 times lower than that for Larnaca. By
choosing the PCM with the highest latent heat capacity (A164) instead, the storage volume requirement is
reduced to 199 L, but at the expense of a reduction in net power output of 14%.

Figure 5: TES volume requirement as a function of collector type, TES medium and month of the
year for: a) Larnaca and b) London

Figure 6: ORC power output for operation in the month of July for: a) Larnaca and b) London,
plotted against store volume requirement for each TES options and for EFP collector array (black
markers) and ETHP collector array (grey markers)
The choice of working fluid makes a relatively small difference in the above results over the range of
conditions considered. For Larnaca, pentane gives a 5% increase in the maximum net power output
relative to R245fa, whereas for London R245fa gives a 4% increase relative to pentane. The EFP
collector system provides a higher net power output for all of the TES options investigated in both
climates. For the sensible heat storage option using water, a small temperature variation (and hence a
large storage volume) is required to achieve a sufficient evaporation temperature and a power output that
is comparable to that achieved with the PCMs. The PCMs therefore generally show a higher power output
per required storage volume than the water storage option, with the exception of A144, which has a low
latent heat capacity compared to the other PCMs.
When the S-CHP system sizing is performed for winter operation, there are two important implications
for the ORC system compared to the summer case. Firstly, a lower average power output is observed
(55% lower for Larnaca and 75% lower for London), and secondly, a lower optimal PCM melting
temperature for maximum power output is required. The PCM that gives the highest system performance
in each geographical location is therefore different in winter compared to summer months, however, the
EFP collector still gives the highest power output in both cases.

FURTHER DISCUSSION AND CONCLUSIONS
The work presented in this paper has been concerned with evaluating a range of latent TES options for
use in a particular domestic-scale solar-powered combined heat and power system based on an ORC
engine for operation in the contrasting climates of Cyprus and the UK. The S-CHP system evaluated here
was constrained to an array size that is equivalent to a domestic rooftop area (15 m2). PCMs for latent
thermal energy storage have been shown to provide a superior power output from the S-CHP system for a
smaller equivalent storage volume than liquid water (used as a benchmark sensible storage medium).
However, this is dependent on the selection of a PCM with a melting temperature that is matched to the
optimal operating temperatures of the collector and ORC engine.
The resulting maximum net power output for summer operation in both Cyprus and the UK is below
1 kW, which is typically the lower limit of “small-scale” systems described in the ORC literature.
Furthermore, the expander volume ratio corresponding to the best-case system configuration presented
here is found to be 8.7 for London (with R245fa) and 11.6 for Larnaca (with pentane). Commercially
available and experimental small-scale positive displacement expanders based on scroll machines tend to
have built-in volume ratios < 5. This suggests that in order to avoid losses in efficiency associated with
part-load/off-design operation, the proposed solar ORC system would benefit from a specially-designed
expander. Alternatively, the system could be sized for a higher nominal power output over a reduced
number of operating hours. One possibility is to operate the solar collector array during the day to fully
charge the store, and operate to the ORC engine in the evening at full output to off-set grid electricity use
during hours of peak demand (when grid electricity is most expensive).
Taking the PCM with the highest volumetric latent heat capacity (A164) and assuming an ORC engine
sized for 1 kW output, the system can provide approximately 1.5 hours of continuous operation per 100 L
of thermal energy storage. Future work will consider the relative benefits in terms of daily work output,
system run-time and potential energy (heat and power) bill savings as a result of using thermal energy
storage to off-set the ORC operation to coincide with evening peak electricity demand.
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ABSTRACT
In this paper we present a thermodynamic and economic comparison of a recently proposed two-phase
thermofluidic oscillator known as the Up-THERM heat converter and the more established organic Rankine cycle
(ORC) engine, when converting heat at temperatures below 150 °C using the refrigerant R-227ea as the working
fluid. The Up-THERM heat converter is being considered as a possible prime mover for small- to medium-scale
combined heat and power (CHP) applications. Using suitable thermodynamic models of both systems, it is found
that the power output and thermal efficiencies of a pre-specified Up-THERM design are generally lower than
those of an equivalent ORC engine. The Up-THERM, however, also demonstrates higher exergy efficiencies and
is associated with lower capital costs, as expected owing to its simple construction and use of fewer and more
basic components. Interestingly, the specific costs (per rated kW) of the ORC engine are lower than those of the
Up-THERM converter at lower heat source temperatures, specifically below 130 °C, whereas the Up-THERM
becomes a more cost effective alternative (in terms of the specific cost) to the ORC engine at higher temperatures.
INTRODUCTION
The desire to increase primary energy (fuel-use) efficiency has given rise to extensive research into alternative
energy conversion technologies that can utilize heat at temperature levels lower than the heat provided by the
combustion of fossil fuels. In the present paper we compare a novel unsteady two-phase (or, vapour-phase)
heat-engine technology known as the ‘Up-THERM’ heat converter, to an equivalent subcritical and nonregenerative ORC engine, both of which are capable of converting low/medium-grade heat into useful work.
The Up-THERM belongs to a class of systems called ‘thermofluidic oscillators’, single-phase examples of which
include the Sondhauss tube, thermoacoustic engines and the Fluidyne engine (Sondhauss, 1850; Ceperley, 1979;
Stammers, 1979). Similarly to the ‘Non-Inertive-Feedback Thermofluidic Engine’ (NIFTE) (Smith 2004, 2005,
2006; Markides & Smith, 2011), the Up-THERM is a two-phase thermofluidic oscillator, which involves the
periodic and alternating evaporation and condensation of its working fluid during operation. The Up-THERM
was first proposed, designed and tested by Encontech B.V. (www.encontech.nl), and later developed further in
the EU FP7 project ‘Up-THERM’ (http://labor1.wix.com/uptherm). When an external temperature difference is
applied between the hot and cold heat exchangers of the Up-THERM device, the working fluid inside the device
evaporates (over the former) and condenses (over the latter), leading to sustained oscillations of pressure,
temperature and volumetric displacement. The resulting oscillatory flow is transformed into a unidirectional
flow in a hydraulic circuit by two check valves, and power is extracted in the hydraulic circuit by a motor.
In the present paper we compare a pre-specified Up-THERM prototype design to an equivalent ORC engine,
which is a more mature technology both in terms of development and commercialization. Beyond the
comparison of key thermodynamic indicators such as power output, exergy efficiency and thermal efficiency,
we perform an economic analysis of both engines by evaluating the bare module costs and the specific costs per
unit rated power to give an indication of the relative cost effectiveness of the Up-THERM, as currently proposed.
METHODOLOGY
Up-THERM modelling
A schematic of the Up-THERM heat converter is shown in Figure 1. It comprises a vertical displacer
cylinder (LHS and inset), a connection tube, and a hydraulic load arrangement including the two check
valves, two hydraulic accumulators and the hydraulic motor. Inside the displacer cylinder is a solid piston,
to which a mechanical spring is attached at the bottom, and a slide bearing. A variable flow-restriction
(valve) is formed between the piston and the inside walls of the displacer cylinder. The engine is filled with
a single working fluid in both phases; in the space above the piston the working fluid is in the vapour phase.
Earlier approaches in the modelling of similar thermoacoustic and thermofluidic systems by Ceperley (1979),
Huang & Chuang (1996) and Backhaus & Swift (2000) are taken as bases for the modelling the Up-THERM

device. Specifically, the approach taken for the modelling of the Up-THERM follows closely that employed
in modelling the NIFTE (Markides & Smith, 2011; Solanki, Galindo & Markides, 2012, 2013; Solanki et al.,
2013), as this can be regarded as the closest device to the Up-THERM in terms of its construction,
thermodynamic and practical operation. The NIFTE modelling framework was validated in these references,
showing close agreement with experimental data in terms of predicting operation and performance.
In modelling the Up-THERM, this is split into spatial sections. The dominant thermal or fluid-flow process
in each section/component is described by a spatially lumped first-order differential equation (ODE). By
drawing electrical analogies, the ODEs are represented by passive electrical components such as resistors (R),
inductors (L) and capacitors (C). The models of all components are interconnected in the same way as they
are in the physical device, forming an electrical circuit/network (see Figure 1). Assuming small fluctuations
around equilibrium, the ODEs are linearized in the following components: the piston and surrounding liquid,
the slide bearing, the liquid column, the connection tube, the hydraulic accumulators, and the hydraulic motor.
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Figure 1: Schematic of the Up-THERM heat converter (LHS), schematic of the ORC engine (RHS,
top), and Up-THERM electrical circuit model diagram (RHS, bottom).
In the connection tube and liquid column in the displacer cylinder, quasi-steady, fully developed laminar flow
can be assumed as the Reynolds and Wormersley numbers are sufficiently low. Hence, simplified equations are
developed to describe the flow of these liquid volumes, accounting for viscous drag (represented by resistances),
inertia (by inductances) and, in the displacer cylinder only, hydrostatic pressure differences (by capacitances):
𝑅=
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Details on how the electrical analogies are derived via simplifications to the Navier-Stokes equation for the flow
of the working fluid (liquid) in various components, and how these are combined with a force balance on the
solid piston and the compressibility of vapour trapped at the top of key components are given in Kirmse et al.
(2016). For the hydraulic motor, a torque balance model is written that includes frictional losses and inertia. The
power output is then calculated after determining empirically the resistance 𝑅789 that maximizes this power:
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An important aspect of the model is the temperature profile over the heat exchanger walls, which is assumed
(and experimentally validated) to follow a hyperbolic tangent function, since the temperatures saturates at long

distances from the equilibrium position (Markides et al., 2013; Kirmse et al., 2016):
𝑇:H = 𝛼 tanh 𝛽𝑦 .

[3]

Beyond the useful power output from the device, 𝑊:; , as defined in Eq. [2], we also define an exergy
efficiency and a thermal efficiency as thermodynamic performance indicators of interest:
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Solving the (dynamic) Up-THERM engine model requires the specification of all RLC values in Figure 1
and the specification of the parameters 𝛼, 𝛽 that define the heat exchanger wall temperature profile in Eq. [3];
see Section “Application Specification and Solution” for further details.
ORC modelling
A schematic of a simple, subcritical and non-regenerative ORC engine is shown in Figure . The working
fluid is not superheated, which is considered to be detrimental to performance in many cases (Oyewunmi
et al. 2014), and also to maintain similarity with the Up-THERM heat converter. Simple thermodynamic
models of ORC engines have been treated extensively in literature, e.g., by Oyewunmi et al. (2014). In the
present work, we assume pump and expander isentropic efficiencies of 75%, and define an exergy
efficiency and a thermal efficiency that are comparable to those defined above for the Up-THERM as:
𝜂8H =
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The ORC engine is optimised for maximum net power output subject to pinch conditions in both heat
exchangers, a maximum evaporator pressure that remains below 90% of the critical pressure to ensure
subcritical operation, and a minimum condenser pressure above 1 bar to avoid sub-atmospheric operation.
Economic performance indicators
A market study estimation is performed using cost correlations for the heat exchangers and the ORC engine
pump and expander. As the Up-THERM heat converter is a novel engine concept, no correlations exist for
the costs of the displacer cylinder and the load arrangement. Therefore, commercially available products
are selected for those components. Due to the small sizes required, double-pipe heat exchangers are chosen
for both engines, and a positive displacement pump is used in the ORC engine. The purchase cost of these
equipment for base/equilibrium conditions are derived using logarithmic correlations provided by Turton
et al. (2012), which also use pressure factors to account for pressure effects and wall materials.
Due to the low power outputs involved, no cost correlations were found for the ORC engine expander.
Thus, scroll expander manufacturers’ data is used to derive the following expression for the expander costs:
log 𝐶gh,1(i+ = 3.819 + 0.5422 log 𝑊8Hb .

[6]

Since the different cost correlations relate to different years, the Chemical Engineering Plant Cost Index
(CEPCI) is used to scale the costs to the reference year 2014 (http://www.chemengonline.com/pci).
Application Specification and Solution
The physical dimensions of the Up-THERM heat converter are taken from a prototype design suggested as a
CHP prime-mover (Kirmse et al. 2016). The physical dimensions of the device together with the working fluid
properties allow for a calculation of all RLC parameters, as specified in Eqs. [1] and [2], as well as parameter 𝛽
in Eq. [3] (Kirmse et al. 2016). Finally, the heat source and heat sink conditions define parameter 𝛼, which is
simply half of the difference between the heat source and sink temperatures, and therefore the heat exchanger
wall temperature profile in Eq. [3]. In this paper we consider the refrigerant R227ea as the working fluid in both
systems, and heat source temperatures (inlet temperature of the hot heat exchanger) in the range from 100 °C to
150 °C. The heat source is considered to be a thermal oil with a mass flow rate of 2 kg/s, which is comparable
to the mass flow rate utilized in the testing of the UP-THERM prototype. The low critical point of this refrigerant
makes it suitable for use in applications with low heat-source temperatures. Both engine models are optimized
to deliver the maximum power output (net power output for the ORC engine) possible from the available heat
source. At each respective heat source temperature, the heat input into the two engines is equal, although the
heat input is allowed to vary when using different heat source temperatures by adjusting a limited number of
parameters that define the hot heat exchanger (specifically, the number, length and thickness of external fins in
contact with a heat transfer fluid). The heat sink temperature is set to 10 °C in both engines.

RESULTS
The thermodynamic performance indices of the ORC engine and the pre-specified Up-THERM heat
converter prototype design are presented in Figure 2, with power output on the LHS and the two efficiencies
on the RHS. The power output generally increases with the heat source temperature for both engines, with
the ORC engine delivering up to 2 kW and the Up-THERM converter delivering in excess of 1.5 kW at the
higher end of heat source temperatures. The increased net power output delivered by the ORC engine is due
to the use of higher evaporation pressures and increased working fluid flowrates. The increase in power,
however, reduces at the higher temperatures (above 120 °C), whence the heat source temperature approaches
and then exceeds the critical temperature of R-227ea (101.8 °C); it is noted that in order to keep the cycle subcritical, the optimal evaporation pressure (and temperature) remain constant. Therefore, at temperatures below
130 °C, the output from the ORC engine is more than double that from the UP-THERM converter, whereas
at higher temperatures the Up-THERM power output approaches that of the ORC engine, such that at a heat
source temperature of 150 °C the Up-THERM delivers ~75% of the ORC engine power output.
As expected, the cycle thermal efficiencies of both engines are quite low (below 10%) due to the low heat source
temperatures involved. In more detail, the thermal efficiency of the Up-THERM converter, although lower over
the range of investigated heat source temperatures, increases with the heat source temperature, while that of the
ORC engine remains fairly constant, such that by 150 °C the thermal efficiencies equalize (to within 1% point,
or ~10%). It is clear that the ORC engine extracts a similar amount of heat from the heat source as the temperature
of the source is increased at high temperatures, and converts a similar fraction of this to power. In summary, in
terms of power output and cycle thermal efficiency, the ORC engine generally outperforms the Up-THERM
converter, however, the performance becomes similar at the higher temperatures.
When considering the exergy efficiencies on the other hand, the conclusions are not as straightforward, at least
when considering the particular definition of exergy efficiency used here. Only at low heat source temperatures
does the ORC engine outperform the Up-THERM converter. The exergy efficiency of the ORC engine is about
20%, while that of the Up-THERM converter varies from a little over 10% at the lowest heat source
temperatures to almost 40% at the highest temperatures investigated. Furthermore, above 120 °C the ORC
engine exergy efficiency decreases slightly (specifically, by about 5% points) as the power output remains
unchanged while the heat source temperature increases. Since the exergy efficiency of the ORC engine reduces
slightly with increasing temperature and the Up-THERM engine exhibits higher exergy efficiencies (increasing
by a factor of ~4, as mentioned above), the two systems reach parity at 120 °C. At the highest temperatures,
i.e., 150 °C, the Up-THERM converter is twice as (exegetically) efficient as the ORC engine.
While the ORC engine delivers higher power outputs than the Up-THERM converter, it is expected that it will
be more expensive to install, and thus it is imperative to compare both engines from an economic perspective.
The component costs of both engines are presented in Figure 3. The key components of the ORC engine are
the working-fluid pump, the expander, the evaporator and the condenser; the costs of these components are
displayed in Figure 3. For the Up-THERM converter, the key components are the tow-phase heat exchangers,
the hydraulic accumulators, the hydraulic motor and the displacer cylinder. The cumulative component costs
of the ORC engine are significantly higher than those of the Up-THERM converter, typically by ~30%. This
is to be expected given the simple construction (few moving parts and dynamic seals) and the basic components
used in the latter (no need for a pump or expander), leading to a significant reduction in its component costs.

Figure 2: Up-THERM and ORC engine thermodynamic performance with R-227ea as the working
fluid. LHS: Maximum net power output. RHS: Corresponding thermal and exergy efficiencies.

Figure 3: Up-THERM and ORC engine costs of with R-227ea as the working fluid. LHS: Bare
component costs at six different heat source temperatures (100 – 150 °C in 10 °C steps) with alternating
costs: Up-THERM/left, ORC/right. RHS: Corresponding specific costs (in £ per kW).
From Figure 3 it can be seen that the biggest cost in both engines is associated with the heat exchangers. In the
ORC engine, the heat exchanger costs share about 70-80% of the total costs, while in the Up-THERM heat
converter the heat exchangers contribute over 90% of the overall costs. This is due to the design and construction
of the Up-THERM device which, if standard off-the-shelf components can be utilized, allows very low costs
(except for the heat exchangers). Furthermore, the lack of a need for a pump in the Up-THERM converter saves
up to £5,000 compared to the ORC engine. Overall, as stated earlier, an optimized Up-THERM is ~20-30%
more affordable in the application considered here compared to ORC equivalents.
The specific costs of both engines (in units of cost per unit rated power) are presented in Figure 4. It is
important to compare the two engines with respect to this index as it offers a very basic but straightforward
and well-defined way to consider both technical and economic performance. It can be seen that the ORC
engine has lower costs per unit power than the Up-THERM heat converter at low heat source temperatures,
in which case the Up-THERM is seen to cost more than twice the ORC engine. This is due to the much higher
power outputs from the ORC engine at these temperatures. As the heat source temperature increases, however,
the specific cost of the Up-THERM engine becomes comparable to that of the ORC engine and even slightly
lower at heat source temperatures exceeding 140 °C, although this is marginal and well within the uncertainty
in these estimations. (It is noted that these are only capital costs and do not account for operating expenses;
with its fewer moving parts, the Up-THERM is expected to also have lower operating/maintenance costs).
CONCLUSIONS
Two technologies – the Up-THERM heat converter (a pre-specified prototype design thereof) and an equivalent
ORC heat engine – have been compared thermodynamically and economically in a specific application, at heatsource temperatures between 100 °C and 150 °C, and using the refrigerant R-227ea as the working fluid. Both
engines deliver higher power outputs at higher heat source temperatures, however, the capital costs do not change
greatly with increasing heat source temperature. Thus, the specific costs (in £ per kW) decrease with increasing
heat source temperatures, especially for the Up-THERM converter whose power output increases more than that
of the ORC engine at high temperatures. Generally, the ORC engine outperforms its Up-THERM counterpart in
terms of power output and thermal efficiency. The Up-THERM converter, however, demonstrates higher exergy
efficiencies at heat source temperatures above 120 °C. From an economic perspective, the ORC engine is more
expensive than the Up-THERM converter. In terms of specific cost, an ORC engine is expected to cost between
£30 and £60 per W at low heat source temperatures, whereas the Up-THERM between £50 and £200 per W.
However, at heat source temperatures greater than 130 °C, the Up-THERM becomes a more cost-effective option
at ~£25 per W. It should be noted that these conclusions should be interpreted the basis that ORC systems have
many years of development and commercialisation experience whereas the Up-THERM is still in the prototyping
phase, and also that the Up-THERM design in the present effort cannot be considered to be optimal.
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Temperature profile parameter
Heat capacity ratio
Gap between piston and slide bearing
Gap between shaft and motor
Efficiency
Dynamic viscosity
Density

0
BM
cv
d
ex
exp
gen
hm
in
is
hx
l
lub
ms
nl
p
p
pump
pv
sh
ss
th
v
wf

Equilibrium
Bare module
Check valve
Displacer cylinder
Exergy
Expander
Power generating
Hydraulic motor
Into the cycle
Isentropic
Heat exchanger
Liquid
Lubricant
Mechanical spring
Non-linear
Piston
Purchased cost
Pump
Piston valve
Shaft
Stainless steel
Thermal
Vapour
Working fluid

Superscripts
0

Base case/equilibrium
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ABSTRACT: The performance of the ejector is crucial to the ejector refrigeration systems. In order to
obtain the ejector performance accurately, a partial 2D theoretical model which allows for the velocity
profile at the critical section is carried out in the present study. In this model, an expression correlated
with radius is proposed to represent the velocity distribution. Meanwhile, the average velocity of the
secondary flow at the critical section is taken as 1. The theoretical results are compared with the
experimental data in the literature. Validations suggest that the entrainment ratio ω of R141b and R245fa
ejector is predicted within ±18% and ±9% error, respectively. The model provides satisfying results for
ejector performance evaluation.
Keywords: Refrigeration cycle; Ejector; Theoretical model; Velocity distribution
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INTRODUCTION

Global warming and resource shortage are serious concerns today. Great efforts have been made to
develop the resource-conserving and environmentally-friendly technology. The ejector refrigeration
system becomes the popular research interest for its utilization of low grade heat sources, superiority of
simple apparatus and reliability of operation. As a key component in the ejector refrigeration system, the
ejector directly affects the overall performance. Many experimental and theoretical studies have been
conducted to acquire the fundamental mechanisms and optimal behavior.
Since the one-dimensional ejector model was initially introduced by Keenan et al, 1942, 1950 much
considerable progress has been made in the studies of ejector theory. Munday and Bagster, 1977
developed Keenan’s theory. They proposed a hypothetical throat called "effective area" located inside the
mixing chamber. They thought the primary flow fans out at the nozzle exit without mixing with the
secondary flow until this section. Later, Huang et al, 1999 built a 1D model to predict the ejector
performance at critical operation. This model was validated by experiments of 11 different sizes ejectors.
The results showed that the maximum error was less than ±23%. Recently, Chen et al, 2013 presented a
model to obtain the ejector behavior over all ranges of operation. The model results agree well with the
published experimental data. As most refrigerants are far from ideal gas law, Chen et al, 2016 also carried
out a theoretical model based on real gas property. With this model, the performances of the ejector
refrigeration circle using different refrigerants were analyzed.
Nevertheless, most models are one-dimensional. All parameters were considered uniform distributed in
the radial direction. However, complex energy and momentum interaction occurs in the mixing chamber.
The velocity distribution at the cross section is actually quite non-uniform. Moreover, the velocity of the
secondary flow will fast fall to zero due to the viscous boundary layer near the wall. For this reason, it is
necessary to develop a 2D model to improve the accuracy. Zhu et al, 2007 proposed a partial 2D model.

They brought the concept “shock circle” to deal with the velocity distribution at the critical section
(choking section). In their model, a hypothetical equation was adopted to represent the velocity
distribution. The pressure of the secondary flow at the critical section was thought to be equal to that at
inlet. The Mach number of the mixing layer between the primary and secondary flow at the critical
section was set to 1. As a matter of fact, most researchers recognize that the secondary flow reaches sonic
at the critical section at critical operation. However, the secondary flow can’t move without any pressure
difference. In addition, the mass flow rate of the secondary flow would be lower than that of 1D model, as
the average velocity of the secondary flow is less than sonic. Hence, the assumptions are not so
reasonable and persuasive.
In the present study, a modified theoretical ejector model is presented for the ejector performance
evaluation at critical mode. This model takes the velocity profile at the critical section into account. The
model results are compared to experimental data in the literature for validation.
Nomenclature
A
area [m2]
h
enthalpy [J•kg-1]
m
mass flow rate [kg•s-1]
Rg
gas constant [J•kg-1•K-1]
T
temperature [K]
Greek symbols
γ
heat capacity ratio
ρ
density [kg•m-3]
Subscripts
c
back pressure
m
mixed flow
r
radius
t
nozzle throat
1
nozzle exit
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D
M
P
R
V

diameter [m]
Mach number
pressure [MPa]
radius [m]
velocity [m•s-1]

η
ω

coefficient
entrainment ratio

d
p
s
y
2

diffuser
primary flow
secondary flow
location where two streams start to mix
constant area section

MODELING PROCEDURE

The ejector refrigeration cycle is shown in Fig.1. The schematic diagram of the ejector is depicted in
Fig.2. The high pressure vapor from the boiler (primary flow) passes through the De Laval nozzle in the
ejector, creating a low pressure region at the exit of the nozzle. As a result, the low pressure vapor from
the evaporator (secondary flow) was entrained into the suction chamber due to the pressure difference.
The primary flow continues expanding at the nozzle exit (section 1-1) without mixing with the secondary
flow until the critical section (section y-y). The secondary flow is accelerated to sonic in a converging
duct between the primary flow and the wall. Then the two flows start to mix at section y-y. The mixing
finishes at section m-m. A normal shock occurs at somewhere in the constant area chamber, leading to a
sudden drop in the speed and a rise in the pressure. Subsequently, a further compression of the flow is
achieved in the diffuser. After that, the mixed flow is cooled into liquid in the condenser. Then the
condensed flow is pumped back to the evaporator and boiler to complete the cycle.
The cycle performance is evaluated by the entrainment ratio ω and the coefficient of performance COP,
which are defined as:

  ms m p , COP
C
   hs  hc   h p  hc 

[1]

Fig.1 Ejjector refrigeeration cycle
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The parameters information at nozzle exit could be obtained by using the energy conservation equations
and the isentropic flow relations. The Mach number at the exit of the nozzle Mp1 and the exit pressure Pp1,
are given by:

Ap1 At  1 M p1    2 1  (  1) M p21 / 2  /(  1) 

Pp Pp1  [1  (  1) M p21 / 2]

 1

 2  1

( 1)

[3]
[4]

As the primary flow does not mix with the secondary flow before section y-y, we can use following
equations to compute the parameters of primary flow at section y-y:
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Vpy  M py  RgTpy
2.2

  1

[8]

Secondary flow at section y-y

At critical operation, the secondary flow reaches the choking condition at section y-y. Applying the
isentropic flow relation, the pressure and temperature of the secondary flow Psy, Tsy can be described by
the following equation:

Ppy  Psy  Ps 1  (  1) M sy2 / 2 
Ts Tsy  1   -1 2

  1

[9]
[10]

Since the velocity of secondary flow at section y-y is assumed not uniformed distributed in the r direction,
the relationship between the velocity and radius is redefined. As shown in Fig. 3, the solid lines in
different colours represent the velocity profile at the critical section in different models. Unlike Zhu et al,
2007’s model, the average Mach number of the secondary flow is now taken as 1. The velocity profile is
as follows:

Vr  Vpy 1  r R2  ,(0  r  R2 )
1n

where n is the undetermined coefficient.

[11]

Fig. 3 Velocity distribution at the critical section
Substituting r  R py and Vr  V y  M y  Rg Tsy into Eq. [11], we can solve n:



n  ln 1  D py / D 2  ln M y Tsy / T py / M py



[12]

where M y represents the Mach number of the layer between two flows.
Subsequently, the average velocity and the mass flow rate of the secondary flow can be expressed in the
integral form:
2
Vsy  1   R22  R py
 Rpy 2 rVr dr
R2

[13]
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Substituting Eq.[11] and [12] into Eq. [13], the following expressions can be obtained:
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where M sy is the mean Mach number of the secondary flow. Adjust M y until M sy  1 .
Finally, applying above results into Eq.[14], the mass flow rate of the secondary flow can be calculated
by:
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Solution procedure

Using the above model, we can predict the ejector performance easily. For a given ejector, the structural

parameters are known (including Dt, Dp1, D2). Input the fluid parameters at the inlet and outlet (including
Pp, Tp, Ps, Ts, Pc, Tc), the performance indexes ω and COP can be obtained. The calculation flowchart is
shown in Fig. 4.
3

MODEL VALIDATION

The theoretical model was verified by comparing the calculated values against the experimental results of
R141b ejector from Huang et al, 1999 and the results of R245fa ejector in Ablwaifa and Ali, 2006.
In the calculation of R141b ejector, the isentropic efficiency coefficients ηp was taken as 0.95, ηpy was
taken as 0.92. The heat capacity ratio γ was taken as 1.135. Fig. 5(a) presents a comparison of the
predicted entrainment ratio (ω) against the measured data in various operating conditions. It can be seen
that the theoretical prediction reaches a good agreement with the experimental results, with the maximum
deviation less than ±18%.
Relative errors between present model results with experimental data from Ablwaifa and Ali, 2006 are
demonstrated in Fig. 5(b). The coefficients and the properties were taken as ηp=0.95, ηpy=0.65, γ=1.116.
The comparison indicates that the calculated results coincide fairly well with the experimental data. The
relative errors are all within ±9%.
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M p1 ,Pp1
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Fig. 4 Calculation flowchart
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(a)
(b)
Fig. 5 Comparison results between present model with experimental data from
(a) Huang et al, 1999, (b) Ablwaifa and Ali, 2006
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CONCLUSIONS

In the present study, a theoretical ejector model is developed for the ejector performance evaluation. This
model is based on Zhu et al, 2007’s model but modified with more careful considerations. The pressure of
the secondary flow at the critical section is taken as the critical value (pressure at the sonic point) of its
inlet pressure, rather than equal to the inlet value. In addition, the velocity profile of secondary flow at the
critical section is also redefined. The mean Mach number of secondary flow is taken as 1. The theoretical
model is validated by experimental results from literature. The comparison shows that there is a good
agreement between the model results and the published data. The model is a useful tool for predicting
ejector performance within the refrigeration cycle.
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ABSTRACT: In the present work, a small scaled organic Rankine cycle (ORC), using a scroll expander
and a diaphragm pump, were tested. R123 was used as the working fluid. The pump and expander
performance were examined. The system performance for a basic organic Rankine cycle (BORC) and an
organic Rankine cycle with a regenerator (RORC) were tested and analyzed. The results showed that the
“optimal torque” corresponding to the highest expander shaft power output appeared between 5.0 and 6.0
N·m for both BORC and RORC. Under the present experiment conditions, BORC showed higher shaft
power output and rotating speed compared with RORC in most situations; the expander showed the
highest shaft power output with a filling factor around 0.6-0.7. The highest overall pump efficiency was
29.0% for both systems. The value of back work ratio (BWR) was distributed in the range of 0.4 and 0.7.
The low efficiency of the pump is found to be the major limitation for the system performance.
KEYWORDS: Organic Rankine cycle (ORC); Scroll expander; Diaphragm pump
1 INTRODUCTION
The energy consumption in the world has reached to a highest level and energy shortage has become one
of the critical issues. Generating electricity from low-temperature energy sources such as solar, biological
waste heat, engine exhaust gases is one of the most feasible solutions. Organic Rankine cycle (ORC), an
environmentally-friendly technology with high applicability and simple configuration, received more and
more attention and has been investigated widely.
Over the past decades, great effort has been paid to improve the thermal efficiency of ORC. Most of the
investigations were focused on selecting the working fluid and theoretically optimizing the cycle
performance (Wang et al, 2010; Baik et al, 2011; Li et al, 2013; Xi et al, 2013; Xi et al, 2015). The
performance of the expander is one of the critical factors that has the strong inﬂuence on cost and
efﬁciency of ORC system. The scroll expander which characterized by no valves, low parts count and low
cost, has been widely adopted in small scaled ORC systems. Chang et al, 2015 reported experimental
work of an ORC system using R245fa as the working fluid. An open-drive scroll-type expander and a
plunger pump were used. The maximum efﬁciencies of the cycle and expander were 9.4% and 73.1%,
respectively, and the maximum power output of the expander was 2.3 kW. Gao et al, 2015 designed an
ORC system using scroll expanders with varying displacements. The results showed that for a given heat
source temperature of 105 oC, the thermal efﬁciency of the system ranged from 1.7% to 3.2% and the
maximum exergy efﬁciency of the system was 6.9%. The maximum isentropic efficiency obtained was
72.0%.
For the traditional steam Rankine cycles the power consumption of the pump is quite low compared with
the power output while for ORC this is large. The pump efﬁciency drops sharply under off-design
conditions, in the worst case, the net power output can even be negative depending upon the power

consumption of the pump (Tahir et al, 2009; Mathias et al, 2009). The power consumption of the pump
was usually obtained by the enthalpy difference between the inlet and outlet of the pump (Zhou et al,
2013; Gao et al, 2015). Reid, 2010 reported an actual pump efﬁciency of 7.0% in a kW-scale ORC using
HFE-7000 as the working fluid. Quoilin, 2011 obtained a thermal efﬁciency of 22.0% on a diaphragm
pump using R245fa as the working fluid.
In the present work, ORC systems (BORC and RORC) with a scroll expander and a diaphragm pump will
be tested using R123 as the working fluid. The expander and pump behavior under different working
conditions and different system configurations will be examined. The efficiencies of the scroll expander
and diaphragm pump will be tested. The thermal efficiency and exergy efficiency of the system will be
analyzed.
2 APPARATUS
Figure 1 shows the schematic of the apparatus of the ORC system. The low-temperature heat source is
represented by means of an electrical oil heated boiler, which has a maximum heating power of 30 kW.
Due to the lack of kW-scale expander in the market, the expander is converted from an air-conditioner
compressor with a displacement of 86 ml/r. The shaft work generated by the scroll expander is directly
coupled with a dynamometer by pulley and belt. The pump adopted is a mechanical diaphragm metering
pump, two liquid reservoirs are placed at the inlet and outlet of the pump to dump the pressure fluctuation.
Two system configurations (BORC/RORC) can be switched by controlling valves 3 and 4 between
BORC and RORC. The operating conditions are listed in table 1.

Figure 1: Schematic of the ORC apparatus
Table 1: Operating conditions
Quantity
The inlet temperature of the expander, K
The inlet temperature of the cooling water, K
The flow rate of the cooling water, m3·h-1
The torque of the expander, N·m
The rotating speed of the expander, rpm
The suction volume of the expander, ml·r-1

Value
393.1±2.0
293.1-295.1
0.3
0~7.0
0-3000
86

3 SYSTEM EFFICIENCY AND COMPONENT PERFORMANCE
The actual thermal efficiency (  t, actual ) and ideal thermal efficiency (t, ideal ) of the system can be
obtained according to the experimental and calculating results using Eqs. (1) and (2):

t,actual  (Wshaft  Wpump,actual ) / Qeva
t,ideal  (Wexpander,ise  Wpump ) / Qeva

[1]
[2]

where Wshaft and Wpump,actual are the measured shaft power output of the expander and power consumption
of the pump, respectively. Wexpander,ise is the power output assuming isentropic process. Wpump is the power
consumption of the pump which is calculated by the enthalpy difference between the inlet and outlet of
the pump. Qeva is the total heat transferred from heat transfer fluid to the working fluid in the evaporator.
The actual exergy efﬁciency ( ex, actual ) and ideal exergy efﬁciency (  ex, ideal ) of the system can be
calculated as:

ex,actual  (Wshaft  Wpump,actual ) / Exin
ex,ideal  (Wexpander,ise  Wpump ) / Exin

[3]
[4]

where Exin is inlet exergy of the system.
For the expander, isentropic efficiency (expander, ise ), filling factor (ϕff) and

expansion ratio (Rexpander) are

employed to evaluate its performance:

expander, ise  (hin_expander  hout_expander ) / (hin_expander  hout_expander_ise )
ff  mvin,ex pander / Vsuc,expander

[5]

Rexpander  Pin_expander / Pout_expander

[7]

[6]

where hin_expander and hout_expander are the specific enthalpies at the inlet and outlet of the expander,
respectively. hout_expander_ise is the specific enthalpy at the outlet of the expander assuming isentropic process.
vin,expander is the specific volume of the working fluid at the inlet of the expander, Vsuc,expander is the
theoretical suction volumetric flow rate of the expander, Pin_expander and Pout_expander are the pressures at the
inlet and outlet of the expander, respectively.
The actual pump efficiency (ƞpump,actual) is calculated as:

 pump,actual  Wpump / Wpump,actual

[8]

To evaluate the overall performance of the ORC system, the back work ratio (BWR), is defined as the
ratio of the power output of the expander to the power input to the pump:
BWR  Wpump,actual / Wshaft
[9]
4 RESULTS AND DISCUSSION
4.1 Expander performance
Figure 3 shows the variations of the shaft power output and rotating speed with the shaft torque of the
expander (τexpander) for BORC and RORC. It can be seen from Figure 3 that as the shaft torque of the
expander increases, the shaft power output first increases then decreases. When the shaft torque of the
expander was between 5.0 and 6.0 N·m, the maximum value of the shaft power output appeared. BORC
showed a larger shaft power output and rotating speed than RORC in most situations.
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Figure 3: Variations of the (a) shaft power output and (b) rotating speed with the shaft torque of the
expander for BORC and RORC
Figure 4 shows the variation of four different parameters under the shaft torque of the expander for
BORC and RORC. As the shaft torque increases, the pressure ratio increases (Figure 4 (b)) and the
working fluid mass flow rate decreases (Figure 4 (d)). From Figure 4 (c) it is observed that under all the
present experiment conditions, the value of the filling factor was all far less than 1. The actual suction
volume did not reach the theoretical suction volume, which can be inferred that the expander was working
under the off-designed conditions with low efficiency. When operated in different systems, the results
showed that the expander in BORC showed higher isentropic efficiency and pressure ratio than RORC.
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Figure 4: Variations of the (a) isentropic efficiency, (b) expansion ratio, (c) filling factor, (d) mass
flow rate of the working fluid with the shaft torque of the expander for BORC and RORC

Figure 5 shows the variation of the shaft power output with the filling factor of the expander operated for
BORC and RORC. The expander showed a highest shaft power output with a filling factor around
0.6-0.7.
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Figure 5: Variation of the shaft power output with the filling factor for BORC and RORC
4.2 Pump performance
Figure 6 shows the variations of measured and averaged power consumptions of the pump with time for
BORC and RORC. The measured power consumption of the pump was pulsating, relatively concentrated
in top and bottom areas. The averaged power consumption of the pump for BORC and RORC were 306.6
W and 315.7 W, respectively.
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Figure 6: Variations of measured and averaged power consumptions of the pump with time for
BORC and RORC

Figure 7 shows the variation of overall pump efficiency with ideal power consumption of the pump for
BORC and RORC. From Figure 8 it is seen that the highest overall pump efficiency was 29.0% for both
BORC and RORC, which is slightly higher than the most reported values. It can be seen from Figure 8
that the BWR decreases with the increase in the shaft power output of the expander.
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Figure 7: Variations of overall pump efficiencies with ideal power consumption of the pump for
BORC and RORC
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4.3 System performance
Figure 9 shows the variations of the thermal efficiency and exergy efficiency with the shaft power output
of the expander for BORC and RORC. For BORC, the maximum values of the ideal and actual thermal
efficiency were 4.0% and 2.2%, respectively. For the exergy efficiencies, the maximum values were
13.3% (ideal exergy efficiency) and 7.1% (actual exergy efficiency). For RORC, the maximum
efficiencies were 4.8% for the ideal thermal efficiency and 2.5% for the actual thermal efficiency; 15.5%
for the ideal exergy efficiency and 8.0% for the actual thermal efficiency. The huge difference between
the ideal and actual values may be caused by the low efficiencies of the pump and the expander (see
Figure 4(a) and Figure 7). The low isentropic efficiency of the expander caused by the low mass flow rate
and manifested by the low filling factor values (less than 1). The main reason for the low efficiency of the
pump was operated under the off-design working conditions, which is also closely related to the mass
flow rate of the working fluid. The low efficiency of the ORC is due to the difﬁcult matching between the
designed working parameters of the pump and expander (i.e. the mass flow rate of the working fluid).
Figure 10 shows the variation of the heat load with the shaft power output of the expander for BORC and
RORC. From Figure 10 it can be observed that RORC presented a lower condenser and evaporator
heating loads than BORC. The regenerator serves as “pre-heater” of the evaporator and “pre-cooler” of
the condenser, thus reducing the heat load of the condenser and the evaporator. Even the net power output
of the expander in RORC was lower than this in BORC, the RORC showed a slightly higher thermal
efficiency and exergy efficiency, which was caused by the reduced heat load of the evaporator in RORC.
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5 CONCLUSIONS
Measurements for BORC and RORC using a scroll expander and a diaphragm pump have been performed
using R123 as the working fluid. Under different working conditions, the pump and expander
performance were examined and the system performance for BORC and RORC were measured and
analyzed. The main ﬁndings are summarized below:
(1) The “optimal torque” corresponding to the highest expander shaft power output appeared between 5.0
and 6.0 N·m for both BORC and RORC. The expander showed the highest shaft power output with filling
factor around 0.6-0.7. BORC showed a higher shaft power output and rotating speed than RORC in most
situations.
(2) In the present experiment condition, the highest overall pump efficiency was 29.0% for both BORC
and RORC. The value of BWR was in the range of 0.4 and 0.7.
(3) There exists a huge difference between the ideal and actual values for the thermal efficiency and
exergy efficiency, which may be caused by the low efficiencies of the pump and the expander, especially

the pump. The low isentropic efficiency of the expander is caused by the low mass flow rate and
manifested by the low filling factor values. The main reason for the low efficiency of the pump was the
operation under off-design working conditions. The low efficiency of the ORC is due to the difﬁcult
matching between the working parameters of the pump and the expander (i.e. the mass flow rate of the
working fluid).
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TOWARDS OPTIMUM SPECIFICATIONS OF ADSORBENT FOR HEAT PUMP
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ABSTRACT: In the prospect of manufacturing specific activated carbon adsorbent, a
research work is carried out with the objective of screening a large number adsorbent models
(more than 60,000) and identifying suitable ones with optimum characteristics for three
applications: Ice marking (TC=35oC, TE=-5oC), Air conditioning (TC=35oC, TE=15oC) and
Heat pump (TC=40oC, TE=5oC). For each application, the driving temperature will range from
65oC to 200oC. Overall, the preliminary simulation results show that for each adsorbent
model with each application, the refrigerant uptake variation has an optimum.
INTRODUCTION
Many solid adsorbents on the market are often mainly specified and manufactured for industrial
processes like gas separation, cracking and storage, gas or air filtration and drinking water treatments.
Those manufacturing specifications are mainly BET surface area (m2/g), specific volume (cm3/g),
particle size median (μm) or micro-pores size distribution, grain size (mm x mm) or mesh size (Sieve
Number x mm) and bulk density (kg/m3). Currently, to manufacture reactors for thermal compressors
dedicated to heat pump and refrigeration applications, the adsorbents selected will not necessary meet
optimum specifications for the purpose. The proposed work is an attempt to elaborate a tool that is
designed to identify optimum manufacturing specifications of adsorbent-adsorbate pair for heat pump
and refrigeration applications. For that purpose and with the thermal compressor driving temperatures
ranging from 65oC to 200oC, three specific applications are under scrutiny: Ice making (TEvaporation = 5oC, TCondensation = 35oC), Air Conditioning (TEvaporation = 10oC, TCondensation = 35oC) and Heat Pump
(TEvaporation = 5oC, TCondensation = 40oC).
METHODOLOGY
The methodology is mainly based on a modified form of the Dubinin-Astakhov (D-A) equation [1, 2],
n
  T
 
x  xo exp k 
 1 
T
 
  sat

(1)

Where x is the refrigerant concentration (kg refrigerant/kg adsorbent); T is the carbon temperature (K);
xo is the refrigerant concentration under saturation conditions (kg refrigerant/kg adsorbent); Tsat is the
saturation temperature corresponding to the gas pressure (K); k is defined as the energetic affinity
characteristic of adsorbent-refrigerant pair and n is the characteristic of adsorbent micro-pores size
distributions. The method consists of scanning all combinations of xo (0.1 to 1 with 0.05 as increment)
by k (1 to 50 with 1 as increment) and by n (1 to 6 with 0.1 as increment), and identifying the
optimum value of a key performance indicator like the refrigerant uptake variation Δx, COP, specific
cooling or heating for specific application and operating conditions. For this initial study, the uptake
swing (Δx) is used as figure of merit. From the identified values of xo, k and n, the main objective will
then be to translate them into some form of adsorbent manufacturing specifications. The full
algorithm diagram of the proposed method is shown in Figure 1.

Figure 1: Algorithm diagram of the methodology
SIMULATION RESULTS AND ANALYSIS
The current paper gives an overview of preliminary simulation results. Figure 2 shows an example of
refrigerant concentration variation for all possible operating conditions with xo=0.40 kg refrigerant/kg
adsorbent (for illustration n values with increment of 1); for this same value of xo, optima are
identified at specific values of both k and n (illustration in Figure 3 for Ice Making application with a
driving temperature of 100oC). Furthermore, for each value of k, there is an optimum at a given value
of n. Since adsorbed refrigerant is always assumed to be in a liquid form located in the adsorbent
micro-pores, the maximum uptake of refrigerant by the adsorbent (xo) is calculated from the specific
volume of micro-pores (vs) and the refrigerant liquid density at normal pressure condition
(atmospheric pressure) (ρL):

xo   L v s  v s 

xo

L

(2)

Figure 4 shows the variation of adsorbent specific volume with refrigerant liquid density and for
different values of xo. For refrigerant liquid with more than 600 kg/m3 in density, the first indication is
that the adsorbent specific volume must not exceed 0.80 cm3/g.

Xo = 0.40 kg/kg - Illustration example with increment of 1 on n values
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Figure 2: An example of refrigerant concentration variation for all possible operating
conditions.
Xo = 0.40 kg/kg - Ice making application with a driving temperature of 100 oC
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Figure 3: Example uptake swing (Δx) variation function of n and k parameters for Ice Making
application with driving temperature of 100oC.
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Figure 4: Adsorbent specific volume vs. refrigerant liquid density for different values of xo
(*The density of Carbon Dioxide is estimated to 640 kg/m3 [3, 4]).
CONCLUSIONS
The preliminary simulation results show that for each adsorbent model with each application, the
refrigerant uptake variation has an optimum. As illustration for ice making application with a driving
temperature of 100oC, xo=0.40 kg/kg, k=3 and n=1.4 is an example of best model based on uptake
swing (Δx) as figure of merit. For this example with the selection of Ammonia (R717) as refrigerant,
the adsorbent specific volume will then be 0.30 cm3/g.
FUTURE WORK
Future work will include both heating and cooling capacities and COP as key performance indicators
for optimization with additional manufacturing specifications of adsorbent (BET surface area, particle
size median or micro-pores size).
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Abstract: Currently the most common thermal energy storage (TES) systems involve a solid or a liquid as
the 'core' of the store, or employ phase change materials (PCMs) - the latter normally being associated with
materials that transform from liquids to solids and vice-versa. One of the greatest challenges associated
with liquid/solid storage using PCMs is the perceived low thermal conductivity of the material, particularly
when melting needs to be initiated. It is also not uncommon for solid (single-phase) and some liquid-phase
stores to require assistance with heat removal and addition using passive methods.
Heat pipes and thermosyphons - devices of high effective thermal conductivity based upon an
evaporation/condensation cycle - have been studied for many years for enhancing the performance of solid,
liquid and PCM heat stores. However, as the applications of heat storage widen, the challenges facing
heat storage increasingly are moving from those associated with the 'standard' diurnal storage, in itself a
problem for low thermal conductivity materials, to response times measured in a few hours or even minutes.
Heat pipes, possibly with feedback control, with innovative PCM interfaces form a promising way forward.
This paper reviews the role heat pipes can play in TES systems and presents results on successful research
– the THERMAC project – to develop a variable conductance heat pipe to modulate the heat removal from
a PCM store.
Keywords: Thermal energy storage; phase change materials; heat pipes
1 INTRODUCTION
Traditional heat storage uses large water tanks, with wide operating temperature differentials that restrict
their use with heat pumps and Stirling DCHP systems. Other heat stores involve a solid as the 'core' of the
store, or employ phase change materials (PCMs) - the latter normally being associated with materials that
transform from liquids to solids and vice-versa. Steam accumulators (liquid to vapour phase change
systems) are used in some industries for meeting peak load demands, particularly as boilers are now
frequently undersized for dealing with peak demand excursions. Solid heat stores are used on a massive
scale in some building applications, and are also popular as 'compact' storage radiators (or convectors) in
domestic heating systems, together with liquid-based convectors. The domestic hot water storage tank,
(many of which were removed with the advent of condensing boilers) is regaining attention as heat pumps
and solar thermal systems grow in popularity.
While liquid/vapour heat storage systems do not suffer from thermal inertia problems due to poor heat
transfer, one of the most common challenges associated with liquid/solid storage using PCMs is the
perceived low thermal conductivity of the material, particularly when melting needs to be initiated. It is
also not uncommon for solid (single-phase) and some liquid-phase stores to require assistance with heat
removal and addition using passive methods.
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1.1 Heat pipes
Heat pipes and thermosyphons - devices of high effective thermal conductivity based upon an
evaporation/condensation cycle - have been studied for many years for enhancing the performance of solid,
liquid and PCM heat stores. However, as the applications of heat storage widen, from micro-electronics
thermal control to concentrated solar heat storage and vehicle thermal management, and even for chemical
reactor isothermalisation, the challenges facing heat storage increasingly are moving from those associated
with the 'standard' diurnal storage, in itself a problem for low thermal conductivity materials, to response
times measured in a few hours or even minutes. While high thermal conductivity metals such as foams can
be impregnated with a PCM, for example, to increase local conductivity, the rapid heat input and removal
necessitates a more radical approach - heat pipes, possibly with feedback control, with innovative PCM
interfaces.
In Fig. 1 the thermosyphon on the left only functions with gravity assistance to return the condensate to the
evaporator. However, the heat pipe (b) can use various passive (and in some cases active) methods for taking
the liquid back to the evaporator against gravity.
It can therefore operate, with some limitations, in any orientation and in zero gravity. Most common wick
forms are sensitive to heat pipe orientation, and do not perform well if the heat removal section (condenser)
is vertically below the evaporator. Other variants such as loop heat pipes and capillary-pumped loops [1]
can overcome this drawback.

Figure 1. A thermosyphon (left) and wicked heat pipe (right)
Heat pipe operating temperatures are determined solely by the source/sink temperatures – these defining the
heat pipe vapour temperature range. For very high temperature duties a liquid metal can be used as the
working fluid (e.g. sodium at 800oC) while water is eminently acceptable between about 40oC and 200oC
vapour temperature in the unit. For lower temperatures ammonia is ideal. The fluid must be chemically
compatible with the container and stable. A desirable feature is a high latent heat of vapourisation.
1.2 The Thermac project.
A concept that employs heat pipes is THERMAC – Thermal Management Controller for Domestic MicroGeneration Systems - which uses PCMs to reduce system size, in conjunction with a specific type of heat
pipe – the VCHP. In this paper the VCHP options are discussed, and data on the Thermac project given.

2 THE ROLE OF HEAT PIPES IN PCM STORAGE
2.1 Heat pipe features
In general, applications come within a number of broad groups, each of which describes a property of the
heat pipe. Those most relevant to storage are:
(i) Separation of heat source and sink
(ii) Temperature flattening, or isothermalisation
(iii) Temperature control
(iv) Thermal diodes and switches
2.1.1 Separation of Source and Sink: In the context of heat storage, the high effective thermal conductivity
of a heat pipe, e.g. 1000’s of W/mK, enables heat to be transferred at high efficiency, if necessary over
considerable distances. For example, heat dissipation from a high power device within a module containing
other temperature-sensitive components would be effected by using the heat pipe to connect the component
to a remote heat sink located outside the module. Thermal insulation could minimise heat losses from
intermediate sections of the heat pipe. In the case of buffering of power semiconductor heat dissipation, a
PCM can be located between the heat pipe evaporator and condenser. During transients this can act to store
energy while, for example, forced convection cooling is unavailable.
2.1.2 Temperature Flattening: The second property listed above, temperature flattening, is closely related
to source–sink separation. As a heat pipe, by its nature, tends towards operation at a uniform temperature, it
may be used to reduce thermal gradients between unevenly heated areas of a body. Heat pipes ‘immersed’
in a batch chemical reactor could assist uniform reaction rates by taking heat from more exothermic regions
to less active parts of the reactants. A low thermal conductivity PCM would be made more effective by
putting heat pipes in solely to isothermalise the melting procedure.
2.1.3 Temperature Control: The third area of application, temperature control, is best carried out using the
variable conductance heat pipe (VCHP). This type can be used to control accurately the temperature of
devices mounted on the heat pipe evaporator section. This is done by controlling the amount of heat removed
from the heat pipe condenser by releasing or blocking off internal surface. The basic VCHP is shown in Fig.
2 [1]. Now it is being considered for controlling the output of thermal stores, as discussed later.

Figure 2. The basic cold reservoir variable conductance heat pipe.
2.1.4 Thermal Diode Operation: The heat pipe (or thermosyphon) thermal diode has a number of
specialised applications where heat transport in one direction only is a prerequisite. Preservation of
permafrost – in itself an energy storage use – is the classic example, recognized in the support posts for the
trans-Alaska oil pipeline, but the Tibet-Qinghai highway is a more recent example – see Fig. 3(a), [2]. Here
the diodes allow heat to rise into the ambient air, but cannot conduct heat downwards, preserving the
permafrost. In the storage application shown in Fig. 3(b) [3] the heat pipes (operating as thermosyphons
here) transfer the ground heat to the ambient in winter which freezes the soil. When the temperature rises in
the spring, the heat is not transmitted from the ambient to the ground (thermal diode), inhibiting soil melting.

Figure 3 (a), (b). Permafrost preservation – (a) in this case to stop subsidence of a road – will
increase in importance as global warming affects the permafrost ‘table’. (b) Keeping a cold store
cool in warmer months. The thermal diode prevents heat entering the ground.
2.2 The VCHP
The VCHP, sometimes called the gas-controlled or gas-loaded heat pipe, has a unique feature that sets it
apart from other types of heat pipe. This is its ability to maintain a device mounted at the evaporator at a
near constant temperature, independent of the amount of power being generated by the device. VCHPs are
now routinely used in many applications. These applications range from thermal control of components
and systems on satellites to precise temperature calibration duties and conventional electronics temperature
control.
The temperature control functions of a gas-buffered heat pipe were first examined as a result of noncondensable gas generation within a sodium/stainless steel basic heat pipe. It was observed [1] that as heat
was put into the evaporator section of the heat pipe, the hydrogen generated was swept to the condenser
section.
Subsequent visual observation of high-temperature heat pipes, and temperature measurements, indicated
that the working fluid vapour and the non-condensable gas were segregated, that a sharp interface existed
between the working fluid and the non-condensable gas and that the non-condensable gas effectively
blocked off the condenser section it occupied, stopping any local heat transfer. Significantly, it was also
observed that the non-condensable gas interface moved along the pipe as a function of the thermal energy
being transported by the working fluid vapour, and it was concluded that suitable positioning of the gas
interface could be used to control the temperature of the heat input section within close limits.
Much of the subsequent work on heat pipes containing non-condensable or inert gases has been in
developing means for controlling the positioning of the gas front, and in ensuring that the degree of
temperature control achievable is sufficient to enable components adjacent to the evaporator section to be
operated at essentially constant temperatures, independent of their heat dissipation rates, over a wide range
of powers.
Fig. 2 above shows the addition of a reservoir downstream of the condenser section. This was added to
allow all the heat pipe length to be effective when the pipe was operating at maximum capability and to
provide more precise control of the vapour temperature. The reservoir could also be conveniently sealed
using a valve.
2.2.1. Feedback control applied to the VCHP. Ideally, each of these forms of heat pipe is at best capable
of maintaining its own temperature constant, and this is true only if an infinite storage volume is used. Thus,
if the thermal impedance of the heat source is large, or if the power required to be dissipated by the

component is liable to fluctuations over a range, the temperature of the sources would not be kept constant
and severe fluctuations could occur, making the system unacceptable. The development of feedbackcontrolled VCHPs has enabled absolute temperature control to be obtained, and this has been demonstrated
experimentally [4]. These heat pipes are representative of the third generation of thermal control devices
incorporating the heat pipe principle. Two forms of feedback control are feasible, active (electrical) and
passive (mechanical) – only electrical feedback is discussed here.
2.2.2. Electrical feedback control (active). An active feedback-controlled VCHP is shown
diagrammatically in Fig. 4. A temperature sensor, electronic controller and a heated reservoir (internal or
external heaters) are used to adjust the position of the gas–vapour interface such that the source temperature
remains constant. As in the cold-reservoir system, the wick is continuous and extends into the storage
volume. Consequently, saturated working fluid is always present in the reservoir. The partial pressure of
the vapour in equilibrium with the liquid in the reservoir is determined by the reservoir temperature that
can be varied by the auxiliary heater.

Figure 4. Active feedback-controlled VCHP.
The two extremes of control required in the system are represented by the high-power/high-sink and lowpower/low-sink conditions. The former case necessitates operation at maximum conductance; conversely
the low-power/low-sink condition is appropriate for operation with minimum power dissipation. By using
a temperature-sensing device at the heat source, and connecting this via a controller to the NCG heater at
the reservoir, the auxiliary power and thus the reservoir temperature can be regulated so that precise control
of the gas–buffer interface occurs, maintaining the desired source temperature at a fixed level. In the case
of THERMAC the controller may instead be linked to a room thermostat or the building heating system.
3. THE THERMAC PROJECT
The design concept and photographs of the prototype(s) are shown in Figs 5 - 7. Two prototypes were built:
one utilizing a high temperature PCM (Erythritol, T melt=121oC) which would be heated by resistance coils
or bands (the latter preferable) and one utilizing a lower temperature PCM (salt hydrate, Tmelt = 46oC) which
would be heated using a sterling engine waste heat stream or a (relatively) low temperature heat pump.
During charging of the PCM, the NCG reservoir at this stage is powered to a level that will locate the gas
front within the adiabatic region of the thermosyphon, effectively isolating the evaporator from the
condenser. This will ensure no heat is lost to the environment or to the flowing water (around the condenser).
The power level of the NCG heater will be at its highest at this point. When the charging of the PCM stops
(fully melted), the gas front will be controlled accordingly based on the heating duty required in the
condenser.

Figure 5. Schematic of the VCHP system

Figure 6. The low temperature (salt
hydrate) unit before insulation
was added

Figure 7. The Erythritol (higher temperature) unit showing extended surfaces on the container and
thermosyphon evaporator.
Fig. 8 shows the variations in heat output from the condenser during the first discharge test as argon is
gradually fed into the condenser.
 10L (13kg) of molten erythritol took up 1.99 kWh (0.79 kWh sensible + 1.2 kWh of latent heat).
 Condenser discharge of 0.242 kW over nearly 4 hours shows the need for better balance between
heat output and input. The use of 3 heat pipes would provide this.
 The average condenser u-value was estimated at 1.084 kWm-2K-1 (mean fin root to wall temperature
difference), based on a steady condenser coolant flow rate of 0.65 ltr/min.
o



The load held well at mean water temperatures of > 60 C during the discharge phase (conditions



well suited to typical domestic space and hot water heating).
A series of manually-adjusted argon challenges – see Fig. 8 - successfully demonstrated load

reduction to less than 50W (turndown of nearly 5:1 based on the average load).

Figure 8. Load reduction achieved by introducing argon into the condenser section.
The results of simulation of the results of the PCM/VCHP system tests, using The University of
Northumbria’s Simulink model, were promising. Scaling the results up to a full sized, Stirling engine DCHP
system showed that for a typical mid-terrace house, a 60 litre tank of PCM with 30 VCHPs can halve the
number of starts and increase overall efficiency by about 5 percentage points.
4. CONCLUSIONS
The study was successful in its main objective of demonstrating the basic technical feasibility of (i)
erythritol PCM as a means of heat storage suitable for DCHP systems that can significantly reduce the size
of domestic heat storage, at both low (58oC) and high (approx. 120oC) melt point temperatures, (ii)
overcoming the PCM’s low thermal conductivity by using fins on the VCHP, and, (iii) a VCHP as a means
of controlling the thermal output of the PCM storage system and reducing the number of daily starts of
DCHP systems, thereby increasing their overall efficiency.
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ABSTRACT
In this paper a microporous membrane is used in combination with rectangular microchannels of 3 cm length
in the absorber of an absorption chiller working in two different configurations: cooled by a water flow and
adiabatically. A previous model developed by the authors serves as the basis to simulate the heat and mass
transfer between solution and vapour in the H2O-LiBr absorber using porous fibres. In the non-adiabatic case,
the configuration of the channels allows that the heat released during absorption is extracted using a cooling
water flow confined also in microchannels. The results of solution concentration, pressure potential,
absorption coefficient, absorption rate and temperatures and power exchanged/stored by the working fluids
along the absorption channels are presented for the adiabatic and non-adiabatic absorbers. The ratio between
the cooling power of the chiller equipped with the absorber simulated and the absorber volume, rqV, is used to
characterise the absorber compactness. For the case considered in this study, both absorber configurations
offer an rqV higher than 1.1 MW/m3. This ratio is higher than twice the usual values found in falling film
absorbers using conventional circular tubes. Moreover, the new adiabatic configuration presents significant
advantages respect to the non-adiabatic case in terms of higher rqV and construction simplicity.
1. INTRODUCTION
The absorber is one of the most performance limiting and volume demanding components of absorption
systems. Several configurations for the liquid and vapour streams in the absorber have been proposed in
order to increase the heat and mass transfer in the liquid solution: falling films, bubbles, sprays and
droplets, liquid jets and sheets, etc. Nevertheless, all of them present relatively low heat and mass transfer
coefficients and lead to large, heavy and rigid heat exchangers. At present, a promising new technology is
under study, consisting in the use of membrane contactors in microchannel heat exchangers. Membrane
based absorbers use a microporous polymeric membrane at the solution-refrigerant vapour interface. In
the membrane, many small diameter pores avoid mixing between vapour and solution, while allow the
vapour and solution to be in contact. Surface tension prevents the solution from entering the holes, while
the vapour diffuses to the solution surface through the pores. The vapour pressure difference through the
membrane is the driving force for mass transfer. Compared with conventional absorption devices,
advantages of using microporous fibres include: larger interfacial area per unit volume, independent
control of vapour and liquid flow rates, easier scale up, modular design and compactness.
Previous studies about membrane-based absorbers using flat membranes in rectangular modules include
theoretical and experimental works. Ali and Schwerdt (2009) experimentally and analytically investigated
the characteristics and properties of commercially available microporous hydrophobic membranes. They
evaluated some factors that influence the water vapour mass transfer into a thin H2O-LiBr solution
confined in narrow channels. Yu et al (2012) numerically investigated the performance of a membranebased absorber using the same solution. They showed that several folds enhancement in the absorption
rate can be achieved with respect to conventional absorbers. Isfahani and Moghaddam (2013) tested an
absorber using a superhydrophobic nanofibrous membrane with nominal pore size of 1 m and 80%
porosity. They obtained an absorption rate of about 0.006 kg/m2s, using channels of 100 m thickness and
a flow velocity of 5 mm/s. Maximum pressure drop obtained was about 3 kPa, with no evidence of
deteriorating the absorber performance. Schwerdt (2013) developed a compact stack design with flat
sheet membranes. He concluded that the drafted module design seems promising based on multiplication
to achieve the nominal cooling capacity. Bigham et al (2014) showed that mass transport in the microfilm
solution could be improved by the implementation of micro-scale features on the flow channel surface. A

review of membrane contactors applied in absorption refrigeration systems has been done by Asfand and
Bourouis (2015), while Asfand et al (2015) developed a CFD simulation of a membrane-based absorber.
They concluded that the absorption rate increased by a factor of 2.5 when the solution inlet flow velocity
was augmented from 1.18 to 4.72 mm/s.
Lately, Venegas et al (2016a) developed a simple model of a miniaturized absorber using membrane
technology. The model was validated using data of Isfahani and Moghaddam (2013). The heat and mass
transfer model developed considers that temperature and/or concentration could change along both
thermal entrance and fully developed flow regions. Venegas et al (2016b) developed a parametric study to
evaluate the sensitivity of the ratio between the cooling capacity of the chiller and the absorber volume to
changes in some operating and design parameters. It was concluded that, at the design stage, the most
important parameters are porosity, pore diameter, solution channels depth and membrane thickness. For a
good performance during the operation of the absorber, special care should be taken to select the adequate
vapour pressure and solution inlet temperature and concentration.
In the present work, a comparison between adiabatic (A) and non-adiabatic (NA) membrane-based
absorbers using the water-lithium bromide solution is performed with the aim of identifying the least
volume configuration. A new model is used now, based on the previous model developed by Venegas et
al (2016a). The final objective of the comparison is to minimize the absorber volume to reduce the size of
absorption cooling chillers. The variable used to characterise the absorber compactness is the ratio
between the cooling power of the chiller equipped with the absorber simulated and the absorber volume.
2. MODELLING OF THE ABSORPTION PROCESS
The absorber configurations used in the present study are shown in Figure 1 and Figure 2. They are plateand-frame membrane modules, operating in co-flows configuration, with the geometrical data and
operating variables described in Table 1. The modules contain two vapour channels, separated from the
solution by adjacent microporous membranes. The solution is confined in rectangular microchannels. A
metal wall separates the solution channels from the cooling water channels in the NA-absorber. In the
case of the A-absorber, the cooling water channels are avoided. In order to simplify the problem, the
following assumptions are considered:
 The system operates under steady state conditions and the heat and mass transfer are one dimensional.
 The solution, cooling water (in the NA case) and refrigerant vapour completely fill their respective
channels: no incondensable gases are present and vapour absorption takes place instantaneously.
 The plate-and-frame membrane module is adiabatic with respect to its surroundings.
 Pressure is constant along the channels. As a result, the solution equilibrium concentration is only a
function of the solution temperature. An equilibrium state exists at the vapour/liquid interface.
 Solution, cooling water and vapour are well-mixed in each differential volume. Homogeneous
temperature and concentration are considered in all points within each respective control volume.
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Figure 1: Cross section of the: a) non- adiabatic absorber, b) adiabatic absorber
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Figure 2: Differential element of the: a) non- adiabatic absorber, b) adiabatic absorber
Table 1: Data considered for the simulation, corresponding to the schemes of the absorber
represented in Figures 1 and 2
Parameter
Vapour pressure, Pv (kPa)
Metal wall thickness, ew (mm)
Membrane thickness, em (m)
Vapour channel height, ev (mm)
Solution channel width, ls (mm)
Vapour channel width, lv (mm)
Discretization length, dz (mm)
LiBr mass fraction at the inlet, x
Solution and cooling water channels
centre-to-centre distance, ws, wcw (mm)
Length of channels, L (mm)

Value
1
2.7
60
5
1.5
20
0.22
0.6
1.6

Parameter
Cooling water inlet temperature, Tcw (ºC)
Solution inlet temperature, Ts (ºC)
Vapour inlet temperature, Tv (ºC)
Cooling water channel width, lcw (mm)
Solution channel height, es (mm)
Cooling water channel height, ecw (mm)
Vapour mass flow rate at the inlet,
(mg/s)
Membrane pore diameter, dp (m)
Total solution and cooling water mass flow
rates at the inlet,
,
(g/s)

Value
25
32
7
1.5
0.15
0.15
4
1
0.5

30

Mass rate balances for the solution, water vapour and salt give the mass flow rates and LiBr mass fraction
in the differential element j+1. The vapour mass flux through the membrane is calculated taking into
account the conditions in the bulk water vapour and bulk aqueous solution streams. For the differential
element j, the mass flow rate,
, depends on the transfer area, A, and the absorption rate, J:
[1]
[2]
[3]
Pv and Ps are the bulk vapour pressure and the water vapour partial pressure corresponding to the bulk
solution concentration (x) and temperature (Ts). The overall mass transfer resistance between the bulk
water vapour and bulk aqueous solution (Rov) includes the resistance to diffusion through the aqueous
solution boundary layer (Rs) and the resistance to diffusion of water vapour through the membrane active
layer (Rm). Both resistances act in series:
[4]
The energy rate balance applied to the differential element j is written as:
[5]

Left term in Eq. (5) corresponds to the thermal power released during absorption of the vapour flow rate
into the solution. Right terms are related to the heat transferred to the solution, vapour and cooling
water respectively. These can be calculated, for parallel flow, as:
[6]
[7]
[8]
The present model also considers that heat is transferred from the bulk solution channel (where absorption
takes place) to both cooling water (in the case of the NA configuration) and vapour channels, including a
combination of thermal resistances in series. The global heat transfer coefficients required are calculated
taking into account the resistances to convection and conduction in the different flows and materials.
Correlations used to implement the heat and mass transfer models appear in Venegas et al (2016a). The
concentration and temperatures along the channels cannot be explicitly determined from equations (1) to (8).
For this reason, the above set of equations was implemented in a computer code using Engineering Equation
Solver software, EES™ (Klein, 2015). Thermodynamic properties of water-lithium bromide solution have
been calculated using EES™. Metal of the wall interface was considered AISI 316. PTFE is selected and
its thermal conductivity is calculated using the correlation of Sperati et al (1989).
3. RESULTS AND DISCUSSION
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In Figure 3a the variation of the pressure potential along the channels is represented simultaneously with the
solution concentration change. The decrease in LiBr mass fraction describes the water vapour absorption
process. As expected, a higher pressure potential is reached by the NA-absorber, because the solution is
continuously subcooled. Regarding the solution concentration, the LiBr mass fraction at the outlet of the Aabsorber is lower because the mass transfer area is twice that of the NA-absorber. Figure 3b shows the
evolution of the absorption rate and the overall mass transfer coefficient in both absorbers. Both parameters
are higher in the NA-absorber because the absorption heat is extracted by the cooling water. The values
obtained tend to decrease as the solution absorbs the vapour along the channels. Average absorption rates of
2.310-3 and 3.310-3 kg/m2s are obtained in the A-absorber and NA-absorber respectively.
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Figure 3: Evolution along the absorption channels of the a) pressure potential and LiBr mass
fraction, b) absorption rate and overall absorption coefficient
Variation of the solution and cooling water temperatures along the absorption channels is shown in Figure 4a.
A slight variation of the solution temperature is observed in the case of the NA-absorber due to heat transfer
to cooling water. Firstly, as the cooling water temperature is sufficiently low the solution is cooled. Secondly,
the solution heats as absorption progresses and the cooling water temperature increases. The cooling water

temperature continuously increases governed by the absorption heat release, similar to the solution
temperature in the case of the A-absorber. The variation of the solution temperature observed in this figure
directly relates to the performance observed in the pressure potential represented in Figure 3a. It implies that,
the lower the solution temperature is, the higher the potential for mass transfer will be.
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Figure 4: Evolution along the absorption channels of the a) solution and cooling water
temperatures, b) thermal power transferred to cooling water and stored in the solution
Figure 4b represents the evolution of the thermal power stored in the solution (difference between the inlet
and outlet of each dz of the product between mass flow rate and enthalpy) and transferred to the cooling water
along the absorption channels. In the case of the A-absorber, the heat stored by the solution decreases very
rapidly in the first part of the channel as the solution heats and the absorption rate decreases. The cooling
water used in the NA-absorber initially heats as a result of the heat released during absorption and also due to
the heat extracted from the solution. The solution in the NA-absorber releases heat to the cooling water
during about one half of the channel length. From this point, it begins storing heat. The evolution observed
corresponds to the variation of the solution temperature shown in Figure 4a. The contribution of the power
transferred to the vapour is almost two orders of magnitude smaller in both configurations.
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Figure 5: Evolution of the cooling power and the ratio between the cooling power and the absorber
volume (rqV) along the absorption channels
The cooling power of an absorption chiller equipped with the absorbers modelled in the present work is
represented in Figure 5 as a function of the channels length for each type of absorber. Also, the ratio between

this cooling power and the absorber volume (rqV) is shown, supposing that the rest of chiller components
perform similarly in both absorber configurations. As observed, this ratio suddenly increases with the channel
length, reaching its maximum value at 1 mm length approximately (1557 and 1092 kW/m3 in the case of the
A-absorber and NA-absorber respectively). From this point, the ratio slowly decreases in the case of the NAabsorber until reaching the same ratio of the A-absorber at 3 cm length. Hence, in order to optimize the
absorber size, when designing the absorbers it is not recommended to use very long channels, because the
increase of the absorber size is higher than the increment obtained in the cooling power, especially in the case
of the A-absorber. The maximum values of rqV obtained in this work are higher than the ones found in
optimized horizontal falling film absorbers using the same solution, as modelled by Jeong and Garimella
(2005). In that study, the ratio reaches maximum values of 938.3 kW/m3 for tubes of 3.175 mm diameter and
450.7 kW/m3 for conventional tubes of 15.88 mm diameter.
4. CONCLUSIONS
A simulation of the heat and mass transfer processes taking place in membrane-based miniaturized adiabatic
and non-adiabatic absorbers has been developed. Results presented show the variation along the channels
of: absorption potential, solution concentration, absorption rate, overall mass transfer coefficient, solution
and cooling water temperatures, thermal power transferred to cooling water and stored in the solution,
cooling power and the ratio between the cooling power and the absorber volume. The simulated absorbers
have maximum values of the ratio between cooling capacity of the chiller and absorber volume of 1557
and 1092 kW/m3 in the case of the A-absorber and NA-absorber respectively. These values are higher than
the ones obtained using falling film absorbers. In order to maximize this ratio, when designing the
membrane absorber it is not recommended to use very long channels, because the increase of the absorber
size is higher than the increment obtained in the cooling power, especially in the case of the A-absorber.
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ABSTRACT
A unified framework for the modeling of the thermal compressor of a small-scale single-effect ammoniawater absorption system is developed. An optimal thermal compressor configuration is found through a
comparative assessment, and pertinent figures of merit are defined. The diabatic distillation column
configuration is shown to achieve the highest thermal compressor performance. Parameters relevant to
thermal compressor characterization are identified. Statistical analysis from thermodynamic simulations
over a wide range of ambient and evaporator temperatures provides accurate and simple algebraic equations
for thermal compressor performance. These results facilitate the consideration of absorption technology
through simple predictive tools for the cycle design stage. Further development of this framework can
provide an effective link between the physical system and its control for optimal and flexible operation.
INTRODUCTION
The concept of the thermal compressor (TC) is commonly used in the literature as a qualitative descriptor
to provide an analogy to the vapor-compression cycle. However, no efforts have been reported to extend
this concept to a quantitative TC characterization for absorption cycles. A single effect ammonia water
absorption cycle is compared to the TC – simple cooling cycle (SCC) representation in Figure 1. Through
TC isolation from the SCC, endogenous effects on performance due to variations in operating parameters
and cycle implementation can be quantified without reliance on specific SCC information. A modeling
framework for the TC of a single-effect, ammonia-water absorption system is developed and appropriate
figures of merit are defined. Quantitative characterization using this framework requires only two inputs,
ambient temperature (Tamb) and evaporator temperature (Tlow), and provides accurate algebraic equations
for performance prediction. This can be a high level screening and design tool for innovative thermal
systems, and also provides a basis for optimal system control development.
Several modeling approaches for absorption systems have been reported in the literature. Thermodynamic
modeling as the initial design stage of an absorption heat pump has been demonstrated by Herold et al.
(1996). To facilitate thermodynamic simulations, Grossman (1994) developed the modular ABSIM
software with a representative application presented by Garimella et al. (1996). Generalized approaches
that move toward black-box models have been shown by Gordon and Ng (1995) and Hellmann and Ziegler
(1999). Improvements to the latter model were reported by Kühn and Ziegler (2005). A representative
exergy based study of absorption systems was conducted by Aprhornratana and Eames (1995), while an
example of advanced exergy analysis is provided by Morosuk and Tsatsaronis (2008). Aspects of these
modeling approaches are synthesized in the present investigation to develop the TC framework.
THERMAL COMPRESOR CONFIGURATIONS
While many advanced cycle configurations are available, the target applications of this model are smallcapacity systems for which the single-effect cycle is most suitable. The relevant TC components are the
absorber, solution heat exchanger (SHX), desorber, and a refrigerant purification stage. The desorber and
purification stage have several configuration options. Some configurations, including the conventional
distillation column approach, were studied by Fernandez-Seara et al. (2003). They include a partial
condenser where vapor is purified by preferentially condensing sorbent rich solution. It was shown that
partial condensation leads to COP improvements if concentrated solution is used as the heat sink. An
additional configuration considered here is the diabatic distillation column. In the diabatic desorption
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column, heat transfer is
integrated into the stripping
column while the diabatic
rectification
column
integrates
partial
condensation stages with the
rectification column.
Based on the review of the
literature, three rectification
types have been selected as
Figure 1: (Left) Simple absorption cycle. (Right) Conceptual
shown in Figure 2. Type A is
representation of thermal compression cycle
the conventional adiabatic
column
with
complete
condensation reflux. Type B employs solution cooled partial condensation with vapor-liquid co-flow, while
type C is a solution-cooled diabatic column with liquid-vapor counter flow purification and the integration
of heat rejection. Three configurations for the desorber-analyzer section as shown in Figure 2 are selected.
Desorption Type 1 is a kettle type generator in combination with an adiabatic analyzer. Type 2 also employs
an adiabatic column, but uses a counter-current heat source with liquid-vapor co-flow. Type 3 is a diabatic
column where liquid-vapor counter flow purification is combined with counter-current heat transfer to the
desorber. This leads to a combination of nine configurations that are compared.
THERMODYNAMIC MODEL AND FIGURES OF MERIT
Complete state point definition of TC inlet and outlet are required and can be derived from SCC analysis.
A consistent refrigerant ammonia mass fraction of 99.85% is assumed. This value combines achievable
purity for small capacity systems (Keinath et al., 2015) and high SCC performance, i.e., low evaporator
refrigerant glide. The evaporator inlet temperature is defined as Tlow. Pressure at this state point is calculated
from saturated liquid assumptions. While the actual inlet condition to the evaporator is two-phase flow with
relatively low quality, the temperature difference between saturated liquid and low-quality two-phase
mixture is very small at low qualities. Absorber saturation pressure is obtained by assuming negligible
pressure drop from the evaporator. Assuming a 2ºC liquid sub-cooling and a closest approach temperature
(CAT) of 3ºC to Tamb at the absorber, concentrated solution ammonia mass fraction is obtained. High-side
pressure is obtained by assuming 2ºC liquid sub-cooling at the condenser and 3ºC CAT to Tamb. High side
pressure TC connection is made by assuming negligible pressure drop to the desorber. A constant SHX
effectiveness of 0.85 is assumed. Pump work requires electrical input, i.e. pure exergy, and cannot be
neglected. A pump efficiency of 70% is assumed for this analysis. Known deviation from CAT assumptions
can be accommodated through adjustments of the Tamb input to the model. The development of a
characteristic relationship between an optimal generator operating temperature, Tlow and Tamb removes the
requirement of an explicit input for generator temperature. Exergy supply to the generator depends on its
temperature, which is not necessarily constant. A weighted average temperature, Tdes, as shown in Eq. [1]
is used to account for temperature variation between diabatic stages. It is assumed that each heat transfer
stage control volume is well mixed leading to a constant pool temperature.

Figure 2: (Top) Rectification configurations, (bottom) Desorption configurations
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∑ / . Here, fi is a distribution function and is
This allows further simplification of Eq. [1] to 1/
equal to 1/N for even heat distribution. Even distribution of heat supply and rejection between stages is
assumed for Desorption Type 3 and Rectification Type C. Non-uniform heat distribution functions were
investigated, but performance improvements were marginal and inconsistent with variation in operating
conditions. Given the small effect of heat distribution variation, a uniform distribution function is
recommended.
Two figures of merit are identified and compared. First, a second law efficiency is considered for the TC
control volume shown in Figure 1. An energy based efficiency value requires knowledge of heat rejection
from the absorber. However, heat rejection in the absorber is considered lost exergy, eliminating it from
the exergy balance in Eq. [2]. An exergetic TC efficiency,
, can be defined as shown in Eq. [3].
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An alternative figure of merit is defined as the specific heat input, qdes, i.e., the heat input required per unit
mass of refrigerant as shown in Eq. [4]. This value is primarily determined by TC configuration, component
specification, and operating conditions. The SCC has very little effect on qdes and affects primarily the
refrigerant flow rate and extensive generator heat input. Therefore, this figure of merit provides a better
quantification of endogenous TC performance.
Q
qdes  des
[4]
m ref

Global desorption and rectification control volumes are divided into diabatic and adiabatic control volumes.
For example, Desorption Type 3 and Rectification Type C, i.e., the diabatic distillation column
configurations have a control volume arrangement as shown in Figure 3. Reflux is produced and vapor flow
is reduced in every diabatic section of the rectifier through partial condensation. It combines with reflux
leaving the adiabatic section above to enter the adiabatic section below. Some minimal net vapor generation
occurs in each adiabatic section as reflux is heated by vapor from below. The combined reflux on the bottom
of the rectification column enters the top adiabatic section of the desorber where it combines with
concentrated solution. Vapor purification in each adiabatic section causes a minimal amount of vapor
generation as solution is heated with hotter vapor from lower trays. Vapor generation occurs in each diabatic
section in the desorber with no reflux generation as
vapor from lower sections bypasses the current diabatic
section. A well-mixed pool is assumed in each diabatic
section with vapor generated at this mixed temperature.
Configuration A-1 consists of a single diabatic and
adiabatic control volume for desorption and
rectification respectively. Conservation equations for
mass, species and energy are applied to each control
volume as well as to the global control volume of the
component. The model is based on equilibrium
thermodynamics in combination with a Murphree
efficiency,
, in the adiabatic control volume to
account for liquid-vapor non-equilibrium (FernandezSeara et al., 2003). Eq. [5] and Eq. [6] provide the
definition of the Murphree efficiency for the desorber
and rectifier adiabatic sections, respectively. The
Figure 3: Desorption Type 3 (Left) and
limiting flow rate in the desorber is that of the vapor,
Rectification Type C (right)
while liquid flow rate governs the rectifier.
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Conservative values for
0.5 are used for all configurations (Zavaleta-Aguilar and Simões-Moreira,
2012). The resulting system of equations is solved iteratively on the Engineering Equation Solver (Klein,
2015) platform. The number of stages in the diabatic distillation configuration has to be specified to provide
closure. A single stage represents Desorption Type 1 and Rectification Type A. Drastic performance
improvements are achieved as the number of stages is increased at low stage numbers, while large numbers
lead to marginal improvements (Figure 4). This is to be expected for two reasons. First, a high stage number
approaches a continuous temperature gradient, which reduces the grade of required heat input. Secondly,
the fixed value for εad increases overall purification efficiency with higher stage number. This reduces heat
rejection in diabatic rectification sections and thereby improves TC performance. Both effects are
marginalized as the number of stages is increased. A stage number of ten for Desorption Type 3 and
Rectification Type C was used for the remainder of the analysis.
Results of all nine configurations are compared for operating conditions of Tamb = 35ºC and Tlow = 0ºC and
a range of dilute solution temperatures leaving the desorber, Thot. This temperature was chosen as a
characteristic parameter as it can be easily measured and is a suitable control variable. Figure 5 shows TC
efficiency as well as specific heat input for Desorption Type 1 in combination with all three rectification
types. A distinct maximum of TC efficiency is shown for all configurations, with Rectification Type C
providing the greatest value. This optimum temperature increases slightly from Rectification Type A to C.
Minimum heat input is observed for all configurations at a specific temperature, which is consistent with
maximum COP values observed in previous studies (Engler et al., 1997). Minimum specific heat input
decreases from Rectification Types A to C. The optimal temperature for minimum heat input is much less
pronounced for Rectification Type C than it is for type A. This is due to excessive purification requirements
of vapor leaving the kettle-type desorber at high temperatures. Rectification Type B has a maximum
temperature beyond which solution cooled partial condensation cannot provide sufficient purification to
achieve the required refrigerant concentration. This poses a limitation on Thot for this configuration. The
sudden change in slope for both, ηTC as well as qdes, indicates that the saturated liquid state is reached in the
solution cooled rectifier, underlining significant heat rejection requirements. Rectification Type C is
considered optimal and used in combination with various desorption types. L-V countercurrent flow
prevents heat sink limitations and avoids excessive heat rejection requirements at high Tdes values. Figure
6 shows a distinct maximum TC efficiency with Desorption Type 3 having the greatest value. Exergy
destruction in Type 1 is greatest due to lack of temperature glide matching. Exergy destruction for Type 2
is somewhat greater than that for Type 3 despite temperature glide matching in both types. This is due to
greater heat input requirements for Type 2. Specific heat input is also lowest for Desorption Type 3. It
should be noted that these trends in heat input are due to the better purification of Desorption Type 3. While
the exergetic advantage of types 2 and 3 cannot be obtained with type 1, a large analyzer section, i.e., greater
values of εad, for type 2, can achieve energetic and exergetic performance similar to that of type 3. However,
this will lead to greater size, weight and vapor generation requirements. The results show that the optimum
temperatures are generally somewhat higher for
1920
0.54
configuration C-3. Nevertheless, performance of

0.53
1910
configuration C-3 at slightly lower values of Thot
q
0.53
1900
that optimize other configurations is still greatest.
0.52
1890
0.52
In other words, the performance of C-3 is greater
0.52
1880
than that of any other configurations at their
0.51
1870
0.50
respective optimum temperatures. Therefore, it
1860
0.50
can be concluded that TC configuration C-3 is
0.49
1850
optimal, particularly if small capacity machines
0.49
1840
0.48
are considered.
1830
TC

qdes, kJ kg-1

Thermal compressor efficiency

des,min

0.48
0.48

1

2

3

4

5

6

7

Number of diabatic stages

8

9

10

1820

Figure 4: Thermal compressor performance vs.
diabatic stage count
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These results showed that
is maximized for values of Thot less than those for which qdes is minimized.
This result can be generalized by invoking Eq. [2] and taking the derivative with respect to Thot. Given that
minimizing exergy destruction maximizes TC efficiency, Eq. [7] reveals that a value for Thot that allows an
extremum for both figures of merit would result in a trivial solution for qdes. This shows that these events
must occur at distinctly different temperatures, allowing for the definition of Topt,I (minimization of qdes)
). Setting the derivative of exergy destruction to zero, Eq. [8] shows that the
and Topt,II (maximization of
slope of the curve for qdes is negative. If it is known that only unique and distinct values of qdes and
exist, Eq. [8] establishes the general result of Topt,I > Topt,II. This result is expected from the definition of
. For Tdes > Topt,I, both qdes and its associated exergy increase cause a decrease in
. For Tdes < Topt,I, a
small increase in qdes allows for reduced exergy input due to lower Tdes values. For temperatures between
to increase.
Topt,II and Topt,I, this effect more than compensates for increases in qdes, which causes
 I 
 Tamb  Q des  Tamb Tdes
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 Qdes 2
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In the preceding analysis, heat source coupling to the desorber was omitted to develop a general TC model.
Exergy destruction in the desorber due to heat source coupling depends strongly on the specific application,
. However, it can be shown that Topt, II, Topt,I and qdes have little or no
with corresponding variation in
dependence on heat source coupling, which ensures the applicability of this framework. For the same
reason, sensitivity of SCC variations was tested by comparing TC performance over a range of refrigerant
pre-cooler (RPC) effectiveness values. This provides variation of TC inlet conditions that could be caused
not only by RPC effectiveness, but also by variations of temperature glide in the evaporator. It was found
occur as shown
that the values of qdes, Topt,I and Topt,II are virtually unaffected, while slight variations in
in Figure 7. Therefore, the following conclusion about the applicability of TC figures of merit can be made:
The value of either Topt,I or Topt,II is relevant, depending on the specific design purpose. The qualitative
behavior shown in these figures suggests that values of Thot < Topt,II lead to rapid performance degradation
due to excessive circulation ratios (CR = mcs/mref). Hence, Topt,II can be employed as a practical minimum
Thot design temperature. The range between Topt,II and Topt,I could be regarded as the design range for Thot.
depend on heat source coupling and somewhat on SCC configuration. Therefore,
Absolute values of
this figure of merit provides utility in determining the value of Topt,II. Its absolute value may be interesting
by itself, particularly for true thermodynamic comparisons to other cycles, but it has to be determined for
the specific application and SCC configuration under consideration.
An exergetic comparison between the conventional TC configuration, A-1, and the optimal configuration,
C-3, is shown in Figure 8. For this comparison, heat transfer fluid coupling with a CAT value of 5°C is
integrated into both configurations. Total exergy destruction is significantly reduced, which can be
attributed to the optimization of the desorber and rectifier. Exergy destruction in the absorber increases for
configuration C-3. This is due to higher dilute solution temperatures entering the absorber caused by a shift
of some heat rejection of the solution cooled rectifier to the dilute solution through the SHX. However, the
total heat rejection from the absorber is less for configuration C-3 than that for A-1.
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Figure 8: Component exergy destruction
comparison for configurations A-1 and C-3

The TC framework developed here was applied to identify an optimal TC configuration for a single-effect
system. Further application of the TC concept provides a simple method to quantify essential system
variables. The key findings of the above analysis are that Topt,I and Topt,II provide a meaningful design range
and a practical minimum design temperature for Thot, which has been identified as an important variable for
design and control. Heat input at Topt,I, i.e., qdes,min provides accurate TC heat input predictions. The lowest
expected desorber solution temperature, Tdes,min, is also defined. In combination with a CAT value, it
facilitates heat source integration and design of innovative and cascaded thermal systems. A statistical
approach is applied to provide quantification of these variables. Computations were conducted for the C-3
configuration for 46 Tamb and 21 Tlow values between 22.8ºC and 55ºC and -10 ºC and 10 ºC, respectively,
i.e., a total of 966 operating points. Regression analyses provide accurate characteristic variable equations.
Eq. [9] through Eq. [11] show Topt,I in °C (R2 = 99.83%), qdes,min (R2 = 99.91%) and Tdes,min in °C at Topt,I (R2
= 99.87%). A logarithmic temperature ratio Θ ln
is defined, with Tamb and Tlow in K.
, /
,
is used.
Additionally, temperature lift

Topt ,I  57.7  3540  9410 2  26142 3 11.55  Tlift

[9]

qdes,min  1177 10672 19337   85696  14.2  Tlift
2

3

[10]

Tdes,min  22.9  2364 169.8  10  Tlift
2

[11]

Similarly, Eq. [12] through Eq. [14] show Topt,II in °C (R = 99.87%), Tdes,min in °C (R = 99.85%) and qdes
at Topt,II (R2 = 99.90%).
Topt ,II  24.9  2574    228 2  11 Tlift
[12]
2

2

Tdes ,min  23.4  2346    150.6 2  9.8  Tlift

[13]

qdes  1332  8464    13389  2  18.46  Tlift

[14]

These equations extend the applicability of the framework developed here and can be used to compute
expected TC performance quickly without a complete system modeling exercise, and also to quickly
identify optimal design and operating ranges.
CONCLUSIONS

The development of a quantitative thermal compressor black-box model that accounts for the internal
thermodynamics with high fidelity was presented here. This framework can be further developed by
including consideration of thermal losses and characterization at part load operation. Such modeling can be
conducted for screening and preliminary design of innovative and cascaded thermal systems to readily
choose the appropriate configurations and arrive at optimal systems without significant modeling and
computational effort. Specification of heat exchangers in more precise fashion instead of the use of CAT
and effectiveness values is also possible with future modifications. A refined, fixed heat exchanger UAvalue model would also be useful for the implementation of control algorithms and hardware for the optimal
control of innovative sorption systems.

NOMENCLATURE

TC
SCC
T
SHX
CAT
Θ
COP
η
ε
q
RPC
CR
I

thermal compressor, %
simple cooling cycle
temperature, °C or K
solution heat exchanger
closest approach temperature, K
logarithmic temperature ratio
coefficient of performance
exergetic efficiency, %
mass transfer efficiency, %
heat transfer, kJ kg-1
refrigerant pre-cooler
circulation ratio
exergy destruction rate, kW

Q
W

exergy rate, kW
heat transfer rate, kW
pump power, kW

R2
i
V
L
m

Determination coefficient
exergy destruction, kJ kg-1
vapor
liquid
mass flow rate, kg s-1

Subscripts
low evaporator inlet
amb ambient
opt
optimal

des
min
hot
ad
I
II
in
out
ref
cs

desorber
minimum
hot desorber solution
adiabatic
first law based
second law based
inlet
outlet
refrigerant
concentrated solution
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ABSTRACT
A new absorption thermal storage cycle is proposed and investigated. Energy is stored chemically by separating
the constituents of highly non-ideal solutions, yielding much lower standby losses than in conventional
approaches. The cycle avoids limitations of other sorption-based storage concepts by replacing the evaporator
and absorber with a liquid-liquid mixer and a solution heat exchanger. Single-, double- and triple- effect
configurations of the cycle are analyzed. To increase efficiency, an enhanced combined sorption and phasechange material (PCM) cycle is also investigated. The combined cycle is compared with conventional sensible
and latent heat storage systems for a test case of supplying heat to a water tank to raise its temperature to a
specified value over different storage times. For long storage periods (e.g., ~6 months) the combined cycle
offers higher efficiencies (up to 14×).
INTRODUCTION
The need to store thermal energy, when it is available in excess of demand, is a crucial factor for the efficiency
and performance of many energy intensive processes. Thermal storage ensures energy continuity when using
intermittent energy sources (e.g., solar and waste heat), and increases electricity production by shifting energy
consumption from peak load hours (Medrano et al., 2010). Applications of thermal storage have time scales
ranging from hours up to seasonal storage (N’Tsoukpoe et al., 2009; Pinel et al., 2011; N’Tsoukpoe et al.,
2012). Long-term thermal storage is particularly challenging due to standby heat losses, especially for
applications with large temperature differences between the storage medium and ambient temperature.
Thermal energy storage techniques can be divided into three main categories: sensible, latent, and chemicalsorption (Medrano et al., 2010; Pinel et al., 2011). Sensible and latent thermal storage might be suitable for
short term storage, but not for the long term due to standby loses. Chemical storage, and in particular, liquid
absorption thermal storage, offers competitive or higher energy density as compared to other thermal storage
techniques, especially for long term applications (Yu et al., 2013). Advantages of using absorption thermal
storage include operating the energy storage system entirely in the liquid phase (easier to design efficient heat
exchangers than solids) and adjusting delivery temperatures by changing the system pressure. Disadvantages
of current absorption cycles include reliance on a low-temperature heat source for the evaporator coupling upon
delivery (Yu et al., 2013), which implies that delivery temperatures are indirectly controlled by ambient
conditions or by the heat source/sink used (Hui et al., 2011). When water is the absorbate in the system, a nearambient temperature heat source for evaporation dictates sub-atmospheric pressure operation. This increases
the potential for air/non-condensable ingress, which can be detrimental to the cycle (Weber and Dorer, 2008).
In addition to these limitations, significant practical difficulties arise in designing the absorber for the liquidvapor coupled heat and mass transfer processes (N'Tsoukpoe et al., 2013).
The objective of the present study is to analyze a new sorption-based storage cycle. The proposed technology
operates by delivering the heat of mixing from contacting two liquids (working fluid liquid and concentrated
solution), and not the heat of absorption of vapor absorbate into liquid absorbent. This eliminates the need for
an evaporator and liquid-vapor absorption heat and mass exchanger, and permits above-ambient-pressure
operation with water-based working fluids. This sorption-based cycle can be integrated with other thermal
storage technologies such as a topping cycle, permitting higher heat delivery temperatures and efficiencies.
*Corresponding author

CYCLE DESCRIPTION
The proposed cycle is a sorption-based cycle that uses
water as the absorbate and a salt as the absorbent. It
uses the available heat to separate the dilute solution
(i.e., low salt mass fraction) into a concentrated
solution and pure water during the storage phase.
During the heat delivery phase, water and the
concentrated solution are contacted (i.e., direct liquidliquid mixing), releasing the heat of mixing for the
highly non-ideal solution. The double-effect
implementation of this cycle is presented in Figure 1.
The thermal storage cycle is divided into two phases:
charging (storage, points 1 – 7) and discharging
(delivery, points 8 – 13).

Figure 1: Double-effect storage cycle with
discharge system

The charging stage of the dilute solution (low
absorbent mass fraction) begins in the storage tank (1).
The dilute solution at (1) is heated through HX1 and HX2 before entering the desorber at (2), where the heat
input is added. At the exit of the first desorber stage, intermediate concentration solution (3) is flashed into a
Low Temperature Desorber as shown, where the pressure drop across the adiabatic expansion valve causes
some water to evaporate. This further increases the salt concentration in the solution. The vapor generated in
the first desorber stage (4) is recuperatively condensed in the low temperature desorber, and the liberated heat
evaporates additional water from the intermediate concentration stream (3), generating the final concentrated
solution stream (5). The desorbers are sized so that the heat of condensation from (4) to (6) is sufficient to bring
the output solution (5) to the desired concentration. The discharge (delivery) phase eliminates the need for an
absorber and evaporator, as required in conventional sorption storage cycles (N’Tsoukpoe et al., 2009; Hui et
al., 2011; Yu et al., 2013). These components are replaced by a liquid-liquid mixer and a sensible heat
exchanger (HX3). Exothermic mixing of the absorbate (here, water) (8) and absorbent (concentrated solution)
(9) provides the delivery heat. The hot dilute stream exiting the mixer (10) has the highest temperature. A
fraction of that stream, (11) is returned to sensibly pre-heat (8) and (9). This preheating stage permits a tradeoff
between heat delivery capacity and temperature. The resulting delivery temperatures can thus be higher than
those obtained in conventional absorption cycles. The return fraction, f, is defined in Eq. [1]. Finally, heat is
delivered to the end use through HX4 (12 → 13). The efficiency of the cycle is defined as heat delivered in
HX4, divided by the heat input to the desorber (2→ 3, 4).

f 

m11
m10

[1]

In addition to the double-effect system discussed here, single- and triple- effect configurations can be
considered, with one and three desorbers, respectively, for the charging stage.
The reliance on the heat of mixing for heat delivery instead of the (usually greater) heat of vapor absorption is
expected to decrease system efficiency. In effect, the input heat in the desorber is used to vaporize the absorbate,
while the recovered heat is only due to the heat of mixing, which can be considerably smaller. However, this
cycle affords opportunities for long-term storage without penalties of heat losses, and can be also integrated
with conventional storage cycles as a topping cycle, increasing overall efficiency as shown below.
SYSTEM PERFORMANCE
The working fluid for the cycle is chosen to be LiCl-H2O, because its use results in the highest efficiency in
other absorption thermal storage cycles (Hui et al., 2011). The concentrated solution (9) is set at the maximum
possible LiCl concentration at Tambient=25°C for which crystallization occurs (xcrys= 46%). A dilute solution (1)
concentration of 29% yields the maximum heat liberated/mass during discharge.

Mass, energy, and species balances are applied to
each component. For the representative case, a return
fraction (Eqn. 1) of 50% is set during heat delivery.
The delivery temperature (13) in Figure 1 was set at
35°C, in accordance with similar absorption thermal
storage studies for house heating applications (Hui et
al., 2011; N'Tsoukpoe et al., 2013). The resulting
efficiency as a function of source temperature is
shown in Figure 2. A maximum temperature of
71.3°C was achieved at the exit of the mixer. The
vertical lines in Figure 2 indicate the source
temperature below which the pressure in the last
desorption stage during energy storage drops to subatmospheric values.

Figure 2: Variation of efficiency as a function of
source temperature for the three different cycle
configurations

The one-stage cycle has the lowest efficiency at all source temperatures, followed by two-stage and three-stage
cycles, respectively. The efficiency increases by approximately 60% from a one-stage to a two-stage cycle. It
increases further by approximately 12 % from a two-stage to a three-stage cycle. The one- and two-stage cycles
can achieve above-atmospheric pressure operation at 147°C and 181°C, respectively. However, the three-stage
cycle requires source temperatures above 220°C for above-atmospheric-pressure operation. Thus, there is a
large gain in efficiency in transitioning from single- to double-effect cycles, but not an appreciable gain by
implementing a triple-effect cycle. The three-stage cycle is also more complex, requiring additional heat
exchangers and high source temperatures to operate above atmospheric pressures. Therefore, the rest of the
discussion here assumes two-stage operation.
As can be readily noted, the efficiency of all configurations is rather low, mainly due to residual sensible heat
in the hot streams exiting the last desorber. However, this efficiency is essentially constant and independent of
storage time as there are no standby losses. Efficiencies in conventional sensible and latent thermal storage
technologies decay with storage times. Other sorption-based storage cycles can have theoretical efficiencies
approaching 100%, but suffer from other limitations discussed earlier (N'Tsoukpoe et al., 2013). Also,
substantially higher efficiencies could be achieved in the proposed sorption thermal storage concept by
identifying other working fluid mixtures with more desirable thermodynamic properties (i.e., greater ratio of
heat of mixing to heat of liquid-to-vapor phase change).
A major advantage of the present cycle is its ability to achieve high maximum temperatures by varying the
return fraction (Eqn. 1). Figure 3 presents the maximum temperature obtained in the cycle ((10) in Figure 1)
and efficiency of the double-effect cycle as a function of return fraction. A source temperature of 185°C ((3)
in Figure 1) was assumed. It can be seen that
maximum temperatures of up to 135°C can be
achieved. The efficiency increases with return
fraction because the effect of the temperature boost
after the mixing is greater than the effect of
reducing the mass flow rate at the delivery. Another
key advantage is that the maximum temperature is
independent of ambient temperature during
delivery, unlike in conventional absorption cycles.
CASE STUDY
To improve cycle efficiency and recover residual
heat from the streams exiting HX1 and HX2
(Figure 1) during the charging phase, the proposed

Figure 3: Maximum temperature and efficiency
variation as a function of return fraction

double-effect cycle is integrated with latent
thermal (combined sorption-PCM) storage.
Specifically, PCM storage is used to store
sensible energy from the charging stage output
streams. The energy stored in the PCM is used
to deliver low-temperature heat to the load and
to preheat the concentrated solution and the
water streams during discharge. The integrated
cycle is presented in Figure 4. The timedependent efficiency of this integrated cycle is
defined as the energy delivered to the load
(Edelivery) divided by the energy initially stored in
the system as discussed later in this section. The
performance of this integrated cycle is
compared here with those of sensible and latent
heat storage systems for the representative case
of heating a water storage tank from Tambient =
25°C to Tdelivery = 80°C. The heat source for all
Figure 4: Combined sorption-PCM cycle schematic
three cases is at Tsource = 185°C. For the sensible
with representative temperatures after 40 days
energy storage case, as the source temperature
is above 100°C, a rock bed is used instead of water to avoid boiling at atmospheric conditions. For the latentonly storage case, a PCM that has a phase change temperature equal to the delivery temperature is selected.
The PCM and the rock bed are assumed to be stored in cylindrical tanks that have a representative fixed heat
loss coefficient (Esen, 2000).
Two delivery energy cases are considered, Edelivery = 1 GJ and Edelivery = 100 GJ. A lumped capacitance method
is used to model the PCM storage tank and the sensible energy storage. For the sensible energy storage case,
the dependence of the tank temperature on time is shown in Eq. [2]. In the PCM case, the loss to the ambient
is balanced by the release of latent energy due to phase change, and the variation of the relevant parameter, the
volume fraction of liquid, is shown in Eq. [3]. For the combined cycle (Figure 4) the energy stored during the
charging phase in the PCM is given by Eq. [4]. The energy that is used during discharge to preheat the water
tank up to TPCM, by the PCM, is shown in Eq. [5]. EPCM,t, shown in Eq.[5], is the total energy stored in the PCM
part of the combined cycle after time “t”, calculated based on Eq. [3]. In the combined cycle, only the PCM
part suffers from standby losses. Eq. [6] provides the energy delivered by the combined sorption-PCM cycle to
heat the water tank. The first term on the right side of Eq. [6] is energy delivered by the sorption cycle, while
the second term is the energy delivered by the PCM.

T (t )  (Tsource  Tambient ) exp(
 PCM (t )  1 

UA
t )  Tambient
cr  rV

UA
(T
T
)t
lVhls PCM ambient

EPCM ,0  m11  h11 (T11 , P11 )  h14 (TPCM  CAT , Pambient )   m9  h9 (T9 , P9 )  h12 (TPCM  CAT , Pambient ) 
 m10  h10 (T10 , xcrys )  h13 (TPCM  CAT , xcrys ) 

Ebotto min g  EPCM ,t  m16  h17 (TPCM  CAT , xcrys )  h16 (Tambient , xcrys ) 

 m15  h18 (TPCM  CAT )  h15 (Tambient ) 

Edelivery  1  f  m1  h22 (T22 , xdilute )  h24 (Tdelivery , xdilute )   Ebotto min g

[2]
[3]
[4]
[5]

[6]

Figure 5: Efficiency for the three storage modes
as a function of time, 1 GJ case

Figure 6: Efficiency for the three storage modes
as a function of time, 100 GJ case

To ensure that the sorption-based cycle is able to lift the temperature from TPCM up to the required temperature,
the constraint shown in Eq. [7] is applied.

1  f  m1  h22 (T22 , xdilute )  h24 (Tdelivery , xdilute )   cw  wVdelivery Tdelivery  TPCM 

[7]

The efficiencies of the three different cycles for different thermal storage times are shown in Figure 5 for Edelivery
=1 GJ and in Figure 6 for Edelivery =100 GJ. The parameters used in the simulation are shown in Table 1.
To supply Edelivery=1 GJ after longer storage times, a greater initial charge energy and tank size is needed.
Increased storage tank size causes an increase in standby heat loss rates due to greater surface areas. Hence,
efficiencies will decrease with longer storage times for all the three modes used (Figure 5). The results show
that after 40 days, the combined cycle efficiency is greater than those of the other cycles for the 1 GJ delivery
case. At this time, the combined cycle has an efficiency of 16% compared to 4% and 15% for the sensible and
latent-only storage cycles, respectively. After 140 days, the efficiency of the combined cycle is an order of
magnitude higher than those for sensible or latent storage alone. In the Edelivery=100 GJ case (Figure 6), the
efficiency trends are similar to the ones shown in Figure 5. However, the cross-over time, where the combined
cycle is more efficient than the latent thermal storage, is delayed. This happens after ~175 days. This implies
that for shorter periods of storage, the combined cycle might not be a favorable option. However, for longer
periods of time (>180 days), the combined cycle is the most efficient(Esen, 2000).
CONCLUSION
The cycle proposed and investigated in this study addresses limitations of previously proposed absorption
thermal storage techniques, such as the dependence on low temperature heat availability, operation at subatmospheric conditions, and design of efficient heat
Table 1: System Parameters
and mass exchangers. Single-, double- and triple-effect
Parameter
Value
charging processes yield increasingly higher
efficiencies; however, the small increase of the triple1000
J K-1kg-1
cr
effect system performance over the double-effect
2240 kg m-3
ρr
system is not commensurate with the increased system
hls (Latent
271 kJ kg-1
complexity. The double-effect cycle was therefore
Storage)
chosen for further investigation.
hls (Combined
255 kJ kg-1
Cycle)
The proposed cycle was integrated with PCM storage
795 kg m-3
ρl
to improve overall efficiency and was compared with
0.55 W K-1m-2
U
conventional thermal storage options. It was found that
51%
f
for long term storage, the combined cycle has a higher
2 °C
CAT
efficiency than the other modes of storage. To
overcome the low efficiency of the cycle for short term

storage, further investigations into new working fluids are needed. A working fluid pair that has a high enthalpy
of mixing versus enthalpy of vaporization could be an excellent candidate for this cycle.
NOMENCLATURE
A
c
E
f
h
m

surface area of the storage tank (m2)
specific heat capacity (kJ kg-1 K-1)
energy (J)
return fraction (-)
specific enthalpy (kJ kg-1)
mass of fluid in the system (kg)

CAT
P
t
T
U
V
x

Closest approach temperature (°C)
pressure (kPa)
time (sec)
temperature (°C)
tank loss coefficient (W m-2 K-1)
volume (m3)
mass fraction of solute (-)

ρ

density (kg m-3)

Greek Symbols
α

mass fraction of liquid in the phase
change material (-)

Subscripts
ambient
bottoming
crys
delivery
dilute
l
ls

ambient conditions
used in the bottoming cycle
Crystallization
delivered quantity to the load
dilute solution
liquid phase in the phase change material
enthalpy of fusion

PCM
r
source
t
w
0

phase change material
rock bed
source conditions
at time t
water
at time t = 0
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ABSTRACT
With water resources becoming increasingly scarce, novel methods of water purification must be explored.
Forward osmosis has been shown to have higher pure water throughput than reverse osmosis, but for such
a process to occur cyclically, the draw solution must be regenerated. Coupling a forward osmosis process
to a vapor absorption cooling cycle with water-lithium bromide as the working pair allows the draw solution
to be regenerated in the desorber of the absorption cycle while the feedwater solution is used to cool the
absorber and condenser. Such a cycle allows two useful outputs – fresh water and cooling – to be produced
with low-grade heat input and very small electrical input. A system of this type could provide 1500 kg/day
of fresh water and 10.5 kW of cooling with an energy utilization ratio of 0.8 and a desorber temperature of
80°C, which is possible with simple flat-plate solar collectors.
INTRODUCTION
As the world’s population continues to increase, access to fresh water becomes increasingly difficult,
especially in arid regions. To address these challenges, alternate sources of water, including brackish water
and seawater have been considered, and various purification techniques have been developed to enable the
use of these sources (Ghaffour et al., 2013; Ghalavand et al., 2015). One of the more recently developed
techniques that shows promise, as it has low energy requirements and moderate capacity, is forward osmosis
(FO). In FO purification, a semipermeable membrane is used to separate the impure feedwater from a draw
solution, which is usually a concentrated aqueous salt solution. The high osmotic pressure of the draw
solution causes water to diffuse out of the feed stream and into the draw solution. Following this, the draw
solution is restored to its previous concentration and pure water is extracted (Cath et al., 2006).
One challenge in FO systems is regeneration of the draw solution. The main method considered is the use
of reverse osmosis (RO). The advantage of using FO followed by RO is decreased susceptibility to
membrane fouling, but this method still requires the high pressure and electrical energy consumption of RO
(Achilli et al., 2010). Thermal energy can be applied to regenerate the draw solution by choosing solutes
whose solubility depends on temperature, thermally decomposing the solute, or evaporating the water in
the draw solution (McGinnis, 2002; McCutcheon et al., 2005).
A system to produce multiple useful outputs can be devised by integrating the FO process with an
absorption cooling cycle. In such a system, a binary mixture is heated in the desorber, where the more
volatile component evaporates. This vapor then rejects heat and changes to a liquid phase in the condenser.
It is then expanded to low pressure and sent to the evaporator, where it receives heat from the cooling target.
The resulting vapor is then sent to the absorber, where it is absorbed into the solution. Finally, this solution
is pumped back to the desorber. Heat rejection occurs from the cycle in the condenser and absorber; for
this, cooling water loops or large, air-coupled heat exchangers are needed. By using the feedwater in a FO
process to cool the condenser and absorber in an absorption cycle, these requirements can be avoided, and
freshwater can be generated in the cycle in addition to cooling.
In the combined cycle, water passes through an FO membrane into the absorber while removing the heat
rejected in the absorption process. Water is then removed from the solution in the desorber. The remaining
feedwater is used to cool the condenser, and some pure water is removed from the condenser. The rest of
the water is sent to the evaporator, where it is used to provide cooling to a conditioned space. A
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Figure 1: Thermodynamic cycle model
thermodynamic model was developed here for such a cycle using the water-lithium bromide (H2O-LiBr)
working pair to determine its performance over a range of operating conditions.
THERMODYNAMIC MODEL
A schematic of the cycle under consideration is shown in Figure 1. In addition to the components described
in the basic cycle above, a solution heat exchanger (SHX) is added to recover sensible energy from the
regenerated draw solution. Mass, species, and energy balances are performed on each component and are
used to determine the performance of the cycle. The metrics used to evaluate this performance are the
coefficient of performance (COP), the performance ratio (PR) (Ghalavand et al., 2015), and the energy
utilization ratio (ER), as defined in Eqs. [1]-[3].

Q
COP =  e
Qd  W
PR =

m p  2326 kJ/kg
Q  W

[1]

[2]

d

ER = COP + PR

[3]

The COP provides the ratio of the cooling achieved to the energy input. The PR provides the ratio of the
energy used to evaporate the pure water extracted to the energy input. The factor of 2326 kJ/kg accounts
for the heat of vaporization of water as defined for PR in British units, 1000 BTU/lb. Finally, ER provides
the ratio of the total useful result as cooling and pure water to the energy input.
The mass balances on the absorber are as follows.

m r  m p  m lr  m hr  0

[4]

m f  m p  m b  0

[5]

where the subscripts r, p, lr, hr, f, and b represent quantities associated with the refrigerant, purified water,
low-refrigerant-concentration solution, high-refrigerant-concentration solution, feedwater, and brine
(remaining after water is removed from the feedwater), respectively.
The species balance on the absorber is given by:

m r  m p wlr m lr  whr m hr  0

[6]

where w is the mass fraction of water in the indicated stream. It should be noted that this equation assumes
that any potential diffusion of LiBr through the FO membrane into the feedwater stream can be minimized
to negligible amounts through appropriate design.
The energy balances for the desorber, condenser, evaporator, and absorber are as follows (all numbered
subscripts refer to state points in Figure 1), neglecting heat exchange with the feedwater.
[7]
m r  m p h1  m lr h8  m hr h7  Q d





m r h2  m p h14   m r  m p  h1  Q c

[8]

m r  h4  h3   Q e

[9]

m hr h5  m r h4  m p h11  m lr h10  Q a

[10]

The energy balances on the cooling water stream in the condenser and absorber are

m b h12  m p h11  m f h11  Q a

[11]

m b  h13  h12   Q c

[12]

The SHX is analyzed by assuming an effectiveness, defined as follows:

Q SHX

 
Q

[13]

SHX , max

The maximum heat transfer rate is



Q SHX , max  min m i (h  ph , T8 , wi   h  ph , T6 , wi 



[14]

where the curly brackets denote the set of both solution streams passing between the desorber and absorber.
With the effectiveness and the maximum heat transfer rate, the energy balances on the SHX yield
Q SHX  m hr  h7  h6 
[15]

Q SHX  m lr  h8  h9 

[16]

The pumps are analyzed assuming an isentropic efficiency, ߟ.

W 

m  hin  hout , s 



[17]

The subscript s on the second enthalpy indicates an isentropic process.
The flow of water through the FO membrane is related to the osmotic and mechanical pressure differences.
m p   f Amem    p 
[18]
where the osmotic pressure,  , is given by

  iMRT

[19]

where M is the molarity of the solution, R is the universal gas constant, and i is the Van’t Hoff factor. Here,
i is taken as ideal, which is the number of ions in the compound.
In FO processes, concentration polarization has been observed in the membrane, which reduces the flux.
This is taken into account here by reducing the osmotic pressure. For the feed solution (assumed to be
3.5 wt% NaCl), data from Achilli et al. (2010) were used to estimate the reduction factor. For the LiBr
solution, a greater reduction was selected; future experiments will validate the selection of this factor.

Table 1: Baseline parameters for FO absorption cycle
Desorber Temperature, Td
Condenser Temperature, Tc
Evaporator Temperature, Te
Absorber Temperature, Ta
Feedwater Temperature, Tf
SHX Effectiveness, ߝ
Pump Efficiency, ߟ
Daily Water Production (DWP)
Evaporator Heat Duty, ܳሶ

80°C
40°C
7°C
32°C
22°C
0.85
0.85
1500 kg/day
10.5 kW

The expansion valves are assumed to be isenthalpic, and the condensate exiting the condenser is assumed
to be at the same state regardless of whether it continues through the cycle or is pumped out as pure water.
This requires a pump, as the cycle is run below atmospheric pressure, but the power requirement of this
pump is four orders of magnitude lower than the heat duties in the cycle, and thus it can be neglected.
The base conditions for the FO-absorption cycle modeled here are provided in Table 1. The daily water
production (DWP) was selected for a four-person household in the United States using 100 gallons percapita per day (gpcd), which would satisfy demand for approximately 70% of the population (Maupin et
al., 2014). The temperature of the desorber was selected to allow for the use of simple flat-plate solar
collectors to provide supply heat. The equations above were solved using the Engineering Equation Solver
software platform with its property routines for aqueous LiBr solutions (Klein, 2015).
RESULTS AND DISCUSSION
As the DWP is increased, the ER of the system remains approximately constant; however, the distribution
between cooling and water production varies, as shown in Figure 2. Thus, a cycle such as the one
investigated here is not limited to a single set of operating conditions but offers the flexibility of being able
to use approximately 80% of the energy provided, regardless of the required water production.
As the operating points for the cycle components change, there are many quantities that must change to
provide the required performance. This is discussed in detail for one key variable, the absorber temperature,
and more briefly for the other components. Figure 3 shows that the required membrane area decreases as
the temperature of the absorber increases. From Eqs. [18] and [19], it can be seen that the osmotic pressure
of the LiBr solution increases with increasing temperature. This increases the driving force for mass transfer
across the membrane and reduces the required membrane area for a fixed mass flow rate.

Figure 2: Performance metrics as a function of
daily water production

Figure 3: Required membrane area as a
function of absorber temperature

Figure 4: Performance metrics as a function
of absorber temperature

Figure 5: Feedwater mass flow rate as a
function of absorber temperature

Increasing the absorber temperature leads to decreases in all three of the performance metrics defined
previously. Figure 4 shows this trend. As the absorber temperature increases, the refrigerant mass fraction
in the high-refrigerant-concentration solution decreases, leading to a smaller swing in mass concentration.
This in turn leads to a higher desorber heat duty to achieve a given water production rate.
Additionally, changing the absorber temperature changes the required feedwater flow rate. To ensure a
reasonable driving force for heat transfer in the absorber and condenser, a closest approach temperature
difference of 2°C between the cooling stream and both components was assumed. The feedwater inlet
temperature is held constant, and required mass flow rate is taken as the maximum of two cases: when the
absorber heat is rejected and the temperature is 2°C below the absorber temperature, and when the absorber
and condenser heat are rejected and the temperature is 2°C below the condenser temperature. When the
absorber temperature is lower, rejection of its heat constrains the mass flow rate. When the absorber
temperature is higher, rejection of heat from the condenser becomes the controlling factor. Figure 5 shows
the variation in feedwater flow rate with absorber temperature. From the figure, a minimum flow rate can
be seen, suggesting that there is an optimum temperature for minimizing the feedwater pumping power.
As the desorber temperature is varied, the ER exhibits a maximum around 82°C. The desorber cannot be
operated above 89°C without changing the absorber temperature, because at higher desorber temperatures,
crystallization would occur. As the condenser temperature is varied, the ER exhibits a maximum around
33°C. The condenser cannot be operated below 33°C as crystallization would occur in the absorber. As the
evaporator temperature increases from 3°C to 15°C, the ER increases by 11% and the feedwater flow rate
decreases by 8.5%, but the required membrane area increases by almost 50%.
CONCLUSION
A combined FO and absorption cooling cycle has been modeled thermodynamically to determine its
feasibility as a system capable of producing both freshwater and cooling when driven primarily by lowgrade heat. With a desorber temperature of 80°C and an evaporator temperature of 7°C, the system is
capable of producing 1500 kg/day of fresh water and 10.5 kW of cooling, utilizing 80% of the input energy.
Raising the temperature of the absorber from its nominal operating point allows it to be made more compact
by reducing the required FO membrane area, but it also results in lowered performance and higher feedwater
flow rates. With these results, a combined FO and absorption cycle appears promising and may operate as
a way to effectively provide fresh water and cooling for applications requiring both. In the future, this
analysis can be extended to optimize the system for different operating conditions and to allow operation
when different outputs are required (e.g., heating).
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NOMENCLATURE
A

area (m2)

݉ሶ

COP
DWP
ER

coefficient of performance
daily water production
energy utilization ratio

PR
p
ܳሶ

h

specific enthalpy (J/kg)

R

i

Van’t Hoff factor

T

M

molarity (mol/L)

w

solution heat exchanger
effectiveness
Isentropic efficiency

ߨ

osmotic pressure
(Pa)

absorber
brine
condenser
desorber
evaporator
feedwater
high

hr
in
lr
mem
out
r
s

high refrigerant
inlet
low refrigerant
membrane
outlet
refrigerant
isentropic

mass flow rate
(kg/s)
performance ratio
pressure (Pa)
heat transfer rate
(W)
universal gas
constant
(J/mol-K)
temperature (°C or
K)
mass fraction

Greek Symbols
ߝ
ߟ
Subscripts
a
b
c
d
e
f
h
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INTRODUCTION
High-temperature waste heats are emitted from solar thermal energy system, internal combustion engine,
co-generation and high-temperature processes. Waste heat at over 200°C is 1.31018 J/y, that is, 40 %
of total Industrial heat demand of 2.91018 J/y in Japan [ECCJ, 2006]. Amount of exhaust gas emission
is quite large, and needs to be utilized well for energy efficiency improvement. High-temperature heats
over 200°C have not been utilized well. Efficient utilization of the high-temperature heat would be
one of important way for an improvement of energy efficiency of high-temperature processes. For heat
process in practical use, an influence of instable thermal operations on a reduction of total energy
efficiency is not negligible. For solar thermal energy system, cogeneration engine and so forth in
practical use, a mismatch between heat output from heat source and heat demand generates plenty
amount of waste heat. Then, waste heat storage function for high-temperature heat becomes important
for an efficient operation of high-temperature processes. Thermochemical heat storage (TCES) has
possibility to store high-temperature heats.
Magnesium oxide/water/magnesium hydroxide
(MgO/H2O/Mg(OH)2) thermochemical heat storage is one of candidates [Kato et al., 1996].
MgO(s) + H2O(g)  Mg(OH)2(s),

H° = -81.0 kJ mol-1 (1)

Although the MgO pellet has high reactivity, thermal conductivity enhancement of material is important
for efficient heat exchange and thermal performance of the heat storage system because of low effective
thermal conductivity of it. Expanded graphite (EG) is a good candidate for thermal conductivity
enhancement. Mg(OH)2 composite material mixed with EG, named as EM, was developed.
EM
has higher mold-ability, which means capability of forming easily random figure, in comparison with
pure-Mg(OH)2. EM is expected to have higher thermal performance, and to contribute on energy
utilization of high temperature heats.
THERMAL CONDUCTIVITY ENHANCEMENT FOR TCES MATERIAL
Fig. 1 shows thermochemical heat storage material pellet using a pure-Mg(OH)2 (MH-V05G, Ube
Material, Japan, which was developed by Kato et al., 2007. Fig. 2 shows an example of a packed bed
reactor for TCES based on fin-tube type heat exchanger.
In practical use of TCES system, the
TCES material will be charged between heating fins in the reactor. Fig. 3(a) shows heat exchange
models of TCES for Mg(OH)2 pellet as shown in Fig. 1. Mg(OH)2 pellet has low-thermal
conductivity around 0.2 W m-1 K-1, and because the pellet has weak contact between heat exchanging
plate surface because of cylindrical form, thermal conduct resistance at the surface is relatively high.

Figure 1: Developed Mg(OH)2 pellets ( 1.9 
510 mm) having high durability to repetitive
reaction.

Figure 2: An example of a packed bed
reactor for thermochemical energy
storage based on a fin-tube type heat
exchanger.

High thermal
Composite conductivity
material of EG
Low contactand Mg(OH)2
thermal
resistance

Heat exchanging plate
(a)
(b)
Figure 3: Concept of thermal conductivity enhancement of a packed bed reactor for
thermochemical energy storage performance: (a) Conventional heat exchange model
between Mg(OH)2 pellet and heat exchanging plate, (b) Improved heat exchange model
between composite material of EG and Mg(OH)2, and heat exchanging plate.

Then the pellet is thought to have relatively lower thermal performance which is induced by the
low-thermal conductivity. Thermal conductivity enhancement of material and mold-ability for tight
contact with heating fin are important for efficient heat exchange and thermal performance of the heat
storage system. Then, expanded graphite (EG) as shown in Fig. 4(a) is good candidate for thermal
conductivity enhancer. EG has high thermal conductivity, chemical stability and large void fraction.
Mg(OH)2 composite material mixed with EG as named as EM was developed as shown in Fig. 4(b)
which is tablet figure. It was demonstrated that the EM composite had higher effective thermal
conductivity and reactivity than pure-Mg(OH)2 pellet [Zamengo et al., 2013]. EM has higher
mold-ability, which means capability of forming easily random figure, in comparison with
pure-Mg(OH)2. Mold-ability is important character for the thermochemical energy storage material,
because the ability helps to have tight contact between material and heat exchanging surface and
enhances thermal conduction between both, then was effective for practical reactor for the energy storage.
Fig. 3(b) shows packed bed reactor of EM. EM has low-thermal conduct resistance between plate and
material because EM can form flat surface, and have enough contact with the plate surface, and high
thermal conductivity of EM itself, then, the EM reactor is expected to have higher thermal
performance than pellet bed. Then, thermal performance advantage of EM bed in comparison with
Mg(OH)2 pellet was discussed experimentally. The ideal form of EM would be a slab which fits well
with a space between heating fins. Upper limit of the thickness of slab will be diffusivity of vapor in
the material. Tablet figure was used as an elemental part of the slab in this study.
PACKED BED EXPERIMENT FOR EM
(a) EM tablet preparation
Pure-Mg(OH)2 pellets (1.9 mm  length 5 - 10 mm) in Fig. 1 were used as the precursors for
preparing the EM composite. EG was obtained from graphite flakes after thermal treatment (700°C

100 μm

(a)

(b)

(c)

Figure 4: Composite material of expanded graphite and Mg(OH)2: (a) SEM image of
expanded graphite (EG), (b) tablet form ( 7 mm  h 3.5 mm) of the composite material
(EM8), (c) Packed bed reactor ( 48 mm  h 48 mm ) charged with the tablets.

for 10 min) in an electric muffle furnace under atmospheric conditions. In this study, EM material
which has the mass ratio Mg(OH)2 : EG is  : 1 hereafter will be named as EM. EM8 in Fig. 4(b)
was prepared as followings:
1. The Mg(OH)2 powder and EG in mixing mass ratio of 8:1were placed in a glass dish; then, purified
water was added (approx. 30 ml) to the powder mixture, and the resulting slurry was mixed gently
using a spatula.
2. After obtaining a homogeneous mixture, the glass dish was placed in a furnace for approximately 15
min at 120°C under atmospheric conditions. A homogeneous mixture of Mg(OH)2 and EG (EM) was
obtained by re-mixing it with a spatula before the complete evaporation of water. The mixture was
kept in the furnace for 12 hours until it resulted completely dry.
3. After removal from the furnace, the EM composite material was compressed into tablets using a
stainless steel mold set. The EM tablets had a diameter of 7 mm and a thickness of 3.5 mm.

Thermo couple

Tcenter
Tr-wall

Tmiddle

(4)

Tr-bottom

(5)

48

(3)
Twall

12 12 12 12

(1)

 48
Ttop

(2)

Units: [mm]

(6)

Figure 5: Experimental packed bed
reactor: (1) reaction chamber, (2) packed
bed reactor, (3) reactant bed, (4) Sheath
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(b) Experimental packed bed reactor
Pure-Mg(OH)2 pellet and EM8 tablet were examined by an experimental apparatus of a packed bed
reactor (PBR) [Zamengo et al., 2014].
A packed bed reactor for the experiment is shown in Fig. 5.
A cylindrical reactor made in stainless-steel had a diameter of 48 mm and depth of 48 mm and steel
thickness of 2 mm. The reactants were charged into from the top, and water vapor was moved from
top surface of the bed. K-type thermocouples were used for temperature measurement of the
locations in the Figure. The reactor is stored in a reaction chamber, which is put on an electric
balance. The whole reaction conversion of charged material during reaction was calculated from a
mass change of a reaction chamber measured by the balance.
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Figure 6: Comparison of apparent thermal
conductivities, bed, of packed beds under 30
times measurement.

RESULTS AND DISCUSSION
(a) Thermal conductivity enhancement
Apparent thermal conductivity of EM4, EM8, EM16 and pure Mg(OH)2 pellet were measured using a
quick thermal conductivity meter (QTM500, Kyoto Electronics). The pellets were arranged so that
they completely covered the hot wire sensor of the meter. The thickness of the sample bed was 2 cm,
which was the same as the thickness of the samples used for calibrating the instrument and the size
recommended by the instrument manufacturer. The density of the samples was the same as that in the
PBR experiment. Because the contact between the pellets and the hot wire sensor was random and not
optimal, a single measurement would not give an accurate result. After the completion of each
measurement, the hot wire sensor was lifted from the sample, and the pellets were rearranged to
change the contact condition for the following measurement. Measurements were repeated 30 times,
and the average of the 30 values was calculated. The averaged apparent thermal conductivities bed are
plotted in Fig. 6. The error bars correspond to  /  unity standard deviation from the average. This
figure shows that bed increased gradually with EG mixing ratio increase. Compared with the original
Mg(OH)2 pellets, the bed of EM4 was two times greater. It was demonstrated that thermal
conductivity of EG composite was enhanced by the EG mixing.
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Figure 7: Temporal change of bed temperatures and reaction conversion during heat
storage and dehydration process, (a) Mg(OH)2 pellet bed, (b) EM8 pilled bed.
(b) Heat storage performance of the reactor bed
The reactor’s weight change, m [g], was ascribed to the movement of water vapor between the
packed ber reactor and the reservoir. The reacted fraction, x [-], is calculated using Eq. (2):
1

Δ /
Mg OH 2 /

H2O
Mg OH 2

(2)

where mMg(OH)2 [g] and M [g mol-1] are the initial amount of reactant charged in the bed and molecular
weight of the substance, respectively. Both the dehydration and hydration were saturated before
reaching the ideal completion under reaction conditions. To obtain an objective comparison of the
reactivity, the mole reacted fraction change, x, was calculated using Eq. (3):
Δ

ini

(3)

where xini is the initial reacted fraction of the dehydration - hydration reaction cycle. The temporal
changes in the temperature of Twall and Tcenter and the reacted fraction change (xd [-]) for the
dehydration of the packed beds of pure Mg(OH)2 pellet and EM8 tablet are shown in Fig. 7,
respectively.
The heating power supply was the same for every packed bed experiment until that Twall reaches at
400C. The saddle for Tcenter profile at 330C shows dehydration process. It was observed that
Tcenter of EM8 reaches relatively earlier than in the case of pure Mg(OH)2. This was because the heat
was equally distributed in all portions of the EM-packed beds, was consumed by the endothermic
dehydration uniformly, then, xd of EM8 changed more progressively during the period in comparison
with one of pure-Mg(OH)2. It was demonstrated that the improvement in the heat-transfer properties
and heat diffusion for EM8 allowed an overall increase dehydration rate and shortening of dehydration
completion time of it than pure Mg(OH)2 pellet.
CONCLUSION
EM materials had higher thermal conductivity than pure-Mg(OH)2 material. EM packed reactor bed
indicated that heat could be transported rapidly through to the center of the bed. The temperature of
the inner part of the bed rose faster because of the higher effective thermal conductivity of the EM bed.
EM8 was optimum material under this operation condition. It was demonstrated that the EM material
was more practical material for a packed bed reactor having heat exchanger functions for
thermochemical energy storage than Mg(OH)2 pellets because of its high thermal conductivity and
mold-ability. It was demonstrated that material developments for thermochemical energy storage
was key technology for efficient energy utilization of medium temperature heats.
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ABSTRACT
Ejector-based heat pumps are well-suited for cooling, heat pumping, and water-harvesting applications,
especially for off-grid or mobile applications, because of the absence of a compressor and the use of a
single-constituent, non-toxic working fluid with low global warming potential. Taking advantage of the
mechanical simplicity of ejectors and injectors, this work presents a concept for a monolithic heat driven
heat pump that includes all components of a passively driven ejector-based system (heat exchangers,
ejector, and injector) in one compact, modular unit. This technology has the potential to transition ejectorbased heat pump concepts from thermodynamically attractive systems into functional, manufacturable,
and marketable technology that will benefit the environment through the use of safe working fluids and
reduced primary energy consumption. The basic modeling techniques for cycle and component (ejector,
injector, and heat exchanger) design, and the incorporation of the ejector and injector designs into a
monolithic assembly, are demonstrated. Based on cycle- and component-level modeling, it is found that a
theoretical cooling mode Coefficient of Performance (COP) of 0.2 can be attained using R245fa with
waste heat at a source temperature of ~120°C.
INTRODUCTION
The basic configuration of an ejector-based heat pump includes components such as a boiler, condenser,
and evaporator, as well as an expansion valve, pump, and an ejector. Therefore, an ejector-based heat
pump requires electrical power to drive the fluid pump between the condenser and boiler. For fully heatdriven applications that are often off-grid or mobile, the use of a pump is undesirable and impractical. To
eliminate the pump (the active component in the cycle), different cycle configurations and operating
schemes have been proposed by various researchers. Nguyen et al. (2001) designed a passive system to
provide 7 kW of cooling to an office building without the use of mechanical energy or moving parts. The
need for a feed pump was eliminated by establishing a large gravity head between the condenser and the
generator to produce the required pressure head. The required height, using water as the working fluid,
was seven meters. Srisastra et al. (2008) replaced the mechanical pump with a storage tank and set of
valves. A cyclic process filled the tank with condensate from the condenser, charged the tank with highpressure vapor from the boiler, and then used that pressure and gravity head between the tank and the
boiler to discharge liquid into the boiler. This process was referred to as Workless Generator Feeding
(WGF). Huang et al. (2006) and Wang et al. (2009) used a Multi-Function Generator (MFG) to eliminate
the need for a mechanical pump. Despite these advances in passive cycle configurations, the studies
above were either limited by the fact that a large height difference between the condenser and boiler was
1
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needed, and/or the fact that the cycle must be operated in a cyclic fashion. While the former characteristic
limits the physical application of an ejector-based heat pump, the latter results in a penalty on cycle COP
because of the repetitive heating and cooling of components with each cycle. Little and Garimella (2016)
present a visual representation of the performance of these cycles, showing directly the poor performance
of passive ejector cycles in comparison to standard configurations.
A less studied configuration for an ejector-based heat pump provides some promise of decoupling the
relationship between passive cycle operation and poor COP performance. In what is often referred to as a
bi-ejector or dual-ejector cycle (Shen et al., 2005; Śmierciew et al., 2015), an injector is used instead of a
mechanical pump to provide the pressure head between the condenser and the boiler. As shown in Fig. 1,
this injector is driven by vapor siphoned from the boiler outlet. The advantage of this cycle configuration
is that operation is not cyclic, and losses associated with thermal cycling of tanks and piping are
eliminated. Therefore, cycle performance closer to that of a standard configuration with a pump can be
achieved. The present study provides the details of a dual-ejector cycle model (including component
modeling for the injector, ejector, and heat exchangers), and shows the feasibility of operation of such a
cycle from a first-principles basis. Based on the geometries required for each component, an
approximated package size for a monolithic, modular, and passively-driven ejector-based heat pump is
also provided.
THE DUAL-EJECTOR CYCLE
The cycle configuration considered in this work is shown in Fig. 1 with cycle state points overlaid on a
representative saturation dome. The cycle is modeled for one representative steady-state condition (Tsource
= 122°C; Treject = 36°C; Tcooling = 13°C) investigated previously (Little et al., 2016) for operation with
R245fa. Mass and energy balances on each component are performed, and ejector/injector performances
(MER and SPR) are set to values calculated using separate ejector and injector component models. The
cycle is driven by a waste heat source input at the boiler. The vapor produced at the boiler drives both the
ejector and the injector. The ejector powers the bottom loop where cooling is realized at the evaporator
from states 6 to 7. The injector replaces what would typically be a feed pump, and is used to maintain
flow in the upper loop through the boiler.
Ejector and Injector Component Models

Figure 1: (Left) Cycle diagram of ejector-based heat pump.
(Right) Cycle state points overlaid on representative
saturation dome.

The analytical ejector and
injector
models
are
formulated using basic mass,
energy,
and
momentum
balances
on
each
subcomponent
control
volume of the ejector/injector,
namely the motive nozzle,
suction
nozzle,
mixing
section, and diffuser as
indicated in Fig. 2. All
subsections are assumed to be
isentropic except for the
mixing section where losses
are approximated using a
simplified loss coefficient, φ.
For
an
ejector
of
representative
geometry,

Little et al. (2016) m
measured thiss loss coefficcient to be 0.81 where thee momentum
m balance on the ejector
mixing section
s
is
2
2
Pm,,o Am,o + frm,o Am,oVm,o
+ Ps,,o As,o + frs,o As,oVs,o2 = Pmix Amix + rmix AmmixVmix

(1)

For the injector mixinng section, φ was conservvatively estim
mated to be 00.75, applied as follows:
2
Pm,o Am,o + fρm,o Am,oVm,o
+ Ps,o As,o + fρs,o As,oVs,2o = Pmix Amix + ρmix AmixVmi2ix +(As,o + Amm,o - Amix )Pwaall

(2)

The additional term at the end oof equation 2 for the injeector accountts for the chhange in crosss-sectional
area of the mixing section in thhe injector geometry.
g
Pwwall is the prressure at thee mixing section wall,
calculateed as the averrage betweenn the mixing section inlet and outlet prressures.
The ejecctor is designned using bassic gas dynam
mics principlles and best ppractices sett forth by thee ASHRAE
equipmeent handbookk for steam-jet refrigeratiion equipmennt (ASHRAE
E, 1983). A similar methhod is used
for the innjector. Giveen the desiredd conditions at
a the motivee and suctionn nozzle inlets, as well as the desired
SPR for both the injector and thee ejector deffined by the cycle modell, each compponent modell calculates
R and geomettry that woulld be needed to reach the desired condditions. Figuure 3 shows
the subseequent MER
a schemaatic of the caalculated geoometry for both componeents. For the geometry shhown, the ejector has a
total deppth of 4 mm with a MER
R performancce of 0.32 too achieve thee desired SPR
R of 2.36. T
The injector
depth is 1 mm, with a predicted M
MER of 4.00 at the desiredd SPR of 7.660.
Heat Exxchanger Moodels
Segmentted heat trannsfer modelss are develooped for the boiler, conddenser, and evaporator. Each heat
exchangeer is designeed as a brazeed-plate micrrochannel couunter-flow heat exchangeer with liquidd water for
the couppling fluid. T
To determinee the overalll heat transffer resistancee of the heatt exchanger,, each heat
exchangeer is split innto ten segm
ments of equual heat loadd to resolve the componnent perform
mance. The
microchaannels are m
modeled as tw
wo sets of fiins arrays, oone extendingg into the reefrigerant floow and one
extendinng into the liiquid water flow, as shoown in Fig. 4. Given thee overall heaat duty and inlet/outlet
temperattures definedd by the cyclee model, the required UA
A for each heeat exchangerr is determinned. Taking
into acccount microchannel fabbrication lim
mitations forr previously demonstratted brazed plate heat
exchangeers (Garimellla and Deteerman, 2009; Garimella et al., 2011; Determan and Garimeella, 2012),
microchaannel depth and height aare chosen too be 0.25 annd 0.8 mm, rrespectively, resulting in a nominal

Figuree 2: Schemattic of ejectorr/injector sh
howing contrrol volumes used for thee formulatioon of
componeent models. State point labels are ciircled at each control voolume bound
dary.

Figure 3: Calculated component geometries in mm for (top) ejector and (bottom) injector.
channel hydraulic diameter of 350 μm for this prototype. Using the applicable heat transfer correlation for
the given geometry and expected flow regime, the length of each heat exchanger to transfer the desired
heat exchanger heat load as well as keep the pressure drop across the heat exchanger less than 7 kPa is
estimated. Calculations from these models yield the overall heat exchanger package sizes indicated in Fig.
5.
RESULTS AND DISCUSSION
The component models for the ejector, injector, and heat exchangers detailed above all determine the
overall spatial requirements and layout of the ejector-based heat pump. The monolithic assembly is
created by stacking 0.5 mm thick sheets in alternating layers of type A sheets (containing microchannels
for the refrigerant flow path) and type B sheets (including the coupling liquid water flow path). This stack
of alternating sheets is then sandwiched between two end plates that have the inlet and outlet connections
for the refrigerant and liquid water flows, as shown in Fig. 5. The entire stack is brazed together, creating
a monolithic and hermetically sealed system.

Figure 4: Schematic of idealized segmented
counter-flow microchannel heat
exchanger models.

The features of each sheet, including the ejector,
injector, and heat exchangers, are photochemically
etched. The components are separated from each
other by voids to provide thermal breaks to reduce
parasitic heat conduction between components as
well as to reduce the weight of the system. Taking
into account the physical sizes of the ejector,
injector, and heat exchangers, and accounting for
the space needed for headers and thermal breaks
between the components, the overall package size

Figuree 5: (Left) Exxploded view
w of ejector--based heat pump monoolith that inccludes ejectoor,
injector,, and all heaat exchangerrs in one com
mpact, modu
ular unit. (Riight) Samplee sheet
schematic showing llayout of ejector, injectoor, and threee heat exchaangers.
for the ~450
~
W cooliing unit modeeled here is 4470 × 290 × 440 mm, as shhown in Fig. 6 with the loocation and
sizes of each componnent indicateed. It should be noted thaat this packagge size includdes the full 450
4 W heat
pump thaat incorporattes all pumpinng/compresssion subcompponents.
CONCL
LUSION
Using baasic mass, eenergy, and momentum
m
b
balances,
a first-order
f
m
model for a ddual-ejector heat pump
cycle, ass well as the correspondinng ejector, innjector, and hheat exchangger componeents was devlloped. This
analysis indicates thaat the operattion of such a cycle at stteady state iss theoreticallly possible, aand can be
mpact and m
modular packkage design using brazedd plate heat exchanger
implemeented in a reelatively com
manufaccturing conceepts demonstrrated by the authors
a
for abbsorption chhiller systemss.
The first-order cyclee model inddicates that a cycle COP
P of 0.2 cann be obtaineed using a w
waste heat
temperatture of ~122°°C. The packkage size of tthe modeled unit providiing 446 W off cooling woould be 470
× 290 × 40 mm. The specific desiign of the sysstem has the following feeatures:
 A modular
m
form factor that aallows for thhe combinatioon of multiplle units for a scalable coooling load,
withh minimal fluuid inventory,, reduced parrasitic losses,, and ease off assembly annd installationn.
 No m
moving partss, making it ideal for appplications thhat may be off-grid,
o
mobbile, or have space and
weigght limitationns.
 A sim
mplified mannufacturing method
m
such that all systeem componennts can be fabbricated usinng the same
manuufacturing m
method at the same time. T
This has the potential
p
to not
n only reduuce manufactturing time,
but aalso associateed cost.
The uniqque mechanical simplicitty of the monnolithic micrroscale-passaage-based duual-ejector cyycle allows
for a sysstem design tthat is moduular, passive, and simple tto manufactuure. These feeatures offer significant
benefits for both cyclle performannce and impleementation. T
This system offers
o
reasonnable operatioonal COPs,
despite using
u
compleetely passive operation. The small but scalable pacckage size alsso allows for waste heat
recoveryy in applicatioons that wouuld normally nnot be possibble because oof space and cost constraiints.

NOMENCLATURE
A
COP
L
MER
P

area (m2)
coefficient of performance (-)
length (m)
mass entrainment ratio (-)
pressure (Pa)

R
SPR
t
T
V

resistance (K W-1)
suction pressure ratio (-)
thickness (m)
temperature (°C)
velocity (m s-1)

Greek Symbols
φ

momentum loss coefficient (-)

ρ

density (kg m-3)

Subscripts
c
cooling
h
i
m

cold side
evaporator saturation temperature
hot side
inlet
motive nozzle

mix
o
reject
s
source

mixing section outlet
outlet
condenser saturation temperature
suction nozzle
boiler saturation temperature
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Abstract: A hybrid ORC-ejector trigeneration system is proposed to enable waste

heat available in food and drink industry to be recovered to provide electricity, coolth
and heat. The recovery of waste heat increases energy utilisation, reduces primary
energy consumption and can reduce costs and provide revenue streams for industrial
plants typical in food and drink industries, which often require all three processes.
Organic Rankine Cycles (ORC) convert thermal energy at relatively low temperatures
(100°C-300°C) to electricity and ejector systems convert thermal energy into coolth.
This paper reports mathematical models developed to simulate the operation of the
novel hybrid ORC-Ejector trigeneration system. The ORC expander selected for the
system was a scroll compressor familiar in hybrid and electric vehicle air conditioning
systems, but converted to work as an expander. Simulations were carried out for
generator temperatures ranging from 80 to 140°C to identify optimum performance
for an ORC expander. Single stage expanders were appropriate for moderate
temperatures (90-110°C), but two stage expanders would be more suitable at
temperatures above 110°C. Ejector performance was then investigated at optimum
generator conditions for the ORC expander at evaporator conditions of 8°C for three
different working fluids R718, R245fa and R1233zd(E). Significant cooling of up to
60 to 70% of the generator heat input could be achieved. Performance of the
combined cycle was then analysed to investigate overall efficiency in relation to the
proportion of waste heat dedicated to power generation and cooling, showing an
increase in overall efficiency of between 5 and 10%.
Keywords: ORC, trigeneration, ejector
1. Introduction

The food and drink processing industry is one of the major manufacturing sectors in
the UK and a major employer. It is the fourth highest industrial energy user (Carbon
Trust1) and also a waste producer in its own right. Any steps towards more sustainable
practices will be a major benefit to the UK and to the industry itself. About 11TWh of
recoverable waste heat is released to the environment each year via waste streams
(5% of energy use) and 2.8TWh from food/drink industry (~7% of energy use).
Therefore there is a demand for reducing industrial energy consumption and
greenhouse gas emissions by increasing resource/energy efficiency through the
recovery of waste heat from the food/drink production processes. The vast majority of
food and drink manufacturers require process heating, cooling and electrical power
and so a novel hybrid ORC-ejector trigeneration system is being developed to meet
the needs of the food and drink industry. This paper reports on some preliminary work
carried out to assess the potential of an ORC-ejector trigeneration system in a
Nottingham, UK based brewery, which employs natural gas burners to heat water and
other products, wasting around 30kW to 50kW of the heat through the flue gases. The
system has to be efficient and low cost to meet both performance requirements and
tight budgets. Therefore, the project is investigating the use of hybrid vehicle air
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conditioning compressor
c
s as expaanders to take advanntage of low
l
costs and
avaiilability.
Combined ORC-eject
O
or trigenerration systeem
2. C
mplified sch
hematic diaagram of thhe combineed ORC-ejeector
Figuure 2.1a shhows a sim
trigeeneration sy
ystem to be investigateed and develloped in this project.
In tthis combin
ned system,, heat is transferred from
fr
the fluue gases to
o the generator,
whiich vaporisees the workking fluid. The
T vapour is fed in paarallel to thhe expanderr and
ejecctor and eacch sub-systeem discharges to a com
mmon conden
nser.

(b)
(a)
Figuure 2.1. (a) Combined ORC-ejectoor cooling system, (b) ejector
e
scheematic
In thhe ORC cycle, heat is supplied too the generaator, where the workingg fluid is raaised
in teemperature until it vapporises at a given presssure and teemperature. The vapouur is
fed to an expander, prodducing worrk and elecctricity. Thhe condenseer liquefiess the
mbient env
vironment through
t
a heat
worrking fluid by transfeerring heatt to the am
exchhanger. Thee liquefied working
w
fluuid is then returned to the
t generatoor by a pum
mp to
com
mplete the ciircuit.
In thhe ejector cycle,
c
somee of the heat that is reccovered from
m the flue gases
g
is useed to
provvide vapourr to the ejecctor, where it expands in a converrgent-diverggent nozzlee and
entrrains vapou
ur from thhe evaporaator, produucing a reeduction inn pressure and
tem
mperature inn the evaporrator. The two stream
ms mix in thhe mixing section andd are
com
mpressed thhough a shock wave at the throoat and reccovery of pressure
p
inn the
diffu
fuser. The condenser liquefies the
t
workinng fluid byy transferrinng heat to the
environment th
hrough a heeat exchangeer. A propoortion of thee working fluid
f
is retuurned
o the evaporrator througgh an
to thhe generator by a pumpp and the reemainder is returned to
expansion valvve to compleete the circuuit.
Modelling
3. M
C
modeelling
3.1. Organic Rankine Cycle
panders succh as the vane,
v
screw
w and scrolll type extraact the worrk of
Vollumetric exp
expansion thro
ough changees in volum
me of a workking chambber. Figure 3.1
3 (Luo ett al2)
ws an imagge and a schhematic diaggram of a sccroll expand
der. The exxpander connsists
show
of aan orbital sccroll that is connected to
t a generattor/alternatoor and a fix
xed scroll thhat is
connnected to thhe casing.
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Figuure 3.1 phottograph (a) and schemaatic diagram
m (b) of a sccroll expand
der (Luo et al
a 2)
o between inlet
Eacch expanderr has a built-in volumee ratio (rv-b__in) defined as the ratio
and outlet speecific volum
me. As the built-in voolume ratioo is normaally fixed for
f a
b
presssure ratio is
i also fixed
d (rp-b_in). If we definee the
partticular expaander, the built-in
systtem volumee ratio as thee ratio betw
ween inlet annd outlet speecific volum
me,
(1)
Andd system preessure ratio as the ratioo as,
(2)
Theen we can reelate the opperating con
nditions, thee thermophyysical propeerties of a given
g
worrking fluid and
a physicaal characteriistics of the expander.
Figuure 3.2 sho
ows a presssure-speciffic volume diagram of
o the expaansion proccess,
neglecting inleet, outlet fricction lossess and irreveersibility lossses in the expander.
e
Iff the
buillt-in volum
me ratio mattches the system voluume ratio thhen the flu
uid will exppand
adiaabatically foollowing thhe path (a-bb). If the system volum
me ratio is greater
g
thann the
buillt-in volum
me ratio theen under-ex
xpansion wiill occur, and
a the fluuid will exppand
adiaabatically foollowing thee path (a-b)) followed by
b constant volume exppansion (b-cc). If
the system voluume ratio iss less than th
he built-in volume
v
ratio then overr-expansion will
f
t path (a--b) followedd by
the
occuur, and the fluid will expand adiiabatically following
constant volum
me compresssion follow
wing the pathh (b-d).

der process
Figuure 3.2. p-v diagram off the expand
e
Equuation 3 describes the innternal worrk done in thhe expanderr (Lemort ett al3, Hsu, et
4
al ).
. .
(3)
m
flow (kkg/s), hin is specific ennthalpy at innlet (J/kg), hb-in is specific
Where m is mass
me, vin is th
he inlet speccific volumee, pbenthhalpy at exppansion (J/kkg) to the buuilt-in volum
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is the built-in outlet pressure (Pa) and pout is the outlet pressure from the expander
(Pa).
The first term on the RHS describes the adiabatic work of expansion to the built-in
volume ratio and the second term describes constant volume expansion to the outlet
conditions. If expansion matches the built-in volume ratio than the RHS term will be
zero, if under-expansion occurs then the RHS term will be a positive value, but if
over-expansion occurs the RHS term will be a negative value.
We can then define the isentropic efficiency as ratio of the internal work of expansion
W (W) to expansion of an ideal expander Wisen (W).

in

(4)
Isentropic work is defined as;
(5)
Where hout-isen (J/kg) is the specific enthalpy at outlet from an expander, assuming
isentropic expansion.
3.2.

Ejector modelling

A one-dimensional model based on the work described by Keenan et al5 and Eames et
al6 was used to determine ejector performance under different operating conditions.
The modified Keenan model is based on the one-dimensional application of mass,
energy and momentum conservation at steady state and assuming that the process can
be modelled by ideal gas relations.
The performance of the ejector can be defined be two non-dimensional parameters,
entrainment ratio and pressure lift ratio.
Entrainment ratio is defined as;
m
 s
mp
(6)
Where ms (kg/s) is the mass flow from the evaporator and mp (kg/s) is the mass flow
from the generator. Pressure lift ratio is the ratio of the discharge pressure (P3, (Pa))
(or condenser saturation pressure) to the stagnation pressure of the surrounding
vapour at the evaporator saturation condition (P0 (Pa)).
p
Ns  3
p0
(7)
3.3.

Refrigerant selection

Table 3.1 provides a summary of properties and important environmental impacts of
the working fluids investigated in this paper.
Table 3.1. Refrigerant properties
Refrigerant Molecular Tcrit
GWP
ODP
Pcrit
weight
(°C)
(bar)
R718
18.015
373.95 221.2
0
0
R245fa
134.05
154.01 36.5
1030
0
R1233zd(E) 130.49
165.6
35.7
>5
0
A1: Non-flammable and very low toxicity
B1: Non-flammable and has higher toxicity

ASHRAE 34
and EN378
B1
A1
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Three refrigerants will be analysed for use in the ORC-ejector trigeneration system,
R718 (water), R245fa and R1233zd(E). R245fa is a common working fluid in existing
ORC plant, R1233zd(E) is a recently developed hydrofluoro-olefin (HFO) as a
replacement for R245fa and R134a, and R718 is a common working fluid in ejector
systems and is environmentally friendly and inexpensive.
4. Simulation results
4.1.

ORC expander

A simulation program has been developed using the Engineering Equation Solver
(EES) software (Klein7). The working fluid chosen was R1233zd(E).
Simulations were carried out to compare performance of two volumetric expanders
(a) an expander with built-in volume ratios typical of current ORC systems (rv=5.5)
and (b) an expander typical of hybrid/electric vehicle A/C compressors converted to
act as an expanders (rv=3.0).
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(b)
Figure 4.1. Variation in isentropic efficiency and expansion work with pressure ratio
for two built-in volume ratios
Generator temperature was varied from 80°C to 140°C to give a range of pressure
ratios whist maintaining a constant condenser temperature of 35°C.
In figure 4.1b, the optimum isentropic efficiency is close to the built-in pressure ratio.
In cases of over-expansion, isentropic efficiency decreases because the constant
volume work is negative and so reduces the work output. Under-expansion results in
reduced efficiency because a proportion of the work takes place at constant volume
and not adiabatically.
In figure 4.1b a generator heat input of 30kW was used, which represents the
available waste heat from the brewery processes and a condenser temperature of 35°C
was used to represent the maximum condensing temperature in summer UK
conditions. For pressure ratios below approximately 5, expansion work is higher for
the expander with a built-in volume ratio of 3.0, but above 5, expansion work is
higher for an expander with a built-in volume ratio of 5.5.
The overall efficiencies of ORC cycles is fairly low due to the relatively small
temperature/pressure differences across the expander and built-in volume ratio effects,
so simulations were carried out to investigate the effect of multi-staging on
performance. It was assumed that both expanders had the identical built-in volume
ratios (3.0) and capacity (66cc/rev).
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Figure 4.2 shows that the single stage expander has the highest isentropic efficiency,
but as previously shown, it corresponds to its built-in pressure ratio. At pressure ratios
below approximately 7, single stage expanders have higher isentropic efficiencies, but
at pressures above 7, the two stage configuration has the higher isentropic efficiency.
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Figure 4.2. A comparison of expander isentropic efficiency and expander work with
overall pressure ratio for single and two stage expanders.
According to figure 4.2b, for pressure ratios below approximately 6, a single stage
expander will produce more expansion work, but above 6 a two stage expander will
produce more work. For a working fluid of R1233zd(E) and a condensing temperature
of 35°C, a pressure ratio of 6 represents a generator temperature of around 110°C.
Therefore, single stage expanders are most suitable for generator temperatures up to
around 110°C, but at temperatures above 110°C, two stage expanders are most
suitable.
4.2.

Ejector performance simulation

Figure 4.3a shows how condenser saturation temperature varies with entrainment ratio
for three refrigerants, R718 (water), R245fa and R1233zd(E).
Area ratio A2/At (R718)
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Figure 4.3. Variation in condenser saturation temperature and area ratio (A2/At) with
entrainment ratio for refrigerants R718, R245fa, and R1233zd(E).
Each point on a curve represents a different ejector geometry and so we show two
horizontal lines, one corresponding to a condensing temperature of 35°C and another
corresponding to a condensing temperature of 25°C. The intersection of the curves
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represents the design point that will produce the condenser temperature and the
entrainment ratio at this condition.
At a condenser saturation temperature of 35°C, entrainment ratios of approximately
0.15, 0.44 and 0.46, were observed for the refrigerants R718, R245fa and
R1233zd(E), respectively. At 25°C, entrainment ratios of approximately 0.4, 0.69 and
0.7, respectively were observed.
COP is approximately proportional to entrainment ratio and so R1233zd(E) will
produce around three times the cooling capacity for a given generator heat input and
so will enable us to either improve cooling capacity for a given generator heat input
available or reduce the required generator heat input for a given cooling capacity, with
consequent reductions in boiler and plant sizing and cost.
Figure 4.3b shows how condenser saturation temperature varies with area ratio
(constant area throat to primary nozzle throat area ratio) for three different
refrigerants. The primary x-axis represents the curves for R245fa and R1233zd(E) and
the secondary x-axis represents the curve for R718. The area ratio corresponding to a
condenser saturation temperature of 35°C for R718 is approximately 35, whereas the
area ratio for R245fa and R1233zd(E) are approximately 10 and 9, respectively. The
area ratio is directly related to the size of the ejector and so an ejector using the
working fluids R245fa and R1233zd(E) will be approximately 3 times smaller than an
ejector using R718 as a working fluid. At 25°C, the area ratios are approximately 60,
18 and 17 for R718, R245fa and R1233zd( E), respectively.
4.3. Combined cycle
The ejector is known as a ‘constant capacity’ device because of choking in the
constant area throat, so its cooling capacity is fixed for given condenser, evaporator
and generator operating conditions, a hybrid system will require analysis of the
relationship between the total heat available, the electrical power and cooling
required.
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Z - Proportion of heat used in cooling

Figure 4.4. Variation in overall efficiency with the proportion of heat used for
cooling
Figure 4.4 shows how the overall efficiency (Qe+W)/Qg of a combined ORC-ejector
system varies with the proportion (Z) of the available heat used for cooling. As Z
increases from 0 efficiency increases from less than 10% to approximately 14% at
Z=0.4) for a system condensing at 35°C. Internal expander work and cooling capacity
for this condition is 1.8kW and 2.5kW, respectively. Figure 4.4 also shows the
variation in Z for a system condensing at 25°C. This could not be achieved by a single
ejector, but would require a second ejector or an ejector with variable secondary area.
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If a second ejector was provided, then figure 4.4 shows that the overall efficiency
would be increased. At Z=0.4, overall efficiency can be increased from approximately
14% to 25% by taking advantage of changes in ambient conditions and using a second
ejector with a larger area ratio.
5. Conclusions
This paper has presented simulations of an ORC-ejector trigeneration system,
showing that isentropic efficiency decreases at operating pressure ratios above or
below the built-in pressure ratio, but that internal expansion work is a maximum when
the system is operating at under-expanding conditions (i.e. at pressure ratios greater
than the built-in pressure ratio). It was concluded that single stage expanders were
appropriate for moderate temperatures (90-110°C), but two stage expanders would be
more suitable at temperatures above 110°C. An ejector working to the same operating
conditions and at an evaporator temperature of 8°C, could provide significant cooling
around 60 to 70% of the generator heat input when using working fluids R245fa and
R1233zd(E). A combined cycle ORC-ejector system could provide power generation
of up to 3kW for a 30 kW heat input and 20kW of cooling if working independently.
By combining the two systems, the overall efficiency of the combined system can be
increased from under 10% to over 17% if 40% of the waste heat available was used
for cooling. At lower condenser conditions and using an ejector with larger area
ratios, efficiency could be increased to around 25% for the same power generation
and proportion of heat used for cooling.
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1. INTR
RODUCTIO
ON
Fuel cellls use electrrochemical reactions betw
tween hydrog
gen and oxy
ygen to produuce electricaal power,
with waaste heat, carbbon dioxide and water vvapour being the only by--products. Thhey can convert over
50% of the energy in a fuel to useful
u
work, and if the waste
w
heat is put to usefull purpose, up
p to 95%
utilisatioon can be acchieved, acco
ording to Elm
mer, et al (2
20151). Solid
d oxide fuel cells operate at high
temperattures (800-1000°C), and the exhaust temperaturees are in the region of 2000-300°C. In building
applicatiions, powerr generation,, heating annd cooling are
a often required eitheer simultaneeously or
cyclicallly, so heat poowered cooliing technoloogies offer grreat opportun
nities to provvide a fuel ceell with a
cooling capability (Brouwer, 2010).
2
In prrevious publications wee have repoorted theorettical and
experim
mental work carried out on open cyycle desiccan
nt dehumidiffication and cooling suiitable for
integratiion with fuell cells appliccable in builldings (Elmeer et al 2016, Elmer, et aal 20152). Th
his paper
reports tthe results of
o experimen
ntal work carrried out on a microtubu
ular solid oxxide fuel cell (microwaste heat from
SOFC) trigenerationn system thaat uses the w
f
the fueel cell for ddehumidificaation and
cooling though the inntegration off an open cyccle liquid dessiccant dehumidificationn and cooling
g system.
2. MICR
RO-SOFC DESICCAN
D
T DEHUMIIDIFICATION AND COOLING T
TECHNOLO
OGY
OVERV
VIEW
This seection proviides a sho
ort descriptiion of the micro-SOF
FC and oppen cycle desiccant
d
dehumiddification andd cooling tecchnologies uttilised in thiss study.
2.1 Micrro-SOFC technology
In a fueel cell, an annode, a catho
ode and an eelectrolyte are
a created, and
a when hyydrogen is fed
fe to the
anode annd oxygen is
i fed to the cathode, thee reaction accross a solid
d electrolyte membrane produces
electricaal energy (Crrabtree and Dresselhaus,
D
, 2008). In th
he early 199
90s the microo-tubular typ
pe SOFC
was inveented, accordding to Howe, et al, 20111, which feeeds hydrogen
n and oxygenn to oppositee sides of
a hollow
w extruded tuube. The structure of this design is sho
own in Figurre 2.1a.
(a)

(b)
(b)

Figure 2.1.
2
(a) basic SOFC miccro-tubular designs (Ho
owe et al., 20011), and
(b) a 1000 tube SOF
FC stack
OFCs show desirable
d
opeerational characteristics such as higgh volumetriic power
Althouggh micro-SO
density, good enduurance against thermall cycling, and
a
rapid start-up,
s
impportant perfformance
parameters, such as fuel utilisattion and eleectrical efficiiency are co
omparativelyy low. By more
m
fully

utilisingg the energy available, micro-SOFCs
m
s could be ap
pplicable in small stationnary applicattions that
require hheat, coolth and back-up
p power. A m
micro-SOFC
C trigeneratio
on system inntegrating op
pen cycle
desiccannt dehumidiffication and cooling
c
coulld provide vaaluable functtionality to tthe system as
a well as
enhancinng the efficieency of the system.
2.2 Fibrre membran
ne separated
d dehumidifi
fication and cooling
A desiccant transferrs moisture because of a differencee between th
he water vap
apour pressure at the
surface and that of the surroun
nding air (A
ASHRAE, 19
997). Most liquid
l
desicccant systemss employ
organic salt-based soolutions such
h as lithium cchloride or calcium
c
chlorride, which hhave very low
w vapour
pressurees and so reaadily absorb moisture, buut most are highly
h
corrosive, many aare harmful to health
and som
me are toxic. In direct con
ntact liquid ddehumidifierrs, desiccant liquid carryy-over can bee a major
disadvanntage as dropplets can com
me into contaact with peop
ple and incompatible maaterials, thus posing a
potential health hazzard and cau
using corros ion issues. In
I order to take advanttage of the excellent
absorption performaance, but elim
minate the diisadvantagess, fibre memb
brane heat/m
mass exchang
gers have
been devveloped.
Figure 22.2 shows a diagram off (a) the fibrre membranee mass/heat exchanger aand (b) the desiccant
d
dehumiddification proocess.

(a)
(b)
Figgure 2.2. (a) Sketch of a fibre memb
brane heat/m
mass exchannger,
nt dehumidiification pro
ocess (ASHR
RAE, 1997)..
(b) desiccan
Fibre m
membranes form
f
channeels that sepaarate the hu
umid air and
d liquid dessiccant solution. The
desiccannt solution iss introduced at the top off the membraane channelss and flows vvertically do
ownward,
whilst aiir is introducced in cross-fflow throughh adjacent ch
hannels. The fibre membrranes are con
nstructed
so that thhe pore sizess are small en
nough to preevent liquid desiccant
d
to pass
p throughh, but large enough
e
to
allow m
moisture to paass through (Liu,
(
et al 20009). Figure 2.2b illustrattes how a typpical liquid desiccant
d
cycle woorks: (1-2): absorption
a
of
o moisture fr
from air, causing increasee in vapour ppressure and
d reduced
solution concentratioon, (2-3): reg
generation off moisture, causing
c
an in
ncrease in vaapour pressurre and an
increasee in solution concentratio
on. (3-1): sennsible coolin
ng of solutio
on, causing a reduction in vapour
pressuree. The open cycle
c
desiccaant system iss simple, cycclic, has com
mparatively hhigh perform
mance and
can regeenerate at rellatively low temperaturees (45-65°C). It is ideally
y suited to loow temperatture solid
oxide fuuel cell appliccations such as buildingss, in which lo
ow grade heaat is requiredd for heating in winter
and coolling in summ
mer.
3. DESC
CRIPTION OF MICRO
O-SOFC TR
RIGENERAT
TION TEST
T RIG
Figure 2.1.1 presennts a schem
matic diagraam of the experimenta
e
l micro-SOFFC liquid desiccant
d
trigeneraation system
m. The three main sectionns (1) SOFC
C power gen
neration syste
tem, (2) SOF
FC waste
heat recoovery (WHR
R) circuit and
d (3) liquid ddesiccant systtem.

Figure 2.1. Diagram of the micro-SOFC dehumidification and cooling rig
Section 1 consisted of a micro-SOFC of 250W of electrical output and 1000W of heat output, a
propane cylinder, a regulator, a sulphur trap, an electrical load provided by an array of 50W dc lamps,
and a 12v dc 65Ah battery pack. Section 2 consisted of the exhaust heat recuperator (RHX), a water
circuit, a pump, a flow control valve and a flow meter. The liquid desiccant air conditioning unit (3)
consisted of a dehumidifier, a regenerator and an evaporative cooler.

(a)
(b)
(c)
Figure 2.2. Photograph of (a) the SOFC power generation and
(b) WHR circuit (c) desiccant unit
Figure 2.2 shows labelled photographs of the experimental rig. The dehumidifier consists of three
distinct sub-cycles, a dehumidifier, a regenerator and an evaporative cooler. In each circuit, a
magnetically driven centrifugal pump delivers liquid from a tank situated at the bottom of the rig to
the membrane mass/heat exchangers at the top of the rig. In the dehumidification circuit, a pump (D
Pump) delivers strong desiccant solution from a tank at the base of the unit to the membrane
mass/heat exchangers at the top of the unit (Dehumidifier). The desiccant flows through a plate heat
exchanger (E HX) which transfers heat from the desiccant system to the evaporative cooling system.
An axial flow fan (D Fan) directs air through the dehumidifier mass/heat exchanger. A pump (R
pump) delivers dilute solution to the top of the regenerator via a plate heat exchanger (R HX) which
transfers the heat from the fuel cell to the solution. An axial fan (R Fan) directs air through the
regenerator heat/mass exchanger. The unit was placed in an environmental chamber where
temperature and humidity could be controlled. Worall et al (2012) described modelling and analysis,
which concluded that potassium formate (CHKO2) was the most suitable desiccant because of its
good regeneration capacity at the low temperatures and its reduced corrosion risks compared to other
liquid desiccant solutions.

Liquid flows were controlled by valves, liquid water and desiccant flows were measured by calibrated
variable area flow meters, air velocities were measured by a hot wire anemometer, Relative
humidities were measured by Viasala HMP110 sensors, and all inlet and outlet air and liquid
temperatures were measured by calibrated K type thermocouples. Further details of instrumentation
and rig construction are described by Elmer, 20153.
3.1. Test rig operating procedure
At the start of the experiment, a valve from the propane cylinder is opened, and then the micro-SOFC,
the WHR pump, and the environmental chamber are switched on. WRR pump and chamber
temperature/humidity is then set. Valves to the dehumidifier are switched off and a by-pass loop is
opened to allow the system to gain working temperature rapidly. For the first 30 minutes or so, the
micro-SOFC does not produce electrical power because it needs to reach a temperature of 200-300°C
to enable it to reform fuel into hydrogen. The system is allowed to operate in by-pass mode until the
water outlet temperature reaches approximately 50°C. In advance of the system reaching 50°C, the
fans and pumps in the dehumidifier rig are started and flows are set. Once the system temperature
reaches 50°C, the by-pass valves are shut and the valves to the regenerator are opened. Temperatures
and humidity are recorded by a datalogger and voltage, current and volume flows and recorded until
the completion of testing.
Once testing is complete, the micro-SOFC is switched off. It takes about 30 minutes for the microSOFC to shut down. The desiccant system is switched off, the valves to it shut and the by-pass valves
opened. Once the micro-SOFC shuts down the water flow and propane gas are switched off.
4. RESULTS
4.1. Micro-SOFC CHP system component analysis
Figure 4.1 presents typical micro-SOFC output and Figures 4.2 to 4.4 compare the performance of the
trigeneration system at different regenerator solution flows of 3.2 l/min, 2.2 l/min and 1.2 l/min,
respectively. In Figure 1, during the first 26 minutes, gas burners generated heat to bring the microSOFC to its operating temperature. During this period, a parasitic load of approximately 35W was
observed as well as waste heat output. The flue gas temperature leaving the micro-SOFC and entering
the RHX remained approximately constant at around 340°C. During electrical power generation, the
output was approximately constant at 150W. From the start of the test to approximately 130 minutes,
the system was in by-pass mode and the heat recovered raised the temperature of the WHR system,
therefore there was no external heat transfer. At this point the WHR outlet temperature reached
approximately 52°C, the valves to the regenerator were opened and the by-pass valves closed. As heat
was transferred to the solution, the WHR inlet and outlet temperatures decreased. Even though the
temperatures steadily decreased over time, regenerator heat transfer was approximately constant at
580W.
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Figure 4.1. Variation in SOFC output and temperature with time, at constant WHR, Regen
solution and Regen air flows of 2l/min, 2.2l/min and 256m3/hr, respectively.

In figuree 4.2, the reggenerator heaat absorbed iincreases rap
pidly followiing the openiing of the vaalves and
steadily decreases ovver time. Thee latent heat absorbed by
y the regenerator increasees rapidly on
n opening
of the fflow and theen steadily decreases
d
ovver time until regeneratiion ceases aat approximaately 120
minutes.. Beyond thiis point the moisture
m
is ddesorbed by the
t air and th
herefore the regenerator acts as a
dehumiddifier. The main
m
reason that
t there is a reverse in sorption is th
hat the soluttion inlet tem
mperature
decreasees to a value of approxim
mately 31°C aafter about 100
1 minutes. This reducees the solutio
on vapour
pressuree, and therefoore the pressu
ure differencce between th
he air and solution.

Figuree 4.2. Variattion in heat transfer witth time, at constant
c
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HR, Regen soolution and Regen
air flows of 2l/m
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pproximately
y. At a solutiion flow of 2.2
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Figuree 4.3. Variattion in heat transfer witth time, at constant
c
WH
HR, Regen soolution and Regen
air flows of 2l/m
min, 2.2l/miin and 256m
m3/hr, respecctively (Casee B).
In figuree 4.4, the reggenerator heeat absorbed and the lateent heat abso
orbed decreaase over timee. At 100
minutes,, the latent heat
h
absorbeed was apprroximately 200W.
2
The solution
s
inlet
et temperaturre at this
point waas 36.4°C.
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Figuree 4.4. Variattion in heat transfer witth time, at constant
air flows of 2l/m
min, 1.2l/miin and 256m
m3/hr, respecctively (Casee C).
The masss regenerateed in the thrree cases waas estimated
d from the arrea under thhe curves ov
ver an 80
minute pperiod startiing from peaaks observedd following start-up. The mass of w
water regeneerated for
Cases A
A, B and C was
w 211g, 72
21g and 5966g, respectively. Therefo
ore, Case B pproduced thee highest
mass reggenerated annd the was th
he most effeective in conv
verting the waste
w
heat frrom the micrro-SOFC
into regeeneration.
The regeeneration tessts described
d above weree carried outt independen
nt of the dehu
humidification system
and so w
we propose to comparee the regenerration perforrmance repo
orted here w
with dehumid
dification
performance evaluattions carried out in previoous tests. Assuming that case B is thee most suitab
ble set-up
for the system, we may use th
he results to evaluate peerformance over
o
a givenn period of time. In
previouss papers, Elm
mer, 20153 has reported tthe performaance of the dehumidificattion unit independent
of the heeat source annd found thaat the maxim
mum mass deehumidificatiion rates obttainable weree 0.2 g/s.
All otheer parameterss relevant to performance
p
e evaluation are
a given in Table 4.1.
Table 4..1. Daily miccro-SOFC trrigeneration
n performan
nce parametters
Variablee
vaalue
Variable
valuee
Tamb
30
0°C
Dehumid
dification ratee
~ 0.22 g/s
RHamb
70
0%
Dehumid
difier cooling
g
~ 5227W
Dehumidifier air flow
~ 0.11 g/s
w
25
56m3/hr
Regeneraation rate
Dehumidifier solutioon flow 3.2
2 l/min
Regeneraation input
~ 35 0W
Evap airr flow
~ 6000W
24
45m3/hr
Micro-SO
OFC input
~ 12288W
Evap waater flow
1 l/min
l
Fuel inpu
ut
The dehhumidificatioon and regeneeration rates are not equaal, so in ordeer to operate the system, we
w could
operate the regenerrator at off-p
peak periodss and operaate the dehumidifier whhen demand for it is
requiredd. Assuming that dehumidification is required forr 6 hours, theen a mass baalance showss that the
regeneraator could ruun for 12 hours, providinng sufficientt regeneration to satisfy the dehumid
dification
demand..
Table 4.2 shows the durations off operation aand energy trransfers of vaarious parts oof the system
m with an
electricaal efficiency of around 10
0% and that tthe overall efficiency inccreases to 23%
% when regeeneration
is carriedd out at off-ppeak and deh
humidificatioon and coolin
ng are carried
d out during cooling dem
mand .

Table 4.2. Daily micro-SOFC trigeneration efficiency parameters
Variable
value
Variable
value
Electrical output
150W
Parasitic energy duration
18h
Duration of SOFC
Electrical energy
Duration of Dehumidification
Dehumidification cooling
Parasitic power (pumps/fans, etc)

18h
2.7kWh
6h
3.16kWh
~ 110W

Parasitic energy consumption
Regeneration duration
Fuel energy input
Electrical efficiency
Overall efficiency

1.98kWh
12h
23.18kWh
10.7%
23.2%

The micro-SOFC unit is designed to generate 250W of electrical power, but the unit suffered sulphur
poisoning prior to delivery at our labs and so performance was less than expected. We suggest that the
same unit operating at full electrical output would produce a trigeneration system with 18% and an
overall efficiency of 30%.
CONCLUSIONS
This paper has described a micro-SOFC trigeneration system integrating a microtubular solid oxide
fuel cell and an open cycle membrane separated dehumidification and cooling system. We have
demonstrated regeneration of moisture from a liquid desiccant at relatively low temperatures 23-25C,
using heat recovered from the SOFC. The maximum moisture regeneration rates were in the region of
0.1-0.15 g/s, which equates to about 300-400W of latent heat absorbed. Electrical efficiency was low
at around 11%, but we have showed that overall efficiency could be more than doubled to 23%. The
fuel cell we used was originally 250W of electrical output, but sulphur poisoning reduced its
performance. A unit with design specification output would achieve an electrical efficiency of 18%
and an overall efficiency of 30%.
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ABSTRACT
One possibility to increase energy efficiency is the usage of waste heat to drive by an organic Rankine
cycle (ORC). New waste heat sources arise in modern transcritical cooling devices with carbon dioxide as
refrigerant. These cooling devices obtain temperatures higher than 100°C. As an alternative of heat
recovery in water heating, the waste heat may be used in an ORC-process to produce electricity.
An important aspect in dimensioning the components of the ORC-process is the fluid selection. From the
tested working fluids R245fa shows the best results regarding the discussed criteria.
Keywords: Organic Rankine cycle, low temperature waste heat, working fluid
Nomenclature:

Subscripts:

ℎ
𝑘
𝑚̇
𝑃
𝑄̇

specific enthalpy [kJ/kg]
over all heat transfer coefficient [W/m²K]
mass flow [kg/s]
power [kW]
heat transfer rate [kW]

𝛼
𝜆
𝜂

heat transfer coefficient [W/m²K]
thermal conductivity [W/mK]
efficiency [-]

𝑎
𝑒𝑥
𝑖
𝑜
𝑝𝑟𝑖𝑚
𝑠
𝑠𝑒𝑐
𝑡ℎ
𝐶
𝐶𝑜
𝐸
𝑃
𝑇

ambient
exergetic
inner
outer
primary
isentropic
secondary
thermal
condenser
copper
evaporator
pump
turbine

INTRODUCTION
Increasing energy efficiency is a major task in all technical processes due to climate change. One
possibility to archive this aim is the usage of waste heat in an Organic-Rankine-Cycle (ORC) to generate
electricity. Popular sources to use heat in ORC-processes are geothermal energy, solar energy and waste
heat of industrial processes and residual heat from block heat and power plants (CHP). Many studies
investigate different applications for geothermal heat e.g. Borsukiewicz-Gozdur (2007), for solar heat e.g.
Tchanche (2009) and for biomass power and heat plants see Drescher and Brüggemann (2007). Because
of the restrike and prohibit refrigerant with high ozone depletion potential (ODP) and high global
warming potential (GWP) in systems engineering carbon dioxide (CO2) is used in many new supermarket
refrigerant systems in northern latitudes. The process in the cooling cycle is transcritical and generates
high temperatures up to 100°C due to the compression. The whole heat is usually released to the
environment in a gas cooler. A further option beside the usage for heating is the generation of electricity
in an ORC-process. The connection of the ORC-process with the cooling process is shown in figure 1.
The ORC-process consists of four components similar to the conventional Rankine cycle, but uses a

refrigerant as working fluid. The application of a refrigerant as working fluid enables the generation of
electricity from heat at low temperatures. A feed pump augments the pressure of the fluid before the
evaporator, where the refrigerant is completely evaporated and superheated by the waste heat. The vapor
is expanded in a turbine. A generator transforms the mechanical work into electricity. Finally, the vapor is
condensed at the lower pressure.
The usage of low temperature waste heat with a small exergetic part of energy has usually small thermal
efficiencies, because of the limitation in Carnot efficiency. The design of the components and the choice
of a suitable working fluid are important to ensure a proper working process without any losses in the
efficiency and to avoid high costs. Fluid screenings for ORC-processes are made upon from
Saleh et al. (2007), Drescher and Brüggemann (2007) and Devotta et al. (1985), who used temperature
levels higher than 80°C.
In this paper, a simulation model is presented to assist in the design of the components and in the choice
of the working fluid for an ORC-process driven by waste heat of a transcritical cooling device. The heat
source for the evaporator is available at temperatures lower than 90°C. The heat exchangers are simulated
regarding their kinetic and the application is specified for the usage in a CO2 refrigerant system, but can
also be transferred to other applications. The results for simulation of ten preselected fluids are shown to
choose the working fluid with the best performance under the discussed criteria.

Figure 1: Flow chart
of the combined ORCrefrigeration process
WORKING FLUID CRITERIA
The working fluid is essential for the performance of the process. Different fluids are used for different
conditions and have influence in components, operation mode and in the handling of the construction.
The criteria in this paper are based on Chen et al. (2010), Drescher and Brüggemann (2007) and
Saleh et al. (2007). There is an agreement in the literature that there is no optimal refrigerant for an
ORC-process and it must be made every time a compromise between the different criteria.
Thermodynamic and physical properties: The thermophysical properties of the fluid have a strong
influence on the other components. Without the knowledge of the fluid depended pressure levels of
evaporation and condensation the other components cannot be designed. High operating pressures need
complex components with higher costs. The pump power is a further parameter that depends from the
level of high and low pressure. Other compare-parameters are performance indications like thermal and
exergetic efficiency. The exergetic efficiency is a suitable parameter to compare the ORC-process with
different parameters like the fluid due to a low exergetic part of the heat source.
With regard of the liquid vapor dome, there are three kinds of working fluids: the dry fluid with a positive
saturated vapor line, the wet fluid with a negative saturated vapor line and the isentropic fluid with a
saturated vapor line without an entropy change with changing temperature. The best form of the
saturation dome is an isentropic saturated vapor line, because it is theoretical no overheating necessary (as
in wet fluids) and the fluid is not much overheated after the expansion (as in dry fluids). Other decisive
physical properties are a preferably large evaporation enthalpy to need less heat input, small viscosity to

avoid high pressure losses and high thermal conductivity connected with high heat transfer coefficients
for smaller heat exchanger.
Thermal stability and security: Corrosivity and the potential to fouling, chemical stability, compatibility
with other materials, inflammableness, explosiveness, toxicity and detections with humans have to be
taken into account. All these criteria are important for the handling of the machine and can be an
excluding criterion for a fluid in a certain application. If the fluid is, for example corrosive or causes
fouling, cost-intensive materials must be used. Important is the auto ignition and explosion limit as
excluding criteria for fluids.
Ecological and economical aspects: Availability and costs are also important to be considered. The
ecological aspects are the danger to the environment, the global warming potential (GWP) and ozone
depletion potential (ODP) are one other criterion.
SIMULATION OF THE THERMODYNAMIC CYCLE
The simulation of the ORC-process is based on change of states in the thermodynamic cycle and is
calculated with energy balances, equation of states and the definitions of the isentropic performance of
expander and feed pump in equations [1-6],
ℎ3 − ℎ2
ℎ3𝑠 − ℎ2
ℎ1𝑠 − ℎ4
=
ℎ1 − ℎ4

turbine:

𝑃𝑇 = 𝑚̇ ∙ (ℎ3 − ℎ2 )

[1]

𝜂𝑠,𝑇 =

[2]

feed pump:

𝑃𝑃 = 𝑚̇ ∙ (ℎ1 − ℎ4 )

[3]

𝜂𝑠,𝑃

[4]

condenser:

𝑄̇𝐶 = 𝑚̇ ∙ (ℎ3 − ℎ4 )

[5]

evaporator:

𝑄̇𝐸 = 𝑚̇ ∙ (ℎ2 − ℎ1 )

[6]

where 𝑃 is power, kW; 𝑄̇ is heat transfer rate, kW; 𝑚̇ is the mass flow of the working fluid, kg/s; ℎ
is the enthalpy in the process, kJ/kg. The temperature and pressure of evaporation and condensation are
fixed on the design point for a given input of the heat source and specification of the re-cooling shown for
the design point in table 1. The turbine inlet temperature is 70°C with 5K super heat. Other input data are
the turbine power (10 kW), the isentropic efficiencies of the pump and turbine as well as the desired
working fluid. The simulation does not include pressure losses and evaporation and condensation occurs
isobaric.
Table 1: Overview of the simulation conditions and design point
turbine
inlet temp.: 70°C
power output: 10 kW
isentropic efficiency: 80%
feed pump
isentropic efficiency: 70%
heat source
fluid: CO2 (super-critical)
inlet temp.: 100°C
pressure: 88 bar
velocity: 2.6 m/s
mass flow: 5 kg/s

evaporator
type: coaxial heat
exchanger

condenser
type: tube bundle with
cross streamed air

super-heat: 5K
velocity: 2 m/s
ambient conditions
temp.: 10°C
pressure: 1 bar

number of tubes: 40 (shifted)
inner diameter: 1 cm
distance between tubes: 2 cm
Condensation temp.: Tamb+10K
air velocity: 20 m/s

The simplified simulation structure for the main process is shown in figure 2. The code calculates all
working conditions and the parameters of the components. These parameters are used to calculate the
thermal and exergetic efficiency in
𝜂𝑡ℎ =

𝑃𝑇

𝜂𝑒𝑥 = 𝑇3 −𝑇𝑎

[7],

𝑄̇𝐸 + 𝑃𝑃

𝑇3

𝑃𝑇
∙ 𝑄̇𝐸 + 𝑃𝑃

[8],

with the performances calculated in equation [1-6]. 𝑇3 is the turbine inlet temperature, K and 𝑇𝑎 is the
ambient temperature, K. For the dimensioning and the comparison of parameters, one design point is
fixed and shown in table 1. The turbine inlet temperature is set for the design point with 70°C. The
operating conditions of the heat source are taken from a simulation of the cooling device.

Figure 2: Visualization of the
simplified simulation structure
A coaxial heat exchanger is set for pre-heating, evaporation and super-heating and a tube bundle
condenser with cross streamed air for desuperheating and condensation. The coaxial heat exchanger is
chosen for evaporation because of the simple construction and the reliability at high pressures.
Condensation in tubes as tube bundle with cross streamed air at the outside is common as application on
the supermarket top. The thermodynamic parameters of the heat exchangers are numerically calculated
with a segment-method and with conditions shown in table 1. The different heat transfer coefficients are
calculated and generate the overall heat transfer coefficient for the cell with
1
𝑘

𝑑

= 𝑑 ∙𝛼 𝑜
𝑖

𝑝𝑟𝑖𝑚

𝑑

𝑑

+ 2∙𝜆𝑜 ⋅ 𝑙𝑛 𝑑𝑜 + 𝛼
𝐶𝑜

𝑖

1
𝑠𝑒𝑘

[9]

for each cell with a default length. At the same time, conditions for the next segment like the new
temperatures, vapor quality and the heat flux are calculated. The heat flux in the first segment is simulated
with a loop of the first cell that compared the heat fluxes of two succeeded loop cycles until the error is
negligible. Results of heat exchanger are given in terms of the summarized length, surface and the
averaged heat transfer coefficients.
In this work, correlation of Steiner (Kind and Saito, 2013) are chosen to calculate the heat transfer
coefficients for flow boiling inside the evaporator and the correlation of Gnielinski (2013) for pre- and
super- heating are chosen. The correlation of Gupta et al. (2013) is applied for the annular gap in the
coaxial heat exchanger with supercritical carbon dioxide. The condensation correlation from
Thome et al. (2003) is used in the inner tube flow condensation and Gnielinski (2013) for the circulated
flow of the air around the tubes. The desuperheater is calculated by Gnielinski (2013) for flow through
tubes.

RESULTS AND DISCUSSION
The simulation results for the preselected refrigerants on design point are shown in table 2 together with
the GWP of the refrigerants.
Table 2: The results of the simulation on the design point
Fluid

pressure pressure
evap.

cond.

thermal

exergetic

efficiency

efficiency

massflow pump HX(evap.) HX(cond.)
power

surface

GWP

surface

[bar]

[bar]

[%]

[%]

[kg/s]

[W]

[m ]

[m2]

[-]

R123

3.3

0.8

9.53

54.37

0.51

61

2.88

28.7

77

R134a

18.9

5.7

9.45

53.12

0.51

383

2.60

31.1

1430

R152a

16.9

5.1

9.62

54.28

0.33

296

2.64

30.1

53

propane

23.4

8.4

9.61

53.64

0.26

556

2.59

31.2

20

n-butane

7.2

2.1

9.43

53.57

0.24

149

2.81

29.4

4

n-pentane

2.5

0.6

9.31

53.11

0.24

51

2.83

27.7

4

iso-pentane

3.1

0.8

9.32

53.15

0.25

67

2.83

28.1

4

n-hexane

0.9

0.2

9.23

52.74

0.24

18

2.84

26.8

-

R245fa

5.3

1.2

9.35

53.27

0.46

98

2.86

29.6

1030

R236ea

6.9

1.7

9.13

51.91

0.56

141

2.93

30.5

1370

[-]

2

The different pressure levels depending of the working fluid are significant. The pressure level of
evaporation in dependence of the turbine inlet temperature is shown in Figure 3. Fluids with significant
high pressures are R134a, R152a and propane. All other working fluids work at moderate pressures in the
evaporator. High working pressures are combined with higher costs in components and materials because
of pressure resistance and a more complex pump. R152a, as a wet fluid, has a decreasing saturated vapor
line and end with turbine inlet temperatures up to 70°C and 5 K fixed superheating in the wet vapor
region. The condensation pressure of R123, pentane and hexane is lower than atmospheric pressure. For
the function of the process with these working fluids the construction must be accurately sealed. This
means a high effort in construction of components and connections.
The thermal and exergetic efficiencies are presented in table 2 on the designing point with a turbine inlet
temperature of 70°C. The efficiencies are depending on the turbine power, feed pump power and
transferred heat in the process. The exergetic efficiency in dependence of the turbine inlet temperature is
shows in Figure 4. All of the efficiencies lie in a small range between the worst R236ea: 9.13% / 51.91%
and the best R123: 9.62% / 54.37% fluid.
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Figure 3: evaporation pressure in dependence of
turbine inlet pressure

Figure 4: exergetic efficiency in dependence of
turbine inlet temperature

The exergetic efficiency includes the quality of the waste heat source in relation of the ambient
temperature in equation [8]. All differences between the efficiencies of different fluids with fixed turbine
power and ambient temperature depend on the feed pump power, the transferred heat in preheating, the
evaporation enthalpy and the enthalpy difference between high and low pressure in the turbine. The feed
pump power is a function of the pressure difference between low and high pressure and the mass flow in
equation [3]. R134a and propane with high pressure spreads and a high pump power have in comparison
lower exergetic efficiencies than thermal efficiencies, because of the higher importance of the exergetic
pump power in the exergetic efficiency. The heat in the preheater depends on the form of the saturation
dome of the fluid and pressure differences. A high evaporation enthalpy connected with a thick saturation
dome results in less absorbed heat and a higher efficiency, according to equation [7] and [8].
Figure 5 shows the mass flow of the working fluids in the ORC-process on the design point. The
differences in mass flow are due to the enthalpy spread in the turbine between the given condensation and
evaporation pressure level in equation [1] with consideration of superheating. In this area, the enthalpy
range in the turbine expansion of the hydrocarbons is higher. Also R152a has a bigger spread as R123,
R134a, R245fa plus R236ea and results in a lower mass flow. The mass flows of the hydrocarbons get
half time smaller instead of R123, R134a and R236ea. A high mass flow requires bigger components and
more use of materials (e.g. thicker pipes).
The heat exchangers have the largest volumes, in addition to the turbine and feed pump. Depending on
the working fluid, the evaporator and condenser have different transfer areas. The overall heat exchanger
surface from the coaxial heat exchanger in evaporation and of the tube bundle heat exchanger in
condensation is plotted as a function of the different working fluids in figure 6. The differences between
the fluids depending on the heat transfer coefficients as a function of fluid properties, the heat demand for
preheating plus evaporation and desuperheating plus condensation. The pressure level has the biggest
effect in the heat transfer coefficient on evaporation, because of smaller bubbles in the nucleate boiling. In
figure 3 is shown that propane with the highest evaporation pressure level needs the smallest evaporator
surface. In condensation the fluid properties, in particular the thermal conductivity, have the biggest
influence on heat transfer coefficient. Overall the differences between the surfaces are small with a bigger
evaporation surface of R236ea (+13.1%) compared to propane and a bigger condensation surface of
propane (+16.4%) compared to hexane. In addition, it is observed independence among evaporation and
condensation surface of the fluids. Propane has therefore the smallest evaporator and the biggest
condenser.
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CHOICE OF WORKING FLUID
With the huge number of different refrigerants and its mixtures together it is very hard to keep the track of
all potential working fluids and analyze for an ORC-process. A good choice of the working fluid in the
ORC-process can raise the efficiency and make the construction easier. But also other criteria like thermal
stability and security or ecological and economical aspects are important for the choice of a working fluid
in ORC-processes. The simulation results should be used to make a decision about the choice of working
fluid at the design point with the help of discussed criteria.
R123, R245fa and n-butane show the best physically criteria in performance results with moderate
pressure levels of the ten simulated fluids. Propane, R152a and R134a have high evaporation pressures
connected with high costs for components in the application. Pentane, hexane and R123 have low
condensation pressures under the atmospheric pressure. For these fluids the ORC-cycle is connected with
higher costs of components and of maintenance. Another possibility is the limitation in the condensation
temperature in consequence of performance losses especially at low ambient temperatures in winter.
R236ea has low efficiency results, because of a high heat absorption in preheater and evaporator for the
turbine power. R152a has a significant decreasing saturated vapor line and needs a higher superheating
than the other fluids.
R134a, R152a, R236ea and R245fa have no alarming properties for the usage in an ORC-process. R123 is
toxic. The hydrocarbons are flammable and explosive. The handling with these fluids as a refrigerant is
especially for small companies difficult and dangerous and often not convenient.
All fluids, excluded R123, are available. R123 shows the highest effectiveness in the design point, but has
an ODP from 0.2 and is forbidden by law (2009). R236ea, R134a and R245fa has no ODP but a GWP
over 1000 (table 2). In comparison with other fluids it is a high value (n-butane: 4, propane: 20, R123: 77).
The results with some criteria in table 3 show that there is no perfect fluid for the process and there must
be a trade of between functionality and environmental impact. In the specified application with low waste
heat of a transcritical cooling device and turbine temperatures about 70°C, the high temperature
refrigerant R245fa seems to be the best compromise among the nine investigated fluids. Easy manageable
pressures and well physical properties are in contrast with an elevated GWP.
Table 3: Evaluation of fluid results
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+

-

+

+

-

-
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o

+

+

-
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-

+

+

+
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+
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-

+

+

o
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+

-

+

+

o
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+

-

o

-

+

+

o
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+

+

o

R245fa

+

+
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+

-

o

R236ea

-

+

-

+

+

-

o

Fluid

performance

R123

(+ positive evaluation, o neutral evaluation, - negative evaluation)

availability

CONCLUSION
A simulation model for an ORC-process driven by low-waste heat of a transcritical cooling device with
CO2 is presented. The heat exchangers are simulated in consideration of the kinetic. Performance results
and thermodynamic data for different working fluids are compared with discussed criteria to choose a
suitable fluid for the process. By a trade between the criteria the working fluid R245fa provided for the
selected design point.
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Abstract
An alternative representation to the ejector performance of a cooling system, by means of a couple of
curves on the dimensionless plots U-r and Γ-r, has been obtained with experimental data from the
literature. The dispersion of experimental points is low and could be a consequence of the experimental
data uncertainty. The simplicity and number of curves are contrasting with the multiple generator and
evaporator isobar lines employed in typical ejector performance representation. Additionally, these
alternative dimensionless curves can be obtained with few experimental points, no more than 4, if they
are carefully selected.
omenclature
COP system coefficient of performance, dimensionless
h specific enthalpy, kJ/kg
m
& mass flow rate, kg/s
P pressure, MPa
r compression ratio, dimensionless
T temperature, °C
U entrainment ratio, dimensionless
Γ driving pressure ratio, dimensionless
Subscripts
c condenser
e evaporator
g generator
1, ... , 6 thermodynamic states
I TRODUCTIO
Nowadays, a technical decision takes into consideration, besides its cost, a variety of sustainable aspects
as the energy efficiency and ecological impact. With the second wave of reappearance of the thermal
cooling and refrigeration systems, their research and technical development have become fundamental.
The systems performance representation with simpler methods is one of the challenges to search. So, in
this work an alternative representation to the ejector cooling system performance will be presented.
EJECTOR COOLI G SYSTEM
The ejector cooling system performance is dependent on the ejector behaviour and the configuration of
this main system element is shown in Figure 1. Focusing on its mixing effect, there is a driving primary
fluid with high energy, or pressure, which is expanded to allow the entrainment of a secondary fluid with
low energy, or pressure. Then, both fluids exchange their energy and momentum to exit the ejector
completely mixed as a fluid with intermediate energy, or pressure. In this mixing process, the secondary
fluid is compressed.

Figure 1. Ejector configuration, Chen et al, 2015.
Regarding the ejector cooling system, its configuration and thermodynamic cycle are shown in
Figures 2 (a) and (b), which are complementing those given by Chen et al, 2015. Figure 2 (a) shows the
system elements arrangement according to a couple of cycles, the upper is a power sub-cycle represented
by the states 1-3-4-5-1 and the other is a refrigeration sub-cycle given by states 2-3-4-6-2. Figure 2 (b)
shows the 3P system thermodynamic cycle.

(a)

(b)

Figure 2. a) The ejector cooling system configuration; b) system thermodynamic
cycle, Chen et al, 2015.
Among the system advantages, its simple configuration, easy ejector manufacture and minimum system
maintenance, are found. Into the system disadvantages, its sensibility to changes in the operation
conditions, lower energy efficiency and higher heat production at the system intermediate temperature,
which is rejected to the surroundings, can be mentioned. These two last drawbacks are the result of being
a complete and integrated energy system.
In regard to its ecological impact, this could be reduced substantially. Firstly, the use of thermal energy
coming from an industrial process, where waste heat is rejected at low temperature, or from a renewable
source, as the thermal conversion of solar radiation, results in a low global warming potential because
there is no burning of fossil fuels. Secondarily, the use of friendly ecological refrigerants guarantees low
ozone depletion and global warming potentials.
Ejector cooling system main parameters
Two important parameters involved in the system performance are the ejector entrainment ratio, U, and
the system coefficient of performance, COP. The first one is defined as

U=

m
&2
m
&1

[1]

in which m
& 1 and m
& 2 are the mass flow rates for the ejector primary and secondary fluids, respectively.
The second parameter definition is given as
COP = U

(h 2 - h 6 )
(h1 - h 4 )

[2]

where (h2 - h6) is the evaporator specific enthalpy difference producing the system cooling effect while
(h1 - h4) is the system specific enthalpy difference required to produce the cooling effect.

On the other hand, the ejector behaviour has the following three operational flow regions: the choked,
unchoked and reversed, as shown in Figure 3 from Chunnanond and Aphornratana, 2004. In the reverse
region, there is only primary fluid flow. In the other two regions, there are flowing primary and secondary
fluids. Regarding the secondary fluid flow, in the unchoked regime it has a subsonic condition while in
the choked regime has a supersonic condition. At the limit of these two regions, the secondary fluid has a
sonic condition from which the choking starts, remaining constant the primary and secondary fluid mass
flow rates. The ejector reaches its optimum performance at this limit condition, called critical. As well,
these two regions are referred by Lu, 1986, as the mixed and supersonic regimes and their limit as the
transition regime, also shown in Figure 3. Therefore, the critical condition or transition regime
corresponds to the ejector and system optimal operation, which is desirable to reach at any off-design
condition.

Figure 3. Ejector operational regimes presented on a COP-Pc diagram,
Chunnanond and Aphornratana, 2004.

REPRESE TATIO OF THE EJECTOR PERFORMA CE
Typically, U, or COP, values are plotted against the condenser pressure to represent the ejector, or system
operation, in which the evaporator pressure is kept constant and several generator isobars are considered,
as shown in Figure 4 (a) from Huang et al, 1985. The other way to present U, or COP, values is against
the generator temperature, while the pressure at the evaporator and condenser remain constant, as is
shown in Figure 4 (b) from Yapici et al, 2008.

(a)

(b)

Figure 4. a) Ejector entrainment ratio U against the condenser pressure Pc ,
Huang et al, 1985; b) System coefficient of performance COP against
the generator temperature Tg , Yapici et al, 2008.
The system, or ejector, optimum performance is represented by the COP, or U, against the condenser
pressure for different generator and evaporator isobars, belonging to the design and off-design conditions
in critical operation. Figure 5 shows what is called the ejector operation map.

Figure 5. Ejector critical entrainment ratio U against the condenser pressure Pc ,
Huang et al, 1985.
Alternative representation of the ejector performance
Another representation to the ejector operation is given by dimensionless plots. Thermodynamically, the
expansion and compression processes are commonly defined by pressure ratios. With this purpose, Tg, Tc
and Te are the system saturation temperatures and firstly used as starting values when superheating and
subcooling exist and secondarily, they define the system working pressures. So, the compression ratio, r,
is given as
r=

Pc
Pe

[3]

where Pe is the evaporator pressure, while the driving pressure ratio, Γ, is defined as
Γ=

Pg
Pe

[4]

being Pg the generator pressure. Then, the alternative representation considers U, r and Γ to define the
plots U-r and Γ-r, being the first one an extension of the U-Pc plot. Figure 6 shows the U-r plot for
constant Γ lines where the supersonic, transition or critical and mixed ejector regimes are also indicated.
It was developed by Lu, 1986, for a system employing R11. It is noteworthy how different ejector critical
conditions define a curve.

Figure 6. Ejector entrainment ratio U against the compression ratio r, Lu, 1986.
Experimental data from the literature were used to confirm and generalized the above behaviour. They
belong to ejectors with different geometries and working fluids operating at critical conditions. For each
ejector, the r values belonging to data groups with different Pe were calculated and plotted against U to

obtain Figures 7 (a) and (b). The first shows the results for the refrigerants R113 -CFC-; R141b -HFCFand R134a, R245fa –HCF- while the other plot belongs to R718, water. As observed, the dispersion of
experimental data is low and U has a decreasing tendency with r.
The above tendency happens because a lower evaporator pressure requires a primary fluid with higher
pressure and mass flow rate, to allow the compression and entrainment of a certain secondary fluid mass
flow rate. An important difference between these plots is the higher U and r values reached by a system
operating with water. Anyhow, the importance of this plot is that represents the ejector operation map of a
cooling system by only one curve in the U-r plot instead of many Pe isobars in the U-Pc plot. On the other
hand, the finding of this alternative curve will need only few experimental points to represent all the
possible experimental points included in a typical ejector operation map.

(a)

(b)

Figure 7. Ejector entrainment ratio U against the compression ratio r,
a) for different refrigerants, (4, 6-8); b) for water, (9-11).
To compliment the U-r plot, where only Pc and Pe are considered through r, the Γ values corresponding to
the data involved in Figure 7 were used to obtain the Γ-r plots shown in Figures 8 (a) and (b). In the first,
the results for the ejectors operating with refrigerants are shown, while in the second those belonging to
ejectors using water. As seen, Γ increases as r increases because higher Pg values are required for lower
Pe. Also, considering that Γ is the driving force that promotes the existence of r, it results that without Γ
there is no r and the curve crosses the co-ordinate system origin. Once again, the data dispersion in both
plots is low and the Γ and r values are higher for a system operating with water.

(a)
(b)
Figure 8. Plot of Γ against r a) for different refrigerants, (4, 6-8); b) for water, (9-11).
Then, the ejector performance of a cooling system is complete with this pair of curves and they consider
that U is dependent on r and Γ. Therefore, to obtain a new ejector dimensionless performance curves,
only few experimental points are required, no more than 4, if they are carefully selected. Also, it is
important to point out that from this pair of curves, to obtain the useful dimensional curves is simple and

requires to know one of the Tg, Tc, Te or Pg, Pc, Pe values and the other two are evaluated with the r and Γ
considered.
In regard to the magnitudes of r and Γ shown in Figures 8 (a) and 8 (b), the ejectors operating with
refrigerants have r values going from 1.5 to 4.5 and from 6 to 18 for Γ; the ejectors employing water have
r values going from 1 to 6 and from 50 to 400 for Γ. The reason why an ejector working with water
reaches higher r and Γ values is because, the water critical point is higher than those of the refrigerants.
As well, the water saturation pressures for temperatures lower than 100°C are of vacuum and the resulting
Γ pressure ratios are higher. In regard to the U values for both groups of ejector working fluids, they are
lower than 1 for r values higher than 1.5, corresponding to a secondary fluid compression. For the water,
U values higher than 1 have r values around 1, which belong to a case in which there is no secondary
fluid compression.
CO CLUSIO S
Traditionally, the ejector performance of a cooling system is given by multiple Pg and Pe iso-lines on a
U-Pc plot. With experimental data from the literature and with the dimensionless parameters r and Γ, a
simpler way to represent this performance was found with a pair of curves, one on the U-r dimensionless
plot and another on the Γ-r plot. Therefore, a new ejector curves could be obtained with few experimental
points, no more than 4, if they are carefully selected. Also, the transition to the useful dimensional curves
can be made knowing one of the Tg, Tc, Te or Pg, Pc, Pe values and finding the other two straightforwardly.
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