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Abstract
The research with devices that operates passively by means of capillary forces has resulted in extensive
investigations related to heat pipes (HPs), capillary pumped loops (CPLs) and loop heat pipes (LHPs).
Current efforts have focused the development of LHPs for space applications with possibility of using
them in several ground applications, such as water heating systems, electronics cooling, etc. However,
some issues related to the use of LHPs rely on their design and development depending on the required
use. In this case, the most indicated configuration for their reliable operation will depend on the correct
selection of working fluid, materials and configuration regarding the maximum heat management
requirement. The LHP technology has been developed in this institute for future space applications and
new configurations have been designed and tested focusing on ground applications as well, in order to
explore all options where this device could be applied. This work presents the results of the development
regarding the LHP technology, which includes devices for electronics cooling operating at its classical
design (one evaporator and condenser), reversible, ramified and miniature LHPs. The experimental results
obtained have shown the great potential in using LHPs as passive thermal control devices, as they present
reliable operation and continuous heat transport from the heat source to the sink. Continuous tests have
shown that the LHPs under development can promote the reliable control of the heat source temperature
within the required designed limits, even when considering the issue of miniaturizing such devices.
Introduction
Loop heat pipes (LHPs) operate passively by means of capillary forces generated in a porous structure
and are able to transport heat from a source to a sink over long distances without moving parts or power
consumption. These devices become important equipments where the thermal control requires a precise
adjustment of the heat source but there is no available power to run a circulation pump. The capillary
forces are generated using a porous structure and a volatile working fluid that is in its pure state in the
loop. LHPs usually present in their classical configuration the following parts: a capillary evaporator with
an integral compensation chamber (or reservoir), liquid and vapour transport lines and a condenser. The
capillary evaporator is in thermal contact to the heat source which dissipates heat (for example,
electronics chips). Heat is transferred by conduction through the evaporator case and evaporates the
working fluid that is in the porous wick. As vapour is generated and LHPs are characterized as thermal
diodes, vapour flows towards the condenser where the working fluid is condensed back to the liquid
phase and returns to the capillary evaporator to complete the cycle. Other configurations for LHPs are
possible depending on their application, as given by miniature LHPs used on the thermal control of
concentrated heat fluxes, in areas up to 5 cm2, reversible LHPs where the condenser can be switched to an
evaporator and vice-versa when needed and multiple evaporator-condenser LHP for multiple heat sources
thermal management. Each configuration has its own design particularity and should rely on the designer
experience as well as on the best indicated materials and working fluid for their application.
Several applications for LHPs are possible not only for space but also for ground use. In space
applications, LHPs are mainly developed as thermal control devices of electronics, batteries, structures
and sensors and an extensive program for qualifying these devices for flight is highly required. Such a
qualification procedure involves launching forces simulation of up to 12-g, thermal cycling and proper
thermal management during the device’s designed life. For ground applications, LHPs can be applied in
several areas such as: refrigeration and air conditioning systems, avionics thermal control, anti-icing
systems of aircraft turbines and wings, computer cooling, water heating systems, etc (Delil et al, 2003).
However, each application must have its own LHP development according to its requirements for proper
operation. An important parameter that must be carefully considered is the presence of people where a

LHP must operate as usually has ammonia as the working fluid. In this case, an alternative working fluid
must be applied but before this can be done, extensive tests must be performed to proper consider a given
substance as a potential working fluid. The objective of this paper is to present the development of the
LHP technology that has been performed in this institute for space as well as terrestrial applications.
Technology Development
The technology development for LHPs is related to qualify these systems to promote the thermal control
of future satellites in low and high orbit. However, in order to develop LHPs for such an application,
several steps have to be achieved as a mandatory procedure to qualify them as systems, which are related
to design, fabrication, testing and final certification according to the specifications. When using LHPs as
passive thermal control devices, several considerations regarding their long term operation and reliability
must be evaluated as their failure could cause serious damage to components. According to the current
need for thermal control, LHPs must be designed to promote the thermal dissipation of up to 150 W and
there is a wish to substitute the so-use ammonia by a less hazard fluid (Riehl and Dutra, 2004). The
development of such a technology for space applications has generated several other options for terrestrial
use. Following the above requirements, devices that have been developed for space applications are
presented, showing the results of performance life tests in laboratory conditions towards their flight
qualification as well as other options of LHPs for both space and ground applications.
LHP with Single Evaporator and Condenser
The most common LHP geometry presents a single capillary evaporator, a compensation chamber, a
condenser and the transport lines for the liquid and vapour. The capillary evaporator and the
compensation chamber forms a single set and their design is the most important for the proper operation
of the entire system. The internal configuration of this set (primary and secondary wick structures,
grooves geometry, internal volumes, etc) will determined the levels of operation temperatures, heat leaks
and thermal resistances that will guide the LHP performance. The sets capillary evaporator/compensation
chamber are designed using a computer code to generate all the necessary information for the proper LHP
operation (Riehl, 2002). As a result, the geometry for a given LHP can be checked in regard to the
thermal behaviour presented and any modification can be done before the manufacturing of the device.
Currently, the heat load management that must be faced by a LHP is up to 150 W for heat sources
temperatures below 100 °C. Looking at the potential in using the developed LHPs for ground applications
for commercial purposes, it is also important to check the operationability of a LHP when gravity force
plays an important role in its thermal performance, also evaluating the use of alternative working fluids.
Figure 1a presents a testing bed where the LHP apparatuses have been undergoing life tests for the past 3
years, following the procedures for space qualification. Currently, there are two different LHPs being
tested in order to check their reliability along time to perform the thermal control when power cycles are
administrated to the capillary evaporators. Both LHPs are fully instrumented with 20 type-T
thermocouples and an absolute pressure transducer, connected to a data acquisition system used to
monitor their performance. The life tests are based on the continuous operation of the LHPs along time,
for heat loads ranging from 1 to 80 W and sink temperatures ranging from 5 to -20 °C. The LHPs have
been tested using acetone as the working fluid, which has shown to be a good alternative choice to
substitute the so-used ammonia. The geometric characteristics of the devices under development are
presented by Table 1. An important advance on the thermal performance with the LHPs was achieved
upon changing the primary wick grooves with a substantial decrease on the heat source temperature as
discussed by Dos Santos and Riehl (2006). Basically, the so-called TCD-LHP3 presents better thermal
performance than the TCD-LHP2 when considering the evaporator temperature at higher heat loads. As
the TCD-LHP3 presents circumferential grooves on its primary wick structure, this has contributed to
improve the LHP thermal behaviour, presenting evaporator temperatures up to 50% lower than those
observed with the TCD-LHP2. This new geometry for the primary wick grooves has allowed the
operation of the LHP at heat loads around 140 W with reduced evaporator temperature and outstanding
thermal control. Figure 1b presents some experimental results obtained during the life tests of the LHP. It
is important to observe the reliable start-up of the evaporator as heat loads are administrated to it and
continuous operation along time. So far, experimental tests have indicated no generation of noncondensable gases, which are a concern for long term application of LHPs in space conditions, even when

using acetone as the working fluid. Other tests have been performed for evaporators with titanium and
stainless steel primary wicks and the results will be presented in further reports.
Table 1: Geometric characteristics of the LHPs.
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Figure 1. (a) LHPs test bed and (b) experimental results.

The Reversible LHP
The reversible LHP is a unique design, where both sets of capillary evaporator/compensation chamber
and condenser are identical, connected by transport lines. When necessary, the capillary evaporator can
become a condenser when the flow must be reversed depending on the thermal control requirements.
Such an operation can be found in many aerospace applications and developing reversible LHPs is very
important. However, due to presence of a porous boundary in the condenser, flow fluctuations due to the
draining effect of the porous boundary are found and thus the design must be properly done to avoid the
system failure. Few investigations present the development of such an important LHP (Delil et al., 2003;
Maydanik, 2005), which still needs to be extensively investigated. An important consideration must be
done for the design, specially because there will be a porous boundary in the condenser that might reflect
on an extra hydraulic loss for the evaporator to overcome and the draining effect of this porous boundary
when condensation is taking place must be properly evaluated in order to avoid the LHP failure during its
operation.
Figure 2a presents the schematics of the reversible LHP that was designed and manufactured to be tested
in laboratory conditions. Acetone has been used as the working fluid and twenty type-T thermocouples,
connected to a data acquisition system, have been used to monitor the temperatures throughout the loop.
Heat is administrated to the evaporator by a skin heater. From time to time, the evaporator is switched to
become the condenser and the tests are resumed. The experimental tests have indicated that either set can
properly operate and promote the thermal control. Reliable thermal control has been observed during the
time and some experimental tests are presented by Fig. 2b.
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Figure 2: Reversible LHP: (a) schematics and (b) experimental results.

The Ramified LHP
For higher power levels, it is indicated the use of multiple evaporator/condenser LHPs, also known as
ramified LHPs. In some cases, placing a single high-power management capillary evaporator in a heat
source is not possible due to the high heat flux that need to be dissipated. In this case, several parallel
evaporators could be used so the heat flux would be divided and thus the thermal management could be
better administrated. There were some applications in the past when CPLs were investigated to operate
with several parallel evaporators (Ku and Hoang, 1997). During the first attempts to make multiple
evaporators-condensers LHPs to operate, there was always an issue related to the interaction between the
several parallel evaporators, which becomes a complex issue to be solved. Usually, the systems would
operate in such a way that one of the compensation chambers would control the entire LHP operation
temperature containing a two-phase mixture while the others would be full of liquid. Also, the evaporator
that would be responsible for the thermal management of the highest heat load would establish the heat
source temperature and all other evaporators would seek an equilibrium close to this one (Maydanik,
2005). Ku and Birur (2001) have presented tests related to a multiple evaporator-condenser LHP where its
operation was possible mainly due to the active thermal control of the compensation chambers and Delil
et al. (2003) have shown tests of an operational ramified LHP which did not use any active control to
promote the thermal management of up to 1000 W using ammonia as working fluid.
For the present investigation, a ramified LHP was built and tested, which presents two parallel
evaporators and two parallel condensers. The condensers are tube-in-tube heat exchangers and the sets
capillary evaporators/compensation chambers present no active control to help during the start-up
procedure. Acetone has been used as the working fluid and Fig. 3a shows the representation of the
ramified LHP used. Fig. 3b presents the geometric characteristics of the ramified LHP tested.
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Figure 3: Ramified LHP: (a) apparatus representation and (b) geometric characteristics.

The experimental tests have presented the reliability while operating the ramified LHP as successful startups have been verified and continuous operation along time. However, some steps have to be taken to
guarantee the start-up procedure to be successful, which are basically related to an observation of the
compensation chambers temperatures prior to initiate the LHP. Usually, reliable start-ups are obtained
when the capillary evaporator that presents its compensation chamber at lower temperature than the other
is used. After initiating the heat load administration with this evaporator, the other one could be initiated
without any problem and continuous operation could be observed. One could use active thermal control
devices such as peltiers to improve the reliability of the start-up procedure in such a LHP. Figure 4
presents some experimental results obtained with the ramified LHP with sink temperature at -5 °C.
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Figure 4: Ramified LHP experimental results: (a) heat load management and (b) evaporator temperature slope.

It can be observed that when both capillary evaporators are operating at different heat loads the ramified
LHP seeks for a steady-state condition based on the evaporator that presents the highest heat load (Evap1)
and its respective compensation chamber dictates the loop operation temperature. Even operating at a
lower heat load, Evap2 presents an operation at a lower temperature but always seeking for the same
behaviour as presented by the evaporator that leads the operation. In this specific test, the compensation
chamber for the Evap1 presents lower temperatures as this one is setting the operation temperature of the
loop and presents more liquid in its core. This is a characteristics of the ramified LHP operation and
should be considered carefully depending on the application that should use such a device.
The Miniature LHP
Miniature LHP is of a special type as very reduced area for heat dissipation is available and the transport
lines also present reduced diameters. Specially important, flat evaporators applied in mini-LHPs are a
must as this geometry simply eliminates the requirement of a saddle as an interface between the surface to
be controlled and the LHP, reducing the thermal resistances on the system. Miniature LHPs present a very
important application in electronic sensors thermal control, specially in computer chips as the available
area for heat dissipation has decreased dramatically with an increase on the power. Their light weight and
compact design represent a great advance on the LHP technology and their continuous development
should be performed. Since this special type of LHP has been also considered for using in domestic
applications, the correct working fluid must be selected to avoid any harm, specially to the people who
are near to the equipment. In this case, the current research has focused on using water as the working
fluid as this represents the best option for the above mentioned application.
A miniature LHP was designed and has been under laboratory condition tests in order to evaluate its
capability on the thermal control of varying heat loads, commonly observed in computer ships operation.
Figure 5 presents the miniature LHP representation along with the geometric characteristics of the device
that has been under tests.
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Figure 5: Miniature LHP: (a) representation and (b) geometric characteristics.

One important characteristic of the miniature LHP tested is that the area where the heat load is
administrated is around 3 cm2, which highly contributes to increase the heat flux that must be managed by
the device. As the capillary evaporator is the bottom part of the set with the compensation chamber, the
heat transfer to it can play an important role on the entire LHP thermal performance. During testing the
miniature LHP, reliable start-ups could be observed also showing that such a design is very robust and

could present reliable operation when used as a thermal control device for computer chip cooling, as
presented by Fig. 6. Similar results were obtained by Singh et al. (2006) when using a fan as coolant
system and represents that this special type of LHP presents a great potential for the growing need of heat
dissipation.
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Figure 6: Miniature LHP (a) power step results and (b) evaporator temperature slope.

Conclusions
The results presented in this paper have shown the great potential in applying loop heat pipes in several
applications where the thermal control of a heat source must be properly managed. Depending on the
need for heat dissipation and particular characteristics of the application, a different type of LHP could be
used, showing reliable and continuous operation along time. This shows the flexibility that such a
technology can present for the thermal control, whether it should be used in space or terrestrial
application.
Acknowledgments
The author wish to thank the financial support given by FAPESP, grants 03/08365-6 and 03/11477-0, to
develop the LHP technology.
References
Delil, A. A. M., Maydanik. Y. F., Gerhart. C., “Development of Different Novel Loop Heat Pipes within
the ISTC-1360 Project”, International Conference on Environmental Systems – 33rd ICES, July 7-10,
Vancouver, CA, paper 2003-01-2383, 2003.
Dos Santos, N., Riehl, R. R., “Evaluating Loop Heat Pipe Performance Improvement Using
Circumferential Grooves”, Heat Powered Cycles Conference, New Castle, UK, Sept. 11-14, 2006.
Ku, J., Birur, G. C., “Testing of a Loop Heat Pipe with Two evaporators and Two Condensers”, 31st
International Conference on Environmental Systems, Orlando, FL, July 9-12, paper # 2001-01-2192.
Ku, J., Hoang, T., “Testing of a Capillary Pumped Loop with Multiple Parallel Starter Pumps”,
Proceedings of the 27th International Conference on Environmental Systems, Lake Tahoe, NV July 14-17,
paper # 972329, 1997.
Maydanik, Y. F., “Loop Heat Pipe”, Applied Thermal Engineering, Vol. 25, pp. 635-657, 2005.
Riehl, R. R., “Design and Operation of Capillary Driven Two-Phase Loops as CPL/LHP”, National
Institute for Intellectual Property, Brazil, Software Register # 03003, 2002.
Riehl, R. R., Dutra, T., “Development of an Experimental Loop Heat Pipe for Application in Future
Space Missions”, Applied Thermal Engineering No. 25, pp. 101-112, 2005.
Singh, R., Akbarzadeh, A., Dixon, C., Mochikuki, M, Riehl, R. R., “Miniature Loop Heat Pipe with Flat
Evaporator for Cooling Computer CPUs”, accepted for publication at the IEEE Transactions on
Components and Packaging Technologies, 2006.

EXPERIMENTAL TESTING OF A NOVEL ABSORPTION REFRIGERATION
CYCLE COMBINED WITH STEAM JET THERMAL ICE STORAGE
Jorge A. J. Caeiro, Ian W. Eames
The Bartlett School of Graduate Studies, Faculty of the Built Environment, University College London,
(Torrington Place Site),Gower Street, London WC1E 6BT, email: j.caeiro@ucl.ac.uk

Abstract
This paper reports the experimental proof-of-concept testing of an innovative single effect LiBr-H2O
absorption refrigeration cycle combined with Steam Jet Thermal Ice Storage. This novel thermally
activated refrigeration cycle aims to generate cold that is to be stored as latent heat of ice fusion during
heat surplus hours, when there is no demand for cooling, being the cold stored discharged during
periods of the day when cooling demand is higher. The peak cooling load could therefore be partially
or totally shifted to off peak and a smaller absorption refrigerator would hence be required.
In the experimental study performed the combined cycle was tested and proved to be technically
feasible although with a COP of around 0.25.
Keywords: Thermally powered refrigeration cycles, Steam ejectors, ice storage
1. Introduction
Increasingly, there is evidence that the global climate is changing quite considerably and that such
change is in part due to anthropogenic emissions of greenhouse gases, a significant proportion of which
are a consequence of burning fossil fuels for electricity generation. Nevertheless, there has been a
steady increase in the use of air conditioning in most developed countries. In some cases this has
caused overloading of the electrical grid particularly when peak summer temperatures are reached.
Cool storage has been recognized as an important energy management tool to favorably alter electric
usage patterns. So far ice storage coupling has been exclusive to electrically powered chillers due to the
technical limitation of LiBr-H2O absorption refrigerators attaining sub zero temperatures in the
evaporator. In this paper is described the experimental study of an innovative single effect LiBr-H2O
absorption refrigeration cycle combined with Steam Jet Thermal Ice Storage. The main objective of
this combination is to create an entirely heat powered system that enables the LiBr absorption
refrigerator to benefit from all the technical and economical advantages associated to coupling with ice
storage. The novel cycle is an environmentally friendly and economically competitive alternative to
conventional chillers that can be powered by low grade waste heat and uses water as refrigerant, an
inexpensive and innocuous refrigerant.
2. Description of the innovative system
A schematic diagram of the prototype system tested in laboratory is shown in Figure 1. The system
consists mainly of a steam generator, an ejector, an ice store, an evaporator, an absorber, a condenser
and a solution heat exchanger. The piping system, valves and pumps connect these components. The
experimental set-up is completed with measuring and control devices (see Figure 2). The system can
operate in two distinct cycles: TIS Charging and Discharging.
The charging cycle is by far the most complex because it involves balancing the capacities of three
quite different technologies: absorption refrigeration, steam jet refrigeration and ice storage. The main
aim of the charging cycle is to store cold as latent heat of fusion at times of the day when cooling is not
required so that it can be used to top up the cooling effect provided by the absorption system during
peak hours. Whilst charging the TIS the system operates under three different pressure levels. In the
high pressure level the condenser saturation temperature determines the pressure in the generator. At
the intermediate level the temperature and concentration of the weak solution determines the pressure
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3. Assessment of the system’s performance from the experimental results
The assessment of the working performance of the experimental system was based on two main
parameters. These parameters were used to define the energy performance of the whole system and not
of individual processes. The parameters used were the cooling capacity of the refrigeration system and
the energy input into the system. The ratio of these two parameters defines the energy transfer
effectiveness of the cycle (COP).
These parameters were estimated by performing heat and mass balances to individual components of
the system. Pressures, temperatures and flow rates of the solution and refrigerant were measured at key
points of the system and based on these the thermal processes that took place in individual components
of the system were quantified.
3.1 Cooling capacity
Depending on which mode the system was operated the cooling effect was either produced in the TIS
or in the evaporator. The cooling capacity of the refrigeration system was quantified by the mass flow
rate of water evaporated and by the state properties of the vapour. Whilst the cooling effect produced in
the evaporator during the discharging cycle could be experimentally determined the cooling effect
produced in the TIS during the charging cycle could only be estimated. The cooling effect produced in
the evaporator was determined by direct measurement of the volume of water evaporated.
Determining experimentally the cooling effect in the TIS during the charging cycle was not viable as it
is produced by evaporation of the storage elements superficial moisture and hence could not be
measured. As an alternative to a direct measurement method the total amount of water evaporated /
sublimated had to be found by using a semi empirical model created for the purpose combined with the
experimental results (Caeiro, 2004; Worall, 2001).
3.2 Power input
The power input to the generator was measured directly by an electrical power meter. Notwithstanding
the fact that, most of the generator external surface and piping were well insulated, some heat losses
would inevitably occur. These losses were estimated using heat transfer equations that can commonly
be found in text books.
4. The charge cycle testing.
A collection of the most representative experimental results are presented in this section. The system
was run over long periods of time with continuously changing operating conditions, therefore the
presented experimental results represent averaged values over time. Figure 3 shows the evolution over
time of the central core temperature of individual elements in batches 1, 5 and 8 and the TIS vapour
dew point temperature during the charging process. The temperature reduction process of the elements
can be divided into three different phases: a chilling or sensible cooling period (Phase I), a phase
change period where water solidification occurs (Phase II), and a tempering period in which ice is
sensibly cooled until it reaches its final temperature (Phase III).
4.1 COP of the charging cycle
Because it was not feasible to measure the ejector vapour flows a precise value for the cold stored
during the charging tests could not be determined experimentally. Alternatively, an estimate had to be
made based on mass and energy balances and for the measured conditions. The COP of the charging
cycle was determined from the ratio between the estimated cooling capacity and the average power
consumption. As the operating conditions of the system during the tests did not match exactly the
design, for different reasons, a deviation from the theoretical COP should be expected.
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The computed COP of the charging process was about 0.24 which is quite low when compared with
other ice storage technologies. One of the main reasons that can be pointed for the poor cycle
performance was the steady and continuous pressure drop in the TIS below the triple point. The steam
ejector operated therefore most of the time with a higher than design pressure lift ratio which affected
its performance (Munday and Bagster, 1977). The experimental results show that the average
entrainment ratio was lower than expected dropping significantly during sensible cooling of the ice
store. Although the average primary pressure was also higher than design, and hence some
improvement of the cooling effect could be expected, this was offset by the higher energy
consumption. As the steam ejector entrainment ratio strongly influences the cycle’s overall
performance this may be considered an important area for future improvement of the charge cycle
energy efficiency.
5. The discharge cycle testing
The tests revealed that rate of discharge of the TIS was too slow for practical purposes and the
contribution to the system’s cooling capacity far lower than expected. It is believed that the main
reason for this happening was the relatively small ejector’s cross sectional area, almost a tenth from the
pipe driving the vapour to the absorber. At the low pressures existing in the apparatus the specific
volume of water vapour is very large, e.g. 147 m3/kg for saturated vapour at 50C, and large vapour
pipes would be required to prevent excessive pressure drops. A solution to improve the flow to the TIS
would therefore have been installing a bypass pipe to the ejector. An alternative solution, normally
used in conventional series discharge of the bed of elements would be to first passing the chilled water
from the air conditioning system through a heat exchanger within the evaporator and then feed it
through a second heat exchanger on one side of which water from the ice store at 00C would be used to
complete the cooling process. The main advantage of this arrangement is that a better heat exchange
rate can be achieved due to the higher density of the circulating fluid and an easier control of the
discharge mode. It has the disadvantage though of requiring additional pumps, heat exchangers and a
spare vessel to store the circulating fluid.
6. Conclusions
The tests have proven that the novel combined cycle is capable of vacuum freezing the storage media
in useful time, being almost entirely powered by low-grade heat. When operating in the charge mode
the experimental COP value achieved was 0.24, with Tg = 97.930C (Tsat = 570C) and Ta = 320C (Tsat =
60C). The minimum temperature reached in the TIS during the tests was about -100C. The storage
media, with an initial mass of around 40 kg, was frozen in approximately 3 hours. This time may be
considered suitable for most practical applications considering that the TIS is to be charged during the
night period. Nevertheless, there is still scope for a significant increase of the efficiency of the charge
cycle if a better performance steam ejector is used. The chosen parallel discharge process presented
poor results and there was no significant improvement of the cooling capacity of the absorption
refrigerator. Nevertheless, this can yet be enhanced if the TIS were connected directly to the evaporator
using a pipe, at least, the same diameter than the pipe driving the vapour towards the absorber.
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Introduction
Modified multiple-effect solar still using solar energy directly has been widely investigated and
improvement in performance has been also studied (Yeh H.M. et al, 1987 a, 1987 b, 1990, 1992, 1994,
1999, 2000; Ruggiero V. et al, 1981). The aim of this work is the analysis and performance of a multipleeffect solar still which directly uses solar energy and diffusion process, by developing the concept of the
multiple-effect downward desalination techniques (Grazzini, 1985, Tanaka et al, 2002). Climatic data of
Palermo provided by the Standard Reference Year (Alabisio M. et al, 1985) were used to calculate the
total incidence solar radiation and the transparency coefficient of the glass covering as function of the
radiation incident angle variation (Balocco C. et al, 1999).
The still scheme and the analytical model
Mass and heat transfer balance was solved considering the two subsystems of the still: solar collector,
plates with adherent liquid films spaced by rectangular cavities occupied by a mixture of dry air and
steam. The control volume for the plate ”i” is that defined by the two films, respectively the condensate,
which wets the upper surface of the plate, and the saline solution which flows along the lower surface.
For the ith plate the first law balance equation is
g ⋅ c ⋅ t i + S ⋅ h(i − 1)[t m (i − 1) − t m (i ) − ∆t (i )] + S ⋅ w ⋅ (i − 1)[r + c(t m (i ) + ∆t (i ))] =

[g − S ⋅ w(i )] ⋅ c ⋅ t (i ) + S ⋅ h(i )[t m (i ) − t m (i + 1) − ∆t (i )] + S ⋅ w ⋅ (i − 1) ⋅ c ⋅ [t m (i ) + ∆t (i )] + w(i ) ⋅ r

[1]

w(i-1) is the mass flow rate of steam from the upper layer and w(i) is that condensing on the layer below.
tm(i) is the average temperature between the salty water temperature at the inlet of each stage ti and that
outlet of the waste concentrated solution t(i). ∆t(i) is the temperature difference through the plate and the
water film. For the first stage, where the plate is the absorber of the solar collector, the energy balance is:

g ⋅ c ⋅ t i + E ⋅ S = [g − w(1) ⋅ S ] ⋅ c ⋅ t (1) + S ⋅ h(1)[t m (1) − t m (2 ) − ∆t (2 )] + S ⋅ w(1) ⋅ r

[2]

Useful collected power E was evaluated with:

E = I ⋅ α pτ v − h(0 )[t m (1) + ∆t (1) − t (0 )]

[3]

where the radiative and convective coefficients h(0), were calculated as function of the incident angle of
solar radiation and of collector design and position. The last plate that defines the last stage of the still is
the wall at the bottom of the system kept in the shade. The energy balance equation is:

h(m)[t m (m) − t m (m + 1) − ∆t m (m + 1)] + w(m) ⋅ r =
w(m) ⋅ c ⋅ (t m (m + 1) + ∆t m (m + 1) ) + h(m + 1)[t m (m + 1) − t a ]
Using for the mean temperatures, t m (i ) =

(t (i ) + t i )
2

[4]

, a system of m+2 linear equations can be obtained.

The unknown quantities are the transparent cover temperature t(0), the m temperature values t(i) of the
excess solution outgoing from each effect, the outlet condensate temperature of the last effect. The system
is solved with classical method, using an iterative procedure. Each stage was considered such as a
rectangular cavity of high aspect ratio, tilted of an angle Ф to the horizontal. Heat transfer and then

Nusselt depend from Ra, from the distance and also from the tilt angle. Convection coefficient at each
stage was calculated by the equation for Nusselt valid for Ra > 3000 and for rectangular cavities above
heated, air filled, with high aspect ratio and with a slope angle lower than 60 degrees given by Elsherbiny,
(Elsherbiny,1996). For Ra < 3000, Nu = 1. The convective coefficient of the last plate h(m+1), that
exchanges heat to the external ambient, was taken 20 W m-2K-1, as suggested by Klein (Klein, 1975), a
constant value for the lack of the environment description. The absorber is sheltered from the external
ambient by a glass cover with the heat balance:

I ⋅ α v + h(0 )[t m (1) + ∆t (1) − t (0 )] = ha [t (0 ) − t a ] + hsk [t (0 ) − t sk ]

[5]

where hsk and ha are respectively radiative and convective heat transfer coefficients between the glass
cover and the external ambient. Also in this case the cavity is rectangular with high aspect ratio. Because
the cavity is bottom heated, for angles < 60° Nusselt was evaluated by the Hollands relation (Hollands,
1976). The linear radiative coefficient due to thermal radiation between the glass cover and the absorbing
surface, was calculated in the classical way considering flat plate and their emissivities. To calculate
temperature difference through each plate, ∆t(i), by an energy balance of the plate, it was considered a
thermal resistance of 1.6 .10-3 m K W-1, equivalent to that of one millimetre thickness of water, except the
last one where only the plate resistance was considered. Literature data (Raznjevic, 1971) were
interpolated to evaluate thermo-physical properties. Mass transfer is evaluated considering the mass flow
rate of a gas diffusing into another as function of the system pressure, diffusivity, mean temperature and
partial pressure gradient. Considering ideal gases and the steam pressure gradient normal to the plates,
the relation from Bird et al. (Bird et al., 1979, ASHRAE, 1997), was integrated for the stage i giving:

 dd ⋅ Tm (b −1)   P − Pw (i + 1) 
 ⋅ ln 
w(i ) = 


d

  P − Pw (i ) 

[6]

with b = 2.334. The constant value dd for water diffusing into air, including diffusivity value was
calculated (Bird et al., 1979) obtaining: dd= 9.556 10-9 kg s-1m-1K-1. P is the total standard pressure value
(1.013 105 Pa). The steam pressure at different temperatures was calculated using a fourth degree
interpolating polynomial. The convection coefficient between the glass cover of the solar collector and
the external ambient was considered such as a function of the wind velocity v (Klein, 1975).This relation
is valid for wind velocity higher than 1 m s-1 and for flat surfaces. The external radiative coefficient was
evaluated referring to the mean sky temperature (UNI-CTI, 1989).
Experimental test and related changes in the model
The working configuration of different stages of this kind of still can imply several problems (Grazzini,
1985). At each stage the evaporating surface, that is the flowing saline solution wetting the porous
material, is placed on the top of the condensing surface. This, because of gravity, can imply dripping of
salty water from the porous wick to the bottom condensate film. Reducing distance between the plates in
order to increase system efficiency, the risk of condensate contamination increases. This risk is higher as
the slope angle of the still to the horizontal plane decreases, what is required to receive maximum solar
radiation in summer and in the equatorial countries. A material permeable to vapour, but not to water, is
proposed. The porous material fixed under each plate and filled by salty, was considered covered by a
GORE-TEX® coat to stop water drop falling to the condensed film without obstructing the vapour
diffusion process. Two GORE-TEX® typologies were considered. As it can be seen in table 1, GAWV5
has the better permeability to vapour, but the worse permeability to water, having a lower pressure value
by which it can strains. For the two materials the pressure limit, by which the waterproof is guaranteed, is
relatively low considering that 1.0 m high water column gives a pressure of about 10000 Pa. It was
necessary to verify experimentally that the material really could obstruct the dripping of water from the
porous material. The experience was realised using two plates of transparent plastic material vertically
placed and paired with a strip of jute material interposed. The two plates, one 1.0 m high and the other
0.70 m high, were joined together, sealed with silicon glue on the vertical edges. At the bottom two
sample of the proposed GORE-TEX® sheets (210 x 297 mm each one) were fixed to lower edge of the
shortest plate. A metal structure about one meter high was made to support a basin for water and to

maintain the system vertical and the plates fitted together. The longer jute strip that gets out the upper part
of the two joined plates, was rolled up a pipe and get into the basin filled up of water, that fills the
material for capillarity and then goes down along the jute strip. Experiments test the good GORE-TEX®
samples working with water flux and with static pressure, then allowing the use of this coat as proposed.
The steam flux through the material is valuable by Fick’s law for parallel plates and for steady state
conditions, per unit of area, w = Π ⋅ ∆P , where ∆P is the partial pressure difference of vapour, Eq. [6]
then becomes:

 dd ⋅ Tm (b−1)   P − Pw (i + 1) 
 ⋅ ln 
w(i ) = 


d

  P − Pw (i ) + w(i ) / Π 

[7]

Vapour mass flow rate, diffusing into air and depending from partial pressure difference on the GORETEX® sheet that is due to the mass flow rate crossing that material, was calculated by an iterative
procedure. The diffusion multi-effect solar still was also studied considering a double-glass cover
typology. The mathematical model was modified taking into account the second glass placed at 2.0 cm
distance.
Results and discussion
The diffusion multi-effect solar still with the GORE-TEX® RAWV5 (rabid with high air permeability )
application was studied both for single glass cover and double-glass cover typology, implementing a
program in Visual Basic. This last design solution is comparable to the model proposed by Tanaka which
entails a double-glass cover for the plant (Tanaka H. et al, 2002). Still working conditions were simulated
for all the hours of the year using climatic hourly data. The transparence coefficient both for single and
double glass, taking into account of the hourly variation of the incident angle of solar radiation and the
multiple reflections between the two glass strata, were evaluated. Still efficiency Ψ, expressed by the ratio
between the heat power, that is necessary to evaporate the unitary mass flow rate of distillate produced,
and the incident solar radiation flux is:
w ⋅r
[8]
Ψ= t
I
where r = 2501 kJ kg-1. This non-dimensional index was used to compare different still design solutions.
Some authors studied different kind of solar still considering a constant value of the total solar radiation;
others considered an average daily or monthly value of the total incident solar radiation and a constant
value for the transparency coefficient of the glass cover (Dunkle R.V., 1961; El-Bahi A., 1999; Yeh H.
M. et al, 1992, 2000; Mink G. et al, 1998a). Tab.2 provides the values of the efficiency that we found in
literature. Average monthly results for the still studied are lower then some shown in table 2. Our results
were obtained using hourly climatic data of the Reference Standard Year of Palermo (Italy) and then they
take into account seasonal still efficiency variation. The hourly distilled production and hourly efficiency,
of the still with double glass cover, with and without permeable coat, are provided in table 3: results were
obtained for 21st June and 21st December. The GORE-TEX® utilisation, allows to reduce distance between
plates avoiding salty dripping with the efficiency improvement, as it is shown by the total distillate and
efficiency hourly values for the two standard days reported in table 3 for 0.01 m and 0.005 m plates
distance.
Conclusions
Results of the hourly distillate production and efficiency, obtained for a still design without coat are better
then those with the coat when the distance between plates is the same, due to finite permeability of the
material. The GORE-TEX® utilisation permits the distance reduction between plates increasing the
productivity and the plant efficiency (Table 3). The productivity increase is 9% higher than the case
without coat, 40% higher than that obtained with the same structure but with double distance between
plates.
Looking at daily results it can be seen, how in the central hours of the day, distillate production and
efficiency values are higher than those of other stills with similar design (table 3). Results of Tanaka
[Tanaka H. et al., 2004; Tanaka H. et al., 2000] are better but the system is more complex then our.
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Nomenclature
c
dd
d
E
g
h
I
m
Nu
P
Pw(i)
r
Ra
S
t
T

heat capacity of water [J kg-1 K-1]
constant
distance between plates [m]
useful power collected [W m-2]
inlet mass flow rate of salty water for
each effect [kg s-1]
convective/ radiative coefficient [W m-2
K-1]
incident solar flux [W m-2]
number of still stages
Nusselt number
pressure [Pa]
pressure of steam at ith stage [Pa]
latent heat of water [J kg-1]
Rayleigh number
area [m2]
temperature [°C]
temperature [K]

v
w
wt

wind velocity [m s-1]
steam mass flow rate [kg m-2 s-1]
total distillate mass flow rate [kg m-2 s-1]

Greek
α
Π
τ
Φ
ψ

absorbing coefficient
total permeability [kg h-1 m-2 Pa-1]
transparency coefficient
slope angle to the horizontal of the still
still efficiency eq.[8]

Subscripts
a
ambient
m
average value
p
plate
sk
sky
v
glass
w
water
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Table 1 Properties of GORE-TEX®
Type of GORE-TEX®
Material description
Thickness [mm]
Minimum pressure difference that allows
water crossing [Pa]
Total permeability [kg s-1 m-2 Pa-1]
Permeability [kg s-1 m-1 Pa-1]

GAWV5
Rabid with high air
permeability
0.38
1 300

Foam PTFE
100% foam PTFE with polyester
membrane stand
0.20
54 000

1.067 10-2
∆P = 100 Pa
4.053 10-6
∆P = 100 Pa

5.139 10-4
∆P = 1 200 Pa
1.028 10-7
∆P = 1 200 Pa

Table 2 - Productivity and efficiency comparison of different solar still typologies
Type of solar still
Distilled
Solar radiation
[kg m-2 h-1]
[W m-2]
Diffusion still Boldrin type [Boldrin B. et al, 1978]
0.146
292
Diffusion still Selcuk type [Selcuk M.K., 1964]
0.215
400
Basin still El-Sebaii [El-Sebaii A.A. et al, 2000]
0.470
705
Diffusion still El Haimer type [Hel Haimer M. et al, 2002]
0.417
600
Downward double-effect still Yeh type [Yeh H.M. et al, 1992]
0.615
820
Basin still Kwatra type [Kwatra H.S., 1996]
0.260
315
Upward double-effect still Yeh type [Yeh H.M. et al, 2000]
0.483
580
Upward multiple–effect solar distillers with air flow through the
0.605
710
last – effect unit - Yeh type [Yeh H.M. et al, 1999, 2000]
Upward double-effect still with air flow trough the second effect
0.151
175
unit - Yeh type [Yeh H.M. et al, 1994]
Multiple effect basin still Lobo type [Lobo P.C. et al, 1978]
0.621
695
Basin still Abu-Hijleh type [Abu-Hijleh B. et al, 1997]
0.926
1000
Basin still Sakr type [Sakr I. Et al, 1973]
0.865
925
Basin still El-Bahi type [El-Bahi A. et al, 1999]
0.72
685
Multiple effect basin still Suneja type [Suneja S. et al, 1999]
0.785
520
Multiple effect basin still Prakash type [Prakash J., 1999]
0.667
440
Diffusion still Mink type [Mink G. et al, 1998b]
1.1
670
Multiple effect basin still Tanaka type [Tanaka H. et al, 2000]
1.28
520

Ψ
0.347
0.373
0.463
0.483
0.521
0.573
0.578
0.592
0.599
0.620
0.643
0.649
0.730
1.049
1.052
1.14
1.71

Table 3 - Hourly results for the still, double glass – 21st June and 21st December
hour

Solar
radiation
[W m-2]

Distilled [kg
Ψ
m-2 h-1]
distance
distance
0.01 m
0.01 m
without coat without coat
0.012
0.139

Distilled
[kg m-2 h-1]
distance
0.01 m

distance
0.01 m

Distilled
[kg m-2 h-1]
distance
0.005 m

distance
0.005 m

0.010

0.125

0.017

0.206

Ψ

Ψ

June 6

58

June 7

237

0.173

0.505

0.130

0.381

0.207

0.606

June 8

436

0.457

0.728

0.337

0.537

0.509

0.810

June 9

616

0.770

0.868

0.588

0.662

0.841

0.948

June 10

757

1.062

0.974

0.830

0.761

1.147

1.052

June 11

847

1.253

1.027

0.992

0.813

1.353

1.109

June 12

878

1.310

1.036

1.041

0.823

1.421

1.124

June 13

847

1.253

1.027

0.992

0.813

1.353

1.109

June 14

757

1.075

0.986

0.840

0.770

1.161

1.064

June 15

616

0.797

0.899

0.609

0.686

0.871

0.982

June 16

436

0.491

0.782

0.363

0.578

0.547

0.870

June 17

237

0.187

0.548

0.142

0.415

0.225

0.658

June 18

58

0.013

0.150

0.011

0.136

0.019

0.221

Dec

8

120

0.040

0.231

0.030

0.174

0.050

0.290

Dec

9

344

0.207

0.418

0.149

0.302

0.238

0.481

Dec

10

515

0.404

0.545

0.301

0.406

0.449

0.606

Dec

11

621

0.558

0.624

0.424

0.474

0.614

0.686

Dec

12

658

0.625

0.660

0.478

0.505

0.686

0.724

Dec

13

621

0.586

0.655

0.445

0.498

0.645

0.721

Dec

14

515

0.440

0.594

0.328

0.442

0.489

0.660

Dec

15

344

0.233

0.472

0.169

0.342

0.268

0.542

Dec

16

120

0.047

0.269

0.035

0.203

0.058

0.337
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ABSTRACT
In this paper, a solar-powered compound system for heating and cooling was designed and constructed in
a golf course located in Hsinchu, Taiwan. Taiwan is a subtropical nation and has abundant solar energy
resource. In summer, about one third of the electricity may be consumed for air-conditioning in buildings.
The need of air-conditioning is consistent with the solar radiation of the day and the season. Therefore, it
would be very meaningful to use solar energy to produce chilled water for air-conditioning with the heatdriven chiller.
The system discussed in this paper is composed of 3 subsystems, i.e. the solar heating circuit, the hot
water supply circuit and the adsorption cooling circuit. The hot water will be supplied to the employee
dormitory to fulfill its hot water demand of 50 persons. The cooling system will be circulated to the
employee restaurant for 3 hours around noon in the summer time, and the total cooling load of 10 kW is
expected.
The solar heating circuit possesses 108.5 m2 flat-plate solar collectors mounted on the roof ground surface
of the building. These collectors were installed at an azimuth of 10˚south by east and tilled at the angle of
20˚to the ground. A solar hot water storage tank of 1300 L in volume is used to store solar heat with the
design temperature of 80 ℃. On the test run a Temperature of 90 ℃ could be reached. This storage tank
would not only provide hot water higher than 65 ℃as heat source to drive the adsorption chiller, but also
provide 50 ℃ hot water to the dormitory.
The core component of the cooling system is the adsorption chiller. It is driven by the solar hot water with
the temperature of 65℃~95℃. The silica gel and water have been chosen as the working pair. An
integrated, two-bed, closed-type adsorption chiller was developed in the Industrial Technology Research
Institute in Taiwan. Flat-tube heat exchangers with corrugated fins were adopted as an adsorber and
evaporator/condenser. Some Test runs have been conducted in the laboratory. Under the test conditions of
80℃ hot water, 30℃ cooling water, and 14℃ chilled water inlet temperatures, a cooling power of 12.3
kW and a COP (coefficient of performance for cooling) of 0.38 can be achieved. It has provided a SCP
(specific cooling power) of about 162 W/(kg adsorbent).
INTRODUCTION
In Taiwan the solar collectors have been widely used to provide domestic hot water. The installation area
of solar collector has reached about 62 m 2 per 1000 inhabitants by the end of 2004. While the hot water is
more needed in winter having lower solar radiation, it is always excessive in summer. Therefore, it would
be very meaningful to use solar energy to produce chilled water for air-conditioning with the heat-driven
chiller.
In recent years adsorption refrigeration technology has been attracting more and more attention because it
can save energy and is environmentally friendly. Adsorption cycles can be driven by low-grade waste heat
or solar energy under 80℃. They do not have to use ozone-depleting chlorofluorocarbons (CFCs) and do
not need electricity or fossil fuels as driving sources.
Silica gel-water adsorption chiller can be used in combination with solar energy because of the possibility

using the low-grade solar energy under 80 ℃, which can be easily obtained with flat-type collectors or
vacuum tube collectors. Although the adsorption chillers are thought to be very promising in the future for
the application of solar cooling and waste heat recovery, the wide spread of this technology is not yet
possible. The reason is mostly attributed to the poor COP value and higher product cost of adsorption
chillers.
Therefore many research have devoted themselves to adsorption refrigeration technology and many
studies have been conducted. Among these works the silica gel-water adsorption systems have been
analytically (Saha et al., 1995, Boelman et al., 1997, Chua et al., 1999 and 2004, Alam et al., 2000) and
experimentally (Sakoda and Suzuki, 1986, Boelman et al. , 1995, Saha and Kashiwagi, 1997, Oertel and
Fischer, 1998 ) investigated.
In this paper, a solar-powered compound system for heating and cooling was designed and constructed in
a golf course located in Hsinchu, Taiwan. Taiwan is a subtropical nation and has abundant solar energy
resource. In summer, about one third of the electricity may be consumed for air-conditioning in buildings.
The need of air-conditioning is consistent with the solar radiation of the day and the season. If one can
use the excessive solar energy, the total system efficiency of energy utilization would be significantly
improved.
In an authors’ previous study (Chang et al., 2004) an integrated, one-bed, closed-type silica gel-water
adsorption chiller was developed. Flat-tube heat exchangers with corrugated fins were adopted as an
adsorber and evaporator/condenser. To further realize commercialization of this kind of adsorption chiller,
a two-bed silica gel-water adsorption chiller that can provide chilled water continuously was newly
developed and installed in the system studied here for field test.
SYSTEM DESCRIPTION
The system discussed in this paper is composed of 3 subsystems, i.e. the solar heating circuit, the hot
water supply circuit and the adsorption cooling circuit. Figure 1 shows a schematic diagram of the entire
system.

Figure 1: Schematic of the entire system for heating and cooling
The solar heating circuit possesses 108.5 m2 flat-plate solar collectors, whose efficiency is
T Tamb
c 0.76 4 .7( i
) , mounted on the roof ground surface of the building. The collectors are
G
installed at an azimuth of 30˚south by east and tilled at the angle of 20˚to the ground. A solar hot water
storage tank of 1300 L in volume is used to store solar heat with the design temperature of 80 ℃. On the
test run a Temperature of 90 ℃ could be reached. This storage tank would not only provide hot water
higher than 65 ℃as heat source to drive the adsorption chiller, but also provide 50 ℃ hot water to the
dormitory.

The hot water supply circuit is connected to the solar heating circuit via a plate heat exchanger. The cold
makeup water will be heated to 50 ℃ by the solar hot water and stored in 2 buffer tanks (each 1000 L).
The hot water will be supplied to the dormitory for bathing use of 50 persons for a day. Eventually, the
backup gas-fired boiler will be automatically turned on to heat the water to the required temperature.
The core component of the cooling circuit is an adsorption chiller with about 10 kW cooling power,
which was newly developed in this study. This adsorption chiller is driven by the solar hot water with the
temperature of 65℃~95℃ and will produce about 10 ℃ chilled water. The chilled water will then be
circulated to the employee restaurant for 3 hours around noon (from 11:00 to 14:00) in the summer time
(from May to September).
The installation location Shinchu is located in the north of Taiwan. The geographical position of Shinchu
is at a latitude of 24.8° north and a longitude of 121° east. It belongs to the subtropical climate zone.
Figure 2 shows the monthly-average daily irradiation on a horizontal surface and the ambient air
temperature. The irradiation in summer can be almost 3 times higher than in winter. Because the solar hot
water is usually consumed for the purpose of bathing in Taiwan, the solar heat gain will not be consistent
with the heat demand by season. If the collector area is determined by the winter demand, it will lead to
excessive solar heat gain in summer.
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Figure 2: Monthly average of horizontal irradiation and ambient air temperature in Shinchu
Figure 3 shows the predicted daily solar heat gain of the collectors. The hot water demand is indicated as
a solid curve. It is assumed that 50 L water of 60 ℃ is needed for each person. 50 persons are considered.
The daily hot water demand varies from 464 MJ/day in January to 324 MJ/day in July because of
different makeup water temperature. We can see that the solar heat is inefficient from December to
February. The backup gas-fired boiler would be necessarily brought into operation. The white bars from
May to September indicate the solar heat used as driving heat source of the adsorption chiller. Even
though part of the solar energy is used for air-conditioning, the rest heat is still enough for the dormitory
heat demand.
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Figure 3: Predicted solar heat for dormitory and for air-conditioning
ADSORPTION CHILLER
Figure 4 and 5 shows a schematic view and a photograph of the adsorption chiller developed in this study.
It consists of 2 same units, the so-called integrated, one-bed, closed-type silica gel-water adsorption
chiller. Each unit mainly consists of 2 heat exchangers. The upper one, i.e., the adsorber is composed of
aluminum flat-tube heat exchangers with corrugated fins, between which silica gel with 
0.5-1.5 mm is
packed together with the PVAc binder. There are 20 vertically arranged adsorption heat exchangers in all
and 38 kg silica gel is employed.
The under one, i.e., the evaporator/condenser is composed of flat-tube heat exchangers (serve as
evaporator and condenser), which are horizontally placed on the bottom of the vacuum chamber and an
enhanced condensing tube heat exchanger (mainly serves as condenser), which is arranged over the flattube heat exchanger and connected to it in series. This evaporator/condenser heat exchanger is used as an
evaporator during adsorption cycles and as a condenser during desorption cycles.

Figure 4: Schematic of the adsorption chiller

Figure 5: Photograph of the adsorption chiller
installed in the control room

The 2 chiller units were connected with 4 4-way valves. By appropriate switch of the valves, it is then
possible to produce chilled water continuously. Heat recovery processes are conducted to improve the
COP.
Before the chiller was delivered to the golf course for system installation, it has been tested in the
laboratory. Figure 6 shows the result of the test runs. The cooling power and the COP increase with
decreasing cooling water temperatures as expected, because lower adsorption temperatures lead to higher
adsorptive capacity and then higher cooling power. Under the standard test conditions of 80℃ hot water,
30℃ cooling water, and 14℃ chilled water inlet temperatures, a cooling power of 12.3 kW and a COP
(coefficient of performance for cooling) of 0.38 can be achieved. The corresponding SCP (specific
cooling power) is about 162 W/(kg adsorbent).
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Figure 6: Experimental results by variation of cooling water inlet temperature
Figure 7 and 8 shows the measured temperatures and heat transfer rates during the standard test
conditions of 80℃ hot water, 30℃ cooling water, and 14℃ chilled water inlet temperatures. In the
beginning of a cycle, there is a peak of the cooling water outlet temperature. This resulted from the fact
that the rest water with higher temperature during the desorption/condensation mode flowed into the
chilled water outlet circuit. This is a negative characteristic of this kind of integrated adsorption chiller
and should be avoided as far as possible. One can switch over the 4-way valves with a time delay.
According to the experimental measurement, the peak temperature decreased from about 25℃ to 20℃
with a time delay of 6 sec. Additionally, one can also add a buffer tank to the chilled water outlet circuit
downstream to diminish the temperature fluctuation.
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Figure 7: Measured temperatures during the
operation (80/30/14℃)

Figure 8: Heat transfer rates during the
operation (80/30/14℃)

FUTURE WORK
Field test monitoring facilities are being constructed. The relevant fluid temperatures, flow rates, and
weather data will be collected via a data acquisition and control unit in a computer. The ongoing status of
the system will be monitored online from the laboratory far from the test field.
By means of the monitoring data, the efficiency of the collector field and adsorption chiller will be
evaluated. The control strategy will also be further analyzed in order to utilize the solar energy efficiently.
CONCLUSION
In this paper, a solar-powered compound system for heating and cooling was designed and constructed in
a golf course located in Hsinchu, Taiwan. A two-bed, silica gel-water adsorption chiller that can provide

chilled water continuously was newly developed and installed in the system for field test.
Some tests of this adsorption chiller were conducted in the laboratory. Under the standard test conditions
of 80℃ hot water, 30℃ cooling water, and 14℃ chilled water inlet temperatures, a cooling power of 12.3
kW and a COP of 0.38 can be achieved. The corresponding SCP is about 162 W/(kg adsorbent).
Further monitoring of this system will be done in the near future.
NOMENCLATURE
COP
SCP
Ti

Coefficient of performance, ratio of the output cooling power and input heating power
Specific cooling power, produced cooling power per kg adsorbent [W/kg]
Inlet temperature of collector [℃]

Tamb
G
c

Ambient air temperature [℃]
Global irradiance [W/m2 ]
Collector efficiency [-]
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Abstract
Sustainability has been put high on the Government’s development agenda and many targets and
aspirations have been set to reduce the environmental impact of new construction projects and urban
planning schemes. Ground Source Heat Pump technology (GSHP) is becoming more prevalent in
construction because of its high coefficient of performance (COP) and consequent carbon saving
potential. However, installed system COP varies considerably with application with COPs of between
2 and 5 being reported for extensively the same application. This is partly due to a lack of design
guidance and benchmarks. This paper investigates and derives performance benchmarks for GSHPs,
which will give guidance to both the installer and the customer with therefore benefit to the whole
industry.
1. Ground Source Heat Pump (Gshp) System In The Uk
Ground source energy is available at stable temperatures (10-15°C) in the UK. Open or closed systems
are used to tap into this heat source. In open systems, the ground water is pumped to the unit, cooled
and then re-injected in a separate well or returned to surface water. Closed systems can either be direct
expansion systems, with the working fluid evaporating in underground heat exchanger pipes, or using
an antifreeze secondary fluid system. Heat is extracted from pipes laid horizontally or vertically in the
ground.
Ground source heat pumps have been developed and applied in the 1990’s and now have been widely
used all over world [3]. In the UK there has been limited application. Based on 2001 information, in
Scotland approximately 25 houses use ground-coupled systems, with a capacity of 62.5 kWt and
annual use of 0.27 TJ, while in England there are approximately 15 domestic installations totalling 120
kWt and an annual use of 0.52 TJ. There are also nine commercial installations, totalling 450 kWt and
an annual consumption of 1.94 TJ [5]. Closed-loop systems are expected to grow in the UK. Direct use
open-loop systems, mainly for cooling, are also expected to expand in order to counteract the rising
water table in some cities such as London. The total installed capacity of ground source systems for
cooling is 2.91 MWt and the annual use energy produced is 20.72 TJ, of which 0.63 MWt and 2.73 TJ
are due to geothermal heat pumps [4,5].
Although there are a number of installations in the UK, there is little information on their performance
in the literature. Of the cases that have been reported there is a large variation in the performance and
COP. One case states that several units have been installed in a ‘new build’ house in the North of
Scotland with COPs of about 2.8. Another case at Nottingham University reported their borehole
GSHP system COP of 2.5-2.8 [4]. Where as ETSU [6] reported a COP of 3.16. These performance
figures are far below the COPs of between 3.5 and 5 stated by GSHP manufacturers [12].
System COP is an important parameter since it is an index of energy saving potential of the system.
System running cost, carbon dioxide savings and cost paybacks are also strongly linked with this
parameter. Despite this, benchmarks detailing system performance parameters do not exist but are the
subject of this paper.

2. The Benchmarks
The benchmarks provided are for different applications including space heating, hot water, and spacing
cooling. In all cases, these benchmarks have been derived by comparing energy, carbon and revenue
performance with traditional systems.
2.1. GSHP for space heating
GSHP for heating and cooling buildings can be divided into two main categories; centralised air
system and water system. For the air system, hot air from the condenser is delivered to the space by air
ducts. For the water system, hot water from the condenser delivered to the space by pumping either to
radiators or to an under floor heating system, which is commonly used system in GSHP applications.
The performance of the air and water GSHPs can be defined with the same parameters. In deriving the
minimum performance benchmarks for space heating GSHPs, comparison has been made with the
conventional heating technology. This investigation considers minimum benchmarks that will result in
energy, carbon dioxide and revenue cost savings.
2.1.1

Minimum benchmarks for energy saving

This comparison is made against air source heat pumps and gas fired boiler systems.
Assume Qs is the space heating load required, and the primary heat power that required by gas boiler is

Q
QB  S


(1)

where is the boiler efficiency. For the GSHP system, the required primary heat power should be:

Q
1
Q GSHP  s 
COP o

(2)

Where 0 is the primary energy efficiency factor for electricity. Rearranging equations (1) and (2), it
can be shown that for primary energy savings to take place that:


COPGSHP 
o

(3)

Compared to air source and water source heat pumps, it can be that the minimum benchmark for
energy saved for a GSHP system is defined by equation:
COPGSHP>COPair, water
(4)
2.1.2

Minimum benchmark for saving carbon dioxide

If gas heating is considered, the relative carbon performance factor for the boiler (CPF B) is defined by
equation (5):

Q
CPFB  s G g


(5)

The relative carbon performance factor for the GSHP had been previously defined using equation (2):

Q
CPFHP  s G e
COP

(6)

Rearranging equation (5) and (6) it can be shown that for carbon dioxide saving to take place:

G
COP  e 
Gg

(7)

When an air source and water source heat pump are compared, it can be shown that COPGSHP>COPair,
water for carbon dioxide savings to be achieved.

2.1.3 Minimum benchmarks for revenue cost savings
Compared to a gas fired boiler heating system, the minimum benchmarks for revenue cost saving are
derived as follows:
For the gas fired system equation (5) is developed to consider the fuel cost, where Cg is the energy unit
cost of gas.

Q
K B  s Cg


(8)

Where KB is the revenue cost of running the boiler (£/h). For the GSHP system, the revenue cost
should be:

Qs
K GSHP 
Ce
COPGSHP

(9)

Where Ce is the energy unit price of electricity and KGSHP is the revenue cost associated with running
the ground source heat pump (£/h). Combining equations (8) and (9), it can be shown that for revenue
cost savings the following expression must be true:

C
COPGSHP  e 
Cg

(10)

2.2. GSHP for space heating and hot water
Some heat pumps incorporate a separate heat exchanger for hot water generation in series, parallel or
both with the condenser. Series connection is shown in Figure 1. This uses the higher temperature
superheated refrigerant vapour as a higher temperature heat source. In practice the amount of superheat
that can be obtained from this arrangement is limited. Typically the literature reports that around 20%
of the total is available for hot water.

Figure 1 Hot water system with De-superheating
In reality the condensing temperature to achieve greater hot water using purely latent heat has COP and
energy implications. In reality because of the COP penalty associated with the higher condensing
temperatures, additional hot water is not normally provided in this way. Instead supplementary heat is
provided via a gas boiler or electric heater. In developing minimum performance benchmarks two
options are considered; GSHP without supplementary heating and GSHP with supplementary heating.

For the cases with supplementary heating, there are also two options for this; with gas boiler or
electricity heater to top up. For the case of boiler top up, as the hot water load in both cases is

satisfied by the gas boiler, the analysis of both systems only needs to compare energy, carbon
and revenue requirements to satisfy the space heating load Q s. This makes the analysis and
benchmarks for this system the same as those shown in section 2.1.1, 2.1.2, 2.1.3, therefore
only the case with electricity heater to top up will be discussed in the following sections.
2.2.1 GSHP with supplementary heating by electricity
2.2.1.1 Minimum benchmarks for energy saving
Assume QS is the total power required by space heating (QS1) and hot water pre-heating (QS2), therefore
QS =(QS1 +QS2). QH is the thermal power required for hot water top up. Considering (QS + QH ) is
powered by a gas fired boiler, The primary heat power that required by gas boiler is

(Q Q H )
QB  S


(11)

Where is the boiler efficiency.
In a GSHP system as shown in Figure 6, QS =(QS1 +QS2) is provided by the GSHP, only QH is provided
by electricity. For the GSHP system, the required primary heat power should be:

Q GSHP E (

Qs
1
Q H ) 
COPGSHP
o

(12)

Where 0 is the primary energy efficiency for electricity. Combining equations (11) and (12) it can be
shown that to save energy the minimum COPGSHP can be defined using equation (13):

1
COPGSHP 
0

0

R 
1



 

(13)

Where R is the ratio of electrical energy for top up hot water QH to space heating and pre-water heating
(QS1 +QS2). If R equal to zero, then equation (13) simplified to equation (7).

Figure 2 GSHP system with auxiliary electric heating

2.2.1.2 Minimum benchmarks for saving carbon dioxide
Again, compared to gas heating, assuming Qs is the total power required by space heating and hot
water pre-heating and QH is the electrical energy for top up. The primary energy that required by gas
boiler is

(Q Q H )
QB  S


(14)

Where is the boiler efficiency. Therefore the carbon dioxide released is

(Q Q H )
CPFB  S
G g


(15)

Where G g is the carbon dioxide emission factor of the gas. For GSHP system, carbon dioxide released
should be:

 Qs

CPFGSHP E 
Q H 
COP
Ge
 GSHP


(16)

Where Ge is the carbon dioxide emission factor for electricity. Therefore COP should meet the
following expression:

1
COPGSHP 
1 Gg
1 G g

R 
1


Ge
Ge



(17)

Where R is the ratio defined previously by equation (13). If R is equal to zero, then equation (16) is
simplified to equation (9).
For design, however, R defined in equation (13) and (17) is not easy to use. It is normal for the design
to define the proportion of space heating to hot water load. The following analysis defines the
minimum benchmarks for carbon saving and revenue cost saving in terms of hot water to space heating
loads:

Q QH
R  S 2
Q S1

(18)

Equation (18) can be rearranged as:

QS2
1
QS 2 QH
QH
R 

1 QS 2
QS 1

R QH

(19)

In equation (20), we can find R as:

R
QS 2
QH

1
1
 1
 1
R   R 

(20)

Where QS2 and QH are GSHP preheating and electricity top up loads separated. As these heat
exchangers are usually connected in series, these items can be calculated as:


QS 2 m C p (T2 T1 )

(21)



QH m C p (T3 T 2 )
Therefore,

(22)

QS 2 T2 T 1

Q H T 3 T2

(23)

Where, T1 is the initial water temperature (normally around 10 0C), T3 is the hot water supply
temperature (normally about 600 C), the only variable in equation (23) is the preheat leaving water
temperature (T2 ) which could be between 10-500C.
2.2.1.3 Minimum benchmarks for revenue cost savings
Compared to gas heating, assuming Qs is the total power required for space heating and hot water preheating and Q H is the electrical energy for top up, then the primary energy that is required by the gas
boiler is (Qs + Q H ) /, where is the boiler efficiency. Therefore the cost of consumed gas is

(Q Q H )
KB  S
Cg


Where C g is the energy unit cost of the gas. For the GSHP system, the revenue cost should be:

 Qs

K GSHP E 
Q H 
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 GSHP


(24)

Where C e is the energy unit price of electricity. Therefore the COP should meet the following
expression:

1
1 C g

1 Cg
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 Ce



COPGSHP 

(25)

Again, R is the ratio defined previously in equation (15). If R is equal to zero, then equation (24) is
simplified to equation (12).

3. EXAMPLES
The analysis above have clearly shown that the benchmarks are influenced by many factors such as
application cases (space heating, with or without electricity for top up), energy efficiency for boiler or
primary energy efficiency for electricity, energy cost, hot water load, and preheating water temperature.
GSHP being used in practice should match these minimum benchmarks properly.
Figure 3 investigates the minimum benchmarks needed for viability based upon different fuel cost
ratios. It can be seen from Figure 3 that the minimum benchmark for carbon and revenue savings is
highly dependent on the R ratio, but also significantly affected by the relative cost of fuel (ratio of gas
to electricity cost C g/ Ce)
Figure 4 shows a similar comparison of performance benchmarks against R’ (the ratio of hot water
heating load) for fixed power station/ boiler efficiency (0.35/0.85) and fixed ratio of gas to electricity
cost (Cg/ C e=0.025/0.07). It can be seen that as the hot water load increases, the minimum COP
increases. This is because more electricity is needed to top up. Also, mentioned previously, a higher
preheat temperature requires higher condensing temperature, and results in a lower system COP.
From the examples above, gas prices, boiler efficiency, primary energy efficiency, load profile, and
preheat water temperature are the main factors influencing the minimum COP required for GSHP.
These are the key factors which will affect the viability of GSHP systems.
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Figure 4 Minimum COP against load ratio R’ and preheating water temperature
4. CONCLUSIONS
Ground source heat pumps present an attractive energy and carbon dioxide saving technology in
building services. However, this potential is highly dependent upon the heat pump design as well as the
climatic conditions of the application.

Benchmarks have been developed to provide guidance on the viability of application of GSHPs These
benchmarks provide comparison between GSHP and competing technologies, although do not include
impacts of ancillary components such as pumps and fans etc. Analysis of these aspects will be
considered in further work.

Nomenclature
C
COP
CPF
G
K
Q
R
T2
W

o

Energy unit price
£/kWh
coefficient of performance
relative carbon performance factor
kg/h
Carbon dioxide emission factor
kg/kWh
running revenue cost
£/h
thermal load
W
the ratio of electrical energy for top up to space heating and pre-water heating energy
0
pre-heating water temperature
C
compressor input power
W
boiler efficiency
primary energy efficiency factor for electricity.

Suffix
air
B
E, e
h
G, g
water

air source
boiler
electricity
hot water
Gas
water source

ab
c
GSHP
HP
s

absorption chiller
cooling
ground source heat pump
Heat pump
space
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SUMMARY
When considering thermodynamic conversion of solar energy into electric energy (up to maximum 50
kWe), the coupling of a two stages low cost parabolic trough concentrator with a low technology, middle
∆T reciprocating Joule cycle air engine (i.e. an Ericsson hot air engine in open cycle), is quite promising.
A thermodynamic model shows that there is an optimal engine design point (in terms of pressure ratio and
mass flow rate) that maximizes the mechanical power produced by the thermal engine, for a given solar
trough concentrator. A sensitivity analysis is then carried out to investigate the influence of the beam
solar radiation, the ambient temperature, the heat recovery exchanger effectiveness, the optical
concentrator efficiency, the mechanical efficiencies.
INTRODUCTION
The conversion of solar energy into electricity is a very important energetic challenge. In this paper we
study thermodynamic conversion based on thermal engines working with external heat input. Power
levels considered here range from some hundreds watts up to about fifty kilowatts. In previous papers, we
investigated the possible technologies (Bonnet et al., 2006) and we showed that from the thermoeconomic
point of view a suitable answer is given by medium concentration solar concentrators coupled to midtemperature hot air engines (Alaphilippe et al., 2005). For this purpose, the JOULE cycle ERICSSON hot
air engines are more promizing than STIRLING engines (Stouffs, 2002). Indeed, due to the need to
minimize the heat exchanger volumes, STIRLING engines can only be coupled with parabolic dish
concentrators (point-focus collector). There is no restriction on the volume of the ERICSSON engine heat
exchanger, so that they can be coupled with line-focus collector like parabolic trough concentrator.
THE PROPOSED SYSTEM
We consider a two stage parabolic trough concentrator designed by Soleil-Vapeur (Boubour, 1996)
(Figure 1) with a non-ideal receiver coupled with an Ericsson engine (Figures 2 and 3).
The solar energy is first concentrated by the cylindro-parabolic mirror, in the lower part of the
concentrator. The concentrated beams are then again concentrated by the so-called Compound Parabolic
Concentrator (CPC) in the upper part of the system (Pramuang et al., 2005). At the focal line of the
concentrator, solar energy is transferred to air, in the receiver heat exchanger, called heater. This heat
exchanger receiver is placed on the top of the CPC (Figure 2).

Figure 1. Parabolic trough concentrator

Figure 2. Concentrator 2d stage: CPC and heater

As shown in Figure 3, the Ericsson engine works in open cycle. The ambient air at P0 and Tk is first
compressed in the compression space at Pmax, Tcr, then preheated in the recuperator to Trh then heated
from solar beam through the concentrator to Th. After that, air is expanded in the expansion space to P0,
Ter. Finally the expanded air gives thermal energy to the recuperator heat exchanger before being
exhausted in the atmosphere at Trk, P0.
THE MODEL
Our work consists in designing a suitable engine for a given solar concentrator, and thus, in investigating
the performance of the system as a function of the pressure ratio β, i.e. (Pmax / P0) and the air mass flow
rate in the engine. The main data considered for this analysis are resumed in Table 1. We assume a solar
collector aperture area L × LN-S = 6.5 m2 and a direct solar radiation E = 1000 W/m2. The optical
efficiency of the concentrator is ηconc = 0.6. Convective and radiative heat losses are taken into account
for the receiver. The approach is similar to the one developed by previous authors (Shawki, 1993; Howell
et al., 1976). However, the recuperative Joule cycle, and the assumption of non-uniform wall and fluid
temperature along the receiver heat exchanger axis considered in the present study lead to a much more
complicated analysis.

Figure 3. Solar concentrator coupled to
Ericsson engine

Figure 4. Temperature-entropy diagram
of the proposed system

Figure 4 presents the successive thermodynamic processes of the air in a Temperature-Entropy diagram.
Air is assumed to obey the perfect gas law with constant heat capacity. It can be seen that the
compression and the expansion are assumed to be charcacterized by a isentropic efficiency ηsi,С = ηsi,E =
0.9. No pressure losses are taken into account for the air flow in the recuperator and heater heat
exchangers. The recuperator heat exchanger effectiveness is εr = 0.8. Finally, mechanical losses are taken
into account by means of mechanical efficiencies for the compression and the expansion device. It should
be emphasized that the performance of the system deeply depends on the values chosen for the
efficiencies ηconc , ηsi,C , ηsi,E , ηmeca,С , ηmeca,E . More theoretical but also mainly experimental work is
needed to assess the efficiency values used in the model.
These assumptions lead to the following equations set. The net indicated power W&i comes out as the
difference between the expansion W& Ei and compression W&Ci indicated powers [Eq. 1], which are
computed from Eqs 2 and 3, where m& stands for the air mass flow rate in the Ericsson engine. The net
shaft power W& shaft comes out as the difference between the expansion W& Er and compression net
mechanical powers W& [Eq. 4], which take mechanical losses into account by means of the expansion
Cr

and compression mechanical efficiencies [Eqs 5 and 6].
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The temperatures at the end of the compression and expansion process Tcr and Ter are computed by
means of the corresponding isentropic efficiencies and temperatures Tcr,s and Ter,s [Eqs 8, 10]. In Eqs 7
and 9, k stands for (γ-1)/ γ, where the isentropic exponent γ = 1,4.
Th
= βk
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Ter = T h − η si , E ( Th − Ter ,s )
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[10]
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Temperatures in the thermodynamic cycle are also related by the recuperator balance equation [Eq. 11]
and effectiveness εr [Eq. 12].
Ter - Trk = Trh - Tcr
[11]
+

Trh - Tcr
[12]
Ter - Tcr
The energy balance written on a elementary volume of the heater leads to the equation set [Eq. 13] where
Ta(x) and Tp(x) stand for local air and wall temperature in the heater.

εr =

& cp,air
m

dTa
=ηconc E LN−S − hfree l pup (Tp(x)−T0 ) −α σ F l pup (Tp(x)4 - T04 )
dx
= hconv PMT (Tp(x)− Ta(x))

[13]

The left-hand member of Eq. 13 corresponds to the thermal power transfered to the air flowing in the
heater. The right-hand member of Eq. 13 is made up of 3 terms: the first one computes the thermal power
entering the cavity receiver, the second and the third one take the convective and radiative losses into
account. Finally, the last member of Eq. 13 expresses that the thermal power is transfered from the heater
wall to the air by forced convection. The convective heat transfer coefficient is obtained from Eq. 14.
St c p ,air m&
m& DM
0.023
[14]
Re =
; St =
;
h
=
conv
µ SP
SP
(Re0 .2 Pr 0 .6 )
Integration of Eq. 13 on the heater length gives a relationship between Ta(x = 0) = Trh et Ta(x = L) = Th .
For the computation, the heater length has been divided into 10 parts of finite length. Eq. 13 is solved
numerically.

Table 1: Main characteristics of the system, and data used in the model
parameter
receiver length
first stage concentrator North-South length
CPC output width
optical concentrator efficiency
compression mechanical efficiency
expansion mechanical efficiency
isentropic compression efficiency
isentropic expansion efficiency
recuperator effectiveness
heater cross-section free area
direct solar radiation at normal incidence
ambient pressure
ambient temperature

symbol
L
LN−S
lpup

ηconc
ηmeca,С
ηmeca,E
ηsi,С
ηsi,E
εr
SP
E
P0
T0

value
2.5 m
2.6 m
0.04 m
0.6
0.9
0.9
0.9
0.9
0.8
0.0029 m2
1000 W/m2
105 Pa
288.15 K

RESULTS AND DISCUSSION
The pressure ratio considered here lies in the range 1 ≤ β ≤ 4.8 while the working air mass flow rate
range is 0.0001kg / s ≤ m& ≤ 0.02kg / s . Figure 5 presents the mechanical shaft power produced by the
engine. It can be seen that there is an operating point that maximizes the mechanical shaft power
produced by the engine, corresponding to β = 3.0 and m& = 0.0085 kg/s. The parameters values
corresponding to the maximum shaft power are given in Table 2. As observed in Table 2, the intermediate
solar energy concentration technology under consideration is fully adapted for micro-cogeneration. With
a thermal power of Q& H = 2652 W transferred from concentrated solar energy to working air in the heater
H, it produces an indicated power of W& = 1051 W of which the mechanical losses have to be deducted so
i

that the mechanical shaft power is W& shaft = 733 W. We also have a recoverable thermal power of Q& K =
1601 W in the air at the engine exhaust. The temperature of this air is Trk = 203 °C. This level is high
enough for cogeneration process. We also emphasize that the fluid at the engine exhaust is pure, clean air.

Figure 5. Shaft power as a function of air
mass flow rate for several pressure ratios

Figure 6. Inlet and outlet air temperature in
the heater as a function of air flow rate

Figure 6 shows that, as the air flow rate decreases, the air temperature at the heater outlet tends towards a
stagnation temperature independent on the pressure ratio. For a given air flow rate, the inlet and outlet air
temperature in the heater increases as the pressure ratio decreases.

Table 2: Performance at the operating point
symbol

value

symbol

value

symbol

value

β

3

Tcr

406 K

Trh

684 K

m&

0.0085 kg/s Ter

754 K

Th
W&i

Tk

288 K

Trk

476 K

995 K

symbol
W&shaft
Q&

value

K

1601 W

1051 W

Q& H

2652 W

733 W

SENSITIVITY ANALYSIS
Solar radiation and collector optical efficiency (ηconc × E)
The concentrator optical efficiency ηconc and the direct solar radiation E always appear as a product in the
model (Eq. 13). The influence of these parameters can thus be studied simultaneously. Figure 7 shows
that their impact on the shaft power is very important. Indeed the thermal power available in the heater for
the Ericsson engine directly depends on the product (ηconc × E).

Ambient temperature T0
For the temperatures considered (T0 = 15 °C and T0 = 0 °C), Figure 8 shows that the ambient temperature
does not affect the shaft power very much. Two phenomena are in competition: the cycle
thermodynamical efficiency increases as the ambient temperature decreases, but the heater radiative and
convective thermal losses also increases. This latter effect is less pronounced than the first one in the
range of temperature considered here.

Figure 7. Shaft power for several values of
the product of the solar radiation by the
optical efficiency

Figure 8. Shaft power for several values of
the ambient temperature and the solar
radiation

Mechanical efficiencies ηmeca,С and ηmeca,E
The model used (Eqs 5, 6) leads to bad performance as soon as the indicated expansion power W& Ei tends
towards the indicated compression power W& , that is as the pressure ratio β gets lower. This is confirmed
Ci

by Figure 9. It is thus very important to have a short and efficient kinematic drive linking the expansion
and the compression pistons. Also, the model and the value for the mechanical efficiency should be
assessed.

Figure 9. Shaft power for several values of
the mechanical efficiencies

Figure 10. Shaft power for a recuperator
with a lower effectiveness

Recuperator effectiveness εr
The recuperator heat exchanger area directly depends on the recuperator effectiveness εr. Figure 10 has
been drawn for a lower recuperator effectiveness, i.e. εr = 0.5 instead of εr = 0.8. By comparison with
Figure 5, it can be seen that the shaft power suffers a dramatic decrease as the recuperator effectiveness
gats lower. It is very important to design a recuperator with a large effectiveness. It can also be seen that
the optimal engine pressure ratio β gets higher as the recuperator effectiveness gets lower, which is an
expected result. On the other hand, the optimal air mass flow rate in the engine decreases as the
effectiveness decreases, leading to higher temperature difference (Th – Trh) between the heater inlet and
outlet.

ENGINE DESIGN
From the general lay-out of the system represented in Figure 3, from the parameters values defined in
Table 1, and from the computed results reported in Table 2, we can define the characteristics of the
Ericsson engine (rotation speed, cylinder bores, piston strokes, ...), and those of the recuperator (shell and

tube diameters, number of tubes, lengths, ...) corresponding to the operating point defined in Table 2.
Table 3 presents the results for the engine as a function of the rotational speed n. The number of cylinders
Z is derived from the assumption that the mean linear piston velocity is strictly limited to 8 m/s and that
the expansion and the compression piston stroke has the same value as the expansion cylinder bore DE. It
can be seen that even if the rotational speed is as high as 3000 rpm, only one expansion and one
compression cylinder are needed. However, a slow rotational speed can be prefered in order to reduce
mechanical losses.
For the recuperator heat exchanger, a suitable design is obtained with a shell and tube configuration with
a length of 2.5 m. This length corresponds to the length of the solar air heat exchanger H (Figures 1 and
2), so that it is very convenient to include the recuperator R and the solar heat exchanger H in the same
casing placed on the focus line of the parabolic trough concentrator. The recuperator is made of 19 tubes
with 6/10 10-3 m internal/external diameter, and a shell with 54/60 10-3 m internal/external diameter. It
has been checked that the pressure losses in the tubes (4100 Pa) and outside the tubes (4300 Pa) are low
in agreement with the assumption of isobar flow in the exchangers.

Table 3: Ericsson engine dimensions as a function of the rotational speed
n (rpm)
600
1500
3000

ZE (-)
1
1
1

ZC (-)
1
1
1

VE (10−3m3)
1.840
0.736
0.368

VC (10−3m3)
0.703
0.281
0.140

DE (10−3m)
133
98
77

DC (10−3m)
82
60
48

CONCLUSION
According to these results, with a 6.5 m2 solar collector aperture area and a direct solar radiation E = 1000
W/m2, the proposed system produces a maximum shaft power of about 733 W and a recoverable thermal
power of Q& K = 1601 W at Trk = 203 °C. The engine thermodynamic design leads to realistic and
convenient dimensional characteristics. These preliminary results confirm the interest of coupling a
simple, low cost parabolic trough and a simple, low technology, mid ∆T Ericsson engine. The further
step will be to build a prototype to validate the very good results found here. We also have to investigate
the system from the exergo-economic point of view (Bejan, 1996), in order to assess its interest according
to local conditions of sunshine and energy accessibility and cost.
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NOMENCLATURE
APV
C
COPTE
Eelec
EQc
Esol
G
I
k
N
Qc
Tamb
Tsol
Tc
Tco
Th
V
sl

area of the photovoltaic cell [m2]
geometry coefficient of a thermoelectric element: area/length [m]
TE modules coefficient of performance [dimensionless]
exergy of the produced electricity [W]
exergy of the produced cold [W]
exergy of the incident solar irradiation [W]
solar irradiation [W.m-2]
operating current [A]
thermal conductivity of a thermoelectric element [W.cm-1K-1]
number of thermoelectric couples
cold produced on the cold side of the thermoelectric elements or vapour compression device [W]
ambient air temperature [K]
temperature of the sun (5800K) [K]
temperature of the cold air [K]
temperature of the cold side of a thermoelectric element [K]
temperature of the hot side of a thermoelectric element [K]
operating voltage [V]
standard litres: at 21.1°C and 1 atm

α
ρ

Seebeck coefficient of a thermoelectric element [V.K-1]
resistivity of a thermoelectric element [ohm.m]
exergy efficiency of the PV cells [dimensionless]

η PV
η TE
η VC

exergy efficiency of the TE modules [dimensionless]
exergy efficiency of the VC system [dimensionless]

INTRODUCTION
Achievement of indoor comfort through space-conditioning has become one of the essential features of living
standards. However, air conditioning systems are significant contributors to the global warming problem and
create peaks in electricity supply during warm summer days. As cooling needs periods and solar energy
availability are closely related, solar energy is one of the best energy supply candidate for air conditioning
systems, in order to lower these electricity peaks.
Vapour compression (VC) and thermoelectric (TE) coolers are two possible air cooling systems, each with
their specific merits and drawbacks. VC coolers have a high Coefficient Of Performance (COP) and large
cooling capacity but their use of ozone-depleting and/or greenhouse gas refrigerants and noisy operation, are
significant disadvantages. Furthermore, these systems operate using AC power, and would need an AC/DC
power inverter if powered by photovoltaic (PV) cells. TE air-conditioners do not require any working fluids,
are portable and low noise because they do not have any moving parts, but have relatively low COP.
However they can be powered directly by PV cells, as their efficiency is high for low intensity input current.
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A simulation study, based on a four-parameter model (Townsend, 1989) applied to a commercial PV module
using the polycrystalline technology, PW1250 – 24V from Photowatt (2006), was conducted with the hourly
monthly average weather conditions of Chambéry (Alpine region in South-East of France). For Chambéry
weather conditions, cooling needs periods happen only in July and August. For a constant load resistance of 7
Ω (optimal load determined) the average PV cells efficiencies during daylight are 0.083 in July and August
with a peak efficiency of 0.126 for a solar irradiation of 515 W.m-2, as shown in figure 1. For this constant
load, the optimal efficiency is not reached at midday, but for middle-morning and middle-afternoon
irradiation conditions and the midday higher irradiation induces a small decrease in the PV cells efficiency.
However, the global energy production over the day is highest for this value of constant load.
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Figure 1 : Commercial PV cell efficiency for hourly monthly average weather conditions
of Chambéry (France) in July and August
VAPOUR COMPRESSION COOLING

Energy analysis
The mechanical VC systems are the most commonly used cooling systems in residential applications.
Generally, VC systems COP are in the range of 2.5-3 for commercial applications (Riffat and Qiu, 2004).
However, an AC/DC power inverter is needed if the system is powered by PV cells. These commercial
inverters have an efficiency of about 0.9 and their cost represents about 10-20% of the PV system investment
(Johnston, 2003). However, new PV inverters include maximum point tracking systems, to optimise the PV
cells efficiencies over a wide range of solar irradiation. With such a system, the PV efficiency variation
shown in figure 1 is not relevant anymore, and a flatter PV cell efficiency is obtained over the day, with an
average higher than 0.11 for Chambéry weather conditions.
The energy balance of that cycle (average conditions) is thus presented in Table 1. The major energy losses in
the PV-VC coupling are found in the PV cells. This low PV cell efficiency is due to the fact that
semiconductors (silicon in the case under study) can only convert photons with the energy of the bandgap
with good efficiency. However, the solar spectrum is very broad, ranging from the ultraviolet to the near
infrared. Thus photons with low energy are not absorbed and those with high energy are reduced to gap
energy (Goetzberger et al., 2003).

Exergy analysis
For this exergy analysis, we consider the case of a warm summer with an ambient temperature Tamb=33°C.
The ventilation air temperature is designed to be decreased to 25°C by the cooling system.
The exergy efficiency of PV cells is calculated through (Millan et al, 1996):

η PV =

E elec
=
E sol

VI
GA PV (1 −

(1)

Tamb
)
Tsol

The exergy content of the cooled air, in case of an ambient temperature Tamb=33°C and a temperature of the
cold air produced Tc=25°C, is very low. Thus, the VC system exergy efficiency, calculated by (2) is also very
poor.

η VC =

E Qc
E elec

Tamb
)
Tc
VI

Q c (1 −
=

(2)

The exergetic analysis results are shown in Table 1. The major exergy losses are in the VC system, as the
quality of the cooled air energy is tremendously lower than the quality of electricity.
Table 1: Energy and exergy efficiencies of a PV-VC air cooler (Tamb=33°C, Tc=25°C)
component
Energy efficiency Exergy efficiency
PV cells
0.11
0.116
AC/DC inverter
0.90
0.90
VC cooler
2.5
0.067
Global solar VC cooler

0.247

0.007

THERMOELECTRIC COOLING

Functioning
TE cooling relies on the Peltier effect. In a circuit containing junctions between dissimilar semiconductors
(such as n-type and p-type Bi2Te3) as shown in figure 2, heat may be transferred from one junction to the
other by applying a DC current to the circuit. On one side of the module, heat is absorbed (cold side) while on
the other, heat is released (hot side). The cooling (eq. (3)) and heating effects can be reversed by changing the
current flow direction.



ρ I2
Q c = 2 N αITc −
− k ⋅ C ⋅ (Th − Tco )
C 2



(3)

There are three additional effects always accompanying the Peltier effect (first term on the right-hand side of
(3)):
- the Joule heating effect (second term) that occurs throughout the materials: this effect increases the heating
and decreases the cooling performances.
- the heat conduction (third term) between the junctions due to the temperature difference between them: this
effect should be minimised, as it lowers both heating and cooling performances.
- the Thomson effect that occurs throughout the material : it represents the production (or absorption) of heat
due to an electric current in a conductor. This effect is usually neglected while studying TE cells.

As solar cells produce DC current, no AC/DC inverter is needed when TE modules are connected to PV
panels. The TE modules can easily be connected to the mechanical ventilation system of buildings to cool
incoming air during the cooling season. Moreover, as the heat transfer can be reversed by switching the
current flow, the TE cells can also be used during the heating season to pre-heat the incoming ventilation air.

Energy performances
Performances of TE modules depend on their physical properties, on the current applied to the circuit and on
the temperatures of the cold and hot sides of the modules. The higher the temperature difference between the
sides, the lower the COP of the TE cooler. Thus, optimal cooling performances can be obtained for air
cooling for domestic applications, as the temperature difference required is usually lower than 10°C for
European weather conditions.
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Figure 2 : Thermoelectric solar air-cooler (+: p-type semiconductor, -: n-type semiconductor)
Experiments were performed under these conditions, and showed interesting COPTE (defined following (4))
for commercial Bi2Te3 thermoelectric cells from Melcor (2006), as shown in figure 3.

COPTE =

Qc
IV

(4)

The set-up was simplified compared to the scheme presented in figure 2. Four TE modules were used. The
hot side of the TE modules was cooled by a water heat exchanger with a high flow rate, to stabilize the
temperature of that side. The cold side was linked to fins, heated by the studied air flow of varying regulated
flow rates. The input current to the TE modules was also regulated, between 1 and 5 A to test the TE modules
in the cooling mode. The water temperature was about 23°C and the input ambient air temperature Tamb was
about 26.5°C during the various experiments. The obtained air flow temperature differences Tamb-Tc are
shown in figure 4 for 4 TE modules.
TE modules performances for low temperature differences are higher than the performances found for
refrigeration purpose (Huang et al, 2000). For low input current intensity (1 and 2 A), the TE modules COP is
higher than 1.5 and can reach values over 4. This experiment was performed with only one side of the TE
module linked to an air flow. Thus, the important heat rejection issue for TE modules (Sofrata, 1996) was
reduced and for a system configuration as shown in figure 2, the expected COP would be lower. However, a
COP higher than 1 is expected for current intensity lower than 2 A.
Thus, TE modules can be directly coupled to PV cells for air pre-cooling. For Chambéry weather conditions,
the current intensity produced by PW1250 Photowatt PV cells with a constant load of 7 Ω is of the order of
2.5 A. This corresponds approximately to the load of two parallel lines of fourteen TE modules that can be

linked to each PV cell, to maintain the current flow lower than 1.5 A. For this intensity value, an air
temperature decrease of between 5 and 10 K is feasible between the inlet and outlet of the pre-cooler system
(figure 4) with only four TE modules.
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Figure 3 : Commercial TE module COP for various current intensities and various air flow
(100, 200, 300, 400, and 490 sl/min [standard flow at 21.1°C and 1 atm])
as a function of the TE sides temperature difference Th-Tco.
5
4,5
I=1A
I=2A
I=3A
I=4A
I=5A

4

TE COP [-]

3,5
3
2,5
decreasing air flow
2
1,5
1
0,5
0
0

5
10
15
20
temperature difference between the inlet and outlet air (°C)

25

Figure 4 : Commercial TE module COP for various current intensities and various air flows
(100, 200, 300, 400, and 490 sl/min) as a function of the inlet and outlet air temperature difference
Tamb-Tc in the cooling mode (‘outside air’ and ‘cooled air to the house’ on figure 2).
An average COPTE of 1.5 was then assumed for this application. The energy average efficiencies found for
the PV-TE cooler coupling are presented in table 2. The major energy losses in the PV-TE coupling are found
in the PV cells, for the reasons explained before for the VC case. The global energy efficiency of the TE-PV
coupling is half of the PV-VC system. However, for the TE system, the investment cost of the AC/DC
inverter necessary to the VC system is avoided.

Exergy analysis
The TE modules exergy efficiency is calculated using equation (2), similarly to the VC case. The exergy
average efficiencies found for the TE cooler are presented in table 2. As for the VC case, the major exergy
losses are in the TE cooler, due to the very low quality of the output air energy. The exergy efficiency of the
TE system follows the energy efficiency, with a lowering of the coupling exergy efficiency of one half
compared to VC systems.
Table 2: Energy and exergy efficiencies of a PV-TE air cooler (T0=33°C, Tair=25°C)
component
Energy efficiency Exergy efficiency
PV cells
0.083
0.087
TE cooler
1.5
0.040
Global solar TE cooler

0.125

0.003

COMPARISON OF THE TWO SYSTEMS
This study shows the interest of solar TE modules for air cooling in housing as their performances are of the
same order as the performances of the existing VC coolers. For the low temperature differences required and
the low intensity input to the modules, the COP of the TE cells is higher than 1. Moreover, they do not
require any refrigerant and are low noise. Their capacity can also be adapted more precisely to the needs than
the VC systems, that are only commercially available at defined relatively high powers. They can also be
directly coupled to PV cells as they use direct low intensity current. The investment cost of the AC/DC
inverter would then be avoided. However, this inverter usually includes a maximum point tracking system to
maximise the PV cells efficiencies over the whole day. Moreover, the VC efficiency is usually higher than 2.
Thus, the efficiency of the PV-VC system is about twice the efficiency of the PV-TE system. An economic
study should be performed to compare the two systems costs. Concerning the exergy study, both systems
show very low efficiencies and the major process irreversibilities happen both in the VC or TE coolers. This
is intrinsic to the use of electricity for air cooling purpose.
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Abstract
The preparation and characterization of a metal supported in-situ grown adsorbent bed for adsorption heat
pump applications is discussed. The proposed configuration consists of an active phase (zeolite 4A)
which is directly synthesised on a, specifically prepared, copper foam with open cells. The realized
samples were characterized by SEM analysis. Moreover, water equilibrium sorption curves were
measured by a thermo-gravimetric technique. The results of the characterizations confirmed that the
structure of the synthesised zeolite, and the sorption properties, are those typical of a commercial 4A
zeolite. Finally, the performance of this innovative adsorber were predicted by an already developed
dynamic model. The results of simulations showed a Coefficient of Performance COP= 0.60-0.65 and a
specific cooling power ranging between 1.5 and 5 kW kg-1, depending on the copper foam thickness
assumed. These results are much better than those calculated for other “traditional” configurations.
Keywords
Adsorption, air conditioning, zeolite synthesised, copper foam
Nomenclature
A
cp
COP
h
K
L
m
p
Ps
Qev
Qh
r
Re
Ri
Ri.m
s
sm
t
tcycle
T
v0
V
w

contact area (m2)
specific heat (J kg-1 K-1)
Coefficient of Performance
convective heat transfer coeff. (W m-2 K-1)
adsorbent permeability to vapour (m2)
axial length of the adsorber (m)
mass (kg)
pressure (Pa)
specific power (W kg-1)
heat extracted from evaporator (J)
heat for desorption (J)
radial co-ordinate (m)
adsorber external radius (m)
adsorber internal radius (m)
metal tube internal radius (m)
adsorbent thickness (m), s=(Re –Ri)
metal tube thickness (m)
time (s)
total cycle time (s)
temperature (K)
vapour diffusive velocity (m s-1),
v0 = − K µv ∂p ∂r (Darcy’s law)
volume (m3)
uptake (kg kg-1)

Greek symbols
∆H
adsorption enthalpy (J kg-1)
εt
solid adsorbent total porosity
λeq
eq. thermal conductivity (W m-1 K-1)
µ
viscosity (kg m-1 s-1)
ρ
density (kg m-3)
Subscripts
0
initial state
ads
adsorption
c
cooling
con
condenser
des
desorption
eq
equivalent
ev
evaporator
f
fluid
m
metal tube
s
solid adsorbent
s/m
adsorbent/metal interface
v
vapour phase
w
metal/adsorbent wall

1. Introduction
The improvement of the heat transfer quality of the adsorber is the bottleneck for the development of
efficient adsorptive chillers/heat pumps. Several solutions were explored in the scientific literature,
nevertheless the research is still going on and further improvements are possible. To enhance the

adsorbent material thermal conductivity some authors proposed to compact the zeolite powder inside a
matrix made of expanded graphite [Guilleminot et al, 1995] or metal foam [Guilleminot et al, 1993].
Alternatively, other authors proposed to directly compact the zeolite powder on the heat exchanger
surface by a certain amount of binder, forming a thick adsorbent coating [Guilleminot et al, 1994;
Restuccia et al, 2001]. However, in all the above mentioned solutions, the high density and/or the large
thickness of the adsorbent resulted in low vapour permeability, so that, the mass transfer became the new
limiting factor [Freni et al, 2004]. The direct synthesis of thin zeolite coatings on the surface of the heat
exchanger was considered by some researchers as a possible solution to maintain high heat and mass
transfer coefficients through the adsorbent bed [Cacciola et al, 1996; Tatlier et al, 1999 and 2000].
Indeed, since the thickness of the zeolite layer obtained by direct synthesis is in the range of 5 – 80 µm
[Bonaccorsi et al, 2004], the resistance to the vapour diffusion and to the heat conduction through the
adsorbent bed is reduced. The drawback to the use of thin coatings is the necessity to increase the heat
exchanger surface in order to reach the needed adsorbent mass, leading to the decrease of the
zeolite/metal mass ratio and a consequent reduction of the adsorption machine COP [Meunier, 1998].
In this paper, a new concept of adsorbent bed is presented and its performance is predicted by a dynamic
model. The proposed configuration consists of an active phase (zeolite 4A) which is directly synthesised
on a specifically prepared, open cell, copper foam. The highly conductive metal foam and the perfect
contact between zeolite substrate and metal surface allow high heat transfer efficiency of the adsorbent
bed. The large porosity of the metal foam and the very thin thickness of the zeolite coating (<100 µm)
allow to have a high vapour permeability and thus good mass transfer properties. Moreover, the high
surface area of the copper foam allows to have a quite high amount of zeolite per unit volume; and
consequently, zeolite/metal mass ratio values higher than those reported in Cacciola et al, 1996;
Bonaccorsi et al, 2004; Tatlier et al, 1999 and 2000. In the first part of the paper, the preparation and
characterization of the open cell copper foam, as well as of the zeolite coating are discussed. The second
part of the paper is devoted to the prediction of the performance of the proposed sorbent bed, by means of
an already developed mathematical dynamic model [Restuccia et al, 2002].
2. Experimental
The preparation of the sorbent bed consists of two steps: the synthesis of the open cell copper foam over a
copper tube and the growth of a layer of 4A zeolite on the copper foam.
The foam synthesis process was specifically developed and is based on the preparation of a precursor
obtained by mixing a liquid resin, a foaming agent and a copper powder. The liquid precursor is then put
in a mould, where is foamed and cured by microwave radiation. Finally, the resin matrix is burned and the
powder sintered by a thermal treatment. Detailed description of the copper foam preparation is reported in
a previous paper [Bonaccorsi et al, 2005]. The above described process permits to synthesise the copper
foam with desired shape, pore size and distribution, allowing to reach the better compromise between
metal mass and zeolite deposited. Even more, by this method it is possible to foam the metal directly on
the outer surface of a usual copper pipe, as the ones used in thermal applications.
Copper tube

Copper
Foam

Heating/cooling
Fluid

Figure 1: Sample of zeolite synthesised on copper foam.
The growth of zeolite 4A layers on the copper foam surface was obtained by in-situ hydrothermal
synthesis process. At first, the substrate surface was seeded by dipping into an aluminium silicate
colloidal seed solution. Then the substrate was dipped, for a long time, into a reactor flask containing the
hot aluminium silicate synthesis mixture. Then, the foam was washed with distilled water and dried. The

synthesis step can be repeated for several times to increase the zeolite thickness. More details on the
preparation procedure can be found in Bonaccorsi et al, 2004 and 2006. Figure 1 shows a sample
produced with the above mentioned techniques; the copper foam/zeolite adsorber was directly synthesised
around a copper tube in order to provide/remove heat to/from the zeolite.
The estimated macro-porosity ε of the copper foam is about 70%, which should allow sufficient mass
transfer through the copper foam. To confirm this aspect, a steady state permeability experiment was
carried out by measuring the flow rate of nitrogen through the sample and the corresponding pressure
drop [Kärger et al, 1992]; values of permeability K=10-8 m2 were measured, confirming the good mass
transfer properties of the copper foam. The ratio between mass of zeolite and copper foam is about 0.17
(double deposition of zeolite), but it could be further increased by increasing the number of zeolite
depositions.
The SEM image (Fig. 2a) shows the foam structure after the zeolite deposition; a packed layer of
intergrown crystals strictly bonded to the copper foam pore walls is evident. The typical morphology of
zeolite 4A can be easily recognized in Fig. 2b, while the coating thickness was estimated to be
approximately 10 µm (Fig. 2c).

Figure 2: SEM images showing the copper foam structure after the zeolite deposition.
Moreover, it is evident from Fig. 2b, that the crystal growth did not proceed up to the closing of the foam
pores, so that a large diffusion path for water vapor molecules was maintained inside the structure. A
specific thermogravimetric technique was used to study the adsorption equilibrium between zeolite
coating and water vapor, measuring the amount of water adsorbed by the zeolite at fixed pressures and
temperatures. Figure 3 shows the set of equilibrium curves measured under isobaric conditions in the
temperature range between 55 and 220 °C, for water partial pressures ranging from 10 to 64 mbar.
Equilibrium curves showed that the adsorption behavior of synthesised crystals is very close to that
typical of 4A commercial zeolite powder. The experimental data were described by the well known
expression ln(P) = A(w) + B(w)/T where P is in mbar, T in K and w in wt%. The parameters A(w) and
B(w) are polynomial functions of w and were used as input parameters for modelling the adsorber.
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Figure 3: Deposited zeolite/ water sorption isobars (full symbols) and comparison with commercial
4A zeolite (empty symbols).

3. Modelling
In order to compare the performance of the proposed adsorber with other configurations, a predictive
mathematical model was used. The model, which is described more in detail in [Restuccia et al, 2002],
considers the heat and mass transfer resistances inside a non-uniform pressure and non-uniform
temperature adsorber, neglecting the axial gradients. Figure 4 shows a portion of the adsorber used as a
reference for the model definition. It consists of three components: the heating/cooling fluid (silicon oil),
the metal tube of the heat exchanger and the adsorbent bed.
L
adsorbent bed
(zeolite)

r

sm

Re
Ri

oil

metal tube

Figure 4: Scheme of the adsorber.
The studied system is described by a system of partial differential equations (PDEs):
a) Energy balance for the metal tube
∂Tm h fm A fm ( Tm − T f ) h w Aw ( Tm − T s m )
(1),
+
+
=0
ρ m c pm V m
ρ m c pm V m
∂t
b) Mass balance for the adsorbent bed
∂ρ
∂w
1 ∂ (r ρ v v 0 )
(2),
εt v +
+ (1 − ε t ) ρ s
=0
∂t
r
∂r
∂t
c) Energy balance for the adsorbent bed
∂ (ρ c T ) λ
(1 − ε t ) ∂ [ρ s (1 + w) c peq Ts ] + 1 ∂ (r ρv c pv Ts v0 ) + ε t v pv s = eq ∂ ⎛⎜ r ∂Ts ⎞⎟ + (1 − ε t ) ρ s ∆H ∂w (3),
∂t

∂t

r ∂r

r ∂r ⎝ ∂r ⎠

accompanied by the following initial and boundary conditions:
∂Ts
Tm t =0 = Ts t =0 = T0 ,
p t =0 = p0 ,
= 0,
∂r r = R
e
p r = R = pev / con
e

ad/desorption,

- λeq

∂t

∂Ts
= hw (Tm − Ts ),
∂r r = R
i
(4).

∂p
= 0 isosteric heating/cooling
∂r r = R
e

The differential equations (1)-(3) have been solved by the Crank-Nicholson scheme [Ferziger, 1981]: a
well-known implicit finite difference method. The simulation is able to provide time and radial
distribution of pressure within the adsorbent and the temperature profile of the adsorber. Then, it allows
determining the uptake distribution, the average values of the above mentioned variables and the heat
transfer rate. Finally, the overall system performance (basic cycle configuration) is determined in terms of
specific cooling power and cooling Coefficient of Performance (COP), whose values can be calculated
respectively as:
Ps c =

Q ev ,
m s t cycle

COPc =

Q ev
Qh

(5a,b).

Tables 1-2 list the main geometrical and thermo-physical input data used for simulations. The operating
conditions are typical of an air conditioning cycle. As already evidenced in our previous investigation
[Restuccia et al, 2002], where a full factorial design method [Johnson et al, 1964; Box et al, 1978] was
used to study the influence of some key parameters on the model results, the most critical parameters are
the adsorbent permeability to the vapour and the adsorbent thickness. In fact, they affect both mass and
heat transfer of the adsorbent bed. For this reason, in this paper, once the permeability values

corresponding to the examined adsorbent configurations were fixed (see Tab. 2), the adsorbent thickness
was varied between 1 and 8 mm for all the configurations, to cover every reasonable case.
Our advanced solution (zeolite synthesised on copper foam) is compared with an adsorbent bed made
with a consolidate layer of zeolite powder [Restuccia et al, 2001] and with a traditional loose pellets. The
values presented in Table 2 for the loose pellets and consolidate layer configurations were taken
according to Restuccia et al, 2002.
Table 1: Model input data: geometrical and operative parameters
Parameter
Initial temp. of metal and adsorber
Initial adsorber pressure
Cycle maximum temperature
Cycle minimum temperature
Evaporator temperature
Condenser temperature
Oil temperature during heating.
Oil temperature during cooling
Metal tube internal radius
Metal tube external radius
Adsorber axial length

Symbol
T0
p0
Tmax
Tmin
Tev
Tcon
Toil,h
Toil,c
Ri,m
Ri
L

Value
35 °C
1010 Pa
210 °C
35 °C
7 °C
35 °C
220 °C
25 °C
6 mm
7 mm
500 mm

The parameters for the zeolite synthesised on copper foam configuration were chosen in the following
way:
1) The wall heat transfer coefficient hw between synthesised zeolite and copper foam was assumed to be
1500 Wm-2K-1, according to [Cacciola, 1996].
2) The thermal resistance of the synthesised zeolite was considered negligible, due to the very thin
thickness of the layer (10 µm). Consequently, the equivalent thermal conductivity λeq of the copper +
zeolite sorbent, was assumed to be coincident to that of the copper foam.
3) The other sorbent parameters (e.g. permeability, bulk density, specific heat, etc.) were measured.
Table 2: Typical parameters for the different adsorbent configurations.
hw
K
cpm
λeq
ρs
ρm
Adsorbent configuration
Loose pellets
Synthesised on copper foam
Consolidated layer of powder

W m-2 K-1
20
1500
800

m2
10-9
10-8
5·10-12

W m-1 K-1
0.09
386
0.30

kg m-3
700
1300
800

kg m-3
2707
8954
8954

J kg-1 K-1
896
383
383

λm

W m-1 K-1
286
386
386

6

0.70

Synthesized on copper foam
Consolidated layer of powder
Loose pellets

5

0.65
Cooling COP

Specific cooling power, kW/kg

Main results of the model are presented in Figure 5. In particular, in Fig. 5a it is evident that the good heat
and mass transfer properties of the zeolite synthesised on the copper foam allow to have a very high
specific power, even for large thickness of the adsorber. The same is not evinced for the other bed
configurations, due to the specific thermo-physical properties (see Tab. 2). In particular, the very low
thermal conductivity of the loose pellets leads to strong heat transfer limitations, while the low vapour
permeability of the consolidate layer results in high mass transfer resistance.
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Figure 5a,b: Specific cooling power (a) and Cooling COP (b) vs. adsorbent thickness.
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As results from Fig. 5b, also the COP values calculated for our configuration are high (cooling COP =
0.60-0.65) if compared with the values obtained for the other two solutions (0.30-0.50). Finally, it must
be evidenced that the performance calculated by the model refer just to the adsorbent bed, and does not
take into consideration parasitic losses and inert masses of the machine; therefore, the real power and
COP of the full system is expected to be lower. Consequently, the values presented must be considered
mainly for comparative purposes of the three bed configurations. Notwithstanding, the encouraging
results obtained in this work show that it is possible to design an adsorptive machine which is compact,
light and competitive with other technologies used for heating/cooling applications.
6. Conclusions
An innovative adsorber, based on zeolite synthesised on copper foam for adsorption air conditioning, was
presented. Characterizations showed that the copper foam allows high water vapour permeability and that
the zeolite deposited on metal presents typical structure and sorption properties of a commercial 4A
zeolite. Modelling of this innovative adsorber allowed to calculate a Coefficient of Performance of 0.600.65 and a specific cooling power ranging from 1.5 to 5 kW kg-1, depending on the copper foam thickness
assumed. Such results are much better than those calculated for other “traditional” configurations.
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Abstract
The SOCOOL project focuses on the development of a small-scale combined cold, heat and power (trigeneration) system, which utilises the engine waste heat for cold production. It is demonstrated at the CRF
Eco-Canteen in Turin, Italy. The cooling machine is made of two separate sub-cooling systems, each of
which is to produce 5 kW of cooling power. One of the cooling systems is driven by ‘low-temperature’
engine cooling water, the other by ‘high-temperature’ engine exhaust gases. Tri-generation systems that use
heat-driven cooling offer the possibility of saving 15-20% primary energy.
The low-temperature-driven sorption-cooling machine was designed and built at ECN, The Netherlands. Its
performance was tested in our own laboratories, before shipment to Turin where it was integrated with the
internal combustion engine.
Introduction
Within the EU there is a growing demand for comfort cooling in the residential and commercial area. This
leads to increased primary energy usage, CO2 emissions and higher peak electricity demand [1]. The use of
tri-generation systems for the combined production of heat, cold and power can contribute to the reduction of
CO2 emissions and thus help in meeting Kyoto targets, when 'waste' heat is used to produce the cooling. The
SOCOOL project [2], funded under the EU Framework-5 Energy Programme, aims at the development of a
small-scale tri-generation system, with emphasis on the use of engine waste heat for cold production.
Small-scale tri-generation concepts offer the possibility for energy savings in the range of 15-20% [1] for
heating, cooling and power production, in comparison to conventional tri-generation technology based on
compression cooling systems. In addition, sorption-cooling systems may use natural refrigerants that have
zero ozone-depleting potential and zero global-warming impact.
Tri-generation is a well-known and proven technology for large-scale (>100kW electrical, 200kW thermal)
applications. However, for small-scale applications (<50kW cooling) no heat driven cooling systems are
available in the market.
The benefits for heat-driven cooling are, amongst others, a better utilization of thermal energy associated with
power production and a reduction of the afternoon peak electrical power demand due to the use of electric
chillers.
In the present study, the development and the performance of a solid-sorption cooling system driven by lowgrade heat from the jacket cooling water of an internal combustion engine are presented. The performance
targets for the cooling system are to reach a cooling power of 5 kW with a cooling power density >20 kW/m3.
This is to be achieved by applying advanced working pairs as well as an innovative heat exchanger design to
obtain the required high rates of heat and mass transfer in the solid sorbent bed. This paper addresses the
aspects of design, construction and laboratory testing of a small-scale low-temperature heat-driven solidsorption cooling machine.
System development and test procedure
The sorption-cooling system works with a heat source of 80-90°C and cooling water of 20-35°C, producing
cold at 6-10°C. Silica-gel + water was selected as the working pair for these operating temperatures. The
selected silica-gel, designated as Sorbsil A, was kindly provided by Ineos Silicas from the UK.
The basic layout includes two sorbent reactors operating in counter phase in order to obtain continuous cold
production, see Figure 1. Pneumatically-operated vacuum valves were installed to direct the water-vapour

flows; from sorbent to condenser and from the evaporator to the sorbent again. The condenser and evaporator
were both water-cooled plate-shell heat exchangers from Vahterus, Finland, designed for 5 kW thermal
capacities. To maintain the necessary pressure difference between the condenser and evaporator, a U-tube
was installed. A pump was used to continuously wet the evaporator surface area. A demister or separator was
placed in the vapour line to prevent water droplets from entering the sorbent reactors.

Figure 1: Basic system layout of the sorption cooling system

The key component of the solid-sorption cooling system is the sorbent heat exchanger. As a building block a
1.4 kg compact aluminium automotive plate-fin heat exchanger was selected (Figure 2), through which the
heat-transfer medium is conducted in 3 passes. The inter-plate distance was 8 mm. Fins were stacked between
the plates with a fin pitch of 3.5 mm. The specific surface area of the heat exchanger was estimated to be 950
m2/m3 including fin surface and 175 m2/m3 without. With outer dimensions of 200 x 265 x 65 mm, the total
volume of the heat exchanger amounted to about 3.5 dm3. The heat exchanger was filled in between the fins
with about 1.5 kg of dry micro-porous silica-gel grains of 0.2-1.0 mm in diameter, resulting in a sorbent-tometal mass ratio of slightly above unity. A wire mesh was wrapped around the heat exchanger to contain the
silica-gel grains. Tests on the heat-transfer rate and cooling performance obtained with this specific type of
heat exchanger were reported earlier [4]. Based on these results, supported also by system model calculations,
the design of the sorption reactors was defined. Both sorption reactors consisted of six filled plate-fin heat
exchangers stacked together in parallel flow mode (Figure 3).

Figure 2: Plate fin heat exchanger to be used as sorbent reactor (left) and detail of a silica-gel filled part of the
heat exchanger (right).

A plate-shell heat exchanger was used as evaporator (Figure 3, middle). It comprised 100 corrugated plates
with a total heat-exchange surface area of 3.1 m2. The plate stack is positioned eccentrically towards the
bottom to allow for a better distribution of the water, which enters from the top by two spray nozzles. The
vapour generated on the exchange surface leaves the evaporator at the bottom. The water to be chilled flows
through the plates.

Figure 3: Design drawings of the assembly of 6 plate-fin heat exchangers in the sorbent reactor (left), the plateshell evaporator (middle) and the condenser (right). The green sections in the middle represent the plate area; the
blue parts are support/separator plates

The condenser was constructed similarly, except that the plate stack is positioned in the middle and the
housing is slightly smaller. The water vapour enters from the top, condenses, and leaves at the bottom. The
cooling-water flows through the plates. Both evaporator and condenser are made of fully-welded stainless
steel.
The total volumes of the four vessels that contain the heat exchangers add up to 210 dm3. The total volume of
the active heat-exchanging components is 62 dm3.
All the thermal components were assembled together in a test-rig, see Figure 4. External heating, cooling and
chilled water circuits were connected to mimic operating temperatures and flow rates of the tri-generator
system. The sorption reactor and condenser were connected in parallel with respect to the cooling water, in
order to achieve the lowest possible temperatures for both components.

Figure 4: Design drawing of the test-rig (left) and a photograph of the test-rig in the laboratory (right)

A PLC system controlled the operation of the vacuum valves as well as the valves in the heating and coolingwater circuits. The test-rig was equipped with flow, temperature and pressure measurement devices to
measure thermal powers transferred to every heat-exchanging component of the cooling system and to
monitor proper operation of each component. A test program was executed to characterize the cooling power
and COP of the cooling system under varying operating temperatures.
Results
The first experiments were dedicated to the identification of the optimum cycle time of the sorption reactors
(Figure 5). During these 'scanning' experiments a good compromise between the chilling power and the COP
was found at a cycle time of 15 minutes. One thermal cycle consisted of 7 minutes of heating followed by a
30–second interval, then 7 minutes of cooling, and again a 30-second interval before repeating the whole

cycle. At the start of the intervals only the heat-transfer fluid flows at the inlet of both reactors were switched;
at the end of the intervals, also the flows at the exit were switched. In this way, the hot water, still present in
the heat-exchanger stack at the beginning of the interval, is prevented from entering the cooling-water circuit
directly and, similarly, the relatively cold cooling water is prevented from entering the hot-water circuit. Yet
after 30 seconds, when the temperature of the streams emerging from both heat-exchanger stacks were
allowed to level somewhat, connections to the ‘proper’ circuits were made. With this procedure, less heat is
short-circuited during switching, and therefore the COP of the system is increased.
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Figure 5: Chilling power and COP as a function of cycle time at inlet temperatures Theating 85 °C,
Tcooling 25 °C, T chilling 15 °C
The standard operating conditions as well as the temperature ranges used to test the performance of the
cooling system are summarized in Table 1. The design flow rates through the sorbent reactors for heating and
cooling were 1.4 m3/h. The actual flow rates obtained were, due to restrictions in the tube layout, only 70% of
the design value.
Table 1: Applied operating conditions and results for the test-rig
Water circuit
heating reactor
cooling reactor
cooling condenser
chilling evaporator

Flow rate
[m3/h]
0.97
0.91
0.83
0.66

Standard inlet
temperature [°C]
87
25
25
12

Temperature ranges for testing
[°C]
73-91
21-43
21-43
6-25

Average thermal power
[kW]
5.6
6.6
4.0
3.6

The thermal power profiles of the sorbent reactors, the condenser and the evaporator during a 15-minute
cycle are shown below in Figure 6.
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Figure 6: Thermal power for heating the sorbent reactor, cooling of the condenser and chilling of the
evaporator during the 15-minute cycle under standard conditions

It can be seen that the chilling power of the evaporator remained fairly stable in the range of 4-3 kW over the
cycle except for a 1-minute dip directly after switching (the temperature of) the heat-transfer medium through
the sorbent reactors. The thermal powers for heating and condensation fluctuated much more.
The thermal power transferred by the evaporator (P chilling) as a function of the cooling-water inlet
temperatures is shown in the left-hand side of Figure 7. At standard conditions the average chilling power
was 3.6 kW. This corresponds to 200 W of chilling power per kg dry silica-gel. Considering the volume of
the heat exchangers in the system alone, a volumetric thermal power density of 58 kW/m3 is calculated.
However, the power density only remains 17 kW/m3 for the system as a whole.
The chilling power decreased almost linearly with increasing cooling-water temperature (Figure 7). The
targeted 5 kW of chilling power was reached only under favourable operating temperatures, i.e. 20°C chilledwater inlet and 20°C cooling-water inlet. On the right-hand side of Figure 7 the change of cooling power and
COP as a function of the heat-source inlet temperature is shown. The performance in terms of chilling power
and COP changes only slightly over the range 70 - 90°C of driving temperature.
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Figure 7: Cooling power as a function of the cooling-water inlet temperature at different chilled-water
(T evap) temperatures (left). Cooling power and average COP at different heat-source inlet
temperature (right)
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Figure 8: (Specific) average chilling power and average COP as a function of the chilled-water inlet
temperature
Figure 8 shows the measured average chilling power and COP with varying chilled-water inlet temperatures.
The chilling power increases almost linearly with increasing chilled-water inlet temperature from 5-20°C.

Discussion and Conclusions
The solid-sorption cooling system developed for small-scale tri-generation applications can meet the desired
thermal performance in terms of chilling power (5kW) as well as the required power density (>20 kW/m3). At
this stage, however, the targeted performance is only reached under favourable temperature conditions. A
further increase in chilling power is expected when the flow rates through the sorbent reactors during heating
and cooling are increased to their original design values. The actual values of just below 1 m3/h were only at
70% of the design flow rates of 1.4 m3/h. The overall heat-transfer rate in the sorbent reactors is therefore
reduced with respect to its design value, resulting in a reduced overall system performance. The future tests at
the ECO-Canteen will be performed with the higher flow rates.
Taken into account that the laboratory system was spaciously built, there remains ample room to improve the
power density of future systems, viz. by placing more heat-exchanging components in a single vacuum
containment, and/or by using a containment that more tightly envelops the heat exchangers.
The inlet temperature of the chilled-water circuit was found to have a large influence on the system’s
performance; a lower chilled-water temperature led to less chilling power. The temperature of the heat source
in the range of 70-90°C has little influence on the system’s performance.
The performance of the evaporator was limited because of poor wetting of the surface area. The wetting was
imperfect due to a badly functioning pump in the internal water circuit. Improved active wetting of the
evaporator heat-exchange surface area is expected to increase the overall system performance.
The thermal powers transferred to the sorbent reactors during the heating and cooling phases fluctuate very
strongly. This fluctuation of thermal power is an aspect of solid-sorption cooling systems that has to be
considered carefully when integrating such a cooling system with a heat source, such as an internal
combustion engine that may not be capable of coping with these strong thermal power fluctuations.
Integrating a thermal-storage unit in between the engine and the cooling system, or installation of an
improved control system, is expected to solve this problem.
Heat recovery is performed in an interval of about 30 seconds between the switching of the reactor inlet
valves and switching of the outlet valves of the water circuits. This avoids mixing of hot water from one
reactor with the cooling-water circuit and cooling water from the other reactor with the hot-water circuit, until
the temperature of both flows are somewhat levelled. The thermal energy contained in this water would
otherwise be completely destroyed, resulting in a significantly lower COP. Test results obtained without the
use of this switching interval indicated a more than 30% decrease of efficiency, with a COP of about 0.4.
The cooling system is now installed at the Eco-canteen demonstration site at project partner CRF and is
connected to the co-generator unit. The first tests have been performed, indicating proper operation of the
cooling system combined with the co-generator. Further testing is foreseen during the summer period of
2006.
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Abstract
Underground railway system usage is growing throughout the developing world and in many cities
the underground railway is the most commonly used form of public transport. The heavy use of
electrically propelled train carriages within these systems can generate substantial quantities of
rejected heat energy. This energy can significantly increase air temperatures within the trains and
tunnels. When coupled to high ambient temperatures this can lead to passenger discomfort and
health issues. Conventional air conditioning systems have been used in some modern underground
railway installations but their operation has had limitations and they are energy intensive solutions.
Conventional air conditioning often cannot easily be included in older systems through heat
ejection and unit size problems.
Sustainable cooling systems could easily reduce the overall system energy usage and provide an
acceptable environment for passengers. These could include energy management methods such as
reduced train velocity, low weight carriages as well as sustainable cooling technologies that have
been introduced from conventional building services engineering such as groundwater and
geothermal cooling. These are not included in current operational underground railways partly
because of modelling difficulties from current mathematical models.
This paper describes a novel validated mathematical model that has been developed specifically to
evaluate the heat transfer in an infinite heat sink such as those that surround underground railway
systems. The paper establishes the methodology of equivalent thermal resistance when modelling
an infinite heat sink with heat pipes embedded in it. This methodology is validated against a
laboratory experiment and shown to be effective
Nomenclature
Symbol
SubScript
R
Thermal resistance
hpMod
U
Thermal transmittance
ss
Ψ
Equivalent linear factor
surf
tl

Heat pipe modified soil
Surrounding soil
Surface
Tunnel Liner

Introduction
Underground railway systems can generate enough heat from their operations to raise tunnel and
station temperatures as much as 8 to 12K above outdoor temperatures, the greatest differences
being at night and in the early morning hours, New York City Authority. Passenger discomfort will
result in warm weather conditions if the underground railway environment is not cooled.
Ventilating an underground railway environment in which there is to be heavy traffic of electrically
propelled rapid transit trains differ from those normally encountered in conventional building
services projects. The heat generated by the train motors and electric lighting, together with body
heat from passengers, is so great that excessive temperatures would prevail in summer when
limited cooling is available. The installation of in car air-conditioning units adds another major heat
source in the tunnel. This heat must be ejected from the tunnel system to make in car airconditioning units an effective solution for both the train and the tunnel.

Despite the ground surrounding the railway network being at a constant year round temperature of
approximately 15C̊, Cockram & Birnie (1976), the tunnel network regularly reaches temperatures
of 30C̊ in summer with train temperatures in excess of 36C̊ being reported, BRE (2004). The
cooling potential of the ground is not being exploited. In particular the capacitance of the tunnels,
the use of cold groundwater and nighttime ventilation cooling has not been utilized. This is partly
due to the lack of accurate mathematical modelling to assist the design engineer, Thompson et al.
(2004). Effective use of the natural heat sink effect would require minimal disruption to install on
an underground railway. This would make the use of the heat sink effect an attractive option for
delivering cooling to underground railways. Utilizing the heat sink effect of the ground requires
accurate mathematical modeling of the whole thermal environment.
The need in modern society to provide sustainable and low energy solutions to engineering
problems is recognised through national and international legislation, Rybach (2003). This has
produced an expansion in the use of low energy cooling strategies in buildings. Low energy is
defined for the purposes of this paper as solutions, which provide cooling with minimal net energy
input required. This could involve the use of groundwater, thermal storage, nighttime and seasonal
ventilation and phase change materials, Ampofo et al. (2004a), Seaman et al. (2000).
This paper presents a novel validated mathematical model that can be used to investigate infinite
heat sinks such as those that surround underground railways. The novel infinite heat sink module is
itself part of a further model used to investigate underground railway thermal environments. The
paper also shows that a modified heat sink can be accurately described using an equivalent thermal
resistance defined using a linear factor applied to the thermal conductivity parameter. This
equivalent parameter is characterized and shown to be effective in the calculation of heat transfer
across an infinite heat sink.
Transient Underground Railway Thermal Load Evaluator (TURTLE)
Underground railway thermal mathematical models have limited application to sustainable and low
energy cooling systems mostly because of large inaccuracies in the modelling of the ground and the
heat sink effect, Thompson et al. (2004), Thompson et al. (2005). Traditional models are concerned
with simulating peak loads to determine plant size rather than to evaluate the effect of various
cooling strategies applied to the underground railways system. The authors have previously
developed a steady state mathematical model that demonstrated the possibilities of using
sustainable cooling on underground railways. This model was reported in Ampofo et al (2004b),
and updated in Thompson et al (2005). The authors have now developed a new model called
TURTLE (Transient Underground Railway Thermal Load Evaluator), which is an extension of the
initial model. TURTLE is written in EES (Engineering Equation Solver) created by f-Chart
software, F-Chart (2003). EES enables the equations to be grouped by section rather than by
solution order. This in turn allows the model to develop in stages enhancing a section at a time with
no interdependence or order of solution problems. This allows easy development of the model in
physically meaningful sections. EES allows parametric analysis for all variables in the system and
has built in psychometric functions, which enables the calculation of humidity and thermal comfort
for both the train and tunnel.
TURTLE has been designed to operate on a generic deep line underground railway tunnel section.
The model uses the geometric and thermofluid properties of the railway under investigation to
determine its solutions. It predicts temperature, humidity and thermal comfort parameters under
year round representative conditions. TURTLE can be used to simulate current operating
conditions as well as to investigate the effects possible changes could have upon a network.
TURTLE has been constructed to be very general in nature to allow for easy parametric analysis
and sensitivity studies to be performed on all aspects of underground railway design.
Methodology of TURTLE
TURTLE is a quasi-steady system which is time marched according to a user specified T.
TURTLE is divided into two sections. The infinite heat sink module and the energy balance

module. The heat sink module has been developed using radial co-ordinates and it is assumed that
there is radial symmetry and the cross sectional shape of the system is exactly circular. This is not
true but a sensitivity study showed that a variation in cross section shape had only marginal effect
on the temperature distribution through the ground, Thompson (2006). The energy balance module
logic is identical to the earlier steady state model presented by the authors, Thompson et al. (2005).
The difference being that the inputs can be changed with time depending on the time step of the
global system. This allows rush hour effects to be included as well as allowing simulations of
nighttime cooling and seasonal effects to be included.
TURTLE uses a variable control volume solution system. The control volume is related to the
distance a train can travel before another train will arrive at the start point thus ensuring each
control volume contains only 1 train. This control volume system allows the effect of greater
capacity trains against more frequent smaller train systems to be compared quickly. The final major
assumption that TURTLE uses is that the material properties are all uniform. This allows TURTLE
to use fewer equations and therefore allows computing time to be decreased. This assumption is not
thought to be overly limiting because a detailed sensitivity study showed that a variation in material
properties of 5% causes a change in temperature throughout the surrounding ground of less than
0.3 K, Thompson (2006).
The infinite heat sink module of TURTLE solves the radial heat transfer equation across an annular
region with a given initial temperature profile through the soil. There is no generation term
included in this equation because there is no generation system within the heat sink section of the
system. TURTLE uses the tunnel liner surface temperature and the far field radius soil temperature
as boundary conditions for the system. The finite difference representation of this equation after the
assumptions have been applied is given in Equation 1.
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Equation 1 is inherently unstable because of the final term of the equation. Therefore, a stability
criterion is required. This is derived from the final term of Equation 1, the Fourier number must be
0.5 or less to prevent numerical instability. This gives a restriction on the combinations of step
change in distance and time. TURTLE allows for the calculation across a variety of materials
because the tunnel liner is invariably different to the surrounding soil. These materials will have a
different value of thermal diffusivity, which gives rise to different Fourier numbers. TURTLE
attempts to keep the Fourier number and time step constant through both materials and therefore
the radial step is varied from one material to the next.
TURTLE was validated against an experiment conducted in the laboratory. The laboratory
experiment is described and experiments detailed by Thompson et al. (2006b). The results were
compared against TURTLE 1.19. The validation was performed under both steady state and
transient conditions. For full details of the validation please refer to Thompson (2006).
Geothermal Cooling
The heat sink effect provided by the ground surrounding an underground railway running without
an air-conditioning unit accounts for approximately 30% of the cooling load, Ampofo et al.
(2004b). If this value can be enhanced then additional cooling becomes available. To enhance the
effect of the heat sink would require an alteration in the thermal topography of the system. This can
be achieved with the inclusion of heat pipes in the surrounding soil. The methodology of this
cooling system was presented in an earlier paper by the authors, Thompson et al (2006a).
The heat pipes move the heat energy deeper into the soil than it is otherwise possible to do. This
allows a greater mass and volume of soil to be used to transmit or store heat energy. This increases
the capacitance of the system, which in turn evens out the temperature profile of the system. This is
in addition to a reduction in the temperature difference required to transmit the heat energy across

the rig. There is also a time lag effect introduced by the heat pipes when compared to the original
system. This is a sign that the thermal diffusivity of the system has increased. This is due to the
change in thermal conductivity brought about through the introduction of heat pipes. The thermal
conductivity of the ground is modified with the introduction of heat pipes. Thompson (2006)
shows that the greater the thermal conductivity of the heat pipe modified soil the lower the
temperature difference required to transmit the same heat energy. The system also reduces the
controlling thermal resistance. The additional capacitance also provides natural temperature
regulation, which can be used to reduce the cooling load required in a system. These two
mechanisms in combination can assist geothermal cooling’s effectiveness in underground railway
installations. Particularly in the provision of thermal comfort by greatly reducing the radiant
temperature from the wall surfaces as well as the tunnel dry air temperature.
Modelling the Inclusion of Heat Pipes in an Infinite Heat Sink
TURTLE’s heat sink module was adapted into a series of concentric annuli, which have separately
defined thermal properties. The tunnel liner region, the heat pipe region and the far soil region. The
tunnel liner and the far soil region are the same set up as used before the heat pipes were included.
The nature of the heat pipe enhanced heat transfer must now be characterized. The existence of a
simple factor that relates the thermal conductivity of the heat pipe enhanced to the basic soil would
allow simplified calculations to be carried out. A proposed linear factor is shown in Equation 2.
Equation 2

k hpMod k ss

If Equation 2 is correct then the heat transfer over a heat pipe enhanced infinite heat sink can be
modelled by applying a proportionality factor. Such a factor can be established using the thermal
transmittance of the separate materials multiplied by a proportionality factor and then summing
these together. The thermal transmittance is calculated based upon the equation given in Equation
3. The thermal transmittance is then used to calculate the modification factor defined in Equation 4.
The volume used for the proportionality calculation is that taken up by the heat pipes or the
surrounding soil in a given repeatable section. The area used in the proportionality calculations is
the cross sectional area in the direction of heat transfer at the point where this is maximal for the
heat pipe. The proportionality factor is then the volume proportion divided by the area proportion.
This is shown in Equation 5.
Equation 3
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The factor can now be applied to the thermal conductivity of the surrounding material to allow for
the effect of the heat pipe modification. This new thermal conductivity is used across the length of
the heat pipe only. The modified thermal conductivity that is used in the heat pipe region provides a
more linear region of heat transfer within the overall system. Therefore the system is represented
using the parameters shown in Table 1.
Table 1 - Heat transfer across an infinite heat sink found in an underground railway
Tunnel Liner
Heat Pipe Region
Surrounding Soil
Thermal Conductivity
Ktl
ΨKss
Kss
Thermal Diffusivity
αtl
Ψαss
α
ss
The linear factor allows the whole system to be represented using known values in a series of
simple concentric annuli. This improves the calculation speed of TURTLE by allowing a 2D
representation of the system rather than being forced to use a 3D representation of the heat pipe
arrangement. This 2D representation improves computational speed and also greatly simplifies the
input required by the model. This modelling methodology was validated against results from the

laboratory using the initial conditions, copper tube temperature and steel box profile respectively as
initial and boundary modelling conditions. For full details refer to Thompson (2006).
A series of investigations were performed with the model one of the most interesting being into the
effects of combining air conditioning with geothermal cooling. This investigation is shown in
Figure 1 and Figure 2. It can be seen that by combining the two cooling systems the negative
effects of the temperature increase in the tunnel that an air-conditioner provides are removed by the
inclusion of geothermal cooling. This is achieved while lowering the train temperature still further
than with air conditioning alone.
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Figure 1 – Investigation into air conditioning and geothermal cooling in train
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Figure 2 – Investigation into air conditioning and geothermal cooling in tunnel

Conclusions
Current thermal modelling of underground railways does not allow for the successful modelling of
sustainable cooling systems. This is because of poor modelling of the heat sink effect, thermal
storage and other capacitance issues. This has led to a need to improve the modelling of these
effects under the complex environment of an underground railway tunnel.

This paper has looked into improving the modelling of this aspect of underground railways. This
new modelling methodology has been validated against a laboratory-based experiment. This new
model is capable of evaluating the capacitance, thermal storage and other effects that some low
energy models rely upon. This paper has shown that the modelling of an infinite heat sink, which
has been modified with heat pipes can be accurately done using an equivalent thermal resistance
obtained by applying a linear factor to the thermal conductivity of the heat sink. This linear factor
has been proposed and defined.
This paper has also presented a novel validated mathematical model that provides an initial
overview of the heat transfer in an infinite heat sink such as those that surround underground
railway systems. The ground heat sink effect is transiently modelled to provide a full thermal map
of the heat sink. The model is able to adapt to effectively model ground that has been modified to
include heat pipes and has shown the potential of this method to provide enhanced geothermal
cooling through a substantial change in the thermal topography of the system. This change
introduces additional capacitance to the system as well as transmitting the same levels of energy
across a smaller temperature change. This heat sink model has now been integrated with the
authors earlier energy balance model to allow sustainable methods to be investigated when applied
to underground railways.
Acknowlegements
The authors would like to acknowledge the support of the Engineering and Physical Sciences
Research Council and London Underground Ltd in this research.
References
Ampofo F., Maidment G.G. and Missenden J.F., Underground Railway Environment in the UK
Part 3: Methods of delivering Cooling, Applied Thermal Engineering, 2004a, 24 pp 647 – 659
Ampofo F., Maidment G.G. and Missenden J.F., Underground Railway Environment in the UK
Part 2: Investigation of Heat Load, Applied Thermal Engineering, 2004b, 24 pp 633 – 645
BRE Report 211738, Understanding thermal comfort on London Underground trains and stations –
Summer survey, Building Research Establishment, 2004
Cockram I.J. and Birnie G.R., The ventilation of London’s Underground Railway, 2nd Int Symp on
the Aerodynamics and Ventilation of Vehicle Tunnels, Cambridge, 1976
Coleman H.W. and Steele W.G., Experimentation and Uncertainty Analysis for Engineers, Second
Edition, John Wiley and Sons, ISBN 0-471-12146-0, 1999
F-chart software, www.f-chart.com, 2003
New York City Transit Authority, An air conditioning study of the New York City transit system,
Part I: A thermal system model and equipment valuation
Rybach L., Geothermal Energy: Sustainability and the Environment, Geothermics, 2003, 32, pp
463 – 470
Seaman A., Martin A. and Sands J., HVAC Thermal Storage: Practical Application and
Performance Issues, BSRIA Application Guide, AG 11/2000, 2000
Thompson J.A., Maidment G.G., Karayiannis T.G. and Missenden J.F., Modelling of Low Energy
Cooling Strategies for Underground Railways, 18th Int Conf Efficiency, Cost, Optimization,
Simulation and Environmental Impact of Energy Systems, Norway, 2005
Thompson J.A., Maidment G.G., Karayiannis T.G., Missenden J.F. and Ampofo F., Low Energy
Cooling Strategies on Underground Railways, 3rd Int Conf Heat Powered Cycles, Cyprus, 2004
Thompson J.A., Maidment G.G., Missenden J.F. and Ampofo F., Evaluation of underground
railway networks operating sustainable cooling systems, Engineering the Future CIBSE, 2006 a
Thompson J.A., Maidment G.G., Missenden J.F. and Ampofo F., Geothermal cooling through
enhancement of the natural heat sink effect - Proof of concept, Experimental Thermal and Fluid
Science Accepted for publication on 7/6/06, 2006b
Thompson J.A., Sustainable cooling of underground railways through enhancement of the heat sink
effect, PhD Thesis, London South Bank University, 2006

SUSTAINABLE ENEGRY SOURCES – ANOTHER DIMENSION:
Sensitizing Young People in Sustainable Energy Issues
Through EU Programs
Stelios Christophides
BSc (HTI), BSc(Hons), MA
Vice Principal
A’ Limassol Technical School – Cyprus
Telephone Number: 00357 99450925
E-mail: stelioschristophides@yahoo.co.uk

ABSTRACT
The environmental problems that planet Earth is facing due to the use of conventional fuels and their
emissions are well known to the scientists as well as the efforts that are made in the recent years to decrease
the problem. It is as well known that the use of sustainable fuels is not any more a wish. It is a must, a big
must if we are to give a living planet to the coming generations.
Hopefully EU political leaders have realized this problem and they have adopted measures that encourage
research and give support to those, organizations or individuals, that decide to develop such plans. In
addition, EU has set a target that all EU Member States should, by year 2010; take such measures that the
12% of the total energy consumption in each state should be from renewable energy sources.
Research is taking place all over the world in an effort to invent new technologies of renewable energy
exploitation, to find ways for increasing the efficiency of existing technologies and to find new sustainable
sources. International conferences like this constitute the stage on which such research sees the light of
publicity. It constitutes the stage at which knew information, methods and techniques, knowledge and
experience is shared between the scientists.
Even if all these are achieved, however, the problem will not be solved, unless an environmental and energy
“sensitivity” is created among the people on the planet. It is therefore equally important that measures should
be taken, so as to make people and especially young people sensitive in Renewable Energy. If the new
generation is brought up with the renewable energy they will face it as a “friend” and it will be easier to adopt
it and live with it. Our generation has grown up with oil and coal as energy sources. It is not easy now to
change the generation´s habits, to change what this generation has brought up with, and lived with for so
many years.
This paper attempts to cover the part of sensitizing people and specifically the young people, the new
generation. If this is achieved then the research scientists have been carrying out over the last years on the
large issue of sustainable energy will find a good place to grow and produce crops for the benefit of planet
Earth.
The paper presents the example of A’ Limassol Technical School in Cyprus. A secondary Technical school in
a town of a small island that gave very good results and it is worth to be presented. The school has developed
a policy to sensitize its students, their parents and the social environment on sustainable energy issues
through EU exchange programs. The effort started four years ago and it seems to have good results.

HOW IT STARTED
Four years ago two Electrical Engineering instructors under a school’s Electrical Engineering deputy head
tried to enter an EU Socrates-Comenius program with Drenthe College in Emmen, Netherlands. Socrates –
Comenius programs are language programs. The school however managed to promote its policy through a
language program by combining the language and the social part of the program with a technical part on
European Installation Bus (EIB).
It was then that I was asked to undertake the program as a school coordinator and suggested that the
classroom where the EIB system was to be installed could cover its energy needs from the sun via a
Photovoltaic System, thus sensitizing our students and our society about this important energy and
environmental issue. The suggestion was found interesting, taking into account that Cyprus is a country
having sunshine for about 350 out of the 365 days of the year.
The only problem was the investment cost of such a system which is not, of course, covered by any language
program. We managed to get some promises from some organizations in Cyprus that would fund the effort so
the sustainable energy issue was included in our program.
A few months later the Socrates-Comenius program was approved. The two groups met for the first time in
the Netherlands. Together with their linguistic and social part of the program the students and their teachers
started studying about EIB, solar energy and Photovoltaics. We were very surprised to find out how little
knowledge, both the students and the teachers had about this important issue. It was even more suprising to
find the even less knowledge students and teachers had about other forms of sustainable energy so we
decided to promote the idea of establishing an effort to make our students, their parents, our teachers and our
social environment aware if it.
THE FIRST EU PROGRAM
While in the Netherlands the two teams combined the language and social part of the program with the study
of EIB and photovoltaics and started designing the solar system that was going to be installed in Cyprus. At
the beginning we faced difficulties but we managed to overcome them.
The design was completed in the second exchange when the students from the Netherlands came to Cyprus.
The financial problem was as well solved after the Electricity Authority of Cyprus has sensitized with our
effort and funded the photovoltaic system. As a result a Photovoltaic array composed of 12 Cells was
installed on the roof of the classroom as a part of the program’s final product. The electrical energy produced
by the system is going into the room, saved in batteries and it is used to cover the classroom’s energy needs.
Many students and teachers were around when the program was running and they were interested to learn
about what we were doing. The student’s parents as well keep calling and asking information about the
project. Having noticed the interest on the subject we encouraged and helped the students to make their new
knowledge known. So as a part of the program the students and teachers
o
o
o
o
o
o

Prepared and published in the press many articles about their photovoltaic system
Prepare a power point presentation which they presented to their teachers and fellow students
Published a lot of articles in the schools publication
Invited the parents association at school and they presented their work
Invited the local authorities and they presented their work on solar energy
Invited officials from the sponsoring company and presented their work and their final product to
them.

THE SECOND PROGRAM
The success of the program as well as the people’s sensitization on electricity production from solar energy
was obvious and gave us the inspiration to continue the effort. As a result the year after the solar system was
completed we applied for a new Socrates Comenius program. Our school was the coordinator of the new
program so we made it to suit our target and our policy. The school entered the program in collaboration with
Zespol School, in Zywiec, Poland.
The main aims of this program were:
 To make students aware of the most important types of sustainable energy (not only solar),
 To spread the knowledge and experiences they get to as many people as possible and
 To develop a wind energy generating system next to the existing solar system.
A mechanical engineer, an electrical engineering and a technology teacher specialized in ecology, together
with 3 language teachers sensitive in environmental issues from the schools, designed the program in such a
way so as to get the students involved as much as possible and develop among the students a sensitivity in
ecological, energy and environmental issues. To achieve this the program combined the visit to another
country and the fan that students want, with lectures, discussions, presentations and study visits to renewable
energy plans and units. All these were made with the two groups working together.
During the program the students were involved in lectures, discussions, presentations and study visits to
renewable energy plans and units as follows:
1.
2.
3.
4.
5.
6.
7.
8.

Sustainable Energy Sources
Wind Energy – Wind Generators – Wind Parks
Hydroelectric Energy - Hydroelectric Energy Plans
Geothermal Energy – Geothermal Energy Plans
Solar Energy Exploitation
The Use of Photovoltaics in Electricity Production
The Solar Water Heater and How it works
Biofuels (Bio-diesel, Bio-gas) and how they are Produced

After the end of the exchanges the students of each school worked separately and made projects in their own
language, based on their new knowledge and experiences. The work of the two groups was then gathered
together to become a publication which includes the technical part together with the language and of course
the social part of the program.
In addition the two groups worked together, designed and installed a small wind generator unit, next to the
existing solar photovoltaic unit in A’ Limassol Technical School.
As a result of the project the teams became very much sensitive on the sustainable energy issue, but this is the
least benefit of the program. Both teams have done a huge job after the end of the project.
o
o
o
o

They prepared and published in the press many articles about sustainable energy issues
They prepare a power point presentation which they presented to their teachers and fellow students
about the subjects they learn
They published a lot of articles in the schools publications about all the above mentioned areas of
sustainable energy exploitation
They invited the parents association and the local authorities and they presented their work on
sustainable energy as well as their wind generator

In addition the Cypriot students
o
o
o
o

Invited the National Technical Education Graduation Association and presented their work
Presented the importance of the use of sustainable energy and their work in a TV program
Participated in the Cyprus International Education Fair and presented their work
Participated in the celebrations for the 50 years of their school and presented their work

The program’s work therefore has used not only in the limited area of the schools but it has brought to larger
masses of people in the two countries. In addition the plan stays there for the coming students to see every
single day and live with it. It is also there to become a place for other schools to bring their students and do
their sustainable energy lessons, as well as ecology lessons there, at the plan.
THE FUTURE
The school has evaluated very carefully the results of the two programs and came to the conclusion that the
benefits were not just what was expected from a European language exchange program. The sensitization
among the groups among their families, the school in general as well as the social environment was most
important. Ecology, energy and environment were the parts mostly benefited as the sensitivity on the people
has been greatly increased as a result of the two programs. For these reasons the school decided to continue
the effort.
The students in a school are not the same every year so the effort, according to the school decision, should be
continued and add in the previous work done. As a result the school has made plans for the future which are
based on the decision to “continue and add” on what we have already done.
We have already found teachers that have sensitized from the previous programs and came with suggestions.
We studied these suggestions and the school priorities have now been based on two areas. The one is dealing
with solar cooling in Cyprus where there is a lot of sunshine. We have already applied for a third Socrates
Comenius program, with a school from Germany this time. If it is approved, the solar cooling issue will be
studied and possibly a small solar cooling system will be developed.
The second priority we set was the study of Bio – diesel as a sustainable energy source. The teachers that are
interested have expressed the idea of promoting a general study on Bio – fuels and Bio-diesel manufacturing
as well as the development of a small experimental unit of producing Bio – diesel from used vegetable oils.
The second project as far as the school is concerned is now at the stage of the preparatory study by a team of
teachers in the school. We are also at the stage of searching for a school in a European country which will be
interested to get involved in a specialized area like this.
THE BENEFITS
This effort is not an invention of any new technology. It is not an improvement of an existing technology. It
is not a scientific achievement. It is, however, a living example of how a small group of teachers and
students, young students, with very limited recourses and knowledge can become so sensitive in a very
important aspect of modern life. It is additionally important, how these “few” have made their new
knowledge known to other people and even to large masses of people.
We started this effort in an environment where nobody was talking or thinking about renewable energy or
renewable energy sources and we came to the stage that everybody around us know, talk and are interested in
this issue. We have managed to sensitize all the organizations and the institutions dealing with energy issues
in our country about what we are doing in the school.

We strongly believe that if in every part of the world such programs take place we can make young people
more and more sensitive on sustainable energy issues. Only by sensitizing people we could hope that the
coming generations would have a chance to live on our planet. On a living planet!
CONCLUSIONS
An effort which started as a European Socrates – Comenius language project four years ago has been
developed by a small group of interested and sensitized teachers in a school to a continuing sustainable
energy program.
More and more people in the school are getting sensitized and come with new ideas and with new issues
preparing and sensitizing their new students.
Bigger and bigger masses of students in the school were interested to know about sustainable energy
something that they know now what it is because they see the plans there, everyday.
Parents started coming to school and asking about sustainable energy issues and they are interested in getting
their children involved in one of the future programs.
Organizations and institutions dealing with energy issues in our country like the Electricity Authority of
Cyprus, the Technology Institution, the Energy Department of Cyprus and the Cyprus Energy Coordinator
expressed their interest in what it is taking place at the school and fund our efforts
Finally we observe everyday a growing interest and a growing sensitization of our social environment on
ecology, sustainable energy and environmental issues as a result of our school’s effort.
We strongly believe that this sensitization of people is something equally important to the research effort
made by the scientists and it is in this dimension that is presented to this conference.
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Abstract
The concern over the effects of ozone depletion and global warming have led to increased efforts in
reducing green house gas emissions including those associated with the refrigeration of foodstuffs
and air conditioning. According to the Intergovernmental Panel on Climate Change (IPCC) the
strong warming of the last 50 years cannot be explained by natural climate variations alone, but
requires the inclusion of the effects of human emissions leading to a 0.6°C increase in an average
global surface temperature over the 20th century. The current climate models predict that global
temperatures will rise by a further 1.4 to 5.8° C by the end of the 21st century. Therefore, the use of
heat powered refrigerators has the potential to produce a significant reduction of damaging
emissions, particularly when the driving power comes from low-grade waste or renewable heat
sources. However, many conventional cycles are limited in application as they either require
additional electrical supply or have low efficiency. This paper describes pumpless absorption
systems and introduces the state of art novel standalone high efficiency absorption cycle.
Introduction
According to the International Institute of Refrigeration, 1993 refrigeration produced around 10%
of the total radiative force worldwide. Approximately 20% of this was due to direct leakage of
greenhouse gas refrigerants from refrigeration systems [1]. However, 80% is due to indirect
emissions through the release of carbon dioxide in the generation of electricity to power
refrigeration systems. In terms of energy used, around 11% of all electricity consumed is for
refrigeration and air conditioning (RAC) [2]. However, in the near future the impact of RAC on
global warming is predicted to increase on these levels. This is due to the fact that, there has been a
big growth in the use of air conditioning in cars. In the UK alone, the number of new cars with air
conditioning has increased from 5% in 1990 to 95% a decade later [3], whereas a similar but
slightly lower growth has been experienced in USA and Canada [4]. The use of air conditioning in
cars results in a 12% increase in fuel consumption and consequent carbon emissions [5] and also,
the increased availability of vehicle comfort cooling have led to a change in perception. Therefore,
consumers and manufacturers do no longer view automobile air conditioning as a necessity but a
prestige and a selling point that every new car should have. As a result of this change in perception,
there is now an increase in demand for the use of air conditioning in domestic applications too.
These facts clearly suggest that RAC will be at the forefront in terms of cause and solution to the
problem of global warming and climate change.
It is therefore essential considering the exploitation of the low energy alternatives to mechanical
cooling that are available as a result of making use of cooling effect from ground water,
evaporative cooling, the ground itself and outdoor air. Using any or all of these strategies will at all
times contribute in keeping the building(s) reasonably cool and hence reducing the energy costs.
However, adopting these strategies may not be a stand-alone solution to cooling requirements due
to the fact that, their cooling duties being the main draw back, are limited to between 30 to 50W/m 2
[6] in relation to BSRIA rules of thumb cooling requirements of between 75 to 400W/m2 [7].
Therefore, a conventional response is to supplement the strategies with high coefficient of
performance (COP) low energy RAC systems capable of meeting the recommended requirements.
Alongside the above low energy cooling strategies, vapour compression and absorption
refrigeration cycles have been in use for over a century. Due to the fact that, these systems cannot
completely be avoided, their COPs should further be significantly improved together with the

reduction of their dependence on energy from fossil fuels. This can be achieved by the
implementation of low energy sustainable cooling.
The low energy absorption cycles
Regardless of their contribution to the green environment, the main draw back to the wider
application of conventional absorption refrigerators is their high capital cost, which can be twice
that of an equivalent electric vapour compression system. For systems with cooling capacities less
than 20 kW the cost of circulation pumps alone tends to inhibit wider application. For this reason,
absorption cycle machines have found relatively few applications and therefore, any improvement
that would alleviate the need for electrically powered pumps, particularly in small-scale machines,
would be of a benefit.
A number of pumpless refrigeration cycles have been developed. The Platen-Munters and the
Einstein Refrigeration Cycles more commonly known as “Diffusion-absorption cycles” were the
very first systems in existence.

Figure 1. The Platen-Munters Cycle [5].
The Platen-Munters cycle utilised ammonia for the refrigerant and water for the absorbent and was
invented in 1928 by Platen and Munters [5]. The cycle consists of bubble pump, generator,
absorber, evaporator and condenser with ammonia-water-hydrogen as working fluids, as shown in
Figure 1. When heat is introduced into the generator, the bubbles of ammonia gas are produced
from ammonia-water mixture. The bubbles rise and with it they lift the weak ammonia-water
solution through the bubble pump lift tube. The strong solution flows back to the absorber while
the ammonia vapour progresses to the condenser where it condenses flowing to the evaporator to
undergo a vaporization process at low temperature. This is achieved by introducing hydrogen gas
that lowers the partial pressure of liquid ammonia; hence, allowing the refrigeration effect to occur.
The mixture of ammonia vapour and hydrogen gas is then sent to the absorber where ammonia
vapour is absorbed in water leaving hydrogen gas un-dissolved. The hydrogen flows back to the
evaporator and the ammonia-water solution flows to the generator to complete the cycle.
However, the system was not widely used due to its low COP in the order of 0.15 to 0.2 and
generator’s high working temperature requirements of about 150
C [5]. Improvements in their
system configuration have been investigated in order to improve their COP by numerous
researchers namely Delano (1998) [5], Srikhirin and Aphornratana [8], Narayankhedkar & Maiya
[9], Zohar et al [10], Saravanan and Maiya [11], Karthikeyan et al [13], Chen et al [14], Pfaff et al
[15], and Eames and Wu [12]. These researchers carried out a range of investigation in order to
improve the COP based on the two original inventions by Platen & Munters [5] and Einstein &
Szilard [5] with the variation of only one or a combination of parameters. The common variations
are clearly illustrated in Table 1 below:

Table 1. Pumpless absorption refrigeration Cycles.
DAR
Systems
Names
Einstein
Refrigeration
Cycle

Platen-Munters Generator
System
Working COP Variations
Compared to:- Temp. (
C)
Working fluids:Einstein and Leo
0.25 -Butane instead of ammonia
Szilard (1928)
-Ammonia instead of hydrogen
Working fluids: Triple fluid K.G.
Greater than
-Both hydrogen and helium used
VAR
Narayankhedkar
150
-Inert gas pressure varied
& M.P. Maiya
-Concentration of strong solution varied
B.
Razi,
T.
0.19 Working fluids:-Iso-butane instead of ammonia
Mediouni and M. Original
0.13 Working fluids:-n-butane instead of ammonia
Kaddioui
DAR
Working fluids:- Butane - water - carbon dioxide instead of
Rojey, 1984
NH3 - H2O - H2
Pongsid
From Working fluids:Srikhirin, Satha
DAR
180
0.09 to-Inert gas was H2 then He instead of H2
Aphornratana,
0.15 Heat exchangers:- Solution heat exchanger added
2002
Two-Fluid
Working fluids:- H2O-LiBr instead of NH3 - H2 O - H2 .
Pumpless
R.
Saravanan,
85
0.5
Heat exchangers:Continuous M.P Maiya, 2003
-Solution heat exchanger added
VAR
PlatenWorking fluids:- Ammonia – water – hydrogen
Munters
Less
Less
than
Heat exchangers:than
Diffusion
Chen et al (1996)
210
- Auxiliary gas heat exchanger attached to the evaporator +
absorption
0.35
solution heat exchanger
cycle
PlatenWorking fluids:A Zohar, M.
Munters
From -Inert gas was H2 then He instead of H2.
Jelinek, A. Levy From
Diffusion
0.09 toHeat exchangers:and I. Borde, 195 to 205
absorption
0.15 -Gas heat exchanger attached to the evaporator in a shell2004
cycle
and-tube configuration + solution heat exchange
Valve
Working fluids:- H2O-LiBr instead of NH3 - H2 O - H2
From
Operated
I.W. Eames, S. Less
than
Pump type:0.61 to
Absorption Wu 2002
100
-Instead of a bubble pump, pumping is achieved by p.d
0.64
Refrigerator
between generator & absorber & controlling of valves
Working fluids:-Butane instead of ammonia
-Ammonia instead of hydrogen
Einstein
Delano (1998) 0.4
Heat exchangers:Cycle.
-Addition of two regenerative heat exchanger to the original
Einstein cycle
Pump type:- Used air lift instead of vapour lift pump
These diffusion absorption systems always require a relatively high temperature heat source to
drive the bubble pump used to circulate the solution between the generator and absorber. The
presence of the balance vapour results in relatively low COPCooling values, which are usually in the
order of 0.3 to 0.64. It is therefore the main reason this paper is aimed at reviewing the use of a
“novel low energy pumpless absorption refrigeration cycle” concept to supersede all the existing
systems.

The novel ‘pumpless’ absorption cycle
This paper is concerned with investigating, developing, manufacturing and testing a novel
‘pumpless’ single-effect vapour absorption system that can be powered by low-grade heat and then
be used in buildings’ cooling and food storage systems. The pumpless refrigeration system employs
the same techniques as those of the normal well-known continuous absorption refrigeration system
only with the exclusion of electrically powered mechanical pump. The pump will be supplemented
by the use of gravitational force in conjunction with physical and chemical properties of the fluids
within the system. These processes will be enhanced by the use of low grade waste heat from a
combined heat and power (CHP) or renewable heat sources such as solar energy and geothermal.
In a conventional absorption refrigerator the solution is constantly circulated between the absorber
and generator by means of a mechanical pump. In this new system, shown in Figure 2 below, the
solution is transferred between the two vessels through pipe 1. The direction of flow through pipe 1
is determined by the pressure difference between the generator and absorber and the hydrostatic
head created by the difference in the solution levels in the two vessels. The flow from the absorber
to generator is produced by gravity. This is achieved by positioning the absorber vessel above the
generator so that the vertical distance between the liquid levels in the two vessels is sufficient to
maintain the necessary pressure difference. This vertical distance depends upon the ambient
temperature, which controls the pressure in the condenser and thereby the pressure in the generator.
In a H2 O-LiBr system this can be as little as a 400mm and is unlikely to be greater than 800mm.
At the start of an operating cycle the solution will flow from the absorber to the generator due to
gravity causing the liquid level in the generator to rise. After a certain time a float ‘F’ positioned in
the generator engages with a stop (S1). Further increase in level will cause a valve ‘V1’ to lift until
it closes the water vapour transfer pipe, (5), connecting the generator with the condenser. With
valve V1 closed and the heat input rate to the generator held constant, the pressure in the generator
vessel will increase above that in the absorber plus the static head created by the column in the
connecting pipe work. This will cause the concentrated solution in the generator vessel to flow to
the absorber through pipelines (1), (2) and (3). A diverter valve located between pipelines (2) and
(3) is used to ensure that the solution enters at the top absorber vessel. The pressure in the generator
vessel throughout this stage in the operating cycle will be greater than that in the condenser and
therefore, when the solution level in the generator falls, valve V1 will be held in position by this
pressure difference. After a time, with the solution level in the generator still falling, the float (F)
will engage with lower stop (S2). Once the liquid solution level has fallen sufficiently the weight of
the float bearing down on the lower top (S1) will cause valve (V1) to be pulled off its seat. Steam
flow between the generator and condenser will now be re-established. The pressure in the generator
will again fall to equal that in the condenser and the solution will flow under gravity from the
absorber to the generator. In this way the concentration of the solution in the absorber is maintained
at the required value.

Figure 2. Schematic diagram for a ‘pumpless’ single effect VAR cycle.

Figure 2 also shows a regenerative heat exchanger in the solution pipeline between the generator
and absorber. The purpose of this is to reduce the amount of sensible heating and cooling required
for the solution at the generator and absorber, respectively. The sensible heating and cooling
components produce the main inefficiencies within the operating cycle. Furthermore, because the
generator temperature needs to be raised along with the solution temperature, when transferring
liquid back to the absorber, it is important that the thermal mass of the generator be kept as small as
is practicable to reduce its sensible heating component. Although the solution flow between the
absorber and generator is intermittent, with a regular cycling period, the capacitance effects of the
system will ensure that refrigeration effect will be constant.
The evaporator in Figure 2 consists of a bank of externally finned tubes. Process air is cooled
directly by the tubes that contain refrigerant water evaporating at absolute pressures less than 1000
Pa. Because of the low vapour pressures it is necessary to create and maintain a thin liquid film
over the inside of the tubes in order to promote evaporation. To achieve this, the refrigerant water
enters the top of the evaporator coil through a metering valve from where it flows downwards
through the series of horizontal tubes. A weir, positioned at the outlet end of each evaporator tube,
ensures that a quantity of water is held back, ensuring that the tube inner wall, lined with an
absorbent material, is always wetted. Excess water flows over the weir and drains downward to the
next tube and so on. Water vapour generated through evaporation then flows to the vertical
manifold, shown to the left of the evaporator in Figure 2, from where it passes to the absorber
tubes. The number of evaporator tubes is chosen so that their total water storage capacity, behind
the weirs, exceeds the total volume of liquid water in the system. By doing this the need for a
circulation pump is avoided. It should also be pointed out that the system is self-compensating. If
the quantity of water stored within the evaporator increases then the concentration of the lithiumbromide in solution in the absorber will also increase. This in turn will cause the vapour pressure in
the evaporator to fall and the evaporation rate to increase, thus tending to reduce the quantity of
water in the evaporator. Once again the need for a refrigerant water circulation pump is removed.
The absorber used in this novel system will be constructed in a similar way to the evaporator. Like
the evaporator, for the absorber to work efficiently it is necessary to create and maintain a thin
absorbent solution film over the inner walls of the tubes. To help this process the tubes will be
lined with an absorbent mat.
Research Objectives
The above system was previously modelled by a number of researchers as indicated in Table 1 and
shown to have the potential to operate with COPs approaching those of conventional absorption
chillers. To demonstrate the system further the following is proposed:
 To develop and test a novel experimental apparatus of a pumpless 2 kWc absorption
refrigerator.
 To develop a novel computer model of the system.
 To validate the model based upon experimental results and investigate optimum characteristics
of the novel pumpless design.
 To evaluate exploitation opportunities and disseminate the research.
Conclusions
The diffusion absorption refrigeration systems listed in Table 1 above share the environmentally
friendly aspects; however, with low COPs and hence, making the technology less favourable in
comparison with conventional vapour compression systems. The novel system described above can
be driven by low-grade heat, at reasonably low temperatures, with COPC values in the order of 0.6
to 0.7, making it more efficient and compact than the diffusion absorption refrigeration cycles
listed in Table 1 for the same cooling rate.
The novel low energy pumpless absorption cycle will be low on energy use. Also, unlike in vapour
compression systems, it will not at any time pose a risk of hazardous refrigerant leakage; since, it
will use water and lithium bromide solution which is a natural working fluid.

The other advantage of the novel pumpless system described above is that, its capital cost will be
significantly less than that of a conventional absorption cycle machine.
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Abstract
The use of solid sorption heat pumps for heating and cooling purposes can be beneficial because of the
potential to reduce primary energy consumption as well as to reduce direct and indirect greenhouse gas
emissions. Because the basic type of operation of a solid sorption heat pump is in batch mode, with a repeated
heating and cooling phase for the solid sorbent, a drawback of the technology is the fluctuations of the
thermal powers consumed and delivered with time. It also requires additional heat exchangers and/or
intermediate fluids to prevent the different thermal fluids for heating and cooling to become mixed. Another
disadvantage is the use of multiple activated valves to direct the thermal fluids for heating and cooling to the
sorbent heat exchangers. The efficiency of these systems is also limited because of the required heating and
cooling of thermal inertia, such as metal heat exchangers, that does not contribute to the heat pumping
process. These drawbacks are barriers for a more widespread application of this environmentally benign
technology.
This paper describes the design, construction, tests and results of an innovative system concept for solid
sorption heat pumps. In the new concept a multiple sorbent reactors are positioned in a rotating carrousel
arrangement, and by continuous rotation go repeatedly through the process phases of adsorption and
desorption, to achieve a continuous cooling process with constant thermal power levels. A lab-scale test-rig
based on this new design was constructed and its performance was determined. It is shown that with the new
design a continuous operation of a solid sorption heat pump can be obtained, that has constant thermal power
levels for heating and cooling. Further improvements of the performance still need to be achieved by
reducing the thermal inertia of the individual batch reactors and increasing the performance of the evaporator.
1.

Introduction

Solid sorption heat pumping technology offers the possibility to re-use low grade heat sources for heating and
cooling purposes. (Haije, 2002) With the re-use of wasted low-grade heat significant primary energy savings
as well as reduction of greenhouse gas emissions can be achieved. The basic type of operation of a solid
sorption heat pump is in batch mode, having a repeated heating and cooling phase for the solid sorbent. The
integration of a batch operating solid sorption heat pump in continuous processes has two major drawbacks.
The thermal power that is consumed and delivered by the process fluctuates in time, and in switching a
sorbent bed from heating to cooling phase, different thermal fluids for heating and cooling can get mixed.
Additional heat exchangers and an intermediate heat-transferring system must be used to avoid mixing of
different process streams. These drawbacks make the use of solid sorption systems for waste heat re-use less
attractive.
In an effort to reduce these drawbacks of the environmentally friendly solid sorption heat pump technology a
new system design was developed. This paper describes the design, construction of a lab-scale test-rig, tests
and results of the new system. The new concept contains multiple sorbent reactors positioned in a rotating
carrousel arrangement. By continuous rotation these sorbent reactors go repeatedly through the process
phases of adsorption and desorption, to achieve a continuous cooling process with constant thermal power
levels.
2.

System development

To have a solid sorption heat pump working in a continuous mode requires at least two sorbent beds to
operate in counter-phase, but then, an external thermal buffering is often needed to smooth the fluctuations in

thermal power of the solid sorption process. Another approach to smooth these fluctuations is the use of
multiple sorbent beds that are operating consecutively with a small phase shift. This approach generally leads
to an increase of system complexity when sorbent beds are arranged in a stationary way. Many valves,
complicated tubing and advanced control schemes are generally necessary. To avoid this complexity a
rotating system of multiple sorbent beds can be considered. Many researchers have already explored the
possibilities of such rotary solid sorption systems (Critoph 2002, 2001, Chua et al., 2001, Llobet and Goetz,
1999). Almost all of the rotating concepts studied and patented use air as heat transfer medium. Only one
patent was found that uses liquid as transferring medium., Duran, 1986. In the present concept heat transfer
fluids can be either gaseous (air) or liquid.

A
B
C
D
Figure 1: Design drawings of the rotating system for a continuous solid sorption process. A: single
sorption reactor element, B: open drawing of the carrousel of single reactor elements, C: complete
carrousel within steel cylinders D: carrousel positioned between 4 stationary heat transfer elements,
The design of the test rig is shown in figure 1. To study the performance of this system concept the wellknown silicagel-water (Trockenperlen-N) system was chosen as working pair. A single sorption reactor has
an upper rectangular volume filled with about 40 grams of dry silicagel grains. The rectangular part is 15cm
in height, 2cm width and 3cm depth, and is made of stainless steel with 1.5 mm wall thickness. An aluminum
honeycomb is inserted in the volume to enhance heat transfer in the silicagel bed. The lower rectangular
volume of equal dimensions is connected to the upper part by a thin walled cylindrical tube of 5 cm length to
avoid thermal losses between the upper and lower part. The lower part acts as a combined condenser and
evaporator. The bottom section contains a metallic wick to enhance the evaporation. Each reactor element has
a check valve mounted at the bottom in order to fill water and evacuate the assembly. A reactor is a fully
welded construction to avoid problems with maintaining the vacuum level inside. Eighteen sorption reactors
are positioned together to form a carrousel with a diameter of 19 cm and height of 35 cm. Four of the sorption
reactors are equipped with 2 thermocouples to monitor temperature changes inside the silicagel bed and in the
evaporator section while rotating. One has also a pressure transducer mounted at the top.
A metal cylinder of 180 mm internal diameter and 2.5 mm wall thickness is placed around the reactor
elements. The outer wall of the reactor elements is slightly curved to obtain full surface contact with the
cylinder wall, and spring elements are placed in the centre to press the reactors to the outside.

The carrousel is placed in between four aluminium heat transfer elements, connected together using metallic
springs to clamp them with good thermal contact around the carrousel. Lubricating oil is applied between the
heat exchangers and the carrousel. The heat transfer elements contain a serpentine inner structure to conduct a
flow of heat transfer medium, water in the present case. The heat exchangers are fixed at their location and
the carrousel is rotated in between them. Heat transfer occurs by conduction from the outside to the inside of
the system.
Of the upper two exchangers, one is connected with an external hot water circuit, the other one with a cooling
water circuit. By rotation of the carrousel the silicagel in the sorbent reactors is repeatedly heated and cooled
again. Of the lower two heat exchangers, the one directly below the hot heat exchanger is connected with a
cooling water circuit for condensation of water vapour inside the sorbent reactors. The other heat exchanger
receives water from a water circuit to be chilled by evaporation inside the sorbent reactor.
The carrousel is rotating around its central axis, driven by an electric motor and its speed can be adjusted
between 0.25 to 2 rotations per hour. All stationary heat exchangers have one rotary flow measurement
device and thermocouples at the inlet and the outlet to determine the thermal powers transferred. The heat
exchangers receive water from thermostatic baths. The heat exchangers for the condenser section and for the
sorbent cooling section are connected in series.
18
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2

10

Figure 2: position of sorbent reactors equipped with thermocouples. Element 10 has also a pressure transducer

Figure 3: design drawing and picture of the complete test-rig.

3.

Tests and Results

Measurements were performed to determine the influence of the operating temperatures, the rotational
speed and the flow of heat transfer medium on the overall performance of the rotating system. As standard
conditions the input temperatures were set at 80/20/15°C (heating/cooling /chilling) with a speed of 1
rotation per hour for the carrousel. The flow through the heat exchangers was set at 2 LPM for the heating
of silicagel, 1 LPM for the condenser and the cooling of the silicagel and 0.5 LPM for the evaporator.
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Figure 4: Temperature change of the silicagel sections in the sorbent reactors during the first 6 rotations after
start-up. The blue and red arrows indicate temperature difference with the applied external temperatures
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Figure 5: Temperature change of the evaporator/condenser section in the sorbent reactors during the first 6
rotations after start-up. Blue and red arrows indicate temperature difference with the applied external
temperatures

In Figure 6 the thermal powers are shown for the four heat exchangers that surround the carrousel, as well as
the COP derived from the ratio of cold output and heat input. From this it can be seen that at 4 hours after
startup the thermal powers of the system become constant, and the system operates as a real continuous

cooling system. Figure 7 shows the variations of cooling power and COP with different operating
temperatures and rotating speed.

Figure 6: Trends in thermal powers of the four heat exchangers and COP of the rotary sorption cooling system
during 6 hours op operation at standard conditions
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Figure 7: Variation of COP and cooling power output with rotational speed and operating temperatures of
evaporator, heat source and heat sink.

4.

Conclusions and Discussion

With this test rig the technical feasibility of the new rotating concept for solid sorption cooling technology is
demonstrated. The system uses low-grade heat to produce cooling in a continuous mode. With the test rig a
nominal cooling power of 25 Watts and a COPcold of 0.35 is obtained. A maximum COP of 0.6 was obtained
when the rotation was set at 0.25 rotations per hour. The thermal power levels are really stabilized and
constant in time after 4 complete rotations from start-up. This provides a real advantage with respect to
system integration of this system concept for solid sorption technology in comparison to conventional solid
sorption systems. The same concept could also be applied for a heat pump mode of operation or for a heat
transformer operation, where a second solid sorbent could replace the evaporator/condenser sections.
During the testing period of about 8 weeks not a single mechanical problem was encountered with the
operation of the system. Also the performance of the reactor elements remained stable during the testing
period, indicating that there was no build up of non-condensable gasses inside the elements. This shows that
this rotating system from the mechanical point of view is a feasible concept.
However, from the thermal point of view many improvements are still required to obtain a system that could
compete with commercial available cooling technology. These improvements relate primarily to heat transfer
and reduction of thermal inert masses of the system. Other improvements are possible through a reduction of
internal and external heat losses, the application of internal heat recovery between hot and cold sorbent
reactors, and the use of separated evaporator and condenser sections.
Improvements of the new system concept are required to increase its overall performance. Further
development should focus on improved thermal performance of a single batch reactor, both for the silicagel
section and for the evaporator and condenser section, a decrease of the internal and external heat losses of the
system, a decrease of the thermal inert mass and an increase of the rate of heat transfer to the carrousel.
Nomenclature
COP: coefficient of performance
LPM: litre per minute
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NOMENCLATURE
H
height (m)
m
mass of water (kg)
mass flowrate (kg/min, kg/h)
P
pressure, production (kPa, kg/kWh)
Q
heat rate (kW)
T
temperature (C̊)
Subscripts
1
inlet
2
outlet
b
brine
c
condenser, condensing
d
distillate

f
h
H
in
max
sat
ss
v
w

flashing
heater outlet
indirect cylinder water
input
maximum
saturation
steady state
vapour
water

Greek symbol
Δ
difference
ε
effectiveness

1. INTRODUCTION
A novel small-scale desalination system was developed to utilise low-grade heat (e.g. solar energy) for
provision of freshwater [1-2]. It is a single-stage flash distillation plant working at low
temperature/pressure. This plant is very simple and cost-effective which can be constructed by local
craftsmen and can be used for provision of drinking water for a village or few families in any remote
areas of developing countries facing freshwater problems and having abundant solar radiation. A
mathematical model was developed and a parametric analysis was performed [3]. The results were
used to aid the design of a prototype plant, see Figure 1. Experimental results proved the theoretical
findings such that distillate production rate or thermal performance of the system is a function of [4-5]:
the heat input (available power), the low pressure or vacuum, the working temperatures and the mass
flowrate.
The system was designed and constructed for a once through flow system - the same amount of water
flowing through the condenser and heater for flashing. Its benefit is simplicity and ease of operation.
Theoretical analysis and experimental investigation showed that maximum vapour production occurs
at very low pressures, but cannot be condensed due to lower condensing capacity which lowers the
thermal performance of the plant. In addition, a long range of vacuum was lost in a very short period
of time due to vapour accumulation which shortens the operation time of the system. To overcome
these problems, it is required to bypass flowrate – passing a larger amount of flowrate through the
condenser and a fraction of it through the heater for flashing. Comparison of these two systems is the
subject of this paper.
2. PLANT DESCRIPTION
The plant, shown schematically in Figure 1, consists of an evaporator (two cylinders: inner and outer
located at an elevation of at least 10.3 m above the water surface of the seawater and distillate tanks), a
condenser, a heater, a pump and two tanks for seawater and distillate (located on the ground).
The evaporator is first filled with water and then is evacuated due to the height, thus creating vacuum
in the evaporator without using a vacuum pump. After creation of vacuum, seawater is pumped from
the ground level to the evaporator passing through the condenser. It will be heated in the heater (solar
collector in the real plant) and then sprayed inside the inner cylinder through a shower head. The hot
sprayed water flashes in the evaporator and some fraction of it vaporises. Vapour is produced as long

as T h is higher than Tsat. The vapour formed is condensed on the outside surface of the condenser
(giving its latent heat to the seawater flowing inside) and the condensate collected in the outer cylinder
flows down to the distillate tank on the ground. The brine or un-vaporised seawater in the inner
cylinder also flows to the seawater tank on the ground.
3. ONCE THROUGH FLOW SYSTEMS
Thermodynamic analysis of a once through system showed that maximum distillate rate is produced at
the balancing or steady state temperature, T ss, of the system where Bd maxB = Bv maxB when QBc maxB
= QB f max [5]B

T T1 (h c h 1) hc Tloss
Tss  h H
1 h 
c

(1)

Figure 1 Schematic diagram of the plant
By assuming maximum effectiveness and negligible losses, the approximate steady state temperature
can be found easily which is at the middle of the working temperature: TB ssB ≈(TB1B + TBHB )/2.
Therefore locating vacuum pressure such that TB satB = TBssB is vital for maximum distillate production
of the system and having a constant working temperature (TB1B and TBHB ) is very important for steady
state operation of the system. These facts could be shown by plotting the theoretical production
capacity of the distillate and vapour as a function of the vacuum saturation temperature, see Figures2.
Figure 2 indicates the theoretical production rate of the vapour and distillate. This figure shows that at
TB satB < TBssB large volume of vapour produces which cannot be condensed due to lower condensing
capacity. At this condition, vapour accumulation causes pressure rise until TBsatB = TBssB where
vaporisation rate equals condensation rate. At TBsatB > TB ssB the lower distillate rate belongs to the
lower vapour production in the system even though the condensing capacity is very high. The shaded
area are the actual distillate production region and it indicates that TBssB is the only point with
maximum distillate production. Therefore it is needed to create the low pressure such that its
saturation temperature should be very close or equal to the steady state temperature of the system.
Figure 3 shows that a large amount of heat input is required at low pressures until T ss which may not
be available for the system start up or normal operation of the system. This heat input is required to
keep T H = constant, otherwise TH decreases rapidly which is not desirable. This large heat input
produces a large amount of vapour which cannot be condensed (due to lower condensing capacity) and
causes vapour accumulation and quick pressure rise.

Figure 2 Theoretical production rate of vapour and distillate versus saturation temperature.

Figure 3 Effects of saturation temperature on the heat input
The pressure rise (until TBssB ) is a direct function of the amount of vapour accumulation or heat input.
When the heat input is higher, the pressure rise is faster, producing more vapour and vapour
accumulation is faster. When heat input is lower, the pressure rise is slower due to lower vapour
accumulation, see Figure 4. This figure shows that if the saturation temperature is very low, due to
large vapour production and low condensation capacity, it rises sharply. At higher saturation
temperature, it takes longer times for TBsatB to reach the balancing point, TB ssB and after that it
remains constant if there is no air leakage.
Figure 5 shows the effect of the system performance as a function of the working temperature
difference (the difference between T H and T1 ). It shows that thermal performance of the system
increases with increasing the working temperature difference. Hence, it is better not to mix the return
brine with the feedwater - keep T 1 as low as possible and T H as high as possible for higher thermal
performance and maximum distillate production rate of the system.

Figure 4 Saturation temperature rise with respect to time due to vapour accumulation for four
heat input.

Figure 5 Performance ratio of the system as a function of the working temperature difference
4. BYPASS FLOW SYSTEMS
Figures 2 to 5 show that a once through flow system has two main shortcomings:

Lower thermal performance - maximum vapour production occurs at lower pressures (Tsat <
Tss ), but cannot be condensed due to lower condensing capacity (until Tss) which lowers the maximum
available thermal performance of the system.

Short operation time - loss of a long range of low pressure (vacuum) occurs in a short period
of time due to vapour accumulation which shortens the operation time of the system.
Moreover, large heat input is needed at low T sat which might not be available at the start up of a solar
system. To overcome these problems, it is required to bypass the flowrate: passing a larger amount of
flowrate through the condenser and a fraction of it through the heater for flashing. Table 2 shows that
by flowing a larger flowrate through the condenser ( w) and a fraction of it ( f) through the heater, all
the vapour produced at each T sat can be condensed. In this case thermal performance ratio of the
system increases up to 88%, an increases of about 9% compared to the maximum performance ratio
(81%) in a once through flow system. This table also shows that maximum performance ratio can be
obtained with a very small amount of heat input at very low pressures which is not possible in a once
through flow system.
Figure 6 shows the effect of saturation temperature on the vapour and distillate production rate. The
shaded area at Tsat ≥Tss is for once through flow systems and at Tsat < Tss is for bypass flow systems.

Figure 6 Vapour and distillate production rate as a function of saturation temperature for
bypass and once through flow systems.
This figure clearly shows that bypassing flow will improve the production rate and thermal
performance of the system (about 9%). But the major advantage of a bypass flow system is avoiding
of vapour accumulation and keeping of the created low pressure which provides the condition of
working at lower pressures and higher thermal performance (until reaching Tss ) for a long period of
time. Because, any pressure increase due to dissolved gases will be very slow and in an automated

system, the bypass flowrate can be adjusted automatically to increase with respect to pressure rise as
shown in Figure 6.
The effects of saturation temperature on the heat input for once through and bypass systems are shown
in Figure 7. This figure shows that bypass systems require a small amount of heat input compared to
once through systems. It means that all the vapour condenses and there is no vapour accumulation and
hence no loss of vacuum. This is a very important factor in a solar desalination system when the solar
intensity is low (especially during the sunrise/sunset hours and when the weather is cloudy).

Figure 7 Effects of saturation temperature on the heat input for bypass flow and once through
flow systems.
Figure 8 shows the effects of the working temperature difference on thermal performance for once
through and bypass flow systems. This figure confirms the higher thermal performance ratio of a
bypass flow system compared to a once through flow system for all the ranges of the working
temperature difference. This figure also confirms the fact that for maximum distillate production and
thermal performance of the system it is very important to keep the condenser inlet water temperature
as low as possible and the heater outlet temperature as high as possible.

Figure 8 Performance ratio as a function of the working temperature difference for once
through and bypass flow systems.
5. CONCLUSIONS
It has been shown that bypassing flowrate solves both problems of a once through flow system in a
single stage distillation plant. In addition it provides the condition of distillate production with small
amounts of heat input at higher thermal performance. A bypass flow system increases the distillate
production rate and thermal performance of the plant about 9% compared to a once through flow
system. But its great advantage is avoiding of vapour accumulation (vacuum loss) and provision of
working conditions at lower pressures and higher thermal performance for longer operation, larger
production and wider application of the system. However, this work will be examined in the future.
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Abstract
A Diffusion Absorption Refrigeration (DAR) cycle is driven by heat and utilizes a working fluid that
combines refrigerant, absorbent and an auxiliary inert gas which causes the partial pressure drop of the
refrigerant as it enters the evaporator and continues to the absorber. Since heat is the driving energy, the
configuration of the generator and bubble pump is of great importance, in order to increase the COP of
the system which is very low in DAR systems. The configuration must utilize as much heat as possible
and desorb as much refrigerant as possible from the absorbent in order to increase the COP. In the present
work, the performance of three DAR systems, which differ in their generator and bubble pump
configuration, is studied numerically. The three basic configurations of the generator and bubble pump
which are examined differ in the manner heat is supplied to the rich solution and whether heat is
recovered from the poor solution by the bubble pump: a) heat input into the rich solution with no heat
recovery by the bubble pump tube; b) heat input into the rich solution with heat recovery by the bubble
pump tube; c) heat input into the rich solution through the poor solution, thus also desorbing refrigerant
from the poor solution, while heat is being recovered by the bubble pump tube (a configuration which is
used in commercial systems). It was found in this study that for the same heat input of 160W the second
configuration desorbed the highest amount of refrigerant and the first configuration desorbed the lowest
amount of refrigerant. The third configuration proved to be less efficient compared to the second
configuration in terms of COP, by approximately 30%. The first configuration resulted in the lowest
performance, although heat is supplied directly to the rich solution.
Introduction
The diffusion absorption refrigeration (DAR) cycle invented by Von Platen and Munters, 1928 combines
three working fluids: ammonia (refrigerant) and aqua-ammonia (absorbent) together with hydrogen as an
inert gas. There are no moving parts in the unit; hence DAR systems are both quiet and reliable. The
system is therefore often used in hotel rooms and offices.
Over the years, a number of papers have investigated and described the performances of various DAR
cycles, graphically, experimentally and numerically. A graphical method has been proposed by Reistad,
1968 for calculating heat capacities, concentrations and temperatures in the cycle, applying enthalpyconcentration diagram. This however, allowed to develop a partial model only.
Chen et al, 1996 designed a new generator which reused the waste heat of rectification for the DAR
cycle, aiming to improve the cycle performance. The new configuration resulted in better rectification,
and improved the COP compared to the original generator configuration. Another study of the DAR
cycle, conducted by Srikhirin and Aphornratana, 2002, used helium as the inert gas. Mass and energy
balances were performed for each element of the cycle, and the COP was found to be 0.09-0.15.
Kouremenos and Stegou-Sagia, 1988 developed a model to predict the hydrogen’s mass flow rate and
concentration of the gas mixture inside the evaporator of a DAR system working with ammonia-waterhydrogen. The model showed that an increase in the temperature of the gas mixture leaving the
evaporator would result from an increase in each of the following parameters of the cycle: pressure,
temperature of the gas entering the evaporator, concentration of the ammonia entering the evaporator and
the hydrogen mass flow rate.

A computer simulation of the gas mixture sub-cycle performed by Maiya, 2003 showed helium to be
superior to hydrogen even though it required a higher propulsion height because of its greater viscosity.
Higher operating pressure resulted in a decreased refrigeration performance.
A thermodynamic model for a diffusion absorption refrigeration cycle was developed by Zohar et al,
2005 and solved numerically by EES software. It was found that low rectification would result in a
smaller amount of liquid ammonia leaving the condenser. Best performance in terms of COP was
obtained when the concentration of the rich solution varied between 0.25 to 0.3 ammonia mass fractions.
For generator temperatures between 195°C and 205°C, recommended values for the concentrations of the
rich and weak solutions were 0.3 and 0.1 of ammonia mass fraction, respectively. Helium proved to be
preferable to hydrogen as the inert gas for the cycle. The COP of a system working with helium was
higher by up to 40% than the same system working with hydrogen. No significant differences were
obtained between systems working with neon or argon as an inert gas to systems working with helium.
Present study
In this study, the performance of a commercial DAR system manufactured by Electrolux Sweden
(currently known as Dometic, 2004), was studied with three different configurations of the generator and
bubble pump. This system operates with ammonia-water-hydrogen as the working triplet. In this cycle,
seen in figure 1, ammonia vapor is separated from the rich solution in the generator (1a) by heat input.
The heat is supplied to the rich solution through the poor solution, thus also desorbing refrigerant from
the poor solution. The vapor then rises inside the bubble pump and its shell and flows through the rectifier
where water vapor condenses (1d) to join the weak solution (1e). The pure ammonia (2) flows to the
condenser, condenses (3) and continues to the evaporator. Uncondensed ammonia flows to the reservoir
through the gas bypass (3a). The condensate ammonia tube is attached to the coupled evaporator/gas heat
exchanger, which has a shell-and-tube configuration, in order to provide sub-cooling of the condensate
water separator
(rectifier)

2
3a

3
condenser
gas
bypass

4c
4b

4a

1d
evaporator and gas
heat exchanger

1c

5a
1e

5b
9a
9b

bubble
pump
absorber

10

1b
1a
generator

reservoir

heat
input

7b

6
8
solution heat
exchanger

7a

Figure 1: Schematic diagram of DAR
cycle adapted from Dometic, 2004

Figure 2: Three basic configurations
of generator and bubble pump

prior the evaporator entrance. At the evaporator entrance (4c), the partial pressure of the sub-cooled liquid
ammonia (4a) drops due to mixing with the cold hydrogen and ammonia vapors (4b) arriving from the
absorber through the inner part of the coupled evaporator/gas heat exchanger. The liquid ammonia and
ammonia-hydrogen gas mixture flow in parallel through the shell side of the evaporator/gas heat
exchanger toward the reservoir, leaving at (5b). The ammonia-hydrogen mixture passes through the
reservoir, enters the absorber from below (10) and flows upward in counter flow to the weak solution
entering the absorber at the top (9b). In the absorber the ammonia vapor is absorbed into the weak
solution and rich solution flows down into the reservoir (10). Hydrogen and ammonia residuals (9a) flow
toward the evaporator. The three different configurations of the generator and bubble pump which are
studied are presented in figure 2. While the rest of the cycle remains exactly the same, the main
differences are in the way heat is supplied to the rich solution and the heat recovery from the poor
solution by the bubble pump tube:
Fig. 2a) total separation: heat input into the rich solution with no heat recovery by the bubble pump;
Fig. 2b) partially attached: heat input into the rich solution with heat recovery by the bubble pump tube;
Fig. 2c) fully attached: heat input into the rich solution through the poor solution, thus also desorbing
refrigerant from the poor solution, while heat is being recovered by the bubble pump tube (this
configuration is used in commercial systems).
Thermodynamic model
The cycles’ analysis is based on thermodynamic model for analyzing DAR systems, developed by Zohar
et al, 2005. The relevant equations and assumptions of the model were modified or removed and other
equations and assumptions were added to suit the DAR model for each configuration of the generator and
the bubble pump.
The analytical model for the DAR cycles (Zohar et al, 2005) was developed under the following
conditions and assumptions:
• The reservoir temperature was measured and is T6=50°C.
• The temperature at the exit of the generator shell in the third configuration was measured and is
T7b=210°C.
• The condensation temperature T3 is assumed to be 58ºC, which yields a total system pressure of 25
bars.
• Solution and vapor bubbles assumed to leave the generator at the same temperature (yet different
temperatures exist at the shell and the tube)
• Solution and vapor bubbles assumed to be cooled by 15ºC while rising in the bubble pump in the first
configuration and by 5ºC in the second and third configurations.
• The temperature of hydrogen with ammonia residuals entering the gas heat exchanger was measured
to be T5a=20°C.
• The temperature of the gas mixture at the outlet of the evaporator is known.
• The bubble pump and the heat exchangers are assumed to be insulated.
• The contribution of hydrostatic pressure is assumed to be relatively small and therefore is neglected.
• Pressure drops along the pipes are neglected.
• The properties of gas mixtures can be calculated as an ideal gas mixture.
• The ammonia leaving the rectifier (2) is assumed to be pure gas.
• Adiabatic mixing at the entrance to the evaporator is assumed.
• It is assumed that absorption occurs only inside the absorber.
• The rich solution entering the generator and the weak solution entering the absorber are assumed to
be in a state of equilibrium.
• The temperature at the evaporator entrance (4c) is assumed to be T4c=-35°C.
• The temperature of the hydrogen and the ammonia residuals before the mixing is 5°C higher than
after the mixing.
Mass balance, material balance and energy balance were developed for each component of the cycle, such
as for the rectifier as presented in figure 3 (the subscripts relate to the locations indicated in figure 1):

m 2
mass balance equation:

Q rec

m 1c , g = m 2 + m 1d
material balance equation:

m 1c , gψ 1c = m 2 + m 1dξ1d

energy balance equation:

( m 2 h2 + m 1d h1d ) − m 1c , g h1c , g

m 1d m 1c , g

= Q rec

Figure 3: Control volume over the rectifier
To complete the analytical model, several complimentary equations that define the thermodynamic
properties of the working fluids were needed. To calculate the properties of the ammonia-water solution
at various points in the system, the correlations between P − T − ξ for the liquid phase and P − ξ − ψ
for the gas phase, given by Bourseau and Bugarel, 1986 were used; the enthalpy of ammonia-water
solution was calculated according to the correlation given by Pátek and Klomfar, 1995. The enthalpy of
the gas mixture was calculated based on the assumption of an ideal gas mixture. The properties of
ammonia vapor and water vapor were calculated from the EES, 2003 database.
Numerical predictions
The model was solved by the EES, 2003 software, which contains thermodynamic properties of various
fluids and refrigerants. The heat input supplied to the generator was chosen to be Q gen = 160 Watt , as in
the Electrolux system. According to Zohar et al., 2006 the operating range of the cycle in terms of the
generator's temperature is 195 ≤ Tgen ≤ 212D C , for system pressure of 25 bar . The model was solved for
different values of the generator's temperature within this range with rich and poor solution
concentrations of 0.3 and 0.1 respectively (ammonia by mass). The influence of the generator's
temperature on rich solution mass flow rate, refrigerant mass flow rate, cooling capacity and COP was
examined. Figure 4 presents the rich solution mass flow rate vs. the generator temperature for all three
configurations. It can be seen that the rich solution mass flow rate decreases with an increase in the
generator's temperature. This is due to the fact that the enthalpies of gas and solution leaving the
mrich vs. Tgen
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generator rise and according to the energy balance, lower mass flow rate is required to receive the
Q gen = 160 Watt input.
Figure 5 presents the refrigerant mass flow rate vs. generator temperature for all three configurations. It is
clear that the refrigerant mass flow rate decreases with an increase in the generator's temperature. These
results coincide with the previous ones since a decrease in the rich solution mass flow rate will result in
less refrigerant desorbing from the solution. Figure 6 shows the cooling capacity (heat extracted by the
evaporator) and the COP vs. the generator's temperature for all three configurations. This figure shows a
decrease of the cooling capacity as the generator's temperature increase. This is due to the decrease of the
refrigerant mass flow rate which enters the evaporator, thus extracting less heat. The decrease in the mass
flow rate of the refrigerant and the cooling capacity, while keeping the heat input to the generator
constant, results in decreasing the COP.
Qevap vs. Tgen
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Figure 6: cooling capacity vs. generator's temperature
Although the third configuration (fully attached) is used in commercial systems, the above results clearly
show that the second configuration (partially attached) is superior to that of the third. All the examined
parameters resulted in greater values for second configuration and yielded higher performance. This is
explained by the fact that in the third configuration high portion of the heat input desorbs small amount of
refrigerant from the poor solution. The first configuration resulted in the lowest performance, although
heat is supplied directly to the rich solution. This is due to the fact that there is no heat recovery from the
poor solution by the bubble pump tube, causing the solution to cool more while flowing up, than it does
in the other two configurations, and thus more refrigerant is absorbed back into the solution while rising
in the bubble pump.
At this point it was examined whether the performance (COP) of the third configuration could be
achieved by the second configuration and vice versa. It was found that in the second configuration, the
condensation temperature would have to be raised to 65°C, which would yield a total pressure of about 30
bar and a generator temperature of 220°C. On the other hand, in the third configuration, the condensation
temperature would have to be lowered to 45°C, which would yield a total pressure of about 18 bar and a
generator temperature of 170°C. The higher pressure increases the mass flow rate of the inert gas, thus
causing the COP to drop since the inert gas extract more heat on account of the refrigerant. These results
coincide with the results of Maiya, 2003.
Conclusions
The performance a of a DAR system with three configurations of generator and bubble pump was studied
numerically. The performances of the three configurations were analyzed and compared by computer

simulation. It was found that the best performances would be obtained when the heat is supplied directly
into the rich solution and the bubble pump is attached to the returning poor solution. For equal heat input
of 160W the second configuration desorbed the highest amount of refrigerant and the first configuration
desorbed the lowest amount of refrigerant. The third configuration proved to be less efficient compared to
the second configuration in terms of COP, by approximately 30%.
Nomenclature

m mass flow rate (kg s -1 )

Q heat transfer rate (W)
h enthalpy (kJ kg -1 )
T temperature ( o C)
ξ ammonia mass fraction in solution

ψ ammonia mass fraction in gas mixture

Subscripts

1,1a, 2... system’s point designation

g gas
rec rectifier
gen generator
evap evaporator
R refrigerant

COP coefficient of performance
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ADVANCED REGENERATIVE ADSORPTION AIR CONDITIONING UNIT
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ABSTRACT
The paper presents the technical specifications of a prototype advanced regenerative adsorption
air conditioning system that uses high performance multiple modules (Critoph and TamainotTelto, 2004). The prototype, designed for up to 5 kW cooling power with a COP of about 0.80, is
suitable for gas firing but is electrically heated in order to demonstrate the concept of advanced
fixed modules for continuous heating or cooling production.
INTRODUCTION
The Warwick Energy Research Group at the University of Warwick is currently constructing a
fixed modular bed thermal wave adsorption cycle air conditioner. The machine is being
developed to demonstrate both the adsorption cycle and the fixed modular bed system, and has
been designed to provide a cooling power of 5 kW with a COP of up to 0.8.
In this paper, the fixed modular bed thermal wave concept is firstly explained before the module
and machine design and construction are outlined.
FIXED MODULAR BED THERMAL WAVE CONCEPT

Generator Section

Adiabatic
Section

CondenserEvaporator

Figure 1: Schematic diagram of the modular bed concept
The schematic in Figure 1 illustrates the modular bed concept. The module is constructed from a
metallic tube, the top of which contains active carbon adsorbent and forms the generator section.
In the lower section of the module, the ammonia refrigerant is condensed and evaporated. Heat
transfer to and from each section is accomplished by passing a fluid, either liquid or gaseous, over
the relevant tube section. In the case of a gaseous heat transfer fluid fins may be added to the tube
outer surface in order to improve heat transfer.
In a previous prototype adsorption air-conditioner, these modules were incorporated into a
rotating unit (Critoph, 2002), as shown in figure 2, which enabled near counterflow regeneration
of heat. Although the efficiency was high, the complexity of the machine and the large space
requirements for the modules in a rotating arrangement reduced its commercial viability. It has
since been realised that a more cost effective solution is to operate the modules in a fixed bed
system, as illustrated in the schematic in figure 3. Although the cooling power per module is
lower, a considerably greater number of modules may be placed within a given space.

Figure 2: Schematic diagram of the rotating modular bed adsorption heat pump concept.
In this arrangement, the condenser and evaporator sections of the modules are split into two
separate sections in order to reduce temperature cycling and increase efficiency. This
configuration has the additional advantage that the condenser and evaporator fluid flows may be
directed continuously over all the module condenser and evaporator sections without switching of
the flows if so desired.
In the first phase of the cycle shown in figure 3, ambient temperature fluid is passed over the
generator sections of the left-hand bank of modules which are undergoing adsorption and heat is
recovered from them, preheating the inlet fluid to the external heat source. Fluid passed over the
evaporator sections of these modules is cooled.
Fluid from the external heat source is passed over the generator sections of the right-hand bank of
modules which are undergoing desorption, the fluid leaving the last module at a relatively low
temperature until the thermal wave ‘breaks through’. Fluid passed over the condenser sections of
these modules is heated. When the wave breaks through, the flow directions are reversed and the
second phase is a reversal of the first.
The primary advantages of this configuration are:
•
•
•

Only moving parts are pumps or fans.
Provided the modules can be mass-produced at low cost, a machine of low
capital cost should result.
The same modules may be combined in any number to produce a machine with
the desired output.

Adsorption

Desorption

Condensation

Evaporation

Phase 1
Desorption

Adsorption

Condensation

Evaporation

Phase 2
Figure 3: Fixed modular bed thermal wave adsorption cycle.
MODULE DESIGN
The modules manufactured for the prototype machine are shown in Figure 4. They are
constructed from 2 m long, 1 inch OD, 0.7 mm wall stainless steel tubes. The tubes are coupled in
20 modular blocks of five tubes by rectangular aluminium fins of 0.2 mm thickness and 1 mm
pitch which improve the heat transfer to the air. These tube blocks were manufactured by

Britannia Heatex Ltd. The top 1 m section of the tubes contains coconut shell derived granular
activated carbon from Chemviron Carbons Ltd, packed to a density of 800 kg m-3 to give 360 g of
carbon per tube and a total carbon mass of 36 kg. The carbon is held in place by a stainless steel
spring insert and each tube is sealed at either end with welded end caps and may be filled with
ammonia using Schrader valves incorporated in the top end caps. Six of the tubes are
instrumented with pressure transducers and thermocouples embedded within the carbon.

2000mm

300mm

Generator Section (1000mm)

Con
Rec
(300mm) (300mm)

Ev
(300mm)

Figure 4: Finned tube modules manufactured by Britannia Heatex Ltd.

Figure 4 also shows the positions of the condenser and evaporator sections of the modules. These
two sections are separated by an adiabatic receiver section in which the level of liquid ammonia
varies throughout the cycle, with the amount of ammonia in the tube being sufficient to ensure
that the evaporator section remains filled with liquid at all times. This section also prevents
transfer of heat between the condenser and evaporator sections.
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Figure 5: Machine with exterior panels removed.
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Figure 6: Complete machine with exterior panels in position.

MACHINE DESIGN AND CONSTRUCTION
The complete machine, manufactured by Coventry Prototype Panels Ltd in Coventry, UK, is
shown in figure 5 with all exterior panels removed. The 20 modules are contained in two banks of
10 built into two welded steel box section frames. The two banks operate out of phase, with the
heat rejected by the bank undergoing adsorption preheating the inlet air to the other bank as
described previously. Figure 5 also shows the frame members used to demarcate the condenser,
receiver and evaporator sections of the modules.
The heater is located on the rear of the machine as shown in figure 6 and consists of four 2 kW
spiral finned cartridge heaters positioned in the ductwork which connects the two module banks.
Figure 6 shows the machine with all exterior panels in place and indicates the inlets and outlets
for the air flows to and from the unit. The air flow will be provided by a number of axial fans
contained within spiral-wound sheet steel ductwork which remains to be connected to the
machine. Reversal of the air flow to the generator sections will be accomplished by alternating
between two fan sets which operate in opposite directions.
CONCLUSIONS
The paper has presented the design for a demonstration adsorption air conditioning machine
which uses multiple fixed high performance modules and is designed to provide a cooling power
of up to 5 kW and a COP of up to 0.8. The machine has been manufactured but remains to be
fully commissioned and tested. Final commissioning is hoped to be carried out by October 2006.

NOMENCLATURE
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COP
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Condenser
Coefficient of performance
Evaporator
Outer diameter
Receiver
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COMPACT PLATE ADSORBERS FOR CAR AIR CONDITIONING APPLICATIONS
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ABSTRACT
The EU project TOPMACS (Thermally Operated Mobile Air Conditioning Systems) coordinated by Centro
Ricerche Fiat (CRF) has the aim of developing air conditioners for cars or trucks that are powered from the
waste heat from the engine.
A number of technical approaches are being considered, including zeolite-water adsorption, silica gel-water
adsorption and hydrogen-metal hydride adsorption. This paper relates to a carbon-ammonia adsorption
system based on compact plate generators which is currently under development at the University of
Warwick as part of the project. The system design and the results of computational modelling for the car
application are reported.
INTRODUCTION
The European Commission (EC) has estimated that the use of car air-conditioning in the EU can increase
annual fuel consumption by 4-8% (EC, 2003). In addition, the HFC refrigerant R134a used in mobile airconditioning applications has global warming potential.
The adsorption air-conditioning systems under development as part of the EU TOPMACS project are driven
from the waste heat from the engine, as opposed to the vapour compression systems currently in use which
are mechanically driven by the engine. These systems therefore cause no direct increase in fuel consumption
(although the indirect fuel consumption from parasitic power requirements such as the fans will remain).
Additionally, the refrigerants used by the systems have no global warming potential.
This paper presents the design and computational modelling of the carbon-ammonia adsorption system under
development at the University of Warwick as part of the project.
SYSTEM DESIGN
The two principal challenges in the development of commercially viable adsorption cycle refrigeration and
heat pumping devices is improvement of the coefficient of performance (COP) and the power density. For
mobile applications with waste heat input, the power density is the primary factor since space within the
vehicle is limited and additional weight carries its own penalty on the fuel consumption. The COP need only
be sufficient to provide the necessary cooling from the available waste heat.
A schematic diagram of the University of Warwick’s mobile air-conditioning system (MAC) is shown in
figure 1. Carbon-ammonia has been selected as the working pair; although toxic, ammonia systems operate
at high pressure and do not suffer mass transfer limitations to the same degree as sub-atmospheric systems,
which should enable a more compact system to be developed. The system employs an indirect evaporator
with an intermediate chilled water loop and air-to-water heat exchanger in order to isolate the toxic ammonia
from the passenger cabin.
The vehicle selected for testing of the novel MAC systems is a C class car fitted with a 1.9 litre turbo diesel
engine, which has a relatively high efficiency and so a system designed to be compatible with this engine
should be suitable for fitting to any vehicle. The engine coolant is to be used to provide the heat input at a
temperature of 95°C and a nominal flow rate of 0.4 kg s-1. The cooling power required has been determined
from collaboration between two of the project partners, Energy Research Centre of the Netherlands (ECN)
and CRF, to be 2 kW and, although it is highly variable during the driving cycle, the nominal heat input
available is 5 kW – thereby necessitating a COP of at least 0.4.
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Figure 1: Schematic diagram of the University of Warwick’s MAC system
In order to achieve the required COP, initial modelling indicated that a two-bed cycle would be required,
with COP further improved by incorporating a mass recovery stage which requires the addition of only one
solenoid valve and connecting pipework.
High power density is achieved by using a plate heat exchanger configuration of generator, as illustrated in
the schematic in figure 2. By incorporating the carbon adsorbent in thin layers, conduction path lengths
through the material are reduced and the area for fluid heat transfer is increased which enables rapid
temperature cycling and thereby a high specific cooling power (SCP).

Figure 2: Schematic diagram of the plate heat exchanger generators (Critoph and Metcalf 2004)
Experimentation with the addition of expanded natural graphite (ENG), supplied by Carbone Lorraine, to the
granular carbon from Chemviron Carbons has also been carried out in order to improve the adsorbent
thermal conductivity and further improve power density. Figure 3 shows a composite ENG-carbon block
produced by compaction using the same method as described by Eun et al, 2000, for ENG-silica gel and

contains 20% ENG by mass. Measurement of the thermal conductivity has yet to be carried out, but from the
measurements carried out by Eun et al, 2000, and also by Py et al, 2002, it has been estimated at 10 W m-1K-1
for computational modelling purposes.

Figure 3: Compressed ENG-carbon composite block
The generators have a volume of approximately 3.5 litres each and a mass of 5 kg, comprised of 1.3 kg of
ENG-carbon composite and 3.7 kg of stainless steel, and therefore should be suitable for installation in a car.
COMPUTATIONAL MODEL
The computational model of the system was written in MATLAB and is a finite difference model in which
the adsorbent and the metal walls of the generator are assumed isothermal. Energy and ammonia mass
balances are carried out for the generators, condenser, receiver and evaporator and the flow rate of ammonia
through the check valves is modelled by a loss coefficient.
The ambient temperature was 30°C and the cabin temperature 20°C, which are typical for a European
climate. The air flow rate through the cabin cooler was 500 m3 h-1, which although relatively high is
desirable in order to increase the evaporating temperature and thereby the efficiency. The air conditioning is
assumed to be operating in recirculation mode, and therefore the air inlet temperature to the cabin cooler is
20°C.
MODELLING RESULTS
Figure 4 shows four temperature and pressure cycle plots for the two generators predicted by the model.
Figure 5 shows a plot of the cabin cooler air outlet temperature and figure 6 the cooling power over the same
four cycles.
The model predicts an average cooling power of 1.9 kW, close to the 2 kW target, and a COP of 0.46. Tradeoffs can be made however between the COP and cooling power by varying the amount of regeneration
carried out and by varying how near the adsorbent is brought to ambient temperature during adsorption.
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Figure 4: Carbon bed temperature and pressure cycles predicted by the model
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CONCLUSIONS
The design and computational modelling of a carbon-ammonia adsorption cycle vehicle air conditioner has
been presented. The system is designed to be driven by waste heat from the engine coolant at a temperature
of 95°C. The model predicts a COP of 0.46 and a cooling power of 1.9 kW from two generators of 3.5 litre
volume – which should be sufficient to allow installation in a car. The generators are currently undergoing
manufacture at Chart Heat Exchangers Ltd prior to laboratory testing and finally installation in a C class car.

NOMENCLATURE
COP
ENG
MAC
SCP

Coefficient of performance
Expanded natural graphite
Mobile air conditioning
Specific cooling power

REFERENCES
Critoph R and Metcalf S, Specific cooling power intensification limits in ammonia–carbon adsorption
refrigeration systems, Applied Thermal Engineering, Volume 24, Issues 5-6, 2004, Pages 661-678.
European Commission, Directorate-General, Environment, Consultation Paper: How to Considerably
Reduce Greenhouse Gas Emissions Due to Mobile Air Conditioners, 2003.
Eun T, Song H, Han J, Lee K and Kim J, Enhancement of heat and mass transfer in silica-expanded graphite
composite blocks for adsorption heat pumps: Part I. Characterization of the composite blocks, International
Journal of Refrigeration, Volume 23, Issue 1, January 2000, pages 64-73.
Py X, Daguerre E and Menard D, Composites of expanded natural graphite and in situ prepared activated
carbons, Carbon, Volume 40, Issue 8, 2002, pages 1255-1265.

Gas Price: 2.55p per kWh
Electricity Price: 8.4p per
kWh

0.19 kg CO2 per kWh of

A NEW FAMILY OF METHANOL SORBENTS FOR ADSORPTIVE AIR
CONDITIONING DRIVEN BY LOW TEMPERATURE HEAT
L. Gordeeva1, A. Freni2, G. Restuccia2, Yu. Aristov1
1

2

Boreskov Institute of Catalysis, Novosibirsk, Russia
Istituto di Tecnologie Avanzate per l’Energia “Nicola Giordano”, S. Lucia sopra Contesse, Messina, Italy

Abstract
In this work a new family of sorbents, specifically designed for methanol sorption, is presented. The
composites were synthesized by impregnation of various silica gels with an aqueous solution of different
salts. The methanol sorption capacity of composites, under conditions of a typical adsorptive air
conditioning cycle, was measured by using an express-method based on the Polanyi principle of
temperature invariance. Results obtained showed that most of the composites synthesised present
methanol sorption ability which is higher than that of common methanol sorbents (e.g. active carbons,
hydrophobic zeolites). The composite LiCl(30.6 wt.%)/SiO2 appears to show the highest sorption
capacity wads= 0.8 kg/kg. and an uptake variation per cycle ∆w= 0.71 kg/kg, that are much larger than
those for conventional adsorbents. The correspondent thermodynamic cooling COP was estimated to be
0.74, which is comparable with typical cooling COP of the best water sorbents.
Keywords
Adsorption, Methanol, host matrix, inorganic salt, adsorptive air conditioner.
Nomenclature
A
coefficient of eq. 2
B
coefficient of eq. 2
COP
Coefficient Of Performance
heat capacity
Cp
m
mass of methanol adsorbed
mass of dry sorbent
mo
p
pressure
saturation pressure
ps
Q
heat
R
universal gas constant
T
temperature
w
methanol uptake

kJ/kK
kg
kg
bar
bar
kJ/kg
J/kmolK
K
kg/kg

greek symbols
Dubinin-Polanyi potential
heat of methanol desorption
heat of methanol evaporation
variation of uptake per cycle
Θ
coefficient of eq. 2

∆F
∆H
∆L
∆w

kJ/kmol
kJ/kg
kJ/kg
kg/kg

subscripts
ads
adsorption
con
condensation
des
desorption
ev
evaporation
ish
isosteric heating

Introduction
Adsorptive cycles based on methanol as a working media are considered promising for air conditioning
driven by low temperature heat (solar, automotive waste heat, etc) (Lai and Li, 1996; Offenhartz et al.,
1980). Unlike water vapour, methanol presents a low freezing temperature (T= 175 K) and higher
operating pressure (p=0.06-0.35 bar). The main drawback of using methanol as a refrigerant in
comparison with water is the lower latent heat of evaporation, which limits the cooling efficiency of the
air conditioner. In order to compensate for it, adsorbent materials with very high methanol sorption ability
are required. Typical materials used for methanol adsorption are activated carbons and hydrophobic
zeolites (Leite et al., 2000, Tchernev, 1999; Gordeeva et al.; 2002; Restuccia et al. 2005). However, the
net desorption per cycle under typical AC conditions, usually does not exceed 0.14-0.18 and 0.15-0.25
kg/kg for zeolites and activated carbons, respectively. This limits the performance of the adsorptive air
conditioner.
In this paper, a new family of sorbents, specifically designed for methanol sorption, is presented. This
new class of sorbents is directly derived by the well known SWSs. A typical SWS is a two-components
material based on a porous host matrix with an inorganic salt confined to its pores. SWSs have already
been proposed for water vapour sorption (Aristov et al., 2002; Restuccia et al.; 2002). Here the same

approach is applied, namely, a confinement of an active salt to pores of a host matrix, for sorption of
methanol vapour. A number of new composites were synthesized by impregnation of various silica gels
with an aqueous solution of eleven salts. In order to select the most promising composites for adsorption
cooling/heating we studied their methanol sorption ability under conditions of typical cooling/heating
cycle. Generally, the amount of methanol adsorbed/desorbed on the composites is determined from
sorption isosters.
However, the isosteric measurements are a time-consuming procedure, which does not allow the
screening of the large number of sorbents. Consequently, an express-method, which is originated from the
Polanyi principle of temperature invariance, was developed for scanning the methanol sorption on several
composites under conditions of typical adsorptive air conditioning driven by low temperature heat.
Experimental
Silica gels Davisil Grade 646 Grace SP2–8926.02 and Grace I 254 were used as host matrices. Different
inorganic salts, which react with methanol forming the solvates, were used as active substance (Bixon et
al., 1979; Lourudoss at al., 1987; Ruiter, 1990).
The composites were synthesized by impregnation of the silica gel with an aqueous solution of the salts
followed by thermal drying at 473 K (Aristov et al., 2002). The salt content in the composites was
determined by weighting dry samples before and after impregnation. The composites prepared and their
basic properties are displayed in Table 1.
Table 1. Chemical composition of the sorbents synthesized: salt content C, and pore volume Vp.
N
1
2
3
4
5
6
7
8
9
10
11
12
13
14

Composition
LiCl/SiO2(b)
LiBr/SiO2(b)
MgCl2/ SiO2(a)
Ca(NO3)2/ SiO2(a)
NiBr2/ SiO2(a)
MnCl2/ SiO2(a)
CuCl2/ SiO2(a)
CoCl2/ SiO2(a)
MgBr2/ SiO2(a)
BaCl2/ SiO2(a)
CaBr2/ SiO2(a)
LiCl/ SiO2(c)
NiBr2/ SiO2(b)
CaBr2/ SiO2(b)

Silica gel
Grace SP2–8926.02
Grace SP2–8926.02
Davisil Grade 646
–—
–—
–—
–—
–—
–—
–—
–—
Grace I 254
Grace SP2–8926.02
–—

C, wt.%
30.6
29.2
25.4
28.4
28.2
28.2
28.0
27.0
20.8
26.4
25.5
24.6
44.6
45.9

Vp, cm3/g
1.05
1.05
0.85
0.82
0.82
0.82
0. 83
0.84
0.91
0.85
0.86
0.68
0.83
0.84

Methodology, results and discussion
A typical AC cycle is presented in Fig.1 in a pressure – temperature diagram. The operating conditions of
the cycle are determined by four temperatures, namely, the temperatures of condensation Tcond,
evaporation Tev, the maximum temperature of desorption Т3 and the minimum temperature of adsorption
T1 .
T1 and Tcond depend on the temperature of the environment where the heat is dissipated, and range from
298 to 318 K. Tev, which is determined by the desirable temperature of the cold produced, is between 278
and 288 K. Finally, T3 depends on an external heat source available for adsorbent heating. For low
temperature heat sources, like solar energy or waste heat, this temperature is 338-373 K.
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Figure 1. Thermodynamic cycle of adsorptive cooling.
The coefficient of performance of a single-bed cooling cycle (COP) is the ratio of the evaporation heat
Qev to the heat supplied to the adsorbent during the isosteric heating 1-2 (Qish) and desorption 2-3 (Qdes).
The contribution of the sensible heat of the liquid methanol flowing from the condenser to evaporator is
neglected.
Qev
1)
COP =

(Qish + Qdes )

Taking into account that
Qev = ∆L∆w ;

Qish = C p ( wmax )(T2 − T1 ) ; Qdes = ∆H∆w + C p ( w)(T3 − T2 )
the COP of the cycle can be written as:
COP =

∆L∆w
∆L∆w
∆w
=
=
∆H∆w + C p ( wmax )(T2 − T1 ) + C p ( w)(T3 − T2 ) ∆H∆w + Θ A∆w + B

2)

where the following coefficients were introduced:
A=

∆H
;
∆L

B=

Θ
;
∆L

Θ = C p ( wmax )(T2 − T1 ) + C p (T3 − T2 )

Thus, the COP increases with the rise in the net desorption per cycle ∆w, asymptotically approaching to
∆L/∆Н. Consequently, to increase the COP, the optimal adsorbent should exchange large amount of
methanol between the rich and weak isosters of the cycle (1-2 and 3-4, Fig. 1).
The express method for the selection of the best sorbent
The theoretical base of the express-method is originated from the Polanyi principle of temperature
invariance (Dubinin and Astakhov, 1971). According to this principle, at different temperatures Тa and Тb,
equal uptake can be achieved at the vapor pressures pa and pb linked through the formula
⎛ p⎞
⎛ p⎞
3)
T ln ⎜ ⎟ = T ln⎜ ⎟
a

⎜p ⎟
⎝ s ⎠a

b

⎜p ⎟
⎝ s ⎠b

where p/ps is the relative pressure of adsorbate. This approach allowed Dubinin and Astakhov to
introduce the free sorption energy:
p
4)
∆F = − RT ln
ps

and showed a one-to-one correspondence between the value of adsorption and ∆F for many microporous
materials (Dubinin and Astakhov, 1971; Jaroniec et al., 1989; Dubinin and Stoeckli, 1980).
Thus, to estimate the sorption ability of different adsorbents under the cycle conditions, it is sufficient to
compare the methanol adsorption normalized to the weight of dry adsorbent at one methanol pressure pi
and two temperature Tmin and Tmax (Fig. 1), which satisfy the expressions
pi
pi
5, 6)
;
∆F ( wmin ) = − RTmin ln
∆F ( wmax ) = − RTmax ln
ps (Tmin )
ps (Tmax )

Those materials, for which the difference in methanol sorption ∆w = wmax - wmin between the temperature
Tmin and Tmax is maximal, at first approximation can be selected as the most promising for the adsorptive
cooling, at least, in the thermodynamic sense discussed above. For such estimation, it is sufficient to
measure just two MeOH uptakes which correspond to the rich and weak isosters, instead of common
measuring of full set of isobars or isotherms. In general, the limits of the basic cycle of adsorptive
machines (see points 1 and 3 of Fig. 1), depend on the temperature level of the external heat source and
sink. In the case of adsorptive air conditioner driven by low-temperature heat, typical pressures and
temperatures for methanol adsorbate are the following: p1 =pev= 61 mbar; T1=303 K; p3 =pcon = 274 mbar;
Т3 = 358-363 K. The corresponding values of free sorpion energy, calculated by eq. 4 are the following:
∆F(wmax) = 3158 kJ/kmol and ∆F(wmin) = 6216 ÷ 6922 kJ/kmol.
The temperature T4 of the basic cycle is unknown, but it can be estimated considering that p4 = p1= 61
mbar, and that during the isosteric cooling 3-4 the uptake remains constant. In our case, if we assume T4
= 328 K, then ∆F = 6565 kJ/kmol, which is close to the estimated value of ∆F(wmin). Thus, the
comparison of different sorbents was performed by the measurement of the methanol uptake at p = 61
mbar, Tmax = 303 and Tmin = 328 K. This allowed the estimation of the difference in methanol uptake on
the sorbents over the cycle described above. The two-point method can be recommended for sorbents that
obey the Poliany principle. Many comprehensive studies of water sorption on composites based on
several inorganic salts confined into pores of various matrixes (silica gel, alumina, porous carbons etc.)
(Tokarev and Aristov, 1997; Mrowiec et al., 1999; Gordeeva et al., 2002) demonstrated that these
composites follow the Poliany principle (Prokop’ev and Aristov, 1999). Generally, sorption of both water
and methanol vapor by bulk salts results in the formation of crystalline solvates (hydrates or
methanolates, respectively) and solutions of the salt in water or methanol. The main regularities of
sorption equilibrium of the composites with methanol and water vapour are revealed to be similar
(Aristov et al., submitted). Consequently, it can be assumed that methanol sorption on such composites
obeys the Poliany principle of temperature invariance. Hence, the developed express-method can be
applied for scanning various salts which could be of interest for methanol sorption over the typical
cooling cycle.
Result of the salt screening

Sorption measurements were carried out according to the following procedure. Air flow saturated with
methanol vapor up to the methanol partial pressure pMeOH=61 mbar was passed through the adsorber filled
with dry composite at temperature Tmax=303 K until the weight becomes constant. Then the temperature
of the adsorber was increased up to Tmin=328 K and the desorption stage was carried out. The sorption per
cycle ∆w was calculated as the difference in the methanol uptakes at Tads = 303 K and Tdes = 328 K. The
results of sorption measurements are presented in Fig. 2.
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Figure 2. Methanol uptake by composite sorbents and conventional adsorbents.

The composite N1 LiCl(30.6%)/SiO2(b) appears to show a very high sorption capacity wads= 0.8 kg/kg
that corresponds to VMeOH=1.0 cm3/g. Methanol uptake after desorption stage decreases down to wdes=

0.09 kg/kg giving the variation of uptake per cycle ∆w= 0.71 kg/kg, that is much larger than that for
conventional adsorbents, like porous carbons or zeolites.
The composite N2 LiBr (29.2 wt.%)/ SiO2(b) possesses the high ability to sorb methanol wads= 0.73 kg/kg.
However, the temperature of desorption fixed at the cycle is likely to be not high enough to desorb the
methanol adsorbed. The uptake after desorption stage remains rather high wdes=0.33 kg/kg or Ndes=3.1
kmol/kmol giving the variation of uptake per cycle ∆w =0.4 kg/kg. It is half the value of the LiCl based
composites, but nevertheless far exceeds the sorption per cycle for the conventional adsorbents. The
increase in the desorption temperature Tdes will result in rise of sorption difference in the cycle. Thus, the
LiBr based composite could be of interest when heat source with higher temperature Tdes is available for
regeneration of the sorbent. The composite N3 MgCl2(25.4 wt.%)/SiO2(a) possesses quite good sorption
ability (wads = 0.29 kg/kg, Nads=3.4 kmol/kmol) but the methanol adsorbed can not be desorbed under
conditions of cooling cycle described above (wdes = 0.14 kg/kg, Ndes=1.6 kmol/kmol). The methanol
sorption ability of composite N5 NiBr2(28.2 wt.%)/SiO2(a) is quite high (wads = 0.28 kg/kg, Nads=6.8
mol/mol) and the most part of methanol adsorbed can be desorbed under cycle conditions chosen (wdes=
0.02 kg/kg, Ndes=0.4 mol/mol) affording the sorption per cycle ∆w = 0.26 kg/kg. The composite N14 with
larger NiBr2 content of 44.6 wt.% possess higher sorption ability wads = 0.47 kg/kg and sorption per cycle
dwm= 0.42 kg/kg. The composites N 4, 6, 7, 8, 9, 10 and 11 based on the salts Ca(NO3)2, MnCl2, CuCl2,
CoCl2, MgBr2 BaCl2 and CaBr2 appear to be out of interest because of their low sorption ability (wads≤0.2
kg/kg) or small sorption difference during the cycle (∆w ≤0.17 kg/kg). Thus, most of the composites “salt
inside pores of silica gel” appear to demonstrate high values of net methanol sorption under the cooling
cycle conditions which is as high as 0.3-0.8 kg/kg.
Finally, the COP of the most promising sorbents were estimated by equation 2 and considering the
following hypothesis:
1) The equivalent specific heat of each composite is calculated as a sum of the specific heat of the host
matrix, of the salt and of the medium amount of methanol adsorbed
2) The latent heat of methanol is calculated considering the medium temperature of the working cycle.
3) The desorption enthalpy is calculated as a sum of the latent heat of methanol and the free sorption
energy ∆F, for a medium value of methanol adsorbed (Ruthven, 1984).
Obviously, the accurate calculation of the COP requires the deep knowledge of the sorption properties of
the various sorbents, which was out of the topic of this work. However, the results presented in Table 2,
can give an idea about the potential of this new class of sorbents.
Table 2. Cooling COP estimated from eq. 2 for the most promising sorbents.
LiCl/ SiO2
NiBr2/SiO2
LiBr/ SiO2

Cooling COP (basic cycle – Tdes=363 K)
0.74
0.69
0.68

In particular, it is evident that the composite LiCl/SiO2, allows thermodynamic COP of 0.74, while the
other composites considered present performance similar to the thermodynamic COP of the best water
sorbents (Pons et al., 1999). Such good performance is due to the very high methanol sorption ability
which allows overcoming the intrinsic problem of the low latent heat of methanol.
Conclusions

A new family of methanol sorbents “salt in mesoporous silica” was presented. Measurement of methanol
sorption capacity of composites under conditions of a typical AC cycle showed that most of the
composites synthesised present net methanol sorption ability ∆w= 0.3-0.8 kgkg which is higher than that
of common methanol adsorbents. LiCl based composites are likely to be the most promising due to the
maximum value of methanol absorbed wads=0.8 kg/kg, which can be removed by heating by some 298 K.
Thus, the net sorption per cycle reaches ∆w =0.7 kg/kg, that makes the composite very attractive for
adsorption air conditioning driven by low grade heat. The LiBr based composite possesses the high
methanol sorption wads=0.73 kg/kg but for removing of the methanol sorbed the higher desorption
temperature is required. It can be good candidate for sorption cooling/heating driving by an energy source
with higher temperature (Tdes>363 K). The estimated COP values ranges between 0.68-0.74, which are
comparable with the COP of the best water adsorbents.
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ABSTRACT
The sorption characteristics of ammonia and a new composite ‘BaCl2 in vermiculite’ are presented. The
material experiences a 40% concentration change in a single reaction. The hysteresis and bi-variant nature
of the phase change are measured and the possible physical reasons discussed and a dynamic model of the
sorption process is presented and validated.
INTRODUCTION
Solid sorbent systems with ammonia as a refrigerant could be of great practical importance [1]. So far,
composites for ammonia sorption have been synthesized on the basis of carbon matrices: expanded graphite
mixed with a variety of salts [2], the synthetic carbon Busofit [3] and the activated carbons [4, 5]
impregnated with CaCl2. These materials have higher sorption capacity in comparison with nonimpregnated carbons and better kinetics than the bulk salt. However, the salt swelling due to its reaction
with ammonia could destroy the carbonaceous matrix [5], so the choice of a proper host matrix is important
from a practical point of view. In [6] it was found that one promising inorganic host matrix could be
expanded vermiculite, in which the pore volume reaches 3.2 cm 3 g-1 . It allows the insertion of a large
amount of salt inside the pores and reaches an ammonia uptake of 68.5 wt. % (for composite “63.5 wt %
CaCl2 /vermiculite”) [6]. One more very important advantage of vermiculite, which results from its large
pore volume, is that it can efficiently accommodate the salt swelling due to its reaction with ammonia.
Unlike CaCl2, the chemical reaction between BaCl2 and NH3 is quite simple, because there is only one
reaction comprising an 8 mole adsorption or desorption. The equation for the synthesis and decomposition
reactions between BaCl2 and NH 3 is,
BaCl2 8NH 3  BaCl2 
8NH 3 .
(1)
This system consists of three components (BaCl2 , NH3 and BaCl2 
8NH 3) in three phases ([BaCl2 ]sol,
[NH3 ]gas and [BaCl2 
8NH 3]sol). According to the Gibbs phase rule the number of degrees of freedom v for
the system with k components, f phases and r linearly independent reactions could be calculated as v = k + 2
f – r [7]. Thus, the examined system is mono-variant (v = 3 + 2 – 3 – 1 = 1). Hence, both the
decomposition and synthesis temperatures of the ammonia – barium chloride complex can be determined
from the van't Hoff equation [7]

H
S
ln P ( NH 3 )  R  ,
RT
R

(2)

where HR is the standard enthalpy of reaction, R is the molar gas constant, T is the temperature, and S is
the standard entropy of the reaction (1).
Here we present experimental isosteres and isotherms of NH3 sorption on two new composites “BaCl2/
expanded vermiculite” (the salt content 44.1 (I) and 58.7 wt. % (II)) as well as making a preliminary
analysis of their dynamics and applicability to adsorption cooling.
EXPERIMENTAL
Synthesis of sorbents
The sorbents “44 wt. % BaCl2/ vermiculite” (I) and “59 wt. % BaCl2/ vermiculite” (II) were prepared by
the immersion of the matrix with an aqueous solution of BaCl 2 followed by its drying at 200
C for 5 h. The
typical grain size was 2.0-3.0 mm.
Experimental Apparatus for Measuring Adsorption Isosters
Isosteres of the ammonia sorption were measured using a set-up as shown in Fig.1. The core of this plant
was a stainless steel cylindrical adsorber (1) 4 cm in diameter (volume 125.3 cm3) filled with the sorbent.
Two thermocouples were placed in the middle of the adsorber and near the wall to provide a direct reading
of the sorbent temperature and its gradient along the bed. The adsorber was placed into a water thermostat

(2) to maintain the sorbent at a constant temperature in the range of 20 to 90o C. The temperature of the bath
was held constant within a variation of 0.1 K. By metering in a known mass of ammonia and then
heating whilst monitoring pressure the isosteres could be measured.

Experimental Apparatus for Measuring Adsorption Isotherms.
The simplified schematic flow diagram of the experimental rig is shown in Fig. 2. The adsorbent sample is
contained in a small basket, which is suspended inside the sealed steel chamber of a Rubotherm magnetic
suspension balance. This enables direct measurement of concentration. The chamber is surrounded by a
jacket, which is connected via a circulator to an oil bath that controls the temperature of the chamber.
Thermocouples within the chamber are used to measure the gas temperature and the wall temperature to
ensure an equilibrium state. When a new temperature is selected, readings are only taken when the
temperatures measured by the four thermocouples are within 0.5 
C for a period of at least 30 minutes. The
system pressure was measured directly with a calibrated Druck PDCR 920 transducer.
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Fig. 1. The apparatus for measuring the isosteres of NH3 sorption.
In this series of test, the experimental sample (contained in a stainless steel basket) was exposed to pure
ammonia. The system pressure is the saturated pressure of ammonia at the saturated temperature controlled
by of the water bath. During the experiments, temperature ranged from 30 to 150 
C and the pressure
within the steel chamber was from 5 to 20 bar.
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Fig. 2. The apparatus for measuring the isotherms of NH3 sorption.
Kinetic measurements
Kinetic experiments were also carried out on composite II using the apparatus of Figure 2. A particle of the
matrix plus adsorbent, in good thermal contact with a thermally massive container was exposed to a step change

in pressure and its weight continuously measured within the magnetic suspension balance.

RESULTS AND DISCUSSION
Isosteres of ammonia sorption. It was found that the modification of the host matrix (vermiculite) by
barium chloride dramatically increases the ammonia uptake. At the salt content 59 wt. % the ammonia
uptake can reach 38 wt. % that corresponds to n= 7.9 8 moles of NH3 per 1 mole of the salt, that confirms
that the majority of ammonia is absorbed due to reaction (1). The isosteric lines measured at various
uptakes of 0.6 to 24.0 wt.% almost coincide (Fig. 3) and can be described by the following equation
ln P[bar] = A + B/T,
(4)
where A = 15.3 0.3 and B = -(4250 150). Comparing eqs. (4) and (2), the isosteric enthalpy H = 35.2
1.2 kJ mol-1 and entropy S = 127 2 kJ mol-1 K-1 of ammonia sorption can be calculated from the slope
of the experimental isosteric line. For the confined salt both these values are close to those for the bulk
BaCl2 [8]: H = 36.7 kJ mol -1 and S = 131.8 kJ mol-1 K-1. This is quite different from the case when a salt
is confined to small pores of alumina [6] or carbon [5]. Indeed, for CaCl2 in alumina with the average pore
size of 7 nm simultaneous reduction of the enthalpy and entropy of ammonia sorption was found. It
indicates that in the confined state ammonia is bound with the salt less strongly than in the bulk state. In
general, the difference in the thermodynamic properties of the confined and bulk salt could be caused either
by the contribution of the surface energy of salt nanocrystallites confined to the pores of alumina or by the
interaction between the salt and the host matrix. In the pores of vermiculite, which are quite big (the
average pore size is 6 500 nm), large crystallites of the confined salt can form. As a result, both reasons
mentioned above do not strongly affect the thermodynamic properties of BaCl2 .
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Fig. 3. Isosteric curve of ammonia sorption on composite I in the Clapeyron presentation (uptakes:
- 0.6, - 15.5, - 20.8, - 23.9 wt. %). P(bars).
The position of the equilibrium line does not depend on whether the equilibrium pressure is measured in
desorption or absorption runs. Hence, this method can not be used to obtain information about a hysteresis
that could exist between the formation and decomposition according to reaction (1). Such hysteresis is quite
frequently observed for reactions between a bulk salt and ammonia [9-11], although it is not desirable for
heat pumping applications. For detailed study of this phenomenon isobars of ammonia sorption have been
measured by a TG method.
Isotherms of ammonia sorption. A typical cycle (isothermal adsorption and desorption) which is
represented by the open circles on Figure 4 includes both the synthesis reaction at around 43.5 oC which
occurred when the saturated temperature was increased from -1o C and the decomposition reaction at around
43.5oC which occurred when the pressure was decreased (in steps of 3.5oC saturated temperature). From
this figure, we can see a hysteresis loop was formed. Hysteresis loops like those in Fig.4 were observed at
other adsorbent temperatures. The circles and squares in Fig. 4 represent the first and second times that the
hysteresis loop was traversed in its entirety. This illustrates that the hysteresis loops can be reproduced.

Fig. 4 and other similar isotherms show that for a specific adsorbent temperature, the reaction of synthesis
and decomposition occurred over a range of saturated temperatures instead of at a single temperature as it
should be according to the Gibbs phase rule. the non-vertical hysteresis loop requires both temperature and
pressure to be specified in order to determine the state of the system, so that the system is divariant, rather
than mono-variant.
One reason could be the formation of complexes BaCl2 
nNH3 with variable n, which presents one more
degree of freedom for this system. Such complexes are known for bulk crystalline hydrates of barium
oxalate [12], but, as to our knowledge, have not been detected for complexes of BaCl2 with NH3 . In our
opinion, a more reasonable explanation is that micro crystallites of the confined salt are not homogeneous,
that is caused, for instance, by various size of these crystallites inside the pores, as was suggested in [13].
Each micro crystallite undergoes a mono-variant 0-8 synthesis or decomposition 8-0 at its own temperature
(for a given pressure) which is described by eq. (2) with H and S that are unique for this particular micro
crystal. Thus the system is mono-variant, but due to the mentioned non-uniformity behaves as a divariant
one.
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Fig. 4. Change of concentration against T/Tsat at around 43.5o C.
At a specific adsorbent temperature, adsorption starts when the system pressure is greater than the onset
pressure of synthesis and desorption starts when the system pressure is less than the onset pressure of
decomposition. The pseudo-equilibrium lines for both 0% synthesis and 0% decomposition can be
described by the equation:

4977
ln PNH3 
15.35 .
T

(5)

This equation gives much a larger change of the standard enthalpy (41.3 kJ mol-1 ) than eq. (4), while S is
the same. Since this line represents a pseudo-equilibrium, the value of H, probably, includes an additional
contribution attributable to the activation of the confined salt necessary to start the reaction. Since both 0%
synthesis and 0% decomposition can be described by the unique equation, one can assume that the same
microcrystallites of the confined salt are involved in sorbing the first molecule of ammonia during the
synthesis reaction and releasing the first molecule of ammonia during the decomposition reaction.
The van't Hoff equation can also be used to describe the termination of synthesis and decomposition. For
100% synthesis,

and for 100% decomposition,

5100
ln PNH3 
16.95 ,
T

(6)

5900
ln PNH3 
17.94 ,
T

(7)

that gives both H and S much larger than eq. (4). They are also larger than those obtained for 0%
synthesis and 0% decomposition, that indicates a higher activation barrier and stronger reformation of salt
structure for microcrystals responsible for sorbing the last NH3 molecule during the synthesis reaction and
releasing the last molecule of ammonia during the decomposition step.
The line for 100% synthesis has a smaller slope, which according to equation (2) means that Hdes > Hads.

Hdes is the endothermic energy required to break the bonds between the ammonia and the salt, while Hads
is the exothermic energy released when the ammonia - salt bonds are formed minus the endothermic energy
required to expand the lattice of the salt. The smaller slope for 100% synthesis suggests that during
decomposition, only the endothermic energy to break the ammonia - salt bond must be supplied
instantaneously and the salt can relax to its former dimensions slowly. Therefore, this exothermic relaxation
energy may not be available, and it may not contribute to the Hdes value. A synthesis line having a smaller
slope than the decomposition line was also observed by Marty [11] for the MnCl 2 - NH3 system and
Ternana [10] for the CoCl2 – NH3 system.
Assuming the transition between 0 and 100% of synthesis and decomposition is linear with the
concentration, the equation to describe the processes of synthesis and decomposition can be obtained by
combining equations (5)-(7), for synthesis,

and for decomposition,

1000
ln PNH 3 
4.98 0.3x 

22.26 2x
T

(8)

1000
ln PNH 3 
5.9 2.3x 

24.85 6.5x ,
T

(9)

where, x is the concentration of ammonia in the sorbent (from 0 to 0.4). These equations provide
relationships between temperature, pressure and concentration (T, P, and x), so that the state on the
hystersis loop can be determined by specifying two of these variables. Fig. 5 shows the comparison
between the experimental data and calculated results of eqs. (8) and (9) for isotherms at 37
C.. That is to
say that these equations can be used to predict the performance of a chemical heat pump using the NH 3 BaCl2 system.
It is worth mentioning that even if hysteresis between the synthesis and decomposition of this complex was
found from the isothermal experiments, it is quite narrow compared with that of the bulk salt and may not
cause severe problems in practice.
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Fig. 5. Comparison between experimental data and simulation results of synthesis and decomposition
processes at the adsorbent temperature of 37o C.
Kinetics of ammonia sorption.
Empirically, the dynamics of adsorption seem best modelled as being limited by a combined mass transfer and
reaction resistance, as shown below. Good agreement has been obtained for a number of kinetic tests. It is
difficult to give a precise physical interpretation to the equation, but it has been empirically verified in a range of
tests.

For adsorption,

p ptranad
dx
dx  pcon ptrande
 ev
and for desorption,

K de
dt C  K ad
dt
C de 
ad
x x eq
x x eq

where,
Cad - resistance constant in adsorption = 50 bar s

Cde - resistance constant in desorption = 30 bar s

Kad - resistance constant in adsorption =2500 bar s

Kde - resistance constant in desorption = 500 bar s

x – NH3 mass concentration (-)

xeq – Final equilibrium concentration (-)

pcon - Condensation pressure (bar)

p ev - Evaporation pressure (bar)

ptranad - Onset Pressure for adsorption

p trande - Onset Pressure for desorption transition

CONCLUSIONS
New composite ammonia sorbents “44 wt. % BaCl 2/vermiculite” (I) and “59 wt. % BaCl2 / vermiculite” (II)
were synthesized and studied. The isosteres and isotherms of ammonia sorption were measured at T = 30150o C and p = 0.2 – 20 bar. It was found that the modification of host matrices by the salt dramatically
increases the ammonia uptake due to the formation of BaCl2.8NH3 complex. For these composites the
enthalpy and entropy of sorption were close to the literature values for the bulk salt. Hysteresis between the
synthesis and decomposition reaction was found and investigated. The kinetics of ammonia sorption was
studied at T = 30 - 80
C and p = 0.2 – 20 bar.
The COP and cooling power of the single-effect non-regenerative freezing cycle has been presented
elsewhere [13]. In application such as solar air conditioning, even a simple cycle can achieve a COP of 0.6.
The high COP at low driving temperatures makes these sorbents attractive for applications in cooling units
driven by waste heat or solar energy. Quite important from the practical point of view is that these materials
can accommodate the salt swelling during reaction between ammonia and the salt.
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Abstract
Experimental and numerical study of convective boiling of binary organic solution in a bubble pump was
conducted. The bubble pump is the motive force of the diffusion absorption cycle and is a critical
component of the absorption diffusion refrigeration unit. The purpose of the bubble pump (besides the
circulation of the working fluid) is to desorb the solute refrigerant from the solution. Therefore the
efficiency of the bubble pump is set by the amount of the refrigerant desorbed from the solution. The
performance of the diffusion absorption cycle depends primarily on the efficiency of the bubble pump.
An experimental parametric study was conducted to examine the influence of parameters such as heat
input, motive head on the bubble pump performance. To reduce the influence of intrusive measurement
devices on the flow characteristics, the experimental system could only provide measurements at the
bubble pump inlet and outlet. Therefore a reliable model for predicting the flow characteristics along the
tube is needed for further system analysis and obtaining some design parameters of the bubble pump tube.
During the experimental investigation, photographs were taken showing that the bubble pump operates at
several flow regimes depending on the various parameters. At high heat input in the range of 180-240
Watt the flow regime was changed from slug flow or from churn flow to annular flow. For low values of
heat input (40-80 Watt) slug flow was obtained along the entire tube. The experiments showed that the
main parameter influencing the bubble pump performance is the driving head. The system pressure has
the least significant effect on the bubble pump performance, but elevation in the system pressure will
result in increase in the refrigerant generation.
A two-fluid model was used to model and simulate the flow boiling of the binary mixture and to obtain
the characteristic flow profiles along the bubble pump tube. Results obtained from the experimental
system were used to validate the predictions of the numerical simulations. The predictions of the
numerical simulations for various heat inputs and driving head on the flow characteristics were compared
with the experimental results. The predictions of the numerical simulations revealed good agreements
with the experimental data. Based on the numerical simulations detailed description of the flow
characteristics inside the generator and the bubble pump tube were obtained. Additional theoretical
parametric study was conducted.
Introduction
In the diffusion absorption refrigerating cycle, first presented by Platen and Munters 1928, the circulation
of the working fluids is carried out by a bubble pump. In comparison with the conventional absorption
cycle, the diffusion absorption refrigeration system has the following advantages: Silent operation; No
moving parts (no fans or pumps, the cycle is very reliable) and Portability (the unit can utilize any type
heat source and therefore can operate anywhere, even in countries without electric utility infrastructure. In
contrary to conventional vapor absorption system that utilizes two-component working fluid and operates
at two pressure levels, when a bubble pump operates as a circulating device of a diffusion absorption
refrigeration (DAR) system, the pressure difference across the bubble pump should be as low as possible.
Thus the DAR cycle is practically operated at single pressure level. To achieve refrigeration by expansion
process, a third fluid is used to provide the pressure equalization through the cycle’s components, while
the expansion effect is caused by the partial pressure difference. Various parameters of the bubble pump
control the performances of the bubble pump and the DAR system. Among them are the fluids
thermophysical properties; geometric configurations (e.g., the bubble pump tube diameter, length and
motive head) and operating conditions (e.g. overall pressure, heat input, temperatures, etc.).

Experimental data on bubble pump performance is very scarce, Pfaff et al, 1998, Delano, 1998, White,
2001 and Srikhirin and Aphornratana, 2002 preformed both experimental and analytical investigation on
bubble pump performance. However these investigations did not simulate well the actual operational
conditions of the bubble pump. Bubble pumps are often referred to as an open two-phase thermosyphon.
Jeong et al, 1998 investigated a thermosyphon for Li-Br absorption cycle experimentally and studied the
characteristics of the thermosyphon as a function of tube diameter, pumping height and heat input.
Chen et al, 1996 designed a new generator which reused the waste heat of rectification for the DAR cycle,
aiming to improve the cycle performance. The new configuration resulted in better rectification, and
improved the COP compared to the original generator configuration.
A continuous experimental system for investigating the performances of a bubble pump operated with
R22-DMAC (chlorodifuoromethane- N-N' dime-thylacetamide) as working fluids was built (Koyfman et
al. 2001 and 2003). An experimental parametric study was conducted to examine the influence of
parameters such as heat input, motive head, pressure and tube diameter on the bubble pump performance.
During the experimental investigation, photographs were taken showing that the bubble pump operates at
several flow regimes depending on the various parameters. At high heat input in the range of 180-240
Watt the flow regime was changed from slug flow or from churn flow to annular flow. For low values of
heat input (40-80 Watt) slug flow was obtained along the entire tube. The experiments showed that the
main parameter influencing the bubble pump performance is the driving head. Decreasing the tube
diameter increased the pumping ability of the bubble pump and enlarged operating conditions of the
system. The system pressure has the least significant effect on the bubble pump performance, but
elevation in the system pressure will result in increase in the refrigerant generation.
In the present study, an experimental investigation was undertaken to study the influence of heat input
and driving head on bubble pump performance for diffusion absorption refrigeration units. In parallel,
theoretical model for describing the flow of the mixture through the generator and the bubble pump was
developed. The model was solved numerically and validated with the experimental data.
Experimental set-up
To simulate the actual operating conditions of a bubble pump, a continuous experimental system was
used. The design of the system allows the bubble pump to operate continuously and to achieve steady or
quasi-steady flows through the generator and the bubble pump tube. Schematic illustration of the
experimental system is shown in figure 1. In order to allow observation of the flow pattern, part of the
bubble pump tube was made of glass. The heat exchangers were made by bending ½” copper tubes into
an oval spiral. This allows modification of the driving head (defined as the fluid level in the reservoir
from the vertical tube inlet) without losses of working fluids. The separating vessel has a large sight glass
that allows observation of the separation process. As can be seen in figure 1, rich solution at equilibrium
condition leaves the reservoir to the generator. The heat supplied at the generator cause phase separation
and a boiling flow through the bubble pump tube starts. The desorption process at the generator creates
small vapor bubbles which merge into larger bubbles. The rising bubbles form slugs that occupy the
whole cross section of the glass tube and are lifting slugs of poor solution to the separating vessel. From
the separating vessel, the gaseous phase flows up to the gas heat exchanger and the poor solution flows to
the solution heat exchanger. Due to the large difference of the normal boiling temperature between the
absorbent and the refrigerant, the presents of absorbent vapor in the gas phase may be neglected. The
cooled (not condensed) refrigerant vapor and the poor solution enter the absorber and the absorption
process takes place. The rich solution from the absorber flows back into the reservoir.
In our experimental set-up, the inside diameters of both the heating unit and the convective tube
(including the glass section) were 7 mm. The 10-cm heating section was located 15 cm from the vertical
tube inlet. The total length (Lift) of the vertical tube, including the heating and the convective sections,
was 1.23 m.. Temperatures were measured by copper-constantan (T type) thermocouples at different
points of the system (as illustrated in figure 1) with a maximum uncertainty of ±0.3°C . The volumetric
flow rate of the poor and the rich solutions were measured by Kobold pleton turbine flow meters, LM
model, measuring range 0.02- 1.3 l/min., with a maximum uncertainty of ±0.5%FS . The absolute
pressure of the system was measured by a STS pressure transducer, ATM model, measuring range of 0-20

bar with a maximum uncertainty of ±0.1% FS . The pressure difference induced by the bubble pump is
measured with a Smar differential pressure transducer, LD 301 model, calibrated to 0-200 mbar, with a
maximum uncertainty of ±0.075%FS . Heat is supplied by three 220v/80W electric heaters that are
connected via a variable transformer 0-220V and the power measured by an analog wattmeter, with an
estimated uncertainty ±1W . All the sensors were connected to a personal computer via an electronic data
logging system, National Instruments DAQPad-4350 with sampling rate ten channels per second. The
laboratory system was operated continuously until steady state conditions were reached. Time-averaged
flow properties recorded for various heat inputs under steady-state operating conditions are presented in
Tables 1 & 2.

Figure 1: Schematic illustration of a bubble pump
Table 1: Time-averaged properties as obtained experimentally for various heat inputs and driving head 0.82 m.
Heat
supplied
(W)

80
100
120
140
160
180
200
220
240

Temperatures (oC)
Vertical
Tube
Inlet
28.13
28.66
30.11
30.90
32.46
34.95
36.09
36.85
35.66

Ref. heat
exchanger
Outlet

Inlet

Poor solution
heat
exchanger
Outlet Inlet

24.82
24.04
25.22
24.24
24.92
28.59
28.51
29.61
29.37

25.93
25.83
27.75
27.66
29.88
34.25
35.28
37.79
39.82

33.02
34.02
36.81
37.42
39.97
43.53
45.44
47.16
47.01

35.36
36.77
40.35
43.32
46.79
50.49
53.19
55.29
55.78

Absorber
heat
exchanger
Outlet Inlet
30.13
30.77
31.85
33.97
34.51
41.29
36.26
40.80
40.27

30.32
31.18
31.95
33.29
34.04
40.28
35.62
40.00
39.24

Reservoir
outlet

32.64
33.59
35.93
36.94
39.41
42.53
44.38
45.81
45.58

System
pressure

(10-5 Pa)

3.087
3.201
3.462
3.564
3.849
4.190
4.427
4.612
4.603

Pressure
difference
(10-2 Pa)

64.552
62.797
63.061
61.078
59.572
59.190
58.136
57.199
55.559

Rich
solution
flow
rate
(ml/min)

Poor
solution
flow
rate
(ml/min)

141.96
142.80
147.96
166.20
168.66
172.68
178.44
183.96
187.32

131.22
126.42
128.82
152.16
154.62
157.80
162.48
167.76
170.88

Table 2: Time-averaged properties as obtained experimentally for various driving heads and heat input 160W.
Driving
Head
(m)

0.62
0.72
0.77
0.82

Temperatures (oC)
Vertical
Tube
Inlet
29.55
32.13
29.01
32.46

Ref. heat
exchanger
Outlet

Inlet

Poor solution
heat
exchanger
Outlet Inlet

26.44
28.57
25.32
24.92

32.82
34.69
31.11
29.88

40.71
41.38
38.82
39.97

47.78
46.99
44.32
46.79

Absorber
heat
exchanger
Outlet Inlet

Reservoir
outlet

38.24
40.07
38.61
40.08

38.30
39.77
37.21
39.41

42.51
39.86
37.19
39.80

System
pressure
(10-5 Pa)

3.881
4.047
3.748
3.849

Pressure
difference
(10-2 Pa)

50.16
54.89
54.91
59.57

Rich
solution
flow
rate
(ml/min)

Poor
solution
flow
rate
(ml/min)

97.320
124.5
121.92
168.66

83.58
110.82
100.68
154.62

The flow model

A two-fluid model was used to model and simulate the flow of the binary mixture and to obtain the
characteristic flow profiles along the generator and the bubble pump tube. Since sub-cooled solution is
entered into the generator, the model should account for both single- and two-phase flows. Mass,
momentum and energy balance equations were written for both types of flow. The conservation equations
for the flow of a solution with a constant concentration of the refrigerant were solved for the single-phase
flow. In the heating section, heat is supplied to the solution until it reaches equilibrium conditions. When
equilibrium is reached, the refrigerant starts to dissolve out of the solution due to additional heat transfer
and pressure reduction; the concentration of the refrigerant in the solution decreases; two-phase flow is
initiated; and the volume fraction of the gas phase increases. Thus, conservation equations for the twophase flow were solved. Generally, under equilibrium conditions, the gas phase is composed of both
absorbent and refrigerant vapors. However, due to the large differences between the normal boiling
temperatures of the absorbent and the refrigerant in our system (about 200oC), i.e., the large temperature
glide, the presence of absorbent vapor in the gas phase may be neglected. In present model the following
assumptions were made: one-dimensional flow; steady state flow; constant heat flux in the generator;
constant tube diameter, i.e., cross-section area; uniform cross-section fluids properties; compressible gas
and liquid phases; thermal equilibrium (i.e., both phases at the same temperature); absorbent vapor in the
gas phase neglected; and friction force between the vapor phase and the wall neglected. The enthalpy of
the solution was calculated as a function of the composition, the enthalpy of the refrigerant in the liquid
phase, the enthalpy of the absorbent and the excess enthalpy of the solution (Borde and Jelinek, 1986).
The density of the solution was calculated as function of the composition and of the densities of the
refrigerant and absorbent. The density of the absorbent was expressed as a function of the solution
temperature, while the density of the refrigerant in the liquid phase was expressed as a function of the
solution pressure (Jelinek et al, 2006). A real gas, Peng-Robinson equation of state was used to calculate
the density of the vapour phase. The enthalpy of the vapour phase was taken as the enthalpy of the
refrigerant as function of pressure and temperature. The heat source per unit volume was set so as to be a
known constant in the heating section and zero in the bubble pump tube. The wall and vapor-liquid
friction forces were introduced to complete the model, as recommended by Richter, 1983 and Yang and
Zhang, 2005. The interfacial force formulation for bubble and annular flow regimes assumed to be
known. The momentum balances of the two phases are valid for all flow regimes that might be observed
in the flow, however the expressed interfacial forces are restricted to bubble and annular flow regimes,
where the gas volume fraction is below 0.3 or above 0.8, respectively. For calculating the interfacial
forces in other flow regimes i.e., when the gas volume fraction is in the range of 0.3 to 0.8, the
assumption of Richter, 1983 was adopted. The drag force in the intermediate flow regimes, i.e., in plug
flow, churn flow and wispy-annular flow, was linearly interpolated in between that of the bubbly and the
annular drag forces with respect to the gas phase volume fraction. The sets of ordinary balance equations
solved numerically by using Gear's fifth order backward differentiation formula (BDF) method, which is
available in the IMSL library. The simulation started ahead of the boiling chamber and stopped at the end
of the bubble pump tube (i.e., separation vessel). The model was solved numerically for simulating the
experiments with various driving heads, heat inputs, system pressures and rich solution volumetric flow
rates, for which time-averaged properties are presented in Tables 1 & 2. The following inlet conditions
were specified: system pressure, and solution temperature, concentration and volumetric flow rate. The
inlet concentration was calculated, based on an equilibrium assumption, as a function of the reservoir
temperature and the system pressure. The solution inlet velocity was calculated from the volumetric flow
rate. In the transition between the single- and the two-phase models, continuous liquid properties were
used, initial diameter of the bubbles was assumed to be 25 µm (Richter, 1983; Yang and Zhang, 2005),
and a very small value was assumed (10-8 kg/m2) for the gas mass flow rate per unit area.
Comparison between the numerical simulations and experimental data

By integrating the balance equations along the generator and the bubble pump tube, we could predict the
outlet conditions of the flow in the separation vessel. Since no measurements were made inside the
separation vessel, two additional assumptions were made so as to validate the predictions of the numerical
simulations. The first assumption was that the pressure drop across the separation vessel was negligible
and therefore the predicted pressure drop was equal to the measured drop (Fig. 1). The second assumption
was that the predicted volume flow rate of the poor solution was equal to the measured solution volume

flow rate at the outlet of the poor solution heat exchanger. This assumption can be justified by an efficient
separation process, i.e., the separated gas could not flow into the solution heat exchanger due to a liquid
trap. On the basis of these assumptions, the predictions of the simulations could be compared with the
experimental data. Figures 2 & 3, presenting a comparison of the predicted poor solution volume flow
rate and the pressure drop with the experimental data, clearly illustrate the validity of the model and its
assumptions. The predicted mass flow rate of the poor solution deviated by less than 7% from the
measured rate in all the investigated cases. The deviation of the predicted values from the average of the
measured values was less than the experimental standard deviation for most of the investigated cases. The
deviations of the predicted pressure drops from the average values were up to 8%. The deviations of the
numerical predictions from the experimental results seem to be lower when the experimental standard
deviations are smaller.
The influence of the heat input to the generator on the bubble pump performance was investigated. It was
obtained that for constant driving head increasing the heat input results in higher rich and poor solutions
flow rates, higher outlet temperature and lower pressure drop across the bubble pump and the bubble
pump tube. The reduction of the pressure drop resulted from the higher refrigerant volume fraction in the
bubble pump tube for higher heat input. It should be noted that although the poor solution flow rate
increases, more refrigerant dissolved from the solution for higher heat input. Therefore the pumping ratio
(defined as the ratio between the poor solution and the refrigerant mass flow rates) decreases as the heat
input increases. The influence of the driving head on the bubble pump performances at constant heat flux
is shown in figure 3. As can be seen increasing the driving head increases both the pressure drop and the
poor solution flow rate.
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Figure 2: Comparison between the numerical simulations and experimental data for various heat
inputs and driving head 0.82 m.
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Figure 3: Comparison between the numerical simulations and experimental data for various
driving heads and heat input 160W.

Conclusions

Experimental and numerical study of convective boiling of binary organic solution in bubble pump was
conducted. An efficient bubble pump is a bubble pump that manages sustaining flow and desorbs the
maximum amount of refrigerant for a given heat input. It was obtained that the driving head and the heat
input are the most significant parameters affecting the bubble pump performance. Lowering the driving
head causes the system to generate more gas in order to overcome the pressure difference that is required
to sustain flow through the bubble pump. The heat input, as expected affects directly the performance of
the bubble pump. Increasing the heat input to the bubble pumps boiling chamber generates more
refrigerant and as a result may increase the cooling capacity of the cooling unit that utilizes the bubble
pump as a generator and as a circulating device. A two-fluid model was used to model and simulate the
flow and to obtain the characteristic flow profiles along the bubble pump tube. The numerical predictions
were validated with the experimental data. Based on the numerical simulations detailed description of the
flow characteristics inside the generator and the bubble pump tube were obtained.
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NOMENCLATURE
Variables
Q
heat transfer rate, kW
R
extra return, €
r
extra return rate, €
Tm
thermodynamic mean temperature, K
t
time, h
Parameters
COP
COPrev
FOM

coefficient of performance of the real
process
coefficient of performance of the
reversible process
figure of merit

Subscripts
CHP combined heat and power
el
electrical
hi
heat input
ho
heat output
m
mean
rl
refrigeration load
th
thermal
Greek symbols
η
efficiency
σ
power and heat ratio

ABSTRACT

INTRODUCTION

Complex decentralised energy systems offer
some important advantages: cost savings as to
the energy transportation, demand matching
production, best capacity utilisation, and often,
an excellent chance of economically
implementing renewable energy sources. The
exemplary local energy system described here
consists of the following components: biogas
production, combustion engine for cogeneration
of heat and power, and in addition a NH 3/H2O
absorption refrigerator for so-called
trigeneration. The system is defined technically
and is evaluated thermodynamically as well as
economically. This investigation proves that the
production of cooling in such a local energy
system is competitive, especially if there is a
public subsidy like the German EEG, renewable
energy law.

Due to increasing prices of scarce fossil fuels
rational energy usage by improving the
effectiveness of consumption and by exploiting
renewable energy sources is focused world
wide.
In Germany the renewable energy law
“Erneuerbare-Energien-Gesetz (EEG)” was
enacted in 2000. Since that time numerous
projects in the sector of solar, wind, biomass
and even geothermal energy have been
implemented. By 2020 the amount of renewable
energies is expected to reach 20% of the total
national energy supply. The law regulates the
return from electrical energy, which is produced
by a renewable energy source and fed into the
national grid. In 2004 some amendments were
made, which led to a rush in demand. Biogas
becomes of special interest here, because it can
be used for cogeneration of heat and power
(CHP). In both cases fossil energy sources can

be substituted. Since initiating the EEG the
amount of biogas plants has increased
significantly from a few hundred up to nearly
2,700 units, which have a total installed
electrical power of 650 MW [Fachverband
Biogas e.V.]. The thermal energy is used
locally, substituting fossil energy such as oil or
natural gas. Unfortunately, the capacity and the
demand are mostly unequal. A solution might
be a small district-heating system, but the
economical distance is restricted. In the majority
of applications a part of the CHP’s heat output
is rejected as waste heat to ambient, especially
in the summer, when the demand decreases
considerably. To overcome this predicament the
legislator offers an extra return for a rational
thermal energy usage, which is realised, for
example, in a drying process.
This study deals with an innovative usage of
heat, which otherwise would be rejected as
waste to the ambient: sorption refrigeration
technology. Added to a conventional biogas
system it forms a complex local energy system
producing cooling, heat and power (CCHP), the
so-called trigeneration.
CONVENTIONAL BIOGAS SYSTEM
Located in an agricultural or suburban area, a
conventional biogas plant, sketched in Figure 1,
consists of a heated insulated digester with gas
storage, in which organic materials like manure,

waste, and/or renewable primary products are
fermented at 37 °C. The fermented material is
usable for agricultural fertilisation. The
produced biogas fires a water-cooled
combustion engine for cogeneration of heat and
power, generally referred as CHP. Recent units
generate electrical energy with an efficiency of
40% in the range of 30 kW up to 5 MW.
Thermal energy, which is in phase, is available
in the range of 40 kW up to 7 MW according to
a thermal efficiency of 50%. That means only
10% of total energy input is lost to the
environment.
The thermal energy is obtained from cooling the
engine as well as the exhaust gas.
Approximately 30% is used for the fermentation
process itself. The remaining 70% can be
employed for a heating system, for a drying
process or for any other heat consuming
process. However, the existence of residential,
agricultural, or industrial facilities is required in
the vicinity. Otherwise small district heating
systems could be operated, but the economical
distance from the plant is restricted.
In practice so far, biogas plants are operated to
produce predominately electrical energy.
Therefore, the operators try to extend the
running time up to 8,000 hours per year and
more. That means that especially during
summertime the thermal energy is often rejected
to the ambient mainly via the exhaust gas.

Figure 1: Sketch of a biogas system with energy and mass flow

CONVENTIONAL REFRIGERATION SYSTEM
Conventionally refrigeration systems are driven
by a compressor chiller powered electrically by
the national grid. When compared to heat

operated sorption refrigeration systems the
findings are that:
 less pumps, piping, and fans have to be
installed and maintained;
 less waste heat has to be rejected;

 less installation costs are incurred.

Figure 2: Sketch of an air-cooled, electrically driven compressor chiller with operating data

Figure 2 shows a schematic view of a
conventional, electrically driven compressor
chiller with operating data of the fluids and the
coefficient of performance (COP), which is the
ratio of refrigeration load and electrical input
and here has a value of 2.17.
In order to calculate the specific cooling costs of
such a system averaged over an observation
period a cost analysis has been carried out,
which is based on the following assumptions:
 25 kW air-cooled compressor chiller,
transport, installation, controlling, and test
13,250 €investment cost
to be financed by the operator;
 20 years observation period and 10 years
life cycle of the chiller;
 6,000 h running time per year;
 price change rate is constant, 2 % per year;
 interest rate is constant, 3.75 % per year;
 depreciation is constant, 10 % per year;
 10 % of the initial investment cost is
calculated for unforeseen events;
 electrical energy consumption is constant,
72,000 kWh per year;
 initial electricity tariff is 0.1450 €
/kWh;
 initial costs for space rental is 360 €per
year;
 initial maintenance costs are 1 % of
investment per year;
 initial repair costs are constant, 2 % of
investment per year;
 technical operating control is 1 h per year;
 initial insurance cost is 750 €per year;
 initial personal costs for administration is
720 €per year.
As a result averaged over 20 years the specific
cooling costs amount to 0.1152 €/kWh.

SORPTION REFRIGERATION TECHNOLOGY
Sorption refrigeration technology has instead of
electrical power input a heat input as its driving
energy. For applications at 10…20 °C, e.g.
comfort cooling, the cooling energy can be
supplied by help of sorption refrigeration
technology such as desiccant evaporative
cooling systems, periodical water/silica gel or
water/zeolite adsorption systems, and
water/lithium-bromide absorption systems.
These chillers are widely available even for
small refrigeration capacities, whereas the need
for solutions, which allow for cooling down to
0 °C and lower with cooling capacities smaller
than 100 kW cannot be met. Until recently,
suitable technologies which economically meet
the demand were not available.
Therefore, an ammonia/water absorption system
has been defined technically and has been
evaluated thermodynamically as well as
economically. The system consists of heat
exchangers, solution pump, valves, filters,
controlling equipment and safety devices. It is
designed for a refrigeration load of 25 kW. The
driving heat input can be applied at
temperatures down to 90 °C [Stürzebecher et al.,
2004; Stürzebecher, 2007].
The coefficient of performance of sorption
systems is defined by the ratio of refrigeration
load and heat input. It is lower than that of a
compressor chiller driven by electrical energy,
i.e. by exergy.
From the thermodynamical point of view the
highest operating mode of the system is
represented by the reversible process
[Stürzebecher, 2007]:

COPrev =

Tm, rl
Tm, ho Tm, rl

 Tm, ho
1

 Tm, hi



1.56




[1],

Tm (T1 T2 ) / ln (T1 / T2 ) is the
thermodynamical mean temperature:
of refrigeration load Tm, rl = 273 K (2/-3°C),
of heat output Tm, ho = 301 K (24/31 °C),
and of heat input Tm, hi = 358 K (90/80 °C).

This COPrev is determined by the temperatures
of the external fluids. In contrast, the COPrev of
a compressor chiller is usually determined by
the temperatures of the evaporating and
condensing internal refrigerant. The ratio of
COP and COPrev, the so-called figure of merit
(FOM), has been determined for an available
ammonia/water absorption chiller by means of

experimental data: FOM = 0.27…0.32. It should
be mentioned here that these values include all
exergy losses inside the sorption system and
although those generated outside by heat
transfer from or to the external fluids
[Stürzebecher, 2007].
Assuming FOM = 0.28 the coefficient of
performance of the real sorption chiller is
COP = 0.44, that means the resulting driving
heat input is 57 kW. Based on 25 kW
refrigeration load and 1 kW electrical power
input for the solution pump, results in 83 kW
heat output which has to be rejected as waste
heat to the ambient. The price of such a
NH3/H2 O absorption system sketched in Figure
3 is almost 50,000 €.

Figure 3: Sketch of the water-cooled, heat driven absorption chiller with operating data

BIOGAS FIRED TRIGENERATION
As a proposal for heat utilisation, which
otherwise has to be rejected as waste to the
ambient, a very innovative conversion step is
added to a biogas system as described above:
Sorption Refrigeration Technology.
This could boost the overall efficiency
considerably and would supply refrigeration for
cold storage of food or process cooling at 0 °C
and lower by means of an ammonia/water
absorption system.
Figure 4 shows the energy and mass flow
diagram of the proposed decentralised energy

systems, for instance located at an agricultural
farm.
In this example of a decentralised biogas fired
energy system it is assumed that the biogas
production is operated by 5,000 tonnes of liquid
manure per year derived from 250 dairy cattle,
and additionally by 800 tonnes of maize per
year equivalent to 20 hectares of land suitable
for cultivation. Based on that organic material
input 400 tonnes of biogas per year are
produced inside of a 1,000 m³ digester. After
dehumidification by refrigeration the biogas is
fed to the combustion engine of the CHP. The
electrical efficiency of the system is assumed at
35% and thermal efficiency at 50%.

Figure 4: Energy and mass flow diagram of the proposed biogas fired local energy system

The generator of the CHP supplies nearly
100 kW of electrical power to the national grid.
By cooling the combustion engine and the
exhaust gas, 143 kW of thermal energy are
obtained, 48 kW of which are supplied to the
digester, 38 kW to the agricultural facilities, and
57 kW to the NH3 /H2O absorption system.
The NH3 /H2O absorption refrigerator sketched
in Figure 3 delivers a cooling capacity of
25 kW, which is supplied to three different
consumers:
14 kW are used to cool 4,400 l of milk per day
from 37 °C to 4 °C in two intervals of six hours
each
22 kW are cooling 9,000 kg of food per day
from 20 °C to 2 °C in two intervals of six hours
each as well
3 kW are required for the dehumidifier to cool
900 m³ of biogas per day from 37 °C to 4 °C
constantly.
The dehumidifier adds 18 tonnes of condensate
per year to the 5,400 tonnes of fermented
material to be used for fertilisation.
In order to evaluate the proposed heat driven
sorption refrigeration system, as in Figure 3 and
4, a cost analysis has been carried out to
calculate the specific cooling costs averaged
over the observation period. The analysis allows

economic comparison with the reported
conventional refrigerating system, based on the
following assumptions:
 25 kW NH3/H2 O absorption system, wet
cooling tower, installation, controlling,
heat metering and ammonia gas warning
equipment, transport, connections, filling,
and test,
58,000 €investment cost
to be financed by the operator;
 20 years observation period and life cycle
of the system;
 57 kW driving heat from the CHP
free of charge
 6,000 h running time per year
 0.70 CHP heat and power ratio according to
CHP el / th 0.35 / 0.50
 4,788 €extra return (R) per year for thermal
energy usage according to the EEG as per
R Q
hi t 
CHP r
R 57 kW 6,000 h 0.02 €/kWh
price change rate is constant, 2 % per year;
interest rate is constant, 3.75 % per year;
depreciation is constant, 5.00 % per year;
10 % of the investment cost is calculated
for contingencies;
 electrical energy consumption is constant,
10,200 kWh per year;
 initial electricity tariff is 0.1565 €/kWh;






 make up water for wet cooling tower is
constant, 720 m³ per year;
 initial water cost is 2.20 €/m³;
 initial costs for space rental is 360 €per
year;
 initial maintenance costs are 0.5% of
investment per year;
 initial repair costs are constant, 0.75 % of
investment per year;
 technical operating control is not required;
 initial insurance cost is 750 €per year;
 initial personal costs for administration is
720 €per year.
The NH3/H2 O absorption system transfers
342,000 kWh heat per year into 150,000 kWh
cooling per year, which results in averaged
specific cooling costs of 0.0434 €/kWh.
The operator’s total saving over the observation
period compared to the usage of a conventional
refrigeration system is 215,450 €.
When the sorption refrigerator is driven by heat,
which is free of charge but not underlying the
subsidy of the German EEG renewable energy
law, the specific cooling costs rise to 0.0752
€
/kWh. Nevertheless, over the observation
period of 20 years the total saving for the
operator amounts to 120,000 €compared to a
conventional refrigeration system.

exclusively made by order, which means that
there is a significant potential for future costs
reductions.
Sorption refrigeration technology can be driven
by heat of a CHP plant, substituting electrical
energy which has to be supplied from scarce
fossil energy. Alternatively, sorption
refrigeration could also be driven by low
temperature heat, e.g. by waste heat from
industrial processes, by solar thermal energy or
by geothermal energy [Braun and Heß, 2002;
Stürzebecher et al. 2004; Stürzebecher, Braun
and Lukoschus, 2006].
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Abstract
This work explores the possibility to perform heating and air/conditioning of state of the art building by
means of enhanced compound parabolic solar collector. For air/conditioning, the solar collectors are the
heat source of an adsorption system (methanol/activated carbon), while during winter direct coupling with
the building is performed.
The air conditioning performances are good with a solar COP of 0.23 and an indoor temperature kept
below 23°C while it rises to 25°C in absence of cooling. During winter, the indoor temperature is kept
above 17°C while it decreases to 15°C in absence of heating.
keywords: air-conditioning/heating, adsorption, solar energy, eco-building
Introduction
Solar heating and cooling are amongst EU priorities to reduce building fossil fuel consumption and
greenhouse gas emission. In SoCold, a CRAFT EU contract, the challenge is to build solar adsorptive
cooling systems for air conditioning as well as for cold room refrigeration. In this presentation, a
complete solar adsorptive cooling system inspired from the SoCold pilot is simulated for air conditioning.
As application, a simplified model house of 100 m2 with cooling/heating floor is used. During the hot
season the floor is connected to the adsorption installation while during the cold season it is connected
directly to the CPC panels. The house characteristics are those of reference house from the French
building regulation (RT2000).
The adsorption part of the installation is presented on figure 1:
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Figure 1: solar cooling adsorption installation sketch
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Figure 2: CPC efficiency curve

The heat source consists in ten enhanced compound parabolic concentrator (CPC) developed by
Solarfocus-GmbH with a total area of 24.2 m2. The efficiency ηSC of the CPC as a function of the ambient
temperature, the solar radiation and the heating medium temperature, is reported on figure 2. The
circulating medium is pressurized water/glycol mixture and a variable flow pump is used (max. flowrate
of 1.7 m3/h). Although being more suitable for solar refrigeration [1] methanol and AC-35 activated
carbon are used as working pair instead of the usual zeolite-silica gel/water pair for air conditioning [2].
All the secondary fluid loops are filled with water/glycol mixture.
Installation modeling
An in house numerical model was developed to simulate the pilot behavior. The energy balance for the
solar collector is given by the following equation (the efficiency ηSC is the ratio of the energy stored in the
heating medium to the solar radiation energy):

WSC d TSC
dt

&
= η A I+m
SC

SC

HW

C

p , HW

(T

HW ,in

−T

HW ,out

) with I = I

⎛ π ⋅ ( t − t sunrise ) ⎞
⎜
⎟
sin
max
⎜t
⎟
−t
⎝ sunset sunrise ⎠

[1]

The energy balance of the adsorbent bed during desorption is given as:
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During the adsorption step, the sensible heat to increase the vapour from the evaporation temperature to
the adsorption temperature is taken into account. Furthermore, the cooling temperature is taken equal to
the ambient temperature increased by 10 K to take into account the pinch due to the outdoor unit.
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For the condenser and the evaporator the energy balances are:
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In addition to the equations [1-5], the following equation is used to calculate the outlet temperature of the
different water loops:
T
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[6]
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Adsorption equilibrium is assumed and the Dubinin-Astakhov model is used [3]:
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The energy balance for the house (eq. 8) and the floor (eq. 9) are written as follows:
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where V
fresh is the fresh air flowrate imposed by the regulations and Qindoor the heat generated by the
occupants and their activities.
Table1: Parameters used in the simulation
Parameter
Value
Mac
20 kg/adsorber
mHW
0.47 kg/s
mCW
0.5 kg/s

ΔH
L
UAads

1251 kJ/kg
1244 kJ/kg
0.6 kW/K

Parameter
Qindoor
ρCair
UAfloor
UAwall
UAwin
Vfresh
Whouse
Wfloor

Value
1.8 kW
0.34 Wh/m3.K
0.7 kW/K
0.1 kW/K
0.04 kW/k
200 m3/h
16500 kJ/K
37500 kJ/K

Results for Air-Conditioning
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The Orly climatic data for a typical day in July are given in Figure 3. The maximum of solar radiation is
about 800 W/m2 while the ambient temperature reaches its maximum (31°C) at 17h. It has to be noticed
that the ambient temperature is still at 28°C at 22h. This annoyance is directly the cause of the lack of
thermal comfort during summer.
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Figure 3: Climatic data of Orly (July)

Figure 4: Transient cooling capacity and
averaged COP vs. daytime

On figure 4, the thermodynamic performances are reported. The cooling capacity, averaged on one cycle,
peak is about 4.6 kW at 2 p.m.. It has to be noticed that thanks to the enhanced CPC, the cooling capacity
is worth 1 kW at 8 a.m. although the solar radiation is only about 380 W/m2. Cycle COP varies from 0.12
to 0.6 and remains above 0.5 from 9 a.m. to 9 p.m..
During this period the solar COP is about 0.23. This value seems to be quite higher than for other cases
(0.08 to 0.1 in [4]), but it has to be noticed than the used CPC presents increased efficiency compared to
other solar collectors. Indeed, as it can be seen on figure 5, the maximum hot water temperature is about
130°C while only a maximum temperature of 70°C is reached in Yong and Sumathy [4]. Moreover, the
mean value is worth already 55°C at 8h compared to 35°C at the same time in Yong and Sumathy [4].
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Figure 5: Adsorber and solar collector temperature evolution vs. daytime

The solar collector temperature oscillations are due to the connection/disconnection to adsorber 1 and 2
(only adsorber 1 temperature is represented on figure 5 for clarity) as direct coupling is used. The retained
half-cycle time is 1000 s. The pre-heating and pre-cooling times are kept equal and worth around 300 s
depending on the daytime.
The solar collector inertia is rather low and it adapts itself rapidly to the inlet hot water variation. With
this installation, the averaged value of the solar collector efficiency is about 0.41 between 8 a.m. and
8 p.m..
The temperature evolutions are reported on figure 6. Without cooling, the indoor temperature is near
25°C at 10 p.m.. With cooling, the indoor temperature does not exceed 23°C. This is satisfying
considering the thermal comfort aspect. The benefit of the adsorption cooling could seem limited but it
has top be reminded than in case of successive warm days, the ambient temperature will increase day by
day leading to high thermal comfort inconvenience during night time. Furthermore, in this case, the night
extra-ventilation will be useless as the ambient temperature could be around 30°C during this time. Then
such systems could help to keep the indoor temperature at reasonable level while not increasing the
building electricity consumption (eco-building).
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Figure 6: temperature evolutions as a function of daytime during summer day

In order to lower the indoor temperature, it is possible to increase the number of solar collectors and the
adsorption unit size. However, it should be kept in mind that the cooling power is highly sensitive to the
available solar radiation. In consequence, a bigger unit might lead to unacceptable floor temperature
resulting in moist condensation. That is why, a more complete study taking into account scaling-up and
storage is needed to find the good trade-off.

Results for heating

The same numerical model is used without the equations for the adsorption unit. The parameters are kept
&
identical except for Q
indoor which is set at 0 kW.
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The Orly climatic data for a cold day in November are given in Figure 7. The maximum of solar radiation
is about 600 W/m2 while the ambient temperature ranges from –1 to 3.8°C. The solar collector
performances are reported on figure 8. The maximum heating power is about 8.9 kW at 1 p.m. It has to be
noticed that the solar collector efficiency increases quickly and exhibits a flatten profile form sunrise to
sunset. The mean value is 0.53 between 9 a.m. and 5 p.m.
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Figure 7: Climatic data of Orly (November)

Figure 8: Heating capacity and solar collector
efficiency vs. daytime

The different temperature evolutions are plotted on figure 9. The solar CPC installation allows to keep the
indoor temperature above 17°C while it decreases to 15°C without heating. The floor temperature remains
at acceptable level with a maximum of 22°C. As for the cooling, the benefit could seem small but it has to
be noticed that the objective of such installation for the heating period is to maintain indoor temperature
at acceptable level (i.e. nearly 19°C) while auxiliary classical heating would be used to increase locally
the temperature.
25
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floor temperature
with heating

indoor temperature
with heating
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indoor temperature
without heating
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Figure 9: Temperature evolutions during winter day

As for the cooling mode, the possibility to increase the number of collectors has to be carefully
considered as this could also lead to unacceptable floor temperature.

Conclusion

In this work we explore the possibility to use solar adsorption air conditioning during summer and direct
heating during winter by means of enhanced compound parabolic solar collector. As application a
simplified reference model house of 100 m2 is used.
The air conditioning mode shows promising results as it is possible to keep the indoor temperature below
23°C at the end of the journey while it reaches 25°C with no cooling. It has to be noticed that thanks to
the CPC the thermodynamic performances are very good for this kind of installation as we obtain a mean
solar COP of 0.23 from 9 a.m. to 9 p.m. The direct connection between the house and the solar collector
during winter allows to keep the indoor temperature above 17°C during the day. Although the benefits
could seem minor, it will be of importance with a calculation on several days.
If the potential of such installation has been demonstrated here, further work is needed to optimise its
utilisation. For example, the adsorption system could be used in winter, as heat pump and the question of
cold/warm storage would be of interest as well. A new simulation, taking into account a full model of the
building and allowing to calculate the performances for a whole year or for different places/climates
would allow to estimate more precisely the benefit of these installations.
Notation

A
cP
I

&
m

ΔH
L
M
q
t
T
U

&
V
W

area
specific heat
solar radiation
mass flowrate
heat of adsorption
latent heat of vaporization
mass
adsorption capacity
time
temperature
heat transfer coefficient
volume flowrate
lumped capacitance

[m2]
[J/kg.K]
[W/m2]
[kg/s]
[J/kg]
[J/kg]
[kg]
[kg/kgac]
[s]
[K]
[W/m2.K]
[m3/s]
[J/K]

subscripts
a
ac
amb
CW
d
ev
floor
fresh
HW
indoor
MeOH
MW
SC
wall
win

adsorber
activated carbon
ambient/external
chilled water
desorber
evaporator
floor
fresh air
hot water
indoor
methanol
cooled water
solar collector
house opaque components
house translucent components
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THERMAL STORAGE PERFORMANCE OF
MAGNESIUM OXIDE/WATER CHEMICAL HEAT PUMP
Yukitaka Kato, Toshiya Sekiguchi, Hidehito Tsuchida, Junichi Ryu
Research Laboratory for Nuclear Reactors, Tokyo Institute of Technology
2-12-1-N1-22, O-okayama, Meguro-ku, Tokyo 152-8550, JAPAN; E-mail:yukitaka@nr.titech.ac.jp

A chemical heat pump that used a reversible magnesium oxide/water reaction system was discussed to
promote efficient thermal energy storage and utilization for cogeneration system. The possibility of the
chemical heat pump was examined experimentally using a laboratory-scale heat pump having 500 W class
output. Cupper and carbon fiber sheet fins were used for thermal conductivity enhancement in a reactor bed
of the heat pump. The effectiveness of both fins on heat pump thermal performance was discussed
experimentally.
INTRODUCTION
Because of the recent spread of decentralized cogeneration system using diesel engine, gas engine and fuel
cells, a large amount of surplus exhaust heat at middle temperatures between 100 o C to 400 oC is emitted
occasionally from cogeneration systems. The utilization of the middle temperature heat would be one of new
valuable subjects in the energy use market. To enhance the actual total energy efficiency adding up electrical
and thermal output uses for a cogeneration system, heat storage and transformation systems would be
required.
The present study attempts to show the applicability of a magnesium oxide/water chemical heat pump as a
means of utilizing surplus heat, enhancing the actual energy efficiency of cogeneration, and in turn reducing
global carbon dioxide emissions. A chemical heat pump, which manages heat transformation via a chemical
reaction, is one of system type for storing and utilizing heat energy. A decentralized cogeneration system
using a chemical heat pump could be a practical application.
The study of a heat pump system having a practical size reactor bed would be required to demonstrate
practical performance of the heat pump. Enhancement of thermal conductivity in the bed is one of the key
points. Enhancement of thermal transportation performance being consistent with high-reactivity and
reduction of construction cost of the heat pump system would be required for the development of practical
chemical heat pump systems. Impregnation of reactant salt into carbon expanded graphite or carbon fiber is
showing good result for enhancement of thermal conductivity (Cerkvenik et al., 1999, Hirata et al., 2003,
Critoph and Tamainot-Telto, 1997, Vasiliev, 2002, Spinner, 1992). To install high-heat conductivity
material in the bed is one of the techniques. Study the use of a cupper fin for thermal conductivity
enhancement in the bed had demonstrated effectiveness for the heat pump performance (Kato et al. 2003).
The cupper fin has good material for the enhancement, however, the corrosion of the material under hightemperature vapor and a difficulty of construction of heating fin structure still need improvement. Then, a
carbon fiber sheet was examined for heating fin because of its high-chemical durability under vapor
atmosphere, high-thermal conductivity and ease construction handling. 500 W class bench-scale heat pump
installed carbon fiber sheet fin was discussed to evaluate practical thermal performance of the heat pump in
this study.

HEAT STORAGE FOR COGENERATION
Chemical heat pump that uses a reversible magnesium oxide/water reaction system is based on the following
equilibria:
MgO(s)+H2O(g)  Mg(OH)2 (s),

H°1= -81.0 kJ·mol -1

[1]

H2O(g)  H2 O(l),

H°2= -40.0 kJ·mol -1

[2]

The operation principle of the heat pump has been proposed in a previous study (Kato, et al., 1996). The
heat pump enables thermal energy to be stored via the dehydration of magnesium hydroxide (the left
direction of Eq. [1]) and releases the stored energy on demand via the hydration of magnesium oxide. The
heat pump would be a unique system that can store heat at around 250-400 oC and amplify it into heats
around 100-250 oC under a reaction pressure less 400 kPa. The advantages of the heat pump are that it can
store exhaust or surplus heat generated from a cogeneration process, the reactant materials are safe,
economical and environmentally friendly, and the heat can be stored for longer periods than with
conventional heat storage.

HEAT PUMP EXPERIMENT
A bench-scale heat pump that was packed with a practical amount of reactant was examined under various
operation conditions. Figure 1 shows the heat pump system. The heat pump consisted of a reaction chamber
(3), water reservoir (9) and heat exchanging system (6). Both chambers were connected by a tube and stop
valve. A reactor bed (1) packed in a basket vessel which was made of stainless steel mesh, with an inside
diameter of 360 mm and a height of 140 mm was installed in the chamber. 6.8 kg of particle reactant of
Mg(OH)2 (avg. diameter 1.5 mm) was used in the bed. A spiral heating tube and carbon fiber sheet fins were
set in the reactor bed. Layout of both parts in the bed is shown in Fig. 2. The heating tube was stainless
steal of length of 2.1 m. The tube had 5 cm interval between a spiral turn and the next turn. A sheath heater
was attached along with the tube. Quadrilateral carbon fiber fin (12 cm of height x 16 or 11 cm of width x
0.2 mm of thickness) of 28 sheets were set crossing at right angles to the tube in the bed. Heating tube cross
section part in a sheet was removed previously, and the fin was set around the tubes. Averaged interval
between the fins was 2cm. The reactor temperature was maintained by the sheath heater. Heat output at
hydration operation was recovered by the tube circulated water in the tube as coolant media. Thermocouples
were installed at some points in the reactor bed in order to measure the bed temperature change. The
temperature at the middle position between fins and at the middle height (Tm1 ) was used as a representative
bed temperature. The temperature on the surface of the tube (Tex) was used as reference temperature of the
heating at dehydration and heat exchanging at hydration.
Water vapor passed through the mesh wall of the basket and top bed surface during both reactions. The
vapor was moved between the chambers through the stop valve by pressure difference alone. The reaction
pressure was generated by the introduction of the vapor from the water reservoir, and the pressure of the
vapor was maintained by the reservoir water temperature control. The water level change of the reservoir
during reactions was measured.
The magnesium hydroxide of the initial reactant was produced from an ultra-fine magnesium oxide powder
(avg. primary particle diameter: 10 nm, Ube Material Industries, Ltd.) and purified water. The repetitive
cycle operation was carried out during each experiment using the same reactant. Stable reactivity to the
repetitive cycle of the reactant has been demonstrated (Kato et al., 1998b). After initial removal of residual
gas from the chambers using a vacuum pump, the system was driven thermally with no mechanical pump
work. In the heat storage (dehydration) mode, the Mg(OH)2 in the bed was dehydrated. The stop valve was
closed initially. The reactor temperature was raised for dehydration by using the heater on the tube. Then,
MgO and water vapor were generated by the reaction. When the stop valve was opened, the generated vapor
was condensed in the water reservoir using a condenser (8) depicted in Fig. 1. The reaction progress was
measured by the level meter and by the thermocouples. The stop valve was closed at the end of the reaction.

: Thermo-couple
(7)

Sheath heater

(8)

(3)
(9)

(1)

Tm1

(10)

(6)

(2)

T m2

Tex
Tf
(5)

Heating fin
(4)

Heat exchange fluid pipe

Figure 1: Laboratory-scale MgO/H2 O chemical
heat pump: (1) packed bed reactor, (2) heating
tube, (3) reactor chamber, (4) thermostat, (5)
flow meter, (6) radiator, (7) stop valve, (8)
condenser, (9) water reservoir, (10) water level

Figure 2: Cross section of reactor bed
cut vertically to the radius direction

In the heat output (hydration) mode, the water reservoir was heated to generate a specified reaction vapor
pressure. The reactor was maintained at a predetermined hydration temperature. After the reactor and the
reservoir attained the steady state, steam generated by the reservoir was introduced into the reactor via the
valve. The magnesium oxide reacted with the steam, and heat output was generated. The heat output was
recovered by water coolant circulated in the heating tube at 400 ml/min.

RESULTS AND DISCUSSION
Heat pump operation
In dehydration operations, the heating tube surface temperature (Tex [o C]) was controlled as the dehydration
bed temperature (Td [o C]) by the heater during dehydration operation. All of dehydration operation was
proceeded at a subjective dehydration temperature of 430oC under the reaction pressure (P d [kPa]) of 20 kPa,
for 5 h.
Hydration operations were examined under conditions shown in Table 1. Tex-ini [ oC], Ts [o C], P s [kPa] and
Tcool [ oC] show the reactor bed initial temperature measured at the point for Tex, saturated temperature of
supplied steam, reaction steam pressure and coolant temperature at the inlet of the heating tube, respectively.
Table 1 Hydration operation conditions
Operation
conditions
R1
R2

Tex-ini
[ oC]
110
120

Ts [ oC]

Ph [kPa]

Tcool [ oC]

85
80

58
47

75
75

At the beginning of the hydration period, the sheath heater input of the packed bed was switched off, and
the vapor was introduced into the bed rapidly from the reservoir, then hydration process was measured.
Hydration output was measured till that outlet coolant temperature attained below the Ts or the bed
temperature fell below 100 oC for prohibition of vapor condensation in the bed. Figure 3 shows an example
of hydration operation under the R1. Bed temperatures (Tm1 ,Tm2 ) raised rapidly around 160oC by hydration.

The fin temperature (Tf) was middle between the bed temperatures and heating tube temperature (Tex ) in
initial period, the fin would be available as a heat conduction enhancer in the period. The reacted fraction
change (Δx) raised almost monotonously. These changes showed that the bed was limited by thermal
conduction between reactant bed and the fin.
The inner bed was kept at over 150 oC for 3 h. The exothermic hydration at the inner part proceeded slowly
because of the relatively high-temperature, and the heat production rate balanced with heat dissipation by
heat conduction in the inner part. Thus the inner part maintained a similar bed temperature during the
period. The constancy of heat output temperature is one of the character and advantage of chemical heat
storage.
Figure 4 shows bed temperature profiles of Tm1 at hydration. A higher bed temperature was attained at a
higher pressure, since the chemical hydration proceeded more rapidly under the higher pressure. Maximum
attained temperature at 159o C was measured under the R1.
Figure 5 shows the effect of hydration condition on the hydration reactivity for the reactor beds using carbon
fiber sheet and a reactor using cupper plate for heating fin under the same condition. A higher pressure of
steam a higher hydration reactivity was observed. All of the reaction conversion rose monotonously. These
changes showed also that the bed was limited by thermal conduction under all conditions. The bed using
cupper fin had higher reactivity than the carbon sheet fin, because the cupper fin had higher thermal
conductivity than latter one, and removed well exothermic hydration heat from the bed and enhanced the
reaction. The bed with carbon sheet fin would be required modification for thermal conductivity
enhancement to close the thermal performance of the cupper fin’s one.
T m2

Tf

T ex

150

100

150

140

80

140

130

60

120

40

120

20

110

x [%]

110
100

T m1 [oC]

160

x [%]

T [oC]

Tm1

120

160

R1: Tini =110oC, Ts=85o C

0

0
50 100 150 200 250 300 350 400
th [min]

Figure 3: Hydration operation example result:
R1, Tex-ini =120oC, T s =85o C, T cool=75oC

R1
R2

130

R1: Tini=110oC, Ts=85o C
R2: Tini=120oC, Ts=80o C

100

0

50 100 150 200 250 300 350 400
th [min]

Figure 4: Bed temperature profiles at hydration

Thermal performance evaluation
Mean recovered heat outputs averaged during initial 100 min hydration operation by the heating tubes for
both fin type reactors were shown in Table 2. For the operation under R1, recovered heat output of 50
W.(kg-Mg(OH)2 )- 1 for fiber sheet fin’s reactor (wCarb F) and 68 W.(kg-Mg(OH)2 )- 1 for cupper fin’s one (wCu)
were measured, respectively. The heat output performance ratio (wCarb F / wCu [%]) that was relative thermal
performance of the carbon fiber fin’s bed in comparison with cupper’s one was evaluated as 74 %. Under
the condition R2, the ratio was 63%. On the other hand a reactor without no-heating fin shows heat output of
10-30 W.(kg-Mg(OH)2 )- 1. Although the carbon fiber fin had smaller effect on thermal conductivity than the
cupper fin, however, the carbon fiber sheet still had effectiveness on thermal conductivity enhancement in
the bed.

80
Cu-R1

Cu-R2

CarF-R1

x [%]

60
40

CarF-R2

20
0

R1: Tini =110 oC, Ts=85o C
R2: Tini =120 oC, Ts=80o C

0

50 100 150 200 250 300 350 400
th [min]

Figure 5: Comparison between cupper and carbon fiber sheet fin for
effect on hydration reactivity

Table 2 Mean recovered heat outputs from reactors using cupper and carbon fiber sheet fins during
initial 100 min of hydration operation
condition
R1
R2

Carbon fiber
wCarbF [W.(kg-Mg(OH)2 ) -1 ]
50
32

Cupper
wCu [W.(kg-Mg(OH) 2) -1 ]
68
51

wCarbF / wCu [%]
74
63

CONCLUSION
The thermal operability of a chemical heat pump using a magnesium oxide/water system was demonstrated
experimentally by a laboratory-scale heat pump installed carbon fiber sheet heating fins. Heat output above
150 oC by the hydration operation was measured experimentally. It was demonstrated that the higher thermal
output was realized by the enhancement of the heat conductivity in the bed. Although the carbon fiber sheet
fin had smaller effect on thermal conductivity than the cupper fin, however, the former still had effectiveness
on thermal conductivity and hydration reactivity enhancements in the bed. The carbon fiber sheet had highchemical durability to the vapor atmosphere and ease character for construction handling with low-cost.
Then, to use the carbon fiber sheet fin for thermal conductivity enhancement in the packed bed had merit in
practical use.

Nomenclature
CarbF
Cu =
P =
T =
t =
w =
Ho =

= carbon fiber sheet fin
cupper fin
reaction pressure [kPa]
o
temperature [ C]
reaction time [min]
hydration recovered heat output rate [W·(kg-Mg(OH)2)-1]
standard enthalpy change of a reaction [kJ·kmol-1]

x = mole reacted fraction change amount [-]
<Subscripts>
cool= water coolant at the entrance of the heating tube in the reactor
ex = outer surface of the heating tube in the reactor bed
h = hydration of magnesium oxide
ini = the initial state of the hydration operation
s = saturated vapor
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OF REACTOR BEDS FOR GAS-SOLD CHEMICAL HAET PUMP
Keiko Fujioka1, Toshiya Sekiguchi 2, Yukitaka Kato 2
1. Shinsei Cooling Water System Ltd.,
501 Toa-bldg., 1-3-22 Kyomachibori, Nishi-ku, Osaka 550-0003, Japan; e-mail: kfujioka@shinsei-uwtb.co.jp
2. Research Laboratory for Nuclear Reactors, Tokyo Institute of Technology
2-12-1-N1-22 O-okayama, Meguro-ku, Tokyo 152-8550, Japan

INTRODUCTION
Our study concerns to developing chemical heat pumps driven by reversible reactions of calcium chloride or
magnesium oxide with water or methanol, i.e. MgO/H2O, CaCl2 /CH3 NH2 and CaCl 2/H2O. MgO/H2O system
can store thermal energy around 600 K (Kato et al, 2001a), and CaCl2 /CH3 NH2 and CaCl2/H2O systems are
suitable to generate cold heat from low temperature waste heat below 273 K (Fujioka et al, 2002 and 2005).
In such gas-solid chemical heat pumps, the overall reaction rate is generally restricted by heat transfer
because of the low thermal conductivity of reactor bed. Hence enhancement of thermal transportation is one
of the most important issues in order to improve the performance of chemical heat pump. Many techniques
have been developed for this purpose, such as inserting fins into bed (Ogura et al, 1991), forming compressed
material (Tamainot-Telto and Critoph, 1997) and combining salt with heat transfer promoter with high
thermal conductivity (Mauran et al, 1993, Hirata et al, 2003). However, high thermal conductivity does not
directly yield a large increase in the overall reaction rate. In this study, numerical analysis as well as
experiments has been performed aiming to obtain information of the effect of heat transfer enhancement of
reactor bed on reaction and thermal properties.
WORKING CYCLE OF CHEMICAL HEAT PUMP
Reactions examined in this study are expressed by the following equations.
CaCl2 /CH3NH 2 system
CaCl2 
2CH 3NH 2 2 CH3NH 2 CaCl2 
4CH 3NH 2 , Hr 46.3 kJ/mol
CaCl2 /H2O system
CaCl2 
H 2O H 2O CaCl2 
2H 2O , H r 47.6 kJ/mol
CaCl2 
2 H2O 2H 2O CaCl2 
4H 2O , H r 47. 9 kJ/mol
MgO/H 2O system
MgO H 2O Mg(OH)2 , Hr 81.0 kJ/mol

[1]
[2]
[3]
[4]

Figure 1 shows the equilibrium relationships between pressure and temperature for Equations [1]-[4]. Using
this diagram, working cycles of chemical heat pumps can be described as follows. Typical heat pump system
consists of a reactor and a reservoir of working fluid (H 2O or CH 3NH2 ). In the heat pumping mode the
absorption reaction proceeds at the temperature A’, B’ or C’, which makes working fluid in the reservoir to
evaporate at the temperature A, B, or C. After the heat pumping mode finishes, desorption reaction is
promoted by supplying heat to the reactor to regenerate the reactive solid, and the working fluid desorbed
from solid condenses in the reservoir. This is the regeneration mode. Since the absorption reaction and
condensation are exothermic while the adsorption reaction and evaporation is endothermic, the heat of
absorption and condensation are released and the heat of desorption and evaporation are absorbed in this
process. As one can see from Figure 1, MgO/H 2O system is suited to the heat pump cycle at high temperature
range, and CaCl2/CH3 NH2 or CaCl2/H2O can absorb working fluid at low temperature range. If waste heat is
used for regeneration, the former generates thermal energy from absorption and condensation and the latter
generates cold heat from evaporation without supplying electricity or any other energy source.
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Figure 1: Equilibrium relationships between pressure and temperature for CaCl2/CH3NH2 , CaCl2/H 2O
and MgO/H2O with supposed operating points A-A’, B-B’ and C-C’
MEASURED CONVERSION PROGRESS AND TEMPERATURE IN BED
An example of time variations of (a) conversion X of CaCl2 to CaCl2·4H2O and (b) temperature and
equilibrium pressure measured by using thin packed bed reactor is shown in Figure 2. Details of the
experimental procedure have been described in Fujioka et al, 2002. The conversion progress was relatively
fast at the initial stage, but the reaction rate decreased rapidly and the reaction substantially stopped at around
X=0.5. The reason can be seen from Figure 2 (b), where the temperature of bed rose sharply due to the
reaction heat and, in consequence, the equilibrium pressure for equation (3), Pe3 , exceeded vapor pressure
soon after the reaction started. Similar temperature rise is observed in many gas-solid reactions used for
chemical heat pumps, since their reaction heat is large and the thermal conductivity of packed bed is low.

Pr essure P×103 [kPa]

CaCl2 + 4H2O = CaCl2·4H2O

0.6

Conversion X [ -]

20

(a)

0.5
0.4
0.3
0.2
0.1
0

0

10

20

Time  [min]

30

40

340

(b)

15

Pe at T U
Pe at T B
Pv

330

TU
TB

320

Pe3

10
5

310
Pe2

0

0

10

20

30

Te mper ature T [K]

0.7

300
40

Time  [min]

Figure 2: Time variations of (a) conversion, (b) temperature at the upper and bottom surface of bed,
T U, T B and equilibrium pressure of CaCl2/H 2O (initial and ambient temperature: 303K, P: 7.8 kPa)
SIMULATION MODEL
The techniques developed to improve the above mentioned situation can be roughly classified into two
categories; one is to reduce the heat transfer distance, and the other is to increases the effective thermal
conductivity or the heat transfer coefficient between wall and bed. The effects of these two factors on
reaction progress have been examined by means of simulation analysis.

Simulation analysis has been carried out for the reactions in a square reactor in which rectangular pipes for
heat transfer fluid are inserted as shown in Figure 4. Particles of MgO or CaCl2 are packed between heat
transfer pipes whose pitch is Wp and height is Hp on the bottom plate with Hb in thickness. Above the bed,
there is a clearance with Hc in height for vapor transportation.

y
Heat exchange pipe
Hc
Insulated wall
Hp

Bottom plate

Hb

x

Wp
Computational cell for
reaction

Computational cell for power

Figure 3: Domain for analysis
The unsteady heat balance in a two-dimensional rectangular bed is expressed by the following equation.






 T   
T
d
(1 ) X 
(1 ) 
C pT  
eff
 eff
ΔH r

x  x  z  
z
d

[5]

where, is time, is void fraction, and Cp are density and heat capacity of sold, T is temperature, eff is
effective thermal conductivity, Hr is enthalpy change of the reaction and X is conversion. The sensible heat
of gas phase is not included in Equation (5) since it is negligibly small in comparison with solid phase. The
reaction rate is expressed by,
dX
k ( X f X ) ( P Pe )
d

[7]

Using Equations [5] – [7] together with heat transfer and rate parameters obtained by experiments, time
variations of reaction progress and temperature profile in the bed were calculated for the half cell designated
by the square-solid line in Figure 3 with the following boundary conditions.
T Ts
T Ts
d T dx
d T dy

at x 0 and H b y Hp
at 0 x Wp 2 and y 0
0 at x Wp 2 and 0 y Hp
0 at 0 x Wp 2 and y Hp

(surface of heat exchange pipe)
(lower surface of bottom plate)
(center of cell)
(upper surface of bed)

[8]

The pressure drop due to the permeability resistance was estimated by the Darcy’s law. The Darcy’s
coefficient was determined so as to minimize the variance between calculated and measured conversions.
At first, the validation of the model was examined by comparing the calculated values to the experimental
results obtained by using a plate type reactor. Detailed experimental procedure is described in our previous
study (Kato et al, 2001b). Figure 4 shows the measured and calculated time variations of conversion of
MgO/H2O. A good agreement between observed and calculated data for the entire reaction period would
confirm the validation of simulation model.
SIMULATION RESULTS
Temperature and conversion profiles
Temperature profiles in beds of MgO are shown in Figure 5 (a-1), (b-1) and (c-1) for the cells with different
configurations when 30 minutes has elapsed after the hydration reaction started. In the center part of each cell,
the temperature is higher by 20 to 40 K than the area close to the heat exchange pipe or bottom plate.

0.7

Conv ersion X [-]

0.6

MgO/H 2O
383 K P= 47 .4 kPa

0.5
0.4
0.3
0.2

Measured
Calculat ed

0.1
0

0

50

100

150

200

250

Time  [min]

Figure 4: Measured and simulated conversion progress of hydration reaction of MgO
Since P e of each reaction increases with temperature, the driving force for the reaction decreases as the
temperature rises, which leads to non-uniform progress of reaction as in Figure 5 (a-2), (b-2) and (c-2). In the
cell (b) which has large width, there is a wide high-temperature region in the central part because the heat
transfer distance is larger than other cells. As a result, the average conversion of bed, X av, is 0.164, which is
lower than that of the cell (a) (Xav =0.190) or the cell (c) (X av=0.235). The reaction progress is faster in the cell
(c) than the cell (a) because the diffusion distance of vapor from top to bottom of bed is small. Thus the
analysis indicated that the temperature and conversion profiles in the bed are strongly affected by the
configuration of cell.
Heat exchange pipe

Bottom plate

(a-1)

(b-1)

(c-1)

(a-2)

(b-2)

(c-2)

Figure 5: Temperature (a-1, b-1, c-1) and conversion (a-2, b-2, c-2) profiles in cells of MgO/H2O with
(a) W P=20 mm, H p=20 mm, (b) WP =40 mm, H p=20, (c) W P=20 mm, H p=10 at time =30 minutes
Power per volume
Although Figure 5 shows that small cells yield higher overall reaction rate then larger ones, when Wp and Hp
becomes small the proportion of effective area to the total cell area, that is bed area to total cell, also becomes
small. Then the power per volume of cell, P r has been calculated from the integration of reaction heat
generated and the volume V c of a cell designated by the square dotted-line in Figure 3 as,

d
Pr ΔH r  

1 

X
d  Vc
d

[9]

The relationships between bed height and Pr for MgO/H2 O and CaCl2/CH3 NH2 are shown in Figure 6 for the
cases with various bed heights when the width of bed is fixed to 20 mm. For calculation of CaCl2/CH3 NH2,
evaporation heat of methylamine was used instead of Hr. In MgO/H2 O, the bed height that gives maximum
Pr is 7 mm, while it is 4 mm in CaCl 2/CH3NH2 . The optimum height is smaller for CaCl2 /CH3NH 2 because
the gap between vapor pressure and equilibrium pressure in Figure 1 is smaller than MgO/H 2O in the region
of supposed working cycle and the driving force of reaction is largely affected by temperature rise.
Effect of heat transfer properties
In order to examine the effects of heat transfer properties, the reaction time required to the conversion
reaching 0.4, X=0.4, was calculated for the cases when the effective thermal conductivity and the heat transfer
coefficient between wall and bed, h w are increased up to 50 times larger than the original values of eff = 0.16
W/mK and hw = 20 W/m2K. The results are shown in Figure 7. The reaction time decreased sharply when the
effective thermal conductivity increased by 5 times, that is from 0.16 to 0.8 W/mK. There seem to be few
dependencies on hw when the effective thermal conductivity is larger than 4 W/mK. The effect of heat
transfer enhancement is more appreciable in CaCl2/CH3NH 2, whose driving force is smaller than MgO/H2 O.

Po wer per volume [kW/m3]

20
MgO/H 2O

15

10

5

0

CaCl 2 /CH 3 NH 2

0

5

10

15

20

25

Hight of a cell H p [mm ]

Figure 6: Effect of bed height on power per volume (W p=20 mm)
(MgO/H2 O: P=47.4 kPa, T s =383 K, CaCl2/CH3 NH2: P=162 kPa, T s=303 K)

Reaction time X=0.4 [min]
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Figure 7: Effect of heat transfer properties on reaction time for the bed with Wp=20mm and H p=20mm
(MgO/H2 O: P=47.4 kPa, T s =383 K, CaCl2/CH3 NH2: P=162 kPa, T s=303 K)

CONCLUSIONS
The simulation analysis for the MgO/H2 O and CaCl2 /CH3NH2 reaction systems indicates (1) Temperature and
conversion profiles in the bed are strongly affected by the aspect ratio and the dimension of cell, (2) optimum
configuration of bed width and height that gives largest power per volume exists, depending on the
thermodynamic property and working condition of each reaction system, (3) when the effective thermal
conductivity increases ten-fold, the reaction time is reduced by half in MgO/H2O and that for CaCl2/CH3NH 2
is reduced to below one fifth. Further increase in the effective thermal conductivity is less effective in
reducing the reaction time.
NOMENCLATURE
k
Pe
Ts
Xf
Hr

reaction rate coefficient whose dependence on temperature follows Arrehenius’s equation [Pa-1·s- 1]
equilibrium pressure for the reaction [Pa]
temperature at the surface of heat transfer pipe and bottom plate [K]
the final conversion when the reaction finishes [-]
enthalpy change of the reaction [J·mol-1]
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GAS FIRED ADSORPTION HEAT PUMP FOR DOMESTIC GAS BOILER
REPLACEMENT
Steven Metcalf
School of Engineering, University of Warwick, Coventry CV4 7AL, UK; e-mail: S.J.Metcalf@warwick.ac.ukT

ABSTRACT
This work presents computational modelling results for a gas fired air source carbon-ammonia adsorption
heat pump designed to replace a domestic combination boiler. A four-bed cycle with mass recovery is
employed to improve COP and the generator beds are in a plate heat exchanger configuration to increase
power density. Power density is further improved using expanded natural graphite mixed with the
granular carbon to improve the adsorbent conductivity. The heat input is supplied by a heat transfer oil
heated in a regenerative gas burner.
Hot water can be delivered at a flow rate of 10 l min-1 with a 30°C temperature rise. The nominal heating
power output is 7 kW, suitable for the majority of homes in the UK. The seasonal COP of the heat pump
for a typical heating season in the UK Midlands is predicted by the model to be 1.7. Including an assumed
burner efficiency of 0.8, the overall seasonal COP is 1.36. This represents an annual fuel usage reduction
of 35% compared to a condensing boiler with a seasonal COP of 0.88 (SEDBUK, 2006). CO2 emissions
and fuel cost comparisons with an electric air-source vapour compression heat pump and a condensing
gas boiler are carried out and the gas-fired heat pump is shown to perform favourably on both respects.
The system design has been completed and the plate heat exchanger generators are currently undergoing
manufacture.
INTRODUCTION
According to the UK’s Department of Trade and Industry, 82% of domestic energy consumption and 64%
of industrial energy consumption in the UK in 2001 could be attributed to space heating and hot water
production (UK DTI, 2002). Domestic and industrial energy consumption represented 30% and 22%,
respectively, of the UK’s overall energy consumption and thus 39% of the UK’s energy consumption can
be attributed to space and hot water heating. Therefore improvements in the efficiency of space heating
and hot water production could dramatically reduce the UK’s energy consumption and carbon emissions.
This paper presents the design and computational modelling of a gas-fired air-source adsorption heat
pump that could replace a domestic gas combination boiler. The heat pump is designed to provide a hot
water flow rate of 10 l min-1 with a 30°C temperature rise and a nominal heating power of 7 kW. The
performance of the heat pump is modelled both for hot water production and space heating and the
seasonal COP is calculated for a typical UK Midlands heating season. Comparisons of the CO2 emissions
and fuel costs are then made between the gas-fired adsorption heat pump, an electric air-source vapour
compression heat pump and a condensing gas boiler.
SYSTEM DESIGN
The two primary challenges in the development of commercially viable adsorption heat pumps are the
improvement of power density in order to reduce capital cost and space requirements and improving the
COP to reduce running costs.
The adsorption heat pump proposed in this paper employs a plate heat exchanger sorption generator in
order to reduce cycle times and increase power density. The configuration of the generator is shown
schematically in Figure 1.

Figure 1: Plate heat exchanger configuration of sorption generator
The plate heat exchanger generators are currently under development as part of the EU project
TOPMACS, and at present the detailed design must remain confidential. They are constructed of nickelbrazed stainless steel with a carbon layer thickness of 4-8 mm; water or oil may be used as a heat transfer
fluid. Power density is further enhanced with the addition of expanded natural graphite (ENG) to the
active carbon adsorbent in order to increase its thermal conductivity. The method used for manufacture of
the composite adsorbent is as suggested by Eun et al, 2000, for silica-gel. Water is added to the expanded
natural graphite to form a slurry before 80% by mass of carbon adsorbent is added in a granular form with
a grain size of the order of 1 mm. After thorough mixing the material is compressed to form a composite
block as shown in figure 2. Conductivity tests are ongoing, however Eun et al have measured thermal
conductivities in the region of 10 W m-1K-1, and therefore this value has been assumed in the model.

Figure 2: Compressed ENG-carbon composite block.
The COP of adsorption cycle heat pumps may be improved by using two principle heat recovery or
‘regeneration’ techniques: thermal wave cycles or multiple bed cycles. Figure 3 shows the results of
initial basic computational modelling which compared the COP-power density trade off for modular
thermal wave and multiple bed cycle (two-bed and four-bed) adsorption air conditioners.
It can be seen from figure 3 that although a thermal wave cycle offers the possibility of achieving a higher
COP than a four-bed cycle, it is at the expense of a reduced power density. It was concluded that a fourbed cycle could achieve an acceptable COP whilst maximising the power density in order to reduce the
size and cost of the machine to a commercially viable level. Although multiple-bed cycles with a greater
number of beds could give a higher COP, these were ruled out at this stage due to the complexity and the

COP

number of pumps and valves required. Thus a four-bed cycle was selected for the gas-fired adsorption
heat pump.
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Figure 3: COP-SCP trade offs for multiple bed and modular thermal wave adsorption air
conditioners.
Preliminary modelling showed that with the assumed ENG-carbon composite thermal conductivity of 10
W m-1K-1, an 8mm thick adsorbent layer within the plate heat exchanger generators offered the most
favourable trade-off between COP and power density – thicker layers reduce the relative mass of the
plates and thus increase COP but increase the cycle time and thereby decrease the power density. Each
generator contains 0.85 kg of carbon adsorbent and is approximately 1.25 litres in volume, giving a total
generator volume of 5 litres.
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Figure 4: Schematic diagram of the gas-fired heat pump.
Figure 4 contains a schematic diagram of the main components of the heat pump and the fluid flows to
and from the system. Hot oil is supplied by a regenerative gas burner in order to provide the driving heat

for the cycle. The heat pump is an air-source machine with a finned tube fan coil as an evaporator over
which ambient air is passed. The heating water and hot water are heated firstly in the condenser and then
in an oil-to-water heat exchanger by the heat rejected from the beds during the adsorption phase. This
strategy lowers the condensing temperature and increases the efficiency of the heat pump. Both the
condenser and the oil-to-water heat exchanger would be compact heat exchangers such as spiral plate or
plate heat exchangers. In order to prevent the heating water and hot water streams from mixing, four such
heat exchangers would be required.
COMPUTATIONAL MODEL
The computational model was created in MATLAB using a finite difference formulation with an explicit
time scheme. Details of the plate heat exchanger generator model can be found in Metcalf, 2005. The
adsorbent and the heat exchanger plates are lumped elements, and thus are considered isothermal. The
condenser and evaporator are modelled using ammonia mass balances and energy balances with their
respective heat transfer fluids, and both their thermal masses and void volumes are accounted for. The
check valves are modelled with a loss coefficient and the oil-to-water heat exchanger with an assumed
heat transfer effectiveness.
Figure 5 shows temperature and pressure cycles obtained from the model over four simulated cycles.
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Figure 5: Top: Carbon bed temperature cycles; Bottom: Bed pressure cycles.

MODEL RESULTS
Hot Water Production
Figure 6 plots heat pump COP for various flow rates with hot water outlet temperatures of 40 and 50°C,
and an air-source temperature of 10°C (typical during the UK heating season). Taking a typical hot water
flow rate of 8 l min-1 at a delivery temperature of 40°C, the predicted COP is 1.65. Modelling of the
regenerative gas burner has yet to be undertaken, however if a burner efficiency of 80% is assumed then
the overall COP would be 1.32 for hot water production.
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Figure 6: Effect of hot water outlet temperature and flow rate on heat pump COP.
Space Heating
Figure 7 shows the COP of the heat pump with varied ambient temperature when delivering heating water
at a temperature of 35°C (i.e. at a temperature suitable for underfloor heating) and figure 8 shows air
temperatures during a heating season in Birmingham, UK. Using the heat pump COP data shown in
figure 7, the seasonal COP for the heating season shown in figure 8 has been calculated as 1.69. Again
assuming a burner efficiency of 80%, the overall seasonal COP is calculated at 1.35.
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Figure 7: Effect of ambient air temperature on heat pump COP.
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Figure 8: Duration in hours of air temperatures during the heating season in Birmingham, UK,
1995. Heating assumed to be required when air temperature drops below 15.5°C. Data from
Meteonorm 4 software package from Meteotest.

COMPARISONS WITH EXISTING TECHNOLOGIES
Figure 9 compares the cost per kWh of heating provided for the gas-fired adsorption heat pump, an
electric vapour compression heat pump, and a condensing boiler when delivering heating water at
temperatures of 40 and 55°C. The air-source temperature is 10°C; the electric vapour compression heat
pump COP is 3.9 and 2.9 and the condensing boiler efficiency is 95% and 88% at delivery temperatures
of 40 and 55°C, respectively. With prices obtained from British Gas from the 1st March 2006 it can be
seen from the figure that the running costs of the gas fired adsorption heat pump are lower than both
whether operating with conventional radiators (55°C delivery temperature) or underfloor heating (40°C
delivery temperature).

Pence per kWh

Heating Cost
3
2.5
2
1.5
1
0.5
0

2.9 2.9
2.2
1.9

2.7

Gas Fired Heat Pump

2.2
Electric Air Source
Heat Pump
Condensing Boiler

40

55

Heating Water Delivery
Temperature (oC)

Gas Price: 2.55p per kWh
Electricity Price: 8.4p per kWh
Source: British Gas 1st March
2006
Condensing Boiler Efficiency:
95% and 88%
Electric Heat pump COP: 3.9
and 2.9

Figure 9: Comparison of heating costs.

Figure 10 shows the estimated CO2 emissions per kWh of heating provided under the same conditions as
figure 9. It has been assumed that 0.54 kg CO2 is produced per kWh of grid electricity consumed, which
has been obtained from Defra, 2005.
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Figure 10: Comparison of the CO2 emissions.
It can be seen from the figure that the gas-fired adsorption heat pump compares favourably with respect to
CO2 emissions. The comparison with the electric vapour compression heat pump however depends highly
upon the primary energy source used to generate the grid electricity and upon how the additional capacity
requirement which would be needed if these devices were to become widespread would be met.
CONCLUSIONS
The design and modelling of a gas-fired adsorption heat pump has been presented which could replace a
domestic gas combination boiler. The overall seasonal COP for a typical UK Midlands heating season has
been estimated at 1.35. This heat pump has been predicted to compare favourably to two competing
technologies – the electric vapour compression heat pump and a condensing boiler – with respect to both
running costs and CO2 emissions.
The plate heat exchanger generators are currently undergoing manufacture and results are expected by the
end of 2006.
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THE APPLICATION OF GROUNDWATER COOLING FOR
LONDON’S UNDERGROUND NETWORK
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Abstract
The demand for acceptable thermal comfort conditions within the London Underground network
has grown over the years. The operation of the network generates a large heat load, with
temperatures of more than 37 oC have been recorded on some trains in summer. Different cooling
methods have been proposed for cooling the network especially after the London Mayor offered a
£100,000 reward for the best idea in 2003. Of the methods proposed, groundwater cooling is the
first to be tried. London Underground Limited unique characteristics of being close to the aquifer
of the central London basin, rivers and also because they pump over 30 million litres of water from
the network every day make it an ideal site for this technology. This paper investigates thermal
problems with London’s Underground network and presents an overview of groundwater cooling
schemes for the network.
Introduction
The demand for acceptable thermal comfort conditions within the London Underground network
has grown over the years. The operation of the network generates a large heat load, with
temperatures of more than 37 oC have been recorded on some trains in summer [Evening Standard,
2003]. Different cooling methods have been proposed for cooling the network especially after the
London Mayor offered a £100,000 reward for the best idea in 2003. London Underground Limited
(LUL) received an incredible 3500 entries, from 60 countries, proposing around 45 different main
solutions, with many variations on these [LUL press release, 2005]. After careful consideration
against the published competition criteria LUL decided that there is no overall winner of the prize
because none of the solutions proposed an original, workable, cost effective or economically viable
solution to the issue of heat on the network. Also, LUL confirmed that some entries were ideas
already being taken forward by them prior to the competition. One such idea was a groundwater
cooling scheme proposed by the authors. LUL’s unique characteristics of being close to the aquifer
of the central London basin, rivers and also because they pump over 30 million litres of water per
day from the tube network make it an ideal site for this sustainable technology. Figure 1 shows how
close the current groundwater level at Trafalgar Square is from ground level. In Figure 1, AOD
stands for Above Ordnance Datum. Similar levels are found at different sites under London
Underground network. This paper investigates thermal problems with London Underground
network and presents an overview of groundwater cooling scheme for the network.

Figure 1. Groundwater levels at Trafalgar Square.

Thermal problems with London’s Underground network
The London Underground network was designed and constructed by Victorians. The infrastructure
was designed for a low train capacity and the deep and small tunnels as shown in Figure 2 make
ventilating the underground environment difficult in comparison to modern networks. The authors
have investigated the heat load in a generic underground railway network using a purposely
developed mathematical model [Ampofo et al, 2004]. A theoretical analysis has shown that the
major contributor of heat to the tunnel is from the braking mechanism and that for the train carriage
is from the passengers. The heat generated by the train motors and electric lighting, together with
body heat from passengers, is so great that it raises the underground temperature substantially. The
problem is exacerbated by high ambient temperatures. Figure 3 shows the relationship between
train carriage temperature and ambient temperature; the measurements were taken by the authors. It
is possible to see from Figure 3 that there is a significant relationship between ambient and train
carriage temperatures. This is highlighted by the best-fit line that indicates a direct proportional
positive relationship. The correlation coefficient for Figure 3 is around 0.62.

Figure 2. Typical tube stock in 1959.
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Figure 3. Train carriage temperature versus ambient temperature.

Groundwater cooling system
Cooling of the London Underground network may be achieved by using groundwater to directly
cool the air within the tunnel. The principal aim of applying groundwater cooling to an
underground railway system is to cool the tunnels. Applying conventional air conditioning as the
only means of cooling the London Underground network is not straightforward because a
conventional air conditioner is a heat pump and as such it will pump heat from trains into tunnels.
Without better ventilation the tunnel temperatures will become excessive as shown in Figure 4(a).
However, as shown in Figure 4(b), if the tunnels are cooled using the groundwater system the train
temperatures will be lowered.
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Figure 4. Relationship between tunnel temperature and train temperature.
Figure 5 shows a schematic diagram of groundwater cooling as would be applied to London
Underground network. The concepts of groundwater cooling is as follows: groundwater is pumped
through heat exchanges; hot air in the underground environment is cooled and then circulated by
fans onto platforms; trains act as giant pistons which will circulate the air around the underground
network; fans on top of trains suck in air to cool trains.

Figure 5. Schematic diagram of groundwater cooling.

Groundwater at about 12oC can be drawn from nearby boreholes to cool the air. Groundwater is
located at a level below London Underground network, which is in the London chalk aquifer at
about 40m below ground level, see Figure 1. Groundwater in the chalk aquifer has a potential yield
up to 30 l/s per borehole. With industry no longer drawing water from this lower aquifer, the
hydrostatic level below central London has been rising at about two metres a year in places. When
coupled to the temperature needs of a ventilation system this cooling can be used without any
mechanical refrigeration enhancement, thus providing a low energy sustainable solution. To make
further use of this natural cooling resource after it is used for cooling, the groundwater may feed a
greywater system serving toilet cisterns, to reduce the demand for refined mains water. The
expected groundwater temperature gain is about 6oC, which can be safely discharged in London
into the River Thames.
Water quality
In terms of quality, groundwater in its natural state is generally excellent, because rocks etc. act as
filters. London has relatively high concentrations of magnesium, sodium, chloride and sulphate in
the water [Environment Agency, 2001], not affecting heat transfer characteristics or reliability in
closed systems. Particulates such as silt may be filtered using appropriate gravel or carbon filters,
to avoid fouling of heat exchanger surfaces. Surface water may also contain bacteria, albeit in an
anaerobic environment. Although the presence of bacteria in a water-cooling scheme will have
minimal risk, the water should be sampled for the presence of bacteria, as a precaution.
Appendix 5 of Leggett et al, 2001 provides a compilation of existing standards and
recommendations for water quality for different application. Unfortunately, it does not include
standards and recommendations for water quality for operating a groundwater cooling system.
However, the authors have sampled groundwater at a couple of sites in London for the presence of
bacteria and found that the nearest comparable application is bathing water, e.g. the sea, and Table
1 shows the recommended water quality standards.
Table 1. Recommended water quality standards for bathing water, Leggett et al, 2001.
Microbiological requirements
Chemical & physical Guidelines and standards
requirements
<10000 counts per 100ml for
No abnormal colour
The Bathing Water (Classification)
Total coliforms and <2000 counts change, no oil films. Regulations 1991 (Based upon EC
per 100ml for faecal coliforms
pH 6 – 9
bathing water directive 76/160/EEC)

Comparison between groundwater and vapour compression cooling
In order to be viable the groundwater cooling system must compare favourably with a conventional
vapour compression system in terms of running cost, energy consumed and CO2 emissions. The
assumptions made and the results are shown in Table 2. The COSP, the co-efficient of system
performance is the useful cooling divided by the power needed to supply this, including ancillaries.
The range of COSP for groundwater depends on pumping power; for deep boreholes with no static
recovery, this is high (low COSP), for shallow water sources, or with static recovery, this is low
(high COSP). This highlights the advantage of secondary use of clean deep borehole water which
offsets the cost of the static lift.
The results indicate that the cost per kWh of groundwater cooling is around 2.5 – 8 times less than
that of the vapour compression system. The energy consumption and CO2 emissions per kWh of
groundwater cooling are around 3.3 – 50 times less than that of the vapour compression system.
Other annual costs such as maintenance etc. are pertinent; much of the two competing systems are
common (air cooling, chilled water circulation etc.), thus the running cost comparison is essentially
between borehole and vapour compression water-chiller. With time, these costs will become
available in the public domain. The capital cost comparison depends on whether an existing source
is being adapted or whether a new borehole (costing perhaps £144300 per 600kW, Green, 2005)

must be driven or a new chiller be purchased (budget price £41000 per 500kW, York International
Ltd., 2005). Each case requires individual assessment.
Table 2. Comparison between groundwater and vapour compression cooling.
Groundwater cooling
Vapour compression
system
refrigeration
Cooling energy output (kWh)
100
100
∆t for groundwater (K)
5
N/a
Cp for water (kJ/kg K)
4.2
N/a
Mass of groundwater needed (kg)
17143
N/a
Volume of groundwater needed (m3)
17.1
N/a
3
Cost of groundwater @1.135 p/m (£)
N/a
17.1×1.135 = 0.19
Nett COSP of cooling system
9.4 – 140.6 [Rafferty, 1998] 2.79 [MTP, 2005]
Energy consumption (kWh)
100/9.4 – 100/140.6
100/2.79 = 35.84
= 10.64 – 0.71
Energy cost @ £0.05/ kWh (£)
10.64×0.05 – 0.71×0.05
35.84×0.05 = 1.79
= 0.532 – 0.036
Total cost (£)
0.72 – 0.23
1.79
CO2 emissions assuming 0.43 kg
4.58 – 0.31
15.41
CO2/kWh (kg CO2)
Conclusions
The difficulty of cooling the London Underground network is primarily due to infrastructure high
heat loads and thus is particularly difficult in deep and small tunnels. The tunnel air temperature is
a complex function of all the factors influencing the energy release and energy transfer mechanisms
in the tunnel. Tunnels with high rates of energy release, such as high traffic density found in the
London Underground network will require large ventilation pumping rates to avoid excess build-up
of temperature. Groundwater cooling scheme can be applied to cool the tunnels within the London
Underground network.
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ABSTRACT
Natural refrigerants are becoming increasingly popular in refrigeration systems due to their low ozone
depletion potential and high volumetric efficiency. In this paper, the results of an experimental study of the
performance of propane (R290) and monochlorodifluoromethane (R22) in a 5.3kW and a 2.6kW mini split air
conditioning system will be presented. Both mini split units were purchased with rotary type compressors. The
5.3kW mini split unit was used to condition the air in a 37m2 office and the 2.6kW unit was installed in a 12m2
office, in the same geographic location. Temperature, pressure and voltage and current measurements were
used to evaluate the effectiveness of both refrigerants under the weather conditions of Jamaica where the
ambient temperature averaged 32ºC over the test period. The results of this experimental research showed that
natural refrigerant R290 achieved up to 16% energy savings when compared to R22. The speed of the
compressor could be reduced by 6 percent of its nominal speed, but would be able to gain more favourable
results using a mini-split equipped with an inverter. The mass of refrigerant charge for R290 is approximately
50 percent less than that of R22 in both units. A 20 percent decrease in condenser temperature using R290 was
also observed.
1.

INTRODUCTION

Recent attention to depletion of stratospheric ozone, by chemicals containing bromine and chlorine, and climate
change, by greenhouse gases, resulted in an international accord to halt the production of these chemicals. The
most widely used refrigerants are among them. Indeed, the production of CFC (Chlorofluorocarbons)
refrigerants such as R11 and R12 that were commonly used in conventional refrigeration and air conditioning
equipment was stopped by 1996. The phase out of HCFC (Hydrochlorofluorocarbon) refrigerants such as R22
that is still considered to be one of the most important refrigerants used in air conditioning all over the world is
scheduled for 2030 for non-Article 5(2) countries and for 2040 in Article 5(2) countries. In Europe, HCFC
refrigerates have already been phased out in new equipment (below 100kW capacity) in 2002 and total phase
out of HCFCs is scheduled for 2015. Therefore, chemical and equipment manufacturers mounted aggressive
research and development programs to introduce alternative and transition refrigerants [1].
Initially hydroflourocarbons (HFCs) such as R134a and R152a and mixtures of hydroflourocarbons such as
R407C (R32/R125/R134a, 23/25/52 by wt %) and R410A (R32/R125, 50/50 by wt %) were considered to be
long term solutions. However, their high global warming effect (see table 1) is becoming a hurdle to accept
them as long term solutions. Now the focus is on the use of natural refrigerants such as hydrocarbons (e.g.
R290, R600 and R600a and their mixtures), ammonia, carbon dioxide and water. These natural substances have
the dual advantage of very low global warming (nearly zero) and zero ozone depletion potential. Hydrocarbon
refrigerants such as R290, R600 and R600a are used for refrigerants as pure substances or in blends and also
alongside non-hydrocarbons in mixtures. They are advantageous in respect of their performance, mineral oil
compatibility, low toxicity and negligible environmental impact in addition to being readily available
worldwide. The most important issue regarding hydrocarbons as refrigerants is their flammability. While this is
an emotive subject, it should be remembered that millions of tonnes of hydrocarbons are used safely throughout
the world every year for cooking, heating, powering vehicles and as aerosol propellants. In these industries,

procedures and standards have been developed and adopted from scientific data and test use of the product. The
same approach is now being followed by the refrigeration industry [2].
Table1. Environmental impact factors of different refrigerants [3]
Refrigerant

ODP

R11 (CFC)
R12 (CFC)
R123 (HCFC)
R22 (HCFC)
R134a (HFC)
R152a (HFC)
R404A

1
0.82
0.012
0.055
0
0
0

GWP(time horizons
of 100 years)
4600
10,600
120
1700
1300
120
3800

Refrigerant

ODP

R407C (HFC mixture)
R410A (HFC mixture)
R290 (HC)
R600a (HC)
R717 (Ammonia)
R718 (Water)
R744 (Carbon Dioxide)

0
0
0
0
0
0
0

GWP(time horizons
of 100 years)
1700
2000
20
20
<1
<1
1

For the replacement of R22, the Air Conditioning and Refrigeration Institute identified R410A, R407C, R134a
and R290 as the most potential alternative refrigerants [4]. Devotta et al. [5] theoretically assessed the above
mentioned refrigerants in addition to other three mixtures of HFC refrigerants as alternatives to R22. They
concluded that (i) even though R134a gave the highest COP, it can not be used as a drop in replacement due to
the high compressor displacement required, (ii) R407C requires the same compressor displacement as R22 and
hence it is ideal for retrofitting, (iii) R410A produced the highest discharge pressure and hence it is used in new
equipment where new compressor and heat exchangers capable of withstanding the higher pressure than being
currently encountered with R22 can be used and (iv) R290 requires the same size compressor as R22 and
results in slightly higher COP, slightly lower compressor power consumption, 14.13% loss in cooling capacity
and 6.87% lower pressure ratio. Thus R290 is a potential drop in replacement for R22 but with modifications to
improve the safety aspects of using it. Dohlinger [6] reported that the German refrigeration mechanics had used
commercial propane surreptitiously to replace R22 in heat pumps for many years. Also he mentioned that RWE
(Rheinisch/Westfa-hlische Electrizitatwerke) field tested several heat pumps where R22 was replaced by R290
for two heating seasons. In 1993, RWE emphatically recommended replacing R22 and R502 with R290 in all
domestic and small commercial heat pumps for its power saving. Purkayastha and Bansal [7] tested R290 in a
laboratory heat pump/refrigeration test apparatus and reported that COP of heat pump with R290 was higher
than R22 with small loss in condenser capacity. Granryd [8] reviewed the hydrocarbon refrigerants for different
applications. The author compared R290 and R22 and found that propane gave lower cooling capacity by 3 15% than R22. Devotta et al. [9] tested experimentally the performance of R290 and R22 in a window air
conditioning unit. They confirmed experimentally that R290 requires lower power consumption than R22 in the
range 12.4%-13.5%, has lower cooling capacity in the range 6.6-9.7%, lower discharge pressure in the range
13.7%-18.2% and higher COP in the range 2.8 to 7.9%.
The main conclusions from the above mentioned research work is that R290 is a potential drop in replacement
for existing R22 air conditioning systems. R290 was reported to give higher COP in spite of up to 15% loss in
cooling capacity. Therefore there is considerable interest in assessing the performance of the various
components forming the cooling system using R290 in comparison with R22. In this paper, the performance of
R290 and R22 in two mini split air conditioning units is measured using two types of compressors namely
reciprocating and rotary.
2.

EXPERIMENTAL FACILITY

In order to compare the performance of R290 and R22, two mini-split air-conditioning systems consisting of
condenser, evaporator, compressor and a capillary tube were used. One unit is of model NHX-018/MDX-018
with 5.3kW cooling capacity and the second one is of model NHX-009/MDX-009 and 2.6kW cooling capacity.
The 5.3kW mini split unit was used to condition the air in a 37m2 office and the 2.6kW unit was installed in a
12m2 office, in the same geographic location. The units were modified and fitted with temperature, pressure
and voltage and current loggers to evaluate the effectiveness of both refrigerants under the weather conditions

of Jamaica where the ambient dry bulb temperature varied from 25ºC (night time) to 40 ºC (day time) over the
test period.
Both mini split units were purchased with rotary type compressors. However, one reciprocating compressor
was also purchased and used to replace the rotary one in the 5.3 kW unit to examine the difference in
refrigeration performance using both R22 and R290. The condensers on both units are air-cooled with aligned
coil configuration and the evaporator coils have a staggered configuration. The evaporator fan motor supplies
cool air to the offices under investigation. The power supply to the compressor motor, the condenser fan motor
and the evaporator fan motor were measured using voltmeters and ammeters. The voltage and current readings
were logged and used to calculate the total system power consumption. The compressor of the 5.3kW unit was
driven by constant speed motor at 1500rpm while that of the 2.6kW unit was driven by a single-phase variable
speed drive that enabled controlling the compressor speed and evaluating the refrigerants (R22 and R290)
performance at part load.
Four pressure transducers (±0.2 bars) were installed to measure the pressure across each of the main
components as shown in figure 1. One pressure transducer was installed at the compressor discharge port and
another at the end of the condenser coil. The other two pressure transducers were installed at the low-pressure
side of the system; one after the expansion device and the other at the end of the evaporator coil. These were
accompanied by thermocouples that were surface mounted on the copper pipes. The four thermocouples were
fitted as follows: two installed at the inlet and outlet of the condenser and the others at the inlet and outlet of the
evaporator. All the pressure and temperature readings were recorded with online data loggers to analyse the
dynamic data. The dry bulb and wet bulb temperatures were also measured for both the ambient and the offices
using a “Supco logit” temperature data logger (±0.5 ºC).
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Fig.1: Schematic diagram of experimental setup
3.

TEST PROCEDURE

The main objective of this test was to compare the effectiveness of the refrigerants R22 and R290 in terms of
their cooling effectiveness and system power requirement using two different types of compressors. First, the
experiments were conducted using R22 with the 5.3kW unit. R22 was then recovered and the unit was
evacuated and charged with R290. The 5.3kW unit was tested at full compressor speed during the experiments
using both refrigerants. The rotary compressor was then replaced with a reciprocating compressor and both
refrigerants were tested at full compressor speed. For each system refrigerant change and compressor change,

the refrigerant was recovered and then the system was evacuated and recharged with a new refrigerant. The
system was charged with the appropriate refrigerant charge to a suction pressure of 4.1 bars (gauge).
The cooling load will vary depending on the outside ambient condition and the internal use of the office for
both systems. However, to enable consistent comparison, the internal use of the building was maintained
approximately constant during the various experimental periods. Furthermore, outside ambient conditions were
chosen to be similar for the experimental period. The air conditioning unit control was set to the high-speed
position that allowed the system to operate at full load to meet the room’s cooling requirement. The evaporator
fan motor was set at high speed and the thermostat was set at 22º C. The results were recorded over an 18hour
period of continuous operation starting from 19 hr in the evening to 13 in the afternoon of the next day.
4.

RESULTS AND DISCUSSION

The system charge using the natural refrigerant, R290 was 40 to 50 percent less by mass than the R22 [10].
This is due to its lower density, higher latent heat per unit weight and better thermal conductivity than R22.
According to the manufacturer’s specification, Duracool, it was observed that this refrigerant was compatible
with the refrigerant oil used in present systems without any adverse effect to the system cooling performance.
During the tests, the R290 suction pressure ranged between 3.79 and 4.48 bars (gauge) with corresponding
temperatures varying between 1ºC and 6ºC. However, R22 operated at the same suction pressures but with
corresponding temperatures 0ºC and 3ºC. Figures 2 and 3 show the variation of the system power and ambient
temperature with respect to time using the rotary and reciprocating compressor respectively. The experimental
unit power is calculated from a measured power factor of 0.8. The experimental results showed that with the
rotary compressor, the power consumed using R290 was up to16% less than the power consumed by R22. The
results did not show a significant saving using the R290 when the reciprocating compressor was used.
Approximately 5% savings was only observed. This may be due to the fact that the compressor was rated at 60
Hz and was not of the exact capacity as the unit. Also, the accumulator retrofitted to it was too large and may
have caused loss of capacity. The 16% figure is more consistent with the findings of Devotta et al. [9]. It was
also observed that the discharge/head pressure was approximately 19% higher for R22 than R290. This is also
in agreement with the findings of Devotta et al. [9] who reported up to 18.2% reduction of the discharge
pressure using R290 compared to using R22.
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Fig. 2: Power and ambient temperature versus Time – R22 and R290 using rotary compressor
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A single phase variable speed drive was fitted to the rotary compressor of the 2.5kW unit to control its speed.
The time of day was approximately 14:00, when the heat gain incident on the building was at its peak. Figure 4
shows the power consumption of the air conditioning unit as the compressor speed changes using both R22 and
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Fig. 3: Power and ambient temperature versus Time – R22 and R290 using reciprocating compressor
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R290. It can be seen that for R22, the power consumption decreased as the speed was reduced from 1500 rpm
to 1460 rpm, but further reduction of the speed resulted in sharp increase in the power consumption. On the
other hand, when R290 was tested, as the speed was reduced, the power consumption dropped slightly over a
wide range of speed. Thus the compressor can be run at a speed as low as 1350 rpm ( ??? % of the nominal
speed) using R290 and only at speed as low as 1450 (?%of the nominal speed) using R22.
Figure 5 illustrates indoor temperature and relative humidity variation for a sample period, using R22 and R290
respectively. The results shown indicate that the R290 had a greater ability to remove latent heat load (lower
humidity was achieved with R290 compared to R22) from the room space, making it suitable for humid
climatic conditions
5.

CONCLUSIONS

The following conclusions can be deduced from the experimental work described in this paper. R290 requires
less power consumption than R22 using both types of compressors. With the rotary compressor, R290
displayed a performance level that would realise energy savings of approximately 16%. However, the
reciprocating compressor’s performance was hindered due to the size of the retrofitted accumulator. R290
could utilise a smaller capacity compressor than would the R22 or use the compressor at lower speed (6% the
nominal speed). The lubrication requirement for the R290 refrigerant retrofit makes it easy, since there is no
need to remove the existing oil from the system.

When R290 is compared to R22, it is seen as the preferred choice since there are both direct and indirect
environment benefits that also equates to financial savings directly and indirectly. Therefore, R290 is an
attractive replacement for R22, subject to the correct technical training on refrigerant handling, operation and
safety factors.
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THEORETICAL MODELLING OF AN ABSORPTION REFRIGERATION CYCLE
COMBINED WITH STEAM JET THERMAL ICE STORAGE
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Abstract
This paper describes the theoretical study of an innovative single effect LiBr-H2O absorption
refrigeration cycle combined with Steam Jet Thermal Ice Storage. The main objective of this
combination is to create an entirely heat powered system that enables the LiBr absorption refrigerator
to benefit from all the technical and economical advantages associated to coupling with ice storage.
The novel cycle is an environmentally friendly and economically competitive alternative to
conventional chillers that can be powered by low grade waste heat and uses water as working fluid, an
inexpensive and innocuous refrigerant.
Keywords: Absorption refrigeration combined cycles, Ice storage, Steam ejectors
1.Introduction
In order to promote the displacement of electrical energy consumption in buildings more attention has
been given in recent years to thermally activated refrigeration technologies. There is one heat-powered
refrigeration technology widely used already namely the absorption cycle (using either LiBr – H2O or
NH3-H2O). LiBr – H2O systems can use relatively low temperature energy as their power source. LiBrH2O absorption chillers utilize water as the refrigerant and are therefore limited to refrigeration
temperatures above 00C. This limitation means that absorption chillers cannot benefit directly from the
important advantages brought by ice storage systems over other commonly used cold storage
technologies, namely chilled water and eutectic salt. These advantages include a higher energy storage
capacity per unit of media mass, a lower storage temperature, tank modularity and shape flexibility,
and comparatively lower storage costs for small and medium installations (Hasnain, 1998). The
proposed system evaluated in this study combines a LiBr-H2O absorption refrigeration system with a
steam ejector refrigerator and overcomes this limitation.
Figure 1 shows a schematic layout of the innovative system. The system can be operated in three
different modes: Charge, discharge or a single effect absorption refrigerator. While operating in the
charging mode the steam ejector refrigeration system vacuum freezes the storage media. This would
normally match to a period of the day when there is a surplus of heat and there is no or low cooling
demand. The ice store, however, cannot be charged whilst simultaneously providing cold to the
building. The singularity of this process over conventional ejector refrigeration systems is that the
vapour entrained by the ejector is compressed into the absorber rather than into a condenser. When
operating in the discharge mode the cold previously stored as latent heat is used to top up the cooling
capacity of the absorption system. Under normal operating conditions this would correspond to a
period of the day when the building demand for chilled water exceeds the cooling capacity that the
absorption system can provide. Finally, the system can be operated as an independent single effect
absorption system without the contribution of the ice store. Under normal operating conditions this
mode would be suitable for periods of the year when the cooling demand is low or when maintenance
works need to be undertaken in the ice store.
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Nomenclature

Q&

nozzle throat cross section area
mixing cross section area
coefficient of performance
specific enthalpy [kJ / kg]
latent heat of evaporation [kJ / kg]
latent heat of sublimation [kJ / kg]
mass flow rate (kg/s)
stagnation or total pressure [Pa]
heat transfer per unit of mass [kJ / kg]
heat transfer rate [kW]

Subscripts
a
absorber
ARC
absorption refrigeration cycle
c
condenser
cc
ice store charging cycle
dc
ice store discharging cycle
e
evaporator
evap
water evaporated
ERC
ejector refrigeration cycle
g
generator

Rm
SHX
TIS
T
x

entrainment ratio
Solution Heat Exchanger
Thermal Ice Store
temperature [0C, K]
mass concentration [kg / kg]

s
st
w
1,2,3…

At
AZ
COP
h
hfg
hig

m&
P
q

Greek
α
λ

secondary flow
strong solution
weak solution
numbers for the states

non-dimensional factor
solution circulation factor
Steam
generator

SHX

Absorber

Condenser

Ice store

Evaporator

Figure 1 – Single effect LiBr-H2O absorption combined with ice storage
system schematic
2. Theoretical analysis of the novel combined system
In this section the individual analysis of the charging and discharging cycles is made. Separate steady
flow analyses are made for each cycle and for each individual thermal process based on the first law of
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thermodynamics and on the principle of mass conservation. The system’s performance was simulated
for different operating conditions taking into account the features of the technologies involved and the
properties of the working fluid.
2.1. Description of the charge cycle
The system operates under three different pressure levels. At the high pressure level the condenser
saturation temperature determines the pressure in the generator. On its turn at the intermediate level
either the ejector outlet pressure, or the temperature of the weak solution determine the pressure in the
absorber. The lowest pressure level is determined by the freezing point of water.
The configuration of the combined system in the charge mode is shown schematically in Figure 2 as
well as the heat and mass flow directions. Referring to Figure 2, high-pressure primary steam driven
from the boiler causes the ejector to entrain vapour from the TIS lowering its pressure down to the
triple point of water. The ejector’s mixed stream of vapour is after compressed into the absorber where
it finally condenses. In the meantime the weakened Lithium Bromide solution is pumped into the boiler
where the concentration process takes place by release of the excess of condensed water. The cycle is
completed when part of the high pressure vapour generated reaches the ejector being the rest,
& s , condensed after the two streams split.
equalling m

Q& c

Q& g

m&

m& s

Condenser
Pc;Tc

7

12

Generator
Pg;Tg;xg
3
SHX

m& w

W& p
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14

m& p

4

m& st

2

5

1

6

Absorber
Pa;Ta;xa

13

Q&TIS

m& s
TIS
PTIS;TTIS

Q& a

Figure 2–Layout of the charge cycle
2.2 – Assessment of the charging cycle theoretical energy efficiency
Each component of the combined system can be treated as a control volume with inlet and outlet
streams, heat transfer and/or work. In order to simplify the first law analysis of the proposed
arrangement it is assumed that there are no heat losses to the system surroundings. Using subscripts
according to the notation of Figure 2 to indicate the specific enthalpies at the various points in the
cycle, the principle of mass conservation and the steady flow energy equation was applied to each
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component in turn. For each of the points within the cycle, the thermodynamic state of the fluid was
specified. The enthalpy values of the refrigerant and solution, and the LiBr concentration were
specified by the respective thermodynamic state, temperature and pressure at each point. The state
depends on the operating conditions of the adjoining points therefore the system is coupled. In order to
determine the enthalpies and hence the cycle performance a system of equations had to be solved
simultaneously. The governing equations of mass and species conservation for a steady state system
are respectively,

∑ ( m& ) − ∑ ( m& ) = 0
∑ ( m& x ) − ∑ ( m& x ) = 0
in

(1)

out

in

(2)

out

& is the mass flow rate and x is is the mass concentration of LiBr in the solution. The first law
Where m
of thermodynamics readily yields the energy balance of each component of the combined system.

∑ ( m& h )

in

− ∑ ( m& h ) out +

(∑ Q&

in

)

− ∑ Q& out + W& = 0

(3)

& s are the heat transfer rates between the control volume and its surroundings, and W& is
Where the Q'
positive if work rate is performed on the system. In this approach neither the external heat transfer
processes nor the exergy changes will be considered. The power input to the absorber’s solution
circulation pump is also neglected because it is usually small when compared with the other energy
transfers.
Based on the principle of mass continuity the following equalities are verified and the number of
independent variables can thus be reduced,
m& = m& 7 = m& 14 ; m& p = m& 11; m& s = m& 12 = m& 13
m& st = m& 4 = m& 5 = m& 6 ; m& w = m& 1 = m& 2 = m& 3

(4)

Assuming that there are no losses in the fluid transport the pressures and solution concentrations at the
different points of the high-pressure level are respectively,

Pg = P2 = P3 = P4 = P5 = P7 = P11 = P12
xst = f (Tg , Pg ); xst = x4 = x5 = x6

(5)

The pressures and solution concentrations at the different points of the intermediate-pressure level are,

Pa = P1 = P6 = P14
xw = f (Ta , Pa ); xw = x1

(6)

Assuming that the generator outlet vapour stream is pure water,

x7 = x11 = x12 = x13 = x14 = 0

(7)

Having characterized the thermodynamic state of the working fluid for each point of the system and the
mass and energy balances for each individual component, the energy performance of the charging
cycle, given by the ratio of the ejector’s cooling capacity over the heat input to the generator, will be
defined as,

m& s hig ,13
Q&
COPcc = &TIS =
Qg
m& st h4 − m& w h3 + m& h7

4

(8)

If Q& g is expressed in terms of the circulation factor, λ, the COP of the charging cycle (COPCC) can be
rewritten as,

COPcc =

hig ,13
m& s
m& [h7 − h3 + λ (h4 − h3 )]

(9)

& = m& s + m& p , the COPCC can be turned into a function of the ejector entrainment
Considering that m
ratio,

COPcc =

hig ,13
Rm
1 + Rm [h7 − h3 + λ (h4 − h3 )]

(10)

If both the numerator and denominator of the right hand side term of Equation 10 are multiplied by the
heat of vaporization of the ARC, qe, then the COPcc can be expressed as function of COPARC,

COPcc = α ⋅

qe
q
= α ⋅ e = α ⋅ COPARC
[h7 − h3 + λ (h4 − h3 )]
qg

(11)

Where,

α=

hig ,13
qe

Rm
1 + Rm

(12)
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Figure 3 – Effect of the ejector performance on the charging
cycle overall energy efficiency.
The factor denoted as α expresses the weight of the vacuum freezing process on the charging cycle
performance. The ratio hig,13 / qe is always greater than unity and therefore has a positive effect on the
COPcc. However, its variation with the condenser and evaporator dew point pressures is inversely
proportional to the variation of the COPARC and therefore any variation will be compensated.
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Conversely the ratio Rm / (1+ Rm) is always lower than unity and therefore has a detrimental effect on
COPCC. Nevertheless its growth rate is quite rapid in the range of likely Rm values, even for small
increases. Figure 3 shows the evolution of this factor with the entrainment ratio.
Ejector optimum performance determination
In order to compute the optimum geometry and entrainment ratio of the steam ejector a modified
version of Keenan et al’s one-dimensional analysis for constant pressure mixing was adopted. The
algorithm used was solved in combination with the array of equations modelling the cycle, as
obviously the ejector’s performance is strongly influenced by steam properties at points 11 and 14.
2.3. Simulation of the charge cycle performance under different operating conditions
While operating the system, a change in any input variable causes changes in all the other dependent
variables. When an input changes, the entire cycle will react dynamically reaching a new equilibrium
condition. A computer program was created to assess the effect of changing operating conditions on
the cycle overall performance. The results obtained from the running the program are shown in Figures
4, 5, 6 and 7 and further discussed in the next sections.
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Figure 4 – Influence on the charging cycle performance of variation of the
condenser saturation temperature and the ice store freezing temperature
Effect of the variation of the heat rejection and solution temperatures on the COP
The analysis of the influence of the generator and condenser temperatures on the cycle’s performance
was carried out. The analysis was performed for two different temperatures in the TIS. The reason for
this is that in practice, during the vacuum freezing process, a temperature differential progressively
builds up between the outer layer of ice and the inner liquid - ice interface. In practice this means that
there is a continuous change of performance of the system and that the results plotted in Figure 4
represent both the COP of the CC when it starts and when it is nearly completed, for the same
condenser dew point temperature. A saturation temperature of –30C was chosen because experimental
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tests had shown that the vapour saturation pressure inside the TIS would most likely drop to values
close to this figure when the charging of the TIS was close to completion . Because the temperature
gradient is relatively small and builds up very slowly the steady state and steady flow analysis still
constitutes a good representation of the process. The analysis was made both for the charging and
absorption cycles, as their efficiencies are linked together, and also for the entrainment ratio. The
results generated were plotted in Figure 4. It shows that an increase in the condensation temperature
has little effect on the COPARC. It reduces slightly because the specific heat of vaporization, qe, of the
ARC decreases with higher saturation temperatures in the high-pressure level, whilst the heat input to
the generator, qg, remains unchanged. Conversely, a rise in the condensation pressure has a much
greater effect on the entrainment ratio, increasing the cooling effect. An increase in the performance of
the ERC largely offsets the decrease in COPARC leading to a significant rise of the COPCC. On the other
hand, lowering the pressure in the TIS means that the secondary stream must overcome a relatively
greater pressure differential whilst the motive stream momentum remains constant because the primary
nozzle is choked. The entrainment ratio decreases and hence so does COPCC. It can therefore be
expected that the cooling capacity of the system become progressively reduced towards the completion
of the freezing process.
The decrease of COPCC due to lowering of saturation pressure in the TIS is much less pronounced for
lower condenser dew point temperatures being relatively small for temperatures under 40 0C.
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Figure 5 – Influence on the charging cycle performance of variation of the
generator solution temperature
Figure 5 shows the effect on the cycle performance resulting from changes in generator solution
temperature. For a given saturation pressure in the condenser, the variation of the solution temperature
has little effect on the entrainment ratio, if this variation is followed by an increase in solution
concentration.
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Figure 6 – Influence on the charging cycle performance of variation of the
absorber dew point temperature
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Figure 7 – Effect on the ejector area ratio of the variation in the
entrainment ratio
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Under these circumstances increasing Tg only means in practice an increase of the degree of
superheating of the primary fluid. As a consequence the primary flow rate is slightly increased, but as
the secondary flow is also increased almost in the same proportion, Rm keeps nearly unchanged. It is
therefore the COPARC that leads to an increase of the COPCC as to increase xst, the circulation factor has
to decrease. From equation 11 it can be seen that decreasing λ means that less heat is required to heat
up the cold solution from T3 to Tg, hence qg is reduced and COPARC increased. However, increasing
much further Tg will bring no benefit to COPARC as the flow rate of vapour evolving from the solution
decreases steadily; the cooling effect of the ARC drops at almost the same rate than qg and eventually
COPARC starts to decrease. Figure 5 clearly shows once again that a higher condensation temperature
has a positive effect on the charging cycle efficiency. The average entrainment ratio increases
significantly and hence the factor α becomes closer to unity. For each condensation temperature the
average difference between COPCC and COPARC is notoriously smaller and the average value of COPCC
is much higher.
Figure 6 shows that the effect on the cycle performance of variation of the absorber pressure is even
more pronounced than when increasing the condensation pressure.
It was assumed throughout that for each set of operating conditions the ejector requires a different
optimum geometry in order to achieve maximum performance. Figure 7 shows that an increase in the
entrainment ratio has to be followed by a variation of the ejector optimum area ratio, At / AZ (refer to
Figure 8). It should be noted however that decreasing the area ratio by increasing the mixing section
diameter could eventually lead to an increase of turbulence and to a loss of momentum of the mixed
stream. At / AZ cannot therefore be raised indefinitely.
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Figure 8 – Schematic of the ejector sections
3. The discharge cycle
The ERC is not active in the discharge cycle and hence the system basically resumes to a single effect
ARC coupled with TIS.
In the arrangement shown in Figure 9, diverting saturated vapour from the evaporator towards the ice
store increases the cooling capacity of the system. The pressure in the ice store, P14, corresponds to the
vapour pressure of ice at 00C. It is assumed that the following equalities are verified,

P14 = P9 = P15
m& = m& 15

(13)
(14)

The mass flow rate of water evaporated in the evaporator is,

m& evap = m& 14 + m& 15
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Figure 9– Schematic of the discharging cycle layout
The vapour stream diverted to the TIS is expected to condense on the ice surface releasing latent heat.
The cooling capacity of the discharging cycle ( Q& e ,DC ) is given by,

Q& e ,DC = Q& TIS + Q& e , ARC = m& evap h fg ,Te

(16)

The cooling capacity of the combined system can be rewritten as a function of Q& e , ARC if it is multiplied

& as a proportion of m& evap ,
by a factor β that represents the stream of refrigerant m

Q& e ,DC = β m& h fg ,Te = β Q& e , ARC

(17)

Where the factor denoted as β is given by,

β = 1+

m& 14
m&

(18)

Following the same reasoning than for the charging cycle the energy performance of the discharging
cycle is given by,

COPDC = β

Q& e , ARC
= β ⋅ COPARC
Q& g

(19)

The inequality COPDC ≥ COPARC is always verified because β is greater or equal to unity. The energy
efficiency of the combined system is therefore proven to be improved by the ice store during the
discharging period.
Unlike α, β does not depend on the operating conditions and thus is an internal parameter that can be
controlled according to the cooling requirements of the system.
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4. Conclusions
In this paper the performance of the charging and discharging cycles of the novel combined cycle
presented were analysed from a theoretical viewpoint. The results of the simulation model indicate that
the COP of the charging cycle, in the range of likely entrainment ratios, is always less than the
efficiency of the absorption refrigeration cycle alone. The COPCC is very sensitive to the performance
of the ejector and therefore it must be operated the nearest possible to its optimum design point.
The analysis under different operating conditions showed that the factor that most affects the
performance of the cycle is the pressure ratio between the high-pressure level and the intermediate
pressure level. Greater pressure ratios enhance dramatically the ejector entrainment ratio and hence the
overall performance. From the theoretical analysis made it may be further concluded that,
•

The COPCC is likely to decrease during the freezing process as the entrainment ratio declines with
lower vapour pressures in the TIS.

•

Unlike conventional systems, the cooling capacity of the discharging cycle is expected to meet the
cooling load, during peak hours, without the COPARC being affected.
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Abstract
Human thermoregulation is an effective and energy-efficient method for controlling our
body temperature within narrow and critical limits. Although complex and made up of
many components, in terms of both structure and modes of heat transfer, the system is
well-understood and can be ‘managed’ by external influences.
This leads to the possibility, already implemented in some clothing and in medicine, of
regulating our ‘local’ environment in order to create acceptable comfort conditions.
Within the vicinity of the human body, the management of the environment to ensure
comfort would, in theory, also be much more energy-efficient than conditioning of
whole buildings or rooms. This would be done without needing to use excessive
amounts of energy to heat or cool the spaces which we are not occupying – which may
represent 95% of our domestic or work space. The potential for energy saving is
significant. Within the EU, recent figures indicate that 41% of our total energy use is in
buildings, and a large proportion of this is for space conditioning. In the United
Kingdom the consumption for space conditioning is estimated to exceed 50% of total
use.
This paper briefly examines factors affecting human comfort, and human
thermoregulation, before describing current and potential methods for changing our
local environment that could potentially be energy-efficient, cost-effective and
comparatively simple to implement. The possibility of using the heat provided by the
human body to ‘power’ cycles may be a long-term goal and the pitfalls of trying to
predict future trends in technology are highlighted, but we can now contemplate solar
renewable energy being used to drive our local environment.
1. Introduction
The field of human thermoregulation is complex, highly challenging and immensely
interesting. It is critical to our survival, even in temperate climatic conditions, and will
attract greater attention as our tolerance to anticipated extremes in global and local
environments is tested in the future. Mammals, including human beings, already exist
in extreme climates – hot deserts and Arctic winters – but acclimatisation and evolution,
processes that can take place over long periods of time, have aided tolerance to such
conditions. Perhaps in order to combat the physiological effects of global warming, and
to minimise CO2 emissions seen as the cause, we need to be more active in looking at
how we can control our ‘local’ environment.

There are many areas of industry, ranging from micro-electronics to the chemical
process industries, where a good understanding of the minutiae of the human body, its
organs and its control mechanisms – including the 3 million eccrine sweat glands the
average young male possesses – would allow major improvements in efficiencies were
some of these aspects able to be replicated by engineers.
We find that some of the bio-chemical transformations undertaken by our bodies, or
those of other mammals and fish, and the organs in which they are carried out, can
perhaps be used as the basis of man-made ‘intensified’ unit operations for chemical
processing. The demands put upon the organs within the body, in terms of variability of
feedstock, throughput fluctuations, start-up and shut-down frequency and duration, and
the handling of by-products – all satisfactorily addressed – are the envy of many process
engineers and chemists. The human thermoregulatory system is no less tolerant of
variable inputs, yet maintains the body core temperature within closely specified and
narrow limits. Without this control we would not survive.
On the other hand, and quite logically, manufacturing plant that relies upon robotic
assembly does not require the space conditioning criteria that a fully ‘manned’
production line demands. Humidity control may be necessary, but normal ambient
temperature excursions should be tolerated. The office for the human operators may, of
course, need a small air conditioning unit!
However, the major proportion of the energy consumed for space conditioning is not
nowadays associated with the factory floor – it is in our offices and homes. Heating,
and in some locations cooling, our own ‘space’ is making increasing demands on
energy. Of course, not all of the estimated 41% of EU energy use used within buildings
is attributable to maintaining our comfort (and productivity). But the amount used for
climate control is increasing, particularly as we seek an environment as controllable as
that in our new cars – another area where we perhaps ignore the energy use associated
with our thermal comfort. Taking the estimate for the UK, the average thermal energy
consumption per head is about 20,000kWh per year, equivalent to a continuous energy
use of 2.3 kW per person. However, the time-averaged heat required to compensate for
heat loss from the body is less than 0.2 kW.
The difference in these two values is attributable to clothing, local thermal environment
and life-style, that is to socio-thermal factors. Modest changes in these factors can have
major influences on national energy usage patterns and impact on the commerce and
retail sectors.
So, as well as financially costing us more, the increased contribution to climate change
of our demands for ever ‘better’ thermal ‘comfort’ necessitates, in the author’s opinion,
an urgent rethink.
2. A Lesson from Recent History
In 1998 the Heat Transfer and Fluids Service (HTFS – now Hyprotech Ltd.) invited a
few researchers in heat transfer and fluid flow to ‘predict the future’ – what might

happen in the technologies relevant to HTFS over the next few years. This followed on
from a meeting held ten years earlier at which predictions were also made.
I was present at the earlier meeting and was invited to make some observations and
predictions for the next decade – particularly as we were about to enter a new
millennium – and these were based upon what were then recent (1997-1998) events in
the heat transfer and related areas. My approach was ‘light-hearted’, as shown in the
title: ‘Out of the Frying Pan into the Microwave’ (1)!
The authors of scientific papers rarely take it upon themselves to predict what will
happen in the future – they may open up themselves to ridicule in the years ahead! In
this paper, however, the author speculated as to what might happen in the area of heat
transfer within the next few years, and beyond.
Most at the HTFS meeting were involved in power generation and/or the process
industries. I was prompted to take a slightly different view of heat transfer by recalling
the comments of Dr. Alan Heaton, then of EA Technology at Capenhurst in the UK
when opening one of the HEXAG1 meetings there in about 1995. He pointed out that
between getting up that morning and arriving at the office in his car, he had come into
contact with, or seen, upwards of 30 heat exchangers. So I took on the task of
speculating about heat transfer in the home, as well as in the workplace - we are all very
familiar with the latter, but perhaps do not think too much about the former, unless our
central heating boiler has failed to ignite, or a 'radiator' becomes full of non-condensible
gas'!
To start, I asked: “What will be different in the next millennium at home, and what
parallels are there on the industrial process/power generation scale?”
All of us are aware that predicting the future is full of pitfalls, (see the box below) - one
of the oft-repeated quotes is that of the then (1943) Chairman of IBM, who said: "I think
there is a World market for about five computers." The then current issue of the
'Hotline' on-train magazine of Virgin Cross Country Trains carried an article under its
Technology feature called 'Future Shock'. The UK telephone service provider, BT,
cornered much of the comment on trends in the personal and home electronics sector,
including reference to the company's work – particularly relevant in the context of my
paper today – on a vest which will convert body heat into electricity to power a small
personal computer. Another invention, due in 2007, is a wardrobe of 'smart' clothes
which will be able to alter their thermal properties to keep you cool in summer and
warm in winter2. (I am afraid that another BT project, an active contact lens that can
display Emails without the wearer opening his eyes, left me cold, regardless of my
'smart' clothes)!

1

HEXAG is the Heat Exchanger Action Group, a technology transfer activity within the UK
which brings together those interested in heat exchangers in various sectors, from academia to
user industries.
2
Professor Cornwell of Heriot-Watt University designed clothes which would allow us to live
with much less heating in our houses in the 1970s. They were ‘smart’ from a fashion point of
view!

Before I pass beyond the hors d'oeuvres of my talk, I would like to introduce a further
example of heat transfer - one which is current and well-established:
Consider an object of about 20 mm diameter. This is initially subject to jet
impingement cooling by a gas, immediately followed by heat loss to both a liquid and a
solid - convection and conduction, with some disintegration into smaller solid
components. After a few seconds of further forced convection heat transfer, albeit at
relatively low Reynolds number, a sudden chemical reaction results in a remote
instantaneous forced coolant flow in micro-channels, leading to evaporation, natural
convection and radiative cooling. The core temperature of the system in which these
processes are taking place is maintained at a constant temperature.
This could well be an idealised complex reaction route - in fact I am describing the
human thermoregulatory system, with some additional active participation, coping with
the eating of a piece of curried chicken! 3
On a more controversial note – our new millennium lasts a long time - I ventured to
suggest that we, as human beings, will adapt to, or be adapted to handle by genetic
engineering, a changing environment - one in which energy and fresh water may be in
short supply4. A modified thermoregulatory system to negate artificial environmental
control could be feasible. Chemosynthesis to allow us to use sulphur as an energy
source, used by deep sea creatures, could be developed, and stronger bioluminescence
via enzyme reactions is feasible for light production, although I will not speculate on
which part of the body could be the torch!
An assessment of experts’ forecasting performance (10)
In a 1976 Futures article, George Wise of General Electric’s (now GE) R&D Centre,
analysed the accuracy of forecasts made in the USA between 1890 and 1940 on
technological progress and the impact of innovation. He based the analysis upon 1,556
forecasts of technological advances, some of which materialised, others did not, in 18
specific areas of technology, and the anticipated social, economic or political effects of
these changes.
He concluded that:
 Experts producing long-term forecasts (10 years or more) are wrong more often than
they are right
 Experts are slightly more accurate in their forecasts than non-experts
 Forecasts made by experts in a field outside their speciality are no less accurate than
those of experts specialising in the field concerned

3

While we (or some of us) have 2 million hair follicles, we also have 3 million eccrine sweat
glands, as 'resting' and sometimes 'active' parts of our thermoregulatory system.
4
Water conservation is the forthcoming need, beyond energy conservation - even recognised in
international energy R&D programmes. Did you know that cats on a high fat, high protein, diet
can live indefinitely, (within the span of their 9 lives, of course) on sea water?

 Forecasts concerned with the continuance of the technological status quo at a given
moment are no more accurate than forecasts concerned with technological
innovation
 The effects of technological development are less easy to forecast than the
developments themselves.

3. Human Thermoregulation
3.1 Relevance to Comfort
Our perceptions of thermal comfort are a strong function of the behaviour of our
thermoregulatory system. Werner (2) was one of the first people to apply control
system theory to human temperature regulation. Werner stated that it is a non-linear
multi-level distributed parameter control system ‘based on spatial integration of
temperatures plus local effector actuation’. His work, and that of physiologists in
general, concluded that:
 With regard to core temperature, the system performs well in cold environments, but
shows greater deviation in warm conditions.
 Peripheral skin temperature (which can indicate our ‘comfort’) decreases in a
variable and substantial way in the cold, but exhibits equalisation in warm
conditions.
This suggests that the maintenance of comfort conditions requires different approaches,
depending upon the external ambient environment (hot or cold climatic conditions).
By heating or cooling large spaces in our homes and offices, we are not addressing both
of these conclusions. So Werner’s work also suggests that a rethink of our approach to
maintaining comfort conditions (in terms of temperature) is overdue.
Central environmental control also impinges on ventilation rates and humidity. It is
believed that local thermal control will additionally reduce energy use in these two
areas. Consider, for example, that ventilation air need not be heated to comfort
conditions if a satisfactory ‘personal’ thermal control system is available. Control to
preserve the building fabric becomes more important, but less energy-demanding.
3.2 Productivity Effects
Assessments of the impact of environmental conditions, in particular temperature, on
human performance are not new. Fanger, speaking in Newcastle upon Tyne in 1975 (3)
cited studies on schoolchildren and typists that demonstrated reductions in mental
performance of both of these categories of people when the temperature deviates a few
degrees from that recognised for optimum comfort.
Kosonen and Tan (4) are among recent workers to report upon the impact of a thermally
acceptable environment on our productivity at work. As an example, Fig. 1 shows their
assessment of the impact of deviations from a ‘neutral’ temperature environment on
productivity when we ‘think’ in the office! It is therefore important that if we are to

reduce energy use in offices, productivity should not be adversely affected, if possible.
(Although we should not regard productivity as more important than environmental
protection!)
Productivity is influenced by air quality and other variables, of course. These factors
may need to be accounted for in other ways if the hypothesis that local thermal control
might greatly benefit our energy situation is correct.

Fig. 1. Neutral temperatures and their impact on productivity for a thinking task
(Kosonen and Tan, 4).
3.3 The Home Environment
Office workers nowadays demand better environmental conditions than we tend to
tolerate within our homes. In part, this may be because management recognises
productivity (see above) and other benefits, and trades unions have historically
demanded improved conditions. Additionally, most office staff are physically fit and
young- to middle-aged. This allows a degree of specification and control of conditions
throughout a building that simultaneously meets the requirements of most, if not all,
occupants.
In the home, central heating systems are the norm in the developed world, while
summer cooling using vapour compression cycles – as in our office and car
environments – is popular in warmer climates. (Of course in some regions it is regarded
as essential).
The home environment needs to adapt to the demands of different room functions –
lounge, kitchen, bathroom etc., and to the different thermoregulatory capabilities of the
occupants – infants, fit adults, the elderly and the disabled. Kawashima and co-workers
(5) collected data that showed that the elderly prefer rooms 2-4oC warmer than that
within which a fit/active adult would feel comfortable.
This variability in comfort conditions in the home suggests that individual
environmental control – particularly with respect to temperature – would be more
acceptable than central control (heating or cooling). Cornwell (6) points this out in his
examination of room heating systems, and of course the energy implications of such a
trend are significant – and in some aspects we are reversing the trend of the past 30
years.

In some areas of the EU, and in some socio-economic groups, ‘comfort’ becomes a
matter of life and death, in winter and, as we saw in Southern Europe recently, summer.
In Scotland, where social deprivation leads to an accelerated death rate in January,
particularly affecting those aged over 65 years, the majority of excess winter deaths are
premature and can be avoided if elderly people can be kept warm in their homes (11).
3.4 Some Methods for Modifying Thermoregulation
Before discussing possible strategies for introducing local environmental control, it is
interesting to briefly point out some of the ways in which our own thermal control
mechanisms can, or could potentially, be modified.
3.4.1 Active and ‘resting’ sweat glands. Our millions of sweat glands form part of the
‘front line’ of thermoregulation – and are among the most obvious actors when we
move from ‘passive’ to active sweating in high temperature, high humidity
environments. However, Reay & Thiele (12) hypothesised that our ‘resting’ sweat
glands actually functioned in thermoregulation – acting like micro-heat pipes, see also
Forssman et al (13). Thus the rate of heat removal from the body can be controlled
without water loss – see Fig. 2.
In addition to thermoregulation – our ‘natural’ environmental control system, there are
several approaches to efficient external control of our local environment, including
individual air conditioning, radiant heating and cooling, concepts such as the ‘hot’ desk
and the ways in which advanced textile technology can benefit clothing. This latter
topic includes ‘smart’ materials, materials incorporating PCMs and clothes that mimic
nature.

Fig. 2. Scanning electron micrograph of upper arm skin at 40oC ambient – revealing
vapour bubbles
3.4.2 Radiative heat transfer. The heat fluxes at the skin surface due to radiation are
generally smaller than evaporative and convective fluxes. However, the effective
harnessing of the radiative properties of surfaces around our bodies can be used to
positively influence our own comfort. This approach is being used in the design of
vehicle interiors, as reported by Leduc et al (14). Interestingly, Leduc and co-workers
indicate that, for a person seated in a car, radiation from the body, at 44 W, exceeds

evaporative (41 W) and convective (11 W) heat loses. Loss by respiration was taken as
11 W, and the metabolic heat production as 132 W.
Using an inverse modelling approach, the authors are examining how the temperatures
on some ‘driving surfaces’ of the car interior are determined in order to satisfy the
specified temperature and heat flux on the human occupant(s).
Radiant systems are most commonly associated with heating. Radiant cooled spaces
can be effective, and here cooled radiant panels are used as the main method for cooling
objects (people) located within the space. The factors influencing this are discussed by
Miyanaga et al (15).
Perhaps the i-pod will have a ‘derivative’ that will allow us to be independent of some
external energy supplies – the e-pod – in which our personal environment may be
selected using metabolic energy and inputs from, for example, micro-fuel cells. In our
office the e-pod can use heat from our computers, while special e-pods for elderly
people will minimise the chance of hypothermia
There are of course medical, biological and ethical barriers to manipulation of our
bodies – going beyond mimicking the skin – even where this may be of benefit to us.
While the UK Government’s chief futurist may be more interested in military scenarios,
other futurists, such as those in telecommunications, (16), foresee a time when most of
our current phones, computers and sound/video/TV players will be “invisible and
embedded”. This so-called ‘ambient technology’ envisages circuits printed on the skin,
as small video screens. Devices built into the human body, based upon nanotechnology, are forecast, which can access the central nervous system (and the
thermoregulatory control mechanisms, one may assume).
It is surface changes, or changes just below the skin surface, that might, from a more
practical viewpoint, help to provide comfort at minimal energy costs.
3.4.3 Effect of magnetism on biomaterials. There are a number of recent
developments in the field of artificially-induced hyperthermia (heating of the body).
For example Bahadur et al (17), in the review of magnetic biomaterials in the field of
medicine, cites drug delivery systems, separations (of impurities, cancer cells) and
hyperthermia treatment of tumours as examples where progress is being made in using
magnetism in treatment processes.
One interesting aspect of magnetite, which would probably feature in any system that
used magnetism, is that it is biocompatible, and therefore is possibly regarded as benign
insofar as its effect on tissue is concerned. Much of the medical use of such materials
involves short-term exposure, and the implications for longer-term use would need
investigating.
There appears to be a potential compatibility of magnetic fields with the ‘ambient
technology’ mentioned above, in which printed circuits might be put on the skin
surface. A surface effect would be easier to control and monitor than any invasive

method for controlling local thermoregulation. (Of course one may argue that the
logical place to start might be in clothes themselves).
Thiebaut et al (18) point out that healthy human tissue prefers to be at a temperature of
less than 42oC (which is one reason why hyperthermia treatments directed at destroying
tumours aims for temperatures higher than this). Excessive temperatures also result in
pain. Thus control and ‘fail-safe’ systems would be a prerequisite for the use of any
electromagnetic warming system. Whether we shall in the future select an electromagnetically heated hand, rather than an electric-resistance heated glove, remains to be
seen!
What we would want to avoid is the concept put forward in the science fiction film The
Matrix, where humans are ‘harvested’ as sources of energy in ‘fields’. We are,
nevertheless, sources of power which can be transformed in several ways, most of
which remain thermodynamically rather inefficient.
3.4.4 Long-term acclimatisation. Taylor (19) notes in his review of ethnic differences
in thermoregulation that based upon the body characteristics of indigenous people from
the hottest regions of the earth also have the largest surface area to body mass ratios,
(notwithstanding possible dietary effects). These regions were South Asia, Africa, India
and Australia. Taylor sees merit in exploring genetically-based ethnic differences in
thermoregulation, be they associated with morphological or physiological variations in
the sample populations. One interesting example, and possibly relevant to climate
change, is the apparently better adaptation of indigenous people from hotter climates to
excess heat in that they sweat less, conserving water, while thermoregulating in a
perfectly adequate manner. Although this is an over-simplification, it may well be that
a longer-term trend towards tolerance of rising global temperatures might involve
genetic modification. The reader may find the discussions of Ivanov (20) relevant in
examining the features of life-long thermoregulation across a number of species.
Natural physiological acclimatisation is a process we tend to accept. However,
scientific studies carried out many years ago and reported by Fanger (3) suggest that it
is a myth. Studies (7) and (8) suggested that firstly those working for several years in a
cold environment in the meat packing industry showed no adaptation to a preference for
colder surroundings, e.g. at home, and secondly winter bathers showed no desire for
colder indoor temperatures. Perhaps slightly at odds with the observations in the
previous paragraph, Fanger also reported (9) that indigenous residents of hot climates
showed no significant difference in their temperature preferences to Europeans within
48 hours of arriving in Copenhagen.
4. Modifying our Local Environment
4.1 Local air supply.
Pioneering work on the benefits of local ‘environmental delivery’, importantly specified
as being under the control of the individuals, was done by Fanger (21). Fanger, who
started work on this area over 30 years ago, proposed five principal characteristics

underpinning his ‘philosophy of excellence’ applied to indoor environments that are airconditioned. These are:
 “Better indoor air quality increases productivity and decreases sick building
syndrome (SBS) symptoms
 Unnecessary indoor air pollution sources should be avoided.
 Air should be served dry and cool to the occupants

Fig. 3. Fanger’s suggestion for ‘personalised air’ directed at the breathing zone of
office workers.
 ‘Personalised air’ should be delivered close to the breathing zone of each individual
 Individual control of the thermal environment should be provided.”
It is interesting that Fanger built on some of his earlier work, in conjunction with Fang
and others, (22) with regard to the impact of respiration sensations on comfort. This has
implications for our ‘e-pod’ and its air supply conditions. Respiration heat loss is about
10% of the total heat loss from the body in humans – a low proportion (we are not noted
for ‘panting’). While it may thus be concluded that respiration has little effect on our
overall thermal sensations, Fang showed that local temperature and humidity effects on
the respiratory tract are ten times that of whole body thermal sensations. In practical
terms, it was shown that indoor air quality was perceived to be better with a low
ventilation rate/person of 3.5 l/s at 20oC and 40% relative humidity (RH) than with a
much higher 10 l/s supply at 23oC and 50% RH.
Perhaps even more significant, but not unsurprising, is that in a ventilated office, for
example, with outdoor air being supplied at the above high rate (per person) of 10 l/s,
only 1% is inhaled and the quality of this air is not high. (It is polluted by the exhaled
air of our colleagues and a variety of bio-effluents). This prompted Fanger to suggest
individual air supply systems, or ‘personalised air’, with a low velocity, directed at the
worker’s breathing zone.
The concept, illustrated in Fig. 3 (21), does not provided thermal control of the local
environment, but Fanger does point out that individual thermal control would be the
ideal situation – and he recommends that this be by radiation and/or conduction, (hence
not affecting the temperature of the breathing air).
4.2 The ‘hot’ desk.

Hot desking – in its original meaning – referred to the provision of desks not dedicated
to a single user. If one member of staff was absent on business/holiday, another person
could use his ‘space’. BSRIA, the building services research organisation in the UK,
suggested that one approach to energy efficiency in offices might be a ‘hot’ desk which
provided local heating for its occupant. One may envisage a number of forms of
construction and thermal control that might be used in a structure such as a desk. Some
of these are listed below:
 Optimum radiative surfaces – as in the car interior mentioned above.
 Integral ducting for air distribution from local air-conditioning units.
 The use of phase change materials (PCMs) in the desk to provide heating and/or
cooling.
 Integration of micro-combined heat and power units within desks, based upon fuel
cell technology.
 An ‘intelligent’ desk that learns the comfort equilibrium conditions of its user and
delivers these in an energy-efficient manner.
 A desk-chair combination that relies upon thermal inputs to the chair from the
human body for heating, possibly using micro-heat pumps.
Of course, a combination of the above may be used, and the options are as broad as
those for whole room space heating, if not broader. Some desks with specific items of
electronics on or next to them (computers, servers, lights, etc.) may have built-in heat
sources that could be employed. As in other areas, it is the effective and efficient use of
this heat to provide cooling that is the main challenge.
The use of PCMs has already been studied extensively as the basis of semi-passive
cooling systems, see for example Etheridge et al (23), where use is made of night-time
cooling to minimise the use of air-conditioning in buildings. Because the materials used
for the storage of ‘coolth’ have a high density, the opportunity for their use at a personal
level, rather than for rooms or whole buildings

These, and the brief discussion on clothing below, are all areas where technology
transfer has an important role. As an example, while energy use has hitherto not been a
primary feature in the design of car environmental control systems, the scene is
changing, and the use of phase-change materials PCMs in car seat construction, and
thermal radiation enhancing/absorbing materials in the ‘cockpit’ are examples of
passive thermal control. The challenges to produce environmentally-friendly and
efficient car air conditioning systems may also have domestic implications, although
certainly in the UK the spread of air conditioning to the housing stock is,
understandably, viewed with alarm. Nevertheless, passive thermal control systems used
in vehicles may well have positive uses in buildings.
4.3 Clothing
It is perhaps to clothing that we can attribute the greatest potential gains, with the least
energy expenditure, as a result of modifying our ‘local’ environment. It is
understandable that we describe comfort in terms of our clothing, both subjectively and

scientifically. In the former case, researchers at Wuhan University in China (24) point
out that the ancient Chinese related the number of suits that needed to be worn to the
thermal environment. A ‘one suit’ day was for moderate weather, while the extreme
‘twelve suit’ day would be classed as extremely cold! Work in Korea has shown that a
5oC lower office temperature in winter can be tolerated if one layer of standard thermal
underwear is worn (27). The energy implications of this are relatively easy to quantify.
Now, the term ‘smart clothing’ applies to specific capabilities in the field of microelectronics, rather than sartorial elegance. The word ‘wearware’ has appeared to define
wearable networks of interactive devices (25) and such ‘smart’ clothes can be powered
by our own body heat (26). However, the problems of comfort control with minimum
energy use is not being neglected, in that materials incorporating phase-change
materials at the micro-scale, and those with variable thermal conductivity and/or
moisture transmission capabilities are under development. Persuading people to wear
them to save energy may be solely a function of energy prices trends, rather than
‘fashion’.
5. Conclusions
Many people may be concerned that our perceptions of ‘comfort’ may be affected by
some of the suggestions above. Comfort may be interpreted as being in equilibrium
with our environment – and there is no reason why our environment should have to
extend 4 m above our heads and 20 m radially around us in a horizontal direction (a
large office space). It may extend as far as layers of our clothing – a few mm! Perhaps
our ‘biological’ computers of the future, employing biologically-based chips, will
employ a system that, at least in part, mimics the thermoregulation system used in the
animal world, giving us freedom to exist partially independent of our external
environment. At that point the major energy uses for space conditioning – which are
currently largely wasted – may be at least partially eliminated. It may of course be
sociological, rather than technical, barriers that will determine our success in this aim.
However if it is a question of long-term survival in a changing and challenging
environment, we will be strongly encouraged to ‘think out of the box’ – although in this
case we may live in a rather small one!
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ABSTRACT
This paper introduces a demonstrative model of closed-loop GSHP system which has been debugged and
operated at Jilin University since 2005. The systems of the underground heat exchanger, the testing and
measurement, and the indoor circulation are carefully designed; details of the design are presented in the
paper. A series of experimental testing has been carried out and the data under different operating
situations of three types of heat exchanger are obtained. On this basis, the experimental data of the system
and heat transfer performance of the heat exchangers are analysed; the techno-economic characters of the
whole GSHP system are also analyzed. In addition, the merits of the system on low-operating cost, low
electricity consumption and energy saving have been proved.
NOMENCLATURE
GSHP
COP
Qc
Qcf
Qcl
Qho
Qhl
Cc

ground source heat pump
coefficient of performance
cooling quantity of 24 hours, KW.H
cooling quantity of unit flux , KW
cooling quantity of unit meter, W/m
heating quantity of unit hour, KW
heating quantity of unit meter, W/m
cement component proportion of
backfills, %

HVAC
N
Qch
L
Qh
Qhf
Cs
Cb

heat ventilation and air conditioning
series of borehole
cooling quantity of unit hour, KW
actual length of heat exchanger, m
heating quantity of 24 hours, KW.H
heating quantity of unit flux , KW
sand component proportion of backfills, %
bentonite component proportion of
backfills, %

INTRODUCTION
According to the statistics, nowadays in developed countries the energy consumption for HVAC in
buildings have accounted for about 65% of the total energy consumption [1]. In China, the according
figures of energy consumption are also very high. Therefore, the Chinese government has regarded the
optimisation of energy framework as the most important keystone for the country’s 10th five-year plan of
energy development. In addition to use natural gas instead of coal, the utilisation of renewable resources,
such as wind power, solar energy, and geothermal energy sources has been set as the major strategies of
energy development in the 21st century [2].
Geothermal energy is a typical sanitary energy; it is also called “green” and renewable energy”. By means
of consuming a little electricity, the GSHP system is able to extract the renewable low-temperature
geothermy stored in earth surface layer and apply them to space heating and cooling in buildings. The
application of geothermal energy, which is indeed an environment-friendly and energy-saving technology,
has become more and more popular in the USA, Canada, Japan and Europe and the technology is also

being developed rapidly in China [3]. A GSHP system has been built up at Jilin University, Changchun
since 2005. The system has many advantages including space-saving, no pollution, low cost of operating,
low consumption of electricity, and operating steadily etc.; consequently, it may help to get rid of
traditional boilers and central air-conditionings in buildings, so as to achieve satisfactory effect of
environmental protection and energy saving. Just for above reasons, this system may be described as the
best effective energy-saving air-conditioning for the 21st century” [4].
THE DEMONSTRATIVE MODEL
The demonstrative model is developed to test closed-loop GSHP system operating in the northeast area of
China, where the changes of weather and geological conditions are typical. The system, which is of a
multi-function, has employed advanced measuring techniques. Through a series thermal measurement for
the stratum and ground heat exchangers, some key data for the design of the GSHP is obtained. The
demonstrative model is built up within a demonstrative laboratory with area of 506 m 2 in Changchun city,
which is located at 43.54o of north latitude and 125.13 o of east longitude, the altitude is 236.8 m. The
average temperature there is about -23 o C in winter, and 30.5 o C in summer; the annual average
temperature is about 4.5 o C . In addition, the maximum depth of frozen earth is 1.9 meters in winter.
The demonstrative model has the following objectives on its experimental functions:
• To study on the performance of different types of heat exchangers including the single U- tube, double
U-tube and coaxial tube heat exchangers. The heat exchangers are able to operate flexibly of
requirement.
• To study on backfills with different component in the boreholes and the influence on heat transfer, so as
to find out a kind of fill with the traits of good heat-conductivity, low cost and easy construction.
• To measure the change of temperature field around the borehole and study the effects on the stratum
during the process of extracting heat and injecting heat.
• To study on the indoor terminal systems suitable for different buildings and rooms.
• To compare the COP of different GSHP systems on the basis of various experimental testing and to
evaluate the heating/cooling efficiency of the heat pump.
The model laboratory, total quantity of heat consumption of 48.638kW, and unit-area quantity of heat
consumption of 96.12 W/m2, is divided into two parts. One part of the laboratory uses two EM070
water-winds GSHP. For the loop temperature of groundwater is at 0 o C , the quantity of heat is 15.53 kW,
the value of COP is 3.4; for the loop temperature of groundwater is at 25 o C , the quantity of cool is 20.22
kW, the value of COP is 4.1. The other part of the lab uses WP120 water-water GSHP. Its terminal is fan
coil, when the loop temperature of groundwater is at 4.4 o C and temperature of out-let water is at 54.4 o C ,
the quantity of heat is of 33.37 kW; when the loop temperature of groundwater is at 29.5 o C and
temperature of out-let water is at 10 o C , the quantity of cool is of 35.35 kW, the value of COP is 5. This
design of system is shown in Fig. 1. The system mainly consists of a ground heat exchange subsystem, a
GSHP unit, an indoor subsystem of heat circulation and a control subsystem.

GROUND HEAT EXCHANGE SUBSYSTEM
As shown in Fig. 1, the ground heat exchange subsystem consists of heat exchange wells, ground
closed-loop pipes, a supply header, a circulation pump, a return header, a replenishment water pump and a
replenishment tank. The horizontal space between of boreholes is related to the size of the heat exchanger
and properties of soil and using cycle of system in order to lighten the inter-influence among the

temperature field of these boreholes. According to the literature, the horizontal space between is usually
3-6 m [5]. Fig. 2 shows that there are five boreholes in this demonstrative model, the horizontal space
between the boreholes is 6 metres, and the depth of boreholes is 100 metres. Relative ideal fills have been
gained based on the study of indoor backfills experiments. The space between the heat exchangers and the wall
of boreholes were filled with three kinds of backfills, as shown in Table 1. As a result, the heat exchange
system with three types of heat exchangers and three kinds of fills was built successfully.

Ground Surface

Heat-exchanging Apparatus in Soil
Dual U
Type

Coaxial
Type

Single U Type

Figure.1: System design of demonstrative model
Table 1 Component of backfills
N
1
2
3
4
5

Cs
0
20
10
10
20

Cc
20
0
20
20
0

Cb
80
80
70
70
80

Figure 2: Plan of heat exchange well system

There are three kinds of ground closed-loop tubes used for heat exchanger. The single U-tube HDPE
plastic tubes with size of φ 32 are used to extract heat in borehole 2 and 3, as shown in Fig. 3 (a). The
dual U-tube HDPE plastic tubes with size of φ 32 are used in borehole 1 and 4, as shown in Fig. 3(b). In
addition, a vertical coaxial tube, which consists of out tube with size of φ 110 and inner tube with size of
φ 32, is arranged to extract heat in borehole 5, as shown in Fig. 3(c).

(a) Single U-tube
(b) Dual U-tube (c) coaxial tube
Figure 3: Different types of heat exchanger

Figure 4: Photos of supply header
and return deader

In this system, each heat exchanger is connected with the supply header and return header, The length of the
return header and supply header are all 1.66 m, and their diameters are 200mm. Fig. 4 shows the
appearance of the supply header and return header. The working liquid from each borehole blend together
in the return header and then flow into the system of heat pump. After exchanging heat with heat pump,
the liquid flows back into the supply header, and then to each borehole. So it can be ensured that each of
them can operate either together or individually. Therefore, it becomes easier to compare the properties of each
kind of heat exchangers and backfills.
The loss of circular liquid is supplied by the
replenishment tank, which is a low-position
expansion water tank. The liquid will be
supplied automatically when system pressure
is lower than the value of design. In addition,
the system will release pressure automatically
when the expansion pressure is higher than the
design value. The size of the replenishment
tank is of 700×700×1300 mm); Fig. 5 shows a
part of the system.

（

INDOOR CIRCULATION SUBSYSTEM
Figure 5: Conventional diagram of low-position
expansion water replenishing tank

Fan coil unit and radiation floor can be used
solely or together as terminal system of
GSHP according to different operating situations. In northern area, temperature of outlet water of heat
pump, water is usually 40 ~ 55 o C , is not high. In order to achieve an ideal operating effect of heat pump,
integrating fan coil unit and radiation floor for heating is a wise choice. Because this demonstrative model
was built based on the building material, it is not suitable for rebuilt by radiation floor. According to
practical conditions, two rooms of the lab utilize water-wind heat pump for heating and cooling; the
others rooms use water-water heat pump and fan coil units. The fan coil units are fixed in the ceiling
horizontally in each room, and each fan coil unit equip a temperature controller, which can only adjust
room temperature. The index of the temperature controller is introduced as follows: the range of
temperature: 10 30 o C ; the accuracy of temperature control: ±1 o C ; electric current load: <2A; power
self-consumption: <1W.

～

MEASUREMENT SUBSYSTEM
In order to measure the variation of temperature field of ground earth after the heat exchangers absorb or
release heat, twelve temperature testing holes are disposed around the boreholes in horizontal direction.
Five measuring holes are arranged respectively one meter away from the centre of the boreholes. The
remainders are laid at the conjunctive line that through the axes of borehole 2 and 3. The depth of the
holes is 20m. For measuring the temperature field of vertical direction stratum, AD590 temperature
sensors are set at 5m, 50m and 100m of each borehole. The sensors are fixed on heat exchanger tubes and
are placed into boreholes with the tubes at same time.
For testing the quantity of heat transfer of each heat exchanger and the COP of each heat pump, five
HM-25-M/100 calorimeters are assembled at outlet of each ground heat exchanger, as shown in Fig. 6.
Furthermore, four HM-32-M/100 calorimeters are respectively set at each inlet of the two water-wind
heat pumps and the inlet and outlet of the water-water heat pump. Each calorimeter has two temperature
sensors, one flux sensor and Intergraph, so that the temperature and heat flux can be measured
simultaneously, and the instantaneous temperature, heat flux and total quantity of extracted heat and
injected heat can also be displayed on the autographs.

Figure 6: HM-25-M/100 calorimeter

Figure 7: Photo of central console system

Fig. 7 shows a central console of GSHP system. The console is able to control many operating situations.
Room temperature heated by water-water heat pump is controlled by temperature switch. The circular
pump will stop working when room temperature reachs the design value. The temperature of other two
rooms are controlled respectively by two water-wind heat pumps. When temperature of each room reach
the value of design, all heat pumps and circulation pumps will stop woking. For safety, a testing and
alarming system of glycol thickness is installed to control the power supply. The central consol can also
show the following data as: temperature, velocity of flow, total flux, total quantity heat of any pipeline;
temperature of 30 measured spots in 5 boreholes, ground temperature of 12 measured spots around
borehole, outdoor air temperature, room temperature (9 rooms) and pressure of 4 measured spots. The
computer of the console can store and print all of above parameters, and display cumulative working time
of each circulation pumps and heat pumps of the GSHP system.

SYSTEM DEBUGGING AND OPERATNG
The demonstrative system has experienced the process of operating and debugging in each May and June
since the system was finished in April of 2005. So far the system has operated the experiments of cooling

in summer and heating in winter normally and successfully. The system operated continually for cooling
for 24 hours from 8-9 Sept. 2005. The operating details are introduced as follows: there is a double
U-tube heat exchanger in borehole 1; a single U- tube heat exchanger is shut down in borehole 2; a single
“U” tube heat exchanger is operated normally in borehole 3; a double U-tube heat exchanger is operated
normally in borehole 4; and in borehole 5, a coaxial tube heat exchanger is operated successfully. The
results of cooling experiments are shown in Table 2.
The system was operated continually for heating 31 hours from 17-18 Dec.2005. The details of the
operation are the follows: in borehole 1, a double U-tube heat exchanger was operated normally; in
borehole 2, a single U-tube heat exchanger was operated normally; in borehole 3, a single U-tube heat
exchanger was shut down; in borehole 4, a double U- tube heat exchanger operated normally; and in
borehole 5, a coaxial tube heat exchanger operated normally. Water-water heat pump and water-wind heat
pump were operated together. The results of heating experiments are shown in Table3.

Table 2: Results of cooling experiment
N

Qc

Qch

Qcf

L

Qcl

1
3

85.88 3.58 1.61 98 36.5
102.12 4.35 2.07 91 47.8

4
5

105.78 4.41 1.24 88 50.1
89.18 3.72 2.82 96 38.75

Table 3: Results of heating experiment
N
1
2
4
5

Qh
144.54
112.35
125.63
82.59

Qho
6.02
4.68
5.23
3.44

Qhf
1.91
2.76
1.68
2.73

L
98
89
88
96

Qhl
61.4
52.5
59.4
35.8

TECHNO-ECONOMIC ANALYSIS OF GSHP SYSTEM
A total initial investment is about 287,000 RMB, in which the GSHP costs 130,000 RMB, representing
45.3%; underground heat exchange wells costs 80,000 RMB (27.9%); indoor system costs 40,000 RMB
(14%); and the control system costs 7,000 RMB (12.8%). By calculating in accordance with building area
of 506 m2, the unit cost for system would be about 567 RMB/m2. As the heating period in the test district
is about 171 days in winter, based on the cost of 0.5 RMB/kW-h, the COP of GSHP is 3.2, the quantity
heat of unit area is 90W/m; for heating 10 hours a day, the annual operating cost of heating will be 24
RMB/m2. If the building utilizes central heating, in the testing local district the costs on heating annually
is about 28 RMB/m2. It can be seen by comparing two heating methods that the cost of operation will
decrease 14% by using the system of GSHP. This demonstrative model was built in an old brick structure,
so its capacity of preserving heat is not very good. According to a standard energy-saving structure, the
quantity heat of unit area is 50W/m, and the cost of unit area is about 13.3 RMB/m2; consequently, the
operating costs will be saved by 53%.

CONCLUSION
The demonstrative project has established a multi-function GSHP system, which has two heating and
cooling programs of respectively utilizing water-wind and water-water heat pumps, three types of
underground heat exchangers and three kinds of backfills. The technical process, data collection and
processing systems have met the design requirements. The projects provides an ideal development
platform for in-depth study on applying closed-loop GSHP system in the cold northern regions of China,
it also have accumulated valuable experience for spreading the technology of closed-loop GSHP system.
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ABSTRACT
A conceptual approach for a sorption refrigeration system based on application of the combination – active
carbon fibre and salt (salt on the active fibre) is suggested. Owing to the advantageous sorption properties of
the complex compound (physical adsorption capacity of the active carbon fibre and chemical reaction
capacity of microcristals of salt) and the good heat transfer capability of the heat pipe, an advanced sorption
cooler can be heated by the low temperature heat source and efficiently generate of cold. This cooler consists
of two sources of cold - the low temperature sorbent bed (Active carbon fibre+ BaCl 2) canister and the
principal evaporator. The working fluid is ammonia.
The experimental results show a specific cooling power (SCP in cooling) of 500-550 W kg -1 of adsorbent.
The most favorable situation for the cooler is the case, when two sources of cold are welcomed. Two
branches of cooler, acting out of phase to produce the cold using different periods of time and different
sorption capacity of the components (salt and carbon fibre) is the original part of this design for its
application in tri-generation. A simple composite – salt on the active fibre/ammonia refrigeration system
utilizing waste heat of the engine with COP 0.6 and more was experimentally approved. The design of cooler
is based on finned heat pipe heat exchanger to heat and to cool the sorbent bed, disposed between the fins.
There is a good possibility to perform a miniature system for in application to cool the electronic
components.
Keywords: Tri-generation; Solid sorption cooler; Salts; Active carbon fiber; Adsorption; Absorption; Cold
and heat generation
INTRODUCTION
In the design of non-electric coolers thermal management (heat and mass transfer in sorbent bed and in the
evaporator with porous coating inside) is the main aspect that determines overall performance and reliability.
The role of heat transfer intensification in solid sorption machines is both to maximize regenerative heating to
get high COP and to achieve faster cycle times, decrease the mass and the cost of device. A proper
understanding of heat transfer and the temperature distribution, sorption capacity of components helps in
determining the parts geometry and material selection. Solid sorption coolers ensure the cold and heat output
(heating and cooling) simultaneously and are considered as an alternative to vapor compression systems in
space cooling, industry and the building sector to satisfy the heating and cooling demand without increasing
the electricity consumption (Spinner et al, 1996, Lepinasse et al, 2001, Wonggsuwan et al, 2001, Critoph
2004). In some recent years there is a problem to apply such coolers in combination with the engine for trigeneration (cold, heat and electricity).Nowadays the sorption technology is steadily improving and the
increase at sorption market is strongly related to the energy policy in different countries. Actual sorption
technologies (liquid and solid sorption cycles) have different advantages and drawbacks with regard to their
compactness, complexity, cost, the range of working temperature (Lepinasse et al, 2001, Poelstra et al, 2002,
Vasiliev et al, 1994). The solid sorption technology advantages at first are related to the nature friendly
refrigerants such as water, ammonia, CO2 (no CFC, HCFC, HFC) and at second they are thermally driven and
can be coupled with a low temperature waste heat, solar heat, burning fossil fuel, or biomass. The
optimization of the sorption technologies is related with multi cascading cycles (Lepinasse et al, 2001). Solid
sorption refrigerators based on reversible solid-gas sorption cycles could have interesting applications for
space cooling, when a high temperature waste heat source is available and/or the exigencies of the harsh
external environment necessitate thermal control of an object, Vasiliev et al, 1994, 1999. The results of first
application of an active carbon fiber ‘Busofit’ with acetone and ethanol as working fluids were published in
1992 (Vasiliev, Gulko and Haustov, 1992). The vibration free operation and the large number of solid-gas

alternatives make it possible to provide cooling and heating output in the temperature range 243-573 K
(Vasiliev et al., 1992, 1996 and 1999, Dellero et al, 1999, Munkejord et al, 2002, Aidoun and Ternan, 2002,).
An idea to combine the effect of chemical reactions of metal salts and physical adsorption of the active
carbon fiber – salt on the active carbon fibre (Vasiliev et al, 1994) opened new opportunities in varying the
sorbent properties. Now it became clear that the modification of conventional adsorbents by adding different
salts can be a good tool for modifying sorption properties.
Recently a micro technology in solid sorption coolers is becoming available mostly for the electronic
components cooling, fuel cells thermal control, heating/cooling vehicles, buildings and other applications.
Mini sorbent bed canisters as compressors with mini heat exchangers (miniature heat pipes) are considered to
be interesting options for such a case (Munkejord et al, 2002).
The object of this work is R&D of an advanced solid sorption cooler which can be served as a solid/ gas
cooler solid/liquid cooler and the combination of these two coolers at the same cycle time in the same design.
So, the cycle realized in the solid sorption cooler is a combination of monovariant (salts) and polivariant
(active carbon fiber) equilibrium with ammonia.
EXPERIMENTAL APPARATUS
The sorbent bed for a solid sorption cooler
The main feature of the lab-scale cooler is the finned thermosyphon heat exchanger with its external surface
covered by the layer of an active carbon fiber, saturated with salts – “salt on the active carbon fibre” (Fig. 1),
disposed inside the adsorber, Fig.2. Adsorber is made as a stainless steel cylinder with the length L = 1000
mm, outer diameter Dout = 50 mm, inner diameter Din = 49 mm. The vapor-dynamic thermosyphon
dimensions are L = 1100 mm, Dout = 16 mm, Dfin = 45 mm, step between fins is 5 mm, fin thickness – 0.25
mm. The mass of thermosyphon can be easily reduced, if we use stainless steel instead of conventional steel.
The mass of adsorber is composed as: adsorber envelope – 615 g, adsorber flanges – 120 g, thermosyphon –
900 g, fins – 480 g.
The most important particularity of the active carbon fiber ‘Busofit’ is its ability to be used not only as an
efficient sorbent material, but also as a very fast and efficient porous heat and mass exchanger with the forced
convection (filtration) of the reacting gas through the bed. In contrast to the active carbon fibre metal chloride
is used as a long time reacting sorbent bed, which has a high sorption capacity. Active carbon fibres
adsorb/desorb ammonia and stimulate the salt preliminary heating/cooling, thus enhancing the heat and mass
transfer of the sorbent bed with ammonia. Active carbon fibre is responsible also for the uniform space
distribution of the salt microcrystal on the carbon filament surface.

Figure 1: Complex compound filament (‘Busofit’ + CaCl2), multiplied by 5 000 times

These general criteria have to be applied depends not only on choice of technology, but also on the
temperature conditions chosen for each particular adsorption technology, such as chilling, deep freezing, heat
pumping, tri-generation, etc to have a balance to be met between high SCP and high COP.
It is interesting to note, that ‘Busofit’ has all advantages similar to carbon nanotubes technology. ‘Busofit’
has a lot of nano and micro pores on the filament surface and optimal combination of macro and mesopores,
that makes sorbent more permeable. This active carbon fiber is a universal adsorbent to adsorb different gases
(H2, N2 , CH4, NH3 , etc.).
“Busofit” has such features:
 high rate of adsorption and desorption;
 uniform surface pore distribution (0.6-1.6 nm);
 small number of macropores (100-200 nm), with its specific surface 0.5-2 m 2 g-1 ;
 small number of mesopores with 50 m2 g-1 specific surface.

Figure 2: Adsorber with sorbent bed and heat pipe thermal control.
1 – water heat exchanger, 2 – vapor volume, 3 – sorbent bed, 4 – fin, 5 –envelope, 6 – vapor entrance to
the condenser of thermosyphon, 7 – vapor channel, 8 – water output
Metal chlorides such as NiCl2, MnCl2 and BaCl2 are the most convenient salts for ‘Busofit’ as a binder owing
to stability, low cost and suitable temperature range.
Cooler with three adsorbers + condenser/evaporator, tri-generation approach
Two-adsorber cooler with heat pipe thermal control was described in the SAE Technical Paper, Vasiliev et
al, 1994. Three adsorbers solid/gas cooler with “Busofit” and salts was suggested five years later (Vasiliev at
al., 1999).Now three adsorbers system can be used as a solid/liquid cooler, if we add the
condenser/evaporator to the above mentioned device, Fig. 3. This condenser/evaporator is performed as a
stainless steel container with its length L = 370 mm and outer diameter D = 50 mm. The inner walls of
container are covered with the capillary-porous layer to enhance heat transfer with evaporation (Vasiliev,
Zhuravlyov and Shapovalov, 2004). This modified cooler is focused on the small-scale combined cold, heat
and power generation (tri-generation), which utilizes waste heat (gas exhaust) of the engine-generator for
cold production. In analysis of the cooler efficiency for simplicity we neglect the influence of active carbon
fibers on the ammonia adsorption and desorption and consider only the salt efficiency. This cooler enables
the constant rate of the heating/cooling procedure, if two branches of the system are working out of phase.
Masses of complex sorbent bed in each adsorber are given in Table 1. Latent heat of evaporation of ammonia
is 23.37 kJ/mol. The value of adsorption heat is approximately 1.6 times higher during producing of cold in
BaCl2 adsorber to compare with the ammonia evaporation, thus COP can be increased significantly other
things being equal.

Figure.3: Three adsorbers cooler with evaporator/condenser. Three stages of action
(desorption/adsorption).
The selected salts are combinations of BaCl2/NH 3, MnCl2/NH 3 and NiCl2 /NH3 . The operation of the cooler is
based on the following reactions:
BaCl2(NH3) 8 ↔ BaCl2+8NH3
MnCl2 (NH3) 2+4NH3 ↔ MnCl2(NH3) 6
NiCl2(NH3 )2 +4 NH3 ↔ NiCl2(NH3) 6

ΔH = +36.76 kJ/mol NH 3
ΔH = -47.416 kJ/mol NH3
ΔH = -55.03 kJ/mol NH3

The exhaust gas of the engine is used to heat two high temperature adsorbers NiCl2 anf MnCl2 similtaneously
applying heat pipe heat exchangers, Fig. 2-3. At the first stage of cycle, Fig.3 there is an ammonia desorption
from high temperature adsorbers and ammonia condensation in the condenser.At the second stage of the
cycle the sensible heat of NiCl2 and MnCl2 adsorbers is recovered (Stage 2, Fig. 3) to heat the low
temperature adsorber BaCl2 with ammonia generation and its condensation in the condenser, The cycle of the
cold production is provided at the stage 3, when all three adsorbers suck the ammonia from the evaporator.

Figure 4: Heat flow release in the condenser of the cooler (curve 1, stage 1-2) and cold generation in
BaCl2 adsorber (stage 2, dashed line 2) and evaporator (stage 3, curve1).
The heat input from the exhaust gases of the engine to high temperature adsorbers NiCl2 and MnCl2 during
the stage 1, and the sensible heat recovery to heat the low temperature adsorber BaCl2 (stage 2, curve 1) are
shown on Fig.4. The cold generation in BaCl2 adsorber (stage 2, curve 2) and in the evaporator (stage 3,

curve 1) as a function of time is used to determine the efficiency of the system. The experimentally
determined COP of this cooler is equal 0.51.
There is another possibility to improve the COP of the system, if we use mass recovery (open the valve
between the high temperature adsorbers and the low temperature adsorber) between the stage 1 and 2.
Table 1. Masses of complex sorbent bed in the adsorbers

Mass of salt, g
Mass of ‘Busofit’, g
Total mass of compound, g

BaCl2
270
340
610

NiCl2
180
250
430

MnCl2
230
250
480

Cold production in tri –generation.
When we consider the system for cold production in tri-generation, there is a second possibility to apply the
waste heat of the engine, Fig.5.

Figure 5: Three adsorbers cooler with evaporator/condenser. Four stages of action and two sources of
cold generation (evaporator-stage 3 and 4 and BaCl2 –stage 4).
In the set of laboratory experiments the total energy input (electric cartridge heaters) to heat MnCl2 and NiCl2
adsorbers through heat pipes was equal near 1400 kJ for the cycle. The energy supply to BaCl2 adsorber was
ensured by the heat recovery (hot water flow at the output of high temperature adsorber’s heat exchanger) as
it was used for the first prototype, Fig. 3. So, the heat recovery procedure to heat the low temperature
adsorber BaCl2 during the time of two stage ammonia desorption inside it is a novelty of this prototype
cooler. The BaCl2 adsorber is composed of the active carbon fiber ‘Busofit’ (fast sorbent bed) and the long
action BaCl2 micro crystals disposed on the fibre surface (long time chemical reactions). We can profit this
particularity of the complex compound to extract ammonia from the sorbent bed in two time intervals due to
the heat and mass transfer enhancement in the carbon fibre. At the stage 1 ‘Busofit’ is reacting and ammonia
desorption stimulate the cold generation in the adsorber. At the stage 2 BaCl2 micro crystals are responsible
for cold generation.
The total cycle of the device is divided into four stages:

1.
At the first stage (time τ
1 ) high temperature adsorbers with MnCl2 and NiCl2 are heated through heat
pipes by the gas flame (electric heater) with further desorption of ammonia inside the sorbent bed.The
superheated vapor is condensing in the condenser/evaporator.
2.
At the second stage (time τ
2) adsorbers with MnCl 2 and NiCl2 are disconnected from the
evaporator/condenser (the valve is closed) and are cooling by the water circulation in heat exchanger. The
water flow with temperature 90-95 °C enters the BaCl2 adsorber, heats it and stimulate ammonia desorption.
Ammonia vapor is condensing in the evaporator/condenser.
3.
At the third stage (time τ
3 ) the procedure of all three adsorbers (MnCl2 , NiCl2 and BaCl2 ) cooling is
finished. The valve, connecting adsorber BaCl2 with the condenser/evaporator now is opened. The valves
between the high temperature adsorbers and low temperature adsorber and evaporator are closed. A cold
generation in the evaporator is performed due to the ammonia suction by the low temperature BaCl2 adsorber,
while the heat of sorption in BaCl2 adsorber is dissipated in the surrounding.
4.
The final fourth stage (time τ
) is responsible for the main cold generation in the evaporator
4

and in the low temperature adsorber. Adsorbers with MnCl2, NiCl 2 are connecting with the low
temperature adsorber and the evaporator through opened valves. More strong adsorbers MnCl2,
NiCl2 suck the ammonia from the BaCl2 micro crystals and from the evaporator. The decomposition
of the ammonia vapor inside BaCl2 crystals is the reason of the second cold generation. The
maximal charging power of MnCl2, NiCl 2 adsorbers is around 400 W each. Ammonia evaporation in
the range of -3 °C results in cooling power generation near 200 W.
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Figure 6: Heat input/output in the evaporator/condenser (solid line 1) and in the low temperature
BaCl 2 adsorber (dashed line 2) as a function of cycle time.
The total cooling COP for this cycle is 0.61 with 1/3 of cold generation in stage 3 and 2/3 of cold generation
in stage4, Fig.6.
In this experimental set-up the pressure and temperature sensors allow to check the dynamic evolution of the
pressure and temperature of the sorbent bed, ambient temperature, the temperature of the vapor output and
the temperature of chilling water. The mass flow meters were used to calculate the degree of advance of
chemical reactions and physical adsorption.

CONCLUSIONS
Experiments with two different prototypes of solid sorption cooler based on the coupling salts NiCl2, MnCl2,
BaCl2 with an active carbon fiber ‘Busofit’ as a sorbent bed (salts micro crystals on the active carbon fibre)
demonstrate a possibility to have a cooler with two different independent sources of cold (low temperature
BaCl2 adsorber and evaporator) with simultaneous heat generation and chilled water production with
COPcooling equal 0.6.
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ABSTRACT
Jet-pump refrigerators have the ability to use waste heat as their driver and also they can employ
environmentally working fluids, thus they offer a good way of reducing the consumption of fossil fuels and
reducing the impact of refrigeration on the environment. In this paper the performance of two relatively new
refrigerants (R245fa and R236fa) are assessed for their potential application in jet-pump refrigeration
systems. The influence of the generator, condenser and evaporator temperatures on jet-pump refrigeration
system performance is presented. Experimental values of coefficient of performance (COP) between 0.15 and
0.48 were obtained. Experimental results show that both of R245fa and R236fa are suitable as refrigerant in
air conditioning jet-pump cycle systems.
INTRODUCTION
Finding ways to improve jet-pump refrigeration system performance continues to be a challenge for the
researchers. The authors' contribution has focused on optimizing jet-pump design, reducing irreversibilities
and finding optimal working fluids. When water is used as the refrigerant , the coefficient of performance of
jet-pump refrigeration systems is low. Also, the use of water limits the cooling temperature to above 0°C,
Ablwaifa, 2006. However, in order to increase the efficiency of the jet-pump system and widen the utilization
of low-grade energy to run these systems, the use of high molecular weight refrigerant fluids have been
investigated by several researchers. Refrigerants, such as R123, R134a, R152a and R717 were investigated
theoretically and experimentally by Sankarlal, 2005 and also by Selvaraju, 2004. Comparative results of
Cizungu et al, 2001 showed that all the tested working fluids give more or less the same performance
characteristics depending on jet-pump geometry and operating conditions. Whereas Sun, 1999 indicated that
refrigerants with larger latent heat values can be beneficial.
In the present study R245fa and R236fa were investigated. Both fluids are OKOOKOKOKOKOnoncorrosive, non-toxic and non-flammable. They also have the advantage of being 'environmentally friendly'
refrigerants. In addition, they have good thermodynamic properties, reasonable working pressures and
saturated vapor lines in a T-s co-ordinates diagram which have positive slopes, making them both candidate
fluids for jet-pump systems generally and for air conditioning applications particularly.
Following a brief description of the working principles of an advanced jet-pump cycle and jet-pump design
the paper evaluates the experimental results of two different jet-pumps with using R236fa and R245fa as
working fluids.
THE JET-PUMP REFRIGERATION CYCLE
Figure 1 shows the basic schematic diagram of a jet-pump refrigeration system. It consists of a generator, an
evaporator, a condenser and a jet-pump. The most important part in this system is the jet-pump. Figure 2
shows the typical jet-pump construction.
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Figure 1: A schematic of a jet-pump refrigerator
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Figure 2: schematic view of jet-pump construction
Supersonic jet-pumps are simple mechanical device in which mechanical energy transfer from higher to
lower level of two fluid streams to perform the thermal compression action within the jet-pump refrigeration
system. The fluid with higher energy is the primary stream that flows through the primary nozzle to reach
supersonic velocity at the nozzle exit. A secondary stream is drawn into the mixing section by an entrainment
effect; it is accelerated to sonic velocity and then mix with the primary stream in the mixing section. The
mixing process ended by a normal shock system at the end of constant area section, where the mixed stream
pressure increases and velocity decreases to subsonic value. Within the diffuser more pressure is recovered to
reach the condenser pressure. Within the condenser, heat is rejected to the environment and a part of the
condensate produced is fed back to the generator whilst the remainder is expanded, via a throttling device, to
the evaporator.
JET-PUMP DESIGN
The design operating conditions used for designing R245fa and R236fa jet-pumps are shown in Table 1.
Table 1 design operating conditions
Fluid
Tg
Te
T*c
Rm
R245fa
120°C
15°C
46°C
0.3
R236fa
85°C
8°C
30°C
0.4
Note: R m is called entrainment ratio, which is the ratio between the secondary and primary mass flow rates.
Higher Rm means higher COP of the system. Whereas, Tc* is the critical condenser temperature at which the
Rm starts to drop. The actual geometry configuration at design conditions for each jet-pump was determined.
The geometrical output from the model gives the minimum flow area for each section that satisfied all the
fluid dynamics phenomena whereas the length were based on jet-pump guidelines available from ESDU,
1985. The obtained jet-pumps were simulated and optimized by CFD realized code Ablwaifa, 2006 and
Eames et al, 2004. CFD optimization process was carried out on the mixing section, by increasing the jetpump area ratio (β
) which shown that has great influence on jet-pump entrainment ratio with keeping nearly
the same critical condensing pressure. (β
) is the area ratio between the inlets of conical part to the constant
area part. Simulation was carried out at design operating conditions and at different nozzle exit position. NXP
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was measured from the primary nozzle exit plane to the entry plane of the first conical part of the jet-pump as
illustrated in Figure 2. The optimal jet-pump geometries selected for experimental investigation are shown in
Figure 3 for R245fa diffuser and Figure 4 for R236fa diffuser.

Figure 3: R245fa Conventional Diffuser (β
=1.34) dimension (all dimensions in mm)

Figure 4: R236fa Conventional Diffuser (β
=1.36) dimension (all dimensions in mm)
Table 2 shows the dimension of the experimental primary nozzles.
Table 2: R245fa primary nozzle specification
Nozzle
R245fa
R236fa
dimension
dimension
Throat diameter
2.6 mm
2.2 mm
Exit diameter
5.2 mm
3.8 mm
Divergence angle
6º
6º
Divergence lenght 24.8 mm
11.25 mm

EXPERIMENTAL JET-PUMP REFRIGERATION SYSTEM
The experimental test rig assembly is shown in Figure 5. It consisted of the following components: water
heater (providing a heat source), vapor generator, separator, jet-pump, evaporator, condenser, feed pump,
recuperator, and pre-cooler. The heat to the system was provided by a 10.5 kW (Max), electrically powered
water heater. The temperature within the water heater was controlled automatically within ± 0.1 ºC by
thermostatic control. Brazed plate heat exchangers were used for the generator, evaporator and condenser.
These provide the capacity for high design pressure and high heat transfer efficiencies. The condenser was
cooled by water taken from the laboratory chillers; both condenser temperature and pressure were controlled
and adjusted by varying the cooling water flow through it. An electrically driven hydraulic gear pump was
used as the generator feed pump. Different scale ranges of direct-reading pressure gauges with an accuracy
of, ± 0.2 kPa were used to measure the pressure at six locations. Two-wire type ‘T’ and three-wire type
‘RTD’ “surface mounts platinum thermocouples were used for temperature measurement. Liquid level
gauges were provided to indicate the liquid level in boiler and condensate vessel. Also, sight glasses were
used to indicate level and condition of the refrigerant inside the evaporator. Special mechanism for
assembling the primary nozzle with the diffuser was designed (Figure 6) with a view to changing the nozzle
exit position (NXP). This allowed the distance between the nozzle exit and the mixing chamber inlet to be
adjusted in order to study its influence on jet-pump performance.
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Figure 5: Photograph of experimental rig

Figure 6: Experimental jet-pump assembly

Experiments were conducted for a range of operating conditions by varying the generator temperature from
100ºC to 120ºC in 5ºC steps and evaporator temperatures from 8ºC to 15ºC in the case of using R245fa.
Whereas with using R236fa only design generated temperature (Tg =85ºC) was tested with evaporator
temperature ranging from 4ºC to 12ºC in 4ºC steps. The effect of the nozzle position within the mixing
section on the jet-pump performance and operating stability was explored and the optimal nozzle-exitposition ‘NXP’ was determined.
RESULTS AND DISCUSSION
The first task with using R236fa or R245fa in the experimental investigation was to calibrate the primary
flow with the designed nozzles. However, the calibration process was carried out with each nozzle over
different range of primary pressures. With each test it is observed that within the range of the experiment, the
primary mass flow varies approximately linearly with Tg. The same trend between experimental and
theoretical results was observed for all results, and all values agree closely. Also for each jet-pump
independent nozzle exit position “NXP” test was carried out using the related design operation conditions.
The optimal nozzle position which provides the optimal jet-pump performance was used to test each jet-pump
under design and off-design operating conditions.
Effect of operating conditions
The effects of generator and evaporator temperatures on system performance were investigated. In each test
Te and Tg were fixed at predetermined values and the condenser temperature was varied. In each case critical
condenser temperature ‘Tc*’ was determined. For these tests the nozzle was located at its optimum design
position. NXP =7.5mm for R236fa jet-pump and NXP=-10mm for R245fa jet-pump. Rm and COP were
calculated at each step.
Figures 7 and 8 shows the variation of entrainment ratio with condensing temperature for different
evaporator temperature at a given generator temperature (Tg=85°C for R236fa jet-pump and Tg=120°C for
R245fa jet-pump) respectively. It can be observed that at fixed Te and Tg , as the Tc increased the Rm , remains
essentially constant until a certain (critical) point is reached, at which Rm started to decrease rapidly as T c was
further increased. The condenser temperature at which change was first observed is the critical condenser
temperature for which the jet-pump was designed. From the same Figures also it can be seen that with
increasing Te gradually, the Rm and Tc* both increase similarly. This is because with higher secondary
pressure the flow had greater momentum. The amount of secondary flow entrained increased with increasing
Te, and this was caused by the pressurization effect, which reduce the primary flow expansion angle and
increases the secondary flow effective area, causing more secondary flow to be entrained, and greater
momentum mixed flow, which raised T c*. Rm of 0.52 with Tc*=29.5°C was obtained at design operating
conditions for R236fa jet-pump, whereas Rm of 0.357 with T c*=46°C was obtained for R245fa jet-pump.
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Figures 9 and 10 show the measured COP at different Te and Tg values. Increasing evaporator
temperature (and pressure) at constant generator temperature caused the COP to increase, whereas increasing
generator temperature (and pressure) at constant evaporator temperature caused the COP to decrease. The
percentage of increase on COP was the same with decreasing Tg gradually from Tg=120°C to Tg =100°C
within R245fa jet-pump. Also, it increased linearly with increasing Te (and Pe).
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R236fa and R245fa Performance
The evaluation of R236fa and R245fa as the working fluid in this paper is based on their performance
with jet-pump refrigeration system. Both of the fluids were tested successfully and they seem to be practical
and appropriate choice of working fluid for jet-pump refrigeration systems; they could provide higher
performance with using low source of heat; thus the system can be run by low grade energy especially when
ample condenser cooling facilities are available. Unfortunately these two fluids were not tested
experimentally under the same operating conditions or the same jet-pump geometry. This was because of
feed pump cavitations problem with R236fa at higher generator pressure. However, as there was good
validation for both of these fluids from CFD modeling as presented in ablwaifa, 2006 their performance was
evaluate at fixed jet-pump geometry and specific operating condition. The finding was that the entrainment
ratio of the same geometry jet-pump and with the same operating conditions with using R236fa was higher by
25% than that with using R245fa and less by 2.5°C in critical condenser temperature. This increase in
entrainment ratio and decrease in critical condensing temperature give indication of that both of R236fa and
R245fa can give the same performance at the same operating condition but with slightly difference in jetpump dimensions.
However, considering the system working stability, R245fa seems much more practical than R236fa.
It has specific volume double of that of R236fa at the same condenser temperature; this will enhance the heat
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transfer. Also the operating pressure differential using R245fa is convenient as the vapor pressure at working
conditions is lower and the ratio between the generator pressure and condenser pressure is large at the same
operating condition which enhances the jet-pump performance. This avoids heavy construction and makes the
feeding pump work in stable conditions. Thus enhances the operation stability and the jet-pump
performance. Moreover, the critical temperature of R245fa is much higher than R236fa and it has higher
viscosity which makes the heat transfer more effective in the evaporator and condenser sides, as the tube side
Reynolds number becomes low, while promoting boundary layer growth, causing increase on the amount of
heat transfer.
CONCLUSION
In this paper, the performance of jet-pump refrigeration system with using R236fa and R245fa as
working fluid was evaluated and the effect of operational parameters on the performance of the system is
presented. The most important findings drawn from this study are as follow:
 Both R236fa and R245fa fluids seem to be a practical working fluid for jet-pump refrigeration
system. Both are environmentally friendly; but as the saturation pressure at the vapor generator
should not to be too high, in order to avoid heavy construction, and to minimize the mechanical
power required by the pump, R245fa is considered the more suitable.
 One disadvantage of using R245fa is that the vacuum pressure in the evaporator can be expected
below 15°C, which can results in air leakage, and a fall in COP.
 Both of these refrigerants can substitute other harmful refrigerants that have similar boiling points
and molecular mass in chillers and air conditioning systems.
 The COP was found to be very sensitive to the operating conditions.
 The coefficients of performance were about 0.5 at practical operating conditions for air conditioning.
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Nomenclature
Pg
Pe
Pc
Pc*
T
Tg
Te
Tc

primary or flow pressure (Pa)
secondary flow pressure (Pa)
back (condenser) pressure (Pa)
critical back pressure (Pa)
temperature (k)
primary flow temperature (k)
secondary flow temperature (k)
back (condenser) temperature (k)

Tc*
Rm
NXP
COP
β

critical condensing temperature (K)
entrainment ratio
Nozzle exit position (mm)
Coefficient of Performance
Diffuser area ratio

Subscripts
c
e
g

Condenser
Evaporator
Generator
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Abstract :
An analysis of the earth’s energy balance shows that the problems due to the increased energy
demand, oil depletion and climate change could be easily solved if the excess of energy due to
greenhouse gas emissions should be used to power renewable energy sources.
Introduction
We are facing three important problems which are correlated : increasing energy demand, oil
depletion and climate change. In this paper, it will be shown that those three problems have a
unique solution: polygeneration based on high efficiency energy processes and intensive use
of renewable energy sources (RES).
Oil addiction is presently a characteristic of industrialized and emerging countries when oil
depletion seems to threaten. Moreover, although the Kyoto Protocol has been ratified, GHG
emissions continue to increase yielding pessimistic views with respect to climate change.
Herein, a distinct and optimistic point of view is presented in which I consider that the excess
of energy at the earth surface generated by the energy imbalance produced by GHG emissions
[1] could be partly used, through intensive use of RES, to satisfy the increasing energy
demand without GHG emissions. This is what I call “harnessing greenhouse effect” [2].
Moreover, to get rid off oil addiction and to limit human’s GHG emissions, it is possible to
combine polygeneration of energy with RES which will allow for global warming mitigation.
First, let me analyse the influence of energy demand on global warming.
Dissipation of the excess of energy due to GHG emissions
The energy balance of the closed thermodynamic system submitted to earth’s energy
imbalance (Figure 1) is given [3] by:
ESE − Erad =∑(Mc p dT ) +δM m Lm +δM v Lv +dEk =dU1+dEk
i

[1]

i

where:
ESE-Erad is the present eath’s energy imbalance which I note “natural energy imbalance” and
which is estimated to be equal to 0.85W/m2 [1].
dEk corresponds to the yearly variation of kinetic energy due to climate change : it is mostly
due to the increase of winds, air jets, hurricanes or cyclones although there may be a
contribution coming from water flow.

∑(Mc dT )
p

i

δM m
δMv

corresponds to the temperature increase of air, water, land, etc.

i

is the mass of ice melt and Lm is the latent heat of ice melting,
is the mass of water vaporised due to global warming and Lv is the latent heat of
vaporisation.

The variation of the earth’s potential energy has been neglected.
Without earth thermal inertia, there would be an instantaneous adjustment of the earth
temperature so as to cancel the energy imbalance ESE-Erad but due to the important thermal
inertia, there exists a long delay for the response of the earth’s temperature. This delay is
estimated to several decades [1].

ESE
Erad
Erad < ESE
dE0 = ESE - Erad
dE0 = dU1+ dEk

dEk

dU1 = heat content
variation

Wind

Figure 1: Earth’s energy imbalance due to the greenhouse effect induced by human activity
GHG emissions, Energy consumption and climate change
Taking into account the internal energy variation due to fossil and fissil fuel consumption, it
can be shown [3] that the earth’s energy balance including human energy consumption
(Figure 2) can be written as:
dE
{'

=

total energy imbalance

dE
{'

total energy imbalance

E4
SE − Erad
1
24
3

natural energy imbalance

+

TPES
123

−

energy consumption

RES
{

Re newable Energy

−

[2]

W
{0

zero entropy energy consumption

dE
=∑(Mc p dT ) +δM m Lm +δM v Lv +
{k
kinetic energy:hurricanes
i
i
14444
4244444
3

[3]

global war min g :sensible and latent heat

TPES is the Total Primary Energy Supply as quoted by IEA [4]
RES is the Renewable Energy Sources consumption as quoted by IEA [4]
W0 is the zero entropy energy, not dissipated into heat, which is extracted from the earth’s
closed thermodynamic system

Herein, I neglect the internal energy variation due to storage or destrorage of biomass due to
forestation or land use change.
dE represents the total earth’s surface energy imbalance including the earth’s internal energy
variation. Eqn[2] gives the total earth’s energy imbalance including the “natural energy
imbalance” due to the existing GHG concentration but including also the heat released by the
energy consumption. Eqn [3] gives the earth’s response to that excess of energy including
global warming and the excess of kinetic energy resulting in global circulation intensification.
The physical interpretation of this relation shows that the total primary energy is added to the
natural excess of energy produced by the greenhouse effect. But, a first important point is that
the energy consumption coming from renewable energy sources as well as W0, the zero
entropy energy which is not dissipated into heat, are, both, subtracted from that excess of
energy. For a given global energy consumption, TPES [4], the RES is subtracted from the
excess of energy: it is a negative forcing effect which I call “harnessing the greenhouse
effect” [2]. The second important point to be noted is the big difference concerning the
impacts on climate change of carbon free energy like RES or nuclear energy: nuclear energy
is added to the natural excess of energy whereas RES is subtracted from the natural excess of
energy.

ESE

dU1 = heat content
variation

Wind dEk
RES
fossil
fuel

nuclear

Wo

(PES)chem = Qcomb + Q nucl= -dU2

Erad

dE = dU1 + dEk = Ese-Erad + TPES – RES – W0
Figure 2: Earth’s energy balance including human activity using all kinds of energy sources

The negative aspects of that excess of energy
The present earth’s energy imbalance is claimed to be equal to 0.85W/m2 [1] which
corresponds to 327,000Mtoe/yr or 1.37 1022J/yr. Due to that huge energy imbalance, an
important thermal inertia appears mainly for the ocean to heat up. According to Hansen et al
[1], ocean warming by 1°C through 1km depth contributes to 15.1023J; ice sheet melting to
raise sea level 1 meter contributes 1.5.1023J; air warming by 1°C contributes 2.14.1022J and
land warming by 1°C contributes 0.37.1022J. Hansen et al [2] claim that, due to that present

earth’s energy imbalance, an additional global warming of 0.6°C is “in the pipeline” and will
occur in the future even if atmospheric composition and other climate forcings remain at
today’s values. It will require not less than 9.1023J just to heat the ocean through 1km depth
which corresponds to more than 20 years with the present energy imbalance [1].
Compared to that huge energy imbalance, human energy consumption (TPES) is very low
since, according to the IEA [4], it reaches 10500Mtoe/yr in 2003, which is nearly negligible
(3%) compared to the 327,000Mtoe/yr of excess of energy. However, this high excess of
energy equal to 327,000Mtoe/yr is the result of an accumulation of GHG emitted for a very
long time. Looking now at the yearly emission of GHG (estimated to 1.3ppm of CO2), then
the corresponding yearly excess of energy added by that GHG new emission is of the order of
15,000Mtoe which is less than the 16,500Mtoe/yr energy consumption predicted by IEA for
2030 [4]. Clearly, the energy consumption added by human consumption cannot be anymore
neglected since it adds a quantity of energy equivalent to that corresponding to the new GHG
emissions.
A most relevant and upsetting question is now: when will the DAI (Dangerous Anthropogenic
Interference) occur [1] and how will it appear: global warming or hurricanes? Wigley [5]
claims that constant emission warming commitment is 2 to 6°C by the year 2400. Recently,
Emanuel [6] has shown that the destructiveness of tropical cyclones over the past 30 years has
nearly doubled so that one cannot exclude the hypothesis that cyclones will be the most
dangerous interference.
The question of the partitioning between global warming and hurricanes intensification is
open. Using the constructal theory, Bejan and Reis [7] have studied the global circulation and
climate and are working on a constructal theory of global warming [8] which should yield
answers to that questions of excess of energy partitioning.

Polygeneration of energy: the only means to harness greenhouse effect
From eqn[2], it is obvious that the only means to reduce the total energy imbalance are:
- to cancel the natural energy imbalance which requires to cancel GHG emissions
- to increase the RES share
- to increase the efficiency of energy processes by increasing W0.
In the present conditions when IEA predicts that fossil fuel consumption will increase by
more than 50% in 2030. That means that the “natural energy imbalance” due to GHG
emissions will increase and that the heat released by human activity will also increase.
Clearly, we are in a vicious circle which generates more and more energy imbalance.
Why not to use that energy imbalance to satisfy the increasing energy demand? This is
possible through the intensive use of RES.

From oil addiction to RES
The way to master climate change is to produce a negative forcing effect equivalent to the
positive forcing effect produced by GHG emissions. Unfortunately, at the moment, the RES
contribution is much too small since, in 2003, they reach only 1,400Mtoe [9] (13% of the
TPES) which is too low to play a relevant role for climate change mitigation. But in 2030,
should they reach 10,000Mtoe (2/3TPES), then it would be highly significant. Moreover, at
that time, should W0 exceed 5,000Mtoe (1/3TPES), a situation corresponding to
TPES<RES+W0 should be reached. A high value for W0 means that high efficiency energy
processes are used to produce goods with high internal energy. Then, human energy
consumption should contribute to climate change mitigation. For example, if W0=6,000Mtoe,

and TPES=15,000, RES=10,000Mtoe, according to eqn[2], we get a negative value for TPESRES-W0:
TPES-RES-W0=-1,000Mtoe/yr
This means that 1000Mtoe are taken from the excess of energy due to the greenhouse effect.
Would at that time GHG emissions be highly reduced due to low carbon emission
technologies like zero emission power stations and CO2 sequestration, then a future with
climate change control and energy production from the earth’s energy imbalance should be
possible. We should be in a situation when part of our energy consumption should be
provided by the greenhouse effect.
Paradoxically, we can claim: high energy consumption based on intensive RES and high
efficiency energy processes can help to mitigate climate change. In that case, we shall be able
to harness greenhouse effect [2].

From energy consumer to energy producer
To get a high share of RES requires to use all kinds of RES and to integrate them in buildings,
industrial processes as well as in transportation. It also requires to use distributed energy
sources and it leads to a new concept of individual energy producers [10]. With the possibility
of integration of solar thermal collectors, photovoltaic, small wind turbines, wood
cogeneration, etc. in individual houses or in buildings [11,12], it is now possible for an
individual or for a small group of individuals to export electricity to the network. This will
induce a new energy management under climate change constraint and will completely
redistribute the energy revenues [10].

Conclusion
Oil depletion is a reality when increasing energy demand from the emerging countries is the
engine of the global economy. Oil prices peak and it is likely they will peak more and more.
At the same time, the excess of energy due to GHG emissions results in more and more severe
heat waves and hurricanes.
The only solution to solve those three problems (oil depletion, increasing energy demand and
climate change) is to harness the greenhouse effect through intensive use of RES which
results in subtracting the RES to the excess of energy produced by the greenhouse effect and
contributes to mitigate climate change.
More energy consumption is a solution to mitigate climate change provided the energy is
supplied by RES.
The impact of nuclear energy is completely distinct from RES since it modifies the earth’s
internal energy and adds energy at the earth’s surface which is not the case of RES.
Considering the heat waves and hurricanes intensification, it becomes extremely urgent to
modify our global energy management to avoid to reach the DAI (dangerous anthropogenic
interference) when humanity would loose the control of climate change. The most dangerous
DAI could be the intensification of hurricanes (specially in Asia an America) depending on
the partitioning of the excess of energy.
The new global energy management will yield distributed energy supply and it leads to a new
concept of individual energy producers.
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ABSTRACT
The present study explores the performance of air conditioning units when working at locations that have
hot outside air temperatures during summer season. The various performance parameters of the air
conditioning units are calculated when these units use the refrigerant R407c that has a friendly effect on
the environment. The performance parameters of the present work are calculated as function of condenser
temperature for three constant evaporator temperatures of 5, 0 and –5 oC. The condenser temperature, Tc,
range investigated is 40 to 70 o C. The refrigeration cycle investigated assumes the state of the compressor
inlet as 15 o C superheat above the evaporator temperature while the state of condenser exit is 5 oC subcooled. Computer simulation method is used to calculate the performance parameters of the refrigeration
cycle. The performance parameters investigated are the volumetric clearance efficiency, the circulating
mass flow rate of the refrigerant, the produced refrigeration capacity, the consumed compressor power,
the coefficient of performance, the condenser heat rejection rate and the compressor discharge
temperature. The displacement flow rate of the used compressor is 0.03m3 /s and its isentropic efficiency
is 80%. The percent clearance of the compressor is 4. The thermodynamic properties of the refrigerant
R407c needed to determine the results of this work are presented in equation forms by using a developed
computer program.
The results of the present work indicate that the volumetric clearance efficiency, ηvc and the refrigeration
mass flow rate, mref decrease continuously as the condenser temperature, Tc increases for the three
investigated values of the evaporator temperature, Te. The values of ηvc and mref decrease from 95% and
0.53 kg/s at Tc = 40 o C to 80% and 0.45 kg/s, respectively at Tc= 70 o C and Te = 0 o C. The produced
refrigeration capacity, Qevap, decreases due to the decrease of m ref from 90 kW at Tc = 40 o C to 53 kW at
o
o
o
Tc = 70 C for Te = 0 C. This represents an average decrease of 1.23 kW per one C of T c increase. On the
other hand, the consumed compressor power, W comp, increases from a value of 15.6 kW at Tc = 40 o C until
it reaches a maximum value of 21.5 kW at Tc = 68 oC. The compressor power then starts to decrease as Tc
increases above 68 o C. The coefficient of performance, COP decreases from 5.9 at Tc = 40 o C to 2.4 at Tc
= 70 o C for Te = 0 oC. This represents a decrease of 59%. The condenser heat rejection rate, Qcond,
decreases from 105 kW at Tc = 40 oC to 73 kW at Tc = 70 oC for Te = 0 o C. On the other hand, the
compressor discharge temperature, Tcomp increases linearly from 62 oC to 103 oC when Tc increases from
40 o C to 70 oC for Te = 0 o C, which will cause overheating of the compressor.
INTRODUCTION
The chlorofluorocarbons (CFCs) and the hydrochloroufluorocarbons (HCFCs) are the traditional
refrigerants commonly used in all types of air conditio ning and refrigeration systems and posses the
desired characteristics for obtaining the efficient performance of air conditioning equipment. The ozone
depletion potential and the global warming are the key controversial issues , which have been, and are still
being raised during the last few years. The Montreal protocol signed by many countries recommended the
ban on the use of the CFCc and HCFCs refrigerants due to their non-friendly influence on the
environment. This opened the door for the search of alternative refrigerants to the traditional ones. The
used alternative refrigerants must have similar thermodynamic, physical and chemical properties to that
of the traditional refrigerants with minimum changes in performance, design and cost. Refrigerant R407c,
which has a friendly effect on the environment, is one of the alternative refrigerants being currently used
in air conditioning systems. Alsaad and Alshqirate, 2004, carried out a simulation study to determine the
performance parameters of refrigeration units that use R407c as function of evaporator temperature for
condenser temperature of 40 oC. Herz, 2003 and Alshqirate, 2003 used R407c as an alternative
refrigerant in window-type air conditioning unit. They concluded that R407c can be used as an alternative
refrigerant to R22 for condensing temperatures up to 42 oC. Boumaza and Mellari, 2005 presented

simulation results through thermodynamic analysis of R22 and the alternative refrigerant R407c under
various evaporator and condenser temperatures. They concluded that the condenser temperature has
important impact on the performance of the refrigeration and air conditioning systems. Aprea et al, 2004
tested experimentally a vapour compression refrigeration plant that uses the refrigerants R22, R507 and
R407c. They reported that R407c has superior performance in comparison with R507, but R22 shows
better performance than R407c. Their result s were limited to condenser temperature of 42 o C. Devotta et
al, 2004 and 2005 compared the theoretical and experimental performance of five kW window type air
conditioner when R22 is replaced by R407c. The condenser temperature of this study was limited to 45
o
C. Mousa and Hanafy, 2004 investigated the performance of air conditioning unit when R22 is replaced
by R407c and R410A. Condenser temperature range of 28 to 38 o C was used to investigate the effect of
various environmental conditions on the performance of the air conditioning unit. They concluded that the
cooling capacity of the unit and the system performance decreased with increasing the environmental air
temperatures for the used condenser temperature range. Cabella et al , 2004 studied experimentally the
effect of the main operating variables on the performance of a vapour compression plant. The operating
variables considered are the condenser pressure and the superheating degree at compressor inlet. The
effect of these variables on the performance of the refrigeration plant was reported.
In the studies cited above, the various investigators have restricted themselves to condenser temperature
values of less than or equal to 45 oC. But there are situations where the condenser temperature exceeds 45
o
C, for example, at locations that are characterized by hot weather. The present study investigates the
effect of the condenser temperature on the performance parameters of air conditioning units for values of
condenser temperatures that range from 40 to 70 oC.
THERMODYNAMIC ANALYSIS
The air conditioning cycle used in the present work is a practical one that uses the refrigerant R407c with
isentropic efficiency, ηs of 80%. The compressor suction state is superheated vapour with 15 o C of
superheat. The condenser exit state is 5 oC sub-cooled. Pressure drops through evaporator and condenser
are neglected. The condenser temperature of the cycle varies from 40 o C to 70 oC with one o C increment.
The evaporator temperature is kept constant at three values of 5, 0 and –5 o C. The performance
parameters investigated are the volumetric clearance efficiency, mass flow rate of refrigerant, produced
refrigeration capacity, consumed compressor power, coefficient of performance, condenser heat rejection
rate and compressor exit temperature. The refrigerant used is R407c.The volumetric clearance efficiency,
ηvc is calculated using the relation (Stoeker and Jones, 1982):
η
vc = 100 - M ( v s/v d – 1 )

% [1]

Where M is the percent clearance assumed equal to 4 while vs and vd are specific volumes of refrigerant
at compressor suction and discharge, respectively. The refrigeration capacity, Q evap is expressed as:
Qevap = m ref (hevap,o - hevap,i)

kW [2]

Where hevap,i is the specific enthalpy at evaporator inlet while h evap,o is the specific enthalpy at evaporator
outlet. The mass flow rate of the refrigerant, m ref is given by:
mref = (V/vs) ηvc

kg/s [3]

Where V is the volumetric flow rate of the used compressor and equals to 0.03 m3/s. The consumed
compressor power, W comp is:
Wcomp = m ref ( hcomp,o – hcomp,i )

kW [4]

Where hcomp,o and hcomp,i are the specific enthalpies at compressor exit and inlet, respectively. The
condenser heat rejection rate, Qcond , is obtained as:
Qcond = mref ( hcomp,o – h cond,o )

kW [5]

Where h cond,o is the specific enthalpy at condenser outlet. The coefficient of performance, COP is defined
as:
COP = (hevap,o - h evap,i) / ( hcomp,o – hcomp,i )
[6]
A computer program was developed to express each of the thermodynamic properties of the refrigerant
R407c in equation form in order to calculate the above performance parameters. The specific volume at
compressor suction, v s is expressed as:
vs = B1 + B 2( Te + 15)

m 3/kg [7]

B1 = 41.976(Pe,g )-1.0965

m 3/kg [8]

Where;
And;
B2 = 0.0014 – 6(10)-6Pe,g +9(10)-9 (Pe,g )2 - 4(10)-12(Pe,g)3

[9]

Where Pe,g is the gas-side evaporator pressure expressed as:
2

Pe,g = 451.90 + 15.81Te +0.215(T e) +0.0013 (Te)

3

kPa [10]

The specific volume at compressor discharge, vd is given by:
vd = 0.0440 – 7(10)-5Te-0.0005Tc+3(10)-6 TeTc

m 3/kg [11]

The specific enthalpy at evaporator inlet, hevap,i which is equal to that at condenser exit is expressed as:
hevap,i = hcond,o = 176.5335 + 1.9533 (Tc-5)

kJ/kg [12]

The enthalpy values at compressor outlet, hcomp, o and inlet, h comp,i are obtained as:

And;

hcomp, o = 421-0.4377 Te +0.8232 Tc-0.001691 Te Tc

kJ/kg [13]

hcomp, i = hevap,o = (h comp,s - ηs. h comp, o)/(1 - η
s)

kJ/kg [14]

Where hcomp,s is the enthalpy at the compressor exit when the compression process is isentropic. It is
expressed as:
h comp, s = 420.1- 0.2617Te +0.7009 Tc-0.001405 T e Tc
kJ/kg [15]
For η
s = 80% then Eq. [14] reduces to:
hcomp, i = h evap,o = 5hcomp, s - 4h comp, o
The compressor outlet temperature, Tcomp is given as;
Tcomp = 7.167 -0.5416Te+1.361 Tc +0.001069 Te Tc

kJ/kg [16]
o

C [17]

RESULTS AND DISCUSSION
Equations [1] through [17] were used to obtain the results of the present work. The variation of the
volumetric clearance efficiency, η
vc with condenser temperature, T c is obtained from equations [1], [7]
and [11] and is presented in Figure (1). It can be shown from Figure (1) that ηvc decreases as Tc increases
for the three values of evaporator temperatures investigated. The value of ηvc decreases from 95% at Tc =
o
40 o C to 80 % at Tc= 70 oC for Te= 0 o C. This represents a decrease of 0.5 % in the value of η
vc per one C
of condenser temperature increase.The variation of the refrigerant mass flow rate with Tc is shown in
Figure (2). The mass flow rate, mref decreases continuously as the condenser temperature increases for the
three values of T e investigated. The value of mref decreases

Figure 1: Variation of volumetric clearance efficiency with condenser temperature .
from 0.53 kg/s at Tc = 40 oC to 0.45 kg/s at T c = 70 o C for T e == 0 o C. This represents a reduction in m ref
of 15.1 % when Tc increases from 40 to 70 oC. The produced refrigeration capacity, Qevap is calculated
using equations [2], [12] and [16] and its variation with Tc is presented in Figure (3). It can be seen from
Figure (3) that Q evap decreases as Tc increases for the three values of evaporator temperature investigated.
The value of Qevap decreases from 90 to 53 kW when Tc increases from 40 to 70 o C for Te = 0 o C. This
represents a decrease of 41.1 % in the value of Qevap. This large percentage drop of the refrigeration
capacity is due to the decrease of the refrigerant mass flow rate and the enthalpy difference across the
evaporator as the condenser temperature increases. The variation of the compressor power, Wcomp with Tc
is shown in Figure (4). Equations [4], [13] and [14] were used to plot the three curves of Figure (4). It can
be observed from Figure (4) that Wcomp increases as Tc increases until it reaches a maximum value then
starts to decrease as T c continues to increase for the three values of evaporator temperature investigated.
Figure (4) indicates that for T e = 0 oC, the compressor power is 15.6 kW at Tc = 40 o C and increases to a
maximum value of 21.5 kW at Tc = 68 oC then it drops as Tc increases above 68 oC. This behavior is due
to the fact that as the condenser temperature increases, the refrigerant mass flow rate, mref decreases while
the enthalpy difference across the compressor increases. On the other hand, W comp increases as the
evaporator temperature decreases for any fixed value of Tc. For T c = 70 o C, Wcomp increases from 17.7
kW at Te = 5 oC to 23.5 kW at Te = -5 oC, which represents an increase of 32.8%.

Figure 2: Variation of refrigerant mass flow rate with condenser temperature , Tc.

Figure 3: Variation of refrigeration capacity with condenser temperature, T c.
The coefficient of performance, COP of the refrigeration cycle is plotted as shown in Figure (5). Since
COP is defined as the ratio of the refrigeration capacity, Qevap and the compressor power, Wcomp, as
indicated by equation [6] and since Qevap decreases while W comp increases as Tc increases then COP also
decreases as T c increases for all values of evaporator temperatures investigated. As indicated in Figure
(5), the value of COP at T c = 40 oC equals to 5.9 and decreases to 2.4 at 70 o C for Te = 0 oC. This
represents a reduction in the value of COP of 59.4 % or a decrease by an average rate of 0.117 per one oC
increase in condenser temperature.

Figure 4: Variation of compressor power with condenser temperature, T c.

Figure 5: Variation of coefficient of performance with condenser temperature, Tc.
The relation between the condenser heat rejection rate, Q cond and the condenser temperature is plotted
using equation [5] and is presented in Figure (6). As shown in Figure (6), Qcond decreases as the condenser
temperature increases for the three values of evaporator temperature investigated. This is due to the fact
that both mref and enthalpy difference across the condenser decrease as Tc increases. As indicated in
Figure (6), the value of Qcond decreases from 105 kW at Tc = 40 oC to 73 kW at Tc = 70 o C for Te = 0 oC.
This represents a decrease of 30.5 % in the value of the heat rejection or by an average reduction of 1.07
kW per one oC increase in T c.

Figure 6: Variation of condenser heat rejection rate with condenser temperature, T c.

Figure 7: Variation of compressor discharge temperature with condenser temperature.
The variation of the compressor discharge temperature, Tcomp is plotted in Figure [7] as
function of condenser temperature by using equation [17]. As seen from Figure (7), Tcomp
increases linearly as Tc increases for all values of evaporator temperatures indicated in Figure
(7). The compressor discharge temperature, Tcomp increases from 62 oC at T c = 40 o C to 103 o C
at Tc = 70 oC for Te = 0 o C. Thus, overheating of the compressor will take place if the
condenser temperature approaches or exceeds 70 o C. The results of Figure (7) indicate that the
compressor discharge temperature increases by 66.1 % or by a rate of 1.37 o C per each o C
increase in the condenser temperature.
CONCLUSIONS
The present study investigates the performance of air conditioning units that use R407c as
refrigerant when working at elevated condenser temperatures up to 70 oC. The following
conclusions are made:
1. As the condenser temperature increases from 40 to 70 o C, the produced refrigeration
capacity decreases from 90 to 53 kW. This means that the produced refrigeration
capacity decreases by 41.1 % or by an average decreasing rate of 1.23 kW per one
degree increase of condenser temperature when the air conditioning cycle operates at
evaporator temperature of 0 o C.
2. The COP at Tc = 40 o C is 5.9 when Te = 0 oC and drops linearly to 2.4 at Tc = 70 o C,
which represents a decrease of 59.3 %.
o
o
o
3. The compressor exit temperature increases linearly from 62 C at T c = 40 C to 103 C
at Tc=70 o C for Te = 0 oC, which represents an increase of 66.1 %. Thus, the compressor
will suffer overheating the condenser temperature exceeds or approaches 70 oC.
4. The clearance volumetric efficiency, refrigerant mass flow rate, produced
refrigeration capacity, coefficient of performance and condenser heat rejection rate
decrease at pronounced rates as the condenser temperature increases.

5.

The consumed compressor power and the compressor discharge temperature increase
at large rates as the condenser temperature increases.
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NOMENCLATURE
COP
hcomp,i
hcomp,o
hcond,i
hcond,o
hcomp,s
hevap,i
hevap,o
M
mref
Pe,g

Coefficient of performance
Specific enthalpy at compressor inlet, kJ/kg
Specific enthalpy at compressor exit , kJ/kg
Specific enthalpy at condenser inlet, kJ/kg
Specific enthalpy at condenser outlet, kJ/kg
Isentropic enthalpy at compressor exit, kJ/kg
Specific enthalpy at evaporator inlet, kJ/kg
Specific enthalpy at evaporator outlet, kJ/kg
Percent clearance
Refrigerant mass flow rate, kg/s
Gas side evaporator pressure, kPa

Qcond
Qevap
Tc
Tcomp
Te
V
vd
vs
3
m /kg
Wcomp
ηs
ηvc

Condenser heat rejection rate, kW
Refrigeration capacity, kW
o
Condenser temperature, C
o
Compressor discharge temperature, C
o
Evaporator temperature, C
Displacement flow of compressor, m3/s
3
Specific volume at compressor exit, m /kg
Specific volume at compressor suction,
Consumed compressor power, kW
Isentropic efficiency, %
Clearance volumetric efficiency, %
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Abstract
The loop heat pipe (LHP) technology development has to deal with the growing need of high heat flux
dissipation and several issues related to space qualification and integration, along with the miniaturization
of this device. As some design limitations are faced related to the maximum heat flux able to be managed
by LHPs, improvements on their capillary evaporator design can result on a gain on its capability of heat
management along with a substantial decrease on the heat source temperature, which is very desirable, as
well as the use of alternative working fluids. Thus, this work presents an investigation of LHPs that
operate with acetone as working fluid, for maximum operational heat loads of 80 W, where the results of
life tests performed in laboratory conditions are presented. Two identical LHPs were designed and tested,
where one presents the classic design of a capillary evaporator primary wick with axial grooves, while the
other presents the design of circumferential grooves. For the same active length, there has been a gain of
20% on the contact area when using circumferential grooves on the primary wick, resulting in better
thermal performance. Upon operating at its maximum designed heat load, the heat source temperature for
the evaporator with a primary wick with circumferential grooves shows temperatures up to 50% lower
then when using the one with axial grooves, which is a major gain on the overall LHP performance.
Loop Heat Pipe Design Considerations
The development of the loop heat pipe (LHP) technology for specific space applications has resulted in
great advances regarding the design of capillary evaporators able to promote the heat management at
lower heat source temperatures. As informations regarding the capillary evaporator design and
optimization is not easily available, some features have to be implemented and tested in order to verify
whether they will give the required results.
One of the most used configuration in capillary evaporators with an integral compensation chamber (CC)
applies axial grooves on the primary wick outer diameter. Depending on the design of the primary wick a
certain number of grooves can be implemented in order to result in a better thermal performance for the
LHP. Several authors have reported this kind of primary wick configuration and how reliable the thermal
behavior in LHPs can be achieved (Delil et al., 2003; Ku and Rodriguez, 2003; Riehl, 2004; Maydanik,
2005, Vlassov and Riehl, 2005). However, details on the primary wick exact geometry and features are
rare as this represents the most important component of the capillary evaporator itself. Other
characteristics on the evaporator design are also important, such as the secondary wick geometry and the
internal surface of the capillary evaporator. In this case, micro-machining of the internal surface of the
evaporator can promote a better heat transfer capability to this device. The secondary wick, being a
challenging component to be simulated in order to obtain the correct influence of this part on the entire
LHP behavior, also requires an special design as presented by Ku et al. (2001) when an arterial secondary
wick was applied. Even though great advances on the development of LHPs have been observed during
the last decade, the design of those devices still rely on the designer experience.
With the continuous development of the LHP technology performed in this institute, geometric features
were applied to the capillary evaporator design in order to obtain a better thermal performance. Some
geometric changes were applied in order to compared the results with classical capillary evaporator
design. The features applied are related to circumferential grooves machined on the primary wick outer
diameter, as well as microgrooves on the evaporator inner diameter and a secondary wick made of
stainless steel screen mesh with arterial grooves. The results gathered with this new capillary evaporator
design implemented in a LHP were compared to the results previously presented for another LHP that has
axial grooves machined on the primary wick outer diameter (Riehl and Siqueira, 2005). Extensive life

tests using this new geometry were performed for a LHP using acetone as the working fluid with an
interest in qualifying this fluid for future space applications. Thus, this paper presents the performance
improvement achieved with this new capillary evaporator design, as well as presents the comparison with
previous results related to the life tests of another LHP.
Improvement on the Capillary Evaporator Design
The most used internal configuration for capillary evaporators for both loop heat pipes and capillary
pumped loops presents axial grooves machined on the primary wick outer surface. In this case, the groove
geometry must be able to give a reliable operation to the device, collecting the vapour properly and not
presenting localized dryout. However, depending on the primary wick outer diameter, it is not possible to
make the required grooves and, sometimes, capillary evaporators with axial grooves can present a thermal
behaviour that is not in agreement to what has been expected. Such a behaviour was found on a previous
design named TCD-LHP2 where axial grooves were machine on the primary wick outer diameter. Even
though the device would present a reliable operation, the capillary evaporator and operation temperatures
were very close to the limit imposed by the project (Riehl and Siqueira, 2005 and 2006).
As a better thermal performance was necessary, some modifications on the internal geometry of the
capillary evaporator were performed for this new device that has been under life tests in laboratory
conditions, named here as TCD-LHP3. The capillary evaporator for this LHP presents the following
features: primary wick with circumferential grooves machined on its outer surface with a single axial
groove for vapour collection, microgrooves machined on the evaporator inner diameter and arteries made
on the secondary wick structure. Differently from the TCD-LHP2 capillary evaporator design, which
presented around 1,500 microgrooves per meter, the new design, here called as TCD-LHP3, was
considerably improved as it presents around 2,500 microgrooves per meter (0.2 mm wide, 0.2 mm in
depth). This change was considered necessary after some calculations in order to improve the heat
transfer mechanism between the evaporator housing and the saturated working fluid. However, the most
important change made on the TCD-LHP3 capillary evaporator was related to its primary and secondary
wick structures. Even though the arteries of the secondary wick and micro-grooves on the evaporator
inner surface seem to increase the thermal performance of the LHP, the circumferential grooves were
found to highly contribute to this improvement. The geometry with circumferential grooves machined on
the wick’s outer surface and only one axial groove responsible for the vapor collection was simulated and
implemented in the capillary evaporator design. The characteristics of the circumferential grooves were
also changed in order to accommodate a more effective geometry, which was proved to show better
thermal behavior during the simulations (Riehl, 2002; Vlassov and Riehl, 2006). The machining process
was much easier with the circumferential grooves as well as the wick’s insertion in the evaporator
housing. With this new geometry, more grooves and greater contact area between the wick and the
evaporator housing were achieved for the same active length used with the TCD-LHP2 design as well.
Figure 1a presents the circumferential grooves machined on a UHMW polyethylene and sintered nickel. It
is very important to point that after the machining process to make the grooves, the wick structures were
verified in microscope to certify that the pores were not closed. Figure 1b shows the arteries made on the
secondary wick structure.
UHMW Polyethylene

Sintered Nickel

(a) Circumferential grooves on primary wick

(b) Arteries on secondary wick

Figure 1: Geometry characteristics for both primary and secondary wick structures.

The changes on the LHP geometries are presented on Table 1. As both TCD-LHP2 and TCD-LHP3
present the same active length as well as the same lengths for the liquid and vapour lines and condenser, it
becomes important to perform a comparison regarding the thermal behaviour of those devices.
Table 1: Geometric characteristics for the LHPs.
Capillary Evaporator
Total Length (mm)
Active Length (mm)
Outer/Inner Diameter (mm)
Material
UHMW Polyethylene Wick
Pore Radius (µm)
2
Permeability (m )
Porosity (%)
Diameter (OD/ID) mm
Number of grooves (TCD-LHP3)
Number of grooves (TCD-LHP2)
Vapour Line
Outer Diameter (mm)
Inner Diameter (mm)
Length (mm)
Material

100
67
19.0 / 16.5
316L SS
4.0
-13
10
50
16.5 / 7.0
21 (circumferential)
14 (axial)
4.85
2.85
550
316L SS

Liquid Line
Outer Diameter (mm)
Inner Diameter (mm)
Length (mm)
Material
Condenser
Outer Diameter (mm)
Inner Diameter (mm)
Length (mm)
Material
Compensation Chamber
Outer Diameter (mm)
Length
Screen mesh
3
Volume (cm )

4.85
2.85
850
316L SS
4.85
2.85
1000
316L SS

19.0
95.0
200
20

The condenser of both LHPs was the cover plate (300 mm x 300 mm x 4 mm thick) of a heat exchanger
with embedded channels circulating a mixture of 20% of water and 80% of ethylene-glycol so
condensation temperatures of –20 °C could be achieved during the tests. The heat loads were
administrated to the capillary evaporator using a kapton skin heater (70 x 25 mm, 14 Ohms), attached to
an aluminum saddle (alloy 6061), which were controlled by a DC power supply. Twenty type-T
thermocouples (deviation of ±0.3 °C at 100 °C) are used to monitor the temperatures, which are read and
recorded by LabVIEW software. The working fluid inventory was 25 grams of acetone for a
compensation chamber with 50% of void fraction in the cold mode. An schematic of the LHPs used in
this investigation is presented in Fig. 2.

Figure 2: LHP schematic.
Performance Tests and Discussion
For a primary comparison between both LHPs tested, a power step routine was performed were the
devices are started at low heat load and then it is increased until a certain level that does not represent
harm to the materials used to build the LHPs. In this case, for both devices, the power step test was
performed for a sink temperature of 0 °C at a controlled room temperature varying within 18 and 20 °C.
Figure 3 presents the power step tests for both LHPs.
From Fig. 3 it is possible to observe that the TCD-LHP2 maximum heat load was 100 W for the
evaporator body (Tevap) temperature around 110 °C, while the TCD-LHP3 presented a maximum
temperature around 82 °C for 120 W. This primary performance test shows that the TCD-LHP3 presents,
for 100 W of heat load, the evaporator temperature 36% lower than the TCD-LHP2 which represents a
remarkable gain on the overall thermal performance for the LHP. On the same way, tests with the TCDLHP3 present the possibility of applying higher heat loads to this device while presenting better thermal
performances associated with lower heat sources temperatures even when using an alternative and less
efficient working fluid such as acetone. However, to better analyse the LHP improvement with the
circumferential grooves life tests have to be performed and compared with the TCD-LHP2 results.

(a) TCD-LHP2

(b) TCD-LHP3

Figure 3: Power step tests with (a) TCD-LHP2 and (b) TCD-LHP3.
During the TCD-LHP3 operation, it has been observed that at higher heat loads administrated to the
capillary evaporator, the evaporator and operation temperatures could be up to 50% lower than those
found during the tests with the TCD-LHP2, even when using an alternative and less efficient working
fluid such as acetone, as presented by Fig. 4 where heat load profiles were performed. During all tests,
reliable start-ups were observed with the TCD-LHP3 and considerably reduced time to reach the steady
state was necessary. Upon comparing the TCD-LHP3 results with those for the TCD-LHP2, it is clear that
the evaporator temperatures were considerably lower, for some power level, around 50% lower than what
it was observed for the TCD-LHP2, as presented by Fig. 5.

Figure 4: Heat load profiles applied to the TCD-LHP3.

(a)

(b)

Figure 5: Heat load profiles applied to (a) TCD-LHP2 and (b) TCD-LHP3.

From the experimental results, it can be said that as the microgrooves machined at the evaporator’s inner
wall are very small, when the primary wick structure is in place, the microgrooves hold liquid prior to the
capillary evaporator start up. As the circumferential grooves and the microgrooves are on the same
direction, most of the liquid that is held in the microgrooves internal volume cannot be displaced when
the evaporator starts its pumping activity. As the liquid is trapped in the microgrooves, this effect seems
to represent an important parameter that contributes to reduce the contact thermal resistance between the
primary wick and the evaporator housing, which contributes to reduce the evaporator temperature. On the
same way, the secondary wick structure with its arteries is efficiently promoting the liquid exchange
between the compensation chamber and the evaporator core, which also represents an important
parameter. As lower heat leaks seem to be in effect in this new design, all these factors contribute to
lower the evaporator and compensation chamber temperatures resulting in a better thermal performance
for the LHP. Also, this effect is highly influenced by the increase on the heat transfer area achieved with
the circumferential grooves. Even with the increase on the design complexity presented by this
investigation, the results show that the effort is well worthy in order to have a LHP that presents lower
evaporator and operation temperatures. The effects on the capillary evaporator temperature can be better
seen on Fig. 6a where the evaporator temperatures for both TCD-LHP2 and TCD-LHP3 can be directly
compared, showing the efficiency achieved when using the circumferential grooves. From this
comparison, it is clear that the TCD-LHP3 presents considerable lower capillary evaporator (heat source)
temperatures which highly influence the overall LHP performance when compared to the TCD-LHP2. As
mentioned before, the other improvements on the LHP geometry resulted in reduced heat leaks that
greatly contributed to decrease the thermal resistances between the capillary evaporator and compensation
chamber observed during the tests, as represented by Fig. 6b. Even though the simulation model could
predict such an improvement on the thermal performance, the experimental tests showed outstanding
results.

(a)

(b)

Figure 6: Overall performance comparison: (a) evaporator temperature slope and (b) thermal resistances.
From the overall experimental results presented for different condensation (sink) temperatures, it can be
easily noted that the TCD-LHP3 with the improved geometric characteristics specially with the
circumferential grooves shows better thermal behaviour when compared to the TCD-LHP2 that presents
axial grooves. The reduced thermal resistances are specially important to be evaluated as the LHP could
operate at higher heat loads while keeping the evaporator temperatures at lower levels, which is very
important to be considered with using an alternative and less efficient working fluid such as acetone.
Concluding Remarks
The current development of the LHP technology performed in this institute for future space applications,
specially for satellites, has resulted in several advances towards the achievement of a reliable system able
to promote the passive thermal control of electronics, structures and other equipments. Important
advances have been obtained upon using alternative working fluid, specially acetone, to substitute the soused ammonia due to its high hazard and costs. Life tests performed in laboratory have demonstrated the
possibility of long-term use of acetone with acceptable behaviour of the LHPs tested. This development

has presented several advances, which were showed in this paper and the summary of the conclusions that
could be taken from this investigation are as follows:
•
•
•

the life tests have demonstrated the possibility of using acetone as working fluid in LHPs for future
space applications;
the improvements on the geometry for the capillary evaporator used on the TCD-LHP3 proved to be
extremely efficient, resulting in reduced evaporator (heat source) temperatures as well as reduced
thermal resistances between the evaporator and compensation chamber;
upon using primary wick with circumferential grooves and arteries on the secondary wick, along with
microgrooves on the evaporator’s internal diameter, the TCD-LHP3 presents substantial improvement
on its thermal behaviour when compared to the TCD-LHP2.

As the development of a reliable LHP continues, a device that uses the configuration of the TCD-LHP3
has been considered for future space applications. Following this path, the LHP has to undergo the
qualification tests (launching vibration tests, thermal vacuum performance tests and cycling, etc.) required
to certify it as a system that could be used in the satellite thermal control.
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Abstract
The miniaturization of loop heat pipes (LHPs) has generated several other issues related to the thermal
control of electronics and other devices with small surface areas destined for the heat dissipation. When
using miniature LHPs, one of the constraints is related to the limited contact area available to place the
evaporator. Another constraint is related to the working fluid applied to the LHP, which depending on its
application, must represent less hazard to people and equipment specially when home and office
applications are involved. A recent line of research has demonstrated that nanofluids, which are regular
working fluids with nanoparticles at some concentration, can be used in heat transfer equipment, resulting
in better performances as the liquid thermal conductivity can be increased by 20% for a concentration of
up to 5% of nanoparticles by mass. Considering this recent line of research, this work has the objective of
presenting the analysis of a miniature LHP operating with water and a related nanofluid. The results are
destined to understand how a nanofluid can be applied in a system that operates by means of capillary
pressure with the presence of a porous material that could be a limitation for such an application.
Introduction
Nanofluid application is a recent area of investigation with promising results. Basically, nanofluids are
regular working fluids that have been applied in thermal system devices with nanoparticles of solid
materials used to improve the fluids’ thermal conductivity. By adding 5% of the working fluid mass with
nanoparticles, the liquid thermal conductivity can be increased by up to 20% (Xuan and Roetzel, 2000).
Some researches have already presented important contributions using nanofluids usually composed of
water and copper nanoparticles with sizes around 25 nm (Chein and Huang, 2005; Wen and Ding, 2005),
which all represent the recent advances on this new technology. The investigations performed so far have
pointed to the potential in using nanofluids in several thermal control applications with great
improvement on the heat transfer coefficient, specially when liquid single-phase thermal control has been
used. It is important, however, to mention that investigations performed so far utilizes regular pumping
devices to transport the nanofluid throughout the loop. However, it has not been noticed the application in
devices such as loop heat pipes (LHPs) that require the generation of capillary forces to drive the working
fluid. In this last case, the capillary evaporator presents a porous wick structure with fine pores and the
interaction with the nanofluid needs to be better investigated.
As LHPs present to be a reliable and effective thermal control device with many terrestrial and space
applications, the use of nanofluids could represent a gain on their performance simply by adding a certain
volume of nanoparticles to the working fluid. However, as the LHP works by means of capillary forces
generated in a porous wick structure presented in the evaporator, the simple use of nanofluids could
represent more lost on its overall thermal performance than any gain on the thermal conductivity. It is
well know, for instance, that the addition of nanoparticles in a working fluid will not only represent an
improvement on the liquid thermal conductivity but will also influence the liquid viscosity and density as
these two properties will directly influence the two-phase mixture with the liquid and the nanoparticles.
These two transport properties may influence the entire LHP performance in such a way that the losses
imposed by an increase on the hydraulic pressure drop will simply overcome any gain on the liquid
thermal conductivity. The application of nanofluids must be properly investigated in order to address their
application to better identify the constraints and issues related to the use of nanofluids in LHPs.
Nanofluid Concept and Application
The nanofluid is composed of a pure substance, like water, with solid nanoparticles usually mixed with
mass fractions from 1 to 5 %. The nanoparticles are materials with size below 100 nm in diameter and

should be as pure as possible to avoid any kind of chemical reaction of the substance that has been mixed.
Investigations have already presented the increase on the liquid thermal conductivity of the nanofluid
when compared to the pure substance by as much as 20% when a mass fraction of up to 5% of
nanoparticle was added (Xuan and Li, 2000; Koo and Kleinstreuer, 2004). Some models have been
developed to better describe the influence of the addition of nanoparticle on pure substances and the gain
on the liquid thermal conductivity that might represent (Koo and Kleinstreuer, 2004) as usually the
Maxwell model is applied on this case as

kn =

k p + 2 kl + 2(k p − kl ) f
k p + 2 kl − (k p − kl ) f

kl .

W/m K

[1]

Equation [1] represents the effective thermal conductivity of a homogeneous suspension. However, not
only the liquid thermal conductivity is affected by the addition of a nanoparticle on the substance. In this
case, proper consideration and evaluation of the solid particles in a liquid must be taken according to the
two-phase theory (Carey, 1992). Thus, the nanofluid density is then
 f 1− f 

=
+
ρ n  ρ p
ρ l 
1

kg/m3

[2]

and the liquid dynamic viscosity is then calculated as (Xuan and Roetzel, 2000):

µ n = µl

1
.
(1 − f )2.5

Pa.s

[3]

The above relations play an important role on the performance of the nanofluid when compared to a pure
substance, specially when considering its application in passive thermal control devices such as LHPs.
Important considerations must be made with the above relation to predict the transport behaviour when
applying capillary driven forces to promote the heat transfer. Upon verifying the influence of the
nanoparticle concentration (f) on the substance, Eqs. [1] to [3] were evaluated for the use of water and
nickel nanoparticles with concentrations of 3.5% and 5%. Figure 1 presents the results of how the liquid
thermal conductivity (a) of the nanofluid is increased and also the influence caused by the addition of
solid nanoparticles in the water, evaluated in terms of liquid density (b) and viscosity (c). It is clear the
improvement on the liquid thermal conductivity of up to 10% for f = 3.5% of nickel nanoparticles and
16% for f = 5%. However, the nanofluid liquid density was increased by 3.2% and 4.7% for f = 3.5% and
5.0% respectively and the viscosity was increased by 9.3% and 13.7%.

(a)

(b)

(c)

Figure 1: Nickel nanoparticles influence when added to pure water.

Experimental Tests With Nanofluid
To verify whether the use of a nanofluid would be beneficial to the overall thermal performance of a loop
heat pipe (LHP), an experimental program was developed and implemented. First, several considerations
had to be made in order to choose the appropriate nanofluid to be used during the experimental test.
Several nanoparticles were considered and verified according to the conditions established by the
experimental program under development, which is part of a long term research and development project

of LHPs for future space applications. However, due to certain characteristics that will be further
discussed in other reports, only nanoparticles of Nickel Oxide (purity of 99.5%) and 40 nm in diameter
were used. Water was chose as the working fluid due to its better stability when nanoparticles are added
to it. Some experimental tests were also done using acetone, methanol and ethanol and showed unstable
combination with the nanoparticles used specially when related to solubility and chemical interaction. As
a nickel wick was used in this mLHP, a compatible nanoparticle should also be applied.
In order to have a homogeneous solution with water and the nanoparticles, several tests were performed
to verify their solubility and the possibility of presenting sedimentation of the solid particles after some
time. Thus, several samples were tested since the simple addition of the nanoparticles in water until
several hours of mixing then using ultrasonic bath. From the tests it was noted that simple addition will
present particle sedimentation after a few minutes which is not the ideal condition to have the nanofluid
since it should present a homogeneous solution. The condition to have this homogeneous solution was
verified for the nanofluid mixed in ultrasonic bath under vibration for at least 24 hours. After this
procedure, no particle sedimentation was verified showing a homogeneous solution for the nanofluid. In
this condition, a solid-like nanolayer is formed which acts as a connection between the solid nanoparticles
and the bulk liquid. This condition was also observed by Yu and Choi (2003) and proved to positively
influence the characteristics of the nanofluid, specially when related to the liquid thermal conductivity.
Then as a LHP was used to verify the potentials in using nanofluids, a simple wettability test with the
nanofluids made with the nanoparticle was performed on the porous wick materials that were selected to
be used on this investigation, which were hydrophilic polyethylene, sintered nickel and copper. Samples
of the nanofluid were used to verify how it wets the materials and some interesting results were observed.
The water-nickel nanofluid did not presented good wettability with the sintered copper and the
hydrophilic polyethylene as the water could pass through the wick material but the solid nanoparticles
were separated, even with the porous wicks presenting pore radius greater (7 µm for the hydrophilic
polyethylene, 60 µm for the copper and 3 µm for the nickel) than the nickel nanoparticle. Thus, for the
experimental program, it was selected the sintered nickel wick to be used on the LHP with water-nickel
nanofluid as this presented to be the best combination for the proposed investigation. Further
investigation on the wettability of different nanofluids on porous wicks becomes necessary.
Loop Heat Pipe Design
Loop heat pipes (LHPs) are known to be reliable passive two-phase thermal control devices with several
applications both in space and terrestrial. They operate passively by means of capillary forces generated
in the porous wick present in the evaporator, transporting heat from the high temperature source to a low
temperature sink (Riehl and Siqueira, 2005). Considering the potential of using this device in the thermal
control, a LHP was designed and manufactured using a miniature configuration, which is called mLHP.
This special type of LHP presents a characteristic of reduced scale capillary evaporator and transport
lines, usually related to evaporators with diameters less than 8 mm and transport lines less than 3 mm in
diameter (Maydanik, 2005). The capillary evaporator should present an active length between 10 and 50
mm and the total length for the heat transport should not exceed 500 mm. For the present investigation, a
flat capillary evaporator was designed and manufactured and the same relations for a cylindrical
evaporator apply. Therefore, the flat capillary evaporator should present a total thickness, considering its
compensation chamber, of up to 8 mm. An schematic of the mLHP used for this investigation was
entirely made of 316L-SS as presented by Fig. 2 and its characteristics are presented by Table 1.

Figure 2: Miniature LHP with flat capillary evaporator.

The condenser plate was in contact with a cooling bath circulating a mixture of 50% water and 50%
ethylene-glycol at a flow rate of 12 L/min, where condensation temperatures of 5°C and 10°C were used.

The mLHP was instrumented with 10 type-T thermocouples (deviation of ±0.3 °C at 100 °C) monitored
by a data acquisition system running LabView. The temperatures were read every 4 seconds and saved on
a spreadsheet file for further analysis. A kapton skin heater with an area of 3.0 cm2 was used to deliver
the heat loads to the evaporator. The tests with the mLHP were first performed with deionised water and
then with water-nickel nanofluid, at a concentration of 3.5% and 5.0% (by mass), always using an
inventory of 6 grams, keeping the compensation chamber with a void faction of 50% at the cold mode.
Table 3. Geometric characteristics of the mini-LHP.
Capillary Evaporator
Heat removal area: 3.0 cm2
Number of grooves: 10
Nickel Wick Structure
Mean Pore size: 3 µm
Porosity: 75 %

Liquid Line
OD/ID(mm): 3.0/1.5
Length: 300 mm
Compensation Chamber
Total Volume: 6 cm3

Vapor Line
OD/ID(mm): 3.0/1.5
Length: 200 mm
Condenser
OD/ID(mm): 3.0/1.5
Length: 500 mm

Experimental Results and Discussion
The preliminary tests were performed with the mLHP using deionised water as its working fluid, which
presented reliable start-ups and continuous operation along time. Since water-stainless steel is a perfect
match, no indication of non-condensable gases (NCGs) generation were observed during the life tests.
However, this working fluid cannot be used in regular space applications due to the high freezing point of
water, but it can be applied to several terrestrial applications such as computer chip cooling. Figure 3
presents the results for the mLHP operating with pure deionised water.

(a)

(b)

Figure 3: Miniature LHP operating with deionised water and (a) sink at 5°C and (b) sink at 10°C.

It is possible to observe that the thermal performance of the mLHP is very close when comparing the
results for both sink temperatures. As the heat flux is highly concentrated on the 3.0 cm2 area of the skin
heater, high evaporator temperatures were observed. Upon comparing the mLHP behaviour using the
water-nickel nanofluid, Fig. 4 presents the experimental results for both sink temperatures.

(a)

(b)

Figure 4: Miniature LHP operating with water-nickel nanofluid and (a) sink at 5°C and (b) sink at 10°C.

From the above results when the mLHP was tested using the water-nickel nanofluid at a concentration of
3.5% of nanoparticles, it can be observed that the temperatures throughout the loop presented to be higher
than those verified when testing with pure deionised water. These results may represent unexpected due
to the increase on the liquid thermal conductivity verified on Fig. 1(a) but they are perfectly explainable.
Since LHPs operate by means of capillary forces generated by a porous structure present in the evaporator
with fine pores, the influence of the nanoparticles on the liquid density and viscosity highly affect the
overall LHP transport capability. As mentioned before, both liquid density and viscosity were increased
when using nanoparticle at a concentration of 3.5% and 5.0% and these modified transport properties
result in extra resistances to the pumping action of the capillary evaporator.
Since more restrictions are present, higher evaporator temperatures are expected. This effect is even more
clear at higher heat loads as less liquid is present in the loop, which is drained by the vapour dislocation in
the lines and placed in the compensation chamber. As the vapour phase transport represent the major
hydraulic loss for a LHP, specially with reduced line diameter (1.5 mm ID), with the addition of solid
particles this loss is even greater.
This influence is so clear that when testing the mLHP with the nanofluid at a concentration of 5% of
nanoparticles, the mLHP presented general failure and would not start its pumping action even at reduced
heat loads. This effect can be visualized when calculating the heat transfer coefficient in the evaporator
using the Newton’s Law of Cooling, as presented by Fig. 5. Higher heat transfer coefficients were
observed for the mLHP operating with nanofluid at heat load of 10 W. However, as the heat load was
increased to 20 W, the heat transfer coefficient for the tests with nanofluid were lower than when testing
with pure deionised water, which is a direct effect of the negative influence on the transport capability
caused by the nanoparticles.

(a)

(b)

Figure 5: Heat transfer coefficient at the evaporator (a) sink at 5°C and (b) sink at 10°C.

For the miniature LHP operating at 10W, the heat transfer coefficient when using the nanofluid is up to
33% greater than when using pure deionised water but it shows to decrease substantially when the heat
loads are increased. For power levels of 40W, the heat transfer coefficient when using pure deionised
water is 64% greater than when using the nanofluid. This represents that the nanofluid would represent a
gain on the overall miniature LHP thermal performance only at lower flow rates. As the volume of vapour
in the LHP increases with the power levels, the efficiency when using the nanofluid is considerably
affected decreasing its effect. Such an influence can be even better verified when simulating the mLHP
behaviour using deionised water and the water-nickel nanofluid at both concentrations and sink
temperatures. For this, Eqs. [1]-[3] were used to substitute the related relation on the computer code used
to design and simulate the thermal and hydraulic behaviour of LHPs (Riehl, 2002). The results of this
comparison are presented by Fig. 6 where the hydraulic behaviour can be observed for the mLHP
operating with pure water and the nanofluid. Using 3.5% by mass of nanoparticles is enough to
compromise the overall LHP thermal performance by increasing its evaporator and operation
temperatures as well as decreasing its maximum heat load management. This effect could be influenced
by a greater hydraulic loss of the nanofluid across the porous wick that also influences the entire LHP
thermal performance. Even though the application of a nanofluid showed to represent losses on the LHP
thermal performance, this line of research requires further investigation in order to better determine the
parameters that could be improved in order to apply such a promising technology in the future.

(b)
(a)
Figure 6: Comparison with simulation results with the mLHP: (a) sink at 5 °C and (b) sink at 10 °C.

Conclusions
This paper presented a preliminary investigation on the potential of using nanofluid in mini-LHPs for
passive thermal control. The application of nanofluids seem to be effective when there is a high
concentration of liquid phase in the process along with the nanoparticles. When more vapour is present,
the thermal performance can be considerably compromised. Even though the experimental and analytical
results present some concerns regarding the use of nanofluids in LHPs, further investigations are still
required to properly address all the issues related to this application.
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Nomenclature
f
k

ρ
µ

Fraction of solid nanoparticles (% by mass)
Thermal conductivity (W/m °C)
Density (kg/m2)
Dynamic viscosity (Pa.s)

Subscripts
Nanofluid
n
Solid particle
p
Liquid
l
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