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Although several designs have been explored for electrically driven thermoacoustic-Stirling chillers, none
of these have so far been attractive in the HVAC/R markets. Stimulated by an ARPA-E grant, we have
undertaken the design and construction of a machine that can compete in total cost of ownership with the
established vapor-compression technology for commercial refrigeration applications such as grocery store
cooling. These customers are typically not as first-cost sensitive as retail consumers and are subject to
increasing regulatory pressure on the use of refrigerants with high global warming potential (GWP),
which creates an opportunity for alternatives such as thermoacoustic-Stirling.
THE IN-LINE DESIGN
The design presented here, named Trillium, derives benefit from a linear arrangement of a series of
thermal cores (two heat exchangers flanking a regenerator) into a resonator that contains an integer
number of wavelengths of sound [Backhaus and Keolian, 2011]. Since compactness is important for a
commercial product, the resonator is made significantly shorter than a wavelength in pure helium (which
is 10 m at 100 Hz) by the physical, oscillating mass of the linear motor armatures and pistons that are
much more dense than their equivalent volume of helium. There is one motor for each thermal core, and
each motor is driven with a relative phase shift of 2𝜋/𝑁 radians, where 𝑁 is the number of stages.

Specifically, Trillium (which will fit into a 35 cm diameter pressure vessel that is 90 cm tall) employs
three linear motors and three thermal cores: each motor is driven by a sinusoidally varying voltage that is
phased 120° from its neighbor. As shown in Figure 1, two pistons are connected to each motor armature,
one on each side along the axis of motion. The phasor diagram in Figure 2 shows the velocity of the gas 1,
𝑈, which is also the velocity of the pistons, 𝑢, at the piston face, each separated by a phase angle of 120°.
Considering the piston velocities of motor #1 and #2, it can be seen that inside of the active volume (the
chamber delineated by the green background), the phase of the gas velocity must change by 120°, and
near the center of the chamber where the regenerator is placed, the gas velocity is the phasor average of
the gas velocity at each opposing piston face: this gas velocity is labeled 𝑈12 . To execute an efficient
Stirling cycle, the oscillating gas pressure must be in-phase with the gas velocity [Ceperley, 1979]. For
efficient operation of the linear motors, the reactive part of the load presented to each motor is zero: each
motor is operating at resonance. Adjustment of the "Acoustic Load Matching Duct" size changes the
compliance felt by the motor and allows the designer to tune for resonance between the moving mass of
the motor, the intrinsic stiffness of the motor and the compliance of the gas on either side of each motor.
The displacement of each motor/piston, 𝑥, lags the velocity by 90°; these are shown on the diagram in
orange. The pressure inside the active volume changes in response to the superposition of the two piston
displacements described approximately by the adiabatic gas law,
𝑝𝑚 𝑉𝑚 𝛾 = (𝑝𝑚 + Δ𝑝)(𝑉𝑚 + Δ𝑉)𝛾 ,
1

(1)

The volume velocity, a more convenient quantity for systems that include changes is cross-sectional area, is the
product of piston velocity, 𝑣, and effective piston area, noted here as 𝐴𝑝 . That area includes some portion of the
radial flexure seal.

Figure 1: This schematic of Trillium shows the components of the three identical stages that
sustain a complete single wavelength of sound. Acoustic power flows upward in the active helium
volume (green), and heat is pumped downward from the load to exhaust heat exchangers.

where 𝛾 is the ratio of constant pressure to constant volume specific heats. In this expression, Δ𝑝 is the
acoustic pressure fluctuation which is small compared to the mean pressure 𝑝𝑚 . Similarly, Δ𝑉 is the
change in the active gas volume 𝑉𝑚 caused by the vector sum of the piston displacements. Since the
effective piston area, 𝐴𝑝 , is essentially constant over the displacement cycle of the motor, the change in
volume of the gas between motor #1 and motor #2 (stage 1-2) is Δ𝑉12 = 𝐴𝑝 (𝑥1 − 𝑥2 ). After a Taylor
series approximation to the terms on the right hand side of Eq. (1), the pressure 𝑝12 is
𝑝12 = −𝛾

𝑝𝑚
𝐴 (𝑥 − 𝑥2 ).
𝑉𝑚 𝑝 1

(2)

The phasor diagram shown in Figure 2 shows the acoustic pressure to be in-phase with the gas velocity
within the regenerator.

Figure 2: This phasor diagram shows how the sinusoidally oscillating pressure is in-phase with the
gas velocity when the linear motors are driven 120° out-of-phase with one another. U 1 , U 2 , and U 3
represent the velocities of the three pistons shown in Fig. 1. This is the optimal phase relationship
to minimize lost work in the Stirling cycle.
This topology may be the closest approach between the thermoacoustic design paradigms and the alphaStirling topology: Trillium may be considered to be three alpha-Stirling machines arranged end-to-end.
The part that has not been described is how motor #1 moves the piston above thermal core 3-1, but for the
sake of brevity, it will suffice to say that these two elements will move as one.

TRILLIUM PERFORMANCE TARGETS AND VALUE PROPOSITION

The performance goal for Trillium is that it moves 3.5 kW of heat from a flowing liquid at -29 °C and
rejects the sum of this heat and the lost work generated inside the machine to atmospheric air at +35 °C.
The end-to-end COP (ratio of cooling capacity to total electrical input, 𝑄̇𝑛𝑒𝑡 /𝐸̇ including the pumps and a

fan for the secondary loops) goal for the machine is 1.4 (35% of the Carnot efficiency between these two
temperatures), which would be quite competitive in the commercial low-temperature refrigeration market.
Efficiency impacts the operating costs of commercial refrigeration equipment in more than just reduced
electrical consumption: an increasing number of locales are basing regulatory costs on the Total
Environmental Warming Impact (TEWI) of refrigeration equipment. TEWI is the sum of the direct
impact on the environment from the refrigerant (assumed to lose its full charge over ten years of
operation) and the indirect impact from the electricity used to power the device over its lifetime. The
direct contribution from commercial refrigeration equipment that uses R-404a can contribute as much as
45% of the TEWI. Since Trillium uses helium as the “refrigerant”, the direct TEWI contribution is zero.
With a competitive efficiency, Trillium, and the technology on which it is based, makes an attractive
value proposition as an alternative to HFC-based refrigeration.
ADVANTAGES AND DISADVANTAGES OF TRILLIUM

Compared to other designs, Trillium has several advantages that allow the design to reach a fairly high
level of efficiency. First, compared to the thermoacoustic freezer employed for ice-cream “impulse”
cabinets [Poese, M. E. et al., 2004], Trillium has the optimal phase relationship in thermal core. Older
passive network designs inspired by breakthroughs at Los Alamos [Backhaus and Swift, 2000] suffer an
unavoidable non-zero phase difference between oscillating pressure and velocity within the regenerator.
Additionally, these passive network based topologies require some mechanism to stop the steady flows
intrinsic to closed-loop resonator components. Particularly, in prototypes developed in our lab, at the
location where two branches of the resonator meet, we suspect that gas mixing disturbs the stratified gas
layers that act as a thermal buffer space intended to insulate the load (cold) heat exchanger from the
ambient-temperature gas in the rest of the machine. In Trillium, the active sections are simple cylinders
terminated at the top and bottom by the moving pistons. The stages of Trillium are arranged so that the
wide open ducts that join the thermal core to the linear-motor/flexure-seal components are gravitationally
stable against buoyancy-driven convection. Trillium also has a much smaller amount of surface area
exposed to the oscillating helium pressure thereby reducing thermal relaxation surface losses. The overall
active volume of helium is also much smaller than in previous designs. These choices allow better
utilization of the linear motor (which was usually stroke-limited in older designs).
A distinguishing feature of Trillium that distinguishes it from many other alpha-Stirling arrangements is
the use of a flexure seal on the oscillating piston in place of a more typical clearance seal. Because the
piston diameter is large compared to most Stirling machines of this capacity, a flexure design is likely to
allow higher efficiency (by eliminating frictional and blow-by losses) and lower cost than a clearance seal
designs that require gas-bearing gap tolerances. In the past, flexure seals consisting of commercially
available bellows have been used in our designs (see, for example [Garrett, et al., 2001], [Garrett, 2004]
and [Smith, 2007], which in some cases enclosed the thermal core as shown in [Poese, et al., 2004)],
[Smith, et al., 2006] and [Poese, et al., 2006]. To minimize the length of the system, we are pursuing
alternative flexure seal designs.
A drawback of Trillium, when compared with existing vapor-compression systems, is the fact that the
design must use a multiplicity of linear motors with three being the practical minimum. This constraint
likely disqualifies (on a cost basis) the design concept from the retail unitary system markets like home
refrigerators and window air-conditioners where the customers are very first-cost sensitive and there is
little regulatory pressure. However, from the standpoint of commercial refrigeration systems which often
employ a rack containing many compressors for either zone control or capacity modulation, Trillium will
not suffer as large of a cost penalty. The requirement of three linear motors does have an upside,
however: since they are driven 120° out-of-phase with respect to one another the center-of-mass of the

machine will be always stationary and hence the user can expect very low vibration levels and the
attendant quiet operation that results.
CONCLUSION

Chillers based on thermoacoustic-Stirling design prejudices have been under development for over a
decade and has yet to find commercial acceptance other than in the pulse-tube cryocooler market [QDrive, 2012]. It may be worthwhile to reflect upon the evolution of the scroll compressor which is
currently the dominant technology for cooling in the capacity range that includes Trillium's. First
patented in 1905, practical scroll compressors did not appear on the market until after WWII and they
were not produced commercially for air conditioning until the early 1980’s. This fact should encourage
developers of alternative cooling technologies.
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ABSTRACT
The aim of this paper is to investigate if the procedure for adsorption equilibria measurements of
meso-microporous solid adsorbent materials, already defined for standard adsorbents, is suitable
for characterization of the new class of adsorbent materials MOFs (Metal-Organic Frameworks).
Comparative measurements carried out at Fraunhofer-ISE and CNR-ITAE laboratories on two
different commercial MOFs, namely Basolite C300 and F300, showed a good agreement.
Moreover, the tested MOFs were subjected to hydrothermal aging, showing strong degradation
within few cycles.

INTRODUCTION
Fundamental progress in the material science can give new opportunities for adsorption heat
transformation applications. In fact, their performance and efficiency is foremost governed by the
adsorbent properties and characteristics (Aristov 2009). However, a common and comparable
thermophysical characterization of adsorbent materials for heat transformation applications,
remains a critical point.
In a previous work (Henninger et al. 2011) an unified procedure for water adsorption measurement
on sorption materials was presented. Measurements on two different adsorption materials, namely
silica gel 127 B and SAPO-34, done in different laboraties using different equipment, showed a
good agreement.
Within this work, the defined and proposed standard is extended and revisedin two terms. First it is
tested, if this procedure is also suitable for characterization of another class of materials (MOFs)
that recently have been proposed for their use in adsorption heat pumps. Second, due to the fact of
different measurement techniques beside thermogravimetry, a comparison to volumetric
measurements must be faced.

Novel sorption materials – a challenge for a common measurement procedure
MOFs are a new emerging class with unique features and properties. Water adsorption
measurements on MOFs are still scarce, however recently several publications reporting
tremendous water adsorption capacity are emerging ((Küsgens et al. 2009);(Akiyama, Matsuda and
Kitagawa 2010); (Henninger, Habib and Janiak 2009); (Ehrenmann, Henninger and Janiak 2011).
Compared to common adsorbents used in heat transformation like zeolites and zeo-like materials
(AlPOs, SAPOs) or other porous adsorbents and composites (MCM, SBA,SWS,..) MOFs show a
completely different building concept, therefore facing new problems on determination of the
equilibrium characteristics.
One of the first problems observed for some compounds is the extremely high uptake (> 0.6 g/g)
and lower hydrothermal stability. This combination requires new approaches for measurement
procedures. In addition, some of these new materials show a so called kinetic gate-opening effect
(Tanaka et al. 2008) which is described by Tanaka et al. or even large breathing effects (Férey and
Serre 2009) which in general can be described as a structural change of the framework during the
adsorption of guest molecules.

This causes either a stepwise adsorption curve or an S-shaped adsorption characteristic with a
sudden uptake comparable to capillary condensation. In case of a gate-opening effect this can lead
to significant differences in adsorption isobars measurements as for example in case of 1.2 kPa
measurement, the gate-opening pressure is not reached whereas this might be the case at 5.6 kPa. In
case of the breathing effect, the results may be an increased or even dramatically decreased cell
volume as reported by Ferey et al. for the MIL-53. During adsorption (inhaling step) a decrease of
cell volume of 32% was observed.
As a possible consequence and additional problem large hysteresis and stability issues were
observed to some extent which also affects the measurement procedure.

Introduction to the measurement procedure
The previously developed procedure for water adsorption measurements consists of a pre-treatment
of the sample under continuous evacuation (vacuum level: 1e-4 kPa).
The optimal sample pre-treatment temperature was chosen according to the material classification.
While the pre-treatment temperature for strong hydrophilic sorption materials (e.g. 4A, 13X) was
proposed to 300°C, this temperature is reduced down to 150°C for hydrophobic materials.
After this drying procedure to determine the reference mass, isobar measurements at a water
vapour pressure of 1.2 and 5.6 kPa take place.
The selection of the two pressure levels is motivated with respect to the possible applications, as
the pressure level of 1.2 kPa corresponds to a useful temperature level for cooling applications
whereas the second pressure level of 5.6 kPa corresponds to a temperature where heat can be
rejected (cooling application) or can be used for low temperature heating (heat pump).

Adsorption characteristics comparison on reference materials Silica Gel 127B, SAPO-34
and HKUST-1
According to the described procedure, three reference materials now also including a commercially
available MOF, namely Basolite™ C-300 supplied by Sigma-Aldrich and produced by BASF were
evaluated.
This MOF is one of the first 3-dimensional porous MOFs, also called HKUST-1 or just Cu-BTC.
The results of the measurements are shown in fig. 1.
The isobar measurements at ITAE-CNR were performed on a Cahn-Balance operated under
vacuum and pure water atmosphere (Aristov et al. 2006). Measurements at ISE were performed on
an open flow thermogravimetric system by Setaram, using argon as carrier gas and the controlled
humidity generator Wetsys (Henninger, Schmidt and Henning 2010). Therefore the pre-treatment
was different compared to the proposed procedure, using a dry nitrogen flow in the open system.
As it can be seen, this material shows the highest water load within the reference materials with an
uptake of nearly 40 wt. %. The shape of the isobar shows a steep increase between the temperature
range of 80°C – 50°C, which is advantageous for the application within a sorption heat pump or
chiller.
However, there is a difference between the two measurements which may be attributed to the poor
hydrothermal stability of this particular material.
Independently performed cycle tests showed a degradation of 40% within 10 cycles. Therefore, the
first desorption step may cause irreversible change of the material.
Taking all these points into account, these results are showing a surprisingly good agreement.

Figure 1: 12 mbar water adsorption isobars measured for different samples at Fraunhofer ISE and
CNR ITAE.

Modifications on procedure
With respect to the new materials, the procedure must be revised. A first critical issue is the pretreatment (drying) of the samples. As MOFs are hybrid materials consisting of organic compounds,
the (hydro-) thermal stability is a critical point. Therefore a moderate drying method may be
necessary or inclusion of measurement history due to degradation effects.
In addition, due to the flexible framework, equilibrium measurements may lead in a first instance to
an “over-loading“ of the sample at discrete conditions as can be seen in figure 2. The sample shows
for the temperature step between 60°C and 50°C an initially higher water uptake up to a sample
weight of 15.711 mg.
Within further equilibration time the weight is reduced to 15.533 mg. These two weights
correspond to a loading of 0.303 g/g or 0.288 g/g respectively. This might also be artifact of the
above mentioned breathing or gating effects not seen at lower pressures.
Furthermore, the restrictions to isobar measurements lead to an exclusion of different apparatuses
e.g. volumetric devices with isothermal measurement. With regard to the different thermodynamic
behavior and aiming at a possible thermodynamic description of the adsorption on these new
materials additional information on the adsorption characteristics by means of isobaric and
isothermal measurements is needed.
Hence, measurements out of a volumetric device were included into this new comparison. In
addition to the measurements performed in the above described thermogravimetric systems,
adsorption isotherms were performed in the volumetric analyzer Hydrosorb manufactured by
Quantachrome.

Figure 2: Isobar adsorption measurement on Basolite F300, showing an “overloading” of the sample
for the temperature step between 60°C and 50°C with an maximum sample weight of 15.711 mg

Again, a commercially available MOF, namely Basolite™ F-300 supplied by Sigma-Aldrich and
produced by BASF was evaluated. This MOF is an iron(III)-trimesate, with composition and
porosity comparable to MIL-100, although the structure is still undisclosed.
The results of the adsorption measurements are in good agreement, bearing in mind that different
pressures and isobars out of TG and isotherms out of volumetric measurements are compared
(figure 3). Furthermore this material as well as all other commercial available MOFs shows a
strong degradation after 20 cycles.
The isotherm shows a slight sigmoidal shape, with an uptake of up to 35 wt %. Within a typical
working window of adsorption chillers or heat pumps a loading lift within the cycle of 250 g/kg
may be anticipated.
Compared to water adsorption isotherms on MIL-100 reported by Küsgens et al. (Küsgens et al.
2009), Akiyama et al. (Akiyama et al. 2010) or isotherms and isobars reported by Jeremias et al.
(Jeremias et al. 2012) this material shows a significant lower uptake.
A comparison on different MILs and also commercially available MOFs including stability
investigations can be found in (Henninger et al. 2012).

Figure 3 Comparison of thermogravimetric and volumetric adsorption measurements on Basolite F300.

Nevertheless the good agreement is strengthened by hydrothermal cycle investigations, which
showed a strong degradation within few cycles. Each cycle consists of a ramp, heating up to 140°C,
holding the sample isothermal at 140°C for 2 hour, followed by cooling the sample down to 40°C
and holding another 2 hours at a water vapor pressure of 5.6 kPa in the open flow
thermogravimetric device.
As illustrated in Figure 4, the sample already shows a very strong degradation within the first 3
cycles, with a loss of capacity of almost 50% compared to the initial loading.
With proceeding cycling, the sample seems to stabilize at a low uptake of approx.. 10 wt%.

Figure 4 Hydrothermal cycle stability test showing a strong degradation of Basolite F300 within 20
cycles with a loss of capacity of over 70 % compared to the initial uptake.

CONCLUSIONS
In 2011, a proposal for a unified measurement procedure of sorption characteristics to ensure a
better comparability was presented by an international working group of the IEA and tested by a
round robin test among different laboratories. Meanwhile this procedure has been extended and
revised to be suited for new classes of materials and new measurement equipment and techniques.
Now the proposed standard measurement procedure is able to cover materials with a lower
hydrothermal stability like e.g. MOFs and isothermal measurements with volumetric devices.
Although being tested with a hydrothermal unstable MOF, the standardized measurement
procedure itself shows a quite good reliability towards these effects ending with a good agreement
between the adsorption data measured by the different apparatuses, both thermo-gravimetric and
volumetric, available at Fraunhofer ISE and CNR ITAE.
More materials will be tested according to the proposed procedure and the authors invite to an open
discussion to extend and revise this proposal for other equipment and material.
In addition we believe, that if this procedure or a revised form is used for future publications, the
final aim of increasing the comparability of measurement results will help the whole community.
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Abstract
We present a systematic and comparative study of the potential of zeotropic mixtures as working fluids in
Organic Rankine cycles (ORCs), considering most of the commonly used hydrocarbon and siloxane
substances as components in various concentrations. We investigate the impact on the operation, the
efficiency and power output of an ORC. The ORC cycle is realistically simulated in steady state
conditions, taking into account all elements of an actual cycle (including an internal heat exchanger). By
performing a pinch analysis, the power output is maximized, given the heat profiles of both the heat
source and heat sink. The use of suitable zeotropic mixtures as working fluids has a positive effect on the
ORC performance in all investigated cases. The potential increase in cycle efficiency and generated
electricity is larger for lower temperature heat sources and when the temperature drop over the heat
source exchanger is larger. When the ORC is optimized for operation with a low temperature heat source,
the potential for increase in electricity production (maximum reported value approximately 20%) by
using mixtures is particularly remarkable.
Introduction
Organic Rankine cycles (ORCs) offer the capability to generate electricity from relatively low heat
sources, such as industrial waste heat and geothermal or solar sources. Until recently, mostly pure fluids
were considered as the operating medium of ORC installations. Possibly the largest shortcoming of a pure
fluid in its application in an ORC, is the fact that the evaporation and condensation processes occur
isothermally. As a result, the tilted temperature profiles of the heat source and sink cannot be approached
closely by the temperature profiles of the fluid in the evaporator and condenser stages, leading to large
irreversibilities. The use of mixtures of properly chosen components as the ORC medium can partially
resolve this problem.
Zeotropic mixtures, on the other hand, are characterized by nonisothermal phase transitions at constant pressure. These fluids are
excellent candidates to match the heat source and sink profiles and
hence reduce the irreversibilities, promising a better cycle
performance [Angelino et al, 1998]. The potential of mixtures – and
their non-isothermal phase transitions – is already exploited in
cryogenic refrigeration, where they are at the basis of improved
cooling performance [Venkatarathnam, 2008]. For a more complete
list of references on fluids and mixtures for ORC applications, we
refer to [Chys, van den Broek et al., 2012].
Working fluid
The effect of non-isothermal vaporization and condensation
becomes apparent when comparing the temperature-entropy
diagrams of the cycle processes, for example for pure pentane and
for the mixture pentane/hexane (0.5/0.5), see Fig. 1. It is clear that
the temperature profile of the mixture [Fig. 1(a)] follows the heat
source profile in a better way than that of the pure fluid [Fig. 1(b)].
This leads to less exergy losses and, as apparent in Fig. 1, to higher
turbine inlet temperatures due to the smaller temperature difference
across the heat exchanger. This in turn results in a higher total

Figure 1 - Temperature-entropy
diagrams of the ORC process for
(a) the mixture pentane/hexane
(0.5/0.5) and for (b) pure pentane
as working fluid.

efficiency. Similarly, at the condensation side, the non-isothermal behavior of the mixture results in heat
rejection at a lower (average) temperature, again increasing the total efficiency.
In cryogenic refrigeration methods, one requirement is the appearance of a volatile component (the first
component) at 1–1.5 bar, so that low temperatures after expansion can be obtained without the need to
reach vacuum pressures. For the second component, the boiling point needs to exceed both the desired
average condensation temperature and the boiling point of the first component. We have adopted these
guidelines in our assessment of ORC mixtures.
Cycle
The ORC installation that is considered in this study is schematically represented in Fig. 2. The pump
(Fig. 2, no. 1) pressurizes the ORC medium, which is then lead through the internal heat exchanger (no. 2,
also known as recuperator), where it can absorb heat that is recovered from the stage after expansion.
Next, in the evaporator (no. 3), the heat source brings the fluid to its evaporation point, turning it into
vapor. Saturated vapor then enters the turbine (no. 4) and expands there to a superheated vapor, while
delivering work that is used to generate electricity (no. 5). Finally, after being passed through the
recuperator, the medium is condensed to the liquid state in the condenser (no. 6) using a heat sink. The
included recuperator (no. 2) is a regularly used component to increase the performance of an ORC.
(b)
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Figure 2 - Cycle diagram of the ORC, (a) without a recuperator, (b) with a recuperator.

To analyze the influence of the heat source temperature level on the applicability and potential of
different fluid mixtures, we specify a low temperature heat source. The heat source medium (in this case,
water at 5 bar) enters the counterflow type heat exchanger at a temperature that will be varied from 110
°C to 160 ºC and exits the heat exchanger at lower temperature, as heat is transferred from this medium to
the ORC fluid for its evaporation. Similarly, in the condenser, water at 4 bar from the heat sink enters at
25 °C and exits at 35 °C. The cycle parameters are given in Table 1.
Isentropic pump efficiency
Isentropic turbine efficiency
Generator efficiency
Pinch evaporator
Pinch condenser

80 %
65 %
97 %
20 °C
10 °C

Table 1 - cycle parameters

We have assumed that the components are those of a small and simple cycle suitable for a low
temperature heat source, the turbine isentropic efficiency in particular corresponds with the performance
of a scroll or screw type expander.
Simulations
We developed a tool to simulate the described cycle. The REFPROP 8.0 database [Lemmon et al., 2007],
provided the thermophysical data of the considered mixtures and pure fluids. Central in our calculations is
a pinch analysis of the heat flows. A nonlinear optimization algorithm enables the determination of the
maximal net power output and corresponding operating pressures with respect to the preset pinch
temperatures. The same algorithm can be used to find the mixture composition that maximizes the cycle
efficiency. We define the cycle efficiency as the ratio of the net output power (electricity produced by the
generator at the turbine minus the consumed electricity by the pump) over the thermal input power

(source heat transferred to the ORC medium in the evaporator). Furthermore, the tool offers the
possibility to analyze the temperature profiles in the evaporator, condenser and recuperator.
The performance of the cycle is evaluated assuming steady state conditions of all components, described
by constant values for the parameters (see Table 1). We also assume that no pressure or heat losses occur
between cycle components and that mass and energy are conserved in each cycle component. The
temperatures and pressures of the ORC medium are determined by the heat source and sink temperature
profiles, offset by preset pinch temperatures, which are defined as the minimum temperature differences
over the heat exchangers. Our study focuses on the overall cycle performance, rather than on the
optimization of individual cycle components (i.e. the heat exchangers, turbine and pump). This pinch
methodology ensures an objective thermodynamic comparison, based solely on the differences in fluid
properties.
Results and discussion
The cycle efficiency increase for a 0.5/0.5 mixture of pentane/hexane as working fluid (with respect to
pure pentane) as a function of the temperature drop of the heat source medium over the evaporator, ∆Tsrc,
is illustrated in Fig. 3, for several values of the inlet temperature (Tin) of the heat source. We note, first,
that the efficiency increase is higher when Tin is lower. Secondly, the efficiency increase is also higher
when the temperature drop ∆Tsrc over the heat exchanger is higher, i.e., when the outlet temperature Tout
decreases.

Figure 3 - Cycle efficiency increase as a function of the heat source temperature gradient over the
evaporator for 0.5/0.5 pentane/hexane compared to pure pentane. Heat source temperatures are depicted
in the legend. ORC with recuperator.
Keep in mind, however, that the cycle efficiency in absolute terms decreases with increasing ∆Tsrc, see
Fig. 4 for a plot of the efficiency for both 0.5/0.5 pentane/hexane and pure pentane. The production of
electricity, on the other hand, increases with ∆Tsrc until it reaches a maximum at ∆Topt, and then decreases
with ∆Tsrc. This is also illustrated in Fig. 4, again for 0.5/0.5 pentane/hexane and pure pentane. The
generated electricity, rather than the overall cycle efficiency, will in most cases be the most relevant
factor in the optimization of an ORC. The higher relative increase in electricity production of a mixture,
compared with the corresponding pure fluid, for higher ∆Tsrc, makes mixtures as working fluid
additionally promising, in particular for the ∆Topt that yields maximum production.

Figure 4 - Cycle efficiency (squares) and electricity
production (bullets) of the ORC as a function of the heat
source temperature gradient over the evaporator for a
mixture of 0.5/0.5 pentane/hexane (solid lines) and pure
pentane (dashed lines). The heat source inlet
temperature is 150 °C.

For a heat source at 150 °C, the maximum net generated electricity versus the corresponding temperature
gradient ∆Topt for all considered pure fluids and mixtures is plotted in Fig. 5. Results with and without a
recuperator are given. The mixture compositions are also optimal, see Table 2. The radius of a disk
symbolizing a data point is proportional to the relative cycle efficiency.

Figure 5 - Maximum net generated electricity versus corresponding optimal heat source temperature gradient for
the fluids and mixtures given in Table 2, with optimal mixture compositions. (a) Without recuperator, (b) with
recuperator. Disk radius is proportional to the relative cycle efficiency.

This figure clearly visualizes the increased electricity production potential of mixtures compared with
pure fluids. The mixtures operate optimally at higher ∆Topt compared to pure fluids, signifying an
increase in recuperated power from the heat source. In addition, as already mentioned, the evaporation
(condensation) process occurs at higher (lower) average temperature, resulting in a higher cycle
efficiency. For the considered heat source and ORC, under optimal operation, an increase in electricity
production of over 20% (without recuperator) and 23% (with recuperator) by using mixtures instead of
pure fluids as medium is attainable. The results indicate that the inclusion of a recuperator, for this
particular configuration, does not deliver an increase in electricity production. In the remainder of the
text, only results for a cycle without recuperator are mentioned. 3- component mixtures only yield a
minor increase in generated electricity compared to 2-component mixtures. In our survey, using
R245fa/isopentane/isohexane (0.64/0.17/0.19) leads to the highest net electricity production (293.1 kW).
For an extended analysis and results for higher temperature heat sources, we refer to [Chys, van den
Broek et al., 2012].

No.
1
2
3
4
5
6
7
8
9
10
11
12
13
14
15
16
17
18
19
20
21

Fluid
isobutane
R245fa
R365mfc
isopentane
isohexane
pentane
hexane
cyclohexane
cyclopentane
toluene
isopentane-cyclohexane
isopentane-hexane
R245fa-pentane
isopentane-isohexane
isobutane-isopentane
pentane-hexane
R245fa-R365mfc
R245fa-isopentane
R245fa-isopentane-isohexane
R245fa-pentane-hexane
isopentane-isohexane-cyclohexane

Without recuperator
C [mole frac.] Pnet [kW]
1
247.2
1
244.2
1
242.7
1
240.4
1
239.0
1
238.6
1
237.3
1
230.1
1
227.7
1
225.3
0.88-0.12
285.4
0.79-0.21
283.2
0.32-0.68
279.2
0.47-0.53
278.1
0.23-0.77
277.1
0.54-0.46
276.0
0.40-0.60
273.5
0.27-0.73
271.7
0.62-0.21-0.17
293.1
0.60-0.32-0.08
292.6
0.80-0.10-0.09
284.6

With recuperator
C [mole frac.] Pnet [kW]
1
247.6
1
244.0
1
240.2
1
238.2
1
236.1
1
236.6
1
234.7
1
229.0
1
227.6
1
225.0
0.87-0.13
284.3
0.75-0.25
281.2
0.32-0.68
274.5
0.47-0.53
272.2
0.26-0.74
275.7
0.54-0.46
270.7
0.41-0.59
269.2
0.28-0.72
267.5
0.64-0.17-0.19
291.8
0.61-0.30-0.09
291.5
0.80-0.09-0.11
283.2

Table 2 - Simulation results for the ORC applied to a low temperature heat source for maximum
achievable energy production. Listed are the medium numbers corresponding to Fig. 5, medium
composition, optimal concentration, and net generated power, without and with a recuperator.
Conclusions
In summary, the use of suitable zeotropic mixtures as working fluids has a positive effect on the ORC
performance in all investigated cases. The potential increase in cycle efficiency and generated electricity
is larger for lower temperature heat sources and when the temperature drop over the heat source
exchanger is larger. When the ORC is optimized for operation with a low temperature heat source, the
increase in electricity production (approximately 20%) by using mixtures is particularly remarkable.
The presented study was performed with an optimization tool that automatically selects the optimal
pressures, mass flows and medium temperatures of the ORC under various assumptions. In reality,
circumstances may prevent achieving these optimal settings. Also, the inner workings of the components
(especially of the heat exchangers, but also of the pumps and turbine) and their optimization for mixtures
as a medium, was not taken into account. The accuracy of the results can be further improved by
considering the variation of the heat transfer coefficient of the mixture along the length of the heat
exchangers. A number of publications have shown that the heat transfer coefficient of zeotropic
refrigerant mixtures is smaller than linearly interpolated heat transfer coefficients based on those of pure
constitutive refrigerants. See, e.g., [Shin et al. 1997].
Notwithstanding the potential beneficial effect on the efficiency and electricity production, the use of
mixtures also has some disadvantages. Leakages present a larger problem than is the case for pure fluids,
especially in the evaporation stage. Some mixtures are patented, barring their use or incurring an extra
cost.
Nevertheless, the presented results demonstrate the potential for increased ORC performance by using
mixtures, especially for low grade heat sources, if proper consideration is given to their selection. It is for
the user to offset the increased performance against a higher installation complexity and cost and to
incorporate the environmental impact of the fluids.
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Characterising a Reactor Concept for Adsorption Chillers; Calorimetric Tests
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Abstract
A calorimetric method has been applied to an ACC-Aluminium AdHex. During adsorption (large
pressure jump) the rejected heat follows a simple exponential form, in some conformity with
observations of sorbate uptake in other systems. Temperature gradients in the ACC are ~ 30oC, and
cause an uncertainty when time-specific cooling power is inferred from heat rejection.

Introduction
This paper concerns the thermal performance of a particular reactor concept, an “AdHex” (Aristov,
2011) namely a combined adsorbent and heat exchange surface (activated carbon cloth – ACC)
pressed between aluminium fins. We, for instance, have used this particular AdHex in a solar chiller
but the thermal connections between AdHex and additional engineering structures (glass envelope,
cooling system, metallic end caps) will influence the overall system cooling power. The need to
resolve the impacts of engineering structures and AdHex on chiller performance motivates a second
set of experiments on an isolated AdHex. The ultimate aim here is twofold (1) to develop equipment
that evaluates the heat inputs and outputs throughout a complete adsorption cycle (2) to use this
equipment to screen AdHex concepts. As a preliminary step the current paper reports progress in
terms of the response to a large pressure jump (LPJ) over ranges of nominal temperature and vapour
pressure (ethanol). The heat rejection from the AdHex is broadly comparable to (but by no means
equal to) the cooling effect of the evaporator.

In reviewing the literature, one must distinguish between AdHex performance and fundamental
transport properties. For example, gravimetric measurements by micro balance of uptake are useful
only when the pressure jump is very small. Thereupon for an isolated pellet the initial slope of uptake
versus time½ lies in direct proportion to the intra-particle diffusivity. (This follows from an analytical
solution to Fickian Diffusion). For large pressure jumps (LPJ), coupled intra-particle heating,
sensitivity of adsorption capacity to temperature and heat transfer invalidates any such direct
measurement of diffusivity. Okunev et al (2008a), for example, find that an exponential function
offers an adequate empirical fit to the uptake-versus-time curve. More insightfully, an allowance for
heat and mass transfer in radial particles indicates diffusivities indirectly. However the geometry of
ACC is far from one dimensional and renders such an approach impractical. Our hypothesis is that
direct measurement of heat transfer to or from a complicated AdHex is more useful than any direct or
indirect assessment of myriad constitutive properties to be input to mathematical models of adsorption

chillers. (The evaporator heat load should also be measured as in Ahamat and Tierney (2012)). For our
purposes, the role of any gravimetric assessment is to check the calorimetric technique.
A well grounded inter-laboratory series of measurements has employed the “large temperature jump
(LTJ)” (eg. Okunev et al, 2008b). Normally a single silica gel or SWS pellet rests on a cooled/ heated
surface – one might well consider this to be a simple AdHex. Generally the rate of refrigerant uptake
is inferred by the method of constant volume variable pressure (CVVP). The large set of authors
claims LTJ represents more faithfully the boundary conditions in a chiller; for example the heat
transfer coefficient (vapour-to-adsorbent) is somewhat higher than might otherwise be expected.
Following both LTJ and LPJ the desorbed mass follows an exponential function. Control and guard
heating is easier to set up for LPJ than for LTJ, justifying LPJ in the first instance.

Ahamat and Tierney (2011, 2012) have applied thermoelectric, calorimetric methods to silica-gelwater vapour, bonded to an aluminium surface. They measured heat addition to the evaporator and
heat rejection from the aluminium surface. Such tests will need to be integrated with CVVP but in
their present form they (1) allow control of samples to within 0.1 K, even when the set point is varied
as a sine wave or triangular wave (2) employ bigger samples, typically 5 grams (3) find that the heat
rejection (rather than vapour uptake) matches an exponential recovery (4) show acceptable accuracy in
that the adsorption capacities are within 10% of gravimetric estimates in their own laboratory or
independently in the literature. First order rate constants have been quoted, the discussion of these in
relation to expected particle diffusivities is open to criticism. An article on silica-gel bonded to fins is
in preparation.

This conference paper reports measurements for an ACC/ Ethanol AdHex, under LPJ. The methods
section focuses on the AdHex construction. The current results show that heat rejection follows an
exponential recovery under LPJ. Tentative estimates of adsorption capacity from heat rejection require
checks, but trends exhibit some similarities with other ACC-EtOH measurements. The rig can also be
used to trace adsorption isosteres.

Methods and Materials
The experiment comprised evaporator and generator sections (Fig. 1). Chemviron FM50 ACC was
located between 2-mm-thick aluminium fins, wire-cut from a single piece of aluminium and bonded to
a thermo-electric module (TEM and item C1) and fitted into the generator as per Fig. 1. The flank-toflank distance measured 6 mm accommodating up to eight layers of cloth (mass 9 grams). Ethanol
acted as refrigerant with the evaporator located in a water/ ice bath held in the range -10oC to +10oC.
The experiment was started by opening the connecting valve (item V2, Fig. 1) to contact the AdHex
with refrigerant vapour. The electrical current supply to the TEM was controlled manually retaining to

within ±1 K the temperature of the fin-root. Analysis of the electrical current, potential difference, and
TEM face temperature yielded transient heat rejection.

Results
The AdHex was not isothermal. The fin root could be controlled to within 1 K (manually) but heats of
adsorption caused the ACC temperature to peak (Fig 2).

Fig 1. Schematic of Experiment. Components are (A) fan (B) containment vessel (C) TEM and
sample, D evaporator, E water bath, V1 valve leading to vacuum pump and pressure sensor, V2
valve. Further components are (C1) thermoelectric module (C2) fin array (C3) theromocouples
(C4) activated carbon cloth

Plots of heat rejection demonstrated an exponential recovery; the regression coefficient was to within
r2 > 98% (Fig. 3). The adsorptive capacity was inferred from total heat rejection (Ahamat and Tierney,
2011) and principally heat of adsorption; Gales’s (2000) estimates hads = 891 kJ/ kg. The isotherm
(Fig 4) so far contains three data points only. At present we have no gravimetric test data and so
contrast versus (1) Gales data for BASF carbon (2) our own gravimetric data for Chemviron carbon
with methanol. The Gales data indicates little variation in capacity for relative pressures p/po in the
range 0.05 to 0.20, whereas our own data show a maximum capacity of ~40% for both MeOH and
EtOH (with very similar liquid densities). There is some small confirmation in these trends but clearly
we need to carry out gravimetric tests with EtOH and also extend the range of p/p o. Also gravimetric/
and calorimetric data must be reconciled to give satisfactory confidence in the magnitude of measured
heat rejection. The adsorption capacity appeared more sensitive to temperature (part (b)).

By isolating the generator (valves V1 and V2, Fig 1) sample temperature was varied to yield isosteres
(Fig. 5). From Van’t Hoff considerations heats of adsorption were inferred from the slope – inferred
values of 869, 900 and 773 KJ/kg compared against Gales’ value of 891 kJ/ kg.

(a)

(b)

Fig. 2 Change in ACC temperature subject to LPJ. Ethanol saturation temperature is 0oC (a)
eight layers packed between fins (b) two layers on each surface

Figure 3: Plots of cumulative heat rejection versus time and showing fits to exponential recovery
- the evaporator was held at ~0oC and the fin root temperature constant at indicated values
Discussion
Clearly the experiment needs to be better grounded, notwithstanding earlier success with silica-gelwater-vapour; we have referred already necessary gravimetric checks. Additionally, it would be
interesting to employ ACC for which independent data already exist (e.g. the ACF15 and ACF20 used
by El-Sharkawy et al (2007)). The current lack of guard heaters within the adsorption section requires

attention - the estimated losses from sample to surroundings are ~ 0.7 watt (maximum) and in
previous work

the use of cooling power before experiment as a correction was shown to be

reasonable (contributing an uncertainty of 5% to estimated adsorption capacity). Ahamat and Tierney
(2010) discussed the effect of small cumulative uncertainties in the electrical circuit.

Fig 4. Adsorption capacities (a) isotherm at 40 oC compared with (1) Gale’s data but for BASF
carbon (2) our gravimetric test but for MeOH (b) isobar at ~17 mbar

Fig 5, showing measured isosteres (adsorption capacities X estimated calorimetrically)

Our ultimate ambition is to reproduce an entire adsorption cycle. Future experiments should start with
LTJ, both adsorption and desorption, in conformity with other workers; the cooling capability of the
TEM is then at issue. On Fig 3 the steepest slope at the start of experiment indicates a rate of heat
rejection of ~15 W versus the maximum indicated cooling power for the TEM is of 36 W. The

estimated time to reduce the temperature of our AdHex by 30 K is then ~ 70 s, versus the characterstic
time for adsorption (1/ rate constant) of

213 s. To accelerate cooling smaller samples should be

employed.

Heat rejection is reported rather than uptake; straightforward exponential recovery still holds true
promising an easier route to extrapolation of results. Because the heat capacity of the aluminium may
dominate kinetics further tests using lighter fins are necessary. After ~ 1000 s the ACC returns to the
fin root temperature and for adsorption processes of this duration the average sorbate uptake and
refrigeration effect can be calculated from measured heat rejection. However, in relation to time
specific parameters one notes the temperature spikes of ~30 K in the ACC (Fig. 2). Some additional
uncertainty follows the temporary storage of

21 J of internal energy per gram carbon compared to

hads = 891 J per gram EtOH (e.g. ~6% uncertainty for a 40% swing in loading).

Conclusion
A calorimetric method has been applied to an aluminium-ACC AdHex, subject to a large pressure
jump (LPJ). The rejected heat of adsorption was fitted very well with a simple exponential function. It
could be used to calculate cooling power, although temperature gradients within the AdHex add ~6%
uncertainty. Adsorption capacities (estimated by heat balance) require gravimetric cross checks.
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Abstract
The goal of this work is to evaluate a new high-potential concept for the convective heat transfer
enhancement: electrically conductive fluid flows through channel walls and magnetic fields promote
impinging, analogously to the ribs (turbulence promoters). DNS has been used to investigate the effects of
non-uniform magnetic fields on liquid metal flowing through a two-dimensional channel. The dimensionless
numbers governing a liquid metal flow through a magnetic field are the Reynolds (Re) and the Stuart (St)
numbers. The latter provides the relative weight of the Lorentz forces with respect to the inertial forces. A
liquid lithium flow in laminar regime has been simulated both in absence of magnetic field (Re=2000, St=0)
and for increasing values of the Stuart number (Re=2000, St equal to 750, 1000 and 2000) with the aim to
highlight the effects on the convective heat transfer. By increasing the strength of the magnetic field occurs
an overall increase of the convective heat transfer with values of the Nusselt number that locally can be 2.8
times higher than those evaluated in the non-magnetic case.
Introduction
Magneto-Hydro-Dynamics (MHD) studies the interaction between electrically conducting fluid flows and
magnetic fields. The motion of electrically conducting fluid as liquid metals or strong electrolytes through an
external magnetic field induces an electric current which interacting with the external magnetic field,
generates the Lorentz forces. Hartmann and Lazarus, 1937 were the first scientists to study the effects of the
Lorentz forces on a turbulent liquid metal flow: the variation in drag and the turbulence suppression due to
the Joule dissipation. In the following years the most of the MHD studies, aimed to better investigate the
Lorentz force effects, were carried out experimentally (Brouillete and Lykoudis, 1967; Reed and Lykoudis,
1978). Experimental investigations have been also performed to characterize the heat transfer of a liquid
metal flow subjected to an external uniform magnetic field (Gardner and Lykoudis, 1970; Myazaki et al.,
1983; Burr et al., 2000; Nakaharai et al., 2007). Even though the magnetic field suppresses the heat transfer
owing to the laminarization, it may increase the heat transfer thanks to a steep velocity gradient close to the
heated wall, high heat transport in the side layers, and a large scale velocity fluctuations. Since experimental
investigation of MHD flows is complicated by the opacity and corrosiveness of the liquid metals, the
experiments are unable to provide detailed information on the flow structures and statistics. Reliable
numerical simulations have been becoming an essential tool to investigate the MHD flows. Wildlund et
al.,1998 and Kenjeres and Hanjalic, 2000 developed ad hoc MHD turbulence models both for RANS and
Large-Eddy Simulations (LES). The role played by the Direct Numerical Simulations (DNS) in the study of
MHD flows have been becoming more and more important because it can be used for studying the turbulence
fundamental aspects and to provide a database for turbulence models calibration. Zikanov and Thess, 1998
performed DNS in periodic domain, i.e. without taking into account the wall effects whereas Lee and Choi,
2001 used DNS to investigate the wall bounded turbulent MHD flows. The DNS was also used by Boeck et
al., 2007 to characterize the developed turbulent states for different values of the Reynolds and Hartmann
numbers. The aim of the present work is to study the interaction of liquid metal flows with non-uniform
magnetic fields, so far still nearly unknown. Non-uniform magnetic field should trigger secondary flow
fields, i.e. impinging flows to the channel walls which, as demonstrated in a recent publication (Gallo et al.,
2012), are the more relevant effect for the heat transfer augmentation. The results reported in this paper
provide the fundamentals to develop a new high-potential concept for the convective heat transfer
enhancement whose main application concerns the cooling systems of the turbine blades. A more effective
blade cooling system opens route to the increase of the Turbine Inlet Temperature (TIT) which is limited by

the material thermal and mechanical resistance. As well known, the increase of the TIT is a potentially
effective way to improve the efficiency of a turbine-based power plant.
Governing equations
In several technical applications the MHD flows can be well described by the case of small magnetic
Reynolds number (Rm<<1) with Rm=ߤσu0D representing the ratio of the induced magnetic field to the
externally applied magnetic field. ߤ is the fluid magnetic permeability, σ the fluid electrical conductivity, u0 is
the characteristic velocity of the fluid (bulk velocity) and D is the geometric parameter (channel height). In
this case the flow of a Newtonian fluid subjected to a magnetic field B constant in time is governed by the
following set of dimensionless equations for the conservation of the mass, momentum and charge:

u  0

[1]

1 2
u
 u   u   p 
 u  St  j  B 
t
Re

[2]

 j 0
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and by the Ohm’s law for the moving media:

j     u  B

[4]

In these equations u=(u, v, w), j=(jx,jy,jz), B=(Bx,By,Bz), ߶, t and p denote the non-dimensional velocity,
current density, magnetic field, electric potential, time and pressure scaled with u0, σu0B0, B0, u0B0D, τ and
ρu02. B0, ρ and τ are respectively characteristic value of the magnetic field, the fluid density and the
characteristic time. The Reynolds number, defined as Re=u0D/ν, gives the ratio of inertial and viscous forces
in the momentum equation with the kinematic viscosity ν. The Stuart number also known in literature as
interaction parameter (St=σB02D/(ߩu)) provides the relative weight of inertia to electrodynamic forces.
Neglecting the volumetric heat sources, the distribution of the non-dimensional fluid temperature T is
determined by the equation

T
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 T
t
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The ratio between the convective and the diffusive heat fluxes is given by the Peclet number (Pe=Re·Pr=
u0D/κ). The thermal diffusivity κ is defined as κ=λ/ߩcp where λ and cp are respectively the thermal
conductivity and the specific heat at constant pressure of the fluid.
Numerical method and simulations procedure
The Navier Stokes equations are discretized with a second order finite volume method on a staggered grid.
The vector components, velocity, electric current I and the magnetic field B, are defined on the cell faces and
the scalars in the cell centers. In the streamwise and spanwise direction periodic boundary conditions are
used. The Navier-Stokes equations with the Lorentz force as additional term on the right hand side are
advanced in time with a second order Adams-Bashforth method. The pressure correction method is used to
ensure the conservation of mass. The Poisson equation for the pressure correction is solved by a combination
of fast fourier transforms and tridiagonal solvers. The numerical simulations are performed using a grid
16x16x32 in a computational domain 10Dx10Dx1D. The coordinate system has been chosen such that the
walls coincide with the planes at z=const. The streamwise coordinate is x, the spanwise coordinate is y and
wall-normal coordinate is z. In the computations the Prandtl number Pr, kinematic viscosity ν and electrical
conductivity σ of the lithium were used: Pr = 0.05, ν = 1.07e-6 cm2/sec, σ = 7.7e-6 S/m. In order to

appropriately use periodic boundary conditions, the two-dimensional non-uniform magnetic field to apply to
the liquid metal flow is periodic and constant in time. It is generated by two ideal electric currents positioned
underneath the two channel walls (Figure 1).

Flow
Flow

Figure 1: Magnetic field distribution with the field lines superimposed
To estimate the effects of the magnetic fields on the convective heat transfer, the Nusselt number (Nu=hD/λ)
distributions have been calculated using eq. 6 to determine the convective heat transfer coefficient h. In eq. 6
Tw, Tb and T are respectively the wall temperature, the bulk temperature and the fluid temperature. The fluid
temperature distributions are obtained without periodic boundary conditions, i.e. by assuming a uniform fluid
temperature distribution at the channel inlet (T = 750 K) while the channel walls are at the same uniform and
constant in time temperature (Tw = 1100 K). To assess the effects of the magnetic field both on the flow field
and the convective heat transfer, the simulations have been performed at Re = 2000 and St equal to 0, 750,
1000 and 2000.
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T
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[6]
z  0, z 1

Flow field
In Figure 2 are reported both the streamwise velocity component (u) and the normal to wall velocity
component (w) distributions for Re = 2000 and St equal to 0 (non-magnetic case), 750 and 1000. For these
values of the Stuart number the flow fields are two-dimensional. As can be seen in Figure 2a, along the
channel the flow results to be hydro-dynamically developed showing a uniform laminar velocity distribution.
The difference between the velocity distribution numerically calculated and that one predicted by the
analytical solution is less than 0.1%. In the non-magnetic case (Figure 2d) it is possible to notice the absence
of secondary flow fields since the normal to wall velocity component w is zero. The activation of the
externally imposed magnetic fields produces strong changes in the flow field and its effects get stronger as
the Stuart number increases (Figure 2b, c, e, f). The liquid metal flowing through the two linear magnetic
sources (Figure 1) undergoes the action of the Lorentz forces which are, nearby the walls, strong and affected
by an abrupt direction change. The impulse given by the magnetic field promotes secondary flow fields
having a periodic behavior well highlighted by the velocity component u (Figure 2b, c) and normal to wall
velocity distributions (Figure 2e, f). More in detail the velocity component distributions u show an oscillating
pattern with the amplitude increasing as the magnetic field gets stronger (Figure 2b, c); the normal to wall
velocity distributions are characterized by positive and negative regions alternating in the streamwise
direction (Figure 2e, f). The intensity of these regions increases as the St increases. By increasing the St up to
2000, the flow field becomes three-dimensional.

St = 0

St = 0

d)

a)
St = 750

St = 750

e)

b)

St = 1000

St = 1000

c)

f)
w
(cm/s)

u
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Figure 2: Distributions of the velocity components (Re = 2000, y/D = 5): a) u component St = 0, b) u
component St = 750, c) u component St = 1000, d) w component St = 0, e) w component St = 750, f) w
component St = 1000
Convective heat transfer
In Figure 3 are reported the fluid temperature distribution for Re = 2000 and St equal to 0, 750 and 1000.
St = 0
In flow
a)

St = 750
In flow
b)

St = 1000
In flow
c)

T (K)

Figure 3: Fluid temperature distributions (Re = 2000, y/D = 5): a) St = 0, b) St = 750, c) St = 1000
Figure 4 and 5 show respectively the Nusselt number maps calculated at z=0 for Re = 2000 and for St equal to
1000 and 2000 and the profiles describing the variations of the Nu in streamwise direction. These profiles are
obtained averaging in spanwise direction the fluid temperatures calculated close to the lower (z=0, Figure 5a)
and upper (z=1, Figure 5b) walls for all the values of the simulated St. In absence of magnetic field it is
possible to see the development of the thermal boundary layer (Figure 3a) which is responsible for the
decreasing trend of the Nu in streamwise direction (Figure 5a, b). The periodic behavior of the flow field
produces a periodicity in the temperature distributions as well. The secondary flow field promoted by the
magnetic field, being principally characterized by a periodic behavior of the normal to wall velocity

component, generate at the walls a thinning and/or a breaking up of the boundary layer (Figure 3b, c). A
further effect of the secondary flow field is the convective transport of “cold fluid pockets” from the core to
the walls. At the walls the combination of these two effects produces regions with Nusselt number higher
than the ones measured for St=0 which alternate in the streamwise direction (Figure 4a) with the same
frequency exhibited by the main and the secondary flow field (Figure 2).
St = 1000
a)

St = 2000
b)

Figure 4: Nusselt number distributions (Re = 2000, z/D = 0): a) St = 1000, b) St = 2000

a)

b)

Figure 5: Nusselt number profiles (Re = 2000): a) lower wall (z/D = 0), b) upper wall (z/D = 1)
As already mentioned in the previous section for St=2000 the flow field becomes three-dimensional, this
yields a Nu distribution periodically varying not only in streamwise but also in spanwise direction (Figure
4b). Analyzing the Nu profiles reported in Figure 5 it is possible to obtain more quantitative information
about the convective heat transfer increase. As expected for St>0 the profiles exhibit an oscillating trend
having amplitude decreasing in streamwise direction. For St equal to 750 and 1000 the values of the Nusselt
number measured in the low heat transfer zones are slightly lower than those measured in the corresponding
regions in absence of magnetic field (St=0). The increase of the St up to 2000 raises up the profile then the Nu
are almost everywhere higher than those relative to the case of St=0. Even though for some values of the St
the Nu can locally assume values lower than those calculated for the St=0, the effect of the magnetic field is
to enhance the overall convective heat transfer. The local increase of the convective heat transfer w.r.t. to the
non-magnetic case goes from the 47% measured for St=750 at x/d=4 on the lower surface (z=0, Figure 5a) to
the 160% measured for St=2000 at x/d=2 on the upper surface (z=1, Figure 5b). The local decrease of the
convective heat transfer w.r.t. to the non-magnetic case goes from the 9% (St=2000) to 22% (St=1000) both
measured at x/d=8 on the upper surface (z=1, Figure 5b).

Conclusions
DNS has been used to study the effects of non-uniform magnetic fields on the flow field and on the heat
transfer of a liquid metal (lithium) flowing into a two-dimensional channel. The numerical experiments have
been carried out at Re=2000 and Stuart number equal to 0 (non-magnetic case), 750, 1000 and 2000 using a
grid 16x16x32 in a computational domain 10Dx10Dx1D. For values of the Stuart number up to 1000 the flow
field is two dimensional whereas it becomes three dimensional for St=2000. The magnetic fields trigger
secondary flow fields, i.e. impinging to the walls, having periodic behavior and intensity increasing as the St
increases. Periodic trends have been also noticed in the Nusselt number distributions where, for St=2000,
increases of the convective heat transfer coefficient up to 160% w.r.t. non-magnetic case have been
calculated. The outcomes of this work are very promising and show the great potential of the “magnetic ribs”
(non-uniform magnetic fields) as tool for improving the convective heat transfer in the turbine blade cooling
systems. Future works will address the interaction of turbulent liquid metal flows with non-uniform magnetic
fields in rectangular channels.
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During the last 35 years, quite a lot of R&D work has been devoted to the topic of heat powered adsorption
cycles. Interesting and promising results have been obtained and some commercial products do emerge even
though their dissemination is still reduced. In that paper, I shall first present the main results obtained and then
intend to address the potential of adsorption heat powered systems excluding desiccant cooling.
First, as an introduction, let me give some historical marks on the R&D of adsorption heat powered cycles.
EARLY DEVELOPMENTS
Solar refrigerators and ice makers
After the 1973 energy crisis, two projects based on zeolite water solar powered systems were started
independently in US by Tchernev, 1979, who used natural zeolite and in France by the author, Meunier, 1978,
who used synthetic 13X zeolite. Surprisingly, the concept of solar refrigerator in both studies was very
similar: the zeolite was integrated in a flat plate solar collector and a manual or better a check valve was used
to avoid any mechanical energy use, Guilleminot and Meunier, 1981.
For ice making, the active carbon methanol pair- avoiding temperatures higher than 120°C to avoid methanol
decomposition, Meunier and Douss, 1990- was proposed by Delgado et al, 1982. With that pair, several
prototypes were built and tested in various climates, Pons and Guilleminot, 1986; Passos et al, 1989. A French
company BLM commercialized a series of solar powered products (ice makers and solar refrigerators).
Critoph and Turner, 1988, proposed to use the activated carbon-ammonia pair to avoid vacuum. Spinner,
1988, in France and Rockenfeller, 1988, in US studied ammonia based chemical reaction cycles. The silica gel
water pair suited for air conditioning was also introduced, Yanagi et al, 1992; Cho et al, 1992. Those various
pairs covered a large range of operating temperature from freezing temperatures (with ammonia) to air
conditioning with a potential of regenerating temperatures ranging from 60°C to 250°C. Performance
limitations of adsorption cycles for solar cooling have been studied by Critoph, 1988.
The performances of those early prototypes were pretty good:
A NaX zeolite-water solar refrigerator, Guilleminot and Meunier, 1981 as well as a 12m3 cold store
both tested in the south of France, Grenier et al, 1988, producing ice inside the evaporator, yielded solar
COP’s in the range of 0.1 (corresponding to a gross production of ice inside the evaporator of the order of
7kg/m2 of solar collector incident solar energy of 22MJ/m2). BLM solar ice makers operating with the AC35
activated carbon-methanol pair producing ice outside the evaporator, have been tested, Figure 1, in Agadir,
Morocco, for several years and produced around 6kg of ice per m2 when the insolation was about 20MJ/day,
Boubakri et al, 2000. Those units operating daily intermittent cycles showed good COP’s but low SCP
(specific cooling power).

Figure 1 : BLM solar ice makers (Activated carbon-methanol) tested in Agadir, Boubakri et al, 2000
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Advanced cycles
The drawback of the daily intermittent cycles was the low COP and the low specific cooling power. A twobed cycle with heat recovery was then proposed and studied, Douss et al, 1988. The experimental thermal
COP for A/C conditions reached 0.67, corresponding to an increase of 28% as compared to the intermittent
cycle. The heat exchanger consisted in extended surface through fin and tubes. But in that experiment, the
overall cycle time was long (6 hours) so that the specific cooling power was extremely low. On that concept, a
zeolite-water HP containing 1500kg of zeolite, delivering hot water at 50°C and fired by a 230kW natural gas
burner was tested in a slaughter house. A heating COP (COA) ranging from 1.35 to 1.45 depending on the
cycle time was obtained, Zanifé and Meunier, 1992, with heating rates ranging from 90 to 110W/kg zeolite. A
similar approach was developed in Spinner’s group by Neveu and Castaing, 1993, on ammonia salts.
A cascading adsorption cycle including a two-bed high temperature zeolite-water cycle and a low temperature
activated carbon-methanol cycle was designed and tested by Douss and Meunier, 1989, who obtained a
cooling COP equal to 1.06 with a cooling rate equal to 37W/kg. At the same time, Shelton, 1986, promoted
the idea of thermal wave cycles with the activated carbon ammonia pair. In such a cycle (Figure 2) a thermal
loop flows through two beds and two external heat sources. The heat of adsorption of one bed is used to
preheat the thermal fluid to regenerate the other bed. Miles and Shelton, 1996; published a cooling COP as
high as 1.19 which is the record but unfortunately, this record has never been reproduced. With the same
concept, Tchernev and Emerson, 1998, developed a two-bed zeolite water regenerative cycle and claimed
COP’s ranging from 1 to 1.6 depending on the ambient temperature. Critoph, 1998, proposed a forced
convection cycle, with activated carbon ammonia, in which the refrigerant vapor is heated up (or cooled
down) and convected to heat (or cool down) the bed, a COP of 0.95 was predicted. At my knowledge, up to
now, those early experiments are still the only ones showing cooling COP’s higher than 1.

Heat
rejection

Geothermal or waste
heat input

Figure 2: 2-bed heat pump design for a thermal wave cycle with the closed thermal loop in black and
the open thermal loop (see below) in red.
Shelton, in his early experiments, connected, for a very short time, the high pressure to the low pressure
adsorber before the temperature swing and introduced the mass recovery which was tested on an activated
carbon methanol two-bed cycle, Zanifé et al, 1991. For a given regenerating temperature, the cooling rate is
increased up to 35% but the gain on the COP is not obvious.
With a three-stage process, Boelman et al, 1995, could fire a 50°C low grade hot water cycle with a COP of
the order of 0.2 and introduced the important concept of the cooling capacity optimum switching time
different from the COP one. Adsorption could perform at driving temperatures lower than absorption.
Specific cooling power (SCP)
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Several routes were explored to enhance the SCP. In Spinner’s group, Coste et al, 1983, introduced
consolidated materials using NEG (natural expanded graphite). Dunne and Taqvi, 1996, developed adsorbentcoated surfaces. Tamainot-Telto and Critoph, 1997, tested monolithic carbon. Guilleminot, 1998, studied
consolidated adsorbent with NEG. Pino et al, 1996, realized zeolite bricks which improved the thermal
conductivity by a factor of 3 to 4. Important thermal conductivity enhancements were achieved but mass
transfer resistances appeared. Very good results were obtained in terms of heat transfer with consolidated
NEG materials (λ eff ranging from 10 to 30 Wm-1K-1-as compared to 0.1 to 0.3 for granular beds- and h as high
as 500 to 3000 Wm-2K-1,-as compared to 20 to 40 for granular beds-, Mauran et al, 1993) but mass transfer
resistances were introduced so that progresses were still required to get high SCP’s.
Commercialization
Early, two Japanese companies (Nishiyodo and Mycom) did commercialize two-bed silica gel water
adsorption chillers driven by hot water in the range of 70 to 90°C. COP’s of the order of 0.6 depending on the
operating conditions were obtained although the units were not still fully reliable. Their main argument was
that adsorption chillers exhibited better performances than absorption chiller for lower grade-heat.
In 1998, a review on solid sorption heat powered cycles, Meunier, 1998, showed that good results had been
obtained on solar cooling, advanced cycles and promising efforts towards higher SCP were underway but the
commercialization was still confidential.
UP TO DATE DEVELOPMENTS
During the last 15 years, new groups were involved and more research was devoted to adsorption heat
powered cycles.
Solar adsorption refrigerators or ice makers:
Previous results have been confirmed through several adsorptive solar refrigerators or ice makers which were
tested in various countries. Lot of experiments on solar powered ice makers or refrigerators has been
performed especially in China in Wang’s group, Li et al, 2002, etc. Technology transfer from Europe to Sahel
(Burkina Faso) with an activated carbon-methanol solar powered refrigerator has been attempted, Hildbrandt
et al, 2004. The principle of those various prototypes is close to the early ones. Results obtained are quite
similar to the previous ones: solar COP’s ranging from 0.1 to 0.15. Recently, Li et al, 2012, propose to use a
parabolic solar concentrator to power a thermochemical refrigeration system to get solar COP’s of the order of
0.3 which should result in a significant improvement. An exhaustive review has been published by Wang and
Oliveira, 2006. Despite of those numerous studies, there was no technical or commercialization breakthrough.
Materials:
To increase the sorption capacity, new compounds made of mesoporous adsorbent impregnated by a salt were
introduced by Aristov et al, 1998. Initially, working materials, based on impregnation of hygroscopic salts on
porous matrix (generally silica gel) suited for water cycles were studied; adsorption capacity is more than
twice that of silica gel or zeolite since it reaches 0.75 to 1g of water per g of dry sorbent with CaCl 2 or LiBr
impregnated in silica gel, Aristov et al, 2002. More recently, two new families of composite materials were
proposed for other refrigerants:
For ammonia, Sharonov et al, 2006, use CaCl 2 either impregnated in alumina or in vermiculite,
Grekova et al, 2012, propose a binary salt (BaCl 2 +BaBr 2 ) inside vermiculite
For methanol sorbents, Gordeeva et al, 2007 suggest salts in silica gel with high capacity of
adsorption (0.8g/g).
Nanotailoring of new sorbents with optimal properties for specific applications is currently under study,
Aristov, 2007. Definitely, the high research activity devoted to those new materials opens nice perspectives of
COP and cooling (or heating) capacity improvements, to be confirmed on prototypes.
Moreover, industrial adsorbents specially dedicated to heat pumps were developed and commercialized:
zeolitic FAM (Functional Adsorbent Materials) by Mitsubishi Chemical and zeolite DDZ70 by UOP.
Specific cooling power (SCP)
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The large size and high weight of conventional adsorbers is a huge drawback for adsorption heat powered
cycles and especially for two applications: car A/C and Adsorption gas-fired heat pumps. A lot of efforts, in
several directions, have been dedicated to the SCP improvement.
Coated surfaces and their dynamics
To overcome the problems related to mass transfer resistances, different types of coated surfaces have been
developed and tested. Schnabel et al, 2010, growed directly zeolite X or A on stainless steel substrate without
using any gluing substance and measured the adsorption kinetics of those coated substrates, they claim the
adsorption performance of this type of coating is higher than with glue. Dawoud et al, 2010, showed that a
500µm coating resulted in better performances than a 300µm thickness. Sauer et al, 2011, use a colloid to
bind, on a carrier material, a layer made of adsorbent particles and inorganic fibers. Freni et al, 2011, verified
the satisfying hydrothermal and mechanical stabilities of adsorbent coatings prepared by Mitsubishi Plastic.
Waszkiewicz et al, 2009, developed coated annular fins of zeolite Y for methanol adsorption and obtained a
layer thermal conductivity 4 times that of a granular bed and a wall heat transfer coefficient of 3000Wm-2K-1.
The net result of that high R&D activity on coated surfaces is that important progresses have been achieved.
The wall heat transfer coefficient and the SCP of coated surfaces are enhanced respectively from 10 to
150W/m2.K and 20 to at least 300W/kg, Freni, 2009 with a cycle time reduction from 20 to 8mn. The size
(and weight) of the units are then reduced.
Consolidated materials
Tamainot-Telto et al, 2009, incorporated 4mm thick monolithic carbon layers into a plate stainless steel heat
exchanger as a sorption generator for car air conditioning and obtained a high SCP of 650Wkg-1. Wang et al,
2012, developed a new NEG treated with sulfuric acid to prepare consolidated activated carbon samples. They
obtain a thermal conductivity of 34Wm-1K-1, 150 times higher than that of granular activated carbon.
Heat and mass transfer
Dawoud et al, 2011, studied the variations of the effective thermal conductivity of wetted zeolite in a heat
pump cycle. Aristov et al, 2008, developed a methodology to study the dynamics of water sorption.
Those stimulating results on adsorbent heat transfer intensification open new perspectives.
Demonstration units and commercialization
Waste heat demonstration adsorption chillers and ice makers have been tested for various applications
including exhaust gas and solar applications. S.G. Wang and R.S. Wang, 2005, built and tested an activated
carbon (consolidated carbon block) methanol powered by exhaust gas waste heat on a fishing vessel which
produced flake ice at -7°C with a COP and a SCP equal respectively to 0.18 and 27W/kg. Jiangzhou et al,
2005, tested an adsorption A/C unit for a locomotive driver cabin operating a zeolite water cycle powered by
exhaust gas with a COP ranging from 0.22 to 0.28 depending on operating conditions. TOPMACS A/C was
another exhaust gas study based on an EU funded research program on mobile A/C including the design and
tests of several prototypes to be installed in a truck cabin or in a car. Three systems have been tested: AQSOA
Mitsubishi zeolite water by ITAE, silica gel water by ECN and monolithic carbon ammonia by TamainotTelto et al, 2009. Satisfactory results have been achieved with COP’s ranging from 0.3 to 0.5 depending on
operating conditions. Several solar A/C demonstration units have been built, generally using silica gel and
showing solar COP’s of the order of 0.1 as reviewed by Wang and Oliveira, 2006.
In parallel with those numerous research activities, interestingly, new and reliable commercial products did
emerge. First, in the field of low driving-temperature chillers, Nishiyodo (under Trade Marks HIJC in USA,
Emissionless in Australia, etc.), which uses silica gel water cycle and Mycom-Mayekawa with its product
AdRef-Noa which uses a zeolite water cycle are still present and much more active than before in that field
with improved products and COP’s reaching 0.75 in the best operational conditions. Their operating
conditions are very close: chilled water temperature between 5 and 12 or 15°C; driving heat from 50 to 90°C;
cooling water from 25 to 35°C. Their cooling capacity ranges from 100 to 500kW. A German company
(Sortech) is offering smaller capacity chillers, using the silica gel pair, ranging from 6 to 15kW. More
recently, other companies are offering waste heat powered chillers: Eco-Max in US proposes 100-750kW
chillers using silica gel water whereas another German company, Invensor proposes small scale, 6-22 kW
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chillers using coated zeolite heat exchangers with water as the refrigerant and, probably, other companies
exist. Still small, the market penetration is in progress.
More recently a new market appeared. Small capacity (up to 15kW) gas fired zeolite heat pumps have been
launched on the market by German companies. Vaillant was first in 2009 and Viessmann, Dawoud et al, 2011
followed more recently. Those products which present a heating COP close to 1.35 (for water delivered at low
temperature: 35-40°C) result in an energy saving of the order of 30% with respect to a conventional boiler.
Advanced cycles
Alam et al, 2003, followed up the work on advanced cycles for more appropriate switching time for low-grade
heat and Khan et al, 2008, introduced the concept of multi-stage cycle with re-heat and mass recovery so as to
get very low regenerating temperature cycles with optimum cooling capacity.
Surprisingly, few studies on advanced cycles for a better valorization of low-grade heat do exist although the
need exists. As an example, consider a geothermal source which delivers a given flow rate at 90°C. The heat
rate which can be extracted from that geothermal source depends on the temperature of the water rejected to
the geothermal sink: the lower the rejection temperature, the higher the heat rate. If, as usual, the temperature
drop in the sorption unit between the inlet and outlet temperatures of the fluid is small, 10°C (or even worse,
only 5°C), then the heat rate extracted is small and therefore, the cooling rate of the sorption unit powered by
the geothermal source is small. On the contrary, if the temperature drop is large, 25°C, then the heat rate
extracted is high and the cooling rate also, provided the COP is still good. This is possible and this is a
challenge for a good valorization of geothermal energy for sorption cooling. An adsorption thermal wave unit
could be the solution as shown on Figure 2. For the thermal fluid, instead of a closed loop, assume an open
loop, as shown by the bold red arrows. The ideal thermal wave cycle with the highest COP is the one with the
smallest temperature drop between the geothermal inlet and outlet temperatures, ∆T reg . If ∆T int is the
temperature drop through the adsorber under regeneration and COP int , the COP of the corresponding
∆𝑇
intermittent cycle, then, the COP of the heat wave cycle is equal to 𝐶𝑂𝑃𝑟𝑒𝑔 = 𝐶𝑂𝑃𝑖𝑛𝑡 × ∆𝑇𝑖𝑛𝑡 . The challenge
𝑟𝑒𝑔

of an advanced cycle for the geothermal purpose is to get a high ∆T int thanks to a judicious bed design and a
reasonable low ∆T reg so as to get a high heat extraction and a high cooling rate. As an example, a good
situation should be to have ∆T int =50°C, COP int =0.3, ∆T reg =25°C and COP reg =0.6. Therefore the cooling rate
should be more than twice that of an absorption unit and this would open new perspectives to geothermal, and
waste heat, adsorption chillers. The conditions to get good thermal waves conditions are known, good heat
and mass transfer properties, Ben Amar et al, 1996. The advances with new consolidated materials and
simulation should open promising perspectives in that direction.

Similarly, few studies on high-grade advanced cycles have been developed recently for reversible HP. Liu and
Leong, 2006, studied a cascading cycle based on two zeolite adsorbent beds and a silica gel bed with water as
the refrigerant, they predict a COP of 1.3. Recently, TeGrotenhuis et al, 2012, simulated a rotating 6-bed
system operating a moving bed cycle, using the same monolithic carbon as used by Tamainot-Telto and
Critoph, 2003, with ammonia. They predict, for an air source heat pump, in the AHRI standard conditions, a
cooling COP of 1.24 and a heating COP higher than 1.8. Sure that the competition with double or triple effect
absorption units or with reversible electrical HP is difficult but not impossible and efforts in that direction are
still required.
WHAT CAN BE EXPECTED?
In the present context of energy crisis, Fukushima disaster and global warming, how could adsorption heat
powered heat pumps play an important role? Heat powered systems which take advantage of waste heat or
renewable heat (solar, geothermal, etc.) as well as efficient units powered by natural gas have nice
perspectives as soon as their carbon footprint is good. Innovation, resulting from ongoing research, should be
introduced in the commercialized products so as to improve their performances and make them more
attractive. Moreover, there still exist applications when no commercialized products do exist and when the
innovative products would be welcome.
Heat recovery and low driving-temperature applications
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The existing and emerging market of low driving-temperature heat powered adsorption chillers (including
solar A/C and exhaust gas) commercialized products, even with moderate COP provided low carbon footprint,
should grow if improved products taking advantage of innovative research breakthroughs are proposed:
-

-

Size and weight reduction due to SCP enhancement (compound and consolidated or coated
adsorbents, heat pipes, etc.)
Enhanced cooling capacity for a given available waste heat due to:
o New optimized working pairs
o Improved cycle design to take better advantage of all the heat available through a higher
heat source temperature spread
Important new markets could be :
o Geothermal applications (enlarging the heat source temperature spread) could be huge
o District cooling (valorization of district heating in summer, hybrid natural gas and solar
cooling, CCHP) could be accessible if units flexible in terms of operating temperatures
are designed.

Adsorption gas-fired heat pumps
Reliable, robust and efficient adsorption gas-fired HP constitute a big challenge to reduce the carbon footprint
of domestic heating. Although interesting, the products presently marketed must be improved to compete
seriously, in terms of primary energy, with electrical heat pumps as well as with absorption gas-fired heat
pumps. Units having a heating COP higher than 1.4 and providing DHW in good conditions seems necessary.
Such performances are announced by Viessmann for 2016, Dawoud, 2011. A comparison between primary
energy consumption as well as CO 2 emissions (two cases of carbon electricity CO 2 content are considered) is
given in Table 1 for a conventional gas boiler, an electrical HP and a gas-fired HP.

Process

Gas boiler (η HHV =0.9)

Primary energy

CO 2 emissions (103kgCO 2 )

GWh

0.1 kgCO 2 /kWh

0.4 kgCO 2 /kWh

11.1

2.2

2.2

Electrical HP
Heating COP=3.5
7.14
0.28
1.14
Gas-fired HP
Heating COP=1.4
7.14
1.43
1.43
Heating COP=1.5
6.66
1.33
1.33
Table 1: Comparison of the primary energy consumption (on the basis of 10GWh heat consumption)
and the CO 2 emissions for gas boilers and heat pumps in two cases of carbon electricity content
The HP is always better than the gas boiler in terms of primary energy and the gas-fired HP is the best only
with a heating COP higher than 1.5. In terms of CO 2 emissions, the gas-fired HP is better than the gas boiler
but it will compete with the electrical HP only if high COP is achieved and in countries where the carbon
electricity content is high.
Reversible adsorption gas-fired HP
No commercialized product does exist for that important market and little research does exist in that field. Is it
that adsorption is not suited? The competition is severe with the reference solution (gas boiler-eventually gas
fired HP- and electrical chiller), electrical HP or gas engine but the possibilities of a reversible gas fired HP
deserves to be questioned. With low energy buildings which require little energy for space heating and more
for hot water and A/C, a reversible HP with a cooling COP higher than 1 and a heating COP higher than 1.5
(for water as well as space heating) with an innovative cycle design to produce chilled water and DHW in
summer should certainly find a market. Table 2 shows the results of a comparison of final and primary energy
consumption for a low energy building consuming 5GWh heating and 10GWh cooling per year. Four cases
are considered (see Table 2 caption).
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Process

Primary energy
GWh

CO 2 emissions (103kgCO 2 )
0.1 kgCO 2 /kWh
0.4 kgCO 2 /kWh

Reference
Gas boiler + elec chiller
1.5
15.5
2.7
Reversible elec HP
(COP=2.5, COA=3)
0.55
14
2.25
Reversible gas HP
(COP=1; COA=1.5)
13.33
2.7
2.7
Reversible gas HP
(COP=1.2; COA=1.8)
2.37
11.10
2.37
Table 2: Comparison of the primary energy consumption and the CO 2 emissions: Reference case (gas
boiler η=0.9 and COP=2.5); Reversible electrical HP (COP=2.5, COA=3); Reversible gas HP in two
cases of advanced cycles: COP=1 and COA=1.5 or COP=1.2 and COA=1.8
In terms of primary energy, the heat pump solution (electric or gas) is always better than the reference one and
the best solution is the reversible gas HP provided high performances are achieved. In terms of CO 2
emissions, the gas solution is better than the reference solution in countries where the electricity carbon
content is higher than 0.4kgCO 2 /kWh. If natural gas plays an important role in the near future in the energy
transition, then those products should have a chance, but only if high performances –with advanced cyclesare achieved, especially in countries where the electrical network is not efficient.
CONCLUSION
In the present context of energy transition and global warming, thanks to the important progresses achieved in
adsorption heat powered systems, the conditions do exist for renewable energy (solar and geothermal) as well
as waste heat adsorption systems to play an important role, even with moderate COP, provided low carbon
footprint is achieved, if they are robust and flexible in terms of operating conditions; that market could be
enlarged if higher heat source temperature spread was achieved so as to increase the cooling capacity. Gas
fired systems will have a chance to play an important role only if high performances are achieved so as to save
CO 2 emissions, which still requires intensive R&D work.
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Abstract: As a type of traditional cycle for the electricity generation, the main limitation of the
Rankine cycle is the endothermic process for the evaporation of the water, which cannot always fit
the trend of heat source very well. The Kalina cycle could make up the efficiency loss by the
working fluid of water-ammonia, which has a variable heating process by adjusting the
concentration of ammonia in the absorbent of water. Based on the Kalina cycle a combined power
and refrigeration generating cycle is proposed by Goswami, which generally has reasonable exergy
efficiency but suffers from the low energy efficiency for the refrigeration process. In this study, a
new type of resorption cogeneration system is designed, which features the comparable electrical
generating performance and much higher refrigerating performance than the Goswami cycle, and
the performance of the system is analyzed. Results show that for the cycle without heat recovery, the
electricity generation efficiency and the coefficient of refrigeration performance of the system range
between 0.072-0.126 and 0.33-0.53, respectively; For the cycle with heat recovery, the electricity
generation efficiency and the coefficient of refrigeration performance range between 0.095-0.158
and 0.416-0.691, respectively. The highest exergy efficiency of the system is about 0.82, which is
improved by 50% if compared with that of the Goswami cycle.
Key words: Rankine cycle, cogeneration, resorption, refrigeration, electrical generation
1. INTRODUCTION
With the rapid development of economy and rising energy consumption all over the world, finding
sufficient supplies of clean energy to satisfy the world’s growing demand is becoming the major issue in
the world [1, 2]. Energy conversion driven by low grade heat, as one effective medium between solar
energy and waste heat, is conducive to energy saving in power generation and refrigeration scenario.
Rankine cycle is widely applied in biomass, solar, thermal and nuclear power plant as the traditional cycle
of electricity generation. However, one major deficiency is that endothermic process for the evaporation
of the water cannot always fit with the trend of heat source very well, thus causing the big temperature
difference of heating process.
One attractive cycle which can compensate this deficiency is Kalina cycle by the working fluid of
water-ammonia [3]. Corman et al [4] and Martson et al [5] demonstrated that Kalina cycle has great potential
in recovering the waste heat. Based on Kalina cycle, a combined power and refrigeration generating cycle,
which generally has reasonable exergy efficiency [6, 7], is proposed by Goswami. Compared with Kalina
cycle, for Goswami cycle a precooler is required between expander and adsorber to recover cooling
capacity of expansion gas. Hasan et al [8] and Vidal et al [9] investigated its reversible and irreversible
process performance respectively, finding that exergy efficiency of Goswami cycle is reasonable.
However, Goswami cycle suffers from low efficiency of performance (COP) which is generally about
0.05[10].
The adsorption refrigeration technology offers a wide variety of adsorbents which are suitable for
different heat source with a prospective future of power generation driven by waste heat. Ziegler et al [11,
12]
studied adsorption cycle and analyzed combined power and refrigeration generating cycle, considering
that adsorption will play the leading role in utilizing low grade heat source. But the principle of
adsorption refrigeration is similar to that of absorption refrigeration, which will lead to the similar
electricity generation efficiency and the similar low COP. In comparison with adsorption refrigeration,
resorption refrigeration employs the different alkali metal halides with reaction equilibrium temperature
to match, which can achieve the cascading utilization of energy. Low grade heat source is supplied to
alkali metal halide with high reaction equilibrium temperature to achieve desorption. The high

temperature salt is cooled by utilizing the heat sink under the environment temperature and generates
adsorption, facilitating desorption of the low reaction equilibrium temperature of alkali metal halide salt.
Therefore, desorption heat consumed produce cooling effect. Because desorption heat is higher than
evaporation latent heat, COP of resorption refrigeration cycle [13, 14] is about 0.5 higher than that of
adsorption refrigeration cycle, simultaneously without evaporator and condenser.
On basis of resorption cycle, a new type of combined power and refrigeration generating cycle is
proposed. The main difference of this system with that of refrigeration system is that expander is added
between high temperature adsorption bed and low temperature adsorption bed, and at the same time,
precooler and superheater are used to improve the efficiency of power generation and refrigeration. The
system is comprised of two process of desorption for the electricity generation and refrigeration.
2. DESIGN OF THE CYCLE
The combined power and refrigeration generating system is shown in Figure.1a. It mainly includes one
high temperature salt (HTS) bed, one low temperature salt (LTS) bed, one turbine, one precooler, two
heat exchangers, and one heating oil tank. Its working processes are as follows:
(1) Electrical generating and adsorption refrigeration process. In this process the HTS bed is heated by
the low grade heat, the desorbed ammonia is expanded in the turbine and generates the electricity there.
The expanded ammonia might provide the refrigeration in precooler if its temperature is lower than the
refrigerating temperature. After that it will be adsorbed by the LTS bed.
(2) The resorption refrigerating process. In this process the HTS bed is cooled by the environmental
medium such as the cooling water, and it will adsorb the refrigerant, i.e. ammonia from the LTS bed
when its pressure is lower than that of LTS bed. Desorption process of LTS will generate the refrigeration
by desorption process.

(a)
(b)
Figure 1 Resorption cogeneration system. (a) design of the system, (b) pricinple
For power generating process in Figure.1b, Firstly the heat provided by heat source 2(Q de ) heats the bed
of HTS. A part of heat provides the thermal capacity of salt and ammonia compounds, another part of
heat provides desorption heat of HTS and ammonia compounds, in which a part of heat converts into the
enthalpy of ammonia vapour h 5 . After that the ammonia vapour is heated inside the superheater by the
heat source 1(Q h ), and then it enters the turbine to generate the electricity. The thermal dynamic equation
for the power generation is (the expansion is assumed as istropic expansion):
•

=
W m ( h1 − h 2 )

(1)

where W is the electrical power generated by turbine (kW), h is the enthalpy of ammonia at different
•

positions (kJ/kg), m is the flow rate of the ammonia vapour (kg/s).
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Thre =

TdeH + TadH
2

(2)

where Q h is the heat provided by the heat source 1 (kW), Q de is the heat from the heat source 2 (kW). Q de
includes two parts, one part is for the thermal capacity of HTS and ammonia compounds, which is heated
from the temperature after heat recovery (T hre , oC) to the temperature of desorption (T deH ,oC). Another
part is for the desorption enthalpy of HTS and ammonia compounds, i.e.Δh HTS (kJ/kg). T adH is the
temperature after adsorption (oC), Δh deH is the difference between the final enthalpy and beginning
enthalpy of HTS and NH 3 compounds, m ad is the mass of HTS and ammonia compounds (kg), C p is the
specific heat of HTS and ammonia compounds (kJ kg-1K-1), t H is the heating time (s).

ηEl =

W
Qde + Qh

(3)

where η El is the theoretical energy coefficient of performance for electrical generation
Because the temperature for the bed of LTS is nearly equal to the environmental temperature of T c , the
corresponding equilibrium pressure in the bed of LTS and the precooler is low. For such a value the
expanded ammonia vapour depends on the amount of superheat but ammonia vapour of the system has
the temperature lower than environmental temperature, thus it could provide the refrigerating quantity
(Q ref1 , kW) with the enthalpy difference of ammonia vapour. The thermal balance equation for it is:
•

Qref1 m ( h 2 − h 3 )
=

(4)

In this process theΔh adL is the enthalpy difference between the final state and beginning state of
LTS-ammonia compounds (kJ), and the Q LL is the heat injected to the cooling source (kW).
The resorption refrigeration phase is much simpler. Firstly the bed of HTS is cooled by the cooling
source, and its temperature will be controlled at the level of T adH, which is decided by the resporption
pressure. In this process it adsorbs the ammonia vapour from the bed of LTS. Under the pressure drop
between the adsorber of HTS and the adsorber of LTS, the bed of LTS desorbs, and the desorption heat of
LTS generates the cooling power. The equation of the cooling power is:
•

•

Qref2 =m ( ∆hdeL + h4 ) =m ∆hLTS

(5)

where Q ref2 is the refrigeration quantity (kW), Δh LTS is the enthalpy for desorption of LTS and ammonia
compounds, and Δ h deL is the difference between final enthalpy and beginning enthalpy of
LTS-ammonia compounds (kJ).The refrigeration coefficient of performance (COP ref ) is:

COPref =

Qref1 + Qref2
Qde + Qh

(6)

3 PERFORMANCE ANALYSES FOR THE APPLICATION IN A COMBINED SYSTEM
For the application in an adsorption system the working performance is mainly influenced by the heat
transfer and mass transfer performance. For the LTS the biggest resistance is the mass transfer
performance for the resorption refrigeration process. Considering that the BaCl 2 has better equilibrium
resorption refrigeration performance than the LTS of PbCl 2 , and meanwhile it has the higher resorption

pressure than CaCl 2 , which indicates a potential for the good mass transfer performance, the LTS of
BaCl 2 is chosen for the application analysis.
The bed for the resorption system is designed as tube-shell heat exchanger, which is shown in Figure.2.
Heat transfer
medium outlet

Metal pipe for heat transfer

Ammonia inlet/outlet

Metal shell

Baffle
plate

Tubesheet

Heat transfer
medium inlet
Consolidated adsorbent

Mass transfer channel for ammonia

Figure.2 The tube-shell bed for adsorption system
The consolidated adsorbent of chloride and expanded natural graphite, which is packed on the heat
transfer pipes, is utilized in the system. The baffle plates are utilized to increase the flow rate of heat
transfer medium, as well as the heat transfer coefficient. The energy coefficient of performance will be
influenced by the metal mass of the bed in the application. For the cycle without heat recovery the heating
heat is calculated by the equation:
m C × (TdeH − TadH ) mmeCpme × (TdeH − TadH )  •
•
Qde + Qh =  m ∆hHTS + ad p
+
 + m ( ham2 − ham1 )
tH
tH




m C × (T − T ) m C × (T − T )
=m  ∆h HTS + ad p • deH adH + me pme • deH adH + ( ham2 − ham1 ) 


m tH
m tH



(7)

•

•

where m me is the mass of metal, C pme is the specific heat of metal. m ×t H is equal to the ammonia mass
in the heating and desorption time.
The bed is designed for the 15 kW refrigeration capacity, and the highest pressure designed for the system
is 3.5MPa, which is 0.5MPa higher than the working pressure of 3MPa. Assuming the cycle time is 30
min, the mass of different HTS is calculated, and it is generally less than 30 kg. The material for the bed
is generally carbon steel for the reason of that the ammonia has the corrosion with copper and some salts
such as NiCl 2 has the corrosion with aluminium. Assuming the density of the consolidated adsorbent is
400 kg/m3, and the ratio between chloride and expanded graphite is 4:1, the metal mass of the bed for the
HTS is calculated under the condition of that the adsorbent mass is 30 kg, and it is 431.9 kg. For such a
system the ammonia mass in the heating and desorption time is about 13 kg, which is equal to the
ammonia for resorption phase and can be calculated by the refrigerating power, reaction heat of BaCl 2 ,
and cycle time. The performance is calculated firstly for the system without heat recovery process, and
the results are shown in Figure.3. The η El (Figure.3a) and COP reg (Figure.3b) are influenced by the
thermal capacity of the metal materials very much. η El and COP ref ranges between 0.072-0.126 and
0.33-0.53, respectively. The performance could be improved by the heat recovery between two HTS beds
for the system, and the equation is:

• 
m C × (T − Thre ) mmeCpme × ( TdeH − Thre )
(8)

Qde + Qh = m  ∆hHTS + ad p • deH
h
h
+
+
−
(
)
1
5
•


m tH
m tH


The performance for the heat recovery cycle, in which the thermal capacity for the metal and adsorbent of
adsorber are both considered, is shown in Figure.4. Figure.4 shows that the η El and COP ref range between
0.095-0.158 (Figure.5a) and 0.416-0.691 (Figure.5b), respectively. The value improves significantly if
compared with the results for the cycle without heat recovery. For each salts, the performance improve

obviously. The exergy efficiency of the system is also calculated, and the highest value is about 0.82,
which is improved by 50% compared with that of the Goswami cycle.
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Figure.3 The performance for the system without heat recovery, (a) η El vs. Superheating
temperature, (b) COP ref vs. superheating temperature
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Figure.4 The performance for the system with heat recovery, (a) η El vs. superheating temperature,
(b) COP ref vs. superheating temperature
4 CONCLUSIONS
A new type of combined power and refrigeration generating cycle is designed; both tube of adsorption
bed and system are analyzed.
The new type of combined power and refrigeration generating cycle is perspective for the places with the
both requirements for electricity and refrigeration. Compared with Rankine cycle and Goswami cycle, the
cycle could improve the exergy efficiency effectively.
For combined power and refrigeration generating cycle, when the system works without heat recovery,
η El and COP ref ranges between 0.072-0.126 and 0.33-0.53, respectively; while for the heat recovery cycle,
the η El and COP ref range between 0.095-0.158 and 0.416-0.691, respectively. The highest exergy
efficiency of the system is about 0.82, which is improved by 50% if compared with that of the Goswami
cycle.
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NOMENCLATURE
C
specific heat (kJ/(kg oC))
COP coefficient of performance
h
enthalpy of the inlet of the turbine (kJ/kg)
•
mass flowrate (kg/s)
m
Q
heating power (kW)
t
time (s)
T
temperature (oC, K)
W
electricity generation (kW)
Greek letters
η
electricity generation efficiency and exergy efficiency
Subscripts
ad
adsorption
am ammonia
de
desorption
h
heating
hre
heat recovery
me
metal
ref
refrigeraion
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ABSTRACT
A numerical analysis of the heat and mass transfer in an adsorbent bed during an isobaric desorption
process of adsorption heat pump cycle was simulated for various power of microwave (180 and
360W). The influence of power of microwave on the regeneration of adsorbent bed during isobaric
desorption process was investigated.

INTRODUCTION
The adsorbents that are used in the adsorption heat pump generally have poor thermal conductivity.
The poor thermal conductivity of the adsorbents might have a direct influence on the heat transfer. A
survey of the literature revealed that the majority of the studies focused on eliminating the
abovementioned problem. In these studies, although the thermal conductivity of the adsorbent was
able to be improved by different methods, the performance of the adsorption heat pump could not be
improved by using these new high thermal conductive adsorbents. Thus, the main obstacle in the
practical application of the adsorption heat pump still remains (Demir et al. 2008).
Nowadays, dielectric heating or microwave heating has found a wide place in the application areas
such as food drying, mineral drying and regeneration of the adsorbent used for the adsorption of a
volatile organic compound. Microwave heating have many advantages over conventional heating such
as:
• high heating rate
• material selective heating
• non-contact heating
• precise and controllable heating
• energy transferred rather than heat transfer
• compact equipment (Haque 1999)
Ania et al. (1999) comprised the effect of microwave and conventional regeneration on the adsorption
capacity of the activated carbons. The results showed that the microwave heating increased the phenol
adsorption capacity of the activated carbons in comparison to heating with the electrical furnace. They
explained the results as; the microwave heating improves the stability and structure of the activated
carbons. Kumja et al. (2008) modeled the microwave regenerated rectangular plate adsorbent bed.
Their model revealed that the COP of the microwave driven cycle was higher than the conventional
one. More applications of the microwave heating on desorption processes can be found at Cherbanski
and Molga (2009).
The aim of our study was to investigate the effect of microwave heating on the isobaric desorption
process of an adsorption heat pump. For this purpose, the heat and mass transfer on the adsorbent bed
during desorption process were modeled for the comparison of microwave (for two power levels) and
conventional heating.

NUMERICAL SIMULATION OF THE PROBLEM
Mass transfer in a granular adsorbent bed (Figure 1) occurred within the adsorbent particle and in the
voids between the granules (i.e., intra-particle and inter-particle mass transfer). The adsorbate (i.e.,
water vapor) flowed from the surface of the inlet (R = R i ) towards the outer surface of the bed (R =
R o ). The inner and outer radii of the annular adsorbent bed were 0.005 and 0.050 m, respectively, and
the equivalent radius of the adsorbent granule was 8.85x10-4 m. At desorption period, the adsorbent
bed was assumed to be heated from outer surface as shown in Figure 1 during microwave or
conventional heating. The mechanisms of heat and mass transfer in a granular adsorbent bed were
complicated; hence, some assumptions must be made in order to establish the governing equations.
The following assumptions were made in this study:
•
•
•
•
•
•

the adsorbed water was in the liquid phase, and the adsorbate behaved as an ideal gas
the thermal resistance of the adsorbent granules was negligible
the temperature of the adsorbent granule was equal to the temperature of the surrounding adsorbate
the thermal properties of the adsorbent particles and the adsorbate were constant
the rate of heat transfer at the adsorbate inlet surface, R = R i , was negligible
the microwave system was a monochromatic wave of transverse electric (TE 10 ) mode operating at
a frequency of 2450 MHz and had no variation of field inside the dielectric material
• the absorption of microwave energy by the cavity (including air) and sample container was
negligible
• the walls of a rectangular wave guide were perfect conductors
The definitions and relations for mechanisms of heat and mass transfer in a granular adsorbent bed are
also described in previous studies in the literature (Demir et al. 2009 and 2011, Demir 2012).

(a)

(b)

(c)

Figure 1. (a) A schematic view of the adsorbent bed, distribution of electromagnetic field on
silica gel bed (b) for 180W and (c) 360W.
MICROWAVE HEATING SIMULATION
Equation (1) was defined as electromagnetic heat generation term which was embedded in heat
transfer equation in granular adsorbent bed. Po is a function of the electric field and defined as
follows: (Pere et al. 2001, Ratanadecho et al. 2002, Kumja et al. 2008, Santos et al. 2010)

Po = 2 x10 −3 π f ε 0 ε r E

(1)

The electric field over the silica gel bed was simulated for 180 and 360W by using ANSYS 13.0
multiphysics software (ANSYS Inc., USA), as shown in Figure 1. The rectangular box was used as the
microwave cavity (30x18x30cm), and the silica gel bed was put in the middle of the box. One
magnetron was used as the electromagnetic source, and the waveguide type was WR340. The
distribution of the electromagnetic field inside the cavity and over the silica gel was obtained at the

power levels of 180 and 360W. The results of the electromagnetic field intensity were integrated and
averaged for each element (E).
The relative electric permittivity of silica gel (ε r ) depends on moisture content, and it can be found by
using following equation (Hrubesh and Buckley 1997).

ε r−1 = 0.4153W∞ + 0.2085

(2)

RESULT AND DISCUSSION

The temperature distributions in the adsorbent during isobaric desorption process were
illustrated in Figure 2. For conventional heating, the outer surface of the adsorbent bed was
maintained at 403 K. The temperature difference between the outer and inner regions of the
annulus bed was large due to the poor thermal diffusivity of the adsorbent bed as shown in
Figure 2a. As a result, duration of isobaric desorption process was 8 hours. In Figures 2b and
c, the temperature distributions were presented for adsorbent beds microwave regenerated at
different power levels: 180 and 360W. In order to prevent overheating in the bed, microwave
power was not active for the whole time; it was activated according to the average bed
temperature during the isobaric desorption process. For both power levels, the temperature of
inner region of the adsorbent bed was higher than that of the outer region of the adsorbent
bed. The heterogeneous distribution of the bed temperature was caused from heterogeneous
distribution of the electrical field. The microwave penetrated inside the bed and started to heat
from the center of the material. Meanwhile, heterogeneous electrical field also led to an
increase in the desorption period. The total operation times for 180W and 360W were only
43.2 min and 16.6 min, respectively. However, as seen in Figure 2, desorption periods for 180
and 360W were in a different manner and obtained as 3.9 h and 8.5 h, respectively.
Heterogeneous electrical field is very significant for desorption periods, since it causes to
extend periods even longer than conventional heating system. But it should be kept in mind
that the microwave operation provided enormous energy conservation.

Figure 2: The Change of temperature in the bed, a) conventional heating system, b) microwave
heating for 180W, c) microwave heating for 360W.

The distribution of adsorbate concentration in the bed showed an alteration depending on the behavior
of the heating type as shown in Figure 3. The adsorbate distribution in the bed revealed similar
behavior for both 180 and 360W power levels as shown in Figures 3b and c. Microwave heating
started to heat from the inner region of the bed; hence, the adsorbate concentration in the inner region
was lower than that of the outer region. For the first 5-minute period, a high desorption rate and a low
temperature outside of the bed caused mass transfer from the inner region to the outer region of the
bed. After that, the adsorbate concentration in the inner region decreased sharply. On the contrary, the
conventional heating started to heat from the outer region of the bed; low thermal conductivity of the
adsorbent prevented the increase of the temperature at the inner region of the bed, so the adsorbate
concentration in the inner region was higher than that of the outer region. This phenomenon led to a
long period of isobaric desorption for the conventional heated cycle.

Figure 3. The variation in adsorbate concentration along the radius of adsorbent bed, a) for
conventionally regenerated, microwave regenerated for b) 180W c) 360W.
Figure 4 presents the results of the electrical field intensity along the radius of bed which was
integrated and averaged for each element (E). The heterogeneous distribution of electrical field for
both power levels was observed in the Figure 4. However, the distribution of electrical field for 180W
was relatively straighter than that for 360W. It is obvious that, the reason of obtaining a longer
duration of desorption period for 360W was, heterogeneous distribution of electrical field intensity in
the adsorbent bed.

Figure 4. The variation of electrical field intensity along radius of bed

CONCLUSIONS

The microwave heating decreases operational time as well as consumption power during
desorption process. The operational times of microwave heating were achieved as 43.2 and
16.6 min for 180 and 360W respectively. However, the duration of desorption process of
360W was longer than desorption period of conventional heating regenerated adsorbent bed.
The heterogeneous distribution of the electrical field over the silica gel bed prevented the
further improvement of the duration of the isobaric desorption process. The long duration of
the isobaric adsorption process still remains a problem. A long adsorption cycle prevented the
obtainment of an enhanced SCP value of the cycle, and it limited the practical application of
the adsorption heat pump. Therefore, much attention should be focused on achieving
homogeneous electrical field distribution for reducing the duration of the cycle as much as
possible in order to enhance the SCP value and favor the practical application of the
adsorption heat pump.
NOMENCLATURE

εr
ε0
W∞
E
f
Po

relative dielectric constant
permittivity of free space
adsorbate concentration in equilibrium, kg W. kg s -1
electromagnetic field intensity, Vm-1
frequency, MHz
electromagnetic heat generation term, kW m-3
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ABSTRACT This work present the experimental evaluation of the energy performance of transcritical CO 2
refrigeration and heat pump systems. The optimal gas cooler pressures and the optimal COP have been
analysed from an thermodynamic point of view. The systems used a new dual expansion valve and a balance
CO 2 liquid receiver adjustment device, which can control high and low side pressure effectively. Moreover
demonstrate the influence of the internal heat exchanger (IHX) on the system performances, on the basis of
the analysis the relative COP index RCOPI and compressor power index RP C I and other parameters which
can confirm the truth of. The experimental evaluation covers five evaporating levels(-10 to 10°C) and in a
wide range of gas cooler pressures(75 to 120bar). It is concluded that: With the IHX system compressor
power is relatively low, when the high side pressure is over 100bar, and the evaporation temperature is below
0°C. The COP of the system without IHX is slightly higher than the system with IHX, it is increase about 3%
to 5%, when the evaporation temperature is over 5°C. Relative to the single throttling process the double can
decrease influence pressure fluctuations of CO 2 supercritical fluid and liquid mixture on the systems.
providing the experimental basis for the development of the transcritical CO 2 refrigerant and heat pump
systems.
KEYWORDS Transcritical CO 2 ；IHX；COP；Double throttle valve；Experimental；Thermodynamic

1.

INTRODUCTION

Refrigeration plays a pivotal role in today’s society such as food preservation and provision of thermal
comfort in the built environment. According to the International Institute of Refrigeration[1], refrigeration
consumes about 15% of all electricity consumed worldwide. The refrigeration and heat pump systems have
significant evironmental impacts due to indirect emissions of greenhouse gases from electricity generation
and direct emissions from leakage of refrigerants with high GWP to the environment[2]. The use of natural
refrigerants such as CO 2 offers the opportunity to reduce the direct and indirect emissions of refrigerant and
heat pump systems compared to traditional systems. Lately CO 2 is becoming a mainstream refrigerant to
achieve low temperatures in the heat pump and refrigeration industry, where a number of novel designs are
being used in the industry including cascade[3], transcritical[4], transcritical booster[5], secondary loop and so
on.
In general, an inverse CO 2 operated cycle is very different from a traditional one since the upper
pressure is often hypercritical. Then for the best utilisation of such a technology it is necessary that in each
working condition the system operates at optimal value of the cycle upper pressure, that is the one which
leads to the maximum COP. However obvious inadequacies in the transcritical systems is that, the expansion
of CO 2 is from overheating gaseous throttle to the two phase state, Shown in Figure 2. In the expansion
process, isenthalpic line deviated from to the direction of entropy increase, which lead to energy loss of the
CO 2 expand is larger than the traditional refrigerants. Therefore it is necessary to take some measures to
solve this problem, many scholars take some measures to improve system performance, such as add the
throttle valve, expander[6], jet[7] and the vortex tube[8] in the systems, but these devices will also make the
systems more complicated. In comparison, the internal heat exchanger (IHX) on the one hand liquid entering
the compressor can be avoided with the suction overheating; on the other, the COP of whole systems can be
enhanced. So various authors have suggested that an IHX would improve the performance of CO 2
refrigeration and heat pump systems[9]. Hence this paper presents a modified single stage CO 2 transcritical
refrigeration system with an IHX based on dual throttle valve and balancing reservoir with the control
devices.
This work has been developed in order to fulfil the experimental research of the new system

performance operating. The main objective is to study the optimal gas cooler pressures and the optimal COP,
the IHX thermal effectiveness and the dual throttle valve with the balancing reservoir control scheme in the
modified single stage CO 2 transcritical refrigeration system. So in this paper the test facility developed in
Section 2. The definition of the optimal high pressure determination problem and influence of using a new
dual expansion valve and a balance CO 2 liquid reservoir with the adjustment device on the operating of the
systems, together with the theoretical analysis of the systens performances with and without IHX, will be
faced in Sections 3-4. Section 5 will present the experimental results.

2.

EXPERIMENTAL PLANT DESCRIPTION
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Fig 1. Tanscritical CO2 Refrigeration system diagram with measurement points
Table 1. Dimensions of the heat exchangers
Heat Exchangers
Gas cooler
Evaporator
Configuration
Coaxial, single pass, 10 rows
16 rows
Inner Tube OD/Outer Ttube OD 6.35 mm/12 mm
9.5mm/16mm
Total Heat Transfer Area
0.9m2
1.9m2
Materials
Nickel-copper alloy tube
Table 2. Ranges and Uncertainties of Measuring Instruments
Measured variable
Measurement device
Calibration range
T-type thermocouple
-40.0-200.0
Temperature (°C)
Pressure
transducers
0-35
Differential pressure(bar)
Pressure(bar)
Pressure transducers
0-350
fluid volume rates (m3/h)
Magnetic flow meter
1-10
Refrigerant mass flow rate(kg/s) Coriolis mass flow meter 0-0.3
Power consumption (kW)
Digital wattmeter
0-6
Compressor speed (rpm)
Signal the inverter drive 0-1450

IHX
2 rows
16mm/20mm
0.15m2

Calibrated accuracy
±0.5
±0.1%
±0.1%
±0.5%
±0.2%
±0.5%
±1.5%

The test facility layout of transcritical CO 2 heat pump for simultaneous water cooling and heating with
instrumental positions is shown in Figure 1. It is divided into three parts: refrigeration and heat pump system;
water circulating system, and data acquisition system. The diameter is 10mm and the thickness is 1mm semihard copper tubes which chosen as the material for all system components. A 1.8P semi-hermetic
reciprocating CO 2 compressor was chosen for the experimental, a dual throttle valve with an liquid receiver
between them. The evaporator and the gas cooler are counter-flow tube-in-tube heat exchangers, where CO 2
flows in the inner tube and water in the outer annulus, a coaxial internal heat exchanger in counter current
layout, which are listed in Table 1. The double expansion used manual expansion valve is installed in order
to control the control the gas cooler high pressure and to allow the evaporating process to be regulated.
Circulating water system: including a cooling water, chilled water systems and the external balance of
water system components, the main equipment including pumps, turbine flow meters and other high-low
temperature thermostated container.
Data acquisition system: measuring ranges of instruments with uncertainties are listed in Table 2.
Thermocouples are placed over the pipe surfaces and pressure transducers immersed in the inlet and outlet of

each component. Coriolis flow meters are used to measure the CO 2 and water mass flow rate. The power
consumption to activate the compressor is recorded using a digital wattmeter. All the signals are taken by a
date acquisition system. It is acquisition to enable detailed investigations of the transient and steady state
performance of individual components and the overall systems.

3.

THERMODYNAMIC ANALYSIS

3.1.

SYSTEM THERMODYNAMIC ANALYSIS
The CO 2 enter the IHX is not a high temperature and pressure of liquid but the mixture of liquid and
supercritical fluid, which will affect the transcritical CO 2 refrigeration cycle performance. Meanwhile the
system high side pressure and temperature is independent, the overall system pressure and temperature
fluctuations will impact the system operation and performance in the certain conditions[10]. To solve this
problem, the system utilize the high and low side of the expansion valve throttling in two steps, which can be
well regulated low and high side pressure; System also with an intermediate pressure buffer, the CO 2 can be
stored up to an intermediate pressure. which can achieve a balanced high and low side pressure fluctuations.
As the figure 1 show the cycle has high, intermediate and low three pressure regions. The high is from the
outlet of the compressor to the First expansion valve. The intermediate pressure region begins at the outlet of
the First expansion valve through the balance liquid receiver to the Second expansion valve. The low
pressure region starts at the outlet of the second expansion valve through the evaporator to the compressors.
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Fig 2. T-S Diagram of the transcritical CO 2
Fig 3. Compressor isentropic efficiencies from
refrigeration and heat pump
different references
Shown in Figure 2 the T-S diagram of the transcritical CO 2 refrigeration and heat pump. The CO 2
refrigerant is compressed by the compressor which can be expressed as (b-c) section, at this time the state of
CO 2 is a supercritical fluid. Process (c-d) is the non-isobaric cooling, CO 2 supercritical fluid is through the
gas cooler, which put the heat rejection into the cooling water. Then CO 2 through the IHX (d-e), which put
the heat transfer into low temperature and pressure subcritical CO 2 (a-b) which can make the compressor
overheating to prevent fluid strike. After that the mixture of liquid and supercritical fluid CO 2 pass the First
expansion valve throttling (e-f) to a saturated mixture of liquid and gas. CO 2 stored in the intermediate
pressure conditions in the receiver which is designed to the top inflow and the bottom outflow, so only the
liquid of CO 2 refrigerant can flow into the second expansion valve throttling (f-g). Next CO 2 throttle to low
temperature and pressure state into the evaporator and absorb heat from the chilled water, finally into the
compressor (g-a) complete the transcritical CO 2 cycle.
The experimental plant difference is that: a two stage expansion system with a liquid receiver between
stages is installed in order to control the gas cooler high pressure and to allow the evaporating process to be
regulated. The valve 1, 2, 3, 4, 5, 6 can adjust the intermediate heat exchanger and the throttle switch state, It
can easily convert experimental conditions and measurement.

3.2.

Optimal high-pressure side pressure derivation
When the high side pressure is above the critical value ,due to a high ambient temperature, the system
will be in transcritical cycle, as shown in the corresponding T-S diagram in Fig 2. An optimal high side

pressure corresponding with its maximum cooling COP at a specific ambient water temperature can also be
found through cycle analysis. Thermodynamic analysis below is derived relation corresponds to maximum
cooling COP of the best high-pressure in the loop condition.
CO 2 cooling capacity:
(1)
qc = ha − hg
Compressor input power:

w0 = hc − hb

(2)

Coefficient of performance:

COP =

qc ha − hg
=
w0 hc − hb

(3)

The heat load of IHX:

qIHX = hb − ha = hd − he

(4)
, the best high-pressure side pressure can be obtained by solving

[11]

Available by the mathematical derivation
the following differential equations:

∂COP
=0
∂Pcond

(5)

Equation (3) high-pressure side pressure partial differential derivation of finishing available:

COP ∂w0
∂qc
=0
w0 −
∂Pcond
w0 ∂Pcond

(6)

Equation 6 into the compressor isentropic coefficient:

ηis =

hcs − hb
hc − hb

(7)

Replace the equation can be obtained:

∂qc
∂ (hcs − hb ) ηis
= COP
∂Pcond
∂Pcond

(8)

Thermodynamic analysis to determine the possible impact parameters of the equation (8). Can draw the
best gas-cooler pressure in transcritical CO 2 systems to achieve the optimal COP. Isentropic efficiency of the
compressor has a direct relationship. In order to compare the current model with that of, different
expressions of the compressor efficiency from open literature[5,8,9] were used. The detailed forms are as
follows:
Brown et al[12].:
(9)
ηis = 0.9343 − 0.04478RP
[13]
Liao et al .:
(10)
ηis = 1.003 − 0.121RP
[14]
Pettersen et al .:
(11)
ηis = 0.994451 − 0.107987( RP ) 0.714
[15]
Robinson et al .:
(12)
ηis = 0.815 + 0.022 RP − 0.0041( RP ) 2 + 0.0001( RP ) 3
[16]
Y.T.Ge et al .:
(13)
ηis = A(1 − RCOP ⋅ RP ) = 0.7595 − 0.0328RP
Fig 3. Shows the relationship between isentropic efficiency and pressure ratio. Liao et al.'s model was
obtained by best fitting the experimental data of a CO 2 compressor from Danfoss is suitable for R P >2.
Starting from close values, Brown et al.'s model is relatively similar to that of Robinson et al.'s, while Liao et
al.'s model decreases much faster and goes below 0 at R P >8.9, which is obviously impossible for commercial
products. This is not a major concern since R p lies between 2 and 5 in most of the cases. Robinson and
Petterson proposed a model formula, it is fitted by the polynomial method and the least squares method, the
complex formula and general accuracy. YT.Ge proposed the isentropic efficiency is subject to standard
conditions of performance than the R COP and pressure ratio of the R P influence. R P is in the range between
2.5 to 3.33. Isentropic efficiency with pressure ratio increased was linear relationship between the decreasing

trend, the model of the arithmetic average error of only 2.5%. Verified by experiment, however, the optimal
pressure of the system by the other system parameters such as: the efficiency of the IHX, evaporator, the
evaporation temperature and evaporation pressure, the parameters of the system refrigerant flow rate and
ambient temperature.

4.

EXPERIMENTAL RESULTS AND ANALYSIS

Operation and efficiency of transcritical CO 2 refrigerant heat pump systems are highly influenced by
pressure and refrigerant temperature at the gas cooler outlet[17], these variables being independent in the
supercritical region , therefore, the test campaign was designed in accordance with the independence of these
variables. The experimental tests were performed for fixed gas cooler refrigerant outlet temperatures
operating at fixed evaporating temperatures while varying the gas cooler pressure. Therefore through the
double stage expansion system to adjust the high side pressure from 75bar to 120bar and the evaporation
temperature from -10°C to 10°C. Regulator control valve 1,2 and 3,4 the use of state intermediate heat
exchanger, thus transcritical CO 2 refrigeration system performance test variable conditions.
Dual throttle valve analysis

The first throttle outlet temperature th/℃
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Fig.4 The First throttle outlet temperature vs the
pressure changes of gas cooler
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Fig.5 The Second throttle outlet temperature vs the
pressure changes of gas cooler
The double stage expansion system consists of a pressostatic expansion valve that is employed for the
first expansion and an expansion valve for the second. The first expansion stage, performed by the
pressostatic expansion valve, allows the gas cooler outlet pressure to be controlled, and the second enables us
to control the evaporating process by means of the expansion valve whose sensors are placed at the inlet and
outlet of the evaporator. The liquid receiver is placed after the first expansion stage in order to regulate the
mass of refrigerant in the plant. Plant regulation is performed by two auxiliary systems. The first one,
devoted to controlling the heat rejected in the gas cooler, consists of a loop working with water that allows
the required refrigerant outlet temperature to be obtained at the gas cooler. The second one, which is used to
supply the evaporator with the refrigerant load, consists of a loop working with an water that enables a
constant pressure to be maintained in the evaporator.
Figure 4 and 5 shows the system the First and Second throttle valve outlet temperature at different
evaporator temperatures along with the gas cooler pressure curve. It can be seen: in a certain evaporating
temperature with the gas cooler pressure increases, the dual throttle valve CO 2 outlet temperature different
trends. The two figures reflected: the First throttle valve CO 2 outlet temperature sensitive to the pressure
change which is downward trend. The Second throttle valve CO 2 outlet temperature relative to pressure
changes which is unchanged. The reason is that: when CO 2 get through the First throttle valve which is the
supercritical fluid and liquid mixed state, and in the supercritical region, the temperature and pressure are
two independent variables, so by the high-pressure side pressure and throttling expansion showing the outlet
temperature decreases. The larger pressure of the gas cooler, the lower temperature corresponding to the
outlet throttle, because the same to throttle opening, the inlet pressure the greater the throttling effect more
obvious which lead to the lower the temperature. After that the CO 2 saturated mixture of liquid and gas
stored in the intermediate pressure conditions in the receiver which is designed to the top inflow and the

bottom outflow that balance the system pressure fluctuations, reduce the high side pressure on the influence
of temperature, only the liquid of CO 2 refrigerant can flow into the second expansion valve throttling.
Subsequently, the CO 2 reservoir inside the saturated liquid refrigerant into the low pressure side of a second
throttle valve throttling. So low pressure side throttle outlet temperature follow the gas cooler pressure
changes it almost no impact. In general, As the evaporation temperature increased, dual throttle valve system
outlet temperature is higher, which is a positive relationship with the evaporation temperature.
Whole system performance analysis
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Fig 7. Different evaporation temperature compFig 6. Variations of the COP with respect to high
ressor power vs gas cooler pressure
side pressure
Figure 6 shows the experimental values of the COP reached by the plant operating at evaporating
temperatures of -10°C to 10°C, respectively, at cooling water outlet temperature of 55°C for a wide range

of gas cooler pressures. From the experimental measurements which were observed that a
maximum efficiency is given for a certain gas cooler pressure. This optimal pressure strongly
depends on the evaporating temperature, since the lower evaporating temperature is the higher the
optimal gas cooler pressure will be. Furthermore, a high COP decrease was measured when the gas
cooler pressure was below the optimal value. When the optimal high side pressure, the system COP
emergence of a peak, then the system high side pressure increases, caused by the cooling capacity
incremental decreases, so COP negatively correlated with gas cooler pressure, COP of the overall trend is
first increased and then decreased. When the evaporation temperature of -10°C, as their corresponding
optimal high side pressure is 82bar, the COP of 2.15, when the evaporation temperature of 10°C, it
corresponds to the optimal high side pressure of 101bar, its COP is 3.82. It can be obtained: When the gas
cooler pressure changes in the optimum range, increasing the circulation of the evaporation temperature, can
improve system performance factor, but will increase the system pressure requirements, resulting in
increased system costs. So in the system design process, should take full account of the system COP
improved relations with the increased cost pressure to find an optimal range, will make the system optimal.
Figure 7 can be analyzed, to a certain evaporation temperature, the pressure increases as the gas cooler,
compressor power consumption also will increase, a positive linear relationship, The average power
consumption increases the range of 12.73W/bar. This is because with the increase of compression
ratio,which lead to compressor suction reduced efficiency. Resistance increased up to run piston, shaft power
increase, which led to the increase of its power consumption[18]. In the evaporation temperature from -10°C
to 10°C in the process, the compressor power consumption is also positively related to the increasing trend.
There are two factors affect the change in shaft power: 1. Suction vapor specific volume decreases, which
make the system the amount of refrigerant mass circulation increases, the required shaft power for a rise. 2.
Compression ratio decreases, making the unit mass of refrigerant compressed power required decreases, the
shaft power have reduced impact. Usually when the evaporation temperature is high, the first factor prevails
and vice versa.
4.3.

IHX influence on the energetic parameters
The widespread parameter used to characterize the performance of a heat exchanger is called thermal
effectiveness, which corresponds to the ratio of the actual heat transfer rate by the second law of

thermodynamics. Considering the IHX set up on this facility, this parameter can be expressed using CO 2
enthalpies, as the actual enthalpy increment of the refrigerant at low pressure in the IHX divided by the
enthalpy difference of the CO 2 at low pressure evaluated at the inlet temperature of the CO 2 at high pressure
and of the refrigerant at low pressure at the inlet of the IHX.

ε=

QIHX hL ,o − hL ,i
=
Qmax hH ,i − hL ,i

(14)

To give a qualitative justification of the variation of the IHX thermal effectiveness, the behaviour of the
CO 2 is an ideal gas, neglecting the possible heat transfer from the IHX to the environment, since it is
completely isolated. Accordingly, equation (14) can be rewritten as:

ε≈

cp
cp

HP
LP

⋅

TL ,o − TL ,i

(15)
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Fig 8. IHX efficiency with the trend of high pressure side pressure
Figure 8 shows the different evaporation temperature and pressure vs the IHX efficiency trends. With
the pressure increases, the temperature of IHX inlet refrigerant is increased. The temperature difference
increases resulting in decreased heat transfer efficiency. The gas cooler outlet temperature is higher than the
critical temperature of CO 2 , cooling pressures above the critical pressure, temperature and pressure are
independent of each other, so when pressure up to 93bar, the IHX efficiency is almost independent of the
change with pressure. When the evaporation temperature from -10°C to 10°C, the efficiency decreases
because of the evaporation temperature is lower, on both sides of the IHX temperature difference is bigger.
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Fig 9. P c percentage variation vs pressure
Fig 10. COP percentage variation vs pressure
The vapour superheat introduced by the IHX, besides causing a reduction of the CO 2 mass flow rate,
also increases the ideal specific compression work. Thus two contrary affect the compressor power
consumption, the reduction of the mass flow rate and the increment of the specific compression work, which

115

can reduce or increase its value. In order to quantify the influence of IHX on this parameter, the percentage
variation of the compressor power consumption with regard to the operation of the plant without the IHX has
been evaluated with equation (16) [19]:

RPc I (%) =

Pc − Pc '
⋅100%
Pc '

(16)

The variables that make reference to the operation without the IHX are denoted with P c '. Figure 9 shows
the impact of relative power index RP c I compressor with the pressure and the evaporation temperature
change trends. IHX slightly affects the compressor power consumption, because as the pressure decreases
and the evaporation temperature rises, causing the compressor pressure ratio decreases, increased compressor
power. Also when the high pressure over 100bar and evaporation temperature below 0°C, with IHX system
compressor power is relatively low, it can be inferred in this state, without the IHX transcritical CO 2 systems
have a high compressor power.
From thermodynamic analysis results presented that the use of the IHX is positive for system, since the
cooling capacity increases and the compressor power consumption is slightly reduced. In order to quantify
the improvement on efficiency, the percentage increase on COP has been calculated using equation(17)[19]:

RCOPI (%) =

COP − COP '
⋅100%
COP '

(17)

Where COP' denotes the operation of the plant without the IHX. As can be seen from Figure 10, The
results obtained from the plant confirm that the use of the IHX is advisable in the transcritical region, since
there is an improvement on COP as well as on the cooling capacity nearly in all the tests carried out. The
parameters that influence the COP enhancement are the same as on the cooling capacity, being the
improvements higher at low evaporating temperatures, high gas cooler outlet temperatures and gas cooler
pressures near the transcritical region. Finally, when the high side pressure over 110bar, evaporation
temperature of about 5°C, the without IHX system COP is greater than with IHX system, increased about
3% to 5%, it can be inferred as pressure continues to rise, evaporation temperature increases, without IHX
system COP will be even better.

5.

CONCLUSIONS

Aiming to improve the energy performance of a new modification facilities with a dual expansion valve
and a balance CO 2 liquid reservoir systerm that could be implemented has been analyzed, and the influence
of the IHX on CO 2 transcritical refrigerating plants is evaluated from an thermodynamic point of view in this
work. All the results being based on experimental tests. Conclusions are as follows:
1.With the IHX system compressor power is relatively low, when the high side pressure is over 100bar,
and the evaporation temperature is below 0°C. The COP of the system without IHX is slightly higher than
the system with IHX, it is increase about 3% to 5%, when the evaporation temperature is over 5°C.
2.The new configuration consists of the balance liquid receiver, reducing thus its pressure and also the
enthalpy of the saturated liquid in order to reduce the total superheating degree and the discharge
temperature of the compressor, however the use of the IHX was associated with an increase on compressor
discharge temperature. which impact on the system need to be to continue to study.
3.The dual throttle and balance liquid receiver can control high and low side pressure effectively, with a
good balance of high and low pressure side of the pressure fluctuations. Relative to the single-throttling
process it can decrease the enthalpy loss and the heat exchanger pressure drop, ameliorate CO 2 supercritical
fluid and liquid mixture impact on the system.
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MAGNESIUM HYDROXIDE - EXPANDED GRAPHITE COMPOSITE PELLETS
FOR A PACKED BED REACTOR CHEMICAL HEAT PUMP
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INTRODUCTION
The chemical heat pump is a promising technology for the recovery of waste heat from industrial
processes or cogeneration systems. It can be used for storing the surplus heat during low demand
periods and release it for shaving the heat peak demands, with a benefit for the overall system efficiency.
In this work, a packed bed reactor chemical heat pump based on the dehydration and hydration of
magnesium hydroxide has been investigated. Due to its high thermal conductivity, expanded graphite
was mixed with magnesium hydroxide to enhance heat transfer. The composite material, named EM,
was developed and tested experimentally in order to understand the effects of expanded graphite on the
chemical reactions occurring in the packed bed reactor.
PRINCIPLES AND GOAL OF THIS STUDY
In this work the CHP is based on magnesium oxide (MgO) and water (H2O) adsorption reaction and the
thermal decomposition of magnesium hydroxide (Mg(OH)2) into MgO and H2O. Fig. 1 shows a
schematization of the CHP cyclic reactions.
H2O(g)

H2O(g)

Heat input
(400°C)

Condensation
heat (20°C)
PBR

WR

Mg(OH)2(s)→ MgO(s)+H2O(g)

Heat output
(130°C)

Evaporation
heat (80°C)
PBR

(dehydration)

WR

MgO(s)+H2O(g)→ Mg(OH)2(s)

(hydration)

Fig. 1 The CHP cycle (PBR: packed bed reactor, WR: water reservoir)
Its operability was already demonstrated in previous work from Y. Kato et al. (2003). The following
equilibria show the principle with more details:
MgO (s) + H2O (g) ↔ Mg(OH)2 (s) ∆H°1 = - 81.0 kJ mol-1
H2O (g) ↔ H2O (L)
∆H°2 = - 41.0 kJ mol-1

[1]
[2]

The right direction reaction in Eq. [1] is called hydration. It is an exothermic reaction and corresponds
to the heat output mode of the CHP. The left direction reaction in Eq. [1] is called dehydration. It is an
endothermic reaction and corresponds to the heat storage mode. Despite being suitable materials for
storage of waste heat, Mg(OH)2 and MgO have poor heat transfer properties; it means that for using the
CHP technology, large surface for heat exchangers and sophisticated engineering are required, therefore
high costs. To overcome this problem, expanded graphite (EG) had been used as binding material to
enhance the heat transfer properties of adsorption salts. EG (Fig.2) is characterized by a high thermal
conductivity, chemical stability and does not react with adsorbents. It is obtained by thermal treatment
from natural graphite flakes. The EG particles have a worm-like shape (Fig.3) characterized by a large
surface, which may host the Mg(OH)2 particles. A composite material, named EM, was obtained by
drying a mixture of Mg(OH)2 powder, EG and water. Mg(OH)2 powder was obtained by crunching and
sieving pure Mg(OH)2 pellets (over 99.9% purity of Mg(OH)2, UBE Material Industries) (Fig.4). EM
was compressed into pellet shape (diameter φ= 7.1 mm, thickness h = 3.8 mm). The mass ratio of
Mg(OH)2 to EG was fixed as 4:1, therefore the composite was called EM4. The EM4 pellets are shown
on Fig. 4.

100µ
µm

Fig. 2 Expanded graphite

Fig. 3 SEM photo of expanded graphite

Fig. 4 Pure Mg(OH)2 pellets

Fig. 5 EM4 pellets

Experimental apparatus and method
The experimental apparatus is an assembly of a vacuum chamber and a water reservoir (WR); they are
linked by a heated tube. A cross section of the vacuum chamber, which contains the PBR, is depicted in
Fig. 6. Heat is supplied through a sheath heater wrapped on the side surface of the reactor. The
chamber is mounted over an electric balance: the reactor’s weight change is caused by the movement of
water vapor from the packed bed to the WR or vice versa during the chemical reactions. K-type sheath
thermo couples measured temperatures at positions indicated as T1 to T7 in the packed bed. The weight
and temperature changes were recorded simultaneously during heat pump operations.
Sheath heater

Packed bed of pellets
∅ 48

(PBR)

T7

Thermocouple
position
Reactor support

T5

T4

T6

12

T3

12

T2

12

T1

12

48

Units: [mm]

Vapor inlet/outlet
from/to the water reservoir

Fig. 6 Cross section of the vacuum chamber containing the packed bed reactor

The reactor’s weight change, ∆m [g], is caused by the movement of water vapor which moves from the
packed bed and condenses into the water reservoir. The mole reacted fraction, x [-], is calculated by:

x = 1+

∆m / M H 2O

[3]

m Mg (OH )2 / M Mg (OH ) 2

where mMg(OH)2[g] and M [g·mol-1] are respectively the initial amount of reactant charged in the bed and
the molecular weight of substance. Both dehydration and hydration saturated before reaching
completion under the reaction conditions. To obtain an objective comparison of reactivity, the mole
reacted fraction change is defined as follows:

∆x = x − xini

[4]

where xini is the initial reacted fraction of the reaction cycle. It was set at a constant value.
From periodic recording of weight it is possible to calculate the ∆x, observe the reaction progress and
calculate the stored energy per unit mass, Qm [kJ kg-1], by using the following equation:

Qm = −

∆H
M Mg ( OH )2

⋅ ∆x ⋅

mMg (OH )2 in the packed bed
m packed bed

[5]

At dehydration operation, the PBR heater was controlled to reach and keep the temperature of T5 at
400°C. Dehydration operated until a steady state of temperatures and weight change were reached at the
PBR. Generally the reaction was terminated after at least 90 minutes. After cooling down the PBR to
90°C, the hydration reaction was conducted by supplying saturated water vapor at a temperature of 80°C
(saturation pressure is 47 kPa). The gross heat output, qm [kJ kg-1], that is the energy released per unit
mass, is defined by the following equation:

qm =

∆H
M Mg (OH )2

⋅ ∆x ⋅

mMg (OH )2 in the packed bed
m packed bed

[6]

It is possible to evaluate finally the mean heat output rate, wmean [W kg-1],

wmean =

qm
th

[7]

where th [min] is the elapsed time during the hydration reaction.
The properties of the packed beds are summarized in Table 1.
Table 1: The properties of the packed beds used in this work
Material
Mass [g] Volume [cm3] Density [kg m-3] Void fraction
Mg(OH)2 pellets
44.0
70.3
625.8
0.35
EM4
39.4
87.3
451.3
0.54
RESULTS AND DISCUSSION
Fig. 2 shows the time dependent temperature at the center of the PBR as shown as T3 in Fig. 6 and the
reacted fraction change ∆x. Compared to Mg(OH)2, EM4 is characterized by a steeper temperature
profile curve, which means that EG enhanced the heat transfer into the packed bed. This benefit is
translated in a higher reaction rate, therefore energy could be stored in a shorter time. It was observed
that for EM4 composite the dehydration could start within 5 minutes of heat supply. From the reacted
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Fig. 7 Dehydration reaction comparison
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fraction change ∆x, the stored energy per unit mass, Qm, could be obtained. Results are shown on Fig. 3,
in particular evaluated after 5, 10 and 30 minutes of reaction progress. It was calculated that EM4 could
store 143 and 553 kJ kgpellet–1 of thermal energies after 10 and 30 min, respectively. Those values
corresponded to 7.7 and 1.3 times of stored thermal energy for Mg(OH)2 pellets, respectively.
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30 min
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100
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Mg(OH)2

EM4

Fig. 8 Stored energy after 5, 10, 30 min of dehydration
(*Mg(OH)2 had not yet stored energy after 5 min).

Similar phenomena were observed at the results obtained in the hydration reaction (Fig. 9). It was
observed that the mole reacted fraction change ∆x, evaluated since after introducing water vapor in the
chamber, is higher in case of EM4 than for Mg(OH)2 pellet. The conversion obtained after 90 minutes
of reaction is also higher. After evaluating the gross heat output qm (Eq. 6), the mean heat output rate
wmean (Eq. 7) resulted as shown in Fig. 10. The results show that EM4 has an higher power output than
Mg(OH)2 pellets, hence it is suitable for an immediate and high release of energy, which is suitable for the
operations of heat load leveling in cogeneration systems. More detailed study on the influence of
parameters such as Mg(OH)2 to EG mixing ratio and density of pellets are required to optimize the
performances of the EM composite in order to fit a wide range of applications (for instance recovery of
waste heat from steel making industry, power stations and cogeneration systems.)
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Fig. 10 Mean heat output rate after 5, 10, 30 min
of hydration operation.

Future investigations will consider to find a way to reduce the void fraction of EM4 packed bed,
as it is a limitation to the heat transfer and consequently to the overall performance of the cycle.
Optical microscope photographs from Fig. 11 to Fig.14 show a comparison between fresh and
used EM4 pellets. They showed a suitable durability to cyclic experiments, constant
performance and very limited exfoliation of material or failures.

1 mm

1 mm

Fig. 11 Fresh EM4 pellet, top surface

Fig. 12 Used EM4 pellet, top surface

1 mm

1 mm

Fig. 13 Fresh EM4 pellet, side surface
CONCLUSION

Fig. 14 Used EM4 pellet, side surface

A composite material made of Mg(OH)2 and EG, called EM, was developed and tested on an CHP
apparatus. EG enhanced the thermal conductivity and allowed accelerating the dehydration reaction.
EM4 pellets began to store heat earlier than pure Mg(OH)2 ones and could accumulate a larger amount of
thermal energy per unit mass: EM4 could store 7.7 and 1.3 times the energy that was stored in Mg(OH)2
after 10 and 30 minutes, respectively. Higher mean heat output rates were also observed for the
hydration operation. Further investigation on optimization of Mg(OH)2 to EG mass ratio, density of
pellets and void fraction of packed bed are required in order to fully understand the effects of EG on heat
transfer properties and chemical reactions.
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NOMENCLATURE
Mg(OH)2:
MgO:
EG:
EM:
∆H°:
m:

magnesium hydroxide
magnesium oxide
expanded graphite
composite material obtained by mixing Mg(OH)2 and EG
enthalpy of reaction [kJ mol-1]
mass [kg]

M:
x:
xini
∆x
Qm
qm
th
wmean

molecular mass [kg mol-1]
mole reacted fraction [-]
initial mole reacted fraction of the reaction cycle [-]
mole reacted fraction change[-]
stored energy [kJ kg-1]
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Abstract
Heat-powered cycles (HPCs) are well established in many areas of life. The heat pump (vapour
compression cycle) is becoming an essential feature of houses in many countries, and mechanical
vapour recompression systems are popular in the food and drink sector of the process industries.
However, historically, earlier energy crises have spurred many advances in the use of HPCs in
industry - the coal crisis in the 1940s and the oil crises in the 1970s being noteworthy examples.
More recently, in spite of technological advances in materials and manufacturing technologies, in
particular in furthering intensification and miniaturisation, the benefits these have brought to HPCs
seem to have neglected uses in the process industries. This needs remedying, if competitiveness,
coupled with carbon emission reductions, are to retain and strengthen their important position in
industry.
In conjunction with the examination of some early examples of HPCs where size and cost may
have inhibited investment, this paper presents some heat transfer and manufacturing technologies
that might help to break perceived cost barriers to further process use of HPCs.
Introduction
The process industries are striving to reduce energy costs, and have engaged in such activities for
decades. Oliver Lyle's 'The Efficient Use of Steam', first published in 1947 when Britain was in the
throes of a severe post-war energy shortage (Lyle, 1947), was regarded as the steam-users' bible if
one was targeting energy efficiency. Waste heat recovery, including the use of excess steam,
featured here, as it did a year earlier (1946) in a conference organised by The Institute of Fuel (now
The Energy Institute) on 'Waste Heat Recovery from Industrial Furnaces'. The theme was
continued in 1961 where 21 papers were presented in Bournemouth, UK on topics ranging from
waste-heat boilers to waste-heat recovery in the ceramics industry (Anon, 1961). Interestingly, at
this time coal provided 70% of the UK's energy needs.
It was the heavy industry sectors that featured in the 1960s as users of heat-powered cycles. In
nitric acid production, for example, both gas turbines (using let-down pressure recovery from hot
gases) and steam turbines (fed by waste-heat boilers) that was prominent, (Nonhebel, 1961). While
the 500 kW expander highlighted by Nonhebel was able to recover 60% of the power consumption
of the plant, he cited examples in Europe and North America where turbines were driving rotary air
compressors that supplied all the plant power needs. On another plant, vapour recompression on an
ethane/ethylene distillation column was used to provide high-grade heat for the re-boiler - a
practice in UK chemical distillation plant that seems to have deserted us, Fig. 1.
If we jump forward another 15 years to the oil crises of the 1970s we again find a substantial
literature on heat-powered cycles directed at industrial processes. R&D was typified by the efforts
of the European Commission in their 4th Framework Programme, where I recall many projects on
organic Rankine cycle (ORC) machines, as well as absorption cycle machines, and subsequently,

process heat transformers (Reay, 1982; Engelhard, 1982). One of the highlights was a study by
MBB in Germany of the potential for ORC units in the chemical industry - a potential that was
never realised.

Figure 1. Vapour recompression on an ethylene column (Nonhebel)
Coming to the present time, there were several highlights in the European HPC scene in 2011. The
Delft ORC Seminar in September attracted over 200 delegates and many papers (Web 1), including
some process-related papers, and the Nuremberg Heat Pump Summit, also in September, featured
several contributions related to the ever-interesting topic of industrial (including high temperature)
heat pumps (see for example Paaske, 2011). Nevertheless, heat-powered cycles are now more
commonly associated with domestic combined heat and power (DCHP) or micro-chip cooling!
This neglects a major market - the process industries - that micro-systems and decentralisation may
not satisfy in the future, unless there is a radical rethink.
Energy Use in the Process Sector
It is useful to identify the end uses for energy in the industrial sector - this of course allows us to
focus on the demands for energy provided by the HPC machine. Lambauer et al (2011) in their
presentation at the Heat Pump Summit, listed the final energy demand in German industry in 2008
as follows, the total being 2529PJ:
Table 1. Final Industrial Energy Demand in German Industry (2008)
Application
Process heat
Cooling
Process cooling
Power
ICT (Electronics
etc.)
Illumination
Heating
Hot water

Amount
(PJ)
1616
18
18
587
33
40
192
23

It is striking to note how small the cooling duty is in German industry. One anticipates that
cooling demands will grow, particularly in the food and drink sector, where
chilling/refrigeration/freezing are commonplace. We can perhaps get a better picture of the food
and drink sector if we look at the breakdown of its energy use in the UK, in Fig. 2 (Law et al,
2011).

Other uses
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Refrigeration
7%
Electric
motors
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temperature
processes
64%
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Figure 2. Energy use breakdown in the UK food and drink sector (Law et al, 2011).
Here refrigeration plays a somewhat greater role (7% compared to about 1% in the whole sector),
and energy use in low temperature processes (some of which may involve an electrical input) is
substantial. However, here a 'low temperature process' is one operating at less than 250oC, which
stretches a lot of 'HPCs' used for upgrading heat. So it is not just economics that we need to
address, it is temperature lift and/or absolute operating temperature.
As a recent convert to 'renewables' (in part), there is one additional area to mention - the use of
solar heat to drive processes. The IEA Solar Heating and Cooling Programme (Anon, 2012),
within Task 49 has identified process integration and process intensification, combined with solar
process heat, as important areas to aid new applications of solar (thermal/UV) technologies in
industry. Increased recognition may thus be given in industry to solar absorption, adsorption and
possibly solar ORCs. It is very interesting that the potential cost-reducing factors of integration and
intensification are brought to the fore as the capital cost of renewables can be excessive.
Proposing Solutions
If we look at Fig. 3, (Law et al, 2011), it can be seen that capital outlay varies depending upon the
form of energy recovery in which we wish to invest. Heat pumps, ORC machines and absorption
(not to forget adsorption) cycles are third in the pecking order, as determined by their capital (or
installed) cost. Regardless of the perceived benefits in terms of energy cost savings, the first cost
is often the headline figure that attracts the accountants' eyes. Heat-powered cycles unfortunately
still tend to be expensive compared to other energy-saving equipment, and while in the UK we
used to enjoy good financial support for improved process technologies from Government, the
trend now is seen as 'mean', not 'green'!
An interesting aspect of cost that is sometimes overlooked is the influence of the working fluid on
both capital and operating costs. Gluckman (2012) dramatically illustrates the impact of working

fluid (in this case refrigerant) choice on the total owning cost of hermetically sealed and distributed
refrigeration systems, ranging in size from fluid capacities of <1kg to very large units (>250kg). It
is interesting to note that for very small units Gluckman lists the fluids in terms of increasing cost
as HCs, HFCs, HFOs, CO2, and NH3. For very large units the order is essentially reversed, the
lowest cost being attributed to systems using ammonia, followed by CO2, HFCs, HFOs and HCs.
the HFC option is under threat as they have high global warming potentials (GWPs), while HFOs
(hydrofluoro-olefins) may displace them - HFO1234ze is one under consideration. In some
instances equipment cost rises will be due to the perceived hazards associated with the use of 'new'
fluids. This will inevitably apply to Rankine cycles and absorption/adsorption cycles, although for
the latter the choice of fluids has not undergone the seismic shift seen in vapour
expansion/compression cycles.
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Figure 3. Capital outlay of various heat recovery options, (Law et al, 2011).
So what can we do to address the perceived cost disadvantage of some HPCs, particularly when
they are competing with 'conventional' energy-saving techniques in industry?
Here the opportunities for reducing the capital and installed cost of the equipment in a number of
ways are examined, including the use of compact heat exchangers, as suggested by Kew et al
(2011). Has miniaturisation got a role to play in the process sector, as opposed to electronics
thermal management etc, (Determan et al, 2011)? Going the extra mile - can process intensification
of the HPC unit operations (Reay et al, 2008), or more extensive integration with the principal
processes in the factory, help to overcome the first cost barrier. This can of course bring fluid
inventory benefits where this may be a significant cost. Of course all HPCs have a common factor heat exchangers.
Heat Exchangers
The heat exchanger is an essential component of most heat-powered cycles and related systems.
The number of heat exchangers may be several - the absorption cycle refrigerator or heat pump
may easily have six or seven, and it would be logical to 'integrate' these into a single block. This is
of course commonly done in multi-stream plate-fin heat exchangers (compact heat exchangers -

CHEs) for LNG and ethylene duties. One of the most amenable to this form of integration was the
highly compact heat transfer surface invented by Dr. John Hesselgreaves when at NEL in the UK.
The form, shown in Fig. 4, was patented and subsequently sold to Chart, where it forms the basis
of both CHE and micro-reactor units, (Anon, 1992).

Figure 4. The Hesselgreaves highly compact heat exchanger surface. (Courtesy John
Hesselgreaves)
An EU CRAFT project (Reay et al,1998) involving the German company Absotech and HeriotWatt University led to the design of an absorption cycle unit (ammonia-water) having a cooling
duty of 100 kW and a core size of 1000 mm x 550 mm x 200 mm, or 0.11 m3. (Compare this

with the unit, also rated at 100 kW, in Fig. 8).
More recently the work at Garimella's Georgia Institute of Technology's laboratory (Determan et
al, 2011) has led to the successful testing of a 300 W nominal cooling capacity ammonia–water
absorption heat pump with overall dimensions of 200 × 200 × 34 mm, operating over a range of
heat sink temperatures from 20 to 35 °C with 500–800 W of desorber heat input. This was directed
at mobile and portable uses, but with a volume of 0.00136 m3 it would approach the compactness
of the Hesselgreaves unit (for a 100 kW unit, all other things being equal, the Georgia unit would
scale to 0.45 m3). The 'shims' incorporating the several components are shown in Fig. 5.

Figure 5. Individual units of the absorption unit on shims. (Determan et al, 2011)
Of course the first of these 'super-compact' heat exchangers on the process scene was the Heatric
Printed Circuit Heat Exchanger (PCHE). This has appeared subsequently in a number of guises,
including the Japanese variant illustrated in Fig. 6, and used in a CO2 heat pump (Tsuzuki et al,
2009), directed at minimising the pressure drop, but the first PCHEs were designed for solar-

powered absorption chillers - offering several advantages over the commercial product current at
the time - the Yazaki unit, and thereafter for a compact 're-engineered' vapour compression cycle
chiller package.

Figure 6. S-shaped fin micro- channel heat exchanger.(Tsuzuki et al, 2009)
What we have in our armoury now is the ability to carry our 3D printing/rapid
prototyping/selective laser remelting (Web 2). These techniques should allow us construct our heat
exchangers and associated headers etc. in ways and forms that to date have been impossible - for
example the unit made for SES Ltd. shown in Fig. 7.

Figure 7. The structure feasible by making surfaces using Selective Laser Remelting (Courtesy
SES Ltd.)
Most of the advances made in compact and micro heat exchangers, with notable exceptions such as
the plate-fin heat exchanger, have bypassed the process industries - this is understandable due to
concerns about fouling and misapprehension about scaling up - something which has been
overcome, albeit over a period of several years, by chemical process intensification.
Now is a useful point at which to introduce the Lang factor (see for example Amigun et al, 2009).
The Lang factor is the ratio of the total cost of installing a process in a plant to the cost of its major
technical components. For a predominantly fluids process plant it is 4.7. This ties in well with the
observations of Dr. Alan Deakin, then BP heat transfer engineer speaking at a HEXAG meeting
(Web 2) in 1994: "In a new plant, where minimum cost is the goal, installation costs can be 4-5
times the capital cost of a shell-and-tube heat exchanger, and 2-3 times the cost of a plate heat
exchanger (PHE)". For heat exchangers, further cost comparisons are given in Reay (1999). Just
before we move onto heat pumping systems, Fig. 8 (Mezon, 1985) illustrates a laboratory

prototype absorption heat pump of 100 kW duty. Could intensification help this concept to
penetrate the marketplace?

Figure 8. A prototype 100 kW high temperature absorption heat pump (Gaz de France)
Heat Pumps/Chillers
Heat pumps (and other heat pumping cycles) are, in their process/industrial guises, characterised
by often large (see Fig. 9) and complex systems.

Figure 9. Absorption chillers at British Gas research centre. (A British Gas photo).
Annex 33, one of the around 40 Annexes supported by the IEA Heat Pump Centre, was established
in 2006 with Brunel University, Uxbridge, UK as the Operating Agent, or Annex manager, this
being subsumed to the author and Dr. Kew. With a three year timescale, the goals were as follows:
(a) to identify compact heat exchangers, either existing or under development, that may be applied
in heat pumping equipment, including those using vapour compression, mechanical vapour
recompression and absorption cycles. This had the aims of decreasing the working fluid inventory,
minimising the environmental impact of system manufacture and disposal, and/or increasing the
system performance during the equipment life, thereby reducing the possible direct and indirect
effects of the systems on the global and local environments.
(b) to identify, where necessary propose, and document reasonably accurate methods of predicting
heat transfer, pressure drop and void fractions in these types of heat exchangers, thereby promoting
or simplifying their commercial use by heat pump manufacturers. Integral with these activities was

proposed to be an examination of manifolding/flow distribution in compact/micro-heat exchangers,
in particular in evaporators.
(c) to present listings of operating limits etc. for the different types of compact heat exchangers,
e.g. maximum pressures, maximum temperatures, material compatibility, minimum diameters, etc.
and of estimated manufacturing costs or possible market prices in large scale production. It was
intended within this context that opportunities for technology transfer from sectors where massproduced CHEs are used (e.g. automotive) would be examined and recommendations made.
The outcomes of the Annex (Anon, 2010) were several, ranging from fundamental research on
boiling in narrow channels to guidelines for selecting and using CHEs in heat pumping systems.
Considerable market data were collected (including potential industrial uses of heat pumps in the
UK), and a number of novel heat exchanger concepts, including the use of new materials and the
application of process intensification methods, will, it is believed, allow equipment manufacturers
in the future to achieve the Annex aims.
Particular aspects that it is considered worth highlighting here are:
1. The increasing interest in and use of CO2 as a working fluid. This has implications in terms of
the equipment used and the concepts for heat pumping that might be applied.
2. The vast portfolio of research on heat transfer and fluid dynamics in narrow channels in CHEs.
The research highlighted in Sweden, Japan and the USA are of particular note. While much of this
has been conducted as fundamental research, or for applications such as electronics thermal
control, technology transfer to the heat pump sphere is occurring - such as the Japanese PCHE
illustrated in Fig. 6 earlier.
3. The role heat pumps could play in industry, where reduced payback times could be aided by
CHEs. The UK study highlights the market possibilities, where the opportunities for CHEs to
improve the attractiveness of heat pumps economically should allow the 6% savings to be
achievable. The major opportunities for heat pumps in chemical separation processes has, with the
exception of work in Sweden and units produced some decades ago by Sulzer, remained largely
unexploited.
4. There is a need to educate the heat pump industry in the use of CHEs, their merits and
limitations, and the types that are available. The use of materials other than metal, as indicated in
some of the research in the USA, could reveal new opportunities.
There are, of course, examples where experimental facilities may more conveniently accommodate
shell-and-tube units, and the EDF project (Bobelin, 2011) is no doubt one such example, where a
shell-and-tube condenser, similar evaporator and superheater are used, as shown in Fig. 10, but
successful commercialisation depends, in my view, upon careful analysis of Lang factors!
Annex 33 brought together many experts in the heat pump/CHE field and the Annex Report (Anon,
2010) has proved to be a major and constructive source of data for those interested in using CHEs
in heat pumping equipment. The efficiency of heat pumps is improving, thanks in part to effective
heat exchangers. The use of compact and micro-heat exchangers is also leading to cost and size
reductions that will hopefully accelerate their penetration into space conditioning and process
heating applications. When this occurs on a large scale, the heat pump will be seen to be one of the
most effective energy-saving devices in applications ranging from our home to petrochemical
plant.

Figure 10. High temperature heat pump (120oC) using R245fa as the working fluid. (Bobelin,
2011)
The Gas-turbine Reactor
The gas turbine, particularly in its closed cycle form, is an excellent example of process
intensification - one only has to read Hryniszak's book (Hryniszak, 1958) to appreciate that
recuperators etc. on gas turbines were being 'intensified' for mobile and static applications over half
a century ago. In a gas turbine the energy input is via an exothermic reaction, heat recuperation,
when practised, can be via compact heat exchangers, and energy conversion involves high speed
rotation. Energy densities and power-to-weight ratios are very high, particularly for aeroderivative units, and the performance of such systems, by their nature, is largely insensitive to
changes in orientation.
One of the limiting features of a gas turbine, and one which designers strive to overcome in the
search for improved efficiency, is the ability of turbine blades to withstand the high inlet gas
temperatures needed to improve cycle performance, (although concerns about NOx formation may
also limit the rises in temperature in the future). Moving blades and guide vanes employ advanced
cooling techniques, frequently based on bleed air flowing through complex internal passages, for
maintaining materials at acceptable temperatures.
An interesting synergy occurs in compact heat exchanger (CHE) technology - while the RollsLaval diffusion bonded CHE was discontinued (developed from the RB211 blade manufacturing
technique), the comparable and highly successful Heatric PCHE and Chart ‘Marbond’ heat
exchangers, do, however, offer another exciting possibility – the heat exchanger-reactor - as
compressor intercoolers or exhaust gas recuperators (Reay, 2002).
Inter-cooling between compressor stages improves efficiency, and an endothermic reaction on one
side of a CHE, using an appropriate catalyst, could give improved compressor air cooling – in each
stage of compression if necessary. Similarly, recuperation could be enhanced if exothermic
reactions could be initiated within the CHE recuperator. Of course one would need to analyse the

benefits of simple recuperation against those of perhaps reducing the recoverable heat energy, but
producing a value-added chemical product instead.
Ultimately other exothermic reactions may take place in a reconfigured 'combustion chamber', as
has been proposed in units such as the autothermal reactor gas turbine - leading to a novel,
intensified multi-stream reactor. Concepts such as the ‘gas turbine cracker’ have already been
studied, where the rapid heating and cooling within a gas turbine might be used to effect a
chemical reaction.
The basic concept of a 'gas turbine reactor' arose out of an investigation into catalytic combustion
carried out on behalf of the Energy Efficiency Office and seven industrial co-sponsors. Here work
on catalytic combustion as a way of reducing emissions in gas turbines was reviewed, as was the
heat exchanger-reactor, subsequently supported within the EEBPP with BHR Group and others.
The idea then gelled to bring catalytic reactions and heat transfer together wherever possible in a
gas turbine, so that it could benefit in terms of cycle efficiency, while retaining heat
production/recovery, (and/or the production of refrigeration), but adding the benefit of chemicals
production – combined heat, power & chemicals.
By adding reactions the gas turbine could become an even more versatile unit and it could benefit
from associated efficiency improvements - examples will be given in the oral presentation.
Finally - Data Centres
Marcinichen et al (2012), in a most illuminating paper on using heat produced by data centres
(which it is estimated cost $3.6 billion/year in electricity to cool world-wide), suggest that the
energy recovered from the condensers of the data centre cooling units (which may involve 515MW of heat) could usefully boost (by over 2%) the thermal efficiency of large steam Rankine
cycle power stations - by feed-water heating. A little lateral thinking can go a long way in the HPC
field!
Conclusions
While the use of heat-powered cycles has 'stalled' to some extent within the process industries in
certain sectors in Europe, we are seeing a reawakening of interest in areas such as ORC machines
and other turbines, highly compact heat exchangers and process heat pumps. There remain many
opportunities for using new manufacturing methods to further reduce costs and improve the
functioning of such devices, and it is to be hoped that the above examples, with of course many
others, will demonstrate that 'we can still catch the boat' with some innovative thinking!
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Combined Heat and Power (CHP) systems emit less pollution in comparison with a separate
production of electricity and heat. Optimum sizing of CHP systems is required to maximize the
benefits of these systems. To select the optimum prime mover of a combined heat and power
system, performance characteristics of engine as well as economic parameters should be taken into
consideration.
Microturbines are the new generation of small gas turbines which have entered the market recently.
They operate on the same thermodynamic cycle as gas turbines (i.e. Brayton cycle). To decrease
the fuel consumption and consequently increase the thermal efficiency, most microturbines are
equipped with a recuperator which uses hot turbine exhaust gas to preheat the compressed air going
into combustor. However, applying a recuperator reduces the exhaust temperature and
microturbine’s effectiveness when utilised as the prime mover of a combined heat and power
system. Microturbines are compact in size, can be brought on-line quickly, and offer fuel
flexibility; therefore, they are one of the leading prime movers of CHP systems, particularly in
commercial and residential applications. In order to supply larger demand, microturbines are
stacked in parallel.
This study aims to further develop a thermo-economic method for selecting the optimum number
and nominal power as well as planning the operational strategy of microturbines as the prime
movers of small scale combined heat and power systems (capacities up to 500 kW) [1,2]. We
consider the impact of two different strategies of working in off-design conditions. In our previous
study (which is referred to as case 1), all microturbine units worked at the same partial load (in the
range of 20% to 100%) while in this study (case 2), the working condition of units is different; one
unit is set to accommodate load variation and other units work at full load. If load variations lead to
working at partial loads below 20%, the unit is turned off and another microturbine starts to work
in partial load condition.
The economic method for developing the objective function and comparing various cases is the Net
Present Worth (NPW) approach. In the proposed selection procedure both performance
characteristics of the prime mover and economical parameters (i.e. capital and maintenance costs)
are taken into account. The impact of carbon tax on the economics of system has also been
considered. The studied modes of operation are: one-way connection (OWC) mode, two-way
connection (TWC) mode, and heat demand following (HDF) mode. Buying electricity from the
grid is allowed in all three operational modes, while selling excess produced electricity to the grid
is only possible in TWC and HDF modes of operation. With HDF mode, in order to minimize the
waste of energy, prime movers work in a condition at which the excess produced heat is minimal. It
is noted that the decision as to which operational strategy could be adopted depends mainly on the
method of connection to the grid (i.e. the possibility of selling electricity to the grid).
As a case study, a local aquatic centre has been considered. The results showed that in all
operational modes, the optimum nominal power and number of units is the same for both cases. In
TWC and OWC modes, for all studied microturbine models NPW values associated with case 1 are
higher than those of case 2 and therefore case 1 is more economical. With HDF mode, case 2
results in higher NPW values and consequently is the preferred off-design performance strategy. It
is noted that despite leading to higher NPW values, similar to case 1, NPW values are negative and
HDF mode is uneconomical.
METHODOLOGY
The present worth method is the adopted approach to analysing the CHP system from an economic
point of view. With this method, Present Worth of Cost (PWC) and Present Worth of Benefits
(PWB) are calculated and by deducting PWC from PWB, Net Present worth (NPW) is obtained. If

the economic evaluation of a project results in positive value of NPW, the project is economical. In
addition, maximum NPW indicates the most economical choice, where different options are
considered [2]. The proposed objective function (NPW $) is as follows:
1
(1 + i) LT − 1
−
−
)
)
(
) [ ACT +
CC
j
(1 + i) LT
i (1 + i) LT
Pb × Cel ,b − PCHP ,r × Cel − H& CHP , r × Ch − PCHP , s × Cel , s  ×τ m ]
NPW =

∑

k

( SV j (
j =1

∑

N



m =1 


∑ ( MC
k

j =1

j

)

+ COF j +

[1]

m

The following procedure is adopted to optimally determine the optimum arrangement (model and
number of units) of microturbines in a small scale CHP system:
1. Determining possible combinations of each microturbine model within the specified
range of total CHP system capacity.
2. For all combinations and each interval of demand profile( ), calculating NPW values
(which are represented by NPWm) as one microturbine unit works at partial loads in the
range of 19 to 100% and other units work at full load.
3. Choosing the maximum value (NPWm, max) and its associated partial load (PLmax).
4. If the partial load which leads to the maximum value is 19%, the unit is turned off (due
to technical problems and dramatic decline in thermal efficiency, partial loads below
20% are not practical), another unit starts working in partial load and steps 2&3 are
repeated. This process continues until either PLmax is within the range of 20 to 100% or
there is no other microturbine unit left. In the latter case, PLmax is the one, within the
specified range, which results in the maximum NPWm.
5. NPW is sum of NPWm, max values of all time intervals.
6. Optimum combination of each microturbine model is the one which results in the
maximum NPW.
7. Optimum arrangement of microturbines is obtained by comparing NPW figures
associated with the optimum combinations of different models and choosing the
combination which leads to the maximum value.
8. For each time interval, operational strategy of the optimum arrangement is the partial
load at which the NPWm, max is obtained.
The studied microturbine models and their performance characteristics are presented in Table 1. To
avoid commercialism each model is designated by a number [2].
Table 1: Studied microturbine models and their performance characteristics
Nominal
Efficiency
Exhaust Flow
Exhaust
Microturbine code
Power (kW)
(%)
Rate (kg/s)
Temperature (℃)
1
30
26
0.31
275
2
65
29
0.49
309
3
100
30
0.8
270
4
100
29
0.79
293
5
200
33
1.3
280
6
250
30
2.13
242
THE CASE STUDY
We have considered an aquatic centre located in Wagga Wagga city, 450 km southwest of Sydney
as the case study. Figure 1 shows the electricity and heat demand profile for the case study. As
shown in the figure, there is no considerable variation in the electricity demand; however, the heat
demand increases significantly during the cooler months of the year and the maximum heat demand
is during the winter (June to August).
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Figure 1: The electricity and heat demand profile
RESULTS AND DISCUSSION
Table 2 shows the optimum combinations (i.e. optimum number of units) of studied microturbine
models in TWC, OWC, and HDF modes and as is evident, with case 2, variation of mode of
operation does not affect the optimum combinations. In addition, except for microturbine code 1 in
HDF mode, optimum combinations are the same for both cases and in three modes of operation.
Figures 2-4 show NPW values related to optimum combination of each model for both cases and in
three operational modes. As shown in the figures, change of operational mode, has a considerable
impact on values. For both cases, optimum combination of code 5 microturbine (two units) has
provided significantly greater NPW values in all modes of operation and therefore is the optimum
arrangement of microturbines.
With TWC and OWC modes of operation although the difference is relatively small, particularly
for code 5 microturbine, case 1 results in larger NPW values in comparison with case 2 and
consequently is more economical. Therefore, optimum off-design performance strategy in these
modes of operation is the one which has been adopted in cases 1. In HDF mode, due to negative
NPW values, all the combinations are uneconomical. In addition, for all microturbine models case
2 is more economical and therefore in this operational mode the optimum off-design performance
strategy is to accommodate required changes in the system total capacity by one microturbine unit
while the other units work at full load.
Figures 5-7 show the operational strategy of the optimum arrangement of microturbines for three
operational modes. Although in TWC mode selling excess electricity to the grid is allowed, during
5 months of the year only one prime mover works at its nominal capacity while the other unit
works at off-design condition. However, from April to October, when the heat demand is greater
than electricity demand or their difference is relatively small, both units work at full load.
Table 2: Optimum combinations of studied microturbine models
Two Way
One Way
Heat Demand
Microturbine Code
Connection Mode
Connection Mode
Following Mode
Case 1
Case 2
Case 1
Case 2
Case 1
Case 2
1
13
13
13
13
12
13
2
6
6
6
6
6
6
3
4
4
4
4
4
4
4
4
4
4
4
4
4
5
2
2
2
2
2
2
6
2
2
2
2
2
2
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Figure 2: NPW values associated with the optimum combinations (TWC mode)
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Figure 3: NPW values associated with the optimum combinations (OWC mode)
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Figure 4: NPW values associated with the optimum combinations (HDF mode)
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Figure 5: Operational strategy of the optimum arrangement (TWC mode)
700
600

kW

500
400

Required Elec.

300

Required Heat
Generated Elec.

200

Generated Heat

100
0
Jan Feb Mar Apr May Jun Jul Aug Sep Oct Nov Dec
Months

Figure 6: Operational strategy of the optimum arrangement (OWC mode)
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Figure 7: Operational strategy of the optimum arrangement (HDF mode)

With OWC mode, one unit deals with load variation requirements to allow the total capacity to
follow the electricity demand and there is no excess produced electricity. In HDF mode, during 7
months of the year prime movers work at their nominal capacity and the surplus electricity is sold
to the grid. To avoid wasting energy by producing excess heat, in the first two months of the year,
one unit is turned off and the other one works in partial load conditions. In March, November, and
December both microturbine units are operational with one works at low load conditions. There is
also a need for backup boilers to fully meet the thermal demand; hence, a 310 kW, a 340 kW, and a
310 kW backup boiler should be installed in TWC, OWC, and HDF modes, respectively.
CONCLUDING REMARKS
In this paper, we have further developed our thermo-economic approach to optimally sizing prime
movers of a microturbine-based small scale CHP system. The results indicated that although the
optimum arrangement was the same for the two studied cases, in TWC and OWC operational
modes the strategy adopted in cases 1 (i.e. all microturbine units work at the same partial load) and
with HDF mode the followed strategy in case 2 (i.e. one unit deals with load variations while the
others work at full load) result in the maximum NPW value and therefore are the optimum offdesign performance strategy.
Nomenclature
ACT
annual carbon tax ($/year)
C
cost ($/kWh)
CC
capital cost ($)
COF
cost of fuel per hour ($/hr)
&
H
heat rate (kW)
i
interest rate (%)
K
number of equipment
LT
lifetime (year)
MC
maintenance cost per hour ($/hr)
N
number of time intervals of demand profile
NPW
Net Present Worth ($)
P
electric power (kW)
SV
salvage value ($)
Greek Symbols
time interval of demand profile (hr)
τm
Subscripts
b
buying electricity
CHP
combined heat and power
el
electricity
h
heat
r
required
s
selling electricity
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Abstract
In recent decades, waste heat of power generating systems and reversible energy resources has been
implemented to reduce fossil fuel consumption and harmful effects of such systems on the environment.
In order to obtain these aims, more attention is placed in usage of efficient energy systems such as co- and
tri-generation cycles which produce power, heat and cold, simultaneously. Besides, in the past few years,
new exergetic concepts such as endogenous/exogenous and avoidable/unavoidable exergy destructions
and investment costs have been introduced. These concepts provide valuable information about the
potential of optimization of the system. In every thermodynamic component, a part of exergy destruction
which is due to internal irreversibilities of components, is endogenous exergy destruction and the other
part which is due to the effect of internal irreversibilities of other components, is exogenous exergy
destruction. On the other hand, in optimization process of the system, because of technical and
economical limitations, only a part of exergy destruction and investment costs in every component can be
avoided and the other part is unavoidable. These two concepts can be combined and this privilege
increases the accuracy of analysis of the system. In the present work, in the first step, the co-generation
cycle is analyzed by conventional and new exergetic concepts. Later the cycle is analyzed by economics
concepts and conventional and new exergoeconomics concepts. Results indicate that, the highest exergy
destruction occurs in the combustion chamber. Also results show that 32.6 percent of exergy destruction
and 73 percent of investment cost can be avoided by optimization. Finally, the co-generation cycle is
optimized using Multi-objective Genetic algorithm. Results indicate that exergetic efficiency of the cycle
is improved while that the cost of production is lower than the base state.
Key words: co-generation cycle, avoidable/unavoidable exergy destruction and investment costs,
endogenous /exogenous exergy destruction, Optimization, Multi-objective Genetic algorithm
1 Introduction
Analysis and optimizing energy converting systems, using various methods, have been one of the main
research areas of the engineers and researchers for a long time. But, in recent years, in order to do
exergetic and exergoeconomic analysis of thermodynamic systems, new concepts have been introduced
which not only determine the amount of exergy destruction and investment costs of cycle components,
but also they clearly define potential of improvement of the system, thermodynamically and
economically. kelly in 2008, presented the general concept of endogenous and exogenous exergy
destructions and defined four different calculation methods in analyzing a simple power production cycle
and a simple compression refrigeration system [1-2]. Tsatsaronis et al. in 2002 [3] investigated a cogeneration cycle and analyzed the cycle with exergetic, exergoeconomic concepts. The results indicated
that by optimizing combustion chamber almost 10% of total exergy destruction and 46% of the total cost
of this component can be avoided. Toffolo et al. in 2002 [4] used an evolutionary algorithm and defined a
multi-objective function to optimize thermal systems. In first step, they presented an exergy and
economic analysis of a co-generation cycle. Then the cycle was optimized using an evolutionary
algorithm from exergetic and economic point of views. Sahoo in 2007 [5] presented exergy and economic
analysis of a co-generation cycle and optimized it by using an evolutionary algorithm. The results showed
that, electrical and steam production costs were 9.93% lower than basic performing condition but
investment cost was increased by 10% by optimizing the cycle. Sayyadi [6] in 2009, defined a multiobjective function and used genetic algorithm for optimization of a co-generation cycle. Exergetic
efficiency, total production cost and environmental effects cost rate were three objective functions.
Results indicated that, exergetic efficiency of the cycle was increased 1.51%, but total production cost

and environmental effects cost rate were decreased 7.17% and 4.28%, respectively.
From the mentioned literature survey, it can be concluded that, new exergetic concepts highlight major
irreversibilities of the cycle. Therefore, in present work, avoidable/unavoidable and endogenous/
exogenous exergy destructions concepts have been used to analyze the cycle from exergetic and
economic point of views. Then the cycle is optimized by a multi-objective genetic algorithm and the
performance of the cycle is compared thermodynamically and economically for both basic and optimized
performing conditions.
2. Description of the cycle
Schematic flow diagram of the considered co-generation cycle and temperature profile of the air preheater
and HRSG are shown in fig. 1. This cycle produces 30 MW of electrical power and 14 kg/s of saturated
steam at 20 bars at base conditions. In this cycle, the pressure ratio, rp , of the compressor is equal to 10.
The isentropic efficiencies of compressor and gas turbine,  s , are assumed 86 percent. The turbine inlet
temperature is 1520 K [7].

Fig. 1: Schematic flow diagram of co-generation cycle and temperature profile of the air preheater and temperature
profile of the HRSG [4]

3 EXEGY ANALYSIS
3.1 Conventional exergy analysis
In every conventional energy system, the exergy balance for the k-th component in steady state condition
can be written as:

E F ,k  E P ,k  E D,k

(1)

In the exergy analysis of a specific component, system boundaries that are used for all components are
considered to be at T0, the reference environment temperature. Therefore, there are no exergy losses
associated with the k-th component. Exergy loss is assumed at the level of overall system. Thus, for
whole thermodynamic system, the exergy balance is[7]:

E F ,k  E P ,k  k E D,k E L,tot
The second law of thermodynamic efficiency of k-th component can be defined as:

(2)

k 

E P ,k
 1
E
F ,k

E D ,k
E

(3)

F ,k

The rate of exergy destruction in every component depends on two factors which are mass flow rate
through the component and the specific entropy generation in that component. As the result, the rate of
exergy destruction in a specific component is calculated by the equation below:

E D,k  T0 S gen,k  T0 m k s gen,k

(4)

3.2 Concept of Endogenous and Exogenous exergy destructions
The amount of exergy destruction in the k-th component can be divided into two meaningful parts,
endogenous and exogenous exergy destructions[1]:

E D ,k  E DEN,k  E DEX,k

(5)

E DEN,k , the endogenous exergy destruction of a component is contributed to the internal irreversibilities of
the component when it works in its current efficiency while other components of the system work in ideal
processes. On the other hand, E D ,k , exogenous exergy destruction of a component is contributed to the
EX

effect of irreversibilities in other components of the system on that component. Utilizing this method,
splitting exergy destruction into endogenous and exogenous parts, helps designers to distinguish the
major irreversibility sources of whole system better and make more accurate decisions in order to
improve the performance of the system.
3.3 Concept of Unavoidable and Avoidable exergy destructions
At any given state of technological development, some exergy destruction within a system component
will always be unavoidable due to physical and economical constraints. Exergy destruction for the k-th
component can therefore be defined as [3]:

E D ,k  E DAV,k  E DUN,k

(6)

AV
Where E D , k represents the avoidable exergy destruction or that part of the exergy destruction that can be
UN
reduced whereas E D , k represents the unavoidable exergy destruction or that part of the exergy destruction

which cannot be reduced.
4 Exergoeconomic Analysis
Exergoeconomics is a branch of engineering that combines exergy analysis with economic constraints to
provide useful information for the system designer which are not available through conventional energy
analysis and economic evaluation. This information, however, is crucial to the design and operation of a
cost effective system [1]. In an exergoeconomic analysis, the cost rates associated with the rate of exergy
destroyed in a component is
and the owning and operating or investment costs of the components is,
4.1 Splitting the cost rate
As additional information is gained from the splitting of the exergy destruction within a component, other
useful information can be obtained by splitting of the costs associated with each stream within the system
and the owning and operating costs of each component [1].
4.2 Avoidable and Unavoidable cost
Cost rates associated with the avoidable and unavoidable exergy destructions are defined by Equations (7)
and (8), respectively[3].

C DAV,k  c F .k E DAV.k
C DUN,k  c F .k E DUN.k

(7)
(8)

The cost associated with the total rate of exergy destruction in a component can therefore be defined as,

C D ,k  c F .k E D.k  C DAV,k  C DUN,k

(9)

Also the investment cost of the k-th component can be divided into two parts avoidable, Z kAV and
unavoidable, Z kUN [4]:

Z k  Z kAV  Z kUN

(10)

4.3 Endogenous and Exogenous costs
The costs associated with the endogenous and exogenous parts of the exergy destructions are defined as
follows [1]:

C DEN,k  c F .k E DEN.k
C DEX,k  c F .k E DEX.k

(11)
(12)

The endogenous owning and operating cost rate of the k-th component,
is defined as the cost rate
associated with the component if all the other components in the system were to function ideally whereas
the exogenous owning and operating cost rate,
is the additional cost invested into the k-th
component due to the exergy destruction in the other components of the system. The total investment cost
of the k-th component can therefore be defined as,
(13)
Z  Z EN  Z EX
k

k

k

5. Multi-objective optimization via evolutionary algorithms

A multi-objective optimization problem requires the simultaneous satisfaction of a number of
different and often conflicting objectives. These objectives are characterized by distinct measures of
performance that may be (in) dependent and/or incommensurable. It is required to mention that there is
no combination of decision variables values that optimizes all the components of objective vector,
simultaneously [4]. Multi-objective optimization problems generally show a possibly uncountable set of
solutions, whose evaluated vectors represent the best possible trade-offs in the objective function space.
Pareto optimality is the key concept to establish a hierarchy among the solutions of a multi-objective
optimization problem, in order to determine whether or not a solution is really one of the best possible
trades-off [4]. Classical search and optimization methods are not efficient in following the Pareto
approach for multi-objective optimization. The class of search algorithms that implement the Pareto
approach for multi-objective optimization in the most straightforward way is the class of multi-objective
evolutionary algorithms [4].
5.1 Objective functions, decision variables and constraints
5.1.1 Definition of the objectives
The two objective functions of this multi-objective optimization problem, i.e. the exergetic efficiency of
the cogeneration plant (to be maximized) and the total cost rate of operation (to be minimized), are
defined as follows [5]:
(14)
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(15)

5.1.2 Choice of decision variables
The problem of optimization for the thermodynamic and economic model has five degrees of
freedom. The following decision variables were chosen [5]:
 the compressor pressure ratio, P2/P1; isentropic efficiency of the compress, ηsc; isentropic
efficiency of the turbine, ηst; temperature of the air entering the combustion chamber, T3;
temperature of the combustion products entering the gas turbine, T4.

Although the decision variables may be varied in optimization procedure, each decision variable is
normally required to be within a given range as follow:
(16)
(17)
(18)
(19)
(20)

6 P2/P1 16
0.6 ηsc 0.90
0.6 ηst 0.92
700 T3 1000
1200 T4 1550

5.1.3 Physical constraints
The heat exchange between the hot and cold streams in the air preheater and in the HRSG should satisfy
the following feasibility constraints:



Air preheater
(21)
(22)

T5 T3
T6 T2



HRSG
(23)
(24)
(25)
(26)
(27)

6. Results and discussion
In this study the binary coded genetic algorithm method is used. Probability of crossover and mutation is
0.85 and 0.01, respectively. Selection process is tournament .Initial population size and population size
and maximum number of generation are 1000, 2000 and 300, respectively. In table 1, results of objective
functions and decision variables obtained from genetic algorithm are presented. Comparison between
base and optimized designs shows 2.94% increase in exergetic efficiency whereas, final production cost
of the cycle is reduced by 10.14%.
Table 1: Objective functions and decision variables of base case design and optimized design.
Objective functions and
Base design
Optimized design
decision variables
50.30
51.78
3435.1
3086.8
10
8.894
0.86
0.8210
850
893.19
1520
1489.52
0.86
0.8711

The results shown in table 2 indicate that the exergy destruction of the cycle in the optimized mode is
reduced about 7.593 MW (19.62%). Maximum reduction in the exergy destruction of the cycle
components occurs in combustion chamber in about 6.75 MW. Also, in addition to total exergy
destruction, more than 31% of unavoidable exergy destruction is reduced whereas, avoidable exergy
destruction of the cycle is increased from 12.6 MW to 13.14 MW.
Table 2: comparison of exergy destruction, avoidable and unavoidable exergy destructions for the base and optimized

states of the cycle.

Com.
AC
APH
CC
GT
SG

Base
2.125
2.635
24.69
3.008
6.227

Opt.
2.965
2.591
17.941
2.827
4.773

Base
0.720
1.9318
6.630
1.47
1.845

Opt.
1.551
1.816
6.756
1.230
1.787

Base
1.405
0.704
18.07
1.538
4.382

Opt.
1.414
0.775
11.185
1.598
2.986

Base
33.88
73.31
26.85
48.87
29.66

Opt.
52.32
70.1
37.66
43.49
37.44

Base
1.62
2.1235
18.602
2.4913
6.227

Opt.
2.303
2.059
13.61
2.272
4.773

Base
Opt.
0.505
0.662
0.5115 0.532
6.0927 4.335
0.5167 0.555
0
0

TOT.

38.69

31.097

12.5968

13.14

26.09

17.958

32.56

42.25

31.064

25.01

7.6259

6.084

From table 3, it can be concluded that, cycle destruction cost is reduced from 1763.6 $/hr for the base
cycle to 1198.8 $/hr for the optimized cycle. As, avoidable exergy destruction increases and unavoidable
exergy destruction decreases, cost of exergy destruction is improved. In the other words, costs of
avoidable and unavoidable exergy destructions are reduced from 589.5 $/hr to 515 $/hr and 1174 $/hr to
684 $/hr, respectively. Also results indicate that, owning and maintaining cost of cycle are reduced by 15
percent in the optimized condition and rate of total avoidable cost of the cycle to total cost of cycle
reaches from 54 percent to 61 percent for the optimized performing condition.
Table 3: comparison of exergy destruction and investment costs of cycle components for the base and optimized

states.

Com.
AC
APH
CC
GT
SG
TOT.

Base
141.75
135.65
1010.8
154.85
320.56
1763.6

Opt.
155.61
106.05
626.16
115.71
195.32
1198.8

Base
753.3
188.8
68.07
753.5
273
2037

Opt.
358.7
281.2
52.66
597.3
439.7
1730

Base
48.03
99.45
271.38
75.67
94.98
589.51

Opt.
81.41
74.34
235.79
50.32
73.13
514.99

Base
594.5
113.87
43
548.1
186
1485.5

Opt.
211.7
191.74
29.60
470.72
361.7
1265.5

Base
71.79
65.75
29.14
68.67
47.30
54.08

Opt.
56.99
68.70
39.09
73.08
68.48
60.79

6 Conclusions
Exergy and exergoeconomic analysis using new exergetic concepts, avoidable/unavoidable, endogenous
/exogenous exergy destructions, are effective methods in investigating performance of power cycles. By
using this method, in contrast with the conventional exergy analysis, the potential of improvement of the
cycle components can be determined, not only from exegetic point of view but also from considering
investment costs. In addition, genetic algorithm is a powerful method in optimizing energy converting
systems with various design variables.
In the presented work, Multi-objective genetic algorithm has been utilized to optimize a co-generation
cycle, both thermodynamically and economically. Results of advanced exergy analysis show that, in
addition to the reduction in the total exergy destruction of the cycle in the optimized condition,
unavoidable exergy destruction of the cycle decreases, too. In the other words, more than 31 percent of
unavoidable exergy destruction has been decreased.
Another interesting achievement is increment in the amount of avoidable exergy destruction to total
amount of exergy destruction from 32.56 percent to 42.25 percent.
Results of optimization also indicate that the ratio of avoidable investment costs to the total amount of
investment costs of the cycles is increased from 54 percent to 61 percent which is a considerable amount.
In conclusion, increase in exergetic efficiency of the cycle in about 2.94 percent, and decrease in the
amount of total production cost of the cycle for 10.14 percent defines better performance of the cycle in
the optimized condition.
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Abstract
The purpose of this paper is to investigate a novel power cycle using low-temperature heat sources such
as oceanic-thermal, biomass as well as industrial waste heats. The ammonia-water mixture is used as the
working fluid; both a reheater and an ejector are used in the cycle. The main emphasis is placed on the
energy analysis to guide the thermodynamic improvement for the cycle; parametric analysis is conducted
to investigate the effects of thermodynamic parameters on the cycle performances. In addition,
experimental investigation is applied to demonstrate the performance of the ejector. It is found that the
generator pressure, the heating source temperature, the deflation ratio variation and the turbine outlet
depressurization made by ejector have significant effects on the performance of the power cycle. The
experimental results show that primary flow pressure and temperature have significant effects on the
performance of liquid-gas ejector.
Key words: Ammonia-water, power cycle, ejector, efficiency
Nomenclature
W
Power. kw
h
specific enthalpy. kJ kg-1
m
mass flow rate. kg s-1
v
specific volume. m3 kg-1
P
pressure. MPa
t
temperature. ℃ or K
EN
nozzle efficiency. %
ED
diffuser efficiency. %
Q
heat/cooling load. kw
X
concentration. kg kg-1

1.

Greek Symbols

entrainment ratio
efficiency

Subscripts
1-9
states points in the cycle
G
generator
T
turbine
A
absorber
P
pump
R
reheater

Introduction

The past decades have seen a considerable increase in the energy production, which has brought an
undeniable environmental degradation. Some conception such as low carbon economy has been put
forward, leads to extraordinarily enthusiastic study on the principle of renewable energy and clean power
generation.The relatively advanced power cycle is “Uehara Cycle”, developed by Professor Haruo Uehara
and researchers at the science and engineering department of Saga University. Uehara Cycle uses
ammonia-water mix as working fluid, the heating medium is 28°C and cooling medium is 4°C. It is
proved theoretically superior to Rankin Cycle and Kalina Cycle, with the heat efficiency at 4.97%.
Much research has been carried out on the ammonia-water mixtures power cycle. However, these studies
do not provide much attention to the utilizing of liquid-gas ejector in power cycle.The aim of this paper is
to investigate the performance of an ammonia-water based power cycle with ejector using
low-temperature heat sources.
2.

Cycle description and modeling

In this section the model of the proposed ammonia-water power cycle is described. The schematic of the
power cycle is shown in Figure 2 and the T-s diagram of the power cycle is shown in Figure 3.
The power cycle consists of six major components: generator, two-stage turbine, reheater, ejector,
absorber and heat exchanger. The generator is a device in which relatively high pressure and temperature
ammonia gas is generated by utilizing heating sources such as warm seawater. The high pressure and
temperature ammonia gas is expanded through the two-stage turbine, which also utilize warm seawater in

reheater as heat source, to produce power. The weak solution coming from the high pressure generator is
cooled in the heat exchanger and then enters the nozzle of ejector as the primary fluid. Simultaneously,
the turbine exhaust at low pressure and temperature is ejected into the mixing chamber of the ejector as
the secondary fluid. The solution and the ammonia gas are preliminarily mixed in the ejector and then
discharge into the absorber to produce the saturated solution. Cooling sources such as chill seawater is
utilized to exchange the thermal energy generated in the absorbing process. The saturated solution coming
from absorber is then pumped into the generator after heated in the heat exchanger.
Heating
source
Reheater
4

5

Turbine

3

Turbine
7

Generator

Heating
source

1

6

Ejector

2

Heat exchanger

8

Absorber
9

Cooling
source

Pump

Figure 2: schematic diagram of system
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Figure 3: T-s diagram of power cycle

Figure 4: schematic diagram of ejector

In the present study, the power cycle is driven by low-temperature heating sources such as
oceanic-thermal, biomass as well as industrial waste heats.
The main assumptions for the power cycle are summarized in Table 1.
Table 1: Main assumptions for the power cycle
Environment pressure (MPa)

0.10325

Turbine inlet temperature (°C)

22.3

Environment temperature (°C)

15

Turbine back pressure (MPa)

0.38

Heating source temperature (°C)

28

Turbine isentropic efficiency (%)

85

Cooling source temperature (°C)

4

Generator heat input (KW)

1

Minimum temperature differences (°C)

Pump isentropic efficiency (%)

100

Generator

5

Turbine inlet pressure (MPa)

0.66

Absorber

3

The following assumptions are made for the thermodynamic analysis:
⑴ Pressure drop and heat losses in components of the power cycle are neglected.

⑵ The fluid at both generator and absorber outlet are saturated solution.
⑶ The flow across the pump is isenthalpic.
The liquid-gas ejector is the key component in this power cycle, shown in figure 4. By introducing the
ejector between the turbine and the absorber, the low-pressure ammonia gas from the turbine gets sucked
into the chamber. The gas and weak solution get mixed and a gas-liquid dispersion is created in the
mixing chamber. A diffuser at the outlet of the mixing chamber helps in pressure recovery. Thus, a
differential pressure P between the turbine and absorber is made by the ejector. The depressurization
at state (6) is beneficial to the turbine output. Meanwhile, with the relatively high pressure at state (8), the
ammonia gas gets absorbed easier in the absorber. Therefore, it is obvious that the performance of this
power cycle can be improved.
3.

Mathematical model and performance criteria

In this section a steady-state model of the power cycle is developed. The power cycle is divided into
simple units, such as the generator, reheater, absorber, turbine, pump, heat exchanger as well as ejector.
Each component is treated as a control volume and the mathematical model is constructed.
The mass and energy balance equation for components are written as follow:
inout  (mi )  0
[1]
in
out  x i  mi  0
[2]
in
in
in
out (mi  hi )  out (Q j )  out (Wk )  0
[3]
The prediction of ejector performance is carried out based on the one-dimensional constant pressure
model in the present study.
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[10]
The deflation ratio ( X ) is defined as the concentration difference between rich solution and weak
solution:
X  X1  X2
[11]
The performance of the power cycle is evaluated by the thermal efficiency, which is defined as the ratio
of the sum of primary and secondary turbine output to the sum of generator and reheater heat input, given
by:


4.

wT 1  wT 2
qG  qR

[12]

Theoretical result and discussion

The simulations for the power cycle were carried out using a simulation program written by authors. The
state points in this power cycle were calculated on the basis of ammonia-water property equation, which
was initially proposed by Schulz and verified by Ziegler et al.. The differences between calculated data
and experimental data were less than 0.3% with good agreement.

Based on the assumptions for the power cycle shown in table 1, the simulation of the power cycle was
conducted to investigate the performance of the power cycle. Table 2 shows the thermodynamic state of
each point in the power cycle. Table 3 shows the performance of the power cycle.
Table 2: Result of simulation for the power cycle
state

p (MPa)

t (°C)

X (kg kg-1)

h (kJ kg-1)

S (kJ kg-1 K-1)

1

0.66

22.3

2

0.66

25

0.7341

-94.52

4.16

0.6979

-102.32

4.11

3

0.66

25

0.9998

1300.32

9.36

4
5

0.515

5.5

0.9998

1262.88

9.36

0.515

26

0.9998

1314.02

9.64

6

0.37

2.9

0.9998

1269.69

9.64

7

0.66

10.4

0.6979

-203.26

3.81

8

0.37

7.5

0.6979

-203.26

3.74

9

0.38

7

0.7341

-183.36

3.84

Table 3: The performance of the power cycle
Turbine work (kJ kg-1)

88.17

Heating source temperature (°C)

28°C

Net power output (kJ kg-1)

69.85

Cooling source temperature (°C)

4°C

1255.28

Thermal efficiency (%)

5.3

-1

Generator heat input (kJ kg )
-1

Reheater heat input (kJ kg )

44.78

Table 4: The quantities varied for the parametric study
Parameters

Range

Generator pressure (MPa)

0.66-0.75

heating source temperature (°C)

26-30

deflation ratio kg kg-1

0-0.1

turbine outlet depressurization

0-0.04

The parametric study is conducted to evaluate the effect of each major parameter on the power cycle
performance, with respect to four parameters, namely the generator pressure, the heating source
temperature, the deflation ratio as well as the turbine outlet depressurization. The range of generator
pressure variation is 0.66-0.75MPa, for the calculation results suggest that the ejector has a good
performance with the primary flow pressure is at 0.7MPa when the absorber pressure is kept at 0.37MPa
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Figure 5 shows the effect of generator pressure on the thermal efficiency and turbine power. It is found
that as the generator pressure increases, both the thermal efficiency of the power cycle and the turbine
power decrease. The reason for this is that as the generator pressure increases, the saturation
concentration of ammonia-water mixture in both generator and reheater increase correspondingly. The
desorbed ammonia gas from generator and reheater decreases simultaneously. Though the turbine inlet
pressure at state point (3) increases, the ammonia-water gas flow rate decreases, which leads to a decrease
for the turbine power. Meanwhile, the generator and reheater heat input do not vary. Thus, the thermal
efficiency of power cycle decreases.
Figure 6 shows the effect of heating source temperature on the thermal efficiency and turbine power. As
the power cycle is driven by low-temperature heating sources, the variation of temperature ranges
between 26℃ to 30℃. It is obvious that as the heating source temperature increases, both the thermal
efficiency and turbine power increase. It is known that the ammonia-water desorption increases with the
increasing heating source temperature. Thus, the ammonia gas flow rate increases, which leads to a
decrease for the turbine power. In addition, with the increasing primary gas flow rate in ejector, the
pressure of secondary solution decreases, which leads to the decreasing turbine back pressure. The turbine
power increases under the combined factors. Although the generator heat input increases with the
increasing heating source temperature, the thermal efficiency still increases. So it is found that the turbine
power plays an essential role in the thermal efficiency of power cycle.
Figure 7 shows the effect of deflation ratio variation on the thermal efficiency. The variation caused by
both generator pressure and generator temperature is considered. No matter which increases the deflation
ratio, the thermal efficiency is increased. It is also found that the deflation ratio remains in a lower level
as generator pressure varies. When it comes to the variation of generator, the deflation ratio is higher.
Figure 8 shows the effect of turbine outlet depressurization on the thermal efficiency and turbine power.
By introducing the ejector between the turbine and the absorber, the low-pressure ammonia gas from the
turbine gets sucked into the chamber, which leads to the pressure drop at turbine outlet. It is obvious that
as the turbine back pressure decreases, the turbine power output increases. It can be observed that the
thermal efficiency increases quickly when depressurization of the turbine outlet varies between 0-0.1MPa,
followed a linearly varying as the value of depressurization increases. Evident is the fact that the ejector
plays a pivotal role in improving thermal efficiency of the power cycle.
5.

Experimental on the liquid-gas ejector

The ejector is the key component of the novel power cycle. In this trial, the objective is to demonstrate the
performance of the ejector.
A schematic diagram of the experimental facility for the analysis of the ejector is shown in Figure 8. It is

composed of a weak solution tank, a liquid storage tank, Ammonia tanks, the ejector, pressure meter, flow
meter as well as thermocouples. Weak solution tank is used to contain weak ammonia-water mixture. The
pressure in both weak solution tank and ejector secondary flow inlet is kept by ammonia tanks. Flow
meters are used to control primary and secondary mass flow rate of the ejector, with accuracy grade
±0.5%. K-type thermocouples and pressure meter are used to measure temperature and pressure. Their
accuracies are ±0.2°C and ±0.5% respectively.
Weak ammonia-water mixture enters the ejector as the primary fluid; the ammonia gas enters the ejector
as the secondary fluid simultaneous. The solution and the ammonia gas are mixed in the ejector and then
discharge into the liquid storage tank, which pressure is kept at 0.37MPa.
Thermocouple

0.05

Ejector
Weak solution

NH3

NH3

Liquid storage tank

Secondary flow depressurization (MPa)

Flowmeter

0.04

0.03

0.02

Primary flow
temperature

0.01

15°C
10°C
5°C

0
0.5

Figure 9: schematic diagram of ejector test
facility

0.55
0.6
0.65
Primary flow pressure (MPa)

0.7

Figure 10: performance of ejector under study

Figure 10 shows the effect of primary flow pressure on secondary flow pressure drop as the primary flow
temperature varies. It is found that the secondary flow pressure drops little when the primary flow
pressure is below 0.5MPa. Then the depressurization increases sharply, followed by a relatively stable
value. It is also found that lower primary flow temperature leads to higher depressurization at the
secondary flow inlet.
6.

Conclusion

The main conclusions are summarized as follows:
⑴ The energy analysis shows that the thermal efficiency of the novel cycle can reach to 5.3%.
⑵ Generator pressure, heating source temperature, deflation ratio as well as turbine outlet
depressurization have significant effects on the thermal efficiency and turbine power outlet of the
proposed power cycle.
⑶ Primary flow pressure and temperature have significant effects on the performance of liquid-gas
ejector; lower primary flow temperature leads to higher depressurization at the secondary flow inlet.
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ABSTRACT
This paper presents a comparison of a high temperature heat pump (HP) and an organic Rankine
cycle (ORC) for the recovery of low-grade waste heat for a UK inorganic chemicals case study.
Superficially, the two technologies appear equally suitable for use in this case study, therefore both
technologies are modelled in order to provide data for a comparison in terms of expected technical
and economic performance.
Both technologies are proven to be feasible in this case study, with the HP helping to significantly
reduce the natural gas requirement of the boiler and the ORC producing a significant net output of
electricity.
However, the proposed ORC outperforms the proposed HP from all viewpoints. Firstly, the ORC
can recover 100% of the available waste heat compared to only 64.5% by the HP. Secondly, the
ORC is expected to achieve larger reductions in greenhouse gas emissions (517.7tCO 2.eq/year
compared to 459.1 tCO2eq/year). Finally, the ORC is predicted to incur larger cost savings
(£113k/year) compared to the HP (£93k/year), and also achieve a lower project payback time.
Therefore, the use of an ORC is recommended for the recovery of low-grade waste heat rather than
a HP in this case study.
INTRODUCTION
Reducing energy consumption is becoming an increasingly important issue in UK industry for two
key reasons. Firstly, the ever-increasing cost of electricity and fossil fuel resources provides a
growing monetary incentive for change. Secondly, the stringent, self-imposed government
legislation outlined in the Climate Change Act, 2008, provides a legal obligation to reduce
greenhouse gas emissions (of which the process industries account for 25%) according to ambitious
goals.
Given the ever-rising UK population, the demand for industrial produce is unlikely to decrease.
Therefore, the emphasis is on reducing industrial energy consumption by increasing energy
efficiency. A key way of achieving this is by recovering heat from waste streams, which emit an
estimated 11.4TWh of heat per year in the UK (Reay and Morrell, 2006).
A number of technologies are available for the recovery of waste heat ranging from simple heat
transfer between heat source and sink, to more novel technologies such as heat pumps and organic
Rankine cycles. Law et al, 2012, suggest that the cheapest and most economical method for
recovering waste heat is to use a simple heat exchanger. If a matching heat sink is not available in
the correct temperature range, one should then consider the use of heat pumps (HP) (to provide a
temperature lift) or organic Rankine cycles (ORC) (for generation of electricity).
In the UK, these two key technologies have not been widely implemented. Reported cases of each
technology are rare, particularly in the case of ORCs for which there is only one reported use of
this technology throughout UK industry (DRD Power, 2012). Sinclair, 2001, cites the perceived
high risk of investment and uncertainty as potential reasons for the lack of HP installations while
ORCs still remain a largely unknown technology to many engineers.

This paper investigates the utilisation of both a high temperature HP and an ORC for the recovery
of waste heat in a UK chemicals processing plant. Both technologies appear equally suitable for
waste heat recovery in this case (as explained below) and are both modelled to allow a comparison
in terms of expected technical and economic performance. This allows a recommendation to be
made as to the best direction for waste heat recovery for this particular case study, and may also be
advisory to other plants in a similar situation.
THE CASE STUDY
Data have been provided by a large UK inorganic chemicals site. A comprehensive energy audit
revealed various heat sources available for recovery. The primary waste heat source available for
recovery is the exhaust of a large spray dryer unit with a mean temperature of 100 oC (see Table 1
below). This stream is composed of moist air with a small percentage of solid particles. Note that
the particles are ignored in the analysis presented as they do not affect the potential heating duty of
the source: the particles would only be later considered during detailed heat exchanger design.
The energy audit revealed no matching heat sinks which may utilise this waste heat by
conventional method of heat transfer by heat exchanger (note: the dryer inlet air is currently preheated by a high temperature waste stream from an upstream processing unit). However, the site
does have a large electricity demand and a demand for low-pressure steam (approx 2 bar) to
provide heating else-where on site. This suggests that both a high temperature HP and an ORC are
suitable for recovery of this waste heat.
Table 1: Heat Source Data
Name

Spray
Dryer
Exhaust

Temperature

Mass
Flow Rate

Pressure

(oC)

(kg/h)

(bar)

Air

100

17000

1.00

0.95

Composition
Water
Vapour
0.05

Specific Heat
Capacity (Air)

Latent
Heat
Water

(kJ/kg.K)

(kJ/kg)

1.01

2257

The data in Table 1 reveal a potential heating duty of 895kW (assuming an ambient/target
temperature of 20oC) which is made up of 533kW (59.6%) from latent heat in the water vapour and
362kW (40.4%) from cooling the air to the target temperature. Water vapour at 1bar will condense
out of the stream isothermally at 99.6oC and provides the majority of the potential heating duty.
The plant operates continuously for 24 hours per day, 7 days per week. Total operating time is
taken as 8000 hours/year, which allows approximately 31 days down-time per year.
METHODOLOGY
The ASPEN Plus software suite was used to model both heat recovery systems. The REFPROP
fluid package is used to solve refrigerant streams and the steam tables fluid package for
water/steam streams.
Heat Pump Model
The heat pump model (see Figure 1 below) consists of the four basic components of any HP
system: a waste heat evaporator (EVAP), a compressor (COMP), a condenser (COND) and an
expansion valve (VALVE). The evaporator and condenser are designed to have a minimum pinch
point temperature of 5oC, while the compressor is designed to have a maximum compression ratio
of 3 so that in practical application of the heat pump a relatively cheap single-stage compression
system may be utilised. The compressor is assumed to have an isentropic efficiency of 75% with a
motor of drive efficiency of 95%, both of which are realistic in practice. R-245fa is the selected
working fluid for the system as it has a suitably high critical temperature (allowing high

temperature operation) and favourable health, safety and environmental characteristics compared to
other high temperature working fluids (for example butane which is highly flammable).
VALVE

LP-LIQ

HP-LIQ

COND
SOURCE-2
SINK-1
SOURCE-1

SINK-2

EVAP

LP-VAP
COMP

HP-VAP

Figure 1: Heat Pump Model

Organic Rankine Cycle Model
A standard ORC configuration is chosen for this model (see Figure 2 below) consisting of four
basic components: a working fluid pump (PUMP), a waste heat evaporator (EVAP), a turbine
(TURBINE) and a condenser (COND). Both heat exchangers are designed with a minimum pinch
point temperature of 5oC with practical design/application in mind. The turbine is assumed to have
an isentropic efficiency of 85% with a generator efficiency of 95%, while the pump has an assumed
efficiency of 75% with a motor efficiency of 95%. All values are again realistic with practical
application in mind. R-245fa was, as for the heat pump, selected as the working fluid and is
becoming the standard working fluid for organic Rankine cycles utilising waste heat at around
100oC (e.g. see Aneke et al, 2012, and Kang, 2012 ).

PUMP
HP-LIQ
LP-LIQ

COND
SOURCE-2
SINK-1
SOURCE-1

EVAP

HP-VAP

TURBINE

LP-VAP

Figure 2: Organic Rankine Cycle Model
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RESULTS AND DISCUSSION
Technical Performance
Table 2: HP Model Results

Table 3: ORC Model Results
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o

C
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4.72
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o

C
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kW

895

Compressor Toutlet

o

C
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Refrigerant Mass Flow
Pre-heater/Evaporator
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Turbine Inlet T

o

95.0

o

39.2

C
C

100

Compressor Pinlet

bar

8.86

Turbine Outlet T
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bar

23.4

Turbine Inlet P
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o

6.00
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o

C
C
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C

C
C

11.2
1.02

Cooling water Tin

o

6.00

C

Pressure of steam raised

bar

2.32

Cooling water Tout

o

C

11.0

Steam Mass Flow

kg/s

0.29

Condenser Duty

kW

766

Refrigerant T (Condenser)
Turbine Isentropic
Efficiency

o

15.3

Condenser Duty

kW

778

Refrigerant T (Condenser)

o

130

Compressor Isentropic
Efficiency
Motor Efficiency
Compressor Work
Compressor Pressure Ratio
COP
% Heat Recovered

C

kW

C

0.85

0.75

Generator Efficiency

0.95

0.95
211
2.65
3.69
64.5

Pump Efficiency
Motor Efficiency
Pump Power
Gross Power Output
Net Power Output
Plant Thermal Efficiency
% Heat Recovered

0.75
0.95
3.69
127.4
123.7
0.138
100

kW
kW
kW

Tables 2 and 3 show that both heat recovery options show good technical performance with the HP
producing 1039kg/hour of LP steam in the correct pressure range which would help to significantly
reduce the current demand of the plant. The ORC produces a net power output of 124kW, all of
which would be consumed on site, helping to significantly reduce the amount of grid electricity the
plant must purchase.
The HP achieves a competitive COP of 3.69 which, crucially, is greater than the ratio of the cost of
electricity to natural gas in the UK (2.93 - see below) which ensures reductions in running costs (as
opposed to heating in a boiler). The ORC achieves a thermal efficiency of 13.8% which is in the
standard range for heat sources of this temperature.
The ORC performs significantly better than the HP in terms of the amount of heat recovered from
the waste heat source. The ORC is capable of recovering all of the waste heat from the source
while the HP can only recover 64.5%. This is caused by the nature of the heating in the ORC: the
ORC working fluid requires both pre-heating and evaporation in the waste heat boiler thereby
allowing the heat source to be sensibly cooled as the refrigerant is pre-heated (in a counter-current
arrangement). The heat pump working fluid requires no pre-heating, therefore the heat source
outlet temperature is determined by the working fluid pressure (and therefore boiling temperature)
and the heat exchanger pinch point. The working fluid pressure may be reduced in order to improve
the percentage of heat recovered, but this would be counter-productive as the compressor
compression ratio and subsequent COP would be reduced, hence lowering the overall HP
performance.

Economic & Environmental Performance
The economic and environmental performance of the two technologies are evaluated in terms of the
potential running cost and emissions reductions predicted by the models. Table 4 below displays
the associated costs and emissions of electricity and gas in the UK.
Table 4: Cost and Associated Emissions of Utilities in the UK
Utility
Gas
Electricity

Cost per unit
£/kWh
0.0392
0.1149

Associated Emissions per unit
kg.CO2eq/kWh
0.1836
0.5246

The cost savings associated with the ORC are solely linked to the electricity generation and it is
assumed that the plant will consume all of the generated electricity onsite. Therefore, the savings
are equal to the equivalent cost of purchasing the same amount of electricity. The emissions
savings are calculated by comparison of the associated emissions with consumption of grid
electricity compared to the carbon-free electricity generated by the ORC.
The savings associated with the HP are linked to both the gas and electricity prices. The condenser
duty of the HP is used to raise steam, thus directly replacing a previous gas heating duty (which is
assumed to be consumed in a boiler of 85% efficiency). Therefore the savings are equal to the cost
and emissions associated with the equivalent gas duty. However, in this case the savings are offset
by the electricity consumed in the compressor drive.
Table 5. Yearly Savings Associated with Each Technology
Reductions
Gas
Electricity
MWh
MWh
HP
ORC

7325.7
0

-1688.8
986.8

Emissions Savings
Gas
Electricity
Net
tCO2.eq
tCO2.eq
tCO2.eq
1345.0
0.0

-885.9
517.7

459.1
517.7

Gas
£

Cost Savings
Electricity
£

Net
£

287,168.69
0.00

-194,043.12
113383.32

93,125.57
113,383.32

Table 5 shows that both technologies are significantly profitable and have great potential to reduce
greenhouse gas emissions in line with the UK Climate Change Act.
However, the data shows that the ORC outperforms the HP in terms of both potential cost savings
and emissions savings. Cost savings are around £20,000 per year more which would help reduce
project pay back times (see note on capital cost estimates below) and around 57 tonnes of carbon
dioxide per year more are saved with regards to emissions.
Capital and Maintenance Cost Estimate
Accurate capital cost estimates are difficult to acquire for heat pumps and organic Rankine cycles.
Therefore, basic cost estimates are provided based on guidelines set out by the U.S. Department of
Energy (2008), as shown below in Table 6 (note capital cost converted to Great British Pounds (£)
using the 2008 exchange rate).
Table 6: Estimate Capital Cost Data
Technology

Capital Cost by System Output
(£/kW)

HP
ORC

270-420
900-2100

Capital Cost of Presented Case Study
(£)
Lower

Upper

Mean

206,982
111,366

321,972
267,603

264,477
189,485

The data in Table 6 shows that, statistically, the capital cost of the two proposed projects are equal
as the two mean values fall within the upper and lower values of the two technologies. At this
stage, it would be impossible to more accurately evaluate the expected capital cost and therefore
the safest conclusion is that they are statistically equal. Simple pay back times for both
technologies would be around 1.5 to 3 years (excluding maintenance costs) which would be
considered acceptable by most processing sites.
Maintenance cost estimations are also difficult to quantitively predict without detailed
conversations with potential suppliers. However, from a qualitative point of view it is reasonable to
say that the maintenance costs of the two technologies would be around the same as both
technologies contain very similar components: very similar heat exchangers, a turbine/compressor,
and various valves/pumps. At this stage, it is therefore concluded that maintenance costs are equal.
Therefore, the economic assessment of the two technologies may be solely based on the expected
cost savings due to reductions in usage of gas/electricity due to use of the technologies. This means
that, from an economic point of view, the ORC would be the recommended technology for this
case study as larger cost savings are expected. Furthermore, the cost savings for the ORC would be
expected to increase in future years while the HP cost savings may diminish. This is according to
the expect forecast for cost trajectories of gas and electricity in the UK with electricity prices
expected to continue to rise at the current rate, but with gas prices becoming cheaper due to the
development of shale-gas production (this has led to a decrease in the cost of natural gas in the U.S.
and is expected to have a similar effect in the UK).
CONCLUSIONS
A comparison of an organic Rankine cycle and heat pump for utilisation of ‘waste’ heat in a UK
chemicals site has been performed via theoretical modelling. Standard cycles are chosen for both
the HP and ORC, and standard working fluids employed (R-245fa in both case).
The results show that both technologies perform well in terms of technical performance, economic
benefits and environment benefits. Both technologies are capable of recovering a significant
amount of waste heat, and both technologies show high efficiencies comparable to similar
published case studies (HP COP of 3.69, ORC thermal efficiency of 13.8%).
The ORC is the recommended technology for waste heat recovery in this case study as it shows
better performance in all three key categories. The technical performance outweighs that of the heat
pump as 100% (895 kW) of the waste heat can be recovered, compared to 64.5% (578 kW). The
economic performance is shown to be greater as the expected savings are greater (£113,383/year
compared to £93,126/year). This is the key economic result, as capital cost and maintenance costs
are expected to be similar. Finally, the expected environmental benefits show that the ORC is
capable of reducing greenhouse gas emissions by a larger proportion (518 tCO2eq/year compared
to 459 tCO2eq/year).
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ABSTRACT
In this work a novel water vapor permeable coating with an inert binder and SAPO-34 as active
material for the use in adsorption chillers or heat pumps is presented. The influence of the binder onto
the equilibrium and dynamic adsorption characteristics for two different binder/sorbent ratios is
evaluated by means of thermogravimetry and a volumetric pressure jump method.
First hydrothermal and mechanical stability test showed a good stability for 25 wt% of binder content.
Even for a very low binder content of only 2.5 wt%, the stability was surprisingly fair.

INTRODUCTION
Within the last years, several coating techniques with regard to the application in adsorption heat
pumps or chillers have been reported. In principle, the different techniques can be divided into direct
crystallization (Bauer et al. 2009, Bonaccorsi et al. 2006, Erdem-Senatalar, Tatlier and Urgen 1999) or
binder based (Dawoud 2010, Freni et al. 2010, van Heyden et al. 2009) coatings.
In this work a novel binding system has been used to prepare coated metal plates. Unlike commonly
known binder based coatings, as reported in (Bauer et al. 2009), this novel system shows no influence
on the material properties at all. As verified by equilibrium measurements (see fig. 1) there is no pore
plugging and hence loss of accessibility and no organic contents which may cause problems in
vacuum setups. Instead the coatings show an excellent thermal and mechanical stability and a wide
compatibility to various adsorbent materials. In addition, the binder shows a huge flexibility which is
demonstrated by the preparation of five different dispersions with varying binder ratios from 100 wt%
down to 2.5 wt%. As adsorbent a SAPO with chabazite framework type was used, as this material
shows a good water uptake and hydrothermal stability (Henninger, Schmidt and Henning 2010). The
dispersions were manually coated on 50 × 50 mm² aluminum-plates and dried at 250°C. The achieved
thickness of the film is about 250 µm.

PREPARATION
An aqueous suspension of the adsorption material was treated in an ultrasonic bath for 30 min to get a
homogenous dispersion of the particle. The distribution of the particle size over 1000 particles after
the ultrasonic treatment was measured with a LEXT laser scanning microscope. The middle particle
size diameter was identified with d50 = 2.28 µm and a distribution from d10 = 1.13 µm to d90 = 5.06
µm.
After the ultrasonic treatment, the dispersion was stirred and the aqueous solution of the binding
material was slowly added. 1.0 ml of the well stirred dispersion was manually applied evenly on
50×50 mm aluminum-plates (AlMg3) and then slowly heated up and dried at 250°C in a muffle
furnace. At 250°C the crosslinking is complete and the solvent is completely removed.
The achieved thickness of the film measured with micrometer calliper is approximately 250 µm at the
edges. In addition the height profile of the surface was measured with a LEXT laser scanning
microscope showing an average surface height of 250 µm (see fig. 1).

Figure 1: Picture and height profile of the sample taken from a 3D surface measurement with the LEXT
laser scanning microscope. The profile was scanned diagonally over the sample as illustrated on the left
side by a blue line.

WATER ADSORPTION PERFORMANCE
The water adsorption characteristics of the coatings were measured by a special modified
thermobalance manufactured by Rubotherm. The setup consists of the well known magnetic
suspension balance with a resolution of 10 µg and an enhanced measuring chamber to fit samples with
size up to 5x5 cm² and up to 25 g sample weight. The measuring chamber is hermetically sealed thus
providing high vacuum for desorption or pure water vapor atmosphere for isobaric or isothermal
measurements.
Prior to the adsorption measurements, the samples are heated to 150°C under continuous evacuation to
determine the dry mass used as reference. Subsequently adsorption isobars at 1.2 kPa water vapor
pressure were measured, starting with a sample temperature of 150°C down to 20°C with 10K steps
(fig. 2). In addition the pure, uncoated adsorbent material as well as the binder without any active
adsorbent was measured as reference. As can be seen in fig. 2, the pure adsorbent shows a maximum
water uptake of 0.318 g/g, whereas the binder itself shows no water uptake.

Figure 2: Water uptake of the samples under isobaric conditions at 12 mbar pure water vapor pressure.
The sample was heated from 20°C to 150°C. The loading x is calculated for the whole coating (binder +
adsorbent).

The adsorption characteristics show the typical slope of the SAPO-34 material, with a step increase of
the adsorption isobar between a relative pressure of 0.05 and 0.20 p/p0.
In addition, the maximum loading for a binder content of 25 wt% is measured to 0.228 g/g,
respectively 0.310 g/g for a binder content of 2.5 wt%. Within a measuring error of approximately
0.02 g/g this corresponds exactly to the maximum uptake of the pure material. Furthermore the
isotherms are vertically shifted showing no significant change of the slope.
Therefore it can be concluded, that the equilibrium water uptake is not influenced by the binder.
Beside the equilibrium adsorption characteristic also the dynamic adsorption evolution over time of
the samples was measured by a pressure jump method in a self-made apparatus as described in
(Schnabel et al. 2010) and another contribution to this conference (Frazzica et al., 2012).
As in the case of the equilibrium measurements, the samples have been dried prior to the kinetic
measurements at 95 °C under continuous evacuation for 4 hours. Then the sample is cooled down to
40°C for another 4 hours. Unlike in the case of the thermogravimetric measurements the samples are
in direct contact with a cold-plate at the given temperature which makes the heating and cooling
process much more rapid.
Dynamic measurements were then performed as pressure jump in canonical mode, i.e. a fixed and
measured number of gas molecules is provided in a very short time by a dosing chamber. After
opening the valve between the measurement and the dosing chamber, the sample is exposed to an
almost immediate pressure jump (time lag <0.1 s) and the adsorption on the sample starts. The
resulting decrease in overall pressure (dosing chamber and measurement chamber) is recorded and
consequently used to calculate the water uptake vs. time.
The calculated loading of the two samples is illustrated in fig. 3. As a principal procedure, data
acquisition is started 10s before opening the valve between the dosing and the measuring chamber.
After opening at 10s, the adsorption starts instantaneously, reaching the equilibrium after
approximately 100s. The time evolution of the dynamic adsorption is similar for both samples, with
different maximum loadings corresponding to the different amounts of active sorption material as
described above.

Figure 3: Water Adsorption Kinetic measurement with half time t0.5 and t0.8. The valve is opened after
10 seconds of data acquisition; the adsorption takes place canonically against the evacuated sample
chamber.

To quantify the adsorption dynamics, the adsorption half time and the rise-up time according to
Dawoud (2010) were calculated.

For the samples, the half time t0.5 is quite similar with only 9s for a binder content of 2.5 wt% and 11s
for a binder content of 25 wt%. This is 10-times faster compared to the 300 µm layer reported in
Dawoud (2010).
In addition the rise-up time t0.8 – t0.15 is 29s for 2.5 wt% and 27.5s for 25 wt% respectively and
therefore 6-times faster compared to the results of Dawoud (2010) (see Table 1).
Table 1 Rise-up times for reaching relative loadings of 0.15, 0.5 (half-time) and 0.8 x/xmax

binder content
2.5 wt%
25 wt%

t0.15 / s
1
1.5

t0.5 / s
9
11

t0.8 / s
30
29

t0.8 – t0.15 / s
29
27.5

Beside the pressure signal the surface temperature is measured contactless with an infrared sensor
placed above the sample. This method allows measuring the surface temperature rise within +/- 1K.
This is especially important for the first seconds of the adsorption process. As can be seen in fig.4, in
case of a binder content of 2.5 wt% a sharp increase of 65 K up to 105 °C can be observed within the
first seconds followed by a continuous decrease within the next 90 seconds. The second sample with a
higher binder content of 25 wt% shows only a smaller increase of the surface temperature of
approximately 15 K up to a surface temperature of 55°C.
After a total of 100s, that is 90s of the adsorption process as the valve is opened after 10s of data
aquisition, both samples are again at the initial temperature of 40°C. These results emphasize the fast
adsorption dynamics of the developed samples.
The mass and heat transport processes leading to this behavior are strongly coupled. Only for the very
first sharp rise in temperature one could assume an adiabatic sample, since mass transfer is much faster
than the heat transport in this initial phase which is limited here by the low thermal conductivity of the
layer. After the peak temperature is reached, heat transfer is limited also by both the contact resistance
between coating and metal as well as between sample and coldplate.
To find the physical heat and mass transport parameters, the coupled system of PDEs describing nonisothermal, non-isobaric and non-adiabatic adsorption kinetics has to be solved and fitted to the
experiment (see e.g. contribution A. Frazzica et al. to this conference). This can be done more easily
when some of the parameters (e.g. the thermal conductivity of the layer or the macropore
permeability) have been obtained from independent measurements.

Figure 4 Surface temperature measured contactless by an infrared sensor of the two samples during the
pressure jump measurement. Again, the valve is opened after 10s of data acquisition.

HYDROTHERMAL AND MECHANICAL STABILITY
Beside the equilibrium and dynamic adsorption characteristics the hydrothermal and mechanical
stability is a key issue for the use in cyclic adsorption processes (Freni et al. 2011, Tatlier and ErdemSenatalar 1999, Henninger et al. 2011). Therefore first test on the mechanical as well as on the
hydrothermal stability were performed.
The hydrothermal treatment consists of successive heating up to 120°C and cooling down to 20°C of
the sample under a pure water vapor atmosphere. A complete cycle, consisting of adsorption and
desorption can be realized within approximately 3 minutes. This accelerated aging test is realized
within a self-made apparatus as described in (Henninger and Munz 2009). Prior to and after the
cycling a thermogravimetric equilibrium measurement takes place in order to detect a possible
degradation.
Both samples were treated initially for 500 cycles before a first inspection of the sample was
performed. Whereas the sample with a binder content of 25 wt% showed no visible defect, this was
not the case for 2.5 wt%. This sample showed an already optical visible degradation. After additional
2500 cycles a partial detachment of the coating was observed.
The sample with a binder content of 25 wt% was stable over the whole 3000 cycles with no
degradation. A picture of the sample after the hydrothermal treatment is shown in fig. 4.
The equilibrium measurements show no changing of the properties of the coating in all cases.

Figure 5 Surface of the coating with 25 wt% binder content after the hydrothermal treatment
with 3000 full cycles. No degradation is visible, though the edges are darkened a little compared
to the initial state.
CONCLUSION
A novel binding system for the use in adsorption heat pumps and chillers has been developed and
various small metal plates have been successfully coated. The binder forms mechanical stable coatings
even with 2.5 wt% binder content and shows a good thermal stability. In addition, very promising heat
and mass transfer properties were achieved. Out of the first results, no influence on the water
adsorption properties has been observed. The kinetic of the adsorption is very fast and takes place
within under 100 s. Out of these promising results no limitation due to reduced water vapor transport
through the coating can be seen.
The introduced coating has a huge potential for improving the power density and reduce the
production costs of adsorption heat pumps and chillers.
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Abstract
In this work a novel solar driven dehumidification and cooling system is presented.
The core components of this combined system are a sorptive dehumidification device based on high
performance sorptive coatings and a novel evacuated tube solar air collector as driving source.
Besides a brief description of the novel components and the experimental setup, a performance
prediction for different boundary conditions and different adsorbents based on a validated
2-dimensional thermodynamic model implemented in Modelica is reported. The chosen adsorbent is
attached to the heat exchanger surface by a newly developed coating technique. In these calculations, a
SAPO-34 coating shows good results for high desorption temperatures of 120 °C which can be
provided by the evacuated tube solar air collector.

Introduction
In view of current architectural trends with large glass facades and due to enhanced comfort
requirements the energy demand spent on cooling of buildings is increasing significantly. In the given
situation the integration of renewable energy for building HVAC is of great importance for reducing
CO2 emissions, as still about half of the final energy demand (49%) in the EU is used for heating and
cooling (ESTTP 2009). In light of this background, Fraunhofer ISE is developing a solar driven
dehumidification and cooling system in the collaborative project SorLuko with the partners Airwasol
GmbH & Co. KG and Contherm Wärmedämmsysteme GmbH.
The system combines an evacuated tube solar air collector with a sorptive coated cross-flow heat
exchanger similar to the ECOS setup.
Description of the system
The HVAC system, which is currently under development, consists of an evacuated tube solar air
collector from Airwasol with an open dehumidification and cooling system. The setup is an ECOStype using an evaporatively cooled sorptive coated cross-flow heat exchanger (Motta 2005, Bongs
2011). Since space for rooftop installation is rare due to the competition with alternative utilizations
like photovoltaics, the collector will be developed to a facade integrated type supplying the driving
heat with air temperatures up to 150 °C. A scheme of the system is depicted in Figure 1.
The adsorbent material, which is coated on the surface of the sorptive heat exchanger channel, is
regenerated in the desorption stage by means of hot air from the collector. In the adsorption stage, after
a short pre-cooling of the heat exchanger and its housing, ambient air is dehumidified in the sorptive
channels and simultaneously cooled down by indirect evaporative cooling. For this purpose the waste
air stream in the cooling channels is saturated by water.

Figure 1: Scheme of the HVAC system with detailed view of an evacuated tube solar air collector
and a CAD model of the cross-flow sorptive coated heat exchanger
In difference to the ECOS-system, the air handling unit will be reduced to one heat exchanger for
reasons of compactness as well as installation cost. This will lead to a discontinuous cooling supply
with full-cycle durations of approx. 20 minutes, circulating the air in the meantime using the room as a
buffer.
Development of the adsorptive coated heat exchanger
Two aluminum heat exchangers with dimensions of approx. 400x400x400 mm3 have been
manufactured by Haugg-Industriekuehler by brazing to ensure good leakage tightness against air, water
and vapour. The surface area in the two channels are 24 m2 for the sorptive channels and 17 m²
respectively 21 m2 for the evaporative cooling channels depending on the lamellas used therein. The
total aluminum mass is 28 kg. Further developments are intended to reduce the metal mass for
decreasing cycle times and enhancing efficiency.
Different adsorbents were evaluated for the given boundary conditions of the application. The
characteristics of three materials in focus with highlighting the region of interest and maximum uptake
reachable under equilibrium conditions are given in Figure 2 (adapted from Bongs 2009). Further
analysis regarding the system performance will follow in the next section. The chosen adsorbent is
attached to the heat exchanger surface by a newly developed coating technique. For the development of
the coating technics a separate contribution labeled HPC-220 has been filed by H. Kummer.
The coating of the heat exchanger described above is not carried out yet. For this reason only the
targeted values will be described here. The coated adsorbent mass should achieve at least 5 kg with a
mean coating thickness of 0,25 mm. This would lead to a mass relation of roughly 1:5.5 for the
adsorbent - metal relation. By further developments like reduction of the metal mass and enhancing the
coating thickness a relation of 1:3 should be reachable.
The air handling unit will be installed in summer 2012, performance measurements and monitoring
will begin accordingly. As a goal assumed from pre-calculations a dehumidification performance of
5g/m3 at a flow rate of 200 m3/h is set.

Figure 2: Characteristic uptakes of suitable adsorbents for the DEC-application with the
evacuated tube solar air collector: The normalized uptake of a Silica gel, Zeolite-Y, and SAPO-34
are compared; Silica gel and SAPO-34 should perform best under these conditions.

System performance for Silica gel and SAPO-34
As one can deduce from the modified equilibrium data transformed to a characteristic curve (see
Figure 2), the materials differ in terms of possible uptakes and therefore dehumidification capacity
within the working window. While the silica gel shows a slope characteristic for mesoporous materials
with the largest uptake at very low adsorption potential and therefore near at the adsorption point of
32 °C / 12g/kg, the SAPO-34 faces its steepest rising in the middle between the adsorption and
desorption point corresponding to 80 °C / 12g/kg.
As the shape of the equilibrium curves have major influence on the driving forces and kinetics of
adsorption especially at non-isothermal conditions (v. Heyden 2009, Aristov 2009), it is assumed that
the ad- and desorption times needed within the cycle respectively the proportion of them should differ
strongly between the two materials.
For that analysis a dynamic, validated 2-dimensional model implemented in Modelica is used. For a
detailed description of the model see references (Bongs2011) and (Bongs 2009). The input values for
simulation are T_Des = 80 °C, T_Amb = 32 °C, x_Amb = 12g/kg, full cycle time of 100 minutes. The
cycle times are chosen in order to reach more or less equilibrium conditions to compare the maximum
uptake respectively dehumidification achievable, which is not typical for the application. The runs have
been performed with geometric/material values deduced from the heat exchanger described above and
a coating comprising 7.5 kg of pure adsorbent.

Figure 3: Full cycle of pre-cooling, cooling / dehumidification and desorption as simulated with
the adsorbents Silica gel and SAPO-34 under conditions ambient air 32 °C and 12g/kg and
desorption temperature of 80 °C. Dehumidification is only balanced during the cooling phase, as
in the pre-cooling step there is no airflow in the sorptive channel.
The dynamic performance of the two materials reflects the assumptions stated from the equilibrium
data (see Figure 3). Whereas the SAPO-34 faces the major part of dehumidification within the first 20
minutes, the Silica gel does not reach its equilibrium uptake even within 50 min. For the desorption it
is contrary, the Silica gel can be desorbed completely within 35 min, whereas the SAPO-34 can hardly
be transferred to a dry equilibrium state within 45 min of the desorption phase with driving heat of
80 °C. A possible explanation can be deduced from the characteristic curve and the temperature profile
of the air leaving the channel (Figure 3 bottom). In case of adsorption, for the SAPO-34 a strong
adsorption starts immediately after the pre-cooling visible as a temperature maximum at time stamp

518 min. The silica gel shows a linear decreasing temperature which can be identified with a
continuous but slow adsorption. In the desorption case, the SAPO-34 temperature profile shows a
strong increase within the first 10 min, which can be identified as sensible heating of the material.
Then an inflection point is clearly visible as the desorption takes place, reducing the slope continuously
as heat is used to overcome the interaction energy. In contrast, for the silica gel the desorption starts
directly after changing the operation mode visible as an early inflection point.
The considerations of equilibrium characteristics of the material in relation to the favorable operating
points of the cycle leads to enhanced desorption temperatures for speeding up the desorption kinetics.
Reaching this temperature range of 100 °C and above is a key issue of the developments regarding
system setup as well as evacuated tube solar air collector within the project. Therefore, an additional
simulation run with desorption temperature of 120 °C has been performed for SAPO-34.

Figure 4: Variation of the desorption temperature for SAPO-34.

The temperature of 120 °C leads to a different situation (see Figure 4), while the dehumidification
differs only slightly due to a small enhancement of uptake, the desorption of SAPO-34 is speeded up
significantly. The adsorbent can be fully regenerated within 25 minutes. For the application this shows
the potential of realizing a high dehumidification ratio in combination with fast regeneration. In a
second step simulation runs will be performed with shorter cycle times for balancing and optimizing
dehumidification ratios under more realistic conditions.
However, higher desorption temperatures will lead to two drawbacks. First, the efficiency of the solar
air collector is decreased. Second, the efficiency of the cooling / dehumidification process is lowered,
as more sensible heat is consumed for heating up the heat exchanger and adsorption material.
Therefore, within the development of the Sorluko system both aspects will be addressed by reducing
the heat exchanger metal mass thus reducing the sensible heat to be spent during desorption and
introducing heat recovery into the system setup.
Summary
Within the project Sorluko a solar driven HVAC system is developed, which is suitable especially for
humid and maritime climates, where dehumidification is a main task. For desorption temperatures of
100 °C and above SAPO-34 could outperform the commonly used Silica gel in thermally driven air
handling units. For optimization of the components as well as system layout, additional simulation
studies will be performed.
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Abstract
Novel adsorbents of ammonia based on a binary salt system BaCl 2 +BaBr 2 inside the vermiculite
pores were intently designed for adsorption cooling cycles specialized for air conditioning (AC) and
ice making (IM) driven by low temperature heat. On the base of analysis of the working conditions of
the cycles the requirements to the optimal adsorbents (OA) were formulated in terms of the
equilibrium temperature of reaction between the salt and ammonia. Then the real composite
adsorbents BaClBrV-1/1.2 and BaClBrV-3/2 which possessed the required properties were prepared.
The equilibrium and dynamics of ammonia sorption on the composites were studied by barometric,
thermogravimetric and Large Temperature Jump methods under working conditions of the AC and IM
cycles. Based on adsorption dynamics data the efficiency of the AC cycle using the novel composite
BaClBrV-3/2 was estimated as SCP=230-610 W/kg and COP =0.43-0.55. The rate of ice production
in the IM cycle using BaClBrV-3/2 was evaluated as 2 kg/(kg⋅h). Such a good performance
demonstrates an advantage of the target-oriented design of adsorbents with predetermined properties
matching the particular conditions of the cooling cycle.
Introduction
Performance of an adsorption heat transformer (AHT) is strongly affected by adsorption equilibrium
of the working pair “adsorbent – adsorbate”. The intent design of adsorbents, whose properties match
the operating conditions of the particular AHT cycle, is one of the encouraging ways to enhance the
AHT performance. Composites “salt inside porous matrix” (CSPM) have been proposed as water,
methanol and ammonia sorbents for AHT (Aristov et al, 2002). The salt (S) is the active component
which reacts with a refrigerant vapor (V):
S + N V = S⋅NV
[1]
resulting in large sorption capacity of CSPM. The equilibrium temperature T * (P) of reaction [1] and,
consequently, the sorption equilibrium of CSPM can be intently modified that gives a wide scope for
designing the sorbent optimal for a particular cycle. The confinement into matrix’s pores of two salts,
which affect each other, appears to be an efficient tool for managing the composites sorption
properties (Gordeeva et al, 2012). The aim of this communication is the intent designing the
composite ammonia sorbents specialized for IM and AC adsorption cycles.
Design of the adsorbents
The typical operating conditions of IM cycle driven by low temperature heat source can be
determined as follows: the evaporator temperature T ev =-5°C (P ev =3.5 bar), the temperature of cooling
water T cool =30°C (P con =11.2 bar), and the heating water temperature T heat =90-100°C (Fig. 1). The
general thermodynamic requirement to the adsorbent is a large variation Δw of sorption in the cycle,
means between points (T cool , P ev ) and (T heat , P con ) in Fig. 1. In other words, when the CSPM is used as
the adsorbent the salt-ammonia complex S⋅NNH 3 has to form at temperature T * (P ev )≥T cool and
decompose at T * (P con )≤T heat . However, some overcooling ΔT ad below the equilibrium reaction
temperature ΔT ad =[T * (P ev )–T cool ]≥10°C at adsorption stage is necessary to provide a reasonable
driving force for reaction [1] (Veselovskaya and Tokarev, 2011). Thus, the minimal temperature of

the ammonia complex formation can be defined as T * (P ev )=(T cool +ΔT ad )≈40°C at P ev =3.5 bar (Fig. 1).
Taking into account the overheating of the adsorbent by ΔT des =[T heat –T * (P con )]≥10°C necessary to
provide a driving force during the regeneration stage, the temperature of the complex decomposition
can be evaluated as T * (P con ) ≤90°C at P con =11.2 bar. The composite OA IM whose properties meet the
formulated requirements can be considered optimal for the IM cycle. Following the same logic, the
requirements to the OA AC for AC cycle for hot climatic area (T ev =10°C (P ev =5.8 bar), T cool =35-40°C
(P con =13.1-15.1 bar), T heat =90-100°C) are formulated: T * (P ev )≈45-50°C at P ev =5.8 bar and
Т * (P con )≤90°C at P con =13.1-15.1 bar (Fig. 1). The IM cycle requires the OA IM with some higher
affinity to ammonia in comparison with OA AC (Fig. 1).

Figure 1 – The operating conditions of IM () and AC () cycles, the equilibrium isosters for
BaCl 2 , BaBr 2 (–––) and that defined for OAIM (, – ⋅ –) and OA AC (,– ⋅ –). The transitions
between different ammonia complexes S⋅NNH 3 are denoted as “N 1 – N 2 ”
BaCl 2 and BaBr 2 react with 8 molecules of ammonia forming complexes BaHal 2 ⋅8NH 3 that allows the
sorption Δw = 0.65 and 0.46 g/g, respectively (Touzain, 1999) and could be a promising active salt
for the composite preparation. Let us consider the equilibrium lines of BaCl 2 and BaBr 2 with
ammonia (Fig. 1). At ammonia pressure P ev = 3.5 bar the equilibrium temperature of BaCl2 ⋅8NH 3
formation T * (P ev )=30°C is lower than that estimated for the OA IM T * (P ev )=40°C (Fig. 1). BaBr2 reacts
with ammonia forming a set of complexes BaBr 2 ⋅NNH 3 (N=1, 2, 4 and 8). However, the
decomposition of the complexes BaBr 2 ⋅4NH 3 , BaBr 2 ⋅2NH 3 and BaBr 2 ⋅NH 3 occurs at T * (P con ) = 95,
110 and 257°C, respectively, that is higher than temperature defined for OA IM T * (P con )≤90°C. Such
an analysis accomplished for the AC cycle described above reveals the similar features. The affinity
of BaCl 2 to ammonia is too low and it reacts with ammonia at temperature lower than those for both
OA IM and OA AC . Contrary, the affinity of BaBr2 to ammonia and the temperatures of its ammonia
complexes decomposition are too high.
It has been shown previously (Gordeeva et al., 2012) that the equilibrium temperature (or pressure)
of the ammonia complex formation for composites (BaCl2 +BaBr 2 )/SiO 2 can be easily managed by a
proper selection of the relative salts content. The equilibrium pressure Р * hal (T) of ammonia complex
BaHal 2 ⋅8NH 3 formation is a linear function of the BaBr 2 mole fraction m BaBr2 =С BaBr2 /(С BaCl2 +С BaBr2 ).
The composites based on silica gel are good model systems, however they can be hardly used in
actual practice due to low pore volume and fragile structure of silica gel. For this reason, we have
prepared the adsorbents based on the binary salt system (BaCl 2 +BaBr 2 ) confined to the pores of
expanded vermiculite, which is characterized by large pore volume V p =2.8 cm 3 /g and flexible
structure. Firstly, taking into account the data on P * (T) for BaCl 2 ⋅8NH 3 and BaBr 2 ⋅8NH 3 formation
and the abovementioned linear dependence of Р * hal (m BaBr2 ), the theoretical equilibrium lines of the
complex formation were calculated for composites (BaCl2 +BaBr 2 )/vermilulite as function
P * hal (T)=f(T,m BaBr2 ). Then the optimal salts contents m BaBr2 were evaluated for OA IM and OA AC from
these lines as m BaBr2 =0.55 and 0.4 (or the optimal molar salts ratio C BaCl2 /C BaBr2 = 1/1.2 and 3/2) for

IM and AC cycles, respectively. The composites BaClBrV-1/1.2 and BaClBrV-3/2 with defined salts
content were prepared by dry impregnation of the vermiculite with aqueous salts solution. For
comparison purposes, the composites based on single salts BaCl 2 V and BaBr 2 V were synthesized and
studied as well.
Experimental
Temperature-programmed desorption (TPD) of ammonia from the composites, preliminary saturated
with ammonia at T=25°C and P=7 bar was carried out over the temperature range 25 – 280 °C at
heating rate of 1 °C/min. The dynamics of ammonia adsorption on and desorption from the
composites was studied by a Large Temperature Jump method, which simulated the conditions of
isobaric stages of adsorption cooling cycles (Aristov et al., 2008). The ammonia ad-/desorption
on/from the monolayer of the adsorbent particles of 1-2 mm diameter was initiated by a sharp
drop/jump of the adsorbent temperature. For the adsorption and desorption stages the initial
temperature T in was 70 and 40 °C, respectively, the final temperatures T cool and T heat were varied. The
amount of ammonia sorbed Δw (g/g) or ΔN (mole/mole) were calculated from the time dependence of
pressure and temperature (Veselovskaya et al., 2012).
Results and discussion
Temperature-programmed desorption
The total amount of ammonia desorbed from the composites during TPD Δw=0.24-0.26 g/g (Fig. 2).
The TPD profile for BaCl 2 V (Fig. 2) is characterized by one step drop of the sample weight at
temperature T=50-60 °C, corresponding to the decomposition of BaCl 2 ⋅8NH 3 . The TPD profile for
BaBr 2 V is quite different and characterized by two steps, which proceeds at T=80-95 and 144-122°C.
The former can be attributed to decomposition of the complexes BaBr 2 ⋅NNH 3 (N=8 and 4). The latter
is probably associated with decomposition of BaBr2 ⋅2NH 3 and BaBr 2 ⋅NH 3 . The decomposition of
complexes BaHal 2 ⋅NNH 3 for BaClBrV-3/2 and BaClBrV-1/1.2 composites (Fig. 2) occurs through
one wide step at T=55-85 and 65-95 °C, respectively, or at intermediate temperature ranges between
those for single salt composites BaCl 2 V and BaBr 2 V. The addition of BaBr 2 to BaCl 2 V composite
increases its affinity to ammonia: the larger bromine content the higher the decomposition
temperature. The mediate affinity of BaClBrV-3/2 and BaClBrV-1/1.2 composites when compared
with BaCl 2 V and BaBr 2 V is confirmed by the equilibrium adsorption data: the ammonia sorption
isosters of BaClBrV-3/2 and BaClBrV-1/1.2 are situated between those for BaCl2 and BaBr 2 .

Figure 2 – The TPD profiles for composites BaCl 2 V (1), BaClBrV-3/2 (2), BaClBrV-1/1.2 (3) and
BaBr 2 V (4) saturated with ammonia
Dynamics of ammonia ad-/desorption
The time dependences of ammonia sorption on BaClBrV-1/1.2 and BaClBrV-3/2 composites turn out
to obey the exponential equation:

Δ N (t ) = ΔN max (1 − exp( −t / τ))

[2]

where τ is the characteristic time of sorption (Fig. 3). Under conditions of IM (T cool =30°C P ev =3.5
bar) and AC (T cool =40°C P ev =5.8 bar) cycles considered, the maximum amount of ammonia sorbed on
the appropriate composites reaches ΔN max = 7.2 and 7.3 mole/mole (or Δw max = 0.24-0.25 g/g) and the
characteristic time τ=326 and 366 s, respectively (Table 1). The drop of the temperature T cool down to
20°C leads to the growth of ΔN max up to 8.0 mole/mole. Simultaneously the driving force Δ T ads for
complexes BaHal 2 ⋅NNH 3 formation rises that results in the sorption acceleration.

Figure 3 – The dynamics of ammonia sorption on BaClBrV-1/1.2 (open symbols) and BaClBrV3/2 (solid symbols) composites and their exponential approximation (lines) under conditions of
IM (a) and AC (b) cycles
Table 1 – The characteristic time of ammonia ad-/desorption on the composites BaClBrV-1/1.2,
BaClBrV-3/2 and BaCl 2 V
Adsorption
Desorption
T cool ,
T heat ,
τ, s
τ, s
°C
°C BaClBrV-1/1.2
BaClBrV-3/2
BaClBrV-1/1.2
BaClBrV-3/2
BaCl 2 V
P=11.2 bar
P=14.6 bar
P=3.5 bar
P=5.8 bar
P=5.8 bar
15
137
140
80
195
218
20
188
109
170
85
189
157
25
226
126
220
90
137
153
30
326
162
330
95
111
114
35
224
100
102
109
40
366
105
87
92
*
The data obtained allows an estimation of the equilibrium temperature T (P ev ) of ammonia complex
BaHal 2 ⋅NNH 3 formation for composites BaClBrV-1/1.2 and BaClBrV-3/2. The initial adsorption rate
r t=0 calculated from equation [2] as:
dΔN (t )
ΔN max
[3]
rt = 0 =
=
dt t = 0
τ
appears to be a linear function of T cool (Fig. 4). The line r t=0 = f(T cool ) crosses the abscise axes at
temperature equal to the equilibrium temperature T * (P ev ) of the complex BaHal 2 ⋅NNH 3 formation
(Grekova et all, 2012). The actual equilibrium temperature was estimated as T * (P ev )=39 °C at P ev =3.5
bar for BaClBrV-1/1.2 composite that is near equal to the temperature T * (P ev )=40 °C defined for the
OA IM . For BaClBrV-3/2 composite the temperature T * (P ev )=48 °C at P ev =5.8 bar agrees well with
T * (P ev )≈45-50°C for the OA AC (Fig. 4). Consequently, the properties of prepared composites
BaClBrV-1/1.2 and BaClBrV-3/2 appear to be close to that for the OAIM and OA AC , respectively.
It is noteworthy that under conditions of IM cycle (P = 3.5 bar, T cool = 30°C) ammonia sorption on
BaClBrV-1/1.2 composite tailored for this cycle is faster than that for BaClBrV-3/2 (Fig. 3a). At
ammonia pressure P = 5.8 bar in AC cycle and T cool ≤30 °C the sorption on BaClBrV-3/2, designed for

this cycle, is 1.5-2 times faster than that for BaCl 2 V composite (Table 1). BaCl 2 V does not adsorb
ammonia under conditions of IM and AC cycle considered at all.

Figure 4 – The initial rate r t=0 of complex BaHal 2 ⋅NNH 3 formation vs T cool for composite
BaClBrV-1/1.2 at P=3.5 bar () and BaClBrV-3/2 at P=5.8 bar ()

a)
b)
Figure 5 – Kinetic curves of ammonia desorption from BaClBrV-1/1.2 (a) and BaClBrV-3/2 (b)
composites
The dependence ΔN(t) for the desorption runs (Fig. 5) obeys the exponential equation [2] as well.
The characteristic time τ = 102-137 and 109-153 s for BaClBrV-1/1.2 and BaClBrV-3/2,
respectively, under conditions of the IM and AC cycles at T heat =90-100°C (Table 1). The decrease in
temperature T heat leads to diminution of the driving force for the complexes BaHal 2 ⋅NNH 3
decomposition and to growth of the characteristic time. Simultaneously, the decrease in the amount
of ammonia desorbed ΔN max from 8 to 4-4.5 mole/mole is observed. That agrees with the data of
TPD: ammonia desorption occurs at certain temperature range of about 30°C (Fig. 2). At T heat ≥95 °C
the amount of ammonia desorbed ΔN max =7.5-8.0 mole/mole is close to the adsorbed amount
ΔN max =7.2 - 7.9 mole/mole, thus a nearly complete desorption is observed under conditions of the
cycles considered.
Evaluation of the performance
The data obtained allows evaluation of the cooling efficiency of IM and AC cycles based on the
prepared composite. The total mass of ice m ice produced by the adsorption ice maker with BaClBrV1/1.2 composite per cycle can be estimated from the equation (Grekova et al., 2012):

mice =

Δwmax ⋅ (ΔH ev − C pa (Tcon − Tev ))
C pw ⋅ (Tenv − T fr ) + ΔH fr

,

[4]

where C pw and C pa are the specific heat of water and ammonia, respectively, T env is the temperature of
the environment (30 °C), T fr and ΔH fr are the freezing temperature and heat of water, ΔH ev is latent

heat of ammonia. The value obtained m ice =0.64 kg/kg is superior to that for the working pairs carbon
– methanol and carbon – ammonia, commonly used for ice making (m ice =0.2-0.5 kg/kg) (Wang et al.,
2003; Critoph, 1994; El-Sharkawy , 2009). The specific rate of ice production r ice can be evaluated
taking into account the total cycle duration. The ad-/desorption duration was restricted by times
t 0.9 (ads) and t 0.9 (des) corresponding to the conversion x=Δw/Δw max =0.9 in order to avoid the fall down
of cooling power during long exponential “tail”. Taking into account t 0.9 (ads)=720 s at T cool =30 °C
and t 0.9 (des)=423 s at T heat =100°C and neglecting the duration of isosteric stages the rate r ice (x=0.9)
was estimated as r ice (x=0.9)=m ice ⋅x/(t 0.9 (ads)+t 0.9 (des))=2 kg/(kg⋅h). Composite BaCl2 V does not sorb
ammonia under these conditions and consequently is not applicable at this cycle. The efficiency of
ice makers based on physical adsorbents is much lower (r ice = 0.02 - 0.18 kg/(kg⋅h)) due to their low
adsorption capacity. Ice maker, based on chemical adsorbent СaCl 2 and ammonia demonstrates better
efficiency of 4 kg/(kg⋅h) but requires higher temperature for the sorbents regeneration T heat = 140 °C
(Wang et al., 2006).
The Coefficient Of Performance (COP) and the Specific Cooling Power (SCP) of the AC cycle were
evaluated by modeling the operation in the cyclic steady state mode (Veselovskaya et al., 2012).
Under conditions of the AC cycle even at T cool =40°C the values COP=0.45-0.55 and SCP=230-260
W/kg were obtained at the total cycle duration 200-600 s for the adsorption chiller with BaClBrV-3/2
that is quite acceptable. At lower T cool =30 °C the adsorption chiller allows the COP=0.43-0.50 and
SCP=520-610 W/kg at the cycle duration 200-400 s that are superior to those for BaCl 2 V composite
(COP=0.38-0.47 and SCP=425-470 W/kg).
Thus, the composite sorbents BaClBrV-1/1.2 (a) and BaClBrV-3/2 with the proper BaCl 2 and BaBr 2
content, whose properties match the operating conditions of the IM and AC cycles, were intently
tailored. That affords the significant increase in the cycle cooling power and COP. These examples
serve to illustrate the potential of the target oriented design of the adsorbents for the enhancement of
the efficiency of particular adsorption cooling cycles.
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Abstract
Heat and mass transfer in an adsorbent bed of an adsorption heat pump play an important role on the
efficiency of the system. In this study, heat and mass transfer in an adsorbent bed of an adsorption heat pump
was experimentally investigated during the isobaric adsorption process. An experimental setup was
constructed and silica gel-water pair was chosen as working pair. By using the obtained experimental data
during the adsorption process, the amount adsorbed, pressure change in the adsorbent bed and in the
evaporator, the change of evaporator temperature and the temperature profile along radius of the adsorbent
bed are shown via graphics, and necessary discussions were performed.
Introduction
Thermal heat pumps have gained attentions of researchers in recent years due to limited conventional energy
sources and environmental issues. Adsorption heat pump (AHP), which is a kind of thermal heat pump, can
recover heat at low temperature levels and provide cooling effect (Ülkü, 1986). It can operate with solar,
geothermal energy or waste heat. Moreover, it has ability to store energy which can be utilized later on. As a
disadvantage, it has lower COP values compared to the mechanical heat pump.
The adsorbent bed is the crucial component of adsorption heat pump. Slow heat and mass transfer process in
the adsorbent bed is the main drawback of the adsorption heat pump. The enhancement of heat and mass
transfer rate reduces the period of cycle and consequently increases its power. There are reported
experimental studies on adsorption heat pump systems. Boelman et al. (Boelman et al. 1995) experimentally
investigated the performance of a chiller manufactured by the Nishiyodo Kuchouki Co. Ltd. Douss and
Meunier (Douss and Meunier 1989) proposed and analyzed a cascading adsorption cycle in which an active
carbon–methanol cycle was topped by a zeolite–water cycle. They found that around 250oC, the COP of the
setup reached 1.06. Di et al. (Di et al. 2007) performed numerical and experimental studies to investigate the
effect of heat source temperature on the coefficient of performance of an adsorption heat pump. Hajji et al.
(Hajji et al. 1995, 1996) presented a numerical and experimental analysis for the adsorption process. They
reported that if the rate of heat transfer to or from the adsorbent is very slow, the system can be assumed as a
uniform pressure system.
In this study, an experimental setup was designed and constructed to investigate heat and mass transfer in an
adsorbent bed of an adsorption heat pump during the isobaric adsorption process. The study was performed
for silica gel-water pair. By measuring the temperatures and the pressure of adsorptive in the adsorbent bed,
temperature profiles and bed pressure during the adsorption process were measured and plotted. The change
of amount of adsorption in the silica gel with time was measured. The change of evaporator temperature and
pressure during adsorption process are also plotted and necessary discussions are performed.

The experimental setup
The setup was mainly composed of an adsorbent bed and an evaporator. The components of the setup are
shown schematically in Figure 1.

Figure 1 – The schematic view of the experimental setup

The adsorbent bed
The adsorbent bed was constructed from a stainless steel pipe with 4 mm thickness. On the adsorbent bed,
there is a valve used to connect the adsorbent bed to vacuum pump and a pressure transducer to measure the
pressure of adsorbent bed. There are six thermocouples which are located at 0, 120, and 240 degrees in 
direction (see Figure 2 (b)). The distances between the thermocouples in radial direction are set as 25 mm.
This configuration enables to measure the temperature at 6 points in the adsorbent bed during isobaric
adsorption process. The circumference of the adsorbent bed was covered with an electrical heater with a
power of 1 kW in order to heat the adsorbent bed. The adsorbent bed was cooled naturally during the
adsorption processes. The measured temperature and pressure are acquired by using data loggers.
A metal mesh made of steel with 80 mm diameter in vertical direction was located in the middle of the
adsorbent bed for transferring of the adsorptive into the adsorbent bed in the radial direction easily. The
adsorbent bed was filled with 3.2 kg silica gel particles. The equivalent diameter of the silica gel granules
varies between 3 - 5 mm.
The setup has one evaporator/condenser tank which has a volume of 10 lt as shown in Figure 2(a). A heat
exchanger was located inside the evaporator; this heat exchanger was used to transfer heat from water bath to
the water inside the container and provide water boiling. The water level in the container can be observed
from the sight glass located in front of the evaporator. The amount of the adsorbed water can be determined
by changing of water level observed from sight glass.
The temperature and pressure measurement
The thermocouples in the adsorbent bed are K type and they are thermally insulated probes with a flexible
wire. They measure the local temperature at the located position. The response time of the K type
thermocouples is 0.5 sec.

(a)

(b)

Figure 2 – (a) The constructed experimental setup, (b) An inside view of the designed adsorbent bed and locations of the
thermocouples

Two identical pressure transducers were used on the setup to measure the pressures of the evaporator and the
adsorbent bed. These pressure transducers have ±0.25% accuracy and have a range 1 to 5 V output. The
stainless steel pressure transducers have a measurement range 101.6 kPa to 0 kPa.
Even though the experimental setup was designed and constructed to work under vacuum, many leakage
problems were observed. To overcome the air leakage, the thermocouple cables which are connected to the
inside of three cable ports were placed in a thick plastic hose to prevent leakage from the cable coating of the
thermocouples. The thermocouple cable ports which are coming out of the adsorbent bed were covered with a
red silicone sealant Based on our observation, the most important leakage problem occurs from thermocouple
jacks. To overcome the leakage from the tip points of the thermocouples, the thermocouples were removed
from their jacks and cables were connected to an electric terminal. Data were transfered to dataloggers by
these terminals. Electric terminals were located into 3 boxes. An insulation material was applied into the
boxes. The electric terminal boxes were filled with Epoxy based material to block the air contact of the
thermocouple cables. After the final insulations were applied to the thermocouple cables, the leakage rate was
found only 1 kPa/24 hours from all of the setup (Figure 3).

Figure 3 – The leakage blockage from thermocouple cables and thermocouple tips

The experimental procedure
Three steps were followed to perform an experiment by the setup. These steps are given below:
Step 1: Evacuation and Desorption:
The evaporator which was filled with 9 lt deionized water. The evaporator was connected to a vacuum pump
and was vacuumed to the set pressure of the adsorption process. To vacuum the evaporator completely, the
valve was opened and closed more than five times. The vacuum procedure takes approximately 1 hour. After
the evacuation of the evaporator, the adsorbent bed was evacuated while being heated to remove water
content in the silica gel. During the drying process, valves on top and the bottom of the adsorbent bed were
closed and the bed was heated by the electrical resistance on the outer surface of the adsorbent bed up to
100oC. The valve on top of the adsorbent bed was opened and the drying process of silica gel continued for
four days at 100oC.
Step 2: Temperature Stabilization:
The water bath was fixed to a temperature to heat or cool the water inside of the evaporator. Meanwhile, the
electrical heater was set to a temperature where the adsorption process will be started. Then, to start the
experiment, the water inside of the temperatures of evaporator and the bed should become steady to the set
temperatures. During this period, vacuum process continued from the bed.
Step 3: Adsorption:
The valve at the top of the bed where the bed was connected to the vacuum pump was closed. The vacuum
pump was switched off. The water level inside of the evaporator was marked. When the adsorbent bed and
evaporator temperatures were fixed to the beginning of the adsorption process temperature, the valve between
evaporator and adsorbent bed was fully opened and adsorption process was started. During the adsorption
process, the evaporated water from the evaporator was adsorbed by silica gel. Throughout the adsorption
process, the outer surface temperature of adsorbent bed was held at desired temperature by the electrical
heater. The water level inside of the evaporator was marked in certain time intervals, during adsorption
process. After a complete adsorption process, the valve between the adsorbent bed and the evaporator was
closed. During the adsorption process, the inner and outer temperatures in the bed were measured and logged.
The results and discussion
The performed experiments were reproducible. The average temperatures of the inner and outer region
points, the outer surface temperature of the bed, the evaporator temperature, the evaporator and bed pressures,
the water uptake of the adsorbent during the experiments are collected and plotted.
Local temperature and pressure variations in the bed
The results of two experiments which were done for the same conditions are illustrated in this section. The
evaporator pressure was set to 40oC while the adsorbent bed surface temperature was fixed to 63oC during the
experiment. As it was mentioned, temperature at three points of 0, 120 and 240 degrees for two different
radiuses of R = 105 mm and R = 130 mm were measured. The average of measured temperatures for at 0,
120, and 240 degrees are calculated for the two radiuses. The average angular temperatures of the inner and
outer region points and the surface temperature of the bed were plotted during the adsorption process and
illustrated in Figure 4(a). As seen from Figure 4(a), for Tbedos = 63 oC, and Teva = 40 oC, two experiments
overlap each other and almost the same results were observed. At the beginning of the experiment, the water
vapor adsorbed by the silica gel granules then the bed and surface temperatures increase due to the heat of
adsorption. The angular averages of the inner and outer points’ temperatures (temperatures at R = 105 mm
and R = 130 mm) increase approximately to 104.2 and 104.7oC. Then, heat is transferred from the bed outer
surface, which is maintained at 63oC, to the surrounding and the angular averaged temperatures of the inner
and outer points decrease to 63oC. The total adsorption period is 1440 min for this experiment. At the end of
the adsorption process, the temperatures of the certain points inside of the bed reach to the bed surface
temperature showing the bed is at the equilibrium condition. Figure 4(a) also shows that temperature at the
outer region (R = 130 mm) decreases faster than inner region (R = 105 mm). The second experiment was
performed for different initial temperature while the evaporator temperature and bed outer surface

temperature were fixed to Teva = 40oC and Tbedos = 60oC, respectively (Figure 4(b)). The adsorption process
was started when the bed temperature was at Tbedos = 73oC and it is ended when the temperature of the
adsorbent bed becomes equal to the bed outer surface temperature (Tbedos = 60oC). The temperatures of inner
and outer region points attain to 108.8 and 109.4oC, at the beginning of the process due to heat of adsorption.
As expected, almost no temperature gradient exists in angular direction.

(a)

(b)

Figure 4- The variations of angular averaged temperature of the inner and outer points and the surface temperature
during the adsorption process for the two different experiments, a) Tbedos = 63oC, and Teva = 40oC,
b) Tbedos = 73-60oC, and Teva = 40oC.

Also, the variation of the pressures of the bed and the evaporator, and the temperature of the evaporator
during the adsorption process were plotted for both of the experiments. The experiment results for the first
and the second experiments are illustrated by symbols filled with black and white, respectively. As seen from
Figure 5, the evaporator temperatures of the experiments were set to 40oC and the same variations were
obtained for the both experiments. The average evaporator pressure of the first and second experiments with
Tbedos = 63 oC is 5 kPa, where the bed pressure is around 5.85 kPa. The average evaporator pressure for the
experiment of Tbedos = 73-60 oC is 5.4 kPa, where the bed pressure is around 6.1 kPa.

(a)

(b)

Figure 5- The variations of temperature and pressure in the evaporator, and bed pressure during the adsorption
process for the two different experiments, a)Tbedos = 63oC, and Teva = 40oC, b) Tbedos = 73-60oC, and Teva = 40oC.

Figure 6- The water concentration variation in the bed during adsorption period for Tbedos = 63oC, and Teva = 40oC.

The water concentration variation in the bed during adsorption process is illustrated in Figure 6. As seen for
the experiment with Tbedos = 63 oC, the water concentration in the bed at the end of the adsorption process
reaches 8.52 kgv/kgs.
Conclusions
In order to understand the mechanism of heat and mass transfer in the adsorbent bed, an experimental setup
was designed and constructed. The local temperature inside the bed which is under vacuum was measured
successfully. The adsorption experiments for different bed and evaporator temperatures were performed. A
considerable increase of temperature at the inner region was observed at the beginning of the adsorption
period due to heat of adsorption and it starts to decrease gradually. The experimental results showed that the
adsorptive pressure inside of the adsorbent bed can be assumed as uniform. The obtained results show that for
the designed adsorbent bed, heat and mass transfer does not depend on angular direction; however the small
changes in the vertical direction was seen due to heat loss from the top and the bottom of the adsorbent bed.
One of important results of this study is that thermal equilibrium model is valid for the designed system.
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MOTIVATION
In 2010 geothermal applications within Germany account for less than 0.01 % of the
overall power generation. In contrast, the federal government aims for 20 % power
generation out of renewable energy sources. As geothermal power plants are baseloadable compared to other sources like wind and solar energy, the technology shows a
high potential for renewable power production.
OBJECTIVE
Brine temperatures of many geothermal heat sources vary in the range of 100 °C to
190 °C due to geological conditions. Binary power plants like the Organic Rankine Cycle
(ORC) or the Kalina Cycle (KC) are predominantly chosen for energy conversion in
geothermal applications. Figure 1 shows a scheme of a standard ORC with internal
recuperator.

Figure 1: Scheme of a geothermal ORC with internal recuperator
One way to increase exergetic efficiency as well as power output of a standard subcritical
ORC is the usage of fluid mixtures within the plant. Due to non-isothermal phase-change,
efficiencies can be increased by 15 % (Heberle et al., 2012). Furthermore, multi-stage
processes were analysed by several research groups and showed a high potential to
increase efficiency (Kosmadakis et al., 2010; Preißinger et al., 2012). Lastly, to avoid
pinch point restrictions within the plant, a supercritical mode of operation can be used.
Saleh et al. (2007) concluded that for the working fluid R134a a raise in thermal efficiency
of 17 % can be reached, Schuster et al. (2010) specified a potential of 8 % increase in
exergetic efficiency. Both studies are mainly based on thermodynamic analysis and
consider no special applications. Within the present study, eight different fluids out of two
chemical classes are investigated for the usage in geothermal power plants. Refrigerants
R227ea, R236ea, R236fa, R245fa and RC318 as well as hydrocarbons isobutane,
isobutene and isopentane are considered. The geothermal temperature is varied between
100 °C and 190 °C in steps of 10 K. Sub- and supercritical mode of operation are
compared with regard to exergetic and thermal efficiency as well as gross power and heat
exchange capacity. Exergetic efficiency is calculated as net power output divided by total
exergy flow rate of the brine:

ηex
=

Pp + Pt
Pp + Pt
=
E
m brine [(h − h0 ) − T0 ( s − s0 )]

[1]

Thermal efficiency is defined as net power output divided by heat flux of heater:

ηth
=

Pp + Pt
Pp + Pt
=
Q he
m ORC (hhe ,out − hhe ,in )

[2]

Simulations are carried out in AspenPlus (AspenPlus, 2011) using the boundary
conditions listed in Table 1. The maximum pressure for the subcritical process is limited
by the requirement of dry expansion (no droplet formation within the turbine). Therefore,
the maximum entropy of the dew line is calculated for each fluid and the corresponding
pressure p(smax) for subcritical as well as the minimum turbine inlet temperature T(smax) for
supercritical ORC is educed, respectively (Rayegan et al., 2011).
Table 1: Boundary conditions for sub- and supercritical mode of operation
variable
mass flow brine
temperature range brine
pressure range subcritical ORC
pressure range supercritical ORC
temperature difference at pinch point
inlet temperature cooling water
temperature difference of the cooling water
turbine isentropic efficiency
pump isentropic efficiency

symbol
ṁbrine
Tbrine
pORC,sub
pORC,sc
ΔTpp
Tcool
ΔTcool
ηi,t
ηi,p

value
65 kg/s
100 -190 °C
p(50 °C) - p(smax)
1.01 - 1.30 pcrit
5K
15 °C
5K
80 %
75 %

RESULTS
Results are presented in four subchapters. Firstly, exergetic efficiency is analysed at two
different brine temperatures (150 °C and 190 °C). Secondly, exergetic and thermal
efficiency, gross power output and heat exchange capacity are exemplarily investigated at
a brine temperature of 150 °C (typical value for the Upper Rhine Graben located between
Frankfurt and Basel). Thirdly, a case study of sub- and supercritical ORC with regard to
economic aspects is carried out. Lastly, results for both modes of operation are presented
at different brine temperatures.
Exergetic analysis at brine temperatures of 150 °C and 190 °C
Figure 2 shows the exergetic efficiency over the working pressure for sub- and
supercritical mode of operation at two different brine temperatures. Three groups of fluids
can be identified: (1) Group 1 fluids show a bell-shaped curve for exergetic efficiency due
to pinch-point restrictions and relatively high critical temperatures. For these fluids
exergetic efficiency rises at low working pressures as the enthalpy difference in the
turbine increases. Having reached a maximum, exergetic efficiency drops as the mass
flow rate has to be decreased in order to maintain the required minimum temperature
difference in the heater. Therefore, less heat can be coupled to the ORC which leads to
lower efficiencies. For the same reason exergetic efficiency decreases at supercritical
pressures. (2) Group 2 fluids show a similar behaviour for subcritical pressures, operation
at supercritical conditions is not possible anymore due to pinch-point restrictions. (3)
Group 3 fluids are characterised by a steady increase in exergetic efficiency for rising
working pressures as the critical temperature is low enough to avoid pinch-point
restrictions.

As can be seen at a brine temperature of 150 °C, three fluids are of group 1 (R236ea,
R236fa, isobutane), three fluids of group 2 (R245fa, isobutene, isopentane) and two fluids
of group 3 (RC318, R227ea). Therefore, exergetic efficiency can just be increased for two
working fluids by supercritical mode of operation. For all other fluids, subcritical conditions
lead to higher efficiencies. However, at a brine temperature of 190 °C just one fluid
(isopentane) reaches the maximum efficiency in subcritical conditions, all other fluids
perform best at supercritical pressures. Furthermore, comparison of Figure 2 a and b
leads to the conclusion that exergetic efficiency decreases for fluids with low critical
temperature (group 3 fluids R227ea and RC318) at higher brine temperatures, whereas
for group 1 and group 2 fluids the exergetic efficiency increases.

Figure 2: Exergetic efficiency for a brine temperature of 150 °C (a) and 190 °C (b)
Thermodynamic investigation at a brine temperature of 150 °C
For typical conditions in the Upper Rhine Graben a thermodynamic analysis is carried out
in Figure 3. For the sake of clarity, just two group 1 fluids (R236fa and isobutene), one
group 2 (isopentane) and one group 3 (RC318) fluid are presented. It can be seen that
though exergetic efficiency (a) is lowest for isopentane, thermal efficiency (b) is highest.
However, for plant manufacturers and operators the attainable net power output for an
available source is crucial due to economic aspects. Therefore, thermal efficiency is not
an appropriate parameter for comparison purposes as it can be misleading. As for
geothermal power plants it is possible to purchase the electric power for the pump
cheaper than power infeed is refunded by legislation, gross power output is more crucial
than exergetic efficiency. Figure 3 (c) shows an increase in gross power output of 12 % for
RC318 compared to 4.4 % in exergetic efficiency. For R236fa exergetic efficiency actually
decreases by 1.6 % whereas an increase in gross power output of 3 % can still be
achieved for supercritical mode of operation. According to investment costs one has to
consider that for RC318 the increase in power output is coupled with an increase in heat
exchange capacity UA of 6 %. For R236fa UA value is decreased by 7 %, however, gross
power output increases at the same time as mentioned afore. This leads to the conclusion
that a thermo-economic investigation is necessary to decide on or against supercritical
mode of operation.
Economic case study at brine temperature of 150 °C
Based on the economic boundary conditions given by Janczik et al. (2010), the case of
the Upper Rhine Graben at a brine temperature of 150 °C is economically evaluated. Suband supercritical ORC are simulated with RC318 as working fluid. Produced gross power
is fed into the electricity grid and refunded with 0.25 €/kWh. Table 2 summarises gross
power, electric power of the pump, payback period and mean cashflow. Based on similar
specific investment costs of 1250 €/kW el for the ORC, payback period can be reduced by
10 % using supercritical mode of operation. Taking 20 % overhead for the specific

investment costs of a supercritical ORC (≙1500 €/kW el) due to the higher pressure level
and UA value into account, payback period for the supercritical ORC is calculated to 9.6
years. This is still 5 % lower than for subcritical conditions. A crucial factor for the payback
period of a geothermal power plant is the interest rate which is 6.5 % for the base case in
Table 2. Increasing the interest rate to 10 % leads to a payback period for supercritical
ORC of 12.1 years, decreasing the interest rate to 3 % is coupled with a decrease in
payback period to 7.3 years.

Figure 3: Exergetic efficiency (a), thermal efficiency (b), gross power (c) and heat
exchange capacity (d) over ORC working pressure for selected fluids
(brine temperature: 150 °C)
Table 2: Payback period and mean cashflow for investigated base case

electric gross power [kW]
electric power of the pump [kW]
payback period [a]
mean cashflow [million €]

subcritical
3610.5
388.7
10.2
3.2

supercritical
4039.5
685.0
9.1
3.5

Thermodynamic analysis at different brine temperatures
In addition to the results for specific temperatures (150 °C/190 °C), Table 3 summarises
maximum exergetic efficiency and corresponding fluid for the whole investigated
temperature range. It can be concluded from Table 3 that the brine temperature has to be
above 120 °C to improve exergetic efficiency due to supercritical mode of operation.
Within the temperature range of 130 °C to 160 °C, an increase of up to 6.2 % is possible,
whereas at higher temperatures the effect is less distinctive. At brine temperatures of
140 °C and 170 °C maximum efficiency at subcritical conditions is reached with a different
working fluid than at supercritical conditions. Therefore, at a brine temperature of 140 °C,
efficiency increase is lower than at 130 °C and 150 °C. In Table 4 results for gross power

output are shown. It is evident that relative deviation between sub- and supercritical ORC
is higher than for exergetic efficiency (Table 3). Maximum improvements are reached at a
temperature range of 130 °C to 160 °C again and exceed a value of 15 %. Similar to
exergetic efficiency, at some temperatures, two different fluids perform best at sub- and
supercritical conditions, respectively.
Table 3: Exergetic efficiency for sub- and supercritical ORC at different brine
temperatures
subcritical
Tbrine
[°C]
100
110
120
130
140
150
160
170
180
190

max. ηex
[%]
32.5
36.2
41.3
44.1
47.3
48.3
49.0
52.6
54.4
54.0

fluid
R227ea
R227ea
R227ea
R227ea
RC318
RC318
R236fa
R236ea
R236ea
R236ea

supercritical
max. ηex
[%]
n. a.
n.a.
38.7
46.8
48.8
50.4
51.7
53.4
54.4
55.2

fluid
n. a.
n.a.
R227ea
R227ea
R227ea
RC318
R236fa
R236fa
R236ea
R236ea

Δηex
[%]
n. a.
n.a.
-6.3
6.2
3.0
4.4
5.6
1.4
0.0
2.2

Table 4: Gross power output for sub- and supercritical ORC at different brine
temperatures
subcritical
Tbrine
[°C]
100
110
120
130
140
150
160
170
180
190

max. Pgross
[MW]
1.0
1.4
2.0
2.5
3.1
3.6
4.1
5.0
5.8
6.4

fluid
R227ea
R227ea
R227ea
R227ea
RC318
RC318
R236fa
R236ea
R236ea
R236ea

supercritical
max. Pgross
[MW]
n.a.
n.a.
2.0
2.8
3.6
4.0
4.6
5.4
6.1
6.9

fluid
n.a.
n.a.
R227ea
R227ea
R227ea
RC318
RC318
R236fa
isobutane
isobutane

ΔPgross
[%]
n.a.
n.a.
-1.0
13.4
15.4
11.9
12.8
7.7
6.0
8.1

CONCLUSION
Supercritical mode of operation is one way to increase ORC efficiency in geothermal
applications. The present work investigates eight fluids and compares efficiencies as well
as power output of sub- and supercritical ORC. Supercritical ORC shows a potential of up
to 15 % increase in gross power output, exergetic efficiency can be increased by 6 %.
However, the heat source temperature is a crucial factor for possible improvements as for
temperatures lower than 130 °C subcritical ORC performs best. An economic case study
for the Upper Rhine Graben at a brine temperature of 150 °C shows that the payback
period can be reduced from 10.2 to 9.1 years. Future work includes a more sophisticated
economic analysis using an exergoeconomic approach.

Nomenclature

Subscripts

h
ṁ
P
Q̇
s
T
UA
η

ex
he
i
p
pp
sub
sc
t
th
0

specific enthalpy
mass flow rate
power
heat flux
specific entropy
temperature
heat exchange capacity
efficiency

exergetic
heater
isentropic
pump
pinch point
subcritical
supercritical
turbine
thermal
ambient conditions
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ABSTRACT
Ejector refrigeration has the potential to contribute to cost effective sustainable cooling solutions. In the
present paper, numerical results for a 1kW cooling capacity ejector with variable primary nozzle geometry
are presented using R600a as working fluid. This fluid was selected based on the criteria of low
environmental impact and good performance in the range of operating conditions adequate for using solar
thermal energy as primary heat source. Variable area ratio was achieved by applying a movable spindle at the
primary nozzle inlet. It is demonstrated that axial motion of the spindle in the primary nozzle provides active
control for the primary flow rate and the area ratio of the ejector. Numerical results clearly show that
adjusting spindle position resulted in a significant improvement of the entrainment ratio compared to a fixed
geometry ejector when the operating conditions were different from design values. A diagram which can be
used to find spindle positions that maximize ejector performance under variable operating conditions is
presented.
NOMENCLATURE
COP
d
h
L

coefficient of performance
diameter (m)
specific enthalpy (J/kg)
Length (m)
mass flow rate (kg/s)
Ma
Mach number
p
pressure (Pa)
Q
instantaneous heat, heat load (W)
area ratio, (dm/dnozz)2
rA
SP
Spindle position (m)
T
temperature (ºC)
Greek letters
λ
entrainment ratio
Subscritps
c
condenser
conv converging section
cr
critical
d
diffuser
e
evaporator
g
heat generator
m
constant area section
t
primary nozzle throat
ex
primary nozzle exit
1. INTRODUCTION
Most cooling systems existing worldwide are driven by electricity. Their increase over the last years is so
dramatic that in many European countries the peak of electricity consumption is switching from winter to
summer. A promising solution to invert this tendency would be a broader application of thermally driven

cooling systems. One of the main advantages of such solution would be that solar thermal energy could be
used as primary energy source. Solar assisted cooling, e.g. in buildings, is particularly interesting due to the
intrinsic correlation between peak cooling load and peak solar radiation. Ejector cooling seems to be an
attractive technology because of its structural simplicity and low cost. In contrast to these advantages, ejector
cooling has a relatively low COP therefore it is necessary to improve ejector performance (Kim and Infante
Ferreira, 2008).
An ejector with fixed geometry only works at high COP in a narrow range of operating
temperatures/pressures. A solution to this problem led to the concept of a variable geometry ejector (VGE).
The advantages of the concept have already been demonstrated by a limited number of researchers (Sun,
1996; Dennis and Garzoli, 2011; Varga et al, 2011). The objective of present work was to apply CFD
modelling to evaluate the performance of a variable area ratio ejector, using R600a as working fluid and
compare the results to fixed geometry configurations. This refrigerant hasn’t been tested in VGE yet,
although it is known to be a high performance environmentally friendly working fluid.
2. EJECTOR WORKING PRINCIPLE AND PERFORMANCE
The ejector cooling cycle typically consists of: two heat sources, a high pressure generator and a low pressure
evaporator; an ejector; a condenser; a circulation pump and an expansion valve. The key component of the
cycle is the ejector showed in Figure 1.

Figure 1 - Schematic view of a VGE.
In the ejector, the motive (primary) fluid coming from the generator (g) enters the primary nozzle at high
pressure and low velocity. After expansion, it leaves the nozzle exit section with high kinetic energy and low
static pressure. This draws the low pressure (secondary) fluid through the suction chamber coming from the
evaporator (e) of the cooling cycle where the refrigeration effect takes place. Due to the large velocity
difference between the motive and secondary fluids, a shear layer between the two streams develops that
leads to the acceleration of the secondary fluid. Under normal operation, the secondary fluid starts mixing
with the primary flow after it gets choked. The condition when the secondary fluid reaches Ma=1 is often
referred to “double choking” operation. The mixing process after the primary nozzle exit plane is rather
complex, the fluid flow undergoes a series of shockwaves. For the details the reader is referred to
(Bartosiewicz et al, 2006; Bouhangel et al, 2011). During mixing the static pressure of the primary stream
tends to increase gradually until it levels with the pressure of the secondary fluid. After the mixing process is
completed, a final shock occurs somewhere in the constant area section or in the beginning of the diffuser
depending on operating conditions. The resulting flow becomes subsonic; the pressure is then further
increased in the diffuser towards the ejector exit. The exit pressure is mostly determined by the condenser
conditions (Tc) of the ejector refrigeration cycle.

Ejector performance is often measured by the entrainment ratio (λ) defined as:

λ=

m& e
m& g

[1]

The entrainment ratio is related to the coefficient of performance (COP) of the cooling cycle through the
enthalpy change in the evaporator and generator as:

COP =

Qe
∆h
= λ× e
Qg
∆hg

[2]

The entrainment ratio and therefore COP are affected by both operating conditions and geometry. The
performance of an ejector with fixed geometry decreases with Tg and increases with evaporator p/T (Varga et
al, 2009). The entrainment ratio is known to be independent of the exit (condenser) pressure up to a certain
point, as shown in figure 2. This value of the downstream pressure is usually referred to as critical back
pressure (pc,cr) and can be considered as another performance indicator, since beyond pc,cr λ falls quickly and
backflow may occur.

λ

Single choking
Ejector failure

Double choking

Critical operating
point

pc,cr

exit pressure

Figure 2 - Ejector operation regimes for constant Tg and Te.
The value of pc,cr increases with increasing generator temperature. As a consequence, a properly designed
ejector would be the one that operates at (or near) its critical operating point.
3. VARIABLE AREA RATIO EJECTOR DESIGN
One of the most important geometrical factors affecting ejector performance is the area ratio between the
constant area section and primary nozzle throat (rA). In general, increasing rA increases the entrainment ratio
and decreases critical back pressure. Its optimal value is strongly affected by applied operating conditions and
can be defined as the area ratio that allows the ejector to operate at its critical operating point (Varga et al,
2009). In the present work, variable area ratio is achieved by implementing a movable spindle upstream the
primary nozzle throat which enables to control dt (see Figure 1). By changing the spindle position (SP), rA is
varied. As the spindle tip travels forward from completely open position, the primary nozzle throat area
decreases, and consequently rA increases. By reducing the nozzle throat area, the primary mass flow rate also
decreases.
The baseline geometry was determined using a 1D model. The design operational values were a cooling
capacity of 1 kW, Tg=80 ºC, Tc=37 ºC and Te=10 ºC. Generator temperature considered is suitable for an airconditioning application using vacuum tube solar collectors for heat generation, the condenser temperature
was chosen at a relatively high value that could be expected for a system using a passive condenser while a
typical design value of 10 ºC was used for evaporator temperature. In the present work, the performance

of a variable area ratio using R600a as working fluid was analyzed. R600a is a dry hydrocarbon
(HC) refrigerant, also proved to be a high efficiency working fluid in ejector systems (Petrenko and
Volovyk, 2011). The only disadvantage of using R600a in ejector is related to its flammability.
4. CFD MODEL
In an ejector, fluid flow is typically compressible and turbulent. As a simplifying assumption, it was
considered to be axi-symmetric (Pianthong et al, 2007). In order to determine the spatial and temporal
variation of the three major unknown variables – temperature (T), pressure (p) and velocity vector (v) – the
conservation of energy, momentum and continuity equations have to be solved constituting a set of partial
differential equations (PDEs) (White, 1991). The turbulent behaviour was treated using the Reynolds
averaging principle (RANS). In this work the RNG version of the k-ε turbulence model was chosen. Applying
the RANS principle, there are two additional transport equations; one for the turbulent kinetic energy (k) and
another for the turbulent kinetic energy dissipation rate (ε). In order to solve the set of PDEs, several
boundary conditions (BCs) were applied. Pressure BCs were applied at the inlets and outlet. On the motive
fluid side, inlet pressure was determined according to saturation conditions depending on the temperatures in
the generator. Fluid inlet temperature was selected assuming a 5 ºC superheat. On the secondary fluid side
and at the outlet, static pressure was set to saturation pressure depending on evaporator and condenser
temperatures of the refrigeration cycle. Heat transfer through the walls was neglected (zero heat flux). In the
present work, a commercial package – ANSYS FLUENT 12 - was used to simulate the fluid flow in the
ejector. In FLUENT, the space domain is discretised into a number of small, non-overlapping control (finite)
volumes and surrounding nodal points. Iterations were performed until the relative residual for each flow
variables were ≤ 10-6. Thermophysical properties of R600a were evaluated using FLUENT’s NIST library
(Ansys, 2009). In order to test the sensitivity of the numerical result on mesh density, several mesh sizes were
examined, from the finer to the coarser. E.g. changing the mesh density from 26889 control volumes to
20080, resulted in a variation of simulated entrainment ratio as low as 0.8% for the R600a ejector model
under design conditions and with open spindle position. In general, using a structured mesh with
approximately 20 thousand finite volumes resulted in grid independent ejector performance indicators.
5. RESULTS AND DISCUSSION
In this study, spindle position was varied between 1 and 9 mm, measured from its completely closed position
(no flow). This variation in SP corresponded to a variation of rA in the range of 3.1 to 5.2. Note that a SP of
9mm (fully open position) corresponds to having the baseline fixed geometry ejector. Figure 3 shows the
operating curves of the R600a ejector for two spindle tip positions (3 and 9mm). One may see from the figure
that changing SP resulted in different critical operation line the same way if they were two completely
different ejectors. In general, SP = 3mm improved entrainment ratio for a given generator temperature, when
the ejector was operating in double choking mode. E.g. for a condenser pressure of 427 kPa (Tc= 32ºC), λ
increased from 0.18 to 0.32 when generator temperature was 85 ºC. For the lower generator temperature (75
ºC), the increase in the entrainment ratio was as high as 59% for pc= 393 kPa (Tc= 28ºC). Moving the spindle
to a forward position however considerably decreased the critical back pressure. E.g. an ejector subjected to a
back pressure of 489kPa (Tc= 37ºC) and Tg of 85ºC would fail to operate when the spindle is at a position of
3mm, while it would still be in double choking regime when it is fully open. This suggests that there is an
optimal SP that would bring the ejector to operate under critical mode somewhere between these two
positions resulting in the highest entrainment ratio.
Optimal spindle positions for a generator temperature of 80ºC are shown in figure 4. For reference, the
operating curve of a fixed geometry ejector is also presented on the same figure with a dashed line.
The benefit of the variable ejector design can be easily demonstrated by considering e.g. a condenser pressure
of 463.3 kPa (Tc=35 ºC) as shown by the arrows in figure 4. The spindle position that resulted in optimal
operation under these conditions was 4mm ensuring critical operation with an entrainment ratio of 0.30. In
contrast, a fixed geometry ejector resulted in a λ= 0.22. The corresponding improvement in the ejector
performance was 40%. For very low condenser pressures (350 kPa), the increase in the entrainment ratio was
as high as 177 %.

Critical
operation

0.5

Spindle position 3mm; Tg=75 °C
Spindle position 3mm; Tg=85 °C
Spindle position 9mm; Tg=75 °C
Spindle position 9mm; Tg=85 °C

0.4

λ 0.3

Critical
operation

0.2
0.1
0.0
-0.1

300

400

500

600

pc, kPa

-0.2
-0.3
-0.4
-0.5

Figure 3 - λ as a function of pc for different SP and Tg.

Figure 4 - Influence of spindle position on λ and pc,cr with Tg=80 ºC.
Combining the results of optimal SP for different generator temperatures can be used as the basis for the
optimisation of ejector operation under variable operating conditions as shown in figure 5.
The ejector performance is depicted as a function of the critical back pressure (critical operation line) under
different conditions. Continuous lines represent the entrainment ratio obtained as a function of generator
temperature for a given spindle position, while dashed lines connect the points with the same generator
temperature. In order to interpret figure 5, the reader should notice that the left hand side of each line
represents a situation when the ejector operates in double choking mode, while the right hand side
corresponds to the operating conditions resulting in ejector failure. It can be seen from the figure that the
ejector performance is successfully controlled along the entire spindle path considered (1 – 7 mm). When a
cooling system operates at a condenser temperature of 31 ºC (pc= 415 kPa) and a generator temperature of 75
ºC, the optimal spindle position can be obtained following the dashed arrows in figure 5. This optimal SP was
somewhat smaller than 4 mm achieving an entrainment ratio of 0.37. The correspondent increase in COP was
40%, compared to a fixed geometry design, which is very significant. Under the same conditions, a more
advanced spindle position (e.g. 2mm) would result in ejector failure while a more open spindle would
decrease λ. It can also be seen from the figure that ejector performance could only be improved by
simultaneously moving SP to 2mm and increasing the generator temperature to approximately 80 ºC.

Figure 5 - Ejector operation in critical mode for pc, Tg and SP.
CONCLUSIONS
The results indicated that using a fixed geometry ejector is very sensitive to variations in operating conditions
which can have a very negative impact on its performance. It was demonstrated that careful adjustment of the
spindle position resulted in a significant improvement of λ compared to a fixed geometry ejector when the
operating conditions were different from design values. An optimal operation diagram was presented that can
be used as the basis for finding SP that maximises ejector performance, or in other words, that would bring
the ejector to operate in critical mode under varying generator and condenser temperatures.
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Abstract
Following today’s needs for improvement on heat transfer, new technologies and innovative solutions must be
found in order to meet current requirements for both active and passive thermal control. Independently on the
application, there has been substantial growth on the heat fluxes that need to be dissipated, which require
different approaches from designers as well as manufacturers of heat exchangers and heat management devices,
especially those designed for defense purposes. With the increase of heat dissipation needs, conventional
designs are not suitable due to several factors such as operation in hostile environments, high density of
electronics that need their temperature to be controlled, which require innovative designs. In such cases, the
application of nanofluids can contribute to give designers more degrees of freedom to face the project’s
requirements. The subject of this article is related to a surveillance system designed for defense purposes, which
needs to dissipate high levels of heat loads. For this present investigation, a single-phase forced circulation loop
has been considered to promote the thermal management of up to 50 kW of heat, being dissipated to the
environment by a fan cooling system. Considerations are made regarding the use of nanofluid, which show that
with an addition of 20% by mass of copper nanoparticles to the base fluid (water), enhancements of 12% on the
heat transfer coefficients are achieved but the increase on the pressure drop is around 32%. However, the
substantial gain on the overall thermal management indicates that the use of a nanofluid for this special
application needs to be carefully considered.
Introduction
The needs for thermal management have increased dramatically over the last decade and the prediction is that a
steeper increase is yet to come for the next years. Such an increase is directly related to more powerful
electronics used for data processing in high-tech equipments used for satellites and defense purposes. As the
current thermal management devices using single and two-phase flow are reaching their nominal limits, new and
innovative solutions need to be found in order to promote the thermal control for the next generation of
equipments. Considering previous experiences, current and future thermal management needs, the use of
nanofluids is becoming inevitable.
Even though nanofluid application is a relative recent area of investigation with promising results for thermal
control devices, many applications are considering its use as a potential solution for the constant growth on the
heat dissipation needs. A nanofluid is a fluid in which microscopic or nanoparticles are held in suspension,
totally dissolved in the base fluid. The direct effect is to improve the thermal conductivity of the fluid, which is
known, in some cases, to be increased by 20% when an addition of 5% by mass of solid nanoparticles is present
in the base fluid, depending on the nanoparticles’ material used (Koo and Kleinstreuer, 2004). Nanofluids are
composed of a regular base fluid (like water, for example) with an addition of solid nanoparticles with sizes
below 100 nm mixed at a fraction of the base fluid’s mass. Nanofluids were early presented by Xuan and Li
(2000) and Xuan and Roetzel (2000) and have been extensively investigated over the last years with important
contributions to several areas, like aerospace, electronics and industry, even though the application on those
areas is still in the beginning. Some examples for aerospace applications have been presented focusing on using
nanofluids in single-phase and passive thermal control systems using heat pipes, as presented by Riehl and
Santos (2011). In this case, the heat source temperature can be kept at lower levels when compared to regular
working fluid application, which leads to the possibility of using the nanofluid to dissipate higher levels of heat.

Upon using single-phase cooling systems, the heat transfer can be enhanced as the nanoparticles addition to the
base fluid is highly influenced by the presence of more liquid. When the application shows that more vapor is
presented, the nanoparticles addition to the base fluid do not show important enhancement on the heat transfer
process. Since in aerospace the use of passive thermal control devices is important and their sizes and footprints
are a major issue due to limited area available, the use of nanofluids present to be an important approach to
enhance the heat transfer capability of heat pipes and loop heat pipes systems, which has already been proven in
laboratory conditions, but still requires a full qualification program for space application. Similar investigation
has also been performed by Alizad et al (2012) where it showed that smaller sizes heat pipes can be used when
operating with nanofluids. Other applications are related to the use of nanofluids in regular heat exchanger
devices already installed in industries in order to enhance their performance in face of the increase of heat
dissipation needs (Leong et al., 2012).
Many other interesting applications can be found for nanofluids, such as LED thermal management. Since it is
well known that LED is the leading technology for the future of lighting and other electronic applications, its
thermal control needs to be properly addressed as at least 80% of the energy designated to the LED is rejected as
heat. In this case, an adequate and refined interface between the LED and a heat sink (that could be a cold plate
or an array of heat pipes) must be present in order to dissipate as much heat as possible. This is very important
to be considered because even a high efficient heat sink cannot dissipate the necessary heat from a LED system
if its interface is not good enough. Today, it is usually applied a thermal paste (also called heat sink compound),
which is a silicon based paste with high thermal conductivity. However, even the most effective heat sink
compound will present thermal conductivities around 1 ~ 1.2 W/m-K. By adding a mass fraction of solid copper
nanoparticles of 10% on the compound, its thermal conductivity can be enhanced by 30%, which can be a
significant improvement for the thermal management required by the LED array. Such improvements find
correlation to the work published recently by Fan and Wang (2011). Several other investigations related to
nanofluids applications have been conducted with important contributions to many areas (Ebrahimnia-Bajestan
et al., 2011; Ghadimi et al., 2011).
An important application for today’s needs for heat dissipation is related to surveillance systems designed for
defense purposes. As more compact and powerful defense equipments are necessary, higher heat fluxes need to
be properly addressed efficiently. Considering that the systems usually operate with single-phase flow, more
efficient thermal management devices need to be designed and the use of nanofluids can be a powerful solution.
Thus, considering the need for designing a reliable and effective thermal management system that need to
operate in hostile environments, with potential use of nanofluid, this article presents an analytical investigation
on this subject in order to present the advantages and disadvantages of such an application.
Nanofluid’s Properties Consideration
The base fluid’s transport properties are influenced by the addition of the solid nanoparticles, which in one hand
enhances the fluid’s thermal conductivity but also directly contribute to enhance its liquid density and viscosity.
Proper consideration must be made regarding the addition of the solid nanoparticles as those properties might
directly influence the overall thermal management and pumping analysis. Some models have been developed to
better describe the influence of the addition of nanoparticles on pure substances and the gain on the liquid
thermal conductivity that might represent (Koo and Kleinstreuer, 2004) as usually the Maxwell model is applied
on this case as

kn =

k p + 2 kl + 2(k p − kl ) f
k p + 2 kl − (k p − kl ) f

kl .

W/m°C

[1]

Equation [1] represents the effective thermal conductivity of a homogeneous suspension. Since the liquid
thermal conductivity is affected by the addition of a nanoparticle in the substance, proper consideration and
evaluation of the solid particles in a liquid must be taken according to the two-phase theory (Carey, 2008). Thus,
the nanofluid density is then calculated as
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and the liquid dynamic viscosity is then calculated as (Xuan and Roetzel, 2000):

µn = µl

1
.
(1 − f )2.5

The modification of the transport properties indicated in Eqs. [1] to [3] should be included in any analysis to
correctly address their influence on the system’s thermal performance.
Equipment Design and Operation
A specific design for a surveillance equipment (defense application) has been conceived to operate in hostile
environments where the ambient temperatures can range from +5 to +50 °C and humidity levels up to 95%. In
this case, a single-phase thermal control loop has been designed with potential use of nanofluid, which would
present a forced circulation using a pump to move the working fluid throughout the architecture of the circuit to
remove heat from the electronic components, rejecting this heat to the environment by a fan cooling system. A
schematic of such arrangement is presented by Fig. 1.

Figure 1: Schematics of the thermal control system arrangement.
Details of the surveillance equipment and its architecture are considered proprietary information and cannot be
disclosed at this time. For the sake of the necessary information to perform the adequate analysis, the system’s
characteristics are:
•
•
•
•

Heat rejection of up to 50 kW to the environment;
Working fluid circulation in a hydraulic diameter of 11 mm through 45 m of tubes, disposed in parallel
lines connected by manifolds to the main transport lines, pump, reservoir and fan cooling;
Maximum required temperature difference between the inlet and outlet of the fan cooling system is 15
°C;
The working fluid is circulated by using a pump and an electronic control sets the pump and fan speeds
in order to adjust their operation, according to the working fluid’s set point temperature.

As the base fluid, water has been selected for this first approach. This working fluid has been selected for a
proof of concept for the system’s design, as well as its availability and its perfect compatibility with the selected
nanoparticle, which is copper oxide (CuO). For this investigation, the CuO nanoparticles present an average
diameter of 29 nm and purity of 99.8%. The nanoparticles concentration (f) shall vary from 3.5% to 20% (by
mass of the base fluid) to verify their effect on the overall thermal performance of the system. For every value of
f the pump is able to promote the nanofluid’s circulation as the loop’s overall pressure drop was lower than the
pumping capacity selected. Since the nanoparticles are dissolved in the base fluid, they will both present the
same flow rate for a given concentration, as presented on the results of Fig. 3a.

Results and Discussion
Considering the operation conditions that the thermal management system of the surveillance equipment needs
to face, several analytical simulations were conducted in order to check the temperature differences across the
system, pressure drop throughout the loop and heat rejection capability. For this investigation, energy, mass and
momentum equations were derived and implemented in this analytical simulation, which can be addressed from
any standard thermal/hydraulic model. For this model, it has been considered all the parallel flow across the
electronics components and power supplies. More details regarding the model cannot be disclosed at this time
due to the sensitive technology involved on this project.
For the calculations, the system was considered to be operating at 4 different temperatures for the working fluid,
measured at the fan cooling outlet (25, 35, 45 and 55 °C), and 5 conditions of the nanofluid, being pure water
and its mixture with CuO nanoparticles at the concentrations of f=3.5%, f=5.0%, f=10% and f=20%. For the
presented results, the environment temperature at which heat was being dissipated was set at 15 °C. The results
obtained from the simulations were used as guidance for the investigation of the potentiality of using the
nanofluid for a better performance of the entire thermal management system.
Figures 2a and 2b present some results for the pressure drop and heat transfer coefficients, respectively, on a
comparison between the use of pure water and the addition of copper nanoparticles at different concentrations
(f), by mass percentage of working fluid in the system. It is clear that as the concentration increases, the pressure
drop also increases up to 32% for f=20% as more solid nanoparticles are present in the system and the pump
needs to overcome the extra resistance as the transport properties are changed with the addition of the
nanoparticles. However, the increase of the heat transfer coefficients is also clear and can represent a gain
around 12% for the same f=20% which cannot be neglected.
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Figure 2: Analytical results for (a) pressure drop and (b) heat transfer coefficient.
It can be observed from Fig. 2(a) that the increase of the nanoparticle concentration directly affects the pressure
drop as expected. Since the addition of the solid nanoparticle contributes to the increase of the liquid’s viscosity
and density, those properties directly influence the pressure drop calculation. The difference between the
pressure drop when using water and its related nanofluid with f=20% can be 32% higher when operating at 55
°C, which can compromise the pump’s operation if not well designed. However, when analyzing the heat
transfer coefficient, it is clear that the nanofluid enhances this parameter as the concentration increases. For
f=20%, the heat transfer coefficient can be 12% higher than when operating with pure water at 55 °C. Such an
improvement on this parameter can guide the design towards the use of nanofluids as it represents that the
working fluid will present the required temperature difference between the fan cooling inlet and outlet without
the need of using an enhanced heat transfer surface with a special internal geometry for the tubes that could
represent additional costs to the project. As of today, regular off-the-shelve pumps can operate with the

nanofluid with up to f=20% without representing additional costs to the project or the need of a pump with a
special design.
Other parameters can also be analyzed from this simulation, which are presented by Fig. 3 related to the (a)
volumetric flow rate and (b) the pump required power needed to circulate the fluid in the loop. As presented by
Fig. 3(a), the volumetric flow rate required decreases with the increase of the fraction of solid nanoparticles, as
this parameter is directly connected to the transport properties. Upon increasing the fraction of solid
nanoparticles, the working fluid becomes more dense and viscous, reducing the amount of fluid circulating in
the loop.
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Figure 3: Analytical results for (a) volumetric flow rate and (b) pump required power.
Due to the particularities of the loop’s architecture (i.e. manifolds’ fittings, etc), the required pumping power
varies as presented by Fig. 3(b), indicating that at 55 °C higher pumping power will be required for f=20% but at
25 °C higher pumping power would be required upon operating with water. Even though the difference between
the lower and higher required pumping power is around 3 W, it represents variations up to 12%. However, such
a parameter is not the major issue as the selected pumps for this project can support such variations without
major problems and the gain observed on the heat transfer coefficient justify the use of more powerful pumps,
since the gain on reducing the size of the thermal management system is a powerful argument for its application.
Conclusions
Even though the use of nanofluids can represent a gain on the heat transfer coefficient and thus a new option for
the design of heat management devices, it must be carefully considered regarding the pumping requirements.
For the present investigation, the use of nanofluids is going on the direction of reducing the size of the thermal
management system conceived to remove the heat from the electronic components of the surveillance
equipment. In general, the main conclusions that can be derived from this investigation are:
1. Higher heat transfer coefficients can be reached with the increase of the fraction of solid nanoparticles
concentration, representing an enhancement of up to 12% for f=20% at 55 °C when compared with the
operation with water;
2. The pressure drop also increases as the concentration of nanoparticles increases, which could
compromise the pump operation;
3. Lower volumetric flow rates are observed for higher concentration of nanoparticles, as this factor
contributes to increase the working fluid’s viscosity and density;
4. Even with the use of solid nanoparticles, the required pumping power does not represent to be the major
issue on the project, as this requirement can be easily addressed as the calculated values are rather low;

5. The overall analysis indicates that the application of the nanofluid with higher concentrations can be
used, as the major parameter for this analysis is the heat transfer coefficient, which is reducing the size
of the thermal management device of the electronics components.
When considering that the thermal management system is operating at higher capacities, while keeping the
working fluid’s temperature differences between the fan cooling inlet and outlet within the required parameters,
the use of a nanofluid presents to be an important innovative approach for this project. This is directly resulting
in more gains than loses for the overall thermal system analysis and should remain as the most indicated solution
for this application.
Nomenclature
f
k

ρ
µ

Fraction of solid nanoparticles (% by mass)
Thermal conductivity (W/m°C)
Density (kg/m2)
Dynamic viscosity (Pa.s)

Subscripts
n
Nanofluid
p
Solid particle
l
Liquid
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Abstract
The ANR-EESI1 project Enerco_LT2 is a waste heat recovery project that aims to reduce energy
consumption in industrial gas production sites, by producing electrical power from exothermic
processes discharges at low and medium temperatures.
Combined exergy analysis and pinch optimization have been performed to assess the potential of
various working fluids to overcome the overall irreversibility within various system conceptions, i.e.
simple cycles, cascading cycles and regenerative cascading cycles either subcriticals or transcriticals.
The results indicate that the global exergy efficiency is strongly related to the working fluid critical
temperature. This leads to distinguish an appropriate range that would best fit the requirements of the
heat source. Besides, a sensitivity study on the appropriate range displacement according to the pinch
value has been performed and indicates that it is appropriate to associate the fluid selection to the pinch
value.
The solutions based on pure fluids are subject to constraints predominately technological and
environmental. These constraints could be sidestepped when using working blends that seem to bring
promising results regarding system performance.
1. Introduction
Nowadays waste heat recovery systems and Organic Rankine Cycles receive more and more interests
to be in vogue as potential future power plants. Furthermore, the traditional use of steam as a working
fluid is no longer very solicited due to the low and medium temperature grade of many heat sources.
Several comparative studies in various applications take advantage of the fluid selection to improve the
net power output and the system efficiency according to the characteristics of the heat source [1,2,3,4].
Other studies use multi-objective optimization models for the fluid selection [5,6,7,8]. In this case, the
selection become related to both source characteristics and design objectives.
In this paper, only the net power output is selected as the objective function. Exergy efficiency of the
entire system was used for assessment and comparison.
In a previous analysis [9], the flue gases were characterized and the working fluid critical temperature
is revealed influencing on the temperature matching between the hot and cold flows. The present
studies has led i) to analyze, for the considered heat source, the system performance trend according to
the fluid critical temperature and to discern the suitable range according to the pinch value ii) to
compare the performances of various system designs and fluids iii) to assess the expediency of one
binary blend as recovery solution compared to pure fluid solutions.
2. Recovery system description
Figure 1 gives a general overview of the recovery process. The hot source consists of flue gases as
effluent at the exit of an exothermic process. The overall available resource is defined as bounded by
the upstream process outlet 1f and the downstream process inlet 3f.
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Figure 1 – Regenerative two-cycle cascade layout
The characteristics of the overall available resource are summarized in Table 1
Table 1. Resource characteristics
Ressource

T1f [°C]

T3f [°C]

P [bar]

Water molar
fraction [%]

Mass flow rate
[kg/s]

Dew point
[°C]

Ėx3f1f
[kW]

Almost dry

165

25

25

2

152.2

75

4950

Figure 2 illustrates, the behaviors of the recovered thermal power
the flue gas discharge temperature T2f.

in and

the lost one 'out according to

Isentropic efficiencies
Pump
turbine

0.9
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Condenser setting
Water inlet temperature
Water outlet temperature

15°C
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Pinches
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Condenser
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2K

Enthalpy flow (kW)

25000

Table 2. Constant settings
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Figure 2 – Recovery and loss behavior
according to flue gas discharge temperature.
Three system designs were studied: single cycle, two-cycle cascade and two-cycle cascade with heat
regeneration. Both subcritical and supercritical operations are investigated. Calculation tools for

recovery process modeling were developed according to the distinctive investigated designs and the
operating static regimes from the Prosim Plus 3.1 simulator [10,11]. The working fluid properties are
calculated using REFPROP 8.0 developed by the National Institute of Standards and Technology [12].
The constant settings are indicated in Table 2.
The global exergy efficiency of the whole system is written:

1

ex , g

(1)

i
i

The second and last term of the above equation correspond respectively to the sum of the specific
dissipating factors and the loss factor. The specific dissipating factor measures the component
destroyed proportion from the overall resource, whereas the specific loss factor measures the lost
proportion excluded from the recovery process. They are expressed as:
i

E xd ,i
E x

(2)

E x3 f 2 f
E x

(3)

3f1f

3f1f

Energy and exergy balances and the irreversibility equations of the various components are expressed
by Ayachi et al [9].
3. Results and discussion
The first assessment of the work relates to pure fluids and 10K-pinch configuration. The result
presented in Figure 3 demonstrates that the global exergy efficiency is strongly linked to the critical
temperature of the working fluid. This feature makes the fluid critical temperature as the main
influencing property on system performance.
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Figure 3– System performances by using pure fluids (T1f=165°C–Pinch=10K–PHmax=70bar)

The trend curve leads to distinguish a specific appropriate range of critical temperature located
between 110°C and 130°C. It can be extended to 90°C when considering supercritical operating
conditions that could bring promising results regarding system performance.
Investigated cascading cycles use R-245fa and isopentane as topping cycle working fluid. The topping
cycle fluid critical temperature is chosen to be close or higher than the hot source inlet one, in order to
provide a discharge temperature T21f enough high for the involvement of a succeeding cycle.
Otherwise, the improvement on the global efficiency is insignificant compared to the investment of a
second working cycle.
As presented in Figure 3, the global exergy efficiency is function of the bottoming cycle fluid critical
temperature. The result shows that keeping this critical point far from T21f would comparatively
improve the global exergy efficiency of the cascade. For the R-245fa topping cycle fluid case,
regeneration contribution varies relatively from 2.8% to 4.6% according to the bottoming cycle fluid
critical temperature. It is more significant for the isopentane topping cycle fluid case and varies
relatively from 4.9% to 7.7%. However, the cascading systems, either without or with heat
regeneration cannot be regarded as optimal recovery designs from the almost dry resource since the
two pressure levels generate irreversibility pockets between the hot and the cold flows.
The second assessment extends the analysis to further pinch settings. The result presented in Figure 4
shows that the critical temperature appropriate range displaces according to the pinch value. The more
the pinch is lower, the more the range displaces to higher critical temperatures. Therefore, it is
important to associate the working fluid selection to both hot inlet source temperature and pinch
setting.
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Figure 4 – Impact of the pinch value on the fluid selection (T1f=165°C – PHmax=70 bar)
Equation 4 estimates the critical temperature appropriate range of the working fluids by gathering these
two considerations. It can be generalized and extended for the cascade bottoming cycle fluid and for
the supercritical operations.

[TC ,opt ] (Tsource 45) (10 Pinch ) 10

(4)

When considering subcritical simple cycles, two fluids are identified in the appropriate range: R-236fa
and R-124. Here, the selection is confronted to environmental constraints and is kept outside of the
suitable range. Three candidates come into view: R134a, R-1234yf and isobutane. The second is
particularly interesting because of its notably low Global Warming Potential value. The third is less
recommended due to its high flammability. Also a two-R-245fa cycle regenerative cascade leads to
comparable performance to those given by the aforementioned systems. However, in practice it would
require bulky design.
In order to move up the global exergy efficiency, the second solution calls for reducing the pinch value
at the expense of the exchange area. Minimizing the pinch to 5K could be confronted to economic
constraints. The third solution regards the transcritical cycle for which the same proposed fluids i.e.
R-134a and R-1234yf lies in the suitable range. However in this range, the most the critical
temperature is lower, the most optimal supercritical pressure is higher. Likewise, this could be subject
to technological and economical constraints.
The remaining challenge consists of providing other alternatives able to move up the global efficiency
to the optimum without resorting to reduce the pinching or to operate at high supercritical operating
conditions.
The last assessment has been conducted for (R-1234yf – n-butane) combination, basing on the
optimization and simulation of the power system according to a large composition spectrum. It allows
giving specific correlation between the global exergy efficiency and the blend critical temperature by
considering all the properties deviations, especially the temperature glide in the condenser.
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Figure 5 – System performances by using binary (R-1234yf – n-butane) blend
(T1f=165°C – Pinch=10K – PHmax=70 bar)
The low isobar glide is revealed moderate within the whole composition range (less than and 7.6K).
This would bring the global efficiency – critical temperature specific correlation nearer to the mean
feature of the pure fluids case (Figure 5). The results highlight a principal interest of using blends in

this recovery problem: they i) allows reaching the appropriate critical temperature range for the
suitable exchange matching in the vapour generator ii) takes advantage of the low GWP value of the
constituents.
Table 3 gathers the recovery solutions operations and performances. Advanced solutions using pure
fluids and based on both supercritical operating conditions and 5K-pinch configuration grow up the
global exergy efficiency. This latter reaches more than 57% with the use of R-1234yf (S6). On the
other hand, 10K-pinch transcritical cycle using (R-1234yf – n-butane) blend lead to about the same
efficiency (S11). By comparing the specific dissipating factors of the two alternatives, it can be
concluded that: i) for the first one (S6), the high performance is obtained at the upper side of the cycle
where the pinch minimizing reduces both of vapor generator dissipating factor and loss factor ii) for
the second one (S11), the high performance is obtained at the lower side of the cycle where the suitable
temperature glide reduces both of condenser dissipating factor and loss factor. This, once again,
highlights an additional interest of using zeotropic blends. Besides, the second alternative gives lower
supercritical pressure compared to the first one.
Table 3. Recovery solutions from the almost dry resource: operations and performances
Working
fluids

Mole
[%]

R-134a

-

R-1234yf

-

i-butane

-

2 R-245fa

-

R-1234yf
n-butane

64
36
75
25

Sol

Oper

S1
S2
S3
S4
S5
S6
S7
S8

sub-c
tr-c
sub-c
sub-c
tr-c
tr-c
sub-c
sub-c
regen
sub-c

S9

Pinch
[K]
10
10
10
5
10
5
10
5
10

-

T2f
[°C]
53.5
57.6
44.9
36.5
54.7
51
69.6
60.6
83
54.4

ξvg
[%]
20.1
12.5
24.2
21.4
12.2
9.2
13.9
11.2
15.1
7

ξt
[%]
9.3
10.9
9.3
10
11.1
11.6
8.8
10
6.8
1.3

ξcd+re
[%]
11.6
10.7
12.7
13.8
11.7
12.6
9.2
10.5
7.7
4

ξp
[%]
0.5
1
0.6
0.7
1.3
1.3
0.4
0.5
0.1
0.01

ψ
[%]
9
11.2
5.1
2.3
9.6
7.7
19.7
13.1

ηex,g
[%]
49.5
53.7
48
51.8
54.1
57.6
48
54.7

9.4

48.6

PL
[bar]
6.65
6.65
6.72
6.72
6.72
6.72
3.5
3.5
1.48
1.48

PH
[bar]
39
69
32
32
70
70
34
34
16
3.3

T3
[°C]
108.6
139.6
95.6
95.6
142.6
146
130.8
130.8
111.4
48.7

glide

[kg/s]
92.9
89.1
130.7
141
105
105.5
37.8
43.2
56.4
30.3

[K]
-

[kW]
2451
2656
2376
2563
2676
2851
2374
2710
2041
364

S10

sub-c

10

85.1

4.43

33

113.2

6.9

50.2

17.9

10.2

9.7

0.6

7.3

54.3

2689

S11

tr-c

10

91.4

4.85

59

140.5

5.6

51.6

13.5

11.6

8.7

1.1

8

57.1

2828

4. Conclusion
The present paper has conducted large comparative analysis on recovery solutions from one almost dry
effluent at medium temperature (165°C). Various working fluids integrated in different architectural
conceptions have been investigated. The main results of the study can be extracted as follow:
- Strong mean feature is revealed between the fluid critical temperature and the global exergy
efficiency. It notices the existence of an appropriate range specific to the hot source
characteristics, the pinch value and the system design,
- The highest performances are given by the supercritical operating conditions. However,
subcritical cycles using fluids in the critical temperature appropriate range lead to
performances comparable to those given by transcritical cycles using fluids with lower critical
temperatures,
- Environmental considerations and economical and technological constraints of pure fluid
solutions prevent to get the highest power output as objective function. Zeotropic blends
sidestep these constraints by providing suitable critical temperatures for the good thermal
match with the hot flow, low GWP and acceptable system high pressure. Besides, moderate
temperature glides contribute to the performance improvement.
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Nomenclature
Ėx
Φin
Φout
Φ'out
T
P
X
ηex,g
ξ
ψ

exergy flow [kW]
mechanical power [kW]
heat flow added to vapour generator [kW]
heat flow rejected from cycle [kW]
heat flow non recovered [kW]
temperature [°C]
pressure [bar]
mass flow rate [kg/s]
Molar fraction [%]
global exergy efficiency [%]
specific dissipating factor [%]
loss factor [%]

Subscripts
p
pump
t
turbine
vg
vapour generator
cd
condenser
re
regenerator
f
flue gases
d
destroyed
L
low
H
high
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ABSTRACT
Two modifications to a traditional Organic Rankine Cycle (ORC) are investigated: the Organic Rankine
Cycle with Liquid-Flooded Expansion (ORCLFE), and the Organic Rankine Cycle with Solution Circuit
(ORCSC). The ORCLFE involves “flooding” the expansion device with a liquid that is in thermal
equilibrium with the primary working fluid, while simultaneously expanding the primary working fluid
through the same device. The ORCSC employs a zeotropic mixture consisting of two components with a
large boiling point difference. The more volatile component in the vapor phase is separated from the
absorbent in the liquid phase; the vapor then flows through the expansion device, whereas the liquid
absorbent gives rise to a regenerative solution circuit.
A thermodynamic model was used to compare these modified ORCs with traditional ORC technology for
a range of working fluids: ammonia, water, CO2, acetone, pentane, R134a and R245fa. The working fluid
pairs considered for the ORCSC were ammonia-water and CO2-acetone. Based purely on thermodynamic
considerations, a simple water ORC was found to be more efficient than ORCs that use other working
fluids. It yielded almost 65% of the Carnot efficiency for a source and sink temperature of 200°C and
20°C respectively. However, the use of water requires low expander exhaust quality, large pressure ratios,
and a large expander due to its low density at the expander exhaust. Thus the practical challenges with
water as a working fluid for an ORC may make its use prohibitive. The ORCLFE always improves cycle
efficiency when compared to an ORC for a given working fluid, but it requires the use of a positive
displacement expander and a flooding liquid that is immiscible and nonreactive with the working fluid.
The ORCSC shows the lowest efficiencies for the working fluid pairs studied. However, there are
significant practical advantages intrinsic to the ORCLFE and the ORCSC. For example, the more
isothermal expansion of the ORCLFE eliminates the concern of low expander exhaust quality for wet
working fluids. The ORCSC provides the ability to use the two-phase temperature glide to match source
and sink temperature profiles, facilitates intrinsic capacity control and can have significantly lower
working pressures than an ORC. Ultimately, the overall best choice of cycle and working fluid may be
highly application-specific and should balance the tradeoffs between efficiency and practical concerns.
Therefore, this work represents a step on the path towards an optimal ORC solution for a given
application.
INTRODUCTION
The competing drivers of energy security and climate change mitigation have spurred the development of
Organic Rankine Cycle (ORC) technology to harness low-grade heat (80°C – 200°C) as a viable energy
source. Organic Rankine Cycles differ from traditional steam Rankine Cycles in the use of an organic
liquid as opposed to steam as the working fluid. The term ORC is also applied generally to any Rankine
cycle with a low-grade heat source. However, the low temperature heat sources result in a relatively low
theoretical (Carnot) efficiency limit. Therefore, achieving cycle efficiencies close to the Carnot limit is
important for ensuring the economic feasibility of the technology. To this end, the thermodynamic
performance of two novel modifications to a traditional Organic Rankine Cycle is investigated: Organic
Rankine Cycle with Liquid-Flooded Expansion (ORCLFE) and Organic Rankine Cycle with Solution
Circuit (ORCSC). The working fluids considered for the ORC and ORCLFE are ammonia, water, CO2,
acetone, pentane, R134a and R245fa. The working fluid pairs considered for the ORCSC are ammoniawater and CO2-acetone. The primary focus of this work is a comparative analysis of the different cycles,
rather than the strengths and weaknesses of the individual working fluids. It should be noted that
thermodynamic considerations alone are insufficient to declare an optimum cycle for an application.
However, they are an important first step along the path to an optimum.

DESCRIPTION OF CYCLES
The Organic Rankine Cycle with Liquid-Flooded Expansion (ORCLFE) (Woodland et al., 2010) involves
“flooding” the expansion device with a subcooled liquid that is in thermal equilibrium with the primary
working fluid, while simultaneously expanding the primary working fluid through the same device. An
appropriate flooding liquid will not flash into vapor during this process. Without liquid flooding the
primary working fluid undergoes a significant temperature drop during expansion. For an appropriate
choice of flow rates, the flooding liquid acts as a heat source for the vapor and maintains higher
temperatures in the vapor throughout the expansion process. Since flooding liquids typically have a high
volumetric heat capacity compared to the primary working fluid vapor, relatively low volumetric flow
rates of liquid are needed to achieve this process. Liquid-flooded expansion is readily accommodated
using a positive displacement expander such as a scroll or screw machine. Figure 1 shows a schematic
diagram of the ORCLFE.
In the cycle, both the primary working fluid (1) and the flooding medium (2) are pumped to the high
system pressure. The working fluid is then preheated by an internal regenerator (3). At this point, the
working fluid (4) and flooding medium (5) are heated to the same temperature using the heat source. The
fluids are then mixed (6) and expanded together through the expander (7). After the expansion process,
the working fluid is separated from the flooding medium (8). The flooded expansion guarantees that the
working fluid is still significantly superheated at the expander outlet. This allows the working fluid to
pass through an internal regenerator to preheat the fluid coming out of the pump exit (9). The remaining
heat in the working fluid is then rejected to the environment by means of a condenser (10). At the other
side of the separator (11), the flooding medium is simply pumped back to the high-side pressure, and
enough heat is added to restore it to the high-side temperature to complete the cycle.
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Figure 2: Schematic representation of the
ORCSC.

The Organic Rankine Cycle with Solution Circuit (ORCSC) employs a zeotropic mixture of the primary
working fluid and an absorbent characterized by a large boiling point difference. This enables the
separation of the more volatile component (the primary working fluid) in the vapor phase from the
solution in the liquid phase for a range of source temperatures. The use of a zeotropic fluid results in a
temperature glide during the phase change process. As the mixture is heated or cooled at constant
pressure, the saturation temperatures are not constant, and instead vary with the composition changes of
the liquid and vapor phases. In general, working pairs used in absorption cycles, such as ammonia-water,
are good candidates for use in the ORCSC. Groll and Radermacher (1994) outlined the advantages of
using novel working pairs such as carbon dioxide-acetone in such a cycle, represented in Figure 2.
State (1) represents the outlet of the desorber (note that a separator may be used to separate the vapor and
liquid streams at the desorber outlet). At this state, the waste heat stream has heated the mixture, and the

absorbate is desorbed from the solution. The absorbate vapor stream (which may contain a portion of
absorbent vapor) then enters the expander, where it is expanded to its low-pressure state (2). State (3)
represents the outlet of the absorber, where the absorbate has been resorbed into the solution to form a
rich solution. Since absorption is an exothermic process, the absorber rejects heat to the environment
during this process. Following this, the rich solution is pumped to the high-pressure state (4) and is
subsequently preheated by an internal heat exchanger (5) before entering the desorber. State (6) represents
the liquid-phase weak solution at the desorber outlet. The weak solution stream is then subcooled (7)
through the internal heat exchanger, and expanded to the low-pressure state (8) by an expansion valve.
RESULTS AND DISCUSSION
Thermodynamic considerations
Results are presented with the assumptions given in Table 1. Fluid properties were obtained from
REFPROP 9.0 (Lemmon et al., 2012) with the exception of the ammonia-water mixture, for which
properties were obtained from the built-in external procedure in Engineering Equation Solver (EES)
(Klein, 2012). All points for the pure fluid ORC and ORCLFE were optimized using EES with respect to
the high pressure where transcritical cycles were permitted. The ORCLFE was also optimized with
respect to the ratio of flooding liquid and working fluid mass flow rates. All points for the ORCSC were
optimized with respect to rich solution (absorber outlet) concentration and weak solution concentration.
The high pressure is set by assuming the weak solution to be a saturated liquid at the maximum cycle
temperature. The absorbate vapor concentration is set by assuming it to be a saturated vapor in
equilibrium with the saturated-liquid weak solution. For the ORCLFE, the flooding medium is assumed to
be an incompressible liquid with density and specific heat similar to lubricating oil. Equations for
thermodynamic properties were obtained from Hugenroth (2006). The flooding medium is assumed to be
immiscible and chemically non-reactive with the working fluid. The figures below show the Second Law
efficiencies, defined as the thermal (First Law) efficiency divided by the theoretical maximum (Carnot)
efficiency, of the various cycles with different working fluids. Embedded in this performance metric is
the assumption that the temperature source and sink are constant temperature reservoirs.
Figure 3 shows the performance of a conventional ORC with no regeneration for various working fluids.
Depending on the working fluid and source temperature, Second Law efficiencies exceeding 50% are
possible. Apart from carbon dioxide and water, the other working fluids have a maximum Second Law
efficiency in the source temperature range and show some degradation of performance at higher source
temperatures. This is due to several factors: 1) Higher source temperatures require higher evaporating
pressures to maximize system thermal efficiency. The higher evaporating pressures result in a greater
proportion of heat input in the subcooled liquid region of the working fluid, where heat transfer
irreversibilities are higher against a constant temperature source. 2) For many fluids, the source
temperature exceeds the critical temperature of the fluid, resulting in a transcritical cycle where the
advantages of constant temperature heat input against a constant temperature source are not realized. 3)
For dry working fluids (R245fa and pentane), the expander exhaust gases become more superheated with
increasing source temperature, resulting in wasted availability against the heat sink. The cycle with water
as the working fluid avoids issue 2) because of its high critical temperature and issue 3) by expanding
directly into the vapor dome. Acetone shows the same behavior except at the highest temperature studied
(200°C) where it evaporates near the critical temperature.
Due to the high superheat in the expander exhaust gas for dry working fluids such as pentane and R245fa,
it is a common practice to use a regenerative heat exchanger between the expander exhaust gas and the
liquid at the pump discharge as illustrated in Figure 1. The Second Law efficiency of such a cycle
(without liquid-flooded expansion) as a function of source temperature is given in Figure 4.
For wet working fluids such as ammonia, water, acetone, and R134a, regeneration was only applied when
the expander exhaust stream was superheated. The optimization routine was allowed to increase the
superheat at the expander inlet for these fluids (by decreasing the evaporating pressure) to allow for some
superheat in the expander exhaust gases if this yielded a more efficient result. Figure 4 shows that the
addition of a regenerator results in much better performance for dry working fluids at high temperatures
because the availability in the expander exhaust stream is not wasted. However, very wet fluids like water
and ammonia show no improvement from this simple regenerative scheme because the expander exhaust

temperature is not significantly higher than the pump discharge temperature. This points to one of the key
advantages of liquid-flooded expansion in the ORCLFE. The more isothermal expansion process ensures
that the expander exhaust gases are significantly superheated. Wet working fluids can then employ a
regenerative heat exchanger. The Second Law efficiency versus source temperature for the ORCLFE is
given in Figure 5.
Table 1: Assumptions made in the thermodynamic models.
Description
Condenser, absorber outlet subcooling
Temperature difference between heat sink and condenser/absorber outlet
Heat sink temperature
Temperature difference between heat source and evaporator/desorber outlet
Regenerator/internal heat exchanger effectiveness
Pump isentropic efficiency
Expander isentropic efficiency
Negligible pressure drop in lines, separators, and heat exchangers
Negligible heat loss in lines, mixer, separator, pumps, and expander
Complete separation of liquid and gas phases

Value
5 °C
5 °C
20 °C
10 °C
0.95
0.6
0.8
–
–
–

Figure 3: Second Law efficiency as a function of Figure 4: Second Law efficiency as a function
source temperature for a traditional ORC.
of source temperature for an ORC with a
regenerator.

Figure 5: Second Law efficiency as a function of Figure 6: Second Law efficiency as a function
source temperature for the ORCLFE.
of source temperature for the ORCSC. Low
concentration denotes less than 1% absorbate
by mass in the rich solution. High
concentration denotes greater than 10%
absorbate by mass in the rich solution.
Note the significant improvement with water and acetone as a result of liquid-flooded expansion. The
improvement is only marginal for pentane and R245fa because regeneration with the expander exhaust
gases is already possible for these fluids without liquid-flooded expansion.

Figure 6 shows the optimum performance of an ORCSC with ammonia-water and CO2-acetone working
fluid pairs at two different rich solution concentration ranges. The traditional interpretation of the ORCSC
is to operate at high absorbate concentrations (above 50% by mass) in the rich solution. However, while
conducting the optimization, it was found that a greater maximum existed at extremely low absorbate
concentrations (less than 1% by mass), in which case it is almost pure absorbent vapor that participates in
the expansion process. Also, at a 200 °C source temperature for CO2-acetone, it was not possible to
operate at rich solution concentrations above 10% because the two-phase concentration range shrinks as
the mixture critical point is approached. In this case, the highest possible concentration of 10% was used.
The ORCSCs with high concentrations of ammonia or CO2 are generally less efficient than traditional
ORCs using pure ammonia or CO2 respectively. In these cases the temperature glide is detrimental to the
Second Law efficiency because it results in higher irreversibilities against the assumed constant
temperature heat source. Exceptions occur for ammonia-water above source temperatures of 160 °C and
for CO2-acetone at 200 °C, where the CO2 concentration is relatively low. The ORCSCs with low
concentrations of ammonia and CO2 do not perform as well as traditional ORCs with pure water and pure
acetone respectively.
Thermodynamic versus practical considerations
At first glance, a conventional ORC with the best performing working fluid would appear to be the ideal
choice due to a combination of simplicity and performance. However, it is important to note that several
practical considerations should be weighed together with the thermodynamic results presented in this
work. For example, the optimum efficiency for a basic ORC with water as the working fluid is higher
than the efficiency of the ORCLFE and the ORCSC for the majority of working fluids. However, the use
of water requires a low vapor quality and low density at the expander exhaust, a high expander pressure
ratio, and vacuum pressure condensation.
The issue of low vapor quality at the expander exhaust is eliminated in the ORCLFE with a resulting
boost in efficiency. However, the issues of pressure ratio, low density gas, and vacuum pressures remain.
High pressure ratios require multiple expansion stages. The sub-atmospheric pressure makes air leakage
into the system a challenge. The low working fluid density is a capacity concern, requiring large diameter
piping and a large expander to achieve a capacity comparable to denser working fluids. Therefore, despite
the promising efficiency of water as a working fluid for the source temperatures considered, the practical
concerns associated with its use may be prohibitive.
It may be tempting to dismiss the ORCSC as unfavorable due to the low efficiencies estimated for this
cycle. However, it should be noted that the reported Second Law efficiencies assume that the heat source
is a constant temperature reservoir. A real heat source fluid will begin to cool as it heats the cycle
working fluid. This could severely limit the maximum evaporating temperature of a traditional ORC as
the heat source stream reaches a pinch point against the liquid to two-phase transition of the working
fluid. This also limits the capacity of an ORC since less exergy can be extracted from a finite capacity
heat source. In contrast, the ORCSC may be able to reach higher capacities and average working fluid
temperatures by being better able to match the temperature profile of the heat source stream with its twophase temperature glide. A similar argument can be made between the working fluid and the heat sink
fluid. Therefore, the ORCSC should not be ruled out entirely until more application specific studies,
which consider the temperature profiles and capacities of the source, sink, and working fluid streams are
conducted. Other practical advantages of the ORCSC include the potential for lower system pressures as
compared to a cycle with the pure absorbate as the working fluid and the potential for capacity control by
changing the concentration of the working fluid mixture (Krishna et al., 2010). Moreover, only two
working fluid pairs were studied out of a broad range of possible binary mixtures. More binary mixture
data is needed to study the wide range of working fluid combinations that may be possible with the
ORCSC.
The ORCLFE may seem to be the best cycle configuration. It improves the efficiency of all working
fluids when an optimal amount of flooding liquid is used. However, the ORCLFE is not without practical
challenges. For example, it requires the selection of a flooding medium that is not miscible or reactive
with the primary working fluid. It also requires the use of a positive displacement expander since liquid
flooding would be detrimental to a dynamic machine. In addition, the ORCLFE requires the waste heat

source to separately heat the working fluid and the flooding medium, which impacts the exergetic
conversion efficiency of the cycle.
It is evident that the optimal choice for an ORC and working fluid may be highly application-specific. It
depends primarily on the capacity of the heat source stream and the desired exergetic conversion
efficiency of the ORC. Appropriate selection thus requires a more thorough investigation of the tradeoffs
between efficiency, ability to match the heat source temperature profile, variability in the heat source and
sink streams, cost of implementation, and size constraints. Investigating these tradeoffs, however, requires
experimental study. In this regard, three experimental test stands consisting of a traditional ORC, an
ORCSC, and an ORCLFE have been constructed in order to provide further insight into the feasibility of
these technologies, and allow for more detailed comparative analyses in ongoing work.
CONCLUSIONS
A levelized thermodynamic comparison of traditional and more novel ORC concepts employing a variety
of working fluids is presented. Such a study is an important step towards determination of an optimal
ORC for a given application. A simple ORC with water as the working fluid yielded almost 65% of the
Carnot efficiency and was found to be more efficient than many of the enhanced cycles. However, a range
of practical considerations must be taken into account and weighed together with the thermodynamic
optima presented in this analysis. For example, when using water in an ORC as modeled here, the water
expands into the vapor dome and generates a low vapor quality and low density at the expander exhaust.
In addition, the ORC has a high expander pressure ratio, and vacuum pressure condensation. These issues
may make water unattractive as the working fluid. The ORCSC appears to be the poorest performer, but it
provides the ability to use temperature glide to match the temperature profiles of the source and sink
fluids and facilitates intrinsic capacity control. This may lead to higher overall system efficiencies when
coupled with sources that have varying heat input temperatures or loads. More application-specific
studies that address the nature and capacity of the source and sink streams are required to identify where
this ability may be most advantageous. The ORCLFE always improves system efficiency and mitigates
expander exhaust quality concerns for wet working fluids. However, it limits the choice of expander to
positive displacement designs and requires the selection of a flooding medium that does not mix or react
with the primary working fluid. Three test systems have been constructed to further investigate the
thermodynamic and the practical advantages and tradeoffs of the ORC, ORCSC, and ORCLFE. The
results and experience derived from these test systems in future work will provide a more complete
understanding of optimal low-grade heat recovery.
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ABSTRACT
The reaction effect of lithium bromide on chemical heat storage material which used for a magnesium
oxide/water chemical heat pump, constituted by a graphite matrix in which magnesium hydroxide is
dispersed, was studied. Accordingly, a composite, named EML, was obtained by synthesizing lithium
bromide, expanded graphite and magnesium hydroxide. The thermogravimetric analysis of synthesized
material was made by using a thermobalance and chemical kinetics of EML composite was discussed
from experimental results. It was observed that LiBr showed a positive behavior on enhancement of
reactivity in the dehydration and hydration. Dehydration of EML composite has been investigated at
temperature range between 220oC and 300oC. Dehydration was fit with a first order rate equation. An
activation energy of EML was calculated as 124.3 kJ mol-1. The value was smaller than 133.9 kJ mol-1 of
Mg(OH)2 powder. It was expected that EML composite has possibility to be a candidate for chemical
heat storage material at temperatures over around 220C.
INTRODUCTION
The increase of energy consumption in every society leads to serious environmental problems, especially
global warming and natural resource depletion. In minimizing those problems, more efficient ways to use
heat have to be explored. A chemical heat pump (CHP) is one of the desired heat storage and
transformation systems. CHP utilizes reversible chemical reaction to store and transform thermal energy.
In this study a magnesium oxide/water (MgO/H2O) CHP had been examined. The CHP is based on
exothermic and endothermic chemical reaction between MgO and H2O as the following equation (Kato,
1996),
MgO (s) +

O (g)

(s)

∆

= - 81.02 kJ mol-1

(1)

The right direction in Eq.1 is MgO hydration corresponding to heat output operation for the CHP and the
left one is Mg(OH)2 dehydration corresponding to the heat storage operation. The system could be used
as a heat amplifier to transform a heat source to one at 100 - 150C, storing the heat at around 350C.
The drawbacks of the system are that reaction materials of MgO and Mg(OH)2 have poor thermal
conductivity and its reaction performance is limited. The improvement of heat transfer could be obtained
by mixing expanded graphite (EG) with Mg(OH)2 as a reactant (Kim, 2011). EG mixture showed good
mold-ability for fitting well the structure of heat exchanging in the CHP because EG is high porous media
with great effective thermal conductivity, and is expected to allow efficient mass and heat transfer. The
high mold-ability is important for enhancement of thermal conductivity between the heat storage material
and heat exchanging surface. The objective of this study is that to enhance the reaction performance of
EG mixture used for MgO/H2O CHP. Accordingly lithium bromide (LiBr) mixed with EG mixture to
enhance the reactivity due to LiBr high hydrophilic property. It was expected that LiBr employ reactivity
enhancer for MgO/H2O CHP because LiBr is well known material as absorbent in absorption heat pump.
Then, mixed composite of EG, Mg(OH)2 and LiBr, named as EML, was examined kinetically for
enhancement of performance of MgO/H2O CHP in this study.
EXPERIMENTAL
Reaction Materials and Its’ Preparation
The samples used in the present study were EML composite obtained from pure Mg(OH)2 (0.07μm and
99.9%) powder, LiBr H2O (99.5%) monohydrate (Wako Pure Chemical Industries, Ltd) and EG through
an impregnation method, which allows well distribution of Mg(OH)2 particles in EG matrix. EG was

prepared by heating of row expandable graphite (SS-3, Air Water INC.) at 7000C during 10 min in an
electric muffle furnace. EG is high bulky material with many pores on the surface and its outlook is like
worm (see Fig. 1). These open pores allow depositing an amount of Mg(OH)2 particles. EML
preparation procedure is that initially mounted of LiBr was mixed within 200mL of ethanol (95%, Wako
Pure Chemical Industries, Ltd.), and Mg(OH)2 was charged in the solution. Afterwards, the solution was
dispersed by ultrasonic wave bath for 30 min to distribute particles homogenously. Then, EG was
charging into the flask and mixed with the solution. Next, excess ethanol in the mixture was eliminated
by evaporation for about 3 hrs, and remained material was dried at 120 overnight in an oven.
Subsequently, the dried samples were broken into small particles and collected. Keeping the shape of EG
during the preparation procedure is important to obtain the reaction material with large surface area and
high mold ability. The resulted composite material was not homogeneous and as consequence, mixing
ratios are introduced. There two mixing ratios α and w, which indicated mixing molar ratio between
Mg(OH)2 and LiBr and mass ratio between Mg(OH)2 and EG, respectively, were used.
A mixing mole ratio, α was defined as mole ratio between LiBr and Mg(OH)2 in a composite. It is
described by:
α=

(2)

The mixing mass ratio, w is defined by:
w=

(3)

An image of surface of EML (α = 0.10 under w = 1:1) composite taken by Scanning Electron Microscopy
(SEM) is shown in Fig. 2 with fresh expanded graphite in Fig. 1.

100μm

100μm

Figure 1: SEM photograph of EG Figure 2: EML (α = 0.10 under w =
at ( 100)
1:1) composite at ( 100)
From Fig. 2, it can be seen that the porous networks of EG enables to load Mg(OH)2 particles in the pore
and the distribution and attachment of the Mg(OH)2 particles to the graphite matrix was looked enough.
It was assumed that LiBr was played a role for adhering with Mg(OH)2 particle and EG due to its high
hygroscopic property in the EML composite. Subsequently, EML composite shows good mold-ability.
Experimental Apparatus
Schematic setup of the apparatus used for thermogravimetric study is depicted in Fig.3. The apparatus
consists of thermobalance (TG)( TG-9600, Ulvac Shinku- Riko Inc), evaporator, a water reservoir and
argon (Ar) cylinder; they are linked by tubes. A sample cell made by platinum (Pt) with inner diameter of
7.5 mm and height of 10 mm. EML (α = 0.10 and 0.01 under w = 1:1) composites and pure Mg(OH)2
powder used as sample. In each test about 40 mg of the reaction material was weighted directly into a cell
and was placed in TG. The furnace was purged by Argon (Ar) prior to the start of the experiments and
flow rate of Ar introduced into the TG was measured by a mass flow controller and maintained at 100 mL
min-1. At first 60 min the sample in the cell was dried at 110oC under 100mL under the purge gas to
remove physically adsorbed water. Afterwards, temperature was raised at 20oC min-1 to targeted
dehydration temperature such as 300 oC and Mg(OH)2 dehydration proceeded for 120 min. Reaction

products, water vapor released from the sample and MgO remained in the cell of TG. The mass loss of
the sample was recorded by the highly sensitive balance continuously as function of time, and was
monitored by a computer working in line. After cooling down to hydration temperature at 110oC, and
MgO reacted with mixed gas flow of an amount of water supplied by a water micro-feeder for
corresponding to vapor pressure of 57.9 kPa and 35mL min-1 of Ar flow as carrier gas. Subsequently,
mass of sample was increased due to MgO hydration. Water vapor supply was stopped, and the sample
was kept at 110 oC under purge gas as 100mL min-1 of Ar flow for removal physical water from the
sample. Thus a cycle was completed as dehydration - hydration – drying process and the measurement
was finished. The experiments were replicated more than three times to determine their reproducibility
and average results are reported hereafter.

Figure 3: A Schematic diagram of experimental apparatus

RESULTS AND DISCUSSIONS
Kinetic Analysis Method
Thermogravimetric Analysis (TGA) is a technique to study dehydration and hydration of reaction
material and it is based on mass change of sample as a function of temperature. The sample mass change
during the dehydration/hydration was caused by the movement of water vapor and temporal change in
mass is measured continuously with temperature. Thus, the mole reacted fraction, x [%] is calculated by:
x=(

)

(4)

in wheremH2O [g] is mass change of the sample caused by reaction, mMg(OH)2[g] is initial charged mass of
Mg(OH)2 and M [g mol-1] are molecular masses of Mg(OH)2 and H2O, respectively.
Reactivities of EML composite and pure Mg(OH)2 powder
Fig.4 shows the mole reacted fraction changes of dehydration and hydration of EML (α = 0.10 and 0.01
under w = 1:1) composites and pure Mg(OH)2 powder.
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Figure 4: Reacted fraction changes of
dehydration/hydration of EMLs and Mg(OH)2
EML had higher dehydration rate than pure Mg(OH)2 powder. Higher α composite (α = 0.10) showed
high dehydration rate comparison with lower α composite (α = 0.01). Larger content of LiBr was positive
effect on dehydration of EML in α range between 0.01 and 0.10. Similar effect was also observed in
hydration and EML had greater hydration rate than pure Mg(OH)2 powder. Larger content of LiBr was
positive effect on hydration of EML in α range between 0.01 and 0.10. It was demonstrated that EML
had higher reactivity than pure Mg(OH)2 by employing LiBr.
Dehydration Kinetic of Reaction Materials
The dehydrations of EML (α = 0.01 under w = 1:1) composite and pure Mg(OH)2 particle were measured
at dehydration temperatures of 300, 270, 240 and 220 as shown in Figs 5 and 6, respectively.
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It was observed that EML composite with α = 0.01 showed higher dehydration rate than that of Mg(OH)2
powder at same temperature. Also, it was observed that EML dehydration had reactivity at around over
220oC in comparison with Mg(OH)2 powder needs temperature over 240 for hydration. It was
concluded that mixing LiBr was capable to reduce the dehydration temperature to around 220 which
had not been reported from previous other works. One assumed that dehydration of Mg(OH)2 proceeds as
first order reaction (Gordon and Kingery, 1967) and the rate equation was proposed as following,
(5)

where kd [min-1] and td [min] are a dehydration rate constant and time, respectively. Eq.5 can be integrated
by initial condition (x = x0 at td = 0) as following,
(6)
Figs. 7 and 8 show the relation between td and ln x for dehydration results of EML composite and pure
Mg(OH)2. It was assumed that the dehydration time td = 0 corresponded to the time at which material
reaches at 90% of reacted fraction, because of removal of effect of physically adsorbed water at initial
dehydration period from dehydration kinetic calculation. In these figures, dots represent measured values.
Solid lines show linear regression fit of those values which were used the result at the period of td = 0 to
50 min. The plots indicated well linear trend in given period according to Eq. 6.
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Figure 7: Dehydration rate analysis of EML (α
= 0.01 under w = 1:1) composite

Figure 8: Dehydration rate analysis of
Mg(OH)2 powder

The slope of the linear plots corresponds with dehydration rate constant, kd. The experimental value of kd
for EML ( = 0.01 under w = 1:1) was 0.033 min-1 at 300 oC. The kd depends on the dehydration
temperature, and this dependency is represented by the Arrhenius equation which provides experimental
determination of activation energy. Fig. 8 shows Arrhenius plots of ln kd vs. 1/T of dehydration rate
constants for EML (α = 0.01 under w = 1:1) and pure Mg(OH)2 powder. Dots in these plots show
measured values and solid line shows linear regression fit of those values, respectively. The plots of these
kd values which were exhibited a linear trend well. From the slope of the lines, values of activation energy,
Ea were estimated as listed in Table 1.
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Figure 9: Arrhenius plots of dehydration rate constants for
EML (α = 0.01 under w = 1:1) composite and Mg(OH)2 powder

Correlation coefficient, Rl, in Table 1 was used to measure of the linearity of the fitting. From the
experimental results, the Rl in both materials are almost close to 1. It means that the both kinetics of
dehydration were well fitted to the reaction order model defined in Eq. 6. The calculated value of Ea at
dehydration of EML (α = 0.01 under w = 1:1) composite was 124.3 kJ mol-1, which was smaller than
133.9 kJ mol-1 of Mg(OH)2 powder. The calculated values of activation energy for Mg(OH)2 in this work
agreed reasonably with values calculated in references (Gordon Kingery, 1967 and Ishitobi, 2011). It was
confirmed that the activation energy for the dehydration could be decreased by adding LiBr in composite.
On the other hand, EG would have also positive effect on both reactions (Kim, 2011). It was expected
that EML would have new possibility as a chemical heat storage material.
Table 1: The activation energies for dehydration of
EML (α = 0.01 under w = 1:1) composite and Mg(OH)2 powder
Activation energy, Ea

Rl

-1

Reaction materials

[kJ mol ]

Mg(OH)2

133.9

0.99

EML (α = 0.01 under w = 1:1)

124.3

0.99

CONCLUSIONS
LiBr was employed as reactivity enhancer for MgO material for CHP operation. LiBr mixture of EML
composite was discussed kinetically by a thermobalance. Dehydration rate of EML composite was
greater than that of Mg(OH)2 powder and then, degree of dehydration depended on amount of LiBr in the
composite. The kinetics of EML dehydration was well fitted to the reaction order model, yielding
activation energy of 124.3 kJ mol-1. It was resulted that the activation energy for the dehydration could be
decreased by adding LiBr in composite. It was expected that EML composite could be utilized as a new
heat storage material for relatively low temperature heat utilization at over 220°C.
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ABSTRACT
The paper deals with the experimental study of the permeability of the composite reactant of calcium
chloride and expanded graphite. The composite reactant is a solid material used in chemical heat
pumps, whose key feature is high thermal conductivity and permeability compared to ordinary
inorganic salts. However, in the operation cycles of heat pumps which work at low-temperature using
water as a refrigerant, permeability of working fluid is still the rate-controlling factor because of the
low vapor pressure incidental to such cycles. In this study, the dynamic permeability of the composite
reactant has been examined experimentally in order to obtain information for the optimum preparation
condition of the composite reactant.
INTRODUCTION
The hydration reaction of calcium chloride is suitable to drive a chemical heat pump to produce cold
heat using low temperature waste heat. Since its performance is controlled by the heat and mass
transfer in the reactor bed, the authors have developed the composite reactant of calcium chloride and
expanded graphite. The advantage of this reactant is that the bulky and porous matrix of expanded
graphite allows calcium chloride to have high thermal conductivity without reducing gas permeability.
In the previous studies, it has been revealed that the effective thermal conductivity of the composite
reactant is about 30 times larger than calcium chloride (Fujioka et al., 2010), and a large contribution
of convective heat transfer in the reactor bed has been shown by simulation analysis using a model
developed to examine the dynamic characteristics of a chemical heat pump driven by the hydration of
composite reactant.
Thus, the permeability of reactant is important from the point of view of both mass and heat transfer.
Some works, for example (Maruran et al., 2001) or (Wang et al., 2009), have been reported on the
permeability of reactants using expanded graphite. In most of these studies measurements were
performed using unreacted samples and nitrogen gas or air, and little is known about the permeability
when the sample is reacting with the gas substance. In this study, the dynamic permeability of
composite reactant has been examined experimentally under the condition where the hydration reaction
occurs continuously.
EXPERIMENT
Experiment has been conducted using an experimental set-up shown in Fig.1 which consists of a grass
vessel (with a diameter of 30 mm and a thickness of 17 mm), an evaporator and a differential pressure
gauge. The composite reactant was prepared according to the procedure described in our previous
study (Fujioka et al., 2008). A SEM photograph of the composite reactant is shown in Fig.2. It was
packed in the vessel and the vessel was put in a constant-temperature bath. Then water vapor with a
flow rate of 5.2 L/min. was introduced in the vessel to progress hydration reaction, and the pressure
drop of the water vapor across the sample layer was measured at 30oC. The amount of water absorbed
in the sample was evaluated by the change in the water level of the evaporator.
Permeability of each sample was obtained from the measured pressure drop using the Darcy’s law
expressed by the following equation.

0  P  g 


vs


[1]

where P is the pressure gradient across the sample [Pa/m],  is the gas density [kg/m3], g is the
acceleration of gravity [m/s2],  is the gas viscosity [Pa·s],  is permeability [m2], and vs is the surface
velocity [m/s].
Measurements using nitrogen gas with a flow rate of 21.9 L/min. have been also carried out. In this
case CaCl2 in the composite reactant remains anhydrous throughout the measurement.

(1) Evaporator (2) Manometer (3) Thermocouple (4) Pressure gauge
(5) Sample vessel (6) Nitrogen trap (7) Vacuum pump (8) Thermostatic
bath

Figure 2: SEM photograph of composite reactant before being packed in the sample cell

TIME VARIATION OF PERMEABILITY AND REACTION PROGRESS
Figure 3 is time variations of reaction progress, which expressed by the molar ratio of water to CaCl2 in
the composite reactant, n, and the permeability, , for the case of the initial void fraction 0.84. n
increases and the permeability decreases with time. After 20 minutes, increase in n becomes slow, but
the permeability decreases with almost the same rate as in the first stage. The permeability was reduced
to one third of that of unreacted sample while hydration progresses from n=2.2 to n=4.2. It may
indicate that the large decrease in permeability caused the small hydration rate after 20 minutes. The
similar tendency was observed in all the samples examined.
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Figure 3: Time variations of reaction progress and permeability ( =0.84)
RELATIONSHIP BETWEEN PERMEABILTY AND VOID FRACTION
Change in void fraction due to volume expansion and contraction of solid reactant
Like many reactions of inorganic salts, the volume of CaCl2 changes as the hydration reaction
progresses. It expands in absorption and contracts in desorption, which leads to change in the void
fraction and affects both permeability of water vapor and heat transfer in the bed. The authors
examined the volume change of reactive solids of CaCl2/methylamine, CaCl2/ammonia,
CaCl2/methanol, and CaCl2/water by using experimental results and literature data. This revealed that
the molar volume linearly increases with the moles of gas substance absorbed in CaCl2 and we
obtained a volume expansion rate  for each CaCl2 reaction system. The relation between molar
volume and moles of water absorbed in CaCl2, n, can be expressed by the following equation.
( )

[2]

Where ( ) is the molar volume of hydrated CaCl2 when n moles of water per one mole of CaCl2 is
absorbed in it [cm3/mol],
is the molar volume of anhydrous CaCl2 [cm3/mol], and is the volume
3
expansion rate [cm /mol].
Then the void fraction of composite reactant bed is ,

)⁄

1−(

with

( ) 𝑚

𝑏

[3]

[4]

Where  is the void fraction [-],
is the volume of CaCl2 in the composite reactant [cm3], 𝑚
and 𝑚𝐸𝐺 are weight of CaCl2 and expanded graphite in the sample respectively [g], and ρ𝑔𝑟 is the
density of graphite [g/cm3].

Correlation of permeability and void fraction using the Kozeny-Carman equation
In order to investigate the mechanism responsible for the decrease in permeability due to the progress
of hydration, we tried to correlate permeability and void fraction using the following Kozeny-Carman
equation.
P  180

(1   ) 2  v s

3

dp

2

[5]

L

Where  P is the pressure drop across the sample layer [Pa], dp is the particle diameter [m], and L is the
sample thickness [m].

Pressre drop, P [kPa]

The validity of adapting the Kozeny-Carman equation to the composite reactant has been examined by
comparing the measured pressure drop with the calculated one. In this measurement, unreacted
composite reactant, in other words the reactant before being subjected to hydration, was used because
the void fraction is uniform in the unreacted sample. At each measurement the unreacted composite
reactant was packed in the sample cell with various void fractions and the pressure drop was measured
by using nitrogen gas. The results are plotted against void fraction in Fig.4 together with calculated
pressure drop by the Kozeny-Carman equation. As shown in Fig.4, the calculated relationship between
pressure drop and void fraction agrees well with the measured pressure drop when 120 m is used for
dp in Eq.[5]. 

Void fraction,  [-]
Figure 4: Relationship between pressure drop and void fraction

Void fraction during hydration process
Thus the relationship between permeability and pressure drop of unreacted composite reactant bed is
confirmed to be expressed by the Kozeny-Carman equation as described in the forgoing section.
Applying it to the experimental results of dynamic permeability measurement using water vapor, the
void fraction is obtained by the pressure drop using Eq.[5]. Void fraction is also obtained from the
moles of water absorbed by CaCl2, n, using Eqs.[2]-[4], In other words, we have two ways of
calculating void fraction:
(i) n : void fraction from n and Eqs.[2]-[4]
(ii) K-C : void fraction from pressure drop and the Kozeny-Carman equation

0.9

4.0

0.8

3.0

0.7

2.0

0.6

0.5

 from n
 from the Kozeny-Carman eq.
n
0

10

20

1.0

Moles of water, n [-]

Void Fraction,  [-]

These two kinds of void fractions are shown in Fig.5 for a typical hydration process. In this figure, K-C
decreases soon after the hydration reaction starts at time=0 and it is smaller than n throughout the
measurement. Although  in the Eq.[5] is not necessarily related to the actual void fraction but to a
void space which contributes to the fluid flow, the discrepancy between two void fractions is
reasonably not attributed to that since the effect of the definition of void fraction is included in the
value of the parameter dp. It should be noted that n corresponds to the average hydration progress in
the bed, since it is obtained total amount of water absorbed in the sample. Then the smaller K-C than n
in Fig.5 would suggest that the measured pressure drop became large at the entrance of the sample cell
because the permeate resistance increased with hydration reaction which accompanied the volume
expansion. It is most likely to be the main cause of the small hydration rate after 15 minutes.

0
30

Time [min]
Figure 5: Comparison of void fractions obtained by two ways

CONCLUSION
Dynamic permeability of the composite reactant of calcium chloride and expanded graphite has been
measured while the hydration reaction is occurring. From the results it has been revealed that the
permeability of this system largely decreases with hydration. The analysis of void fraction using the
Kozeny-Carman equation together with the experimental results showed that even in the thin bed with
only 15 mm of thickness, the void fraction, or conversion, gradient is formed, causing the reaction
suppression due to the large permeate resistance near the edge of the bed.
NOMENCLATURE
g
n
𝑚
𝑚𝐸𝐺
vs
Vm(n)

acceleration of gravity [m/s 2]
moles of water absorbed in one mole of CaCl2 [-]
weight of CaCl2 in the sample respectively [g]
weight of expanded graphite in the sample respectively [g]
surface velocity [m/s]
molar volume of hydrated CaCl2 [cm3/mol]
molar volume of anhydrous CaCl2 [cm3/mol]
volume of CaCl2 in the composite reactant [cm3]


0
n
K-C



ρ𝑔𝑟
P

volume expansion rate [cm3/mol]
void fraction [-]
initial void fraction [-]
void fraction from n and Eqs.[2]-[4]
void fraction from pressure drop and the Kozeny-Carman equation
permeability [m2]
gas viscosity [Pa·s]
gas density [kg/m3]
graphite density [g/cm3]
pressure gradient across the sample [Pa/m]
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Abstract
In this work, SAPO-34 coated adsorbers prepared by University of Messina were tested at CNR ITAE
by a lab-scale adsorption chiller. A granular adsorber was also tested in order to compare the
performance of the two adsorber configurations. The results achieved indicated that the coated
adsorbers produced mass specific cooling power between 235 and 703 W/kgad and cooling COP
between 0.14 and 0.39, with a cycle time between 3 and 15 min. Adsorption and mechanical stabilities
of the coated adsorbers subjected to about 200 ad/desorption cycles were successfully verified.
Introduction
SAPO-34 zeolite is considered as a promising adsorbent of water in adsorption chillers/heat pumps
driven by low temperature heat sources (Henninger et al., 2010). The appropriate integration of the
adsorbent into the heat exchanger (HEX) is a key-factor for intensification of the heat transfer quality
in the adsorber (AdHEX). Utilization of large surface area HEXs coated by a thin layer of adsorbent is
considered as an attractive way to design dynamically efficient adsorbers. The most promising coating
methods are in-situ zeolite crystallization (Bonaccorsi et. al, 2006; Bauer J. et. al, 2009, Schnabel L.
et. al, 2010 ) and dip coating processes (Okamoto K. et al., 2010, Freni A. et al., 2007).
Direct accretion of zeolite crystals on the metal surface allows a nearly perfect thermal contact.
However, multiple depositions are necessary in order to reach an acceptable zeolitic layer thickness (>
0.1 mm). Hydrothermal synthesis of SAPOs is a quite complex and expensive process, as a long
treatment in autoclave under high pressure and temperature is required. Moreover, problems of
different thermal expansion between the zeolite layer and the metal substrate are possible, due to the
high temperature reached during the treatment (up to 550°C for SAPOs).
The dip-coating method represents an alternate way to deposit a thin layer of adsorbent on the heat
exchanger surface. Advantage of this method is the possibility to easily vary the coating thickness in
the range 0.1 – 1 mm by, for example, controlling the viscosity of the liquid solution and the dipping
velocity. Full scale adsorbers prepared via dip coating were experimentally tested in (Dawoud, 2012),
returning encouraging results in terms of reduced adsorption cycle time and elevated specific power.
The aim of this work is the experimental testing of two coated adsorbers with different amount of
zeolite prepared by University of Messina via dip-coating. A granular SAPO-34 adsorber, employing
the same HEX, was also tested for comparison purposes. The adsorbers performance evaluation was
carried out at CNR ITAE by a laboratory adsorption chiller running under realistic operating
conditions. During testing, the coated adsorbers were subjected to few hundreds of rapid ad/desorption
cycles and the coatings resulted stable, confirming preliminary mechanical tests carried out on flat
aluminum supports according to (Freni et. al, 2012).
Experimental
Figure 1a shows a coated adsorber, which was prepared by University of Messina via dip coating
method, starting from a liquid solution of SAPO-34 and a proper binder. The coating was applied on a
finned flat-tube aluminium heat exchanger, the specifications of which are given in Tab. I. This HEX
concept was selected because its suitability for application in adsorption machines was already proved

in (Grisel et. al,2010, Vasta et. al, 2012). The detailed view of the coated adsorber shown in Figure 1b
permits to clearly appreciate the thin adsorbent coating efficiently covering the HEX fins. The HEX
was intentionally not completely filled with adsorbent material, leaving voids between the fins that
allow the water vapour flowing through the adsorber.

b)

c)
a)
Figure 1a, b c. – a) The coated adsorber; detailed view of the b) coating and c) granular bed.
Two coated adsorbers were prepared, having the metal to adsorbent mass ratio Mmet/Mads = 3.8 (zeolite
loading: 145 g) and 2.2 (zeolite loading: 261 g). The corresponding coating thickness was 0.4 mm and
0.7 mm, respectively.
Tab. I. Mean features of the tested adsorbers
HEX type
Metal mass [kg]
Overall volume [dm3]
Heat Transfer Surface [m2]
Heat Transfer Surface density [m2/dm3]
Adsorbent material
Adsorbent arrangement
Adsorbent Mass [kg]
Metal/adsorbent mass ratio
Main dimensional feature [mm]

Aluminum finned flat tubes
0.565
1.152
0.91
0.79
SAPO-34
Loose grains
Coating I
Coating II
0.467
0.261
0.145
1.2
2.2
3.8
Grain size:
Coating
Coating
0.3 - 0.35
thickness: 0.7
thickness: 0.4

Moreover, for comparison purpose, a granular adsorber was prepared by integrating loose grains of the
same adsorbent (0.3-0.35 mm in size) in the same heat exchanger type (see Fig. 1c). Main features of
the adsorbers are collected in Tab. I.
The schematic of the laboratory system for testing the adsorbers is shown in Figure 2. Basically, it
consists of a single bed adsorption unit (maximum power of 1 kW) and a test bench for simulating the
external heat sources/sinks.

Figure 2 - schematic of the lab- scale adsorption chiller: 1 heat storage, 2 heat exchanger (heating
loop), 3 adsorber, 4 vacuum chamber, 5 evaporator, 6 condenser, 7,8 thermocryostats, 9 cold storage
The adsorption unit consists of a stainless steel vacuum chamber where the adsorber to be tested is
placed. The testing chamber is connected to an evaporator and a condenser, both being finned copper
tubes HEXs. Electro-actuated vacuum valves allow refrigerant vapour to flow from the evaporator to
the adsorber in adsorption and from the adsorber to the condenser in desorption. An expansion valve is
used to control the liquid refrigerant flow from the condenser to the evaporator, in order to maintain a
nearly constant liquid level during the operation. The external hydraulic circuits are equipped with a set
of solenoid valves for automatic control of the adsorption cycle. In order to improve the management
of the heat transfer fluids, two water buffering tanks (100 l) are inserted in the hydraulic circuit.
Temperature, pressure and water flow rate measurements were performed by means of sensors shown
in Fig 2. Data acquisition and control were carried out with a National Instrument system interfaced to
a PC with Labview data software.
Tests were aimed at measuring the adsorbers performance in terms of Coefficient Of Performance
(COP) and delivered cooling power. Typical experimental error was less than 10%. More details about
the testing facility features are reported elsewhere (Sapienza et al, 2011).
Results
Tests were carried out under the following operating conditions: Tev= 15°C, Tcon= 35°C, Tads= 35°C
Tdes=80 – 90 °C, with different cycle times between 3 and 15 min. Setting so rapid sorption cycles was
possible thanks to the selected heat exchanger, which is compact, lightweight and offers high surface
area. Each test condition was run for several ad/desorption cycles, until reaching a steady operating
state. Afterwards, the average performance for three consecutive cycles was evaluated. This concept is
exemplified in Fig. 3, which shows the temperature evolution of the adsorbent coating during several
continuous ad/desorption cycles.
Fig. 4 compares the cooling power per unit mass of adsorbent delivered by the three adsorbers and the
corresponding differential water loadings ( Tev= 15°C, Tcon= 35°C, Tads= 35°C Tdes= 90 °C, cycle time 5
min). The adsorbent coating II (adsorbent loading 145 g) clearly offered faster adsorption rate, higher
cooling power (peak power of about 2.5 kW/kgad) and higher differential water loading (w=10 %).
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Figure 3 - Temperature evolution of the coated adsorber I (cycle time 5 min)
This was evidently due to the lower amount of material and the smaller coating thickness (0.4 mm)
which ensured that the majority of the adsorbent material took an active role in the adsorption process.
Moreover, adsorber II allows faster isosteric phases, that is critical especially for very short cycle
times. It is obvious that the adsorption rate and delivered power decreased with increasing of the
coating thickness (adsorber I) and the adsorbent mass (granular bed), that augmented heat and mass
transfer resistances through the adsorbent bed.
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Figure 4 - Differential water loading and cooling power per unit mass of adsorbent ( Tev= 15°C, Tcon=
35°C, Tads= 35°C Tdes= 90 °C, cycle time 5 min).
The previously described experimental protocol was applied to a wide range of operating conditions,
which means that each adsorber was subjected to a relevant number of ad/desorption cycles (about 200
cycles in total). Performance evaluated in the different conditions are collected in Fig. 5a,b and 6a, b.
Specifically, Fig. 5a gives the performance comparison at Tdes = 90°C in terms of cooling COP and
adsorbent mass Specific Cooling Power (SCPAd). The coated adsorbers attractively delivered a Mass
Specific Cooling Power SCPAd of several hundred watts per kilogram of dry adsorbent, which is a
significant improvement in the state of the art. Obviously, the coated adsorber II, delivered the highest
SCPAd (up to 705 W/kgAd), due to the low adsorbent loading (145 g). However, the SCPAd value does
not take into consideration the influence of the size and weight of the HEX, so that, it is of limited
usefulness for adsorber designer. Therefore, two further performance parameters were evaluated,
namely the adsorber mass Specific Cooling Power (SCPAdHex) and volume Specific Cooling Power

(VCP). Fig. 5b suggests that the coated adsorber I, performed better than adsorber II, in terms of
SCPAdHEX = 82-132 W/kgAdHEX, and VCP =59-95 W/dm3, thanks to the higher zeolite loading
(adsorbent loading 261 g) and the lower metal to adsorbent mass ratio (2.2), indicating that the proper
selection of the coating characteristics is of primary importance for adsorption dynamics optimization
in adsorption systems. The granular bed delivered the highest volumetric power density, but one has to
consider that the adsorbent loading was 2-3 times higher than those of the coated adsorbers.
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In Fig. 6a,b, the same performance figures measured at Tdes = 80°C are reported, putting in evidence
that utilization of coated adsorbers is even more beneficial with lower driving force for supplying
desorption heat. Indeed, the coated adsorber I (adsorbent loading 261 g) delivered much higher mass
power densities (SCPAd= 235-324 W/kgAd; SCPAdHEX 74-102 W/kgAdHEX) than the granular bed with
nearly the same COP (0.22-0.33) and volumetric specific power (VCP =53-73 W/dm3).
It is important to put in evidence that such performance figures are achieved with a much lower amount
of (expensive) SAPO-34 than that used in the granular bed, with an expected reduction of the capital
costs. Another important advantage is that preparation of a coated adsorber is a relatively simple and
quick process, that can be easily adapted for mass-scale production.

After the experimental testing, the coated adsorbers appeared completely stable. First of all, no dust
was released during cycling, which is a typical problem of the granular beds, where total containment
of the loose adsorbent grains into the HEX could be an issue. Beside the visual inspection, a portion of
the aged coating was characterized by thermogravimetric method, showing no reduction in the
adsorption capacity. Finally, mechanical stability of the aged adsorbers was successfully verified
according to some of the methods proposed in (Freni et. al, 2012).
Conclusions
Two SAPO34 coated adsorbers (zeolite loading 145 and 261 g) realized by University of Messina were
successfully tested in a laboratory scale adsorption chiller available at CNR ITAE, confirming that the
coating process allows to enhance the heat transfer rate and power density with respect to a granular
adsorber. Moreover, it was found that the coating allows high efficiency of the SAPO34 utilization
when the cycle time is fast (3-5 min) and the regeneration temperature is low (80-90°C). Finally,
mechanical and adsorption stabilities of the coated adsorbers subjected to 200 ad/desorption cycles
were successfully verified. This last result indicates that the coated adsorbers probably possess
sufficiently high lifetime, to meet durability requirements of commercial applications.
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ABSTRACT
Combined production of power and cooling can improve the energy utilisation efficiency significantly. In
this paper, a new ammonia/water combined absorption power and cooling cycle is proposed for
simultaneous generation of power and cooling. The cycle is a combination of absorption refrigeration and
Kalina power cycles. The performance of the cycle was evaluated by using several performance
indicating parameters such as overall thermal efficiency, effective first law efficiency and power to
cooling ratio. The influence of key operating parameters: generator, sink and evaporator temperatures on
the cycle performance were investigated. It is found that at a particular operating conditionat the
generator temperature of 130℃, sink temperature of 30℃ and evaporator temperature of about −10℃ a
net power output of 23.5kW and cooling capacity of 181.5kW could be attained with the overall thermal
and effective first law efficiencies of the combined cycle are 40.81% and 14.67%, respectively.
INTRODUCTION
In the recent years, the ever increase in global energy demand and greenhouse gas emissions requires and
increased use of sustainable energy sources such as solar thermal energy, biomass and waste heat energy
for power and cooling applications. The use of low and medium temperature thermal sources such as
solar thermal energy, biomass or biogas to produce refrigerationand mechanical power is well known;
absorption refrigeration cycles and Kalina cycles both using ammonia/water (NH3/H2O) mixture as
working fluid, are good examples of these systems. Absorption cycles for mechanical power such as the
Kalina cycle consist of components used also in absorption refrigeration cycles as absorbers, generators
(desorbers) thus the combination of both systems is not only possible but also presents some advantages
from the technical performance perspective with a higher efficiency than the separated production of
power and refrigeration which means a better use of primary energy resources.
Goswami (1995) proposed a new cycle later analysed inSadrameli and Goswami intended primarily for
power generation while simultaneously producing a cooling output.The combined cooling output is
gained from a heat exchanger following the expander. The expander exhaust is cooled by expanding the
vapour to sub-ambient temperatures. Application of low heat-source temperatures below 200℃ is one of
the characteristics of this cycle. Since this cycle uses the expander exhaust gases through a cooler
transferring sensible heat to the chilled water, the refrigeration output is relatively small. Erickson et al
(2004) proposed an NH3/H2O absorption cycle configuration which produces power and refrigeration
interchangeably. The dual function cycle consists of a heat recovery unit, desorber, recuperator, absorber,
turbine, condenser and evaporator. The power and refrigeration cycle use the same absorption unit that
improves the economics of recovering low grade energy. A novel form of the basic absorption cooling
cycle has been presented by Ziegler (2007). The cooling and power cycle derived from a double-effect
absorption cycle. From a thermal energy of 1 MW, it is estimated that with this cycle configuration it is
possible to produce 1.2MW of cooling and 100kW of power when the cycle operates as a pure absorption
refrigeration cycle and pure sorption power cycle, respectively. The main advantage of all these
configurations is the possibility to use low grade heat sources such as solar thermal energy or waste heat.
The objective of this paper is to systematically study a modified basicNH3/H2Oabsorption cycle
configuration using NH3as refrigerant and H2O as absorbent to simultaneously produce refrigeration
and mechanical power using renewable resources such as thermal solar energy, biomass or biogas
with a single system able to cover different demand profiles of power and refrigeration.

DESCRIPTION OF THE CYCLE CONFIGURATION
Figure 1 shows the schematic of the cycle configuration proposed and analysed in this paper. The cycle is
the result of the combination of absorption refrigeration and Kalina power cycles. The system operates at
two pressure levels,those given by the condenser at high pressure and the evaporator at low pressure. An
NH3/H2O mixture, referred as the basic solution (state 1) is pumped to the system high pressure (state 2)
and split into three streams (state 3A, 3B and 3C) which recovers heat internallybefore re-mixed (state 7)
and enter into the low temperature generator (Generator-1). The basic solution partially boiled in
Generator-1 and separated into liquid (state 16) and vapour solution (state 9) which is further purified in
reflux condenser (state 10). The liquid condensate leaving the reflux condenser (state 26) is re-mixed with
the basic solution leaving Generator-1 (state 8) in the low temperature separator. Then, the liquid solution
(state 16) is boiled in the high temperature generator (Generator-2) and separated into vapour (state 18)
and liquid (state 22) solutions. The liquid solution throttled to the system low pressure (state 23-24) after
exchanging heat with basic solution.
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Figure 1: Modified NH3/H2Ocycle for combined power and cooling applications
The vapour from the high temperature separator begins the power sub-cycle process (state 18-19-20-21)
by being superheated to the highest temperature (state 19). It then expands in the turbine to generate
power (state 20). The turbine exhaust is then cooled in recovery heat exchanger (state 20-21) by
preheating the part of the basic solution (state 3B-5) and the remaining basic solution is pre-heated by the
recovered heat from the reflux condenser (state 3C-6) and weak solution in the solution heat exchanger
(state 3A-4). The purified vapour (state 10) begins the refrigeration sub-cycle process (state 10-11-12-1314-15) after condensing in the condenser is sub-cooled (state 11-12) in the condensate pre-cooler by
heating the vapour leaving the evaporator (state 14-15) and then throttled (state 12-13) in the expansion
valve before it produces the cooling effect in the evaporator (state 13-14).The three streams (state 15, 21
and 24) mix to form the basic solution (state 25), which is cooled in the absorber to state 1, and this
completes the whole cycle process.
THERMODYNAMIC MODEL
The thermodynamic model for the analysis and simulation of the cycle is established based on simplifying
model assumptions, energy and mass balances for each component in the cycle. Properties of the
NH3/H2O mixture are calculated using the correlations from the work of Ibrahim and Klein (1993). This
property data source is available in the Engineering Equation Solver EES software as external library.
The physical equations describing the components of the cycle have been established using also the EES
program.

Model assumptions
The following assumptions were used in the thermodynamic model:
 The analysis is carried out under steady-state steady flow conditions;
 Saturated liquid solutions leaving the absorber, condenser, low and high temperature phase
separators;
 Saturated liquid condensate and saturated purified vapour leaving the reflux condenser;
 The saturated vapour and saturated liquid leaving the low temperature phase separator are in
equilibrium with each other (t9 = t16);
 The vapour and liquid in the high temperature phase separator are in equilibrium with each other (t17=
t18= t22);
 The temperature of the vapour-liquid solution leaving the low temperature generator (state 8) is set
equal to (tgen–10), tgen is the temperature of the solution leaving high temperature generator (state 17);
 Effectiveness of the condensate pre-cooler, solution and recovery heat exchangers is 80%;
 Concentration of the purified vapour leaving the reflux condenser is 0.999;
 Isentropic efficiencies of the turbine and the pump are 85 and 80%, respectively;
 The minimum temperature difference between the cold and hot streams at the hot end of the reflux
condenser is 10℃;
 The vapour qualityof the solution leaving the evaporator and temperature of the superheater are
assumed to be 0.95 and 450K, respectively;
 Split ratio is taken to be 15% (Split ratio is defined as the ratio of the mass flow rate of the basic
solution to the recovery heat exchanger to the mass flow rate of the basic solution from the absorber);
Steady-state mass and energy balances for the components of the cycles are established as follows:
Global mass balance:
Σmin = Σmout

[1]

Mass balance for ammonia:
Σmin Xin = Σmout Xout

[2]

Energy balance:
0 = Q − W + Σmin hin − Σmout hout

[3]

The mechanical power only appears in the energy balance of the pump and turbine.
Performance parameters
Overall thermal efficiency (ηthermal) is defined as the ratio between the total useful energy outputs (net
mechanical power output,Wnet , and cooling effect, Q eva ) to the external energy inputs to the system
(generators and super heater thermal power inputs:Q gen 1 , Q gen 2 and Q sh , respectively):

ηthermal = Q

W net + Q eva
gen 1 + Q gen 2 +Q sh

[4]

whereWnet is the mechanical power output from the turbine, reduced by the mechanical power input to
the pump. The overall thermal efficiency in Eq.[4] weights the quality of the dual outputs equally.
Thermodynamically consistent and more realistic definition for energy,first law efficiency, is defined as
follows(Vijayaraghavan and Goswami, 2003):
E

ηI, eff = Q

W net + ( eva )
η ref
gen 1

[5]

+ Q gen 2 +Q sh

whereηI, eff is effective first law efficiency and ηref is second law efficiency for refrigeration cycle(which
is assumed to be 40% in this work).

The exergy associated with the cooling, Eeva ,is calculated as the exergy change across the evaporator:

Eeva = m 13 [ h13 − h14 − Ta (s13 − s14 )]

[6]

whereTa is the reference (or dead state) temperature, in this work the ambient temperature and the
reference temperature are assumed to have the same value.
Power to cooling ratio, R, is defined as the ratio of the net mechanical power output of the system per the
cooling effect produced in the evaporator:

R=

W net
Q eva

[7]

RESULTS AND DISCUSSION
The thermodynamic performance evaluation of the proposed combined cycle is performed for a generator
temperature (t17) between 105℃ and 150℃. The effect of the sink temperature, assumed as 5℃ below the
absorber and condenser temperature, on the system performance is evaluated for a temperature range
between 20℃and 40℃. The evaporator temperature is also varied between -10℃and 10℃. A 1 kg/s of
basic solution through the pump is taken as a basis for calculation.

(a) – net power output and cooling capacity(b) –overall thermal efficiency and power to cooling ratio

Figure 2: Effect of generator temperature on cycle performance parameters
The cycle has an optimum value for the overall thermal efficiency around the generator temperature of
130℃atthe baseline case(tabs = tcon= 35℃ and teva = −10℃) considered in the cycle simulation. For a
particular operating condition, there is a minimum generator temperature to operate the cycle.
Accordingly, there is a corresponding minimum heat source temperature to fire the system. For the
considered baseline case, the generator temperature must be greater than 100℃.The amount of the driving
heat input for the cycle is increasing from 254.1kW to 898.5kW as the generator temperature increases
from 105℃ to 150℃.

(a) – net power output and cooling capacity(b) – overall thermal efficiency and power to cooling ratio

Figure3: Effect of sink temperature on cycle performance parameters
As seenfrom Figure 3a, the cooling capacity of the cycle decreases significantly (342kW to 34kW) as the
sink temperature increases from 20℃ to 40℃. Since the high pressure of the system increases as the sink
temperature increases, the amount of vapour desorbed (for constant generator temperature) in both

generators decreases (Figure 4). But, the specific enthalpy difference across the turbine increases (Figure
4). Consequently, the net power output shows slight variation with an optimum value of 23.5kW at 30℃.

Figure 4: Effect of sink temperature on vapour production rate and ∆h across the turbine.
Since the low pressure of the system increases as the evaporator temperature increases, the turbine
pressure ratio decreases as a result; the mechanical power output of the cycle decreases. Even though the
specific enthalpy difference across the evaporator decrease the cooling capacity of the cycle increases
because the mass flow rate of the rectified vapour increases at a faster rate than the decrease in the
specific enthalpy difference across the evaporator.

(a) – net power output and cooling capacity(b) – overall thermal efficiency and power to cooling ratio

Figure 5: Effect of evaporator temperature on cycle performance parameters
To account the quality of the useful outputs of the combined cycle (mechanical power and cooling effect),
the effective first law efficiency of the system is calculated at different generator, sink and evaporator
temperatures.An ambient temperature of 293Kwas considered.

(a)

(b)

(c)

Figure 6: Effect of generator, sink and evaporator temperature on effective first law efficiency
The variation of the effective first law efficiency with generator, sink and evaporator temperature is
illustrated in Figure 6.The optimum value for effective first law efficiency is attained at a similar
generator temperature, around 130℃ as that of the optimum value for the overall thermal efficiency of the
cycle. In contrary to the overall thermal efficiency of the cycle shown in Figure 5b, the cycle shows
(Figure 6c) higher effective first law efficiency at lower evaporator temperature (suitable for refrigeration
application). A similar trend is observed for the effect of sink temperature on overall thermal and
effective first law efficiencies.Comparison with other optional system for separate production of

power(using organic rankine cycle with n-Pentane as working fluid) and refrigeration (single-stage
NH3/H2O absorption refrigeration cycle) having the same power and cooling capacity shows that the
cogeneration cycle has higher energy efficiency. The cogeneration cycle has an energy consumption that
is lower by more than 12% than that when using the separate cyclesat the baseline conditions considered.
CONCLUDING REMARKS
A new modified ammonia/water absorption cycle is proposed for the cogeneration of mechanical power
and cooling. It can be driven by small scale Parabolic and Fresnel collectors orother suitable sustainable
energy resources.The cycle performance is investigated using both overall thermal and effective first law
efficiencies, and they are found to be 40.81% and 14.67%, respectively, forthe base case (sink and
evaporator temperatures of 30℃ and −10℃) with the optimum generator temperature of 130℃. The mix
of power and cooling produced by the cyclecan be adjusted to meet the seasonal requirement for cooling.
A study is conducted to investigate the effect of the sink and evaporator temperatures on the cycle
performances. The power output of the cycle is slightly sensitive for the variation of sink temperature at
the operating conditions analysed. But, the simultaneous cooling effect is highly sensitive for the sink
temperature variation. When the quality of the cooling effect is considered, a higherenergy conversion
efficiency is attained at conditions suitable for refrigeration application (<0℃).
ACKNOWLEDGMENTS
This research project was financially supported by the Spanish Ministry of Economy and
Competitiveness (ENE2009-14177) and the Catalan Government (2009SGR-33). Dereje S. Ayou thanks
to the AGAUR (Catalan Government) for the fellowship.
REFERENCES
Goswami, D.Y.Solar Thermal Power – Status and Future Directions. Proceedings of the 2nd ISHMTASME Heat and Mass Transfer Conference, S. Murthy and Y. Jaluria, eds., Tata McGraw Hill, New
Delhi,pp.57-60,1995
Erickson, D., Anand, G., Kyung, I. Heat activated dual function absorption cycle. ASHRAE
TransactionsSymposia, 110(1), 515-524, 2004
Ibrahim, O.M., Klein, S.A. Thermodynamic Properties of Ammonia-Water Mixtures. ASHRAE
Transactions Symposia, 99 (1), 1495-1502, 1993
Sadrameli, S.M, Goswami, D.Y. Optimum operating conditions for a combined power and cooling
thermodynamic cycle. Applied Energy, 84(3), 254-265, 2007
Vijayaraghavan, S., Goswami, D.Y. On evaluating efficiency of a combined power and cooling cycle.
Journal of Energy Resources Technology, 125, 221-227, 2003
Ziegler, F. Novel cycles for power and refrigeration. 1st European Conference on Polygeneration,
Tarragona (Spain), 2007
NOMENCLATURE
1, 2, … 26
E
h
m
Q
q
R
s
t
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thermodynamic state points
exergy flow (kW)
specific enthalpy (kJ/kg)
mass flow rate (kg/s)
thermal power (kW)
vapour fraction (-)
power to cooling ratio (-)
specific entropy (kJ/kg)
temperature (℃)
mechanical power (kW)

X
ammonia mass fraction (kg/kg)
∆h
specific enthalpy difference
summation
Σ
Subscripts
abs
absorber
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condenser
eva
evaporator
gen
generator
in/out
inlet/outlet
sh
super heater
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Abstract
The thermal efficiency of wet, isentropic and dry working fluids is compared for 4 different organic
Rankine cycle (ORC) configurations. The conventional (CNV), superheated (SP), reheated (RP) and
recuperative (RV) units are tested for ammonia, R134a and R245fa using IPSEPRO simulation
software. Waste heat temperature and mass flow rate are assumed to be 200oC and 1 kg/s
respectively. The evaporating temperature is 95oC for the CNV and RV cycles, while the superheated
temperature is set to 130oC for the SP and RP ORCs. The 30oC condensation temperature is used for
all of the configurations. The simulations show that CNV and SP ORCs are applicable for ammonia,
R134a and R245fa, whereas the RP configuration is appropriate for both R134a and R245fa. On the
one hand, the RV ORC can only be employed effectively for R245fa. It is found that the RV
configuration with R245fa has the highest thermal efficiency (12.6%), followed by ammonia in the SP
configuration (12%) and R134a in an RV unit (11.8%). These results show that the types of working
fluids used in different ORC configurations have different implications in terms of thermal efficiency.
A decision tree which can be used to select ORC configurations for ammonia, R134a and R245fa is
then presented at the end of this paper.
Nomenclature
Symbol

ɳ
S
ODP
GWP
CNV
SP
RP
RV
T
1.

Heat load (kW)
Mass flow rate (kg/s)
Enthalpy (kJ/kg)
Power (kW)
Efficiency (%)
Entropy (kJ/kg K)
Ozone depletion potential
Global warming potential
Conventional
Superheated
Reheated
Recuperative
Temperature

Subscripts
eva
1,1a,1b -6,4a
con
HEhot
HEcold
p
t
to
f
g
th

Evaporator
Point in figures 1 to 8
Condenser
Heat exchanger hot stream
Heat exchanger cold stream
Pump
Turbine
Turbine outlet
Fluid
Gas
Thermal

Introduction

In recent years, there has been an increasing interest in low grade waste heat recovery using organic
Rankine cycles (ORCs) due to the increase of thermal pollution and the need to improve process
efficiencies. The ORC is a system that converts low grade waste heat to electrical power. Low grade
waste heat has a temperature range of between 90 to 230oC (US Department of Energy, 2008).
Generally, an ORC system consists of an evaporator, a turbine, a condenser and a pump. A common
challenge is to select a working fluid capable of producing a high thermal efficiency (ɳth). Currently,
there are several common types of ORC, namely, conventional (CNV), superheated (SP), reheated
(RP) and recuperative (RV) ORCs. Working fluids of ORCs can be classified into wet, isentropic and
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dry (Hung et al. 1997). A wet fluid is characterized by a negative shape of saturation vapour line, as
shown in Figure 2. Isentropic fluid has a vertical slope of the saturated vapour line, as shown in
Figure 4. On the other hand, dry fluid has a positive slope of saturated vapour curve, shown in Figure
6. This paper gives an account of wet (ammonia), isentropic (R134a) and dry (R245fa) working
fluids in CNV, SP, RP and RV ORC configurations.
Numerous studies have compared ORC configurations. For instance, Chen et al. (2011) compared
conventional and superheated ORCs, and Aneke et al. (2012) investigated the use of conventional,
dual source and two-turbine ORC configurations to recover two waste heat in the food industry.
Previously, Saleh et al. (2007) had evaluated conventional, superheated and conventional systems
with internal heat exchangers and also supercritical ORCs. However, none of these studies specified
the conditions required to apply ORC configurations with certain types of working fluid. Therefore,
the main questions addressed in this paper are what type of working fluid can provide the optimum
efficiency for each ORC configuration, and what criteria should be used to select the working fluid.
A decision tree is provided to choose the ORC configuration which has the optimum thermal
efficiency when using ammonia, R134a or R245fa.
2.

Different types of ORC cycles

Temperature (oC)

Figure 1 shows the conventional ORC (CNV), which consist of an evaporator, a turbine, a condenser
and a pump. The processes used in an 'ideal' conventional ORC are illustrated in Figure 2, where
points 1 to 1a illustrates the preheating process, points 1 to 2 describes the evaporation process, points
2 to 3 represent the expansion process, points 3 to 4 illustrates the condensation process and points 4
to 1 represent the compression process in a pump. In the CNV ORC, the expansion process is on the
saturated vapour line (point 2).

1a

Entropy (kJ/kg. K)
Figure 2. T-S diagram for a
conventional ORC

Figure 1. Conventional ORC (CNV)

Figure 3 shows a systematic diagram of the superheated ORC (SP), which for the most part is the
same as the CNV except for the addition of a superheater after the evaporator. Figure 4 shows a T-S
diagram of the SP using wet fluid, where the preheating process is illustrated from point 1 to 1a, the
evaporation process is shown from points 1 to 1b, the superheating process is shown from point 1b to
2. Expansion occurs between points 2 to 3, followed by condensation between 3 and 4, and
compression from point 4 to 1. For the CNV, the expansion process starts in the saturated vapour
region while in the SP it commences in the superheated vapour region.
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Temperature (oC)

2
1a

1b

1
4

3

Entropy (kJ/kg. K)
Figure 3. Superheated ORC (SP)

Figure 4. T-S diagram for a
superheated ORC

Figure 5 illustrates the systematic diagram of the reheated ORC (RP). It has the same components as
the SP ORC, except for the addition of an internal heat exchanger (IHE). The aim of the IHE is to heat
up the fluid (from point 6 to 1) before it goes to the evaporator, while cooling down the fluid (from
points 3 to 4) before it enters the condenser.

Temperature (oC)

Figure 6 describes the processes in the RP ORC using wet fluid, with point 1 to 1a describes the
preheating process, point 1a to 1b describe the evaporation process and points 1b to 2 representing the
evaporation process. Next, expansion process is describes in points 2 to 3, points 3 to 4a the cooling
process in the internal heat exchanger, points 4a to 5 is the condensation process and points 5 to 6 the
compression process. Lastly, points 6 to 1 the heating up process in the internal heat exchanger.
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1a
1

1b

6
5

3

4a

Entropy (kJ/kg. K)
Figure 5. Reheated ORC (RP)

Figure 6. T-S diagram for a reheated
ORC

Figure 7 shows the Recuperative ORC (RV) components. These are identical to the CV ORC, except
for the fact that it also has an IHE. The six processes in the RV ORC are shown in Figure 8, namely,
preheating (point 1 to 1a), evaporation (points 1a to 2), expansion (points 2 to 3), cooling (points 3 to

3

Temperature (oC)

4), condensation (points 4 to 5), compression (points 5 to 6) and lastly heat transfer in internal the heat
exchanger (points 6 to 1).

1a

2

1
6
3
5

4a

Entrophy (kJ/kg. K)
Figure 7. Recuperative ORC (RV)

3.

Figure 8. T-S diagram for a
recuperative ORC

Thermodynamic analysis of ORCs configurations

In order to calculate the thermal efficiency, a thermodynamic analysis for each process needs to be
accomplished. Each point is illustrated in the figures given in the previous section.
The preheating, evaporation and superheating duties for all configurations are defined by Equation 1,2
and 3.
1
2
3
The expansion work in the turbine is given by Equation 4. For CNV and RV configurations, the
expansion process is at saturation vapour point, while for the RP and SP configurations, it occurs in
the superheated region.
ɳ

4

The condensation duty in all configurations is defined by Equation 5. Condensation in the CNV and
SP ORC takes place between points 3 and 4 in Figure 1 and Figure 3, while for the RV and RP ORCs,
condensation occurs between points 4a and 5.
5

The heat transfer process in the IHE is given by Equation 6. It is only applicable to the RV and RP
ORCs, as explained below. The cooling process in Figure 5 is illustrated in points 3-4a and the
heating process in Figure 8 is described in points 6 to 1.

4

6
The compression work for the CV and the SP ORCs is given by Equation 7. It is illustrated at points 4
to 1 in Figure 1 and Figure 3 respectively. Points 5 to 6 illustrate the compression process in Figure 5
and Figure 7.
ɳ

=ɳ
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The thermal efficiency for all ORC configurations is given as
8

Net power output is given as
9

=
The quality of vapour at the turbine outlet is given as

10

4. Results and discussion
In order to compare different configurations with different working fluids, several assumptions are
made. These are shown in Table 1. It was decided to set the evaporating temperature at 95oC and the
condensing temperature at 30oC for all configurations.
Table 1. Assumption for ORC calculation
Assumptions for all ORC configurations
Evaporating temperature
95 oC
Exhaust gas temperature source
200oC
Exhaust gas energy content
121 kW
Minimum temperature approach in evaporator,
10oC
condenser and internal heat exchanger
Condensing temperature
30oC
Waste heat mass flow rate
1 kg/s
Cooling water temperature source
10oC
Pump and turbine mechanical efficiency
80%
Pump and turbine isentropic efficiency
100%
For SP and RP ORC configurations
Superheating temperature
130oC
The three working fluids considered in this study are ammonia, R134a, R245fa. The properties of
these working fluids are shown in Table 2.
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Table 2. Working fluid properties
Type

Ammonia
R134a
R245fa

Wet
Isentropic
Dry

Critical
Temperature
(oC)
132.25
101.06
154

Critical
Pressure
(bar)
110.33
40.59
36.51

GWP

ODP

0
1300
1030

0
0
0

Figure 9 illustrates that ammonia can only be used in the CNV and SP ORCs. This is due to its low
temperature (30oC) at the turbine outlet. The addition of an internal heat exchanger in the RP and RV
ORCs before the condensation process will decrease the temperature of the ammonia. As a result,
cooling water at a lower temperature is needed to condense the ammonia. Moreover, it is not possible
to add an internal heat exchanger to pre-heat the ammonia, since it has an isothermal condensation
temperature. Point 3 to 4 (in Figure 1 and Figure 3) in the CNV and SP ORC shows the isothermal
condensation temperature. This isothermal condition does not allow ammonia to transfer heat in the
preheating process. R134a can be employed in the CNV, SP and RP ORC, but not in the RV ORC.
The RP ORC can use R134a. This is because the temperature of R134a at the turbine outlet (Point 3 to
4a) in Figure 6was calculated to be approximately 64oC, which is high enough for the preheating
process in the IHE (points 6 to 1). However, the RV ORC cannot be used with R134a, because the
turbine outlet temperature is the same as the condensing temperature (30oC). The vapour quality is
0.89 and cannot be used as a preheating stream in IHE. The quality (x) at the turbine outlet is given in
Equation 8. On the other hand, R245fa can be employed in the RV as a dry vapour (45 oC) produced at
the turbine outlet. This dry vapour can be used as a hot stream in the IHE, to preheat the working fluid
upstream of the evaporator.
Figure 9 shows the net power output for all of the ORC configurations using ammonia, R134a and
R245fa, as calculated using Equation 7. The net power output produced by the CNV ORC using
ammonia is 13.6 kW, which is higher than those of R134a and R245fa. This is because the turbine
inlet pressure is at 56.6 bar and the pressure drops to 11.7 bar at a condensing temperature of 30 oC,
giving a 45 bar pressure drop. For R134a and R245fa, the pressure drops are smaller, at 28.2 bar and
9.5 bar respectively. However, even though R134a has a higher pressure drop than R245fa, thus
leading to a higher power output, the net power produced is lower than for R245fa. This is due to the
greater work needed (2.8 kW) for the pump to compress R134a from 7.7 bar (at the condenser outlet)
to 36 bar (at the evaporator inlet). On the other hand, R245fa only needs 0.6 kW to be compressed
from 1.8 bar (condenser outlet) to 11 bar (evaporator inlet).
Nevertheless, several factors need to be taken into account when using ammonia. As mentioned in the
previous section, ammonia is categorized as a wet working fluid. The expansion process in the turbine
for such fluids falls in the liquid-vapour region. This means that there is a certain amount of liquid at
the outlet of the turbine, which influences its rotational speed. In addition, wet fluids also erodes the
turbine blades (Hung 2001). Therefore, ORCs using wet fluids require more maintenance. Moreover,
ammonia is also categorized as having a high toxicity (Tchanche et al. 2009).
Figure 9 reveals that ammonia also provides the highest net power output in the SP ORC. The power
produced increases to 14.5 kW, as the quality at turbine outlet is now on the saturated vapour line.
This dry saturated vapour allows the turbine to generate more power. However, for R245fa, the SP
ORC gives lower net power output than the CV ORC. This is because when R245fa is very dry the
turbine produces less power. It can be concluded that, for dry working fluids, excessive superheated
will cause a reduction in turbine power output. This conclusion is supported by Delgado-Torres et al.
(2012).
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Figure 9. Comparison of net power output
It was observed that the net power produced with R245fa in the RP is more than for R134a, due to the
higher pumping power needed using R134a. As the mass flow of R134a is higher than that of R245fa
(for all ORC configurations), this leads to a higher heat exchanger area and thus higher pump work.
Table 3 shows the mass flow rate of the working fluids for the different ORC configurations.
R245fa in the RV ORC produces lower net power output than in the RP ORC. This is because,
although the power produced by the turbine is 14.3 kW in the RV ORC, which is lower than that in
the RP ORC (15.8 kW), the RV ORC uses higher pump power (0.57 kW) than the RP ORC (0.55
kW). The pump power in RV ORC is higher because the mass flow rate of R245fa is 0.53 kg/s, which
is higher than in the SP (0.43 kg/s).
Table 3. Mass flow rate of working fluids in different ORC configurations
ORC configuration
SP

CNV
Working fluids
Working fluid
mass flow rate
(kg/s)

RP

RV

Ammonia

R134

R245fa

Ammonia

R134

R245fa

R134

R245fa

R245fa

0.11

0.69

0.51

0.10

0.50

0.43

0.56

0.51

0.53

Figure 10 show a comparison of thermal efficiency for all configurations using ammonia, R134a and
R245a, where thermal efficiency follows the same trend as net power output shown in Figure 9. This
is because in this study the waste heat energy content used is the same for all configurations. The
result shows that R245fa in the RP ORC yields the highest thermal efficiency, and the highest net
power output.
Based on the above thermal efficiency analysis, a decision tree which can be used to select ORC
configuration for ammonia, R134a and R245fa is shown in Figure 11. The decision tree solely
recommended the configurations which provide high thermal efficiency. For example, if ammonia is
chosen as the working fluid, then CNV and SP ORCs are recommended. However, if one can
superheat the ammonia, then the SP ORC is preferred. This recommendation is based on the thermal
efficiency simulation shown in Figure 10. On the other hand, if R134a is chosen as the working fluid,
then CNV, SP and RP ORCs can be used. Nevertheless, if one can superheat R134a and the
temperature at the turbine outlet is higher than the condensing temperature, then an RP ORC is
recommended. If not, then the SP ORC is best, as it can provide a higher thermal efficiency. For
R245fa, the recommended configurations are RP and RV ORC, even though R245fa can be used for
7

all of the configurations. The RP ORC is preferred over the RV ORC, if the waste heat energy content
can superheat the R245fa.
14.0
Thermal efficiency
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2.0
0.0
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Working fluids
Ammonia

R134a

R245fa

Figure 10. Thermal efficiency comparison
5. Conclusions
It can be concluded that:
1. For ammonia, the highest thermal efficiency can be achieved in the superheated (SP) ORC.
2. For R134a and R245fa, the highest thermal efficiency can be achieved in the reheated (RP)
ORC
3. Ammonia is appropriate for conventional (CNV) and superheated (SP) ORCs.
4. R134a can be applied in conventional (CNV), superheated (SP) and reheated (RP) ORCs.
5. R245fa can be used in all ORC configurations.
6. For a dry fluid such as R245fa, excessive superheating decreases the net power output and
thermal efficiency.
7. R245fa also provides good thermal efficiency in the recuperative (RV) ORC, if the energy
content of the input waste heat is sufficient to allow superheating to occur.
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Abstract
New composite material for storage and transformation of heat in a temperature range of 250-350oC has been
synthesized by precipitation of magnesium hydroxide Mg(OH) 2 in the pores of expanded vermiculite. The
composite was characterized by SEM, BET and XRD techniques. The hydroxide is stabilized inside the pores
as irregular sticks of 1-3 μm in size across flats of the base and about 30 μm in length The temperature of
decomposition of the confined hydroxide is found to be by some 50oC lower than that of the bulk one as
revealed by both TG and DSC techniques. One possible reason of this finding is a significant acceleration of
the decomposition reaction of the confined hydroxide as revealed from comparative kinetic tests in the
temperature range of 260-300oC. The maximal heat storage capacity is 540 kJ per kg of the composite with
the hydroxide content of 67.4 mass. % that is larger than the heat of melting for promising phase change
materials. Further study of the new composite material for storage of middle temperature heat could be of
high interest to find out reasons of the decomposition temperature reduction in order to use this effect for
harmonizing the reaction temperature with the temperature level of heat to be stored.
Introduction
Intermediate heat storage is one of the efficient ways to improve efficiency of energy generating units due to
closer correlation between heat production and consumption processes (Dincer, 2001). Dehydration of
magnesium hydroxide Mg(OH) 2(sol) ↔ MgO (sol) + H 2 O (gas) was suggested and studied for storing of middle
temperature heat. A decomposition of Mg(OH) 2 occurs at T > 300oC with the rates noticeable for heat storage
purposes (Kato, 2007). If surplus heat to be stored has lower temperature potential (200-300oC), a bulk
Mg(OH) 2 cannot be used due to its low decomposition rate.
One of the efficient ways to improve the dehydration dynamics is to confine it in a porous host matrix as it
was done for various salt hydrates (Aristov, 2007). The matrix provides efficient transport of water vapor and
heat as well as accommodates swelling/shrinkage of the solid phase in the course of chemical transformation.
One of promising host matrix is expanded vermiculite (Aristov, 2000 and Zhong, 2007). The pore volume of
vermiculite may reach 3.0-3.5 cm3/g. This allows confining a large amount of hydroxide inside the pores.
One more very important advantage of vermiculite, which results from its large pore volume, is that it can
efficiently accommodate the mentioned swelling/shrinkage occurring for MgO/Mg(OH) 2 in the course of
hydration/dehydration. Our goal comprises preparation of composite materials “Mg(OH) 2 confined to
vermiculite”, their characterization and study of thermochemical properties that are important for heat
storage.
Materials and methods
The composite preparation included two steps. The first step was an impregnation of the vermiculite pores
with a magnesium nitrate aqueous solution; the second one was a deposition of magnesium hydroxide inside
the pores. The impregnation was carried out by addition of 1M Mg(NO 3 ) 2 solution to exfoliated vermiculite
and subsequent evaporation of water from the mixture. After the evaporation the composite was dried at
120oC. At the second step the dry material was added to 1M NaOH solution. After deposition, the composite
was filtered and washed by distilled water and dried at 120oC. The final product after the first deposition we
designate as HC1 (HC stands for hydroxide composite). In order to increase the Mg(OH) 2 content the
precipitation procedure was carried out twice. The product of the second deposition is HC2. Composite HC2

was decomposed at 300oC (sample OC2, oxide composite) and then rehydrated by saturated water vapor at
60°C and P(H 2 O) = 0.2 bar during 60 min. (sample R1HC2, regenerated once HC2). This sample was
subjected to the same dehydration/hydration procedure four times more to check its cycling stability (samples
R2HC2, R3HC2, R4HC2 and R5HC2, respectively). After each hydration the sample was dried at 120oC.
The reference Mg(OH) 2 sample (sample H, hydroxide) was prepared by addition of Mg(NO 3 ) 2 solution to 1
M NaOH. The precipitate was filtered, washed by water and dried at 120oC.
DSC-thermograms were measured for the samples H, HC1, HC2, R1HC2, R2HC2, R3HC2, R4HC2,
R5HC2 using a NETZCH DSC 404C in aluminum crucibles at the heating rate 5 K/min under 200 ml/min
argon flow. The estimated accuracy of temperature measurement is ±0.1oC.
Non-isothermal weight loss curves for H, HC1, HC2 and R1HC2 were recorded by a TG Rubotherm unit by
heating up to 400oC at 5 K/min and the constant water pressure P = 22.2 mbar over the sample. It was
maintained by connecting the measuring cell with an evaporator at T = 19 oC. Isothermal kinetic TG curves of
the H and HC2 decomposition were obtained at temperatures 260, 270, 280, 290 and 300oC. First, the sample
was heated up to 200oC in vacuum to remove physically adsorbed water. The measurements were carried out
at P (H 2 O) = 22.2 mbar. The accuracy of the weight measurement was ± 10 μg.
X-ray diffraction analysis for samples HC2, OC2 and R1HC2 was performed at room temperature and
atmospheric pressure using an X-ray diffractometer D-500 (Siemens) with Cu K α radiation and a graphite
monochromator on the diffraction beam.
Surface area of the vermiculite, HC2 and OC2 was determined by BET analysis of low temperature N 2
adsorption data measured by using a Pore Analyzer NOVA 1200.
SEM tests of HC2 were carried out using an electron microscope JSM-6460 LV (JEOL) at the voltage 20 kV
with preliminary deposition of thin gold layer.
XRD analysis
Many peaks on the X-ray diffraction patterns of composites HC2, OC2 and R1HC2 are almost the same for
all the samples (Fig. 1) and apparently belong to vermiculite. Sample HC2 clearly exhibits reflections of a
brucite phase, while a periclase phase was revealed in sample OC2. Rehydrated composite again exhibits
reflections of brucite along with little peaks of periclase. Thus, we can state that Mg(OH) 2 presents in HC2, it
decomposes on heating to form MgO, which can be re-hydrated by water vapor at T = 60°C and P(H 2 O) =
0.2 bar to Mg(OH) 2 .

Figure 1. X-ray diffraction patterns for the composites studied

Size of the coherent scattering regions was estimated using the Sherer equation. For Mg(OH) 2 it was within a
range 7-20 nm, and those for MgO are ca. 17 nm.
Scanning electron microscopy
As clearly seen from Fig. 2, the raw exfoliated vermiculite consists of flat layers with the distance of app. 1050 μm between them. It can be expected that a significant quantity of Mg(OH) 2 can be placed between these
layers (theoretically ca. 87 wt.%).
Crystals of the confined magnesium hydroxides are located inside the vermiculite pores in the form of
irregular sticks of app. 1-3 μm in size across flats of the base and about 30 μm in length (Fig. 3). These large
agglomerates are deemed to consist of the primary Mg(OH) 2 particles of 7-20 nm in size as revealed from the
XRD data.

Figure 2. SEM photographs of the vermiculite

Figure 3. SEM photographs of HC2
Surface areas
The vermiculite has a macroporous structure with the pores of micrometer size as mentioned above, therefore
its surface area is small. The surface area calculated per 1 g of the confined magnesium hydroxide (oxide)
equals to the surface area per 1 g of a composite divided by weight content of corresponding filler (Mg(OH) 2
or MgO). For both confined Mg(OH) 2 and MgO it is much lower than a typical surface area of Mg(OH) 2
deposed (app. 100-120 m2/g) and MgO powder prepared by the Mg(OH) 2 calcination at 350°C (app. 200-250
m2/g).

The effective size R of confined Mg(OH) 2 and MgO particles can be estimated as R = 3/(S∙ρ), where S –
surface area, ρ - density (2.34 and 3.58 g/cm3 for Mg(OH) 2 and MgO, respectively). This gives 37 nm for the
hydroxide and 19 nm for the oxide (Table 1). These estimations are in good agreement with the size of
coherent scattering regions obtained from the XRD-data. Estimated particle size of MgO is smaller than that
for Mg(OH) 2 that may be attributed to cracking of the particles during the decomposition.
Table 1. Textural data of samples HC2, OC2 and the raw vermiculite
* - calculated per 1 g of the confined Mg(OH) 2 or MgO
Sample

HC2

OC2

Vermiculite

Surface area, m2/g

26.6

29.0

9.4

Surface area*, m2/g

34.5

42.0

-

Effective particle radius, R, nm

37

19

-

Thermogravimetry
Non-isothermal TG curves demonstrate that composite HC2 undergoes decomposition at lower temperature
than the authentic Mg(OH) 2 and the difference reaches 50-60oC (Fig. 4). Composite HC1 obtained by single
impregnation decomposes at intermediate temperature. The weight loss permits estimation of the weight
content of Mg(OH) 2 in the composite, that is 67.4%.

Figure 4. Dimensionless weight loss TG curves for samples H, HC1, HC2 and R1HC2. P(H 2 O) = 22.2
mbar. Heating rate 5 K/min
It would be interesting to evaluate volume fraction of the filler in the composites. It is estimated that
approximately 31 vol. % of the vermiculite pores are filled with Mg(OH) 2 in HC2 sample and 14% are filled
with MgO in OC2 sample. The increase of the empty pore volume after decomposition is due to a 55%
decrease of molar volume of Mg(OH) 2 in the course of the reaction. The large volume of the empty pores
allows accommodation of extension/shrinkage of the filling material in the course of decomposition/
hydration reactions. This is a very important function the porous host matrix.
Isothermal decomposition curves of sample H demonstrate that the time of half-decomposition is
approximately from two to seven times longer than that for the reference sample HC2 (Fig. 5 and Table 2).

Therefore, it is reasonable to assume that the observed reduction of the decomposition temperature for the
confined Mg(OH) 2 (Fig. 4) is attributed to faster decomposition process.
At T ≤ 280oC the reaction has a distinct induction period which gets longer at lower temperature - app. 50,
200 and 700 min at 280, 270 and 260oC, respectively. The induction period disappears at T > 280oC (Fig. 5a).
For composite HC2, no traces of the induction period are revealed at 260oC < T < 300oC (Fig. 5b). Presence
of the induction period is usually associated with a nucleation stage. Its absence for HC2 composite may
signify that a nucleation process in the confined Mg(OH) 2 crystals is more rapid than that in the reference
Mg(OH) 2 . The probable reasons of the faster kinetics could be
• a dispersion of Mg(OH) 2 into tiny grains which results in large intergrain surface that contains many
defects, thus, making the nucleation process easier and faster;
• a rise of impurity content in the confined Mg(OH) 2 crystals, which can appreciably facilitate the
nucleation process.
Ascertainment of these or other possible reasons requires further detailed investigation.

a

b

Figure 5. Isothermal weight loss TG curves for samples H (a) and HC2 (b)

Table 2. Times of half-decomposition of H and HC2.
Temperature 260°C
Parameter
τ 0.5 (H), min
1340

270°C

280°C

290°C

300°C

610

322

233

137

τ 0.5 (HC2), min

131

50

30

20

534

Differential scanning calorimetry
DSC experiment confirms the data of non-isothermal TG that the decomposition temperature of confined
Mg(OH) 2 is about 50oC less than in bulk (Fig. 6a): e.g., the onset temperature of HC2 decomposition is
277oC while that of the reference Mg(OH) 2 (sample H) - 331oC. Similar tendency was found for the peak
temperature that is higher for sample H by some 50oC (Fig. 6).
For further testing the composite cycling stability, we have performed other four dehydration/rehydration
cycles (Fig. 6b). All the rehydrated samples have the onset temperature within the range 265-272oC. Thus,
successive dehydration/rehydration cycles cause slight changing of the composite properties, yet, keeping the
decomposition temperature much lower than for the reference Mg(OH) 2 . At the first approximation, the onset
decomposition temperature and the peak area are nearly constant for at least five successive cycles.

a

b

Figure 6. DSC-thermorgams of H, HC2 and R1HC2 (a) and R1HC2 – R5HC2 (b)
The heat storage density is found to be rather reproducible, too. The peak areas show that the heat storage
capacity of HC2 can be estimated as Q = (540 ± 15) J/(g composite) that is larger than the heat of melting for
promising phase change materials operating at the same temperature range. Hence, one can conclude that the
new Mg(OH) 2 -vermiculte composite has a good potential for storage and pumping of middle-temperature
heat. This could be of top interest for new clean energy technologies, in particular, for utilization of middle
temperature heat wastes from nuclear plants, various heat engines, fuel cells, motor vehicles, etc.
Conclusions
New composite material for storage of heat with the temperature level of 260-300oC has been synthesized by
precipitation of magnesium hydroxide in the pores of expanded vermiculite. The new composite was
characterized by XRD, SEM and BET techniques. The decomposition temperature of the confined hydroxide
is found to be some 50oC lower than that of the bulk one as revealed by both TG and DSC studies. This effect
can be used for harmonizing the reaction temperature with the temperature level of heat to be stored. The
comparative kinetic study of the decomposition reaction of the confined and reference hydroxides at 260300oC reveals a significant acceleration of the decomposition reaction inside the vermiculite pores. The
maximal heat storage capacity is 540 kJ/kg of the composite that is larger than the heat of melting for
promising phase changing materials. The transformation of confined Mg(OH) 2 to MgO and the following
oxide rehydration are reversible for at least five successive cycles. It is important for practical applications
although more cycling tests are strictly necessary. The hydroxide confinement to the vermiculate macropores
allows accommodation of the volume changes during the hydration/dehydration reaction. The composite
components are cheap and available.
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Abstract
The solar-Rankine cycle has been considered as an alternative to photovoltaic devices. It is particularly
interesting for special applications such as combined heat and power (CHP) or desalination. Though
the principle of the solar Rankine cycle is well known, with several examples reported in the literature,
today relatively few systems are operational aside from the large (>1 MW) concentrating solar power
plants situated mostly in the US and Spain. The solar-Rankine cycle suffers from relative complexity
and sometimes uses toxic fluids (e.g. toluene). Here we explore the feasibility of a variant of the
Rankine cycle which, like the idealized Stirling cycle, uses an isothermal expansion to achieve a
theoretical efficiency close to the Carnot limit. Generation of steam inside the power cylinder obviates
the need for an external boiler and high-pressure steam piping. The device is suitable for slow moving
applications and is of particular interest for driving a batch-desalination process giving high recovery
of fresh water.

Introduction
Despite a long history of research in the area of external combustion engines, today there is still a
scarcity of machines that can readily convert thermal sources into useful work. The Rankine cycle, for
example, has been perfected for large scale operation using steam turbines (>1 MW); however, there
are many applications where operation at the smaller scale would be useful. These include the
conversion of waste heat from industrial processes, biomass or solar energy – particularly in
decentralized applications. Lately there has been a growth of interest in the organic Rankine cycle. The
Stirling cycle is an area of on-going fascination and research; nevertheless Stirling engines are still
poorly available. The ideal Stirling cycle has the unusual characteristic of achieving the perfect
efficiency of the Carnot, but real Stirling engines do not operate according to the Stirling cycle except
in a very approximate sense.
The version of the Rankine cycle explored in this paper attempts to combine certain advantages of the
Stirling cycle and the conventional Rankine cycle. Like the conventional Rankine cycle, it uses a phase
change of the working fluid to achieve high work ratio, but – like the Stirling cycle – the expansion of
the working fluid is (ideally) isothermal. It uses no separate boiler; instead the fluid is heated inside the
power cylinder. The cycle could be used in a number of applications but here we focus on its use to
drive a desalination process to recover freshwater from saline groundwater, with the thermal source
provided by solar collectors. Saline groundwater presents a problem in many areas of the world and
there is a need for technologies to convert such groundwater into freshwater, while causing minimum
impact on the environment.
Figure 1 shows a schematic layout of the proposed ‘boiler-less’ Rankine engine and Figure 2 shows
the temperature-entropy (T-s) diagram for the cycle. Operation may be described as follows with
reference to the numbered states (1−6). The power cylinder is heated externally by a heat transfer fluid
(e.g. oil) which is supplied from solar collectors or other heat source. Water (1) injected into the
cylinder evaporates on contact with the walls, thus expanding at constant temperature and performing
work against the piston. Due to further heat transfer from the cylinder walls, the water vapour

continues to expand at constant temperature T h until it reaches state (3). On the return stroke of the
piston, the steam exits via a valve, and passes through a heat exchanger whereby its temperature is
reduced to T c which is the temperature inside the condenser. Before being returned to the injector, the
condensed water (5) is pressurized by the feed pump and preheated in the heat exchanger.
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System schematic

Figure 2

T-s diagram

The aim of this paper is to carry out modeling of this cycle and its practical realization and thus
estimate its potential performance, in terms of efficiency, work ratio and power output in relation to
size. The desalination application will also be mentioned with reference to preliminary research in this
area.
Cycle efficiency and work ratio
The performance of the cycle will depend on the choice of working fluid. Nevertheless, a general
analysis is possible with the help of reasonable assumptions, namely:
(i) the heat capacity c pf in the liquid phase is constant from state (6) to (2);
(ii) similarly the heat capacity c pg in the vapour phase is constant from state (3) to (4); and
(iii) the work input to the pump is very small, so effectively the states (5) and (6) coincide on the
T-s diagram.
The last assumption is easily verified in calculations applied to practical examples which show that the
pump work input is very low and hence the work ratio is very high ie. >0.99. This is in common with
the conventional Rankine cycle (Rogers and Mayhew, 1965).
The efficiency η of the cycle is given in terms of the specific heat input or rejected between different
stages of the cycle:
𝑞𝑜𝑢𝑡
[1]
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in which h fg is the latent heat at T c . It can be seen that if α=0, the efficiency will equal the Carnot
efficiency η c =1 – T c /T h . The value of α will depend on the fluid properties and operating temperatures.
In this paper we consider only steam though other working fluids are possible. For example, for
T c =50°C, we find that for a substantial range of temperatures c pf =4.2 kJ/kg K and c pg =2 kJ/kg K, thus
α=0.3. The corresponding results for the cycle efficiency and, for comparison, the Carnot efficiency
are shown in Table 1 below. It can be seen that the theoretical cycle efficiency is close to the Carnot
value.
T h (oC)

η

Carnot η c

200
250
300
350

0.30
0.36
0.41
0.45

0.32
0.38
0.44
0.48

Table 1 Isothermal Rankine cycle efficiency η, and Carnot efficiency, for different T h . T c =50°C
Rate of heat transfer
The speed of operation of the proposed machine will depend on the rate of heat transfer from the
heated cylinder wall to the working fluids. Calculations have been carried out of the rate of radiative
and convective heat transfer as follows.
Radiative heat transfer
The radiative heat transfer between the cylinder wall and the steam can be computed from the grey
body equation (Rogers and Mayhew, 1965)
𝑄=

=
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1−(1−𝜀𝑤 )�1−𝜀𝑔 �
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Where, ε w is the emissivity of the cylinder wall, ε g is the emissivity of steam, A is the heat transfer
4
area. The term σT (Stefan-Boltzmann law) is equal to the total energy emitted q b per unit time, per
unit area of a blackbody for all wavelengths.
The equation assumes non-selective (constant) emissivity and thus cannot be directly applied to obtain
the energy transferred because the absorptivity and thus the emissivity of the steam varies with
wavelength; therefore we can write ε g as a function of wavelength as ε gλ . Hence, considering that, both
the wall’s emitted energy and the steam’s absorbed energy vary with the wavelength of the radiation
spectrum, it will be worthwhile to analyse these energies in their spectral components, to evaluate the
energy transferred in its spectral components.
Consider the energy absorbed within an elemetal range of wavelengths (waveband) dλ. The amount of
energy dQ λ absorbed per unit time within the waveband dλ can be written as
dQ λ = Q λ dλ

[12]

Thus, the total amount of energy absorbed by the steam can be written as
∞
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To assess the rate of radiative heat transfer achievable in practice, we carried out an analysis of radiant
heat transfer assuming that the cylinder wall is a grey surface with emissivity of 0.57 at a temperature
of 250°C. The optical absorptivity of water vapour in the infra-red region was modeled using
SpectralCalc® software. For example operating parameters of: piston area 0.035 m2, stroke length
0.228 m, cylinder volume 0.008 m3, and expanding steam pressure decreasing from 9 bar to 1.8 bar, it
was found that the absorptivity and thus the absorptance (the absorptive power per unit area) decrease
as the piston advances; but the increase in the surface area of heat transfer results in a steep increase in
the energy emission rate from the cylinder wall, and consequently results in a net increase in the energy
absorption rate of the steam (Figure 3). For this example, the heat required to maintain isothermal
expansion of the steam is 3 kJ, and it was observed that radiant heat transfer alone could supply this
required heat in 37 s.
Parametric calculations carried out to analyze the effect of operating parameter variations on the heat
transfer time is shown in Figure 4A for a cylinder diameter range of 1 to 200 mm with steam pressure
decreasing from 9 to 1.8 bar. While, Figure 4B shows the effect of wall temperature variation from 200
to 400°C for diameter and stroke of 100 mm and the same pressure range. The analysis shows that
there is a very strong positive correlation (R2 = 0.996) between size scale and the radiative heat transfer
time.
Convective heat transfer
The convective heat transfer between the cylinder wall and the steam can be given as:
𝑄̇ = ℎ 𝐴𝑤 (𝑇𝑤 − 𝑇𝑔 )

[14]

𝑁𝑢 = 𝑎. 𝑅𝑒𝑏

[15]

where, h is the convective heat transfer coefficient. Assuming steady state forced convection, it can be
related to Nusselt number (Nu) as: Nu = hD/k. For gases, Nu can in turn be correlated to Reynolds
number (Re) as
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Note that D is cylinder bore diameter, k is thermal conductivity of the gas, Re is Reynolds number
defined as Re = ρU m D/μ, where ρ = gas density, U m = mean piston speed, μ =dynamic viscosity, a and
b are correlation constants.
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In the study of heat transfer in reciprocating internal combustion engines, Annand’s correlation is one
of the most widely used correlations (Lounici et al., 2003; Zhang et al., 2003); it suggests that values of
constant a varies from 0.25 to 0.8, the value of a increases directly with increasing intensity of gas
motion (Sanli et al., 2008, Demuynck et al., 2011). Typical Annand recommended values of a = 0.4
and b = 0.7, but Whitehouse recommended values of a = 0.06 and b = 0.85 for medium speed engine
(Rao and Bardon, 1985).
200
150
100

Annand

50

whitehouse

0
0

0.02

0.04

0.06

0.08

0.1

0.12

Mean Piston Speed (m/s)

Figure 5

Average heat transfer rate variation with mean piston speed

In our study, the analysis of the heat transfer rate using Annand and Whitehouse correlations (Figure
5) shows that, the convective heat transfer approaches zero as the engine runs at very slow speed. Also,
for a given slow piston speed (0.1m/s), the resultant forced convective heat transfer alone cannot
supply all the required heat to sustain isothermal expansion.
Application to DesaLink
DesaLink is a batch desalination process driven by the Rankine cycle that has been described
elsewhere (Davies, 2011). Preliminary experiments have shown a cycle time of approximately 4
minutes (Qiu et al., 2012). In comparison this study indicates heat transfer times of the order of tens of
seconds. This suggests that the isothermal Rankine cycle will be fast enough to drive DesaLink.
Summary conclusions and further work
This study has put forward a heat-powered cycle with near ideal efficiency and high work ratio,
achieved by combining features of the Rankine and Stirling cycles. To estimate the speed of operation
of the machine, both radiative and convective heat transfer processes have been investigated with the
help of correlations from the literature. Speed of operation will increase with increasing wall
temperature and with decreasing cylinder size.
Unavoidably, such correlations involve a number of assumptions. For example, the rate of heat transfer
in boiling has not yet been considered. To verify the machine performance and losses it will be
essential to perform experiments. It is planned to carry out experiments with the desalination set up DesaLink. If successful, this will provide an interesting method for providing freshwater with the help
of solar energy or waste heat at moderate temperatures (≤350°C).
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ABSTRACT
In recent years, research has been devoted for the utilisation of low-grade heat sources and to enhance
energy utilisation efficiency. Thermodynamic cycles with ammonia/water as working fluid have been
developed for simultaneous production of power and cooling. The use of ammonia/water working fluid
requires a costly rectification process. In this study, thermodynamic analyses for other working fluids
(ammonia/lithium nitrate and ammonia/sodium thiocynate) in a combined absorption power and cooling
cycle are performed. The performances of these three working fluids are compared using several cycle
performance parameters. The simulation results have shown that ammonia/lithium nitrate and
ammonia/sodium thiocynate are suitable alternatives to overcome the drawbacks of the conventional
ammonia/water working fluid. The system with ammonia/lithium nitrate shows higher performance with
lower activation temperature than the other working fluids, at the boundary conditions considered in this
analysis.
INTRODUCTION
With rapid energy demand growth worldwide, human beings have to face more and more energy and
environmental issues. One of the ways to solve these related challenges are enhancing energy utilisation
efficiency, useful waste heat recovery and utilisation of renewable energy resources. A thermodynamic
cycle was developed for the simultaneous production of power and cooling from low-grade heat sources
such as solar thermal, geothermal and industrial waste heat. This cycle, first proposed by Goswami,
combines the Rankine and absorption refrigeration cycles to provide power and cooling as useful outputs
(Demirkaya et al, 2011). Power is the primary goal of this cycle. To the best of the authors knowledge, so
far the Goswami cycle analysis was performed with ammonia/water (NH3/H2O) mixture as a working
fluid except in one case where organic fluid mixtures were used but exhibited lower performance with
higher refrigeration temperature in comparison with an NH3/H2O working fluid (Vijayaraghavan and
Goswami, 2005). Detailed discussions on the performance of this cycle with the conventional working
fluid (NH3/H2O mixture) and an optimisation method used to improve cycle output were discussed in the
past by several researchers.
For the Goswami cycle with the NH3/H2O working fluid, the vapour generated in the generator (desorber)
needs to be purified to have higher concentration of NH3 which is later expanded in an expander to a low
temperature, below the ambient, to produce refrigeration (cooling). The purification of the vapour
requires a costly rectification process. Therefore, searching for more advantageous working fluids has
become a focus of interest. Lithium nitrate (LiNO3) and Sodium thiocyanate (NaSCN) have been used
successfully in absorption refrigeration systems to replace H2O as absorbent for NH3 to overcome the
drawbacks associated with NH3/H2O working fluid. Currently, Ionic Liquids (ILs) are also suggested as
suitable absorbent for NH3 in absorption refrigeration systems. Yokozeki and Shiflett, 2007 discussed the
possibility of using ILs for absorption refrigeration cycle application for replacing the conventional
NH3/H2O working fluid. The main advantages of these absorbents (LiNO3, NaSCN and ILs), is no
rectification of the vapour generated in the desorber. On the effort for replacing the conventional
absorbent (H2O) for NH3 in absorption systems: the thermophysical properties of NH3/LiNO3 and
NH3/NaSCN have been measured and reported by our research group previously (Libotean et al, 2007,
2008 and Chaudhari et al, 2011).
The objective of this work is to evaluate the performance of the Goswami cycle using these nonconventional working fluids. The performance of the cycle with these working fluids has been analysed
by means of thermodynamic simulation and a parametric study to investigate the operating conditions of
the cycle with the non-conventional fluids.

CYCLE DESCRIPTION
Figure 1 shows a schematic layout of the Goswami cycle with NH3/H2O as a working fluid. The operation
and the configuration of the cycle have already been described in detail elsewhere for example by
Demirkaya et al, 2011.

Figure 1: Combined power and cooling cycle (Goswami cycle) with NH3/H2O as a working fluid
THERMODYNAMIC MODEL
Since the absorbents of the non-conventional working fluids are salts (non-volatile), these systems do not
require rectification process as in the case of NH3/H2O system. Therefore, two thermodynamic models
have been developed in order to simulate the thermodynamic performance of the non-conventional
working fluids (without a rectifier) and a conventional NH3/H2O working fluid (with a rectifier). For the
model with NH3/H2O working fluid both solution cooled (internally) and water cooled (externally)
rectifiers (SCR and WCR, respectively) are considered in the performance analyses. The thermodynamic
model established is based on the thermodynamic properties of the working fluids, model assumptions,
mass and energy balances for each component in the cycle. The physical equations describing the
components of the cycle have been established using the Engineering Equation Solver EES program.
Thermodynamic properties
The thermodynamic properties of the NH3/LiNO3 and NH3/NaSCN mixtures have been reported by our
research group previous studies (Libotean et al, 2007, 2008 and Chaudhari et al, 2011) and used here to
develop the external library routines for the modelling and simulation of the cycles. Properties of the
NH3/H2O mixture are developed based on the correlations from the work of Ibrahim and Klein, 1993 and
for pure ammonia from the fundamental equations of state developed by Tillner-Roth, 1993. These
property data sources are available in EES software as NH3/H2O external library and ammonia properties
built-in functions and used here directly in the modelling and simulation of the cycles.
Model assumptions
The following model assumptions were used:
 The analysis is carried out under steady-state steady flow conditions;
 Saturated liquid solutions leaving the absorber and desorber;
 The thermal and pressure losses were neglected;
 The throttling valve is isenthalpic while the pump is non-isentropic with 80% efficiency;
 Minimum temperature difference for the absorber, cooler, desorber, solution heat exchanger and
externally cooled rectifier was 5 (and 10 for internally cooled rectifier);
 Saturated liquid condensate and saturated purified vapour leaving the rectifier;
 Typical chilled water inlet/outlet temperature of 12/7 and rectifier temperature of 90 considered;







Hot water at the saturation pressure for the corresponding inlet temperature considered as heat source
fluid with a mass flow rate of 5kg/s;
The isentropic expander (turbine) efficiency is 85%;
1kg/s of basic solution, rich in NH3 through the pump is taken as a basis for calculation;
Typical second law efficiency for vapour compression refrigeration cycle is considered (ηref = 30%);
An ambient temperature and pressure of 290K and 101.325kPa were considered.

Steady-state mass and energy balances for the components of the cycles are established as follows:
Global mass balance:
Σ ̇

Σ ̇

[1]

Mass balance for ammonia:
Σ ̇

Σ ̇

[2]

Energy balance:
̇

0

̇

Σ ̇

Σ ̇

[3]

The mechanical power only appears in the energy balance of the pump and expander (turbine).
Performance parameters
Depending on the operating condition, the cycle has two useful outputs: power and cooling. Overall
thermal efficiency (ηthermal) is defined as the ratio between the total energy outputs (net power output,
̇ , and cooling effect, ̇
) to the energy input to the system (desorber heat input, ̇ , and the
̇
superheater,
, heat input if it exists):
̇

ηthermal

̇
̇

[4]
̇

where ̇
is the mechanical power output from the turbine ( ̇ ), reduced by the mechanical power
input to the pump ( ̇ ). The overall thermal efficiency in Eq. [4] weights the output´s quality equally.
To account the quality of the useful outputs of the cycle in the energy (first law) efficiency definition, the
cooling output is replaced by an equivalent work required to produce the same amount of cooling output
using a vapour compression system and the efficiency is termed as effective first law efficiency (ηI, eff):
̇

̇

ηI, eff
̇

[5]
̇

The exergy associated with the cooling, ̇
, is calculated as the exergy change of the chilled water (cf)
for accounting irreversibilities of the heat transfer in the cooler (Demirkaya et al, 2011):

̇
̇

(

)

]

[6]

where
is the reference (or dead state) temperature, in this work the ambient temperature and the
reference temperature are assumed to have the same value.
The effective exergy efficiency, ηexergy, eff, is defined as the exergy output divided by the exergy input to
the cycle (Demirkaya et al, 2011):
̇

̇

ηexergy, eff
̇

̇

[7]

where the denominator of Eq. [7] is the change in exergy of the heat source (hs) fluid.
Solution circulation ratio, f, is defined as the ratio of the mass flow rate of the basic solution per unit mass
of vapour through the expander (turbine).

f
̇

̇

[8]

RESULTS AND DISCUSSION
The simulation results to calculate the performance parameters of the cycle with NH3/LiNO3,
NH3/NaSCN and NH3/H2O working fluids have been obtained at an absorber cooling water inlet/outlet
temperature of 25/30 , absorber/desorber operating pressure of 2.0/16.8 bar and at a heat source inlet
temperature between 105 – 135 . These operating conditions were also selected by considering the fact
that the cycle with NH3/LiNO3 and NH3/NaSCN has to avoid crystallization during its operation. Since
the cooling output decrease notably including a superheater, the cycle simulation was carried out without
considering superheating. The calculated performance parameters are shown in Figure 2(a-d). The results
of the analysis for NH3/H2O cycle are dependent on the property database source (Ibrahim and Klein,
1993) used in the analysis. Some discrepancy could be observed with analyses done using different
databases sources.

(a) – effective first law efficiency

(c) – net work and cooling outputs

(b) – effective exergy efficiency

(d) – solution circulation ratio

Figure 2: Simulation results for the performance parameters of the new absorbents (LiNO3 and
NaSCN) and conventional absorbent (H2O) depending on the heat source inlet temperature
It is illustrated that the effective first law and effective exergy efficiencies of the NH3/LiNO3 cycle are
higher than those of the other two cycles. For a heat source temperature higher than 120 , the cycle with
NH3/NaSCN shows higher efficiencies than the NH3/H2O cycle using a water cooled rectifier. For the
cycle with NH3/LiNO3 a lower heat source temperature can be used than for the other cycles, which
allows the use of a lower temperature heat source than that of the conventional NH3/H2O cycle. A higher
power output is observed for the NH3/LiNO3 cycle for a heat source temperature lower than 131 . The
power output of the cycle with NH3/NaSCN is lower than the other two cycles. This is due to the lower
vapour production rate in the NH3/NaSCN cycle. As a result, the solution circulation ratio of the cycle
with NH3/NaSCN is higher than the other two working fluids. More vapour is desorbed in the NH3/LiNO3
cycle for heat source temperature lower than 123 . But, at a higher temperature the amount of vapour
desorbed in NH3/LiNO3 cycle is slightly higher than that in NH3/H2O cycle.

Due to the compromise between an increase in vapour production rate and decrease in specific enthalpy
difference across the cooler (Figure 1) as the heat source temperature increases, there exist an optimum
value around 125 and 130 for the cooling output of the cycle with NH3/LiNO3 and NH3/NaSCN,
respectively. Since the specific enthalpy across the cooler is the same for NH3/H2O cycle, independent of
the heat source temperature, the cooling output increases with the increase in vapour production rate.
The sensitivity of the cycle’s performance parameters with the cooling water inlet temperature is shown
in Figure 3(a-d). In this parametric analysis, the heat source inlet temperature (at the optimum effective
exergy efficiency) and the mass flow rate of the cooling water were kept at the baseline values of 120
and 5.7kg/s for NH3/LiNO3 cycle, 128 and 6.8kg/s for NH3/NaSCN cycle, 128 and 9.6kg/s for
solution cooled NH3/H2O cycle and 123 and 7.4kg/s for water cooled NH3/H2O cycle. The driving heat
input to the cycles at their corresponding baseline conditions are 133.5kW, 157.3kW, 223.3kW and
198.7kW for NH3/LiNO3 cycle, NH3/NaSCN cycle, solution cooled NH3/H2O cycle and water cooled
NH3/H2O cycle, respectively.

(a) – effective first law efficiency

(c) – net work outputs

(b) – effective exergy efficiency

(d) – cooling output

Figure 3: Effect of cooling water inlet temperature on cycle performance parameters for
NH3/LiNO3, NH3/NaSCN and NH3/H2O working fluids
As the absorber cooling water inlet temperatures increases, the cycle performance decreases for each
working fluid. The NH3/LiNO3 cycle shows better effective first law and effective exergy efficiencies,
between 20 to 34 , than cycles with NH3/NaSCN and NH3/H2O. Figure 3 (c and d) illustrates the
corresponding comparison of net work and cooling outputs for each cycle as a function of the absorber
inlet cooling water temperatures.
The influence of the turbine performance on the cycles outputs are shown in Table 1. With an increase in
isentropic efficiency of the turbine, the net power output, cooling output, effective first law and effective
exergy efficiency values for each cycle with the working fluids increase. Since the temperature of the
turbine exhaust is higher than the threshold temperature set at the outlet of the cooler, the cooling outputs
of the cycle with NH3/NaSCN and NH3/H2O is null at turbine efficiency lower than 75% (for the typical
chilled water inlet/outlet temperature, 12/7 , considered in the analysis).

Working fluid
Parameters
NH3/LiNO3
ηturbine (%)
ηI, eff (%)
ηexergy, eff (%)
𝐖̇net (kW)
𝐐̇cold (kW)
f (-)

50
7.9
30.7
10.5
null

75
12.4
48.5
16.6
2.1
12.4

100
17.0
66.3
22.7
8.2

NH3/H2O

NH3/NaSCN
50
6.0
22.2
9.5
null

75
9.6
35.5
15.1
0.8
13.7

100
13.2
48.8
20.8
6.4

Solution
50
6.7
25.1
15.0
null

Cooled Rectifier
75
100
10.6
14.4
39.5
53.9
23.6
32.2
0.6
9.2
8.5

Water
50
5.4
20.6
10.6
null

Cooled Rectifier
75
100
8.6
11.8
33.1
45.5
17.0
23.4
0.5
6.9
11.5

Table 1: Effect of turbine efficiency on the investigated working fluids performance
CONCLUSIONS
In this study, NH3/H2O, NH3/LiNO3 and NH3/NaSCN working fluids are analysed for a combined power
and cooling production using several performance indicators. A cycle simulation and a parametric
analysis for the cycle with the three working fluids were carried out using a thermodynamic model. The
results show that NH3/LiNO3 and NH3/NaSCN can be a suitable alternative for NH3/H2O in a combined
power and cooling cycle. Therefore, the need for the costly rectification process can be avoided using
these working fluids. The best simulation results, in terms of higher cycle efficiency and lower activation
temperature, were obtained for the NH3/LiNO3 cycle. However, the parametric analysis shows that the
effective first law and effective exergy efficiencies of the cycle with NH3/LiNO3 is more sensitive than
the cycle with NH3/NaSCN and NH3/H2O (solution cooled rectifier) for the variation in cooling water
temperature.
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NOMENCLATURE
̇
f
h
̇
p
̇

exergy flow (kW)
solution circulation ratio (-)
specific enthalpy (kJ/kg)
mass flow rate (kg/s)
pressure (kPa or bar)
thermal power (kW)

s
SCR
t
̇
WCR
X

specific entropy (kJ/kg)
solution cooled rectifier
temperature (°C)
mechanical power (kW)
water cooled rectifier
ammonia concentration (kg NH3 / kg solution)
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ABSTRACT
In this paper the design and construction of an adsorption solar cooling system for air conditioning of a
small office located at the CNR ITAE in Messina are described and the results of its operation are also
presented.
INTRODUCTION
During last decades the energy consumption needed for air conditioning in residential and tertiary sectors
is growing up. This behaviour could be related to the increasing of living standards and comfort demands
as well as the innovative building architectural characteristics [Henning, 2007].
In this scenario one of the most promising technology is the solar cooling capable to reduce the electricity
consumption due to the air conditioning demand. Actually solar cooling systems are driven by solar
thermal energy, instead of electricity [Cacciola and Restuccia, 1999] and they can be considered
environmentally friendly because the refrigerants used have no Global Warming Potential (GWP).
Nowadays main existing applications of solar cooling systems are oriented towards high power cooling
systems (P > 70 kW), for example in industrial applications, due to the limited number of commercially
available thermally driven chillers with nominal cooling power in the range between 3 and 20 kW.
Within the thermally driven chiller technology, adsorption one seems to have the highest potential for
small size applications. Indeed such devices can be thermally driven by low temperature heat source (6090°C), utilize safe and not polluting materials and do not present moving parts. Moreover few examples
of adsorption chillers having nominal cooling power lower than 10 kW are already available on the
market.
SYSTEM DESCRIPTION
The system realized consists of a solar thermal collector field, a backup gas boiler, a hot water storage as
thermal buffer and a commercial small adsorption chiller. In Figure 1 three different views of the main
components of the system are shown.

Figure 1: Main components of the cooling system: solar thermal collector field, backup gas boiler,
vertical heat storage and commercial adsorption chiller are shown.

Figure 2: Detailed scheme of the solar cooling system
The chilled water produced feeds the cold delivery system consisting of high temperature radiant panels
that have been installed into the small office: this choice has been done in order to enhance the
adsorption chiller performance. Finally, the heat of condensation and adsorption is rejected to the
ambient by means of a dry cooler. The schematic layout of the solar cooling plant is reported in Figure 2.
The design of the main components of the system has been carried out by means of a numerical model
implemented in TRNSYS [Vasta et al, 2009]. The results of several simulations have been used to fit
system performance to the cooling load. Moreover different layout arrangements have been simulated in
order to choose the more suitable configuration and the size of the components. The main features of the
designed system are reported in Table I.
The small office selected for the system is represented in Figure 3. It is a container whose overall
dimensions are 3.5 m (W) x 2.5 m (L) x 2.5 m (H), with an estimated cooling load peak of about 2.5 kW.
In order to deliver the cold produced by the solar cooling system, flat radiant terminals have been selected
and installed on wall, floor and ceiling of the office. They allow to maintain the inner comfort conditions
using high temperature chilled water (18-20 °C), so that the adsorption chiller should reach better
efficiency (COP up to 0.6). The radiant system (Figure 4) consists of an insulation panel (50 mm
thickness), a reflective aluminium foil and a polyethylene serpentine tube.
Table I: Main features of the designed system
Technology of solar thermal collectors
Number of evacuated tubes
Total thermal collectors area [m2]
Heat storage volume [m3]
Tilt angle [°]
Gas Boiler nominal Power [kW]
AHP cooling Power [kW]
Required Cooling Load [max, kW]
Cold delivering system
Overall radiant surface [m2]

Evacuated tubes
90
9.6
0.5
20
20
8
2.43
Flat radiant panel
28

Figure 3: View of the office/container used as thermal load of the solar cooling system.
The installation has been completed with an electronic measurement system to monitor the most useful
parameters for the evaluation of the overall seasonal performance.
All the measured data are displayed and collected by means of a virtual DAQ realized in Labview. Such
software has a very simple user interface, shown in Figure 5. Moreover a proper spreadsheet has been
implemented for the automatic calculation of the performance of the system.
EXPERIMENTAL RESULTS
The installed system has been monitored during the last summer in Messina (June – August 2011). The
results recorded in a typical summer day (7 July) are presented as graphics in the following Figures (6 –
8).
Figure 6 shows some data measured for solar collectors field and the hot water storage. As shown (a) the
heating power collected by the solar field is about half of total amount of power incident on the solar
panel surface due to the good overall efficiency of the field (calculated efficiency 0.54). In picture (b) the
temperature of the hot water into the storage and the temperature inlet/outlet into the solar collector field
are shown: the maximum temperature level available to drive the adsorption heat pump was about 70 °C.
This quite low temperature available and the high external ambient temperature, affected negatively the
performance of the whole system as explained below. Moreover the reduced difference between the water
temperature into the storage and the average solar collector temperature reveals a very low heat loss in the
piping connecting the solar field and the storage (25 mm thickness insulation,  = 0.03 W/m K).

Figure 4: Details of the radiant system installed into the office (wall).

Figure 5: Monitoring software UI
In Figure 7 the temperature of rejection of the waste heat is shown. The average temperature of rejection
of the heat is obviously influenced by the external ambient temperature. In order to reduce this
temperature, in the most warm hour of the day, a water spray system has been used: the overall water
consumption is not significant. The electrical energy consumption of the dry cooler (fan) has been instead
taken into account in the electrical COP calculation.
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Figure 6: a) Heating power entering the system; b) temperature of the storage.
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Figure 7: Inlet/Outlet temperature of water into the Dry Cooler
The most relevant performance of the system are reported in Figure 8: in particular, in Figure 8 (a) both
COP and cooling power are shown. As already mentioned, the low temperature of the heat source and the
high external ambient temperature influence the performance: average COP is about 0.17 while cooling
power is adequate to maintain good comfort condition into the small office. Figure 8 (b) shows the inner
temperature of the office and the external ambient temperature. Despite of the severe summer conditions
the solar cooling system presented is able to control the small office temperature: a 26°C set point
temperature has been maintained.
Concerning the seasonal performance of the system, an electrical COP of 8 has been measured while the
solar fraction measured results to be lower than expected (about 30% of the whole energy has been
provided by solar collectors). Such results should be related to the high condensation temperature, typical
of Sicilian summer days, which heavily affects the performance of the adsorption chiller.
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Figure 8: Performance graphs. a) COP, waste heat and cooling Power; b) main temperatures.
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CONCLUSIONS
A small size solar cooling system, based on a commercial adsorption heat pump, has been designed,
realized and here presented. Such system has been monitored for the whole summer 2012 and main
performance measured and evaluated. The results presented in this work demonstrated that the plant is
able to maintain good indoor comfort conditions while the global efficiency of the system was lower than
expected due to the very severe summer conditions.
Future experimental activity will be focused on the improvement of the system in order to enhance the
global performance: some modification of the layout has been already designed and realized and the new
performance will be evaluated next summer. Afterwards the commercial adsorption chiller will be
replaced by the ITAE prototype, that should reach higher performance at high condensation temperature,
as it employs as adsorbent material a properly synthesized zeolite (AQSOA FAM Z02) instead of the
common silica gel.
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Abstract
This memory presents a new experimental setup to measure the kinetics of water vapour adsorption/
desorption under typical operating conditions for adsorption heat pumps as well as the results of the
first test campaign on a granular adsorbent. The adopted methodology can be considered a gravimetric
version of the so-called Large Temperature Jump method. The evolution in time of the uptake during
the isobaric ad-/desorption stages is directly measured by a specifically developed weighing system
able to work in the range of 4 - 250 g of dry sorbent (accuracy ± 0.1 g, time response < 0.1 s) while the
sample holder allows to work with adsorbent materials in the form of powder, grains or consolidated
layers. The influence of the grain size (from 0.350 to 2 mm) on the adsorption dynamics was evaluated
for a monolayer configuration of AQSOA FAM Z02 under operating conditions reproducing two
different thermodynamic cycles (Th=90°C, Te=10°C, Tc=30 and 35°C). A good fitting with exponential
behavior of the water content versus time was found for all the tests and the characteristic time (τ)was
calculated for each sample (62 s < τ <489 s) while the measured specific power was ranged from 0.4 to
9.3 W/g.
Introduction
Technologies and systems based on adsorption heat transformation processes represent nowadays a
fascinating option to meet the growing worldwide demand of space heating and air conditioning.
Nevertheless still considerable efforts must be made in order to enhance the performance, aiming at
competing with commonly used electrical systems as well as with absorption machines. For this
purpose, an intelligent design of an adsorption machine should be firstly focused on a convenient
choice of the adsorbent material by a comprehensive analysis that takes into account both
thermodynamic and dynamic aspects [Aristov, 2012]. Thermodynamic requirements for an optimal
adsorbent under specific operating conditions were extensively studied while the study of adsorption
dynamics is still an open topic [Aristov, 2009].
Several experimental methodologies such as the Isothermal Differential Method (IDS) [Sadoka and
Suzuki, 1984], Large Pressure Jump (LPJ) [Dawoud et al. 2003], were developed aiming to measure
adsorption kinetics.
Recently the Large Temperature Jump (LTJ) method has been developed [Aristov et al, 2008] to
evaluate the isobaric adsorption dynamics under typical operating conditions of an adsorption heat
pump. This memory presents the preliminary results of kinetic measurements carried out by a new
gravimetric experimental setup developed at ITAE-CNR that is a useful extension of the common LTJ.
Description of experimental apparatus
Figure 1 shows the scheme and an overall view of the new measurement setup that is mainly
composed of two components: a gravimetric weighing unit and a hydraulic heating/cooling system.
Further components are chamber 1, where a weighing unit/sample holder is placed, and chamber 2 that
works as evaporator or condenser respectively for adsorption and desorption stages. The two chambers
are connected by an electro-pneumatic valve.

Figure 1: Schematic diagram and overall view of the measurement apparatus
The weighing unit (Fig. 2) is the core component and consists of an aluminum plate working as
sample holder for the adsorbent material as well as a heat exchanger. The amount of water
desorbed/adsorbed is directly weighted by two load cells on which the plate is placed. The weighing
unit is able to test samples with the mass ranging between 4g and 250g with the accuracy of ±0.1g
while the time response is faster than 0.1s. The possibility to directly measure a wide range of mass
sample with several configurations (powder, grains or coating) are the main advantages of the new
gravimetric-Large Temperature Jump (g-LTJ) if compared with the standard volumetric LTJ scheme.

Mass sensors

Overall view

Bottom side

Figure 2: Detailed views of the weighing unit
The isobaric temperature jump required to push the adsorption/desorption process is realized by a
heating/cooling system (thermo-cryostats TCR1 and TCR2 on Fig. 1) hydraulically connected to the
bottom of the sample holder where an aluminum piping is welded.
The evaporator/condenser consists of a vacuum vessel, manufactured in AISI 316 stainless steel, in
which the thermal energy is supplied/removed by the external heat transfer fluid flowing into finnedtubes copper coils connected to a thermo-cryostat (TCR3). A vacuum circuit connects separately each
component of the system with a vacuum pump for out-gassing phase. All components are thermally
insulated to prevent the heat dissipation by an insulating layer with a low thermal conductance (λ ≈
0.035 W/mK). The system is equipped with several sensors (pressure, flow rate, temperature) to
measure the relevant physical parameters. An infrared sensor allows the remote monitoring of the
sample temperature. A data acquisition and control system was realized by specific software
implemented by the LABVIEW language.

Experimental activity
The activity was aimed to evaluate the effect of the grain size of the AQSOA FAM Z02 adsorbent on
the adsorption dynamics for a monolayer configuration. The tested granulometries were: 0.350-0.425,
0.710-0.850, 1.00-1.18 and 2 mm. The measurements were conducted under operating conditions
reproducing two different thermodynamic cycles (Th=90°C, Te=10°C, Tc=30 and 35°C), therefore, for
all tests, the temperature drops were 66°C to 30°C and 62°C to 35°C in accordance with the isosteric
chart of the tested adsorbent. The pressure in chamber 1 was maintained almost constant at 12.3 mbar
(evaporation temperature 10°C). Loose adsorbent grains were arranged with a special double adhesive
tape on the sample holder surface in order to assure a monolayer configuration. The outgassing of the
sample was carried out at 95°C operating a vacuum pump for 6 hours (final pressure <0.1 mbar). In
order to set up the initial conditions, the equilibrium was carried out at 66°C (or 62°C) and 12.3 mbar
by the connection of the 2 main chambers. After that (> 3h) the sample holder was quickly cooled
down to 30°C (or 35°C) triggering the water adsorption. The following table resumes the test carried
out and the operating conditions investigated.
Grain size [mm]
0.350-0.425
0.710-0.850
1.000-1.180
2.000

T jump [°C]
66 to 30
62 to 35
66 to 30
62 to 35
66 to 30
62 to 35
66 to 30
62 to 35

Te [°C]
10

Sorbent dry mass [g]
4.49

10

10.54

10

15.20

10

26.35

Table 1 Grain sizes and investigated operating conditions
The influence of the grain size on the adsorption dynamics is shown in Figure 3 where the adsorption
kinetic curves are presented as the water dimensionless uptake w(t)/wmax versus time for the tested grain
sizes for the following operating conditions Th=90°C, Te=10°C, Tc=30°C.
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Figure 3 Water dimensionless uptake w(t)/wmax versus time for the tested grain sizes at Th=90°C,
Te=10°C, Tc=30°C.

For a monolayer configuration the adsorption kinetics becomes faster for smaller grains. For grain size
< 1mm, the initial adsorption rate (at t < 20 s or w(t)/wmax < 0.2) does not depend on the granulometry
while at longer time, the rate is gradually reducing.
Figure 4 shows the dimensionless uptake w(t)/wmax ,where w(t) is the instantaneous uptake and wmax is
the final uptake, as well as the temperature of the sample with the grain size 1.00-1.18 mm and T jump
66 °C to 30°C. For all tests, at least the 80% of the water sorption was satisfactorily described by an
exponential equation w(t)/wmax = 1 - exp(-t/) where  is the characteristic adsorption time (w()/wmax =
1/e ≈ 0.63) as shown in Figure 4. For the specific test an almost perfect fitting is obtained for  = 156 s
(1/ = 0.0064 s-1) while the specific cooling power delivered for different adsorption degrees is: W80% =
2.1 W/g and W63% = 2.5 W/g.
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Figure 4 Water adsorption kinetics for FAM Z02 (1.0-1.18 mm), T jump 66 °C to 30°C
For each test the specific cooling power (W/g of dry sorbent) was calculated for dimensionless uptake
equal to 63% and 80%.
Table 2 reports the characteristic times  (=0.63) and 0.8 as well as the specific cooling powers W0.63
and W0.8 measured for all tests carried out.
T jump, °C
66>30

62>35

d, mm
0.350-0.425
0.710-0.850
1.000-1.180

τ, s
62
124
162

τ 0.8, s
91
195
242

2.0
0.350-0.425
0.710-0.850
1.000-1.180
2.0

435
64
158
194
489

651
99
247
282
702

W0.63, W/g
9.3
3.6
2.5
0.8
8.4
2.6
1.8
0.5

W0.8, W/g
8.0
2.9
2.1
0.7
6.9
2.1
1.6
0.4

Table 2 Characteristic times and specific cooling powers for the monolayer configuration.
These results demonstrated that the specific configuration is able to produce a specific cooling power
ranging between 0.4 and 9.3 W/g. In particular, for smallest grain size (0.350-0.425 mm) at Tads= 30
°C were obtained W80% = 8.0 W/g, W63% = 9.3 W/g.

Concerning the influence of the adsorption temperature (Fig. 5), the experimental activity showed that
the characteristic time increases between 3% and 27% going from Tads = 30°C to Tads=35°C. This could
be explained due to the shape of the isosteric chart for FAM Z02. In fact, at 12.3 mbar most of the
water adsorption takes place between 50°C and 40°C and a lower adsorption temperature could
enhance the heat transfer between the metal plate and the sample.
600

Characteristic time [s]

500
400
300
Tads=30 C

Tads=35 C

200
100
0
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1.000-1.180

2
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Figure 5 Effect of the adsorption temperature on the sorption kinetics (Te=10°C)
Conclusions
In this paper a gravimetric version of the Large Temperature Jump method for adsorption kinetics
measurement was presented. The experimental set up is able to reproduce the typical operating
conditions for adsorption heat pumps/chillers. The core of the system is a weighing unit based on
micro strain gauges able to monitor the time evolution of the uptake during the ads-/desorption stages
with high accuracy. The system allows the test of adsorbent in several configurations as grains, powder
and coating. The experimental activity carried out and here reported showed the influence of the grain
size on the dynamic behavior for the FAM Z02 water adsorbent. Four granulometries were tested
(0.350-0.425, 0.710-0.850, 1.00-1.18 and 2 mm) and the results showed as the increase of the grain’s
dimension affect the kinetics. Furthermore the specific configuration tested was able to produce a
remarkable specific cooling power up to 9.3 W/kg for the smallest grains.
Acknowledgement
The present work was partially founded by “Fondo per la Ricerca per il Sistema Elettrico - AdP MSECNR”.
References
Aristov, Yu.I., Challenging offers of material science for adsorption heat transformation: a review.
Applied Thermal Engineering 2012 (doi:10.1016/ j.applthermaleng.2011.09.003).
Aristov, Yu.I., Optimal adsorbent for adsorptive heat transformers: dynamic considerations. Int. J.
Refrigeration 2009. 32, 675-686.

Sakoda A., Suzuki M., Fundamental study on solar powered adsorption cooling system. J. Chem. Eng.
Jpn 1984. 17, 52-57.
Dawoud, B., Aristov,Yu.I., Experimental study on the kinetics of water vapor sorption on selective
water sorbents, silica-gels and alumina under typical operating conditions of sorption heat pumps”. Int.
J. Heat Mass Transfer 2003. 46, 273–281.
Yu.I. Aristov, B. Dawoud, I.S. Glaznev, A. Elyas, A new methodology of studying the dynamics of
water sorption/desorption under real operating conditions of adsorption heat pumps: Experiment, Int. J.
Heat and Mass Transfer, 2008, Vol. 51, No. 19-20, 4966-4972.

DESIGN OF A SMALL-SCALE ORGANIC RANKINE CYCLE ENGINE USED IN A
SOLAR POWER PLANT
S. Declaye, E. Georges, M. Bauduin, S. Quoilin, V. Lemort
Thermodynamics Laboratory, University of Liege
Chemin des chevreuils 7, 4000 LIEGE, Belgium, email: sebastien.declaye@ulg.ac.be

Abstract
Under the economical and political pressure due to the depletion of fossil fuel and global warming
potential, it is necessary to develop more sustainable techniques to provide electrical power. In this
context, medium and large scale Organic Rankine Cycle solar power plants appear to be a promising
solution because of their good efficiency, robustness and acceptable economical probability. However,
only a few ORC solar power plants are in operation today, but technical literature indicate that several
demonstration projects are under development. The spreading out of that technology requires, among
others, a good knowledge of control strategies of the entire plant comprising the field of parabolic
trough collectors, the ORC engine and thermal storage systems.
The present project aims at designing, building and testing a small scale ORC solar power plant (a few
kWe) in order to define and optimize control strategies that could be applied to larger systems.
The paper presents the design step of the solar power plant, and more specifically the ORC engine.
This design is defined based on simulation models of the ORC engine and on the experience gained in
the Thermodynamics laboratory in the field of testing small-scale ORC systems. The design accounts
for technical limitations such as allowed operating ranges and technical maturity of components.
The paper first presents the architecture of the envisioned solar plant. The choice of the different
technologies of components is justified. Simulation models of components (scroll expander, plate and
fin-and-tubes heat exchangers, etc.) and of the whole system are then presented. Based on those
models, parametric studies are conducted in order to optimize the sizing and the operating conditions
of the system and to select the most appropriate working fluid. Also, the relevance of using two
expanders in series is discussed and the control of the ORC engine is investigated. Simulations indicate
that ORC engine efficiency close to 12% can be reached for evaporating and condensing temperatures
of 140°C and 35°C.
Description of the cycle
The cycle presented in this paper is a regenerative organic Rankine cycle (see Figure 1). The main
components are an evaporator, an expander, a regenerator, a condenser and a pump. The evaporator is
fed with hot oil from solar concentrator while the cooling of the condenser is ensured with ambient air.
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Figure 1 : basic components and T-S diagram of an organic Rankine cycle

Selection of the working fluid
A first model of the cycle was build under EES solver in order to select to more appropriate working
fluid. This model is based on the following assumptions:
Table 1 : main assumptions of the working fluid selection model

Evaporating
temperature
135°C

Condensing
temperature

Net Power

35°C

2kW

Expander
isentropic
efficiency
70%

Pump
isentropic
efficiency
70%

Regenerator
efficiency
80%

Moreover, both overheating and subcooling are set to 5K and pressure drop over heat exchanger are
neglected. Five working fluids (R123, R245fa, SES36, pentane and ethanol) were compared using the
model. The results are presented in Table 2. Pentane and ethanol are rejected due to their flammability.
Moreover, ethanol shows a very low condensing pressure which lead to prohibitive volumetric flow
rate. R123 is also eliminated since it has a non nul ODP and will be phased out in 2030. Among the
two remaining candidates, both R245fa and SES36 are selected for a more detailed comparison using
advanced models.
Table 2 : fluid comparison results
Condensing
pressure [bar]
Evaporating
pressure [bar]
Pressure Ratio
Mass flow rate
[g/s]
Cycle thermal
efficiency [%]

R123

R245fa

Isopentane

Ethanol

SES36

1.3

2.1

1.28

0.14

0.99

16

26

14

6.6

13.3

12.28

12.17

11.15

48

13.42

71.1

67.4

34.1

13.9

80

14.65

13.63

14.91

14.94

15.44

Selection of the expander
The scroll expander technology is selected for the following reasons:

•
•
•
•
•
•

The widespread use of scroll machine as compressor in refrigeration applications make them
available at low cost.
The conversion of a refrigeration compressor to an expander requires only a few modifications.
The reduced number of moving parts make them reliable
The high built-in volumetric ratio (typically between 3 and 4) allows a single stage expansion
even for high pressure ratio.
Scroll machines are available for power down to a few hundred Watts.
They are resistant to an eventual liquid phase in the flow.

Once the expander technology is selected, four configurations are then compared:
•
•
•
•

R245fa and one expander
R245fa and two expander in series
SES36 and one expander
SES36 and two expander in series

The numerical model is based on the same assumptions as previously (Table 1) with the exception of
expander model and evaporating temperature. Expander isentropic efficiency is not set to a constant
but is calculated using the semi-empirical model proposed by Lemort & al. [1]. This model takes
account for the main irreversibilities occurring during expansion (inlet pressure drops, heat transfer,
friction …). Evaporating temperature is set to the value that maximizes the cycle thermal efficiency
but is limited to 140°C to account for inlet temperature limit of refrigeration scroll expanders. In the
case of two expanders configurations, the intermediate pressure is optimized in order to maximize the
cycle thermal efficiency. The main results are presented in Table 3
Table 3 : comparison of expander/fluid configurations
R245fa
SES36
1 exp
2 exp
1 exp
2 exp
HP expander swept volume [cm³]
39.92
11.42
64.27
22.77
LP expander swept volume [cm³]
48.04
84.42
HP expander isentropic efficiency
0.59
0.69
0.521
0.699
LP expander isentropic efficiency
0.69
0.66
Pump consumption [kW]
0.2
0.29
0.166
0.185
Net Power [kW]
2.8
2.71
2.83
2.81
Boiler thermal power [kW]
34
23.8
32.1
21.3
Regenerator thermal power [kW]
4.69
3.3
9.5
7.6
Condenser thermal power [kW]
30.8
20.5
28.8
17.8
Mass flow rate [kg/s]
0.159
0.105
0.203
0.129
Cycle thermal efficiency
8.2
11.36
8.83
13.21
Evaporating temperature [°C]
105.1
114.5
140
140
Evaporating pressure [bar]
14.2
28.1
8.7
14.6
Condensing temperature [°C]
35
35
35
35
Condensing pressure [bar]
2.1
2.1
0.99
0.99
Both configurations with two expanders lead to a significant improvement of the cycle thermal
efficiency: An increase of 38% is stated for R245fa and 50% for SES36. The two stage expansion
configurations also obviously lead to additional cost. However these extra costs are limited since the
HP expander is fairly small in both case (11.42 cm³ for R245fa and 22.77cm³ for SES36). Moreover,
the increase of the cycle efficiency leads a reduced required evaporator power for the same electrical
output power. The required solar field area is therefore reduced and extra investment on expansion
machine can then be compensated by the reduction of solar field cost.

The cycle efficiency is higher with SES36 in both single and two stage expansion configurations.
However, in two stage expansion case, the cycle efficiency rise is only 16% compared to R245fa while
the required expanders swept volumes are almost doubled.
For this last reason, the final configuration selected is R245fa with two expanders.
Selection of the pump
The pump of an ORC has to meet some requirements:
•
•
•
•

High isentropic efficiency; the ratio of pump consumption to expander production is higher for
organic fluid than for water. Therefore, in ORC system, a low pump efficient has a dramatic
impact on net power and cycle efficiency.
Tightness; Since R245fa has a non negligible environmental impact (GWP around 1000) the
pump, as all components of the cycle, has to be perfectly tight.
Low NPSH required;
Fluid compatibility;

Pressure and flow rate requirements are given in Table 4.
Table 4 : main requirement of the pump

Fluid
Density
Flow rate
Inlet Pressure
Outlet Pressure
Viscosity

R245fa
1325 [kg/m³]
284.4 [l/h]
2.1 [bar]
28.15 [bar]
0.38 mPa.s

Volumetric pumps are the most adapted to these working conditions (low flow rate and high pressure
difference). Among the large number of volumetric pump types (gear, piston, vane, diaphragm…), a
multi diaphragm pump was selected. The main advantage of this type of pump is the absence of
contact between the fluid and pump moving parts. External leakages are therefore totally avoided.
The main characteristics of the pump are shown Table 5.
Table 5 : main characteristics of the pump

Flow rate
Consumption
Nominal Speed
Max. Outlet Pressure

6.2 l/min
0.41kW
1000 rpm
70 bar

Selection of the heat exchangers
The selection of the evaporator is not detailed here for confidentiality reason. A single heat exchanger
is used to preheat the liquid, vaporize it and overheat the vapor. It is fed with hot oil at maximum
180°C and the maximum evaporating pressure of R245fa is 30 bars.
No water cooling is available in the power plant site, air cooling was therefore selected. A direct air
condensation of the working fluid is selected to avoid additional heat exchanger and rise of condensing
pressure in the case of a closed water loop solution. The maximum condenser thermal power is 20.5
kW. In order the limit the electrical consumption of condenser fans in part load, variable speed fans
are selected. The main characteristics of the condenser are shown Table 6.

Table 6 : main characteristics of the condenser

Cooling capacity
Fan nominal speed
Fan consumption
Air flow rate

20.7 kW
700 rpm
0.25 kW
1.62 m³/s

Final configuration
The final configuration with all measurement devices is shown in Figure 2.

Figure 2 : final configuration
Conclusions
The design of a solar power plant of a few electrical kW based on organic Rankine cycle was
described. The main selection criteria of each component were detailed. The final design involves two
scroll expander is series, a multi diaphragm pump and an aero condenser. The fluid selected is R245fa.
Using very realistic models validated on experimental data, it has been shown that a cycle thermal
efficiency higher than 11% can be achieved. This efficiency could obviously be increased by using
higher-temperature collectors and evaporator, but this would forbid the use of off-the-shelf widely
available HVAC components such as the scroll expanders, and would dramatically increase the
installation cost.
Next steps of the project will be:

•
•

•

The test of the plant using an alternative heat source in a wide range of conditions
The validation of semi-empirical model of each component
The development of appropriate regulation strategies

References
[1] V. Lemort, S. Quoilin, C. Cuevas, and J. Lebrun, Testing and modeling a scroll expander integrated
into an Organic Rankine Cycle, Applied Thermal Engineering, vol. 29, no. 14, pp. 3094-3102, 2009.

SEASONAL SORPTION HEAT STORAGE – RESEARCH ON
THERMOCHEMICAL MATERIALS AND STORAGE PERFORMANCE
C.J. Ferchaud1, H.A. Zondag1,2, A. Rubino3, R. de Boer1
Corresponding author: telephone: +31 224 56 4454, fax: +31 224 56 8966, email: ferchaud@ecn.nl
1
ECN, Energy Research Centre of the Netherlands, P.O. Box 1, 1755 ZG Petten, The Netherlands,
2
Eindhoven University of Technology, P.O.Box 513, 5600 MB Eindhoven, The Netherlands
3
Delft University of Technology, Department Process & Energy Delft, NL 2628, The Netherlands

ABSTRACT
Advantages of thermochemical heat storage over conventional heat storage are a higher energy density
and loss-free storage of the heat after charging, since the heat is stored in chemical form. At ECN, a
thermochemical heat storage is developed for seasonal heat storage applications. This paper shows
results of materials testing, experiments with a lab scale reactor and first modeling results. The
required output temperature of 60°C was realised.
INTRODUCTION
In the Netherlands, the main part of the residential energy demand consists of space heating and tap
water heating. During the summer period, the available solar energy is sufficient to cover the tap water
heating demand for houses equipped with solar thermal collectors. However, during winter, the
heating demand exceeds the solar supply (Figure 1). Solar energy can be harvested in summer to fulfill
the heat demand in winter by means of a seasonal heat storage system. However, for a passive house
of 110 m2 with a winter heat demand estimated at 6 GJ, seasonal heat storage in a traditional water
tank would require a tank volume above 40 m3 which is way too large to be integrated in individual
houses. Therefore, more compact heat storage technologies have to be found. ECN is developing a
compact heat storage system based on the reversible reaction of water vapor with a ThermoChemical
Material (TCM). TCMs have a high energy density (1 GJ/m3 in packed bed) which result for the
abovementioned 6 GJ heat demand in a storage of about 6 m3. This is suitable for integration in
individual houses. Interesting TCM materials for seasonal heat storage are salt hydrates, which are
available in large quantity at low cost, are environmentally friendly and can take up and release heat
under the conditions of seasonal heat storage. During summer, the salt is dehydrated by means of solar
heat from vacuum tube collectors. During winter, the salt is hydrated again, releasing the heat.

Figure 1: Household energy consumption and solar irradiation over a year in the Netherlands.
TC MATERIALS DEVELOPMENT
In an screening of TCMs carried out at ECN, MgCl2.6H2O showed a promising performance. The
dehydration of MgCl2.6H2O under 12 mbar of water vapour is shown in Figure 2. The figure shows
clearly two dehydration steps:
1. MgCl2.6H2O => MgCl2.4H2O + 2H2O
Tonset = 70°C
2. MgCl2.4H2O => MgCl2.2H2O + 2H2O
Tonset = 105°C

Figure 2: Dehydration of MgCl2.6H2O (heating rate 0.5 K/min)
Figure 3 shows X-ray diffraction results for MgCl2.6H2O at increasing temperature. The figure shows
that the sample remains crystalline during the entire dehydration procedure. Again, the same two
dehydration steps are observed. Note that at 140°C, also MgOHCl is shown, which is a result from the
side reaction MgCl2.2H2O(s) => MgOHCl(s) + HCl(g). This reaction is undesirable because it reduces
the amount of active material and produces HCl gas that is corrosive to the system. Therefore, during
dehydration, the temperature should be kept below 130°C.

Figure 3: X-ray diffraction of MgCl2.6H2O at different temperatures
In addition to the dehydration reaction, it is also important that the reverse hydration reaction is
sufficiently fast and at sufficiently high temperature. Results for a dehydration-hydration cycle are
shown in Figure 4. A significant hysteresis is found even at the low heating rates used in this study,
indicating that the hydration is less fast than for instance in zeolites. However, this is still sufficient to
provide tap water and space heating from a seasonal storage. From the DSC dehydration result, an
energy density was found of 1.89 GJ/m3 on crystal level for the reaction of MgCl2.6H2O to
MgCl2.2H2O, corresponding to 0.95 GJ/m3 for a packed bed with 50% porosity (Ferchaud, 2012).

Figure 4: Dehydration-hydration cycle. Left: mass change. Right: power uptake and release.
Red line: dehydration (Heating rate: 0.5 K/min), blue line: hydration (Cooling rate: 0.2 K/min.)
Finally, the stability of MgCl2.6H2O at low temperatures during hydration is also critical. The salt is
hygroscopic to such an extent that it tends to overhydrate and go into solution under ambient

conditions (Ferchaud, 2012). However, if the material is hydrated at 12 mbar vapour pressure with
temperatures above 30°C, the MgCl2.6H2O is stable. This condition is automatically fulfilled in the
reactor design developed at ECN, as will be shown in the next paragraph.
TC REACTOR DESIGN AND TESTING
The heat storage design focuses on a packed bed through which air is flown (Figure 5). During
summer, the salt hydrate materials can be dehydrated by means of air heated by solar thermal
evacuated tube collectors. During winter, the dehydrated salt is hydrated with moist air from the
ambient. To improve the reactor performance, the vapor pressure of the incoming air is increased to 12
mbar by means of the evaporation of water with 10°C heat taken from a borehole.
Air flow

TCM

Filter

Figure 5 : (a) Design of the 6m3 packed bed reactor optimized for seasonal heat storage, (b)
system sketch
The storage design is very important for the performance. A prototype lab scale thermochemical open
sorption heat storage system with a storage capacity of 20 liters was built and tested at ECN (Zondag,
2011). As TCM material, MgCl2·6H2O flakes were used with a thickness of ~1 mm. The total amount
of MgCl2·6H2O in the reactor was 8 kg. The prototype setup is shown in Figure 6.

Figure 6: Lab prototype open sorption TC storage system (a) system design, (b) lab prototype.
For the dehydration, ~550 l/min of hot air at 130°C was flown through the bed. The temperatures in
the lab prototype during the dehydration phase are shown in Figure 7. The bed temperature profiles
clearly show the effect of the dehydration of the MgCl2.6H2O. Note that the plateau temperatures are
similar to the dehydration temperatures previously shown in Figure 4.

Figure 7: Charging of Lab-scale storage (dehydration of MgCl2.6H2O).
Figure 8 shows the discharging of the storage, on flowing through ~510 l/min of moist air with 12
mbar vapour pressure. A temperature rise of about 15°C is reached in the bed, heating the air from
50°C to 65°C. The hot air is flown through a heat exchanger connected to a thermostat bath, providing
50 W of heating power to the 60°C thermostat bath. This indicates the suitability of the present system
with MgCl2.6H2O for tap water heating. On hydration, the prototype ThermoChemical storage was
found to be able to deliver heat at 60°C for about 20 hours.
The incoming moist air was preheated to 50°C by the outgoing dried air via the air-to-air heat
exchanger (ATA) shown in Figure 6. In this way, high output temperatures can be obtained, and at the
same time, the increased inflow temperature prevents overhydration of the MgCl2.6H2O, as explained
before. Unfortunately, in the present setup, the heat recovery in the air-to-air heat exchanger was
insufficient, resulting in significant heat loss via the outgoing air flow. This will be improved in later
designs.

Figure 8: Discharging of Lab-scale storage (hydration of MgCl2.6H2O).

TC STORAGE MODELING
A reactor model was built for an open sorption packed bed reactor filled with salt hydrate, using the
commercial software Comsol Multiphysics (Rubino, 2012). The model makes use of the mass balance,
momentum balance (modified Navier-Stokes) and energy balance equations, as well as the ClausiusClapeyron equation to describe the thermochemical equilibria of the salt hydrate. The model was only
used to describe the dehydration phase; hydration simulations will be carried out later. The chemical
reaction rate for dehydration is modeled with the equation:

Here, rw is the reaction rate in kg/m3s, Ts is the salt temperature, Ea is the activation energy in J/mol
and Ca is a correlation parameter. Ca and Ea are determined by fitting the model to the experiments and
were found to be 83.4 kJ/mol and 19109 kg/m3s for the first dehydration step (6 to 4 water), and 95
kJ/mol and 22109 kg/m3s for the second dehydration step (4 to 2 water). The geometry of the model
is shown in Figure 9.

Figure 9: Model geometry of packed bed
The model was validated with the experiments. The results are shown in Figure 10, for the case in
which a 600 liter/min flow of 12 mbar moist air is flown through the reactor. Qualitatively, the match
is very good. Quantitatively, the model responds somewhat faster than was found in the experiments.
The difference may be due to the choice for the kinetics parameters or to some inaccuracy with respect
to the exact sensor location in the bed. This will be improved at a later stage.

Figure 10: Comparison of bed temperatures in experiment and numerical model (a) sensor at
2.7 cm, (b) sensor at 7.5 cm.
Figure 11 shows the model results on the progressing of the temperature front through the bed on
dehydration. Initially, only the inlet region is heated up. With time, the entire bed gets heated. Since
most of the heating energy is stored in the dehydration reaction in the bed, the temperature distribution
in the bed corresponds to the reaction temperatures in the desorption process, as shown in Figure 11b.
The aim of the model is to optimize the reactor design and process conditions by means of a parameter
study, to minimize heat losses and auxiliary fan energy. This will be carried out after the optimization
of the model kinetics and the hydration modeling are finalized.

Figure 11: Progressing of temperature front through the bed during dehydration (a) after 2 min,
(b) after 100 min.
CONCLUSIONS
MgCl2.6H2O can be dehydrated at temperatures below 130°C. By the subsequent hydration,
sufficiently high temperatures can be generated to provide tap water heating at 60°C. A lab prototype
was shown to be able to provide these temperatures under realistic winter conditions, indicating the
suitability of this technology for seasonal heat storage.
A model was built to model the conditions in the packed bed during dehydration. The model shows a
good qualitative agreement with the experiments. After further optimization of the model and
implementation of the hydration reactions, the model will be used to optimize the reactor design.
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Abstract
In this paper is analysed experimentally the performance of a double/single-effect absorption
chiller driven simultaneously by heat at two temperatures levels. When heat from a low
temperature heat source such as that from low/medium temperature thermal solar collectors is
available, the chiller can work as a single-effect chiller and as double-effect chiller when additional
heat at high temperature needs to be provided to complement the low temperature heat. Also a data
reconciliation and gross error detection method is applied to the raw measurements to calculate the
chiller performance.
Introduction
Thermally activated chillers are an interesting alternative to reduce the electricity consumption for
air-conditioning in buildings. Among these technologies, double effect water/lithium bromide
absorption chillers stand out because of their higher efficiency when compared with single-effect
chillers. However they need higher driving temperatures. A solar air-conditioning system based on
a single-effect absorption machine requires a larger solar fraction to save primary energy with
respect to a conventional chiller and rejects a higher amount of heat to the ambient. Double-effect
absorption chillers can deliver chilled water down to a temperature of 5ºC with COP (coefficient of
performance) between 1.2-1.3. More research has to be done towards the improvement of the
performance of these chillers, demonstration of chillers with new advanced configurations, and also
on the proper way to process the monitored chiller data to calculate the chiller performance. The
objective of this study is to analyse the performance of a double-stage absorption chiller which has
the particularity that be configured to work as a double/single-effect chiller driven at two input
temperatures and also as a double-lift absorption heat pump. This same unit was completely
analysed in the past as a double-lift heat pump (Greiter et al, 1991). Thus in the present analysis the
unit is modelled and characterised working as a double/single effect chiller. This analysis includes
also the application of data reconciliation techniques and the detection of measurements with gross
errors in order to obtain reconciled data that are in agreement with the laws of conservation of mass
and energy. The data reconciliation technique has been applied in the past but only with limited
results (Martínez-Maradiaga et al, 2011). Here the simple method of Lagrange multipliers is
applied to solve the data reconciliation problem.
A double-stage absorption chiller driven at two input temperatures
The Insitut für Festkörperphysik und Technische Physik from the Technische Univesität München
developed a water/lithium bromide heat pump prototype with a heating capacity of 500 kW. This
prototype can deliver heat at two different temperatures fired by natural gas in a double-lift
configuration delivering heat at 70-90ºC with a COP of 1.3. Also it can operate in a double-effect
absorption chiller configuration, producing cooling at around 5ºC, rejecting heat at 37ºC with a
COP of 1.2 or as a double/single effect chiller configuration driven by heat at high temperature
(natural gas) and low temperature (solar energy) which makes it interesting for increasing the
number of operating hours during the year for heating and cooling.

This prototype was operated as a double-lift heat pump from 1993 until 2001 at the German
Aviation Museum in Oberschleisshei, Munich. Later it was moved to the CREVER-URV facilities
in Tarragona (Spain) where it was repaired and adapted to be used as double-effect chiller driven at
two temperature levels: one level driven by solar thermal energy (low temperature generator,
GA1), and the other level driven by natural gas (high temperature generator, G2) (see Fig. 1). This
machine has the particularity that the intermediate pressure generator-condenser group (CE1, GA1)
can reverse its function and work as evaporator-absorber. Because of this, the heat pump can be
operated at different modes: double-effect chiller, single-effect chiller, single-double effect chiller
and double-lift heat pump mode.
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Figure 1: Schematic of the double-stage heat pump/absorption chiller showing the measured
variables

Figure 2: Double-stage heat pump/absorption chiller. 1: High pressure casing C2+G2, 2:
Medium pressure casing CE1+GA1 and 3: low pressure casing E0+A0.

The main components of the heat pump are distributed in three different pressure levels allocated
inside three independent casings (see Figure 2) interconnected by pipes. In the high pressure casing
two processes occur: separation of water vapour from the lithium bromide solution at generator G2
by means of the heat input at 160ºC, and condensation of this water vapour in condenser C2.
Similar processes occur in the intermediate pressure casing where vapour generated in GA1 is
produced by the heat of condensation rejected in C2 plus the heat provided by the solar collectors
at around 90ºC. The cooling effect is produced in the low pressure casing where water condensed
in CE1 and C2 is evaporated in E0, and then absorbed in A0 by the solution that comes from the
generator G1. Heat is rejected at temperatures around 35ºC in the absorber A0 and condenser C1 by
means of a cooling tower circuit. Greiter et al (1991) and Figueredo et al (2003) further describe
the operation of this machine in more detail.
Data Reconciliation problem and Gross Error Detection
Measurements can be redundant if the amount of measurements available when monitoring a
system is greater than the degrees of freedom of the system. In this unit we have more information
than the necessary to estimate the performance of the system. In this situation calculations based on
different sets of measurements will have different results. Also, due to random errors in the
measurements mass and energy balances are not satisfied. Data reconciliation (DR) methodologies
can be used in order to overcome these problems. Through data reconciliation we adjust the
measurements as close as possible to the measured value, and at the same time we obtain a set of
adjusted measurements that are in agreement with the laws of conservation.
The DR problem is mathematically expressed as a constrained minimisation problem where the
estimate of each variable is as close as possible to the measured value weighted by its standard
deviation. The typical formulation of DR is the weighted least-squares problem:
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where u i is the set of reconciled measurements, y i is the set of raw measurements, and σ i is the set of
standard deviations corresponding to each measured variable. The σ i was estimated according to the
technical characteristics given by the manufacturer and the observed performance of each
measuring instrument (Heenan and Serth, 1986): 0.1ºC for all the temperatures, σ mi =0.3 kg/s for
external flowrates, 0.001 Bar for low pressure, 0.01 Bar for intermediate pressure and 0.1 Bar for
high pressure, 0.01 kg/m3 for the density and 0.1 l/s for the solution flowrate.
In this study we used the Lagrange multipliers method to reconcile the flow rates, temperatures,
pressure and concentration measured and calculated at the internal and external circuits of the
machine.
Error! Bookmark not

fl = φ (ui ) + ∑ λ jψ j (ui , zk ) defined.

[2]

j

The derivative of the Lagrange funtion for each measured variable (u i ) generates 26 equations, and
another 6 equations for the calculated variables z k .
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These 32 equations plus the 14 model constrains (Table 1) define a system of 46 equations in 46
unknowns: 26 reconciled variables u i , 6 calculated variables z k and 14 Lagrange multipliers λ j .
This equation system was solved for each steady state set of measurements using the software EES
(Engineering Equation Solver). The six unmeasured variables are the flowrate and concentration of
the strong and medium pressure solution streams and the flowrate of the two refrigerant streams at

the two generators. The thermodynamic model written in EES is based on the steady-state mass and
energy balances for each component of the cycle (Table 1). It should be noted that in this machine
the pressure difference between the medium and low pressure sides are not enough to produce and
adequate flow of solution from the generator GA1 to the absorber A0 and a solution circulation
pump is necessary (Fig. 1). Also an expansion valve is not needed between the high and medium
pressure solution side because the pressure drop at the HEX2 is enough (0.5-0.6 bar). The main
assumptions used in the model are the following: The pump work input is negligible compared with
the other energy streams, all the units are adiabatic except the high pressure generator G2, low
pressure generator GA1 and evaporator, E0. These losses were estimated constant and originated by
the ambient losses through the isolation and thermal bridges through the component supports. The
considered losses for the G2 and GA1 generators are 10 kW and 5 kW and 5 kW for the evaporator
E0. Without considering heat losses in these components of the unit it was difficult to match the
energy and mass balances. The refrigerant stream at the outlet of the two generators are superheated
and in thermal equilibrium with the strong solution outlet. The streams leaving the condensers and
evaporator are saturated.
Table 1: Model equations

ψ 1 (ui , z k ) = msd ⋅ hLiBr (t13 , X d ) − msm ⋅ hLiBr (t14 , X m ) − mra ⋅ hs (t14 , pa ) +
+ m21 ⋅ cpw (t 21 − t 22 ) − QlG 2 = 0

[4]

ψ 2 (ui , zk ) = msd ⋅ X d − msm ⋅ X m = 0

[5]

ψ 3 (ui , zk ) = msd − msm − mra = 0

[6]

msd = vsd ⋅ ρ sd

[7]

X d = X LiBr (ρ sd , t1 )

[8]

ψ 4 (ui , z k ) = mra ⋅ (hs (t14 , pa ) − hl ( pa )) + m30 ⋅ cpw (t30 − t31 ) = 0

[9]

ψ 5 (ui , z k ) = msd ⋅ (hLiBr (t13 , X d ) − hLiBr (t 2 , X d )) −
− msm ⋅ (hLiBr (t14 , X m ) − hLiBr (t15 , X m )) = 0
ψ 6 (ui , z k ) = msm ⋅ hLiBr (t15 , X m ) − ms f ⋅ hLiBr (t 4 , X f ) − mrb ⋅ hs (t 4 , pm ) +
+ m30 ⋅ cpw (t 29 − t30 ) − QlGA1 = 0

[10]

[11]

ψ 7 (ui , zk ) = msm ⋅ X m − ms f ⋅ X f = 0

[12]

ψ 8 (ui , zk ) = msm − ms f − mrb = 0

[13]

ψ 9 (ui , z k ) = mrb ⋅ (hs (t 4 , pm ) − hl ( pm )) − m23 ⋅ cpw (t 26 − t 24 ) = 0

[14]

ψ 10 (ui , z k ) = (mra + mrb ) ⋅ (hl ( pm ) − hv ( pb )) + m27 ⋅ cpw (t 27 − t 28 ) + Ql E 0 = 0

[15]

ψ 11 (ui , z k ) = msd ⋅ (hLiBr (t 2 , X d ) − hLiBr (t1 , X d )) − ms f ⋅ (hLiBr (t 4 , X f ) − hLiBr (t5 , X f )) = 0
ψ 12 (ui , z k ) = ms f ⋅ hLiBr (t5 , X f ) − msd ⋅ hLiBr (t1 , X d ) + (mra + mrb ) ⋅ hs ( pm ) +
+ m23 ⋅ cpw (t 23 − t 24 ) = 0

[16]
[17]

Systematic or gross errors occur because of malfunctioning instruments or process leaks. Gross
errors differ from random error because their expected mean value is different from zero. As
mentioned above, the presence of gross errors invalidate the DR results. The presence of Gross
Errors is determined by an approach based on the Modified Iterative Measurement Test (MIMT)
which is a combined Gross Error Detection (GED) and DR procedure (Serth and Heenan, 1986). It
is based on a statistical test applied to the least-squares residuals (the difference between the raw
and reconciled value the measurements). It is assumed that random errors in the data are normally
distributed. Then, for each measurement it is calculated the statistical w i :

.Error! Bookmark not defined.
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[18]
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For a confidence level of 95%, w i has to be lower than 1.96. If w i is greater than the critical value,
it is suspected of containing a gross error. We remove any suspect measurements from the DR
problem and we perform DR again. The procedure is repeated until no gross errors are found. With
this procedure three variables were suspected to contain a gross error and removed from the set of
measured variables: m 21 , v sd (volumetric flow of the weak solution) and t 30 . With respect to the
origin of these errors, it must be said that is difficult to associate a specific source of error to a
given gross error. For example, the gross error in the volumetric flow rate of the weak solution
(stream 1) could be due to the presence of bubbles in the flowmeter but other possible causes can
not be discarded. Other variables with a high critical value but lower than the threshold were t 2 and
t 24 . In Table 2 are given also the heat duties calculated with the reconciled values without gross
errors. The machine produced a cooling capacity of 147 kW with a chilled water temperature of 9.1
ºC, generator temperature of 160.2 ºC, and a cooling water temperature of 27.7 ºC. In these
conditions the achieved COP was of 1.28. In the same table is shown the reconciled value of the
measurements together with their original value.
Table 2 : Comparison of raw and reconciled data and final reconciled heat duties
Variable
t 1 (ºC)
t 2 (ºC)
t 4 (ºC)
t 5 (ºC)
t 13 (ºC)
t 14 (ºC)
t 15 (ºC)
t 21 (ºC)
t 22 (ºC)
t 23 (ºC)
t 24 (ºC)
t 26 (ºC)
t 27 (ºC)

Measured
Value
30.5
63.0
76.8
40.2
112.6
129.7
75.6
160.2
155.7
25.1
27.4
29.0
12.3

Value (Before
GED)
30.6
62.7
76.9
40.1
112.8
129.7
75.8
159.8
156.1
24.7
27.7
29.1
12.5

Value (After
GED)
30.6
60.7
76.9
40.1
112.8
129.7
75.8
160.2
155.7
25.0
27.7
28.8
12.3

Variable
t 28 (ºC)
t 30 (ºC)
t 31 (ºC)
m 1 (kg/s)
m 21 (kg/s)
m 23 (kg/s)
m 27 (kg/s)
m 30 (kg/s)
HP (mbar)
IP (mbar)
LP (mbar)
X (%)

Measured
Value
9.1
80.6
83.2
1.62
10.9
16.7
10.7
9.2
558
48
5
56.7

Heat Duties (kW)
80
Q GA1
115
Q HEX1
86
Q E0
79
Q A0

Q C2
Q G2
Q HEX2
Q CE1

Value (Befote
GED)
8.6
80.8
83.5
1.03
9.2
17.4
11.5
8.6
557
48
5
56.7

Value (After
GED)
9.1
81.2
83.3
0.85
6.1
16.7
10.8
9.2
559
48
5
56.7

80
55
147
182

The COP of the chiller is defined as the produced cooling capacity delivered divided by the heat
input at the two generators when the cycle is in combined mode (two input temperature levels):
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A driving heat factor f can be defined as in equation [21]. When the unit operates as a pure double
effect chiller, f=0 and it is equal to 1 for a pure single effect operation.
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The COP decreases as the driving heat factor is reduce or when the use of heat al lower temperature
increases (Figure 3). Experimental tests between 0 and 47 % of f were carried out. The COP was

comprised between 1.1 for pure double effect and is estimated to be 0.61 for pure single effect.
Notice that the heat losses working as a pure single-effect will be high because the solution always
flows in series between the two generators. Thus a combined mode operation is preferred.
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Figure 3: COP of the chiller as a function of the solar fraction
Conclusions
The double-stage absorption heat pump tested is an extraordinary absorption cycle concept with
high versatility and a remarkable efficiency. The possibility to produce heating or cooling
efficiently and integrate solar energy at low temperature is very interesting for many applications.
Also the applied Lagrange multipliers method in data reconciliation can be a valid methodology for
complex non-linear systems as is the case of absorption chillers if a gross error detection procedure
is also applied.
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ABSTRACT
The effect of refrigerants 410a, 507 and 245fa on the operation of an ejector cooling system, ECS,
was studied when the temperatures for the generator, TGE, condenser, TCO, and evaporator, TEV,
were varied from 50ºC to 70ºC; 30ºC to 40ºC and 5ºC to 15ºC, respectively, for a constant cooling
capacity of 1 kW. The ejector mathematical model employed is one-dimensional, validated
experimentally and considers the lowest ejector friction factor, Ff, as well as the highest main
nozzle efficiency, ηn. According to the results, the ejector has the best performance when R410a
and R507 are used, as the maximum U and least φ values are reached that result in lowest primary
fluid mass flow rates and smaller ejector sizes, respectively. The behaviour for ejectors employing
R245fa involves lower U and higher φ values. For the ECS, upper COPs values are achieved at
higher TGE and TEV with lower TCO. An ECS operating with R410a has the highest COPs, a value of
0.53 is obtained for TGE, TCO and TEV of 70ºC, 30ºC and 10ºC, respectively, that is followed by a
system using R507. Finally, a system operating with R245fa has the lowest COPs value. Therefore,
the systems employing R410a and R507 are good options when maximum generation temperatures
of 70ºC can be reached, which also experience the higher pressures and in consequence should be
the more robust.
INTRODUCTION
The search of new refrigerants, environmental and thermodynamically appropriate for ejector
cooling systems, is still a matter of study. In the past, theoretical studies have been carried out
extensively with CFC, HCFC, HFC, hydrocarbon fluids and very few on blends. In this study HFC
refrigerants, pure and blends, with low environmental impact were considered. In the case of
selecting zeotropic blends, their glide temperature should be small and in the heat exchanger’s
inlets and outlets only one phase should be present in order to avoid the change in concentration
caused for the fractionation effect of the blend.
SELECTION OF HCF REFRIGERANTS
The working fluids chosen for the ECS operation are the blends R410a and R507, which are
environmentally appropriate and substitutes of R22. The other refrigerant employed is the working
fluid R245fa, employed in organic Rankine Cycles as well as in some ejector system studies.
Table 1 shows their main physical, environmental and safety characteristics.
THE EJECTOR SYSTEM
The system studied is shown in Fig. 1, whose ejector is of the gas-gas type with its main geometric
variables shown in Fig. 2, where subscripts 1 and 2 correspond to the inlet of primary and
secondary flows and 3 to the exit flow. The cross-sectional areas belong to the throat and discharge
of the ejector main nozzle, inlet of the cylindrical mixing chamber and discharge of the diffuser, the
following ejector dimensionless geometrical parameters result. The ejector area ratio is
2

d 
φ =  m 
(1)
 dt 
in which dm is the mixing chamber diameter and dt is the main nozzle throat diameter. The
considered ejector’s thermodynamic parameter is its entrainment ratio

U=

m
&2
m
&1

(2)

being m
& 1 and m
& 2 the mass flow rates for the primary and secondary fluids. In regard to the ECS,
its coefficient of performance is

COPs =

& EV
Q
& GE + W
& pr
Q

(3)

whose terms are the thermal energy transferred at the evaporator and generator as well as the
mechanical energy given to the reversible pump, which in terms of U and enthalpy results in
(h - h )
(3a)
COPs = U 2 6
(h 1 - h 4 )

Figure 1. Ejector cooling system configuration.

Figure 2. Ejector configuration.

Validation of a One-dimensional Mathematical Ejector Model
The ejector operation is given by a one-dimensional mathematical model with secondary fluid
choking. It was developed by Lu and was validated by Roman and Hernandez with the
experimental results of a multi-geometry ejector, in which different main nozzle separation
distances ln were considered.

RESULTS
In order to determine the ejector and ECS performance with refrigerants 410a, 507 and 245fa, a
parametric study was carried out for a constant cooling capacity of 1 kW, considering in the ejector
model the lowest friction factor, Ff, and highest main nozzle efficiency, ηn,. Temperatures for the
generator, condenser and evaporator were varied from 50ºC to 70ºC; 30ºC to 40ºC and 5ºC to 15ºC,
respectively. A superheating of 5ºC was considered at the generator exit and saturation conditions
at condenser and evaporator exits. Corresponding results are shown in Figs. 3-8.
ANALYSIS OF RESULTS
The results obtained represent potential design points of an ejector cooling system, which operates
under secondary flow choking. One and only one φ value corresponds to each combination of the
of generation, condensation and evaporation temperatures. Therefore, this φ value corresponds to a
specific ejector. For the three refrigerants 410a, 507 and 245fa, a comparison of the results for the
ejector and cooling system was carried out.
Ejector Performance
The behaviour of U and φ against TGE is shown in Fig. 3 for the refrigerants chosen. In this case,
the condenser and evaporator temperatures are fixed and the system cooling capacity is unitary,
consequently, m
& 2 remains constant. As TGE increases, the primary fluid pressure and enthalpy also
grow and unvarying m
& 2 requires a lower m
& 1 to be entrained, resulting thus an increase in U. In
regard to the working fluid influence on the ejector behaviour, the highest U values correspond to a
device operating with R507 and the lowest with R245fa. The ejectors using R410a have almost the
same U values as the ejector employing R507. In regard to φ, it increases at higher generation
temperatures because a reduction in m
& 1 entails a decrease in dt, while dm remains almost constant.
On the other hand, an ejector operating with R410a has lower φ values than using R245fa. This
behaviour is caused by the larger dm required with R245fa, due to the higher m
& 1 and m
& 2 required
to operate at the given temperatures and cooling capacity. This means that an ejector using R410a
is smaller than one operating with R245fa. The ejectors using R507 have a bit larger φ values and
dimensions than the one employing R410a.
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Figure 3. Entrainment ratio U and ejector area ratio φ against TGE for a constant
TEV of 10ºC and TCO of 30ºC for refrigerants R410a, R507 and R245fa.

According to Fig. 3, it is important to point out that an ejector operating with R410a and R507
reach a maximum generator temperature of 70ºC, because they operate near their critical point,

which is around 70ºC as Table 1 shows. For the R245fa, this limitation is not present and it is
possible to attain generator temperatures of 100ºC. Also, as the TGE of any refrigerant has a
corresponding saturation pressure and considering its critical point shown in Table 1, an ECS
working with R410a and R507 will experience the higher pressures and will have the more robust
construction.
The trend of U and φ against TCO is shown in Fig. 4 for a unitary capacity of the cooling system and
constant generator and evaporator temperatures. In this plot, U decreases as TCO increases because
any increase in this temperature results in a pCO growth, causing a rise in m
& 1 and m
& 2 in order to
provide a higher secondary fluid recompression and to maintain a fixed cooling capacity,
respectively. Then, as m
& 1 increases much more than m
& 2 does, U decreases. In relation to the
refrigerant effect on the ejector operation, lower U values are obtained for the ejector using R245fa
and higher with R507. For the refrigerant R410a, the ejectors have a little lower U values than with
R507 and follow the tendency above mentioned. Regarding φ, the rise in m
& 1 and m
& 2 as TCO grows,
causes an increase in dt and dm in which the growing rate is higher for the first one, giving that φ
decreases. Once again, the order in the magnitude of φ above mentioned in the φ-TGE plot is
repeated and the lowest φ values correspond to an ejector operating with R410a.
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Figure 4. Entrainment ratio U and ejector area ratio φ against TCO for a constant
TEV of 10ºC and TGE of 60ºC for refrigerants R410a, R507 and R245fa.

For a system with unitary cooling capacity with constant generator and condenser temperatures, the
change of U and φ against TEV is shown in Fig. 5 in which U experiences a growth tendency with
TEV increments. As any increase in temperature goes with a pressure raise, for which m
& 2 remains
almost invariable and a lower m
& 1 is required as the reduction effect in the secondary fluid
recompression, U increases. Again, the lower U values are obtained for an ejector employing
R245fa and the higher using R507. Also, ejectors employing R410a have a little bit lower U values
and follow the tendency already mentioned. Regarding φ, as there is a higher reduction of m
& 1 than
m
& 2 as TEV grows, a lower decreasing rate of dm than dt is found and gives rise to a φ growth. Again,
the tendency already mentioned is repeated with the lower φ values belonging to an ejector using
R410a.
From the above U plots, ejectors operating at the same temperatures have the highest U values
using refrigerants R507 and R410a, while lower with R245fa. In relation to φ, the highest values
are given for ejectors using R245fa and the lowest with R507 and R410a.

Ejector cooling system performance
Figs. 6-8 show the tendency of the system coefficient of performance, COPs. Its variation with TGE
is shown in Fig. 6 and follows a similar U growing path, due to its dependence with this parameter
as well as the refrigerant properties, according to Eq. (3a). The best performance corresponds to the
system using R410a and R507. At a TGE of 70ºC an ECS employing R410a has a COPs around 0.53
and of 0.48 for R507, while the system operating with R245fa has lower values but if its tendency
is continued, it can operate at higher temperatures and efficiencies, having only as limit its critical
temperatures. Therefore, the best performance is obtained for an ECS employing R410a at TGE not
higher than 70ºC.
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Figure 6. System’s coefficient of performance COPs against TGE for a constant
TEV of 10ºC and TCO of 30ºC for refrigerants R410a, R507 and R245fa

The change of COPs with TCO is shown in Fig. 7. As this temperature grows the COPs follows the
U decreasing tendency, repeating the trend shown in Fig. 4.
The variation of COPs against TEV is shown in Fig. 8. As this temperature is varied, a similar
pattern between COPs and U is observed. The highest COPs values belong to the system using
R410a and R507 with the lowest for R245fa.
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Figure 7. System’s coefficient of performance COPs against TCO for a constant
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Figure 8. System’s coefficient of performance COPs against TEV for a constant
TCO of 30ºC and TGE of 60ºC for refrigerants R410a, R507 and R245fa.

As observed from Figs. 6-8, the upper COPs is achieved at higher TGE and TEV with lower TCO. For
an ECS, the highest COPs are obtained with a system employing R410a, the intermediate values
for that with R507 and the lower for the one with R243fa.

CONCLUSIONS
The theoretical behaviour of an ECS was obtained with a validated ejector one-dimensional
mathematical model with secondary fluid choking. The considered environmentally friendly HFC
refrigerants were R410a, R507 and R245fa for which the generator, condenser and evaporator
temperatures were varied for a system’s unitary cooling capacity.
In regard to the ejector, the best performance is obtained when refrigerants R410a and R507 are
used, since with them maximum U and least φ values are reached, resulting in the lowest primary
fluid mass flow rates and smaller sizes, respectively. The behaviour for ejectors employing R245fa
includes lower U and higher φ values.
For the ECS, upper COPs values are achieved at higher TGE and TEV with lower TCO. An ECS
operating with HFC blends has the highest COPs using R410a, with COPs values around 0.53 for
TGE, TCO and TEV of 70ºC, 30ºC and 10ºC, respectively. Slightly below comes a system using R507
and the smallest ones when operating with R245fa. Therefore, the systems operating with R410a
and R507 are good options when maximum generation temperatures of 70ºC can be reached. Also,
an ECS working with R410a and R507 will experience the higher pressures and will have the more
robust construction.
From the above mentioned data, it is important to consider the system and ejector operation
parameters to have a complete sight of the system performance. So, the best system is that using
R410a because it has the highest COPs, meaning the most efficient system; and its ejector has the
higher U -connotation of a low primary mass flow rate- with lowest φ -denotation of the smallest
ejector-. Therefore, the use of R410a in an ECS gives the best performance for TGE ranging from
50ºC to 70ºC, which are appropriate temperatures for thermal cooling systems. As to each
combination of the generation, condensation and evaporator temperatures corresponds only one
ejector geometry; the obtained data represent possible design points of the efficient operation of an
ECS.
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Abstract
Adsorptive heat transformers (AHT) are energy saving units that can be driven by low temperature heat that
is now unproductively wasted. We present here recent advances in understanding and optimizing the AHT
dynamics. Dynamic experiments have been performed in small "adsorbent – heat exchanger" (Ad-HEx) units
which closely imitate the conditions of isobaric stages of AHT (the so-called Large Temperature Jump
Method). All results concern configuration of Ad-HEx unit with n layers of loose adsorbent grains (n = 1, 2
and 4). Numerical model of heat and mass transfer during isobaric AHT stages has been used for studying the
effect of sorption isobar shape on AHT dynamics.
This experimental and numerical study has revealed that the AHT dynamics can be significantly improved by
a proper management of Ad-HEx design, AHT cycle dynamics, and adsorbent properties.
Introduction
Heat driven adsorption machines have recently been developed, and many of them have now passed over
from the prototype stage to small serial production. Despite the progress achieved, still there is a big room for
improving the AHT technology, both the COP and the AHT specific power (SP) due to
 Thermodynamic harmonization of the adsorbent used with a particular AHT cycle (Aristov, 2007), reduction of the thermal coupling between the adsorbent and the heat source and the COP increase.
 Dynamic optimization of an integrated unit "Adsorbent – Heat Exchanger" (Ad-HEx) (Aristov, 2009)
to enhance heat and mass transfer processes and to increase the SP-value.
Here we summarize recent progress in dynamic optimization of AHT and give appropriate recommendations.
Here we focus on the Ad-HEx configuration with loose adsorbent grains contacted with HEx finsDynamic
experiments have been performed by a novel Large Temperature Jump (LTJ) method (Aristov et al, 2008)
which imitates conditions of isobaric stages of AHT. A new TG version of this method is presented in HPC12 by Sapienza et al. For a monolayer configuration, a mathematical model (Okunev et al, 2008) has been
used to study transient and steady-state AHT modes and effect of the adsorption isobar shape on AHT dynamics. Several recommendations followed from the LTJ study were checked with AHT prototypes in ITAECNR (Aristov et al, 2012) and the University of Warwick (Veselovskaya et al, 2010).
Main experimental findings
The mail experimental findings on isobaric ad-/desorption dynamics initiated by a fast temperature drop/jump
of HE fins are as follows (for water, methanol and ammonia as working fluids):
(a) the initial stage of sorption process follows exponential kinetics (Fig. 1) and can be characterized by a
single characteristic time  (Aristov, 2009). The evolution of the tail can be slower than exponential, so
that for any adsorbent and boundary conditions, a ratio of the characteristic times τ0.9/τ0.8 is typically 1.31.7. This prompts to restrict the duration of AHT isobaric stages by time τ0.8 (for n = 1) or even lesser (for
n > 1) (Recommendation 1). This would allow avoiding a dramatic drop of the cycle SCP at longer
times at the expense of a little reduction of the cycle COP (Aristov, 2009);
(b) the cycle boundary conditions just weakly affect the uptake curves (Fig. 1b) (Glaznev et al, 2010);
(c) a concave adsorption isobar is profitable for desorption, while a convex one - for adsorption (Okunev et
al, 2008). The effect of the isobar shape on the water sorption dynamics has been further investigated by
its numerical modeling (see below and Okunev et al, 2012);
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Figure 1 – a: Kinetic curves of methanol desorption from LiCl/silica at various n = 1 (1), 2 (2) and
4 (3); b: The release curves for water desorption at various boundary conditions. Lines – exponential approximation
(d) the isobaric adsorption stage of AHT cycle is usually slower than the isobaric desorption stage by a factor
of 2.2 - 3.5 (Glaznev et al, 2010). The duration of isobaric adsorption phase of AHT should be prolong at
the expense of shortening the isobaric desorption phase (Recommendation 2). The first confirmation of
this idea has just been reported in (Aristov et al, 2012);
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Figure 2 – The specific power Wmax vs. the driving temperature difference: a – the water desorption
from the Fuji silica with the rain size: 0.2-0.25 mm ( ), 0.4-0.5 mm (o), 0.8-0.9 mm (), 1.6-1.8
mm (); b – the methanol adsorption on LiCl/silica, the grain size 0.4-0.5 mm
(e) the instant driving force for isobaric ad-/desorption is the temperature difference between the HEx and
the grains (Fig. 2) (Glaznev et al, 2010; Gordeeva et al; 2011, Veselovskaya et al, 2010). For chemical
reaction systems, the additional driving force has to be applied to initiate the reaction. E.g. for the
LiCl/silica composite this supercooling temperature necessary to drive the gas-solid reaction LiCl + 3H2O
= LiCl·3H2O is Tmax ≈ 8oC (Fig. 2b) (Gordeeva et al, 2011);
(f) for a multi-layer case, the LTJ sorption dynamics is invariant with respect to the ratio <heat transfer surface/adsorbent mass> = S/m (Fig. 3, Aristov et al, 2012). Moreover, NH3 uptake curves measured in our
laboratory LTJ unit and in a prototype of AC built in Warwick University with approximately the same
ratio S/m were almost identical (Veselovskaya et al, 2010). Evidently, the dynamic data obtained by the
LTJM can be used for optimization and scaling-up of Ad-HEx units;
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(g) for small silica grains (d < 0.8 mm) and (S/m) > 1.0-1.5 m2/kg, a "grain size insensitive" or "lumped" regime is observed. Under this mode, the linear dependencies Wmax [W/kg] ≈ (120 W m-2 K-1) Tmax (S/m)
[m2/kg] and Wmax [W/kg] ≈ (280 W m-2 K-1) Tmax (S/m) [m2/kg] (Fig. 3a) give the upper-bound estimates
of the power generated at AHT ad- and desorption stages, respectively. Under this mode, the power is
mainly restricted by the heat transfer resistance in the Ad-HEx. The "grain size sensitive" regime is realized for larger adsorbent grains, for which the specific power reduces with increasing the grain size as W
~ 1/d. Under this mode, the main limitation is deemed to be intraparticle mass transfer.
It is surprising that for relatively small grains the maximal power at desorption stage almost does not depend on the grain size: for one layer of 0.8-0.9 mm grains, two layers of 0.4-0.5 mm grains and four layers of 0.2-0.25 mm grains, the power varies within just 10% (as marked on Fig. 3a) being somewhat larger for smaller grains. For all these configurations (S/m) = const = 2.1 m2/kg.
Therefore, the size of the loose adsorbent grains has to be selected in such a way to realize the "lumped"
mode (Recommendation 3). Thus, it is not necessary to precisely select the adsorbent grain size within
the mentioned range, however, smaller grains seem to be somewhat preferable.
From practical point of view, it is reasonable to restrict the duration of AHT isobaric stages by time 0.8 or
even lesser. At the "lumped" regime, the cycle average power W0.8 is found to be a linear function of the
(S/m)-ratio as well (Fig. 3b): W0.8 [kW/kg] = (0.75  0.15) (S/m) [m2/kg] for the large grains (d  0.8 mm),
and W0.8 [kW/kg] = (0.30  0.05) (S/m) [m2/kg] for the smaller grains (d < 0.8 mm) (Fig. 3b).
As in the "lumped" mode the specific power is proportional to the ratio (S/m), it is convenient to use this ratio
to assess the degree of a dynamic perfection of an Ad-HEx unit: the larger is this ratio the higher power per
unit adsorbent mass can be obtained. We performed such an analysis for four selected AC prototypes of different Ad-HEx configurations (Aristov et al, 2012). This analysis has clearly demonstrated that the cycle
powers in the prototypes are 2.5-7 times lower than those measured in our LTJ tests. The mentioned difference is caused by several imperfections and pitfalls which are, first of all, related to hardware (Ad-HEx,
evaporator/condenser, pumps, etc.) or/and process organization (cycle time, phase durations, heat/mass recovery, residual air, etc.). Therefore, one can expect significant increase in the cooling/heating power due to
improvements in engineering of the Ad-HEx and AHT unit in whole, rather than as a result of optimizing the
adsorbent itself (Aristov et al, 2012).

Numerical modeling: effect of the isobar shape and formation of steady-state sorption mode
Numerical modeling was used to investigate a coupled heat and mass transfer in the Ad-HEx unit with a
monolayer configuration (n = 1). The system of differential equations was numerically solved to obtain the
radial and temporal distributions of temperature T(r, t), concentration C(r, t) and pressure P(r, t) in the vapor
phase and the water concentration q(r, t) in the adsorbed phase (Okunev at al, 2008). We applied this model
to answer the questions "Which isobar shape is optimal for AHT?" (Okunev et al, 2012a) and "How the coupling between the heat and mass transfer are being developed after the initial temperature jump/drop?"
(Okunev et al, 2012b). The analysis was performed for a temperature jump/ drop 60oC  70oC and a set of
model isobars (stepwise, linear and exponential, Fig. 4a). The step positions were chosen at Tst = 60.5, 62, 65,
68 and 69.5oC (Okunev et al, 2012a). Adsorbent grain size 2Rg is fixed at 1.5 mm.
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Figure 4 – a: The model sorption isobars; b: Temporal evolution of the average grain temperature
during ad- and desorption processes. Step at 62oC. Insert demonstrates the evolution of the average
temperature at short process times.
During both ad- and desorption the temperature is practically constant inside the grain Tav and essentially
non-steady state in time (Fig. 4a). For step-like isobars, its temporal evolution is divided into two parts:
a) a fast drop from Tin = 70oC to Tst for adsorption, and fast rise from Tin = 60oC to Tst for desorption that takes
just 3-15 s (see Fig. 4b for Tst = 62oC). It is associated with the grain heating/cooling without appreciable
contribution of the ad-/ desorption process itself (see evolution of the specific heat on Fig. 5a);
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Figure 5 – a: Efficient specific heat of the grain as a function of the average grain temperature (a –
adsorption, b – desorption). Tst = 62oC. TM and SM conditionally denote the transient and quasistationary modes. Numbers indicate the process time.

b) a gradual change of Tav that reaches its final value after 500-2000 s. The second part is much slower that
the first one as the heat is consumed mostly for water desorption rather than for grain heating.
Variation of Tav immediately affects the pressure evolution P(r, t) inside the grain. Contrast to the temperature, the pressure is not-uniform along the grain radius during both ad- and desorption (Fig. 5b) that is due to
slow intragrain vapour transfer. For desorption run 60оС  70оС and Tst = 62oC, the driving force for heat
transfer is maximal at t = 0 (∆Tdr = Tf – Tin = 10oC). This initiates the mentioned fast heating of the grain up to
app. 62oC, that quickly reduces the driving force for the heat transfer down to 8oC. After this transient period,
the heat transfer driving force ∆Tdr = (Tf – Tav) is gradually decreasing as the grain is approaching its final
temperature Tf. When the driving force for heat transfer is maximal (at t = 0), the driving force for mass transfer equals zero. Mentioned jump of the grain temperature to 62oC stimulates desorption of water, first of all,
to the pore voids. As desorption is fast, the diffusional flux of vapor out of the grain is not sufficient to compensate the pressure increase, thus, the gradient of pressure appears inside the grain (Fig. 5b). Thereby, the
temperature gradient generates the pressure gradient which is the driving force for mass transfer that is proportional to the derivative dP(r)/dr near the grain external surface (at r = 1, Fig. 5b). After a short transient
period (app. 10 s), this slope gradually decreases with time (Fig. 5b). Under this steady-state mode, the driving forces for heat and mass transfer are interactively reducing and the instant process rate is proportional to
the current temperature difference Tdr(t) = Tf - Tg(t) (Fig. 6a).
Interestingly that the increase of diffusivity by three orders of magnitude (from 3·10-8 m2/s up to 3·10-5 m2/s)
results in the acceleration of desorption by only ten times as revealed from the initial slope of the uptake
curve (Figs. 6b). Hence, under studied conditions, the overall dynamics is more sensitive to the heat transfer
parameters rather than to the mass transfer properties.
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Figure 6 – a: Desorption rate as a function of the instant driving force for various isobar shapes.
The stationary and transient desorption modes are shown for Tst = 62oC; b: The initial desorption
rate constant as a function of the efficient diffusivity. Dashed line - the relation log(W) = log(D) +
A. The circle indicates D = 3.0·10-6 m2/s that was fixed for all other simulations
In the majority of cases, the calculated dependences of the average water uptake/release on time are satisfactorily described by an exponential function up to the dimensionless conversions of 0.7-0.8 in agreement with
the experimental findings. The characteristic time  is found to be strongly dependent on the isobar shape
(Okunev et al, 2012a). Fastest adsorption processes is observed for the isobar step at 69.5oC ( = 150 s, Table
1). As the process driving force is the current temperature difference Tdr(t) = Tg(t) – 60oC, the adsorption
rate is maximal at Tst = 69.5oC because the adsorption heat is removed at the maximal temperature difference.
Accordingly, the fastest desorption corresponds to Tst = 60.5oC ( = 133 s, Table 1). Thus, the maximum
process rate corresponds to the maximal temperature difference between the final plate temperature Tf which

is maintained all over the sorption process and the temperature at which the ad-/ desorption process starts (≈
Tst). Hence, the most profitable is a step-like sorption isobar. To get a high SP-value, the step should be positioned at temperature as much different from the temperature of the HE fins (heat source/sink) as possible to
maximize the driving force for heat transfer (Recommendation 4).
Table 1. Characteristic time (in seconds) of water adsorption and desorption at various isobar shapes.
Isobar shape
Step at 60.5oC
Step at 62oC
Step at 65oC
Step at 68oC
Step at 69.5oC
Exponent (concave)
Exponent (convex)
Linear

Adsorption
2200
619
269
176
150
474
172
243

Desorption
133
160
258
625
2280
157
469
225

Summary conclusions
Dynamic experiments have been performed in small "adsorbent – heat exchanger" (Ad-HEx) units which
closely imitate the conditions of isobaric stages of AHT (the LTJ Method). All results concern configuration
of Ad-HEx unit with n layers of loose adsorbent grains (n = 1, 2 and 4). Numerical model of heat and mass
transfer during isobaric AHT stages has been used for studying the effect of sorption isobar shape as well as
the heat and mass transfer on AHT dynamics.
This experimental and numerical study has revealed that the AHT dynamics can be significantly improved by
a proper management of Ad-HEx design, AHT cycle dynamics, and adsorbent properties.
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INTRODUCTION
Thermal energy storage drives the change towards the use of renewable energy resources and energy
efficiency. It can be applied for the use of waste heat and solar thermal. Solar thermal systems work at
temperatures between 120°C (space heating and hot tap water) and up to 600°C (CSP plants), where
thermal energy storage is a key component (Gil 2010). In comparison to most commonly used water or
molten salt storage, thermochemical storage materials provide ten times or higher storage capacities per
mass or volume and the ability to store heat for longer times without the need of insulation (Fisch 2005).
Recently published results state MgCl2 · 6 H2O and CaCl2 · 6 H2O to be useful for space heating and hot
tap water (van Essen 2009) and Ca(OH)2 for higher temperature levels (Schaube 2009). We reported
earlier about our studies in MgCl2 · 6 H2O as pure and composite materials (Opel 2011). In this paper we
discuss detailed TGA/DSC investigations of hydration and dehydration reaction of salt hydrates and
hydroxides. The main issues addressed in this paper are the kinetics and the reaction enthalpy of water
release and uptake as well as the released power in dependence on water vapor pressure and temperature.
For the most promising materials we also studied the cyclability.
MATERIALS AND METHODS
MgCl2 · 6 H2O (p.A.) and Ca(OH)2 (p.A.) were obtained from Merck and CaCl2 · 6 H2O (reinst Ph. Eur.)
was purchased from Lohmann Laborservice. All materials were used as received.
TGA/DSC measurements were performed with around 10 mg of material. We used a TGA/DSC1
(Mettler) to analyze heat fluxes and changes in sample mass during hydration and dehydration
experiments. The Mettler TGA/DSC1 provides the opportunity to introduce two different reaction gases
into the TGA/DSC oven in addition to the purge gas (figure 1).

Figure 1: Experimental setup
CaCl2 and silica gel-dried nitrogen has been used as purge gas at a flow rate of 50 mL/min. The gas flow
was controlled by a gas box providing two independent mass flow controllers connected to the TGA/DSC

control. In addition to the purge gas flow, we used a separate nitrogen flow humidified via a
thermostatised gas bubbler flask as the reaction gas.
The humidity of the mixture gas was measured at the oven outlet and used for calculation of the water
vapour partial pressure inside the TGA/DSC oven. This setup allowed an investigation of hydration
characteristics in addition to the dehydration of the thermochemical storage materials. Investigations on
the cycling stability of the thermochemical storage materials were done by multiple measurements of the
integrated hydration heat fluxes of one sample during consecutive dehydration/hydration cycles. The
temperature program used for dehydration of the samples prior to the hydration was set to ramp up with 5
°C/min, and then to cool down with -5°C/min. The hydration process was conducted at 30 °C or 35 °C
and switched on after a settling time of 5 min to start the hydration of the sample. The moist nitrogen gas
flow was varying from 25 – 150 ml, corresponding to a water vapour pressure in the oven ranging from
12-22 hPa during hydration. Integration of the hydration heat fluxes over time was done manually using
the Mettler Toledo STARe Software 9.30b and 11.00a.
RESULTS AND DISCUSSION
Dehydration and hydration
The dehydration of Ca(OH)2, CaCl2 · 6 H2O and MgCl2 · 6 H2O has been studied with a heating rate of 1
K/min (Fig. 2) and a heating rate of 4 or 5 K/min (Figure 3) under nitrogen atmosphere. The dehydration
of CaCl2 · 6 H2O to CaCl2 and MgCl2 · 6 H2O to MgCl2 · 2 H2O starts already at room temperature and
proceeds in 3 and 2 reaction steps, respectively. The respective decomposition steps are:
CaCl2 · 6 H2O(s) → CaCl2 · 4 H2O(s) + 2 H2O(g) → CaCl2 · 2 H2O(s) + 4 H2O(g) → CaCl2(s) + 6 H2O(g)
MgCl2 · 6 H2O(s) → MgCl2 · 4 H2O(s) + 2 H2O(g) → MgCl2 2 H2O(s) + 4 H2O(g)
Ca(OH)2,(s) → CaO(s) + H2O(g)

Figure 2: Dehydration TGA - measurements of Ca(OH)2 (red), CaCl2 · 6 H2O (green) and MgCl2 · 6 H2O
(black). Heating rate 1 K/min.

Figure 3: Dehydration DSC - measurements of Ca(OH)2 (blue) and CaCl2 • 6 H2O (red) with subtracted
blank measurement and MgCl2 • 4 H2O (black) without subtracted blank measurement. Heating rate:
Ca(OH)2 and MgCl2 • 4 H2O: 5 K/min and CaCl2 • 6 H2O: 4 K/min.
For each reaction step, acceleration with increasing temperature is observed in the respective initial
phases, followed by a decline with advancing conversion. The overall dehydrations are completed after
about 2 hours at temperatures below 140°C, respectively, which is consistent with similar investigations
in our laboratory (Gérard 2011, Ross 2011) and of Zondag et al., 2010 for MgCl2· 6 H2O and somewhat
lower than reported by other groups (Behrendt 2011, Heide 1975, Iyimen-Schwarz 1983, Sugimoto 2007).
We applied a heating rate of 1 K/min, which is significantly lower than heating rates that have been
applied by other groups. Furthermore, we used a flow of dried nitrogen instead of humidified gas. This
can at least partially explain the lower dehydration temperatures in this work. The dehydration of
Ca(OH)2 to CaO, however, starts at a temperature around 300°C and is completed at around 420°C under
the applied conditions, which is again lower than reported by others (Schaube 2011). The obtained overall
reaction enthalpies are 1241 J/g for Ca(OH)2, 1123 J/g for CaCl2 · 4 H2O, and 1021 J/g for MgCl2• 6 H2O
(Fig. 3). (The Measurement of the Dehydration of MgCl2 • 6 H2O was done without former blank
measurement). On the one hand the third unevaluated integral shows the dehydration of MgCl2 • 2 H2O(s)
to MgCl2 • H2O(s) on the other hand the decomposition to MgClOH • H2O(s). With the experimental
heating rate of 5 K/min both reactions were not separated.
MgCl2 2 H2O(s) → MgCl2 • H2O(s) + H2O(g)
MgCl2 2 H2O(s) → MgClOH • H2O(s)+ HCl(g)
The rehydration of the obtained CaO, CaCl2 and MgCl2·2H2O is shown in Figure 4. Each material shows
an induction period. After this period, the reaction rates of the rehydration of MgCl 2·2H2O and CaCl2 are
roughly constant over a broad range of conversion, followed by a distinct decline. The rehydration of
CaO shows a clear decline of the reaction rate with progressing conversion. Under the applied conditions
(30°C, p(H2O) = 20 hPa), the dehydration of CaO was already completed within 65 min. CaCl2 was
completely hydrated after 75 min The respective specific reaction enthalpies are 1834 J/g CaO], 2734 J/g
CaCl2 and 1540 J/g MgCl2·2H2O. Neither the TGA signals of each material nor the DSC signals show
any distinction of the reaction steps, which have been identified in the hydration curves.

Figure 4: TGA / DSC measurement of the rehydration of CaO (black), CaCl2 (red) and MgCl2*2H2O (blue). Enthalpies
are normalized to dehydrated substances.

Cycle measurements
During the hydration and dehydration, the enthalpies of CaO / Ca(OH)2 and CaCl2 / CaCl2 · 6 H2O were
measured over several cycles (Figure ). CaO / Ca(OH)2 showed in 24 cycles an increase in heat storage
capacity with an increasing number of cycles, whilst CaCl2 / CaCl2 · 6 H2O exhibits a decrease in 21
cycles, just like MgCl2 · 6 H2O. The dehydration enthalpy of CaO / Ca(OH)2 attained with the 17th cycle a
value of 1371 J/g was comparable with data available in literature of 1406 J/g (Ogura 1991).
CaCl2 / CaCl2 · 6 H2O shows no correlation with literature This opposite behavior can be explained with
following properties of these two materials: We noticed a decongestion of CaO / Ca(OH)2 when cycling,
together with an increasing volume, leading to a more porous structure. On the contrary, CaCl2 · 6 H2O
forms a gel-like material due to melting at 29.7°C which reduces the ability of the material to take up
water again (Carlsson, 1980; van Essen, 2009). We could avoid this problem with a CaCl2 / CaCl2 · 4 5 H2O - Cycle with incomplete hydration to get a good cycle stability over 66 cycle in reaction activity.
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Figure 5: Hydration during subsequent hydration / dehydration cycles relative to the first
hydration enthalpy.

Peak power
The peak power has been determined in dependence on the applied water vapour pressure (Figure 6). A
linear relationship can be anticipated for lower vapour pressures. For both CaO and MgCl 2·2H2O an
optimum water vapour pressure of ca. 19 hPa has been found. A linear relatonship between peak power
and water vapour pressure can be identified at lower water concentrations. However, at higher water
vapour pressures, the peak power is slightly decreased. The water vapour pressure range below 12 hPa
remains to be investigated.

Figure 6: Dependence of the peak power on the water vapour pressure
The devolution of the peak power in dependence on the humidity indicates that at least two different
effects play a role. At lower concentrations of water vapour, the reaction rate and thus the peak power is
proportional to the water vapour pressure. The rate-limiting step is therefore correlated with the amount
of water molecules available. At higher water vapour concentrations, a saturation is observed in the case
of MgCl2 · 2H2O. For CaO, the peak power even drops slightly at higher concentrations. This can only be
explained by a change of the rate-limiting step, since the reaction rate is directly coupled with the power
of the heat release. However, further investigations are needed to identify the reason for this change
(material-intrinsic or extrinsic effect, such as heat or mass transfer).
CONCLUSION AND OUTLOOK
In summary, the CaO / Ca(OH)2 thermochemical storage system shows good characteristics for high
temperature applications. The CaCl2 / CaCl2 · 4-6 H2O – system is possible capable to act as a
thermochemical storage system for low- to medium temperature heat storage, if the difficulties with gel
formation are solved. For this purpose our attention is turned towards composite materials with
CaCl2 · 6 H2O to influence the gel formation. MgCl2·2H2O / MgCl2·6H2O is also a promising candidate
for low-temperature heat storage. Here, the main difficulty is the side reaction under formation of HCl,
which has to be prevented.
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Abstract
Graphite cellular structures have been prepared and used as supports for direct synthesis of SAPO-34
zeolite. The graphite foams were oxidized before deposition to increase their chemical affinity with the
zeolite. The thermal conductivity of the cellular structures was estimated being about 24 W/m K for
foam porosity of 85%, a number comparable or even higher than thermal conductivity of aluminum
foams. Measures of thermal conductivity of graphite structures after zeolite deposition demonstrated
the limited effect of coatings on heat transfer through the support. Water adsorption measurements
conducted on the coated foams by a McBain test unit confirmed the behavior observed for the pure
SAPO-34, showing that interphase interactions between zeolite and support surface had no negative
influence on the crystal growth process.
Introduction
SAPO zeolites are a relatively new class of nanoporous crystalline materials belonging to the family of
molecular sieves, the first patent dating back to 1984 (Lok et al, 1984). Invented in view of their
possible use in adsorption, gas separation and catalysis, SAPOs were studied mainly for catalytic
processes where some of them demonstrated interesting properties, like SAPO-34 in the conversion of
methanol to light olefins (Wilson and Barger, 1999), However to the best of authors’ knowledge, no
industrial applications are known for such materials at the moment, if one excludes the UOP Advanced
MTO process demonstrated on a semi-commercial scale by TOTAL Petrochemicals in their plant in
Belgium (UOP LLC). More recently, SAPOs have been proposed as new materials for adsorption heat
pumps because of their adsorption characteristics, which make such zeolites particularly appropriate in
combination with adsorption cycles driven by low temperature sources (Henninger et al., 2010).
Together with the research of performing adsorbents, several efforts have been done to find more
efficient adsorber configurations to improve the thermal contact between zeolite and heat exchanger
surfaces. From this point of view, the most promising technology seems to be the deposition of the
adsorbent material like a coating on the surface of the heat exchanger, which can be done by direct
synthesis or by using a binder (Bauer J. et. al, 2009, Bonaccorsi et. al, 2006, Dawoud et. al, 2007).
However, the application of zeolite coatings requires high surface area heat exchangers keeping the
mass ratio metal / zeolite as low as possible in order to have high Coefficient Of Performance (COP)
and high mass specific power. Although improvements of the heat exchanger design and optimization
of coating technologies in terms of thickness control and thermo-mechanical stability are mandatory,
new engineering materials should be considered for further increase the efficiency of adsorption heat
pumps, for example graphite and graphitic materials which combine low density, low heat capacity and
high thermal conductivity. The direct synthesis of SAPO-34 on different types of carbon supports was
already investigated by the authors in a previous work (Bonaccorsi et al. 2011) and in this paper the study
was extended to cellular structures. Graphite open-cell foams with different porosity were prepared and
used as supports to grow SAPO-34 coatings and their properties evaluated in terms of water adsorption
capability and thermal conductivity. Both properties were directly measured on coated graphite foam
samples, which required using a MacBain test unit for adsorption and to arrange a specific set-up for
thermal conductivity.
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Experimental
Samples of graphite foam with different porosities were prepared by removable-template technique: a
mixture of granular sodium chlorite and granular phenolic resin was pressed (P = 15 kN) in a
cylindrical mold (diam. = 25 mm, h = 20 mm) and heated at 180 °C for 15 min to obtain the precursor.
The precursor was immersed in distillated water (T = 45 °C) for 24 h to remove granules of sodium
chlorite, then the residual open-cell structure was pyrolysed at 2400 °C in a furnace in order to
graphitize the phenolic structure. Before deposition the graphite supports were oxidized in air at 350°C
for 12 h. SAPO-34 growth was obtained by hydrothermal synthesis according to the following
procedure: a reacting mixture was prepared by mixing aluminium isopropoxide (98% Al(OC3H7)3
Aldrich), orthophosphoric acid, the organic compound tetraethilammonium-hydroxide (40% TEAOH
Fluka) and an aqueous solution of colloidal silica (40% SiO2 Aldrich) for the final gel formulation:
0.6SiO2:1Al2O3:1P2O5:70H2O:0.5TEAOH. The deposition was carried out by immersing the graphite
foam sample directly in the reacting solution which was heated at 200 °C for 72 hours in a PTFE-lined
autoclave (under autogenous pressure). At the end of the synthesis time, the sample was removed from
the autoclave, accurately rinsed and dried at 80 °C overnight. The coated samples were, then, calcinated
at 500 °C for 12 h in air to remove the template from the zeolite porosity.
The supports were characterized by XRD analysis to evaluate the degree of graphitization of precursors
after the thermal treatment, while their thermal conductivity was estimated by a purpose-made test unit.
The system (Fig. 1) is based on the “guarded hot plate” method: an aluminum plate (50x50x20 mm)
maintained at a fixed temperature (T1=57 °C) is pressed over one surface of the sample. On the
opposite surface the sample is blocked by another aluminum plate, cooled, which temperature T2 is
continuously monitored. The unit is isolated before experiments. A calibration curve was derived by
testing a set of samples of known thermal conductivity: Al-6061 (174 W/m K), Mg-AZ31 (97 W/m K),
AISI-304 (17 W/m K), PMMA (0.25 W/m K).
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Figure 1 – Diagram of the test unit of thermal conductivity.
To evaluate the water adsorption behaviour of coated samples a thermogravimetric McBain adsorption
apparatus was used. The McBain unit (Fig. 2) consists in a sample holder hung to a micro-load cell
(range: 0 ÷ 1 g ± 0.0002) inside a quartz tube that is connected to a vacuum pump and a thermostated
evaporator by a 2-way valve. The sample temperature is controlled by a thermocouple placed in the
sample holder and it can be varied by an external ring heater separately controlled. A typical
measurement of water uptake was carried out putting a sample of coated foam (for a total weight of ≈
700 mg) in the sample holder for a preliminary activation at T = 150 °C in vacuum (P = 0.01 mbar) for
12 hours. The sample was, then, cooled down (in vacuum) to a fixed temperature Tf and the quartz tube
connected to the evaporator at P = 10 mbar (P = 25 mbar) of vapor pressure (absolute). The sample
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holder weight was let stabilize (not less than four hours) then the weight value recorded to measure the
adsorbed water (water uptake). The measurement was repeated for six different Tf values, i.e. 30 °C, 40
°C, 50 °C, 60 °C, 80 °C and 150 °C. The water uptake is expressed as percentage weight increase of
the total mass of deposited zeolite, which was calculated from the mass increment of each sample after
coating.

VP

PG
EV
TC

LC

Figure 2 – McBain unit for water adsorption measurements on coated foams. EV=evaporator,
VP=vacuum pump, PG=pressure gauge, TC=thermocouple, LC=load cell.
Results
Varying the sodium chlorite content in the precursor, the graphite foam porosity changed from 65% to
85%, as reported in Table I. Foam porosity was calculated by the following expression:
p = 1 - rel
where rel = (relative density) = foam / precursor and precursor = (resin · wtresin% + NaCl · wtNaCl%).
Porosity of cellular structures was made of interconnected pores of irregular shape replicating sodium
chlorite granules, with variable size distribution ranging from tens of microns to few millimeters (Fig.
3). Thermal conductivity values for the different foams are shown in Tab I. The average error of
thermal conductivity measurements was 10%, therefore the difference of thermal conductivity between
graphite foams with p =75% and p=85% is not quite relevant, while for the foam with the lowest
porosity thermal conductivity was higher and its difference is statistically significant. A comparison
was made with samples of aluminum open-cell foam (Al6101, p = 90%, density = 0.25 g/cm3), which
thermal conductivity measured by the test unit was 14 W/m K, a value very close to that expected for
this kind of material (Ashby et al, 2000).
Tab. I. Main characteristics of graphite foams
Graphite foam
porosity (p)

Specific area
(m2/g)

Density
(g/cm3)

65%
75%
85%

3
7
12

0.61
0.48
0.30

Thermal
conductivity
(W/m K)
34 ±10%
27 ±10%
24 ±10%

The oxidation promoted the formation of several oxygen groups on the surface with acid properties
(carboxylic, carbonyl and phenol groups) making more likely the nucleation on the graphite surfaces.
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Figure 3 – Porosity of a graphite foam (p=75%) at different magnifications (3-c is a SEM image).
SEM images of samples of coated graphite are shown in Fig. 4. The foam surface appeared completely
covered by several layers of zeolite crystals forming a coating of thickness of few tens of microns (Fig.
4-a and b). A similar growth was observed inside the pores, being their surface well-covered (Fig. 4-c
and d) by layers of SAPO-34. The coating morphology showed the typical aggregates of intergrown
crystals formed because of the intense superficial nucleation (Bonaccorsi et al., 2004). However, the
zeolite grown inside the pores showed a globular shape (Fig. 5-a), different than the typical “cubic-like
rhombohedral morphology” of SAPO-34 (Robson, 2001), which was reported by some authors in
particular synthesis conditions (Lin S. et al., 2010). To verify the zeolite purity, the coated foams were
grinded and the powder analysed by X-Ray diffractometry. Impurities were never observed indeed the
formation of SAPO-34 was always confirmed (Fig. 5-b).
The quantity of zeolite deposited was related to the porosity of graphite foams because directly
correlated to the support surface area. The highest weight increase was observed for supports with p =
85% and reached 20 wt% (on dry basis) with one in-situ synthesis treatment (Tab. II).
a

b

c

d

Figure 4 – SEM images of coated graphite foams showing the surface (a, b) and inside the pores (c, d).
To complete the characterization of the coated foams, measures of water uptake were carried out by the
McBain apparatus directly on the supports. The lower measurement precision of this test compared to
other thermogravimetric techniques is compensated by the opportunity of testing the composites in their
real configuration.
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a
b
graphite

Figure 5 – Morphology of SAPO-34 crystals formed inside the pores (a). X-ray pattern of the zeolite
deposit (b).
Adsorption characteristics of a zeolite, indeed, cannot be derived only from X-Ray data, but must be
confirmed by adsorption tests. Water uptake values of a coted graphite foam (p = 85%) measured at P =
10 mbar and P = 25 mbar and six temperatures are shown in Fig. 6. In the same graph are shown for
comparison the isobar curves of the SAPO-34 powder measured by a Chan microbalance (at P = 10 and
25 mbar). The zeolite was synthesized in the same conditions used for the deposition experiments.
Although the number of equilibrium points for each fixed pressure measured by McBain is not enough to
plot a complete curve as can be done by using the Chan microbalance, the trend of the water uptake
values for the coated foams is, anyway, comparable to that of the pure zeolite. The typical S-shape trend
of SAPO-34 with the sharp change of water uptake in a narrow range of temperatures (between 30 °C
and 80 °C) is demonstrated in both cases (Fig. 6). The coated supports showed to be completely
regenerated at 150 °C, however from data in Fig. 6 it could be inferred that already at 100 °C desorption
was almost complete. After all, the comparison between adsorption isobars of coating and powder in Fig.
6 demonstrates that the coatings grown on graphite cellular supports, despite the particular morphology
caused by the deposition process, maintained the principal adsorption characteristics of the original
zeolite. Finally, thermal conductivity measurements were repeated on coated samples to verify the impact
of the zeolite formed on the foam surfaces. No significant differences (in the range of our experimental
error) were observed between thermal conductivities (p = 85%) before and after coating. As expected, the
majority of the heat transfer is carried by the cell struts of the graphite foam and their conductivity is not
significantly influenced by the external zeolite layers, being the thermal conductivity of graphite much
higher than that of zeolite crystals.
Tab. II. Results of in-situ synthesis on graphite foams
Graphite foam
porosity (p)
65%
75%
85%

Weight increase
(wt%)
15.2
17.5
19.7

Phase deposited
SAPO-34
SAPO-34
SAPO-34

Conclusions
Graphite and graphitic materials are possible candidates for more efficient adsorbers for adsorption
pumps driven by low temperatures. The chemical affinity between carbon supports and SAPO zeolites,
which was proved in a previous paper, was confirmed in this work growing by direct synthesis SAPO34 coatings on graphite foams. The cellular graphite prepared in our laboratory showed a thermal
conductivity slightly better than what measured on aluminum foams, ≈ 24 W/m K for porosity of 85%,
and this value did no change after SAPO-34 deposition. Considering the difference in density and heat
capacity between aluminum and graphite, the cellular graphite should guarantee a significant
improvement in thermal diffusivity that means more efficiency in transient heat flow regimes.
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Figure 6 – Comparison between adsorption isobars of SAPO-34(by Chan microbalance) and
adsorption values of SAPO-34 coated graphite foams (by McBain).
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Abstract
To study the adsorption kinetics of the granular activated carbon (GAC)/R134a pair a test rig is designed and
built. The experimental results were introduced in a comparison with the predicted results of three theoretical
models (linear driving force LDF, Fickian FD and modified linear driving force MLDF). The results for the
experimental runs and the models were introduced at four different temperatures (25°C, 35°C, 45°C and
65°C). The results showed that all models achieved a good approach with the experimental results and The
Fickian model shows best fitting of the experimental data. The MLDF model drew better fitting with the
experimental results than the LDF model. The MLDF was not accurate to simulate the adsorption uptake
from the first 100 to 500 seconds. The MLDF model needs more modifications.
Introduction
Energy problem has already been focused on since the global energy crisis broke out in the 1970s. Improving
the utilization ratio of the primary energy has been one exigent task of the researchers in the world. However,
in the process of the primary energy utilization, plenty of waste heat is discharged into the environment. The
thermal machines make much heat to be released to the heat sink as the low grade waste heat. Such waste
heat usually accounts for 50-70% of fuel consumption in the thermal power plant and for 50-60% in the
internal combustion engine. The used waste heat will be more than 15% of the gross calorific value of the
fuel. The emission of the waste heat causes not only low utilization ratio of the primary energy but also the
thermal pollution. The adsorption refrigeration machine can be driven by low grade heat source. The waste
heat can be effectively utilized. Therefore, the adsorption refrigeration is one kind of energy saving
refrigeration methods. The merits of the adsorption refrigeration will be more significant especially when it is
used in vehicles such as automobiles, ships and locomotives (Wang, 2010).
In recent years, the importance of adsorption heat pumps and adsorption refrigeration systems has increased.
These kinds of systems can directly utilize the thermal energy sources and additionally the waste heat
generated in various industrial processes (Meunier, 2001). In the last two decades, much theoretical and
experimental studies about the adsorption refrigeration technology has been proposed and developed. Novel
cycles, new working pairs, new system design and innovative research methods are proposed (Chang et al.,
2007; Lemmini et al., 2007; Alghoul et al., 2007 and Srivastava et al., 1998). The kinetics of the adsorption
of high pressure gases on activated carbon are widely introduces on time scales. Barbosa et al., 1997, studied
the dynamics of natural gas adsorption storage systems employing activated carbon. The amount of the
pressurized storage gas was introduced on the scale of time. Bastos-Neto et al. 2011, studied dynamic bed
measurements of CO adsorption on microporous adsorbents at high pressures for hydrogen puri
ﬁcation
processes. The adsorption isotherms of the CO in activated carbon were introduced using a mathematical on
the time. Habib et al. 2010, studied the adsorption kinetics of activated carbon/R507A pairs. The adsorption
kinetics of R507 in the activated carbon was introduced on the time scale.
The adsorption characteristics of activated carbon and R134a had been widely studied theoretically and
experimentally by many researchers (Saha et al., 2009 and Askalany, 2012).
In a previous research, Askalany et al., 2012, introduced experimentally the adsorption and desorption
characteristics of the granular activated carbon/R134a pair. In order to build an adsorption cooling system
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using this pair, there is a need to investigate its adsorption kinetics which will be introduced here. This
research studies the kinetics of the pair experimentally and theoretically.
Experimental test rig
A test rig is designed and built as shown in figure 1 to run the experiments. The test rig consists of a water
tank containing an adsorption bed, heater and a refrigerant bottle. The bed is a cylinder made of carbon steel
contains 500 gm of GAC. Properties of GAC based on bituminous coal are tabulated in table 1. A refrigerant
grader glass bottle has a capacity of 1.5 ± 0.001 liters. A 2 kW electric heater is used to heat the water inside
the water tank. Type J thermocouples were established inside the bed and the water tank to measure
temperatures. The adsorption cylinder and the bottle are connected to a pressure gauge to measure the
pressure. The connection between the bed and the bottle is a non-return valve fixed at the bed side and
connected directly to a needle valve on the other side. When the bed is separated from the system to be
weighted, the needle valve is closed and it is opened again after rejoining the bed. The non-return valve
prevents outside air to enter the bed during weighing process. This mechanism was designed to be easy
disassembly and reassembly the bed to avoid the effect of leakage on the system. The test rig was in a
conditioned room at 25°C during the runs.
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7
1: Water tank; 2: Adsorption bed; 3: Heater; 4: Refrigerant glass bottle; 5: Valve; 6: Granular activated carbon; 7:
Thermocouple; 8: pressure gauge.

Figure 1.a- Schematic diagram of the experimental test rig.
Table 1.- Characteristics of GAC/R134a
Surface area (m² g-1)
900
Total pore volume (Cm3 g-1) 0.88
Apparent density (kg m-3)
510
Iodine number (mg g-1)
850
Mean Particle diameter (mm) 2
Procedure
First of all the bed was evacuated using a vacuum pump until the pressure reached to 0.01 kPa. The adsorbent
bed was then heated gradually up to 100°C for 4 hours. The heating process was performed along with the
vacuum process. This process was done to ensure that there are no residual gases in the carbon. The bed was
weighed before and after this vacuum process. The pressure at the end of this process was recorded to be 25
Pascal.
All over the adsorption runs the temperature of the bottle was kept at about 25°C as the system is in the
conditioned room. The adsorption process starts by opening the needle valve between the bed and the bottle.
While, the refrigerant was entering the bed, the pressure of the bed was rising. The pressure does not allowed
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exceeding the saturation pressure at such a temperature (25°C) to avoid condensation. The valve between the
bottle and the bed was closed every 60 seconds and the bed was disassembled and weighed. The needle valve
is then opened and the refrigerant collected again in the bottle. Finally the bed is evacuated to pressure as low
as 0.01 kPa and be ready to start a new test run. This process was repeated four times at different four
temperatures 25°C, 35°C, 45°C and 65°C.
Instrumentation
The experimental setup comprises (i) thermocouples type J with an uncertainty of ±0.7°C , (ii) gauge pressure
with an uncertainty of 0.15% of full scale and pressure ranging from 0 to 2 MPa, (iii) balance with an
uncertainty of ±0.03% of full scale and maximum capacity of 15 kg, (iv) adsorption bed with a volume of
1.121 ±0.001 liters.
Theoretical models
The experimental results will be introduced beside the theoretical models to investigate the merit of the
different models in simulate the adsorption of the GAC/R134a pair. Many different models will be
investigated as shown below. Ruthven, 1984, reported that during the initial phase of adsorption, surface
diffusion coefficient follows the uptake behavior of a semi-infinite medium of any particle shape and can be
expressed as,
W
A Ds t
(1)
=2
W
V
π
Where; W is the Instantaneous adsorption uptake in kgR134a kgcarbon-1 , W◦ is the Maximum adsorption uptake,
kgR134a kgcarbon-1, A is the area of adsorbent particle in m2,V is the volume of adsorbent particle in m3, Ds is the
Surface diffusion in m2 s-1 and t is the time in seconds. Where, the maximum adsorption uptake was estimated
experimentally (Askalany et al. 2012). The GAC samples have been assumed to be spherical shape.

Ds = Ds  exp(

− Ea
)
RT

(2)

Where; Ds◦ is the pre-exponential coefficient, Ea is the activation energy in J mol-1, R is the universal gas
constant which equals 8.314 J mol-1 K-1 and T is the temperature in K.
This could be put in form of:

ln Ds = ln Ds  −

Ea
RT

(3)

From the relation, the values of Dsₒ and Ea were determined to be 3.6*10-9 and 7954 J mole-1 respectively
(Askalany et al. 2012).
Linear Driving Force model (LDF)
The Linear Driving Force (LDF) model for gas adsorption kinetics is frequently and successfully used for
analysis of adsorption column dynamic data and for adsorptive process designs because it is simple, analytic,
and physically consistent. The rate of adsorption in the LDF model for the spherical shape estimates using
equation 4 (Ruthven, 1984).

∂w 1 ∂  2 ∂w 
=

 r Ds
∂r 
∂t r 2 ∂r 

(4)

Where; r is the radius of the particle in m. This could be rewritten in form of equation 5.

∂w 15 Ds
(W° − w)
=
∂t
R p2

(5)
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Where; Rp is the adsorbent particle radius in m. The instantaneous uptake for the LDF model could be
estimated using equation 6 after the integration of equation 5.

w − win
= (1 − exp(− k s av t ))
W° − win

(6)

Where, ksav is the overall mass transfer coefficient and equals (FₒDs/Rp2 ), where F◦ equal 15.
Fickian diffusion model (FD)
The exact value of adsorption uptake can be estimated using Fickian model (Habib et al. 2011). Considering a
constant diffusivity and applying the appropriate initial and boundary conditions, Equation 4 can be written in
form of equation 7 (Crank, 1975 and Habib et al., 2010).

w − win
6
=1− 2
W° − win
π

∑ n 2 exp(− n 2π 2 k s avt )
∞

1

(7)

n =1

Where n is an integer value and varies from 1 to infinity.
Modified linear driving force model (MLDF)
El-Sharkawy, 2011, introduced a modification for the classical linear driving force. Two correction factors
were implemented, namely temperature dependent correction factor (T/Tc)n and the dimensionless time
correction factor that is deﬁned as (Dst/Rp2)m from which the adsorption uptake can be estimated using the
following equation.
n

 T  m 
w − win

= 1 − exp − F°   θ


W° − win
 Tc 



(8)

Where n and m are constants and θ equals (Dst/Rp2)
Results and discussion
The experimental work is done to clarify the adsorption kinetics of the GAC/R134a pair and it introduces in a
comparison with the predicted results of three theoretical kinetics models. The used models are LDF, FD, and
MLDF model.
Figures 2, 3, 4 and 5 show the results of the adsorption kinetics of the granular activated carbon/R134a pair at
different temperatures. The figures show the relation between the adsorption uptake per kg of the adsorbent
and the time in seconds. The figures show the results for the experimental runs and the predicted results of
different theoretical models for the same pair. Figure 3 shows the results at 25°C; figure 4 shows the results at
35°C, and figure 5 shows the results at 45°C and, figure 6 shows the results at 65°C. As expected, the
adsorption rate are higher at lower adsorption temperatures.
It is clear from the figures that all models achieved a good approach with the experimental results but, the
Fickian model presents the best figure according to the experimental work. On the other hand the linear
driving force model appears to be the far model from the experimental results. The difference between the
three models is recorded mainly before 500 seconds where, after that they seem to be very close to the
experimental results. According to results of the modified linear driving force model it is found that m is
equal 0.8 and n is equal to 0.9 which achieve the best fitting. The MLDF model draws better fitting with the
experimental results than the LDF model. The figures show that the MLDF is not accurate to simulate the
adsorption uptake from the first 100 to 500 seconds. The MLDF model needs future modifications to achieve
the Fickian's results.
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Figure 3-Adsorption uptake at 35°C.
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Figure 4-Adsorption uptake at 45°C.

Figure 5-Adsorption uptake at 65°C.

Conclusions
To study the adsorption kinetics of the GAC/R134a pair a test rig is designed and built. An experimental
work is performed to clarify the adsorption kinetics of the GAC/R134a pair and it introduces in a comparison
with the predicted results of three theoretical models. The used models are LDF, FD, and MLDF model. The
research introduced the results for the experimental runs and the predicted results of different theoretical
models for the pair at four different temperatures (25°C, 35°C, 45°C and 65°C).
• The results showed that all models achieved a good approach with the experimental results.
• The Fickian model presented the best simulation to the experimental results.
• The linear driving force model appeared to be the far model from the experimental results.
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•
•
•

The difference between the three models was recorded mainly before 500 seconds. However, after
that they seemed to be very close to the experimental results.
The MLDF model drew better fitting with the experimental results than the LDF model.
The MLDF was not accurate to simulate the adsorption uptake from the first 100 to 500 seconds.
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Abstract
Single effect LiBr-H2O Vapour Absorption Refrigeration (VAR) systems operate without using
electromechanical energy and instead, they are powered using low grade heat energy. The improved
performance of these systems has always relatively depended on the continued use and improvement
of conventional ancillary solution heat exchangers (SHXs). The inclusion of SHXs in VAR systems
not only increase the risk of crystallization but also the pressure drop in the solution lines and
therefore necessitating high energy intensive electromechanical pumps for circulating the working
fluids. Therefore, development of a novel VAR system incorporating a novel high efficiency
regenerative heat exchanger with low maintenance costs and reduced risks of crystallisation is the
subject of this paper. Specifically, this paper describes the modelling, design, manufacture and testing
of a packed bed regenerative solution heat exchanger (R-SHX) for improved effectiveness of a novel
VAR system.
Keywords: Lithium Bromide; Absorption; Refrigeration; Packed Bed; Solution Heat Exchanger;
Regenerator; VAR
Nomenclature
As

surface area of a sphere

(m2)

C1

coefficient that depends on Eigen value

-

Cp

specific heat

(J/kg.K)

ds

diameter of a particle/sphere

(m)

h

convective heat transfer coefficient

(W/m2 K)

tcooling

time taken for a sphere to cool from Ti to TSoln (0, t)

(s)

N

number of spheres

-

Qt

total energy transfer capacity of the packed bed

J

Ti

initial temperature of the metal sphere

(ºC)

Tsolution(0, t)

temperature of refrigerant after time t(s)

(ºC)

T∞

temperature of refrigerant at the entry of regenerator

(ºC)

U

fluid velocity based on empty column cross-section

(m/s)

Vs

volume of a sphere

(m3)

x

mass fraction of lithium bromide solution

(%)

α

thermal diffusivity of a material

(m2/s)

ε

average void fraction

-

ζ1

Eigen values

-

µ

dynamic viscosity

(Ns.m-2)

ρ

density of a sphere

(kg/m3)
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1. Introduction
The rising demand for use of vapour compression systems represents a growing fraction of overall
energy consumption due to refrigeration and air conditioning systems. Such systems contribute
significantly to emissions with both direct and indirect environmental impacts. Therefore, the use of
alternative systems such as diffusion and vapour absorption refrigeration (DAR and VAR) that use
sources of energy other than fossil fuels has the potential to reduce carbon emissions. Particularly, the
use of DAR and VAR systems that operate without using electromechanical pumps and instead with
thermally activated pumping mechanisms for circulation of working fluids. These systems convert
thermal energy into mechanical work (in lifting the working fluids) and like all other engines; the
process is subject to irreversibilities. An inventory of VAR and DAR systems with thermo-gravity
pumps that have been previously considered was established [Paurine et al., 2012]. The systems were
investigated and reported to have low coefficient of performances (COPs) due to high operating
temperatures. The researchers of these systems carried out the investigations with the intention of
improving systems’ COPs based on the two original DAR systems by Platen & Munters and Einstein
& Szilard with the variation of one or a combination of parameters as illustrated by Paurine et al.,
[2012]. For these VAR and DAR systems to provide practical cooling outputs, they must be powered
by high-grade thermal energy at temperatures significantly higher than those of the heat sinks so as to
reduce the physical sizes of the pumping mechanism. This results in significant cost for the system
which limits application. This paper describes a novel VAR system that overcomes these limitations
and specifically focuses on development of a packed bed R-SHX, also referred to as “regenerator”, for
facilitating the heat transfer.

Figure 1: A single effect VAR system schematic diagram [Paurine et al., 2012]
The novel VAR system shown in Figure 1 is similar to other VAR and DAR systems illustrated by
Paurine et al., [2012] which consist of four main components i.e. generator, evaporator, condenser and
absorber. However, the generator and absorber include special valves V1 and V2 that are fundamental
for circulating the working fluids. In addition, a packed bed R-SHX is used instead of a conventional
solution or gas heat exchanger. It should be noted that, the manner in which the system converts
thermal energy into mechanical energy for lifting the LiBr-H2O, is novel. The system employs neither
bubble nor electromechanical pump like VAR and DAR systems as illustrated by Paurine et al.,
[2012]; instead, the pumping mechanism is supplemented by the use of gravitational force in
conjunction with physical and chemical properties of the fluids within the system. The working fluids
are alternately transferred through pipes 1, 2, 3 and 4 as shown in Figure 1 whereby the flow direction
is determined by the pressure difference between the generator and absorber and the hydrostatic head.
These processes are enhanced by the use of a low-grade heat source at temperatures in the order of 75
to 85°C.
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2. Development of mathematical model for the novel R-SHX
The mathematical model was developed using excel spreadsheet and the work carried out is detailed
further below.

2.1 Description of the R-SHX
Most conventional absorption refrigeration systems employ solution/gas heat exchangers to achieve
the desired heat recovery between the absorber and generator and hence increasing the system’s COP.
Despite their enhancement of the system’s performance, these sensible heating and cooling
components produce large practical inefficiencies within the operating cycle which leads to higher
operating costs. Therefore, consideration has been given to recovering and rejecting heat between
sections of the novel system. In order to recover and reject heat between the generator and absorber, a
packed bed R-SHX, also referred to as “Regenerator”, was employed as shown in Figure 1 below.

Packing
Materials

Figure 1: Part of a VAR system schematic diagram showing R-SHX
The inclusion of this type of heat exchanger has the advantage of having no moving parts, low capital
cost and minimal or no maintenance costs. Also; unlike most exchangers, it has no coils to sustain
crystallization which is a common problem in conventional systems. Therefore, the R-SHX helped to
reduce the amount of sensible heating and cooling required for the solution at the generator and
absorber respectively.
In order for the packed bed R-SHX to be accurately sized and optimised, a mathematical model was
purposely developed to analyse the type of packing material and their thermal properties. Also, the
model was used to determine the pressure drop across the packed bed, physical dimensions and the
regenerative capacity of the heat exchanger. The simulation was localised on the inside of the
regenerator, although the mass and heat transfer around the heat exchanger was also included.
During the design of the R-SHX, the most significant parameters were considered and investigated
and these included; the geometry and size, specific heat capacities, densities and quantity of the
packing materials. Other factors included; convective heat transfer coefficients and the solution
temperature onto and from the packed bed. The mathematical model simulation described in this
paper allowed for analytical and physical design of the packed bed R-SHX.
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2.2 Assumptions
Prior to writing the computer mathematical model for the regenerative heat exchanger, it was
important that some practical assumptions were made to allow for a fundamental design approach and
these included the following: The quantity of heat dissipation into the regenerator by weak lithium bromide solution flowing to
the generator was similar to the quantity of heat recovered from the regenerator by strong solution
flowing to the absorber.
The pressure drop in the solution line was negligible due to low liquid velocity.
There was no heat gain or loss into or out of the regenerative heat exchanger.
The temperature gradients within the small packing materials in the regenerative heat exchanger
were negligible.
The percentage concentrations of weak and strong solution flowing through the regenerator were
constant at the maximum generator and absorber operating temperatures.
The contacts between the packing material components in the packed bed were ignored.
These assumptions were instrumental in ensuring a mathematical model for the regenerator was
developed.

2.3 Geometry and size of the R-SHX and packing materials
The void fraction was identified as has having significant influence on the effectiveness of the
regenerator; therefore its variation with change in geometry and size of the packing materials was
investigated. Although it was important to minimize the solution volume in the regenerator, the heat
storage capacity of the bed had to be optimised to meet the design requirements. Therefore, in order to
reduce the void fraction whilst allowing the solution to flow freely across the regenerator, spherical
shape materials were identified as being ideal for packing the R-SHX. A simple model was developed
to analyse the different diameters of spheres and in this instance small size balls were found to be
beneficial as they minimized the void fraction within the fixed R-SHX internal space.
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Figure 2: Void fraction in a packed bed regenerator
Based on the design specifications of LiBr-H2O solution storage capacity, different diameters as
indicated in Figure 2 were considered. It was concluded that the balls whose diameters were multiples
of the regenerator’s fixed diameters possessed the least void fraction. The model indicated that 12mm
diameter balls were the smallest of the considered multiples of the fixed diameters. The 12mm
diameter balls resulted to a smaller void fraction equivalent to that caused by balls of much smaller
diameters. The balls were investigated for their storage capacity and according to the results in Figure
4

2 above, the 12mm diameter was the optimal size. Therefore, the optimum internal dimensions of the
R-SHX shell were established as 84mm diameter and 200mm high cylinder, packed with spherical
balls each measuring 12mm in diameter. The metals balls were packed into the regenerator with the
inclusion of plates responsible for controlling the flow path and these are indicated in Figure 3.
LiBr-H2O to Absorber

Copper plates

Figure 3: Regenerator diagram showing the solution path
The inclusion of these plates was to distribute the flow and storage capacity, hence enabling all the
balls to be in contact with the flowing solution for the same period. The thermal insulation was
considered in order to ensure there was minimal or no heat loss to the ambient.

2.4 Modelling equations
The model needed to enable the design of reversible flow regimes of weak and strong solution within
the regenerator. The energy stored in the packed materials whilst pumping the solution to the absorber
via the regenerator at generator operating temperature had to be established. In the reverse flow, the
energy stored in the packed materials had to be dissipated into a low temperature weak solution
flowing from the absorber to the generator via the regenerator. This was intended to increase the
temperature of weak LiBr-H2O and thus significantly improve the overall system performance due to
reduced heat input into the generator. The two flow regimes for the regenerator are shown in Figure 4
below.
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(b) Solution to absorber

(a) Solution from absorber
Weak LiBr-H2O

Strong LiBr-H2O

T∞=TA

TSoln (0, t) <TG

Ti <TG

Ti >TA

TSoln (0, t)>TA

T∞=TG

Figure 4: Illustration of fluid flow in a R-SHX
It was important that the metal balls be packed such that the solution in both flow regimes was
uniformly covering each ball and therefore transferring thermal energy at the same rate. Because the
generator temperature needed to be raised along with the solution temperature, when transferring
liquid back to the absorber, it was important that the thermal mass of the generator be kept as small as
was practicable to reduce its sensible heating component. In optimising the design, it was important to
establish the necessary requirements in order to estimate the amount of heat transferred and energy
stored in each metal sphere after time t(s) of exposure to a liquid at a specified temperature T∞ºC. This
was investigated with aid of the purposely developed model based on the arrangement of the spheres
as shown in Figure 5 below.

T∞ = TA
Ti <TG

Qconv =
E
Es

hSoln= ~ W/m2.K

TSoln (0, t) = TA

Figure 5: Cooling of a hot metal sphere in a packed bed R-SHX.
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The lumped capacitance method was used in the model for estimating the amount of energy stored in
the packed bed. It was assumed that the temperature of each metal sphere was uniform at any instant
during the transient process.
The energy balance equation for the packed bed R-SHX was derived based on the fact that, the energy
(Es) stored in each metal sphere is equivalent to energy (-Eout) released from it, which is the same as
the convective heat (qconv) transferred.

− hA s (TSolution ( 0 ,t ) − T∞ ) = ρVs C p

dT
dt

Eqn. 1

Eqn. 1 above was solved and rearranged as indicated in Eqn. 2 that was incorporated in the model for
assessing the effect of a range of parameters on temperature, time and energy transfer.

TSolution

(0,t )

= T∞ + (Ti − T∞ )e

− ( hA s t Cooling

ρV s C p )

Eqn. 2

According to Zahra [1978], the specific heat capacity (cp) of the known solution concentration (x) was
established using the following equation: Cp = 4.18 – 3.09x

Eqn. 3

The cooling and heating time (tcooling) for the metal balls indicated in Eqn. 2 was further determined
with the aid of Fourier number as indicated in Eqn. 4 below.
t Cooling = −

1

ζ

2

1

⎡ 1 T solution ( 0 ,t ) − T ∞ ⎤ rs2
ln ⎢ ×
⎥×
Ti − T ∞ ⎦⎥ α
⎣⎢ c1

Eqn. 4

Each of the parameters included in the equations above were considered individually in order to
establish their significance in the process of heat transfer within the regenerator. A range of
parameters were input into the model and the time taken for metal spheres to release their energy into
LiBr-H2O solution were analysed. It was established that, the higher the specific heat capacity and
density and the lower the convective heat transfer coefficient of metal spheres, the longer the heat
transfer time was observed and vice versa.
The driving force for the observed increase/decrease in temperature of the solution passing through a
packed bed in either direction was the ability of each metal ball to store energy. The Eqn. 5 was used
in the model for establishing how the energy storage is influenced by the considered parameters with
respect to time.

Q&

t

=

N ρ v s c (T
p

⎡

i

−

T )⎢⎢1 −
∞

⎢⎣

3 ⎛⎜
3
ζ 1 ⎜⎝

T
T

t

−

i

−

T
T

∞
∞

[

⎞
⎟ × Sin ( ζ ) −
⎟
1
⎠

ζ

⎤
Cos ( ζ ) ⎥
1
1 ⎥
⎥⎦

]

Eqn.5

The ratio (Tt - T∞)(Ti - T∞)-1 of the temperature differences indicated in Eqn. 5 represents the centre
temperature of the solid sphere and the values of C1 and ζ1 were evaluated using Biot number.
Also, it was important to establish whether the size and amount of metal balls impacted on the
pressure drop across the packed bed. The appropriate parameters for influencing the pressure drop in a
randomly packed bed were established and used in Ergun’s equation Yu et al [2002] for calculating
the pressure drop (∆P).
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∆P

3.

=

U (1 − ε ) ⎛⎜ 203 µ (1 − ε )
+ 1 . 95 ρ U
3
ds
ε d s ⎜⎝

Eqn. 6
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During the design of the regenerator, the most influential parameters had to be investigated and these
included; the diameters, specific heat capacities, densities and quantity of the spheres. Others were
convective heat transfer coefficient and the temperature of the solution onto and from each of the
spheres. In order to determine optimum values, parameters were varied and analysed accordingly. The
energy storage and release processes for the regenerator at different operating temperatures were
simulated. A range of materials that are resistant to corrosiveness of lithium bromide solution were
considered. These included the ceramics and different compositions of stainless steel and copper. The
Figure 6 below is a sample of parametric input data of stainless steel spherical balls and the graphical
presentation of the results for the same volume of the container.

Temperature(Deg.C)
Energy Stored (kJ)

Figure 6: Typical temperature and heat storage variation in a packed bed R-SHX
A similar analytical investigation was carried out and different diameters of spherical balls of the
same stainless steel composition were considered and Figure 7 below shows and compares the results.
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Figure 7: Energy and heat storage of metal spheres in a packed bed regenerator
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These different diameter balls were treated as being in a fixed size regenerator and therefore allowing
a fair comparison of storage capacities, provided all the thermal properties were kept constant. It was
established using the model that, sensible heat energy in the range of 0.3 to 1kJ/s could be achieved in
the packed bed R-SHX and released to the solution. Using the model, the best storage capacity was
observed when the larger diameters were used in the regenerator. Although large diameter balls
possessed a better heat storage capacity, they required longer periodic time to release/gain the heat
energy into/from the solution. Based on this, it was highly unlikely that the larger diameter balls
would achieve the maximum specified capacity within the set time.
It was also important that the pressure drop across the bed was simulated. The pressure drops for a
range of ball diameters were established and results of the investigation are shown in Figure 8.
Because the solution velocity pressure was low, the pressure drop across the bed was found to be low
irrespective of the ball diameters.
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Figure 8: Pressure drop across a packed bed regenerator
Based on the results from Figure 8, it was found that the heat transfer was the controlling factor.
Therefore, it was conclusive that the 12mm diameter stainless steel balls were the optimal size to be
used for the packed bed R-SHX.

4. Regenerator construction material
Based on the model results, it was concluded that the metal balls in a packed bed R-SHX must be of
high density, high specific heat and a low convective heat transfer coefficient. It should be noted that
the void fraction was shown in Figures 2 and 8 to have minimal impact on pressure drop across the RSHX. Therefore, this was optimised to achieve a minimum possible amount of liquid passing through
the regenerator.
12mmØ Stainless
Steel balls

Figure 9: The developed packed bed R-SHX
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The regenerator cylinder, top and bottom plates were made out of cast nylon 6 material which was
suitable for the operational conditions. After a considerable testing of different materials using the
mathematical model, stainless steel AISI 316 type balls were selected over others as being the best
material for packing the bed as they do not react with the LiBr-H2O.

5. Experimental analysis of heat transfer across the R-SHX
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The complexity associated with monitoring and analysing the heat storage/transfer capacity of each
individual ball packed in the regenerator necessitated a feasible alternative to be devised. Therefore,
the thermal response of the R-SHX was analysed using the inlet/outlet temperatures of the solution.
The actual temperatures of the weak solution from the absorber to generator were recorded at the
outlet of the regenerator and the results are shown in Figure 10 below.

Time (Secs)

Figure 10: Actual recorded temperatures of the solution from the regenerator to the generator
The overall system was designed such that, the flow of weak solution was triggered and enhanced by
the pressure drop in the generator and condenser. Therefore, at the start of each cycle, the float valve
V2 retaining the weak solution in the absorber tended to oscillate up and down until the solution level
had dropped considerably. The valve V2 allowed the solution into the generator via the R-SHX to
fluctuate until the rate of flow stabilised.
It should be noted that, the actual recorded temperatures of the solution leaving the R-SHX to the
generator as indicated in Figure 10 were consistent with the predicted solution temperature profile as
indicated in Figure 11 below.
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Figure 11: Predicted solution temperatures from the regenerator to the generator

6. Conclusions
It was concluded that the R-SHX was more cost effective in terms of construction than a conventional
solution heat exchanger of the same capacity. Therefore, the heat exchanger can be constructed out of
readily available materials and at low cost. The risk of crystallisation was addressed such that; if it
10

occurred (which is very unlikely), the R-SHX would easily be isolated from the overall system and
the components quickly dismantled and cleaned accordingly. The R-SHX was designed to be more
compact than the conventional heat exchangers and in addition, it serves the purpose of the two heat
exchangers and therefore making it more effective. Most importantly, the R-SHX has the potential to
reduce the required generating heat energy and therefore improving the system’s COP by up to 30%.
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Abstract
The present work aims at the experimental evaluation of the performance achievable by a binder based
coating of a SAPO with chabazite framework type for the use in adsorption chillers or heat pumps. The
samples were prepared at the CNR-ITAE labs and the adsorption kinetics performance was tested by
means of a volumetric apparatus based on the Large Pressure Jump (LPJ) approach, available at the
Fraunhofer ISE labs. Moreover a comparison with a kinetic apparatus based on the Large Temperature
Jump (LTJ) approach recently set up at the CNR ITAE labs was presented. The experimental
evolutions were fitted by means of a heat and mass transfer model, which allowed the determination of
the effective diffusion coefficients and the effective heat conductivity as a function of the thickness of
the samples. The mono-layered granular configuration was also studied for comparison purposes.
Sample preparation
Basically, the coating is made of three components: an active material (adsorbent), a binder and a
reinforcement filler. SAPO-34 was selected as adsorbent material due to its ability to be regenerated at
relatively low temperature (80 - 95°C), maintaining high adsorption capacity compared to other
commercial adsorbent material like silica gel. Subsequently, an optimized composition of the adsorbent
coatings has been identified, with particular attention paid to the mechanical stability. The binder was
selected among the class of clays, which create a highly porous structure with good permeability for
water vapour at low pressures. The filler is needed to improve the mechanical stability of the coating,
as well as to increase the thermal conductivity.
Specifically, the configuration of the coating used in the presented samples is based on SAPO-34
grains (diameter about 250 µm) as adsorbent (about 80% of coating mass), bentonite clay as binder and
micro-carbon fibers as reinforcement filler (total about 20%).
Kinetic measurements
Two different setups were employed to test the adsorption kinetic properties of the coated samples. The
first one, available at the Fraunhofer ISE labs, is based on the LPJ (Large Pressure Jump) volumetric
method (Schnabel et al., 2010). The second one is a recently developed setup at the CNR ITAE, based
on a gravimetric LTJ (Large Temperature Jump) approach (Sapienza et al., 2012).
Experimental test facility at Fraunhofer ISE
Figure 1 shows a scheme of the complete kinetic measurement apparatus. The kinetics measurement
facility consists of two chambers that are connected by a valve. The measuring chamber contains the
sample fixed to a thermostated cold plate. The other chamber serves as water vapor reservoir. In order
to avoid condensation and to realize reproducible ambient conditions, both chambers are located in a
large box kept at constant temperature (in our case 40°C). The dosing chamber is filled by connecting
it with a water vapor source at a given temperature. The equilibrium water vapor pressure at this

temperature is attained. After closing the valve between this chamber and the water bath (valve 2), the
total mass of water vapor in the chamber can be calculated by using the ideal gas law.
The pressure is measured inside both chambers by capacitive sensors (MKS Baratron 628) with a range
of 0–10 kPa with a resolution of 10 Pa. Temperature of the surface of the samples is measured by
means of an IR sensor placed above the sample. It was chosen due to its highly dynamic response (time
resolution 50 ms).
The samples are desorbed with similar pre-conditioning, resulting in comparable starting conditions.
Two different strategies of desorption have been employed. In both cases the sample was heated to
95°C, but in the first case the measuring chamber was evacuated with a two-stage rotary valve vacuum
pump. In the second case, the measuring chamber was connected to the constant temperature water
reservoir, which acted as a condenser maintained at 30°C, giving a desorption pressure of about 5.6
kPa.

Figure 1 – Scheme of LPJ measurement setup and installation of sample on coldplate.

To ensure the reproducible thermal contact between coldplate and aluminum substrate the sample can
be fixed by means of a screw based pressing system or by means of a removable heat conductivity
paste (Thermigrease TG20031).
Using the first method of desorption, the initial pressure of the sample is not known due to the
limitations of the pressure sensor and unknown adsorption equilibrium at low pressures, but will be
<10 Pa due to the combination of heating and evacuation. Even better defined initial conditions are
determined by desorption while condensing at a given temperature. The initial loading then represents
the final state of the desorption cycle and can be calculated from the temperature and pressure after
cooling down the sample with valves closed, if equilibrium data is available (of course the sample
adsorbs from the volume of the measurement chamber, so the pressure after cooling is much lower
than the actual condensation pressure applied during desorption – as well as the temperature). The
basic steps of the LPJ measurements are reported in (Schnabel et al., 2010).
The adsorption uptake measurement starts by opening the connecting valve 1 between the measuring
chamber and the water vapor reservoir used. The sample instantaneously starts to adsorb and
consequently the measured pressure decreases. The surface temperature rises very fast. In a subsequent
data processing step the amount of water uptake is calculated by the decrease in pressure. In order to
evaluate also the adsorbent mass related percentage of water uptake, the dry mass of the samples has
been measured by means of an external thermo-gravimetric system.
Experimental test facility at CNR ITAE
Figure 2 shows the new experimental measurement system mainly composed of four components: a
gravimetric weighing unit, the vacuum chamber (chamber 1) where the weighing unit is placed, the
evaporator/condenser chamber (chamber 2) and the hydraulic heating/cooling circuit.
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Figure 2 - Schematic and view of the experimental setup for gravimetric LTJ measurements.

The weighing unit is the core component and consists of an aluminum plate working as a support for
the sorbent material as well as heat exchanger. The amount of water desorbed/adsorbed is directly
weighed by two load cells on which the plate is placed. The bottom of the metal plate is hydraulically
connected to two thermo-cryostats (TCR1 and TCR2) simulating the thermal source and sink needed to
reproduce the isobaric heating/cooling stages. The weighing unit is able to test samples with the mass
ranging between 4 g and 250 g with the accuracy of ±0.1 g. Surface temperature of adsorbent sample is
measured by a remote IR-sensor, which guarantees a faster dynamic response if compared to the
commonly employed thermocouples.
Main feature of the above depicted apparatus is its ability to reproduce both the isobaric adsorption and
desorption phases, typical of the working cycle of an adsorption heat pump or chiller. The following
Table 1 enumerates the three steps necessary to carry out a measurement. Each step was considered
completed when the sample weight remained constant for 1 h.
Table 1 - Basic steps of the LTJ measurements carried out.
Step of measurement
Temperature/pressure
Regeneration
90°C/<10 Pa
Adsorption stage: Tstart_ads/pevap
Equilibrium
Desorption stage: Tstart_des/pcond
Adsorption stage:
Tend_ads/ pevap
Testing phase
Desorption stage:
Tend_des/pcond

Experimental results
As the aim of the work was the evaluation of the kinetic properties of the coating, samples having
different thicknesses of the active layer were prepared to be tested in the LPJ system, in order to
evaluate its influence on the achievable kinetic properties. The thickness of the coated samples was
varied by tuning the amount of water employed during the slurry preparation. Main features of these
samples are reported in Table 2 (from BEN-1 to BEN-4).
Furthermore, for comparison purposes, also two granular monolayers of SAPO 34 were prepared for
the two different setups, MONO-1 for the LPJ system and MONO-2 for the LTJ system.
Sample
Thickness [mm]
Deposited dry weight [g]
Dry weight/Coated Surface
Ratio [g/cm2]

Table 2 - Properties of tested samples.
BEN-1
BEN-2
BEN-3
BEN-4
1.1
0.83
0.61
0.38
0.8549
0.6608
0.4585
0.26

MONO-1
~0.25
0.1943

MONO-2
~0.25
2.68

5.67*10-2

0.77*10-2

0.98*10-2

4.14*10-2

2.85*10-2

1.66*10-2

The testing conditions for the LPJ experiments were the same as reported in (Schnabel et al., 2010).
The pressure in the vapour reservoir has been chosen high enough (>2300 Pa) so that even for the

sample with the highest dry weight the ending pressure was high enough to ensure almost full loading
and by this make the uptake rates comparable.
Moreover on each sample two different tests were conducted with and without thermigrease as
coupling agent between cold plate and sample. The selected cycle boundaries conditions for the LTJ
experiments were the following: desorption temperature (T end_des=90°C), adsorption temperature
(Tend_ads=35°C), evaporator temperature (Tevap=10°C which corresponds to pevap=1220 Pa) and
condenser temperature (Tcond=35°C which corresponds to pcond=5620 Pa). This choice was carried out
in order to have two testing conditions for the two employed apparatuses as comparable as possible.
Modeling of the non-isothermal adsorption kinetic
The LPJ-measurements can be described by a one-dimensional monodisperse non-isothermal model
which reproduces the measured behaviour in great detail (Figure 4). This model has been given in
detail in Füldner and Schnabel, 2008. It includes the energy balance with heat transfer inside the
composite layer (effective heat conductivity λ, heat capacity cp,ads(900 J/kgK), mean composite density
ρcomp, effective adsorbent density ρsor), heat transfer within the metal carrier sheet and the two heat
transfer coefficients composite/metal hads/m and metal/coldplate hm/CP. The mass balance is a single
diffusion equation with a sink and an effective diffusion coefficient. Diffusion coefficients found with
this monodisperse modelling are in this case not physical parameters that scale adequately with
different layer thicknesses. They have to be regarded as effective mass transport parameters, being
valid only for the layer thickness and the conditions for which they have been validated by a
measurement. In the coating thickness variation considered in this paper it can be seen that the
effective diffusion coefficient rises linearly with the square of layer thickness (see Figure 3). Higher
diffusion coefficients are always needed to describe the measurements where desorption has been
performed with the vacuum pump. The effective heat conductivity drops with rising layer thickness.
The heat transfer coefficient between the coating and the support hads/m has been found to be around
600-700 W/m2K. For the two coupling variants two different values for the heat transfer coefficient
between metal carrier and coldplate hm/CP have been found (only pressing 300 W/m 2K, with
thermigrease at least 2000 W/m2K).

Figure 3 – Results from fitting the monodisperse model to LPJ experiments: Effective diffusion coefficients
(left) show a linear dependency on the square of the layer thickness, for start at completely desorbed
sample higher effective diffusion coefficients are found (red triangle) as for the partly loaded samples (blue
squares). The effective thermal conductivity of the sample drops with rising layer thickness.

A model that couples transport in the macro- and structural pores (viscous flow/Knudsen diffusion) to
the micropore transport in the crystals which is dominated by adsorbed phase diffusion (bidisperse
model) should be used to adequately model the diffusion and find parameters that describe the
transport processes for all layer thicknesses correctly (Füldner et al. 2011).

Figure 4 – Exemplary simulation results for the LPJ measurement, the graphs on the left show the
pressure drop after opening the valve (at 10s), the graphs on the right give the surface temperature, both
for a measurement with thermigrease (TG, red) or only pressed (no TG, orange). The graphs on top show
the results on the thickest sample after desorption against vacuum pump, the bottom graphs the behaviour
of the thinnest coating after desorption against a condenser at 30°C.

The LTJ-measurements were described by a two-dimensional non-isothermal model for simulation of
adsorption dynamics in an adsorbent layer of loose adsorbent grains. The model is based on energy and
mass balances for the adsorbent grains, assuming a constant diffusion coefficient for the micropore
transport. Moreover, heat transfer through the water vapour surrounding the loose grains was
simulated. Further details on the model can be found elsewhere (Freni et al, 2012). Figure 5 - Fitting of
the experimental data by means of the two-dimensional model. On the left hand side the evolution of
the relative water loading on the right hand side the evolution of the temperature. Both for adsorption
and desorption phase.
Figure 5 gives the simulated and experimental relative water loading and temperature curves both for
the ad/desorption case of a monolayer of grains (0.25 mm in diameter). Both adsorption and desorption
experimental curves showed a non-exponential evolution for the water loading. Such behaviour could
be related to experimental issues, in particular to the low heat transfer efficiency between heat
exchanger and adsorbent material. Taking into account this limitation, the data fitting was carried out
in order to fit as well as possible the first part of the adsorption curve.

Figure 5 - Fitting of the experimental data by means of the two-dimensional model. On the left hand side
the evolution of the relative water loading on the right hand side the evolution of the temperature. Both for
adsorption and desorption phase.

In such a way, the best data fitting was found by adopting an effective intra-particle diffusion
coefficient Deff≈10-4 m2/s, which is the same order of magnitude as for modelling the monolayer in the
LPJ experiment. The convective heat transfer coefficients used both between grain/vapour and metal
support/grains was h=100 W/m2K, which is reasonable considering the granular configuration.
Discussion and conclusions
The outcomes obtained lead to the following conclusions:
- The limiting factor for the vapour transport inside the developed adsorbent layer is the
diffusion into the SAPO 34 grains instead of the macropore transport through the layer.
- Drop of effective heat conductivity might be due to inhomogeneous geometry of the sample:
for each additional layer of grains, transfer resistances are added between grain and
binder/vapor (heat is released within the grains), so by summing these resistances the effective
conductivity gets lower.
- The LTJ apparatus cannot experimentally replicate the theoretical boundary conditions, thus
leading to difficulty in modeling in detail the process. The limiting factor should be the low
heat transfer efficiency between heat exchanger and adsorbent material.
- As showed in Figure 6, the evaluated Volume Specific Cooling Power , obtained taking into account the same
dead volume for each sample, increases with the decreasing of the sample thickness, reaching a
maximum for the monolayer loose grains configuration. The evolution of the cooling
shows an opposite behaviour. From the
product of both the estimated parameters, the best compromise can be obtained for the sample
having a thickness of about 0.6 mm.

Figure 6 - Volumetric specific cooling power and COP for the layer thickness variation. The black line
shows the product of both (arbitrary units) with a maximum at a layer thickness of 0.6 mm.
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Abstract
A TRNSYS model of an adsorption system, including a detailed Matlab model of the generator is
proposed for assessment of cooling performance in a range of climates. The generator uses a Linear
Driving Force model to calculate the uptake of refrigerant on the adsorbent. Using TRNSYS allows easy
integration of weather data into the simulation. Results from using real weather inputs are compared with
results from using sine wave approximations of the climate. Sine wave approximations lead to an
underestimation of performance.
Nomenclature
Arrhenius constant
Cooling degree days
Distance between nodes
Heat of adsorption
Linear driving force model coefficient
Node number
Pressure
Gas constant
Time
Ambient temperature
Set temperature
Adsorbent loading
Theoretical maximum loading
Thermal diffusivity
Fraction of loading on adsorbent
Introduction
Adsorption cycles use a low-grade heat source and an environmentally benign working pair to provide the
compression traditionally produced by an electric compressor in a refrigeration cycle. The elimination of
conventional refrigerants and the need to reduce carbon dioxide emissions have increased interest in
sorption technologies, with much research being published on how to improve the low COPs and poor
heat transfer characteristics of the adsorbent bed.
Performance of adsorption systems is largely governed by the hot and cold temperatures that the
generator operates under and, as a result, the climate that the system is operating in has a big effect on its
performance. Optimisation of an adsorption system improves performance and reduces costs but requires
simulation of the operating conditions. Climatic conditions are very variable and difficult to model so
researchers use one of a few strategies to model them.
Some research for optimising adsorption systems uses constant inputs for the hot (or thermal collector)
temperature and ambient temperature (Alam et al. 2001; Liu and Leong 2005). This allows the effect of
changing parameters to be easily assessed. Other research simplifies the climatic conditions to a
sinusoidal approximation based on the maximum measured value for a given day and location (Hassan et
al. 2011), or using data from a single day as proof of a novel design concept (El-Fadar et al. 2009). This
approach gives a more accurate reflection on the performance of the system throughout a whole day, but
can be difficult to generalise for other days or longer periods at the same location.

The most accurate approach to climate modelling is to use real weather data for the considered location
which takes account of changing temperatures, humidity, insolation (and cloud cover), and other aspects
which affect operating conditions. Weather data can be taken from companies like Meteonorm or
measured at the required location. This method allows optimisation of the system for specific climates
(Vasta et al. 2009), a detailed analysis of new designs (Leite et al. 2011; Metcalf et al. 2011), and an
assessment of the effect of variations in climate on the system (Hartmann et al. 2011).
Most simulations aim to optimise an adsorption system for a specific climate. This paper outlines a model
that has been set up in the TRNSYS software package enabling a range of working pairs to be simulated
in a range of climatic conditions.
Model Description
TRNSYS software is used to set up a whole system model for the adsorption system which is shown in
Figure 1. Detailed information on the key components is listed in Table 1. Where parameters are not
listed, TRNSYS default values have been used.

Figure 1: System layout in TRNSYS: Type 109-TMY2 is the weather data input, Type 74 is a solar
collector, Type 60c is a hot water storage tank, Type 51a is a cooling tower, Type 155 is the link to
the generator model in Matlab, Type 56 is the building acting as the cooling load, and the other
components shown are necessary to link the main components together and output the results of
the simulation.
Table 1: Detailed information for key TRNSYS model components
Type
Name
Parameters
109-TMY2 Data reader and radiation processor
“External file” linked to required weather file
74
Compound
parabolic
concentrating
thermal collector
60c
Detailed fluid storage tank, vertical
cylinder, uniform losses and node heights, Internal heating elements switched off
2 inlets, 2 outlets
51a
Cooling tower
155
56

TRNSYS-Matlab link
Multi-zone building

“Special card” linked to Matlab file
“External file” linked to building model
(created in TRNBuild)

Adsorption systems can be used to provide cooling for human use (e.g. air conditioning of offices) or
food use (e.g. refrigeration of foods), so two possible cooling loads were created using TRNBuild and
linked to TRNSYS using Type 56. Both buildings were 10m x 10m x 2m in size (200m3 volume). One
was fitted with windows covering 50% of each wall and filled with office equipment and office workers
while the other had no windows and was filled with fruit and vegetables. For this paper the food cooling
load was used.
Generator Model
The generator was modelled in Matlab with activated carbon and methanol as the working pair. A flat
plate heat exchanger design was used and heat transfer was assumed to be one-dimensional and transient
with no internal heat generation, allowing the general conduction equation to be written as shown in
Equation [1].

Finite difference approximations to solve the general conduction equation allowed the temperature at each
node through the materials to be calculated, giving the surface temperature of the adsorbent (Equation
[2]).

Figure 2: Flat plate arrangement
Once the temperature of the surface of the adsorbent is known, it can be used to calculate the adsorption
capacity and actual uptake on the adsorbent. A linear driving force model is used to model the kinetics of
adsorption in the generator (Equation [3]). The LDF model assumes that the rate of adsorption is
proportional to the difference between the actual adsorption uptake and the theoretical maximum
adsorption capacity for the given conditions, and that mass transfer within the adsorbent is the limiting
factor on this uptake rate. It has also been shown to underestimate uptake during the early part of the
adsorption process and overestimate it during the latter part when compared with the Fickian diffusion
model for a silica gel and water working pair (El-Sharkawy 2011).
[3]
For simplicity, an Arrhenius model is used with Henry’s law (Equation [4]) to calculate theoretical
maximum adsorption capacity on the surface of the adsorbent for each time step. Henry’s law is most
valid for low concentrations of refrigerant and constant temperatures, but serves as a simple
approximation to minimise simulation run-time for this model.
[4]
The constants used are

and

(Yin 2012).

The inputs to the Matlab model from TRNSYS are: cooling water temperature and flow rate, ambient
temperature, hot water temperature and flow rate, and the flow rate of ambient air that is cooled and then
pumped into the building. Matlab outputs the chilling power from the generator and calculates the COP
for each time step in TRNSYS.
Climate Choice
The TRNSYS software package comes with a large library of weather data. Type 109 links to the TMY2
file in the weather data library for the chosen location. TMY (Typical Meteorological Year) weather data
is taken from real weather data measured over a long period of time. The data is analysed to find the
averages and then periods of time (usually months) that best fit the long term averages are chosen from
different years and joined together to give a whole year of data (Hall et al. 1978). This makes TMY data
useful for predicting long term system performance (Marion and Urban 1995).
Two main advantages of adsorption systems are that they can be powered using solar thermal energy and
that they are very low maintenance, making them suitable for use in remote locations for storage of
medication or food. For this paper, potential climates to run the model in were considered in terms of how
much the population could benefit from a local adsorption system. Each location was therefore assessed
against the following criteria: average daily temperature and solar radiation, reliance on agriculture, risk
from infectious diseases, and poverty levels. Taking information from the CIA World Factbook (CIA
2012), the twenty poorest countries were ranked according to the percentage of the population working in
agriculture and the World Health Organisation health risk.
Niger, Burundi, Somalia, Zimbabwe and Nepal were chosen for this simulation. In addition to the
previously mentioned assessment criteria, Table 2 shows the number of cooling days and cooling degree
days for each chosen location. The number of cooling days is how many days per year the average
temperature goes above a set point and the number of cooling degree days shows how far and for how
long the temperature goes above that set point. The number of cooling degree days were calculated for
each day as shown in Equation [5] (ASHRAE 2005), and then summed together over the year to give an
annual total (Equation [6]). Both use a set temperature of 20°C as a test for whether cooling is required.

Table 2: Chosen climate details

Country
Zimbabwe
Niger
Somalia
Nepal
Burundi

City
Harare
Bilma
Mogadishu
Kathmandu
Bujumbura

Average Peak Average
Number of Cooling
Latitude Altitude Radiation
Temperature Days of
Degree
(N-S)
(m)
(kW/m2)
(°C)
Cooling
Days
-17.8
1458
0.84
19.38
171.00
355.55
18.7
522
0.83
26.71
289.00 2661.08
2.1
28
0.80
30.04
365.00 3664.42
27.7
1298
0.74
18.17
171.00
527.95
-3.4
794
0.70
23.28
364.00 1198.04

Despite having a similar average daily radiation when compared with the other locations, Kathmandu,
Nepal and Harare, Zimbabwe did not have as many cooling days because their higher altitudes kept the
ambient temperatures lower.

System Performance
The model is run in TRNSYS using TMY2 data for each of the chosen climates over one year with a time
step length of 0.125 hours (7.5 minutes). It is also run over the same period using sine wave
approximations based on annual averages for temperature and solar radiation. Figure 3 and Figure 4 show
the COP calculated in each simulation for Mogadishu and Kathmandu. Table 3 summarises the COPs for
all the chosen climates. As is shown, using sine wave approximations for the climatic conditions
underestimates the COP of the system by between 7% and 35%.
This underestimation is probably due to the oversimplification of the climate brought about by the sine
wave approximations. Sine wave approximations eliminate extreme highs and lows in the temperature of
the hot and cooling water flows, which means that although the generator operates more consistently its
performance does not benefit from the improved operating conditions that higher hot water temperatures
and lower cooling water temperatures would bring. The approximation is also based on the average
temperatures over a year and it is likely that using average temperatures from shorter periods of time
would give a better representation of the actual operating conditions and hence better performance
prediction.
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Figure 3: COP comparison for Mogadishu, Somalia for one year
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Figure 4: COP comparison for Kathmandu, Nepal for one year

Table 3: COP Comparison for chosen climates
Location
Average COP
Change in COP (%)
TMY Weather Sine Wave Approximation
Bujumbura, Burundi
0.3120
0.2897
7.2
Bilma, Niger
0.3084
0.2013
34.7
Kathmandu, Nepal
0.3363
0.2464
26.7
Mogadishu, Somalia
0.3125
0.2329
25.5
Harare, Zimbabwe
0.3567
0.2404
32.6
Conclusion
A model for an adsorption cooling system has been created in TRNSYS with links to a detailed flat plate
generator model in Matlab. The model can easily be run under a variety of operating conditions, including
using TMY2 weather data for a wide range of locations. In this paper, use of sine wave approximations
for the climate leads to an underestimation of the performance of the system by up to 35%. This shows
that sine wave approximations do not accurately represent the effect of variable climatic conditions, and
systems assessed using these approximations should perform better than predicted when run under real
weather conditions.
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Abstract
The performance of two CHP systems using an ORC with R134a and a heat source at 100 ºC has been
modeled. The optimum evaporator pressure of the ORC unit which maximizes the specific net power
output was determined for different values of the specific heat load and different values of a characteristic
temperature difference DT. The results show that both cycles generate considerably less mechanical
power than the quantity of heat delivered to the heating load. Furthermore, it is shown that a higher
fraction of the energy content of the heat source is used as the heating load increases. The effects of the
specific heat load and of DT on the total thermal conductance of the heat exchangers, on the total exergy
destruction and on several other variables is also presented and discussed.
Nomenclature
Symbols
DT Temperature difference between working
and external fluids (K)
ΔT Temperature pinch (K)
Ṁ Mass flowrate (kg/s)
P Pressure (kPa)
Q h Specific heat load (kJ/kg)
T Temperature (ºC)
T DS Dead state temperature (ºC)
ε
Energy utilization factor

Subscripts
1,2,3,4 thermodynamic states
ev
evaporator
h
heat transport fluid
in
inlet
max
maximum
out
outlet
p
sink
s
source

Introduction
Two basic configurations of combined heat and power (CHP) systems using various low-temperature (up
to 200 ºC) heat sources have been built and analyzed (see for example Schuster et al, 2009). Practically all
of them include a power generating unit operating according to the subcritical Rankine cycle. The first
configuration comprises three heat exchangers. In the vapor generator the heat source transfers a fraction
of its energy to the power generating unit. It is then directed to a second heat exchanger which reduces
further its temperature and supplies a heating load (district heating is a common application). The third
heat exchanger is the condenser of the power generating unit. The second configuration comprises only
two heat exchangers since the heating load is supplied by the condenser of the power generating unit. A
variant of this second configuration incorporating a heat pump was recently analyzed by Guo et al (2011).
The choice of working fluid for such power generating units is the subject of many studies. Water is not
suitable at these low temperatures. Therefore organic fluids or mixtures such as H 2 O/NH 3 have been used
in prototypes and commercial systems (Di Pippo 2004, Hjartarson et al 2005). Theoretical studies have
also considered trans-critical cycles with fluids such as CO 2 (Cayer et al, 2010). Most recent studies of
such units fix the source and sink temperatures and compare the performance of different working fluids
(Saleh et al, 2007) or seek to optimize a particular performance indicator (maximize the thermal
efficiency, minimize the exergy losses, etc.) by varying the evaporation pressure of the working fluid
(Lakew and Bolland, 2010). However these studies have not addressed the optimization problem when
the power generating unit is part of a CHP system which must satisfy a prescribed heating load.
The present study analyzes and compares the performance of the two basic CHP configurations for fixed
temperatures of the heat source, the heat sink and the fluid supplying the heating load. The power

generating unit is an Organic Rankine Cycle (ORC) using R134a. The evaporation pressure which
maximizes the net power output is determined for different fixed values of the heating load.
Corresponding values of other significant system variables are also determined and compared.
Description and modeling of the CHP system
Figure 1 shows a schematic representation of the two configurations under consideration. Cycle A1
comprises three heat exchangers with the heating load heat exchanger in series with the evaporator of the
ORC unit: the heat source supplies some of its energy to the working fluid of the ORC system and
therefore its temperature at the exit from the evaporator is T s * < T s,in ; it then flows through the heat load
heat exchanger where its temperature decreases to T s,out while that of the secondary heat transport fluid
increases from T h,in to T h,out . Cycle B1 comprises only two heat exchangers since the heating load is
supplied by the condenser of the ORC unit (thus in this case Ṁ p ≡ Ṁ h and T p,in ≡ T h,in ). The systems are
supposed to operate under steady state conditions. Heat and pressure losses as well as kinetic and
potential energies are neglected. The working fluid is assumed to be saturated liquid at the exit from the
condenser. The heat source is an industrial gas which is modeled as air. The isentropic efficiency of the
pump and the expander are fixed (80%). We also fix the temperature of the heat source entering the vapor
generator (T s,in = 100 ºC), of the cooling water entering the condenser (T p,in = 10 ºC) and of the water
which supplies the heating load at the inlet of the heat exchanger (T h,in = 55 ºC). The difference DT
between the temperature of the working and external fluids at the inlet of the latter into the vapor
generator and the condenser takes one of three chosen values (5, 10 or 15 K). Two constraints are also
imposed on the operating variables. Firstly, we require that at the expander exit the liquid content of the
working fluid should be less than 5%. Secondly, we specify that the temperature pinch ΔT in each heat
exchanger must be no less than DT/2.
In the case of Cycle A1 we also fix the temperature of the water which supplies the heating load at the
outlet of the heat exchanger (T h,out = 70 ºC) and of the heat source leaving the system (T s,out = 70 ºC). In
the case of Cycle B1 the temperature of the water at the position of the condenser pinch is equal to (T 1 –
DT/2) = (T h,in + DT/2).
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Figure 1: Schematic representation of the cogeneration systems under consideration
The model comprises the equations expressing mass and energy conservation for each component of the
system, the expressions of the expander and pump isentropic efficiencies in terms of the appropriate
thermodynamic properties as well as the expressions of the heat and power transfers in terms of the
appropriate mass flowrates and enthalpies. It also includes the expression of each heat transfer rate in
terms of the thermal conductance and logarithmic mean temperature difference of each heat exchanger
(vapor generator, load heat exchanger and/or condenser). These equations have been implemented in EES
(Klein 2009) which also includes relations between the thermodynamic properties of R134a and many
other pure fluids. The resulting system of non-linear algebraic equations has been validated (Khennich
and Galanis, 2011) in the case of a simple ORC generating unit (i.e. which is not part of a CHP system).

In the present case this system of equations involves more variables than equations. We have therefore
addressed an optimization problem for different specified values of the heating load Q h . Its objective is to
determine the evaporation pressure of the R134a which maximizes the net power output of the ORC and
satisfies the specified heating load. The investigated range of evaporation pressures is limited by the
saturation pressures of R134a corresponding to the condensation temperature (T c = T p,in + DT) and its
temperature at the exit from the vapor generator (T 3 = T s,in - DT).
Results
The results for three values of DT (5, 10 and 15 K) and the two studied configurations are presented in
Figures 2, 3 and 4. The extensive quantities (heating load, maximum net power output, total exergy
destruction and total thermal conductance of the heat exchangers) are presented per unit mass flowrate of
the heat source. The dead state for exergy calculations is at atmospheric pressure and T DS = 10 ºC (the
same as the temperature of the cooling water entering the condenser of cycle A1). The intensive quantities
are the optimum evaporation pressure (determined with the Golden Section Search method available in
EES) and the corresponding evaporator pinch ΔT ev . The energy utilization factor ε is equal to the ratio of
the total useful effects (heating load plus maximum net power output) to the enthalpy difference between
the source inlet and the dead state (Ṁ s ·c ps ·(T s,in – T DS )); therefore ε is independent of the heat source mass
flowrate and its denominator is fixed for the conditions under investigation. It provides a non-dimensional
index of the energy performance of the systems under consideration.
Figure 2 illustrates the effects of the specific heating load on the maximum net power output per unit
mass flowrate of the heat source and the corresponding optimum evaporation pressure (P 2 = P 3 ). For both
configurations Q h is maximum when W n,max is nil (for this condition T s * = T s,in ). The maximum value of
Q h for cycle A1 is independent of DT (approximately equal to 30 kJ/kg) since the ORC unit is not
operating under these conditions. This value is approximately the same as that for cycle B1 with DT = 10
K. The maximum value of Q h for cycle B1 increases monotonically with DT. It should be noted that for
most combinations of Q h and DT cycle A1 produces a higher net power output per unit mass flowrate of
the heat source; cycle B1 produces a higher W n,max only when DT = 5 K and Q h > 22.5 kJ/kg.
Furthermore, it is important to note that for both cycles the value of W n,max is always much smaller than
the corresponding value of Q h .
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Figure 2: Effects of Q h on W n,max and P ev,opt for three values of DT
Figure 2 also shows that in the case of cycle A1 the quantity W n,max decreases monotonically as Q h
increases. This is due to the fact that the enthalpy drop of the source, c ps ·(T s,in – T s,out ), is constant since
both T s,in and T s,out are fixed for this configuration. Therefore, the increase of Q h causes an increase of the
intermediate source temperature T s* (see Figure 1) and a decrease of the heat supplied to the ORC unit
which results in a decrease of the net power output. On the other hand, in the case of cycle B1 the
variation of W n,max with Q h is not monotonic. For low values of Q h , W n,max increases with Q h but for high
values of Q h the trend is reversed. This behavior is due to the fact that for low values of Q h the outlet
temperature of the source, T s,out , decreases as Q h increases. Eventually this temperature reaches a
minimum value which remains constant and the system therefore behaves similarly to cycle A1 (i.e.
W n,max decreases with increasing Q h ). The effect of the temperature difference DT on W n,max is the same

for both configurations: W n,max decreases when DT increases since the maximum temperature of the cycle
(T 3 ) decreases while its minimum temperature (T 1 ) increases.
Finally, Figure 2 shows that for both configurations the optimum evaporation pressure decreases as Q h
and DT increase. The only exception is for cycle B1 and very small values of Q h ; for these conditions the
evaporation pressure is equal to the saturation pressure corresponding to T 3 and remains therefore
constant. The effect of DT on the optimum evaporation pressure is more pronounced in the case of cycle
B1. For values of Q h smaller than approximately 11 kJ/kg the optimum evaporation pressure for cycle A1
is lower than the corresponding value for cycle B1. For higher values of Q h the optimum evaporation
pressure for cycle A1 is higher.
Figure 3 shows the effects of Q h on the total thermal conductance UA of the heat exchangers and on the
energy utilization factor ε. The latter decreases as DT increases but this effect is small, especially for
large values of Q h ; therefore only the results for DT = 5 K are shown. For both cycles the energy
utilization factor increases with Q h since, as noted before, its denominator is constant while its numerator
increases because Q h varies more rapidly than W n,max . The values of ε are higher in the case of cycle A1
when Q h is smaller than approximately 23 kJ/kg; on the other hand, when Q h is bigger ε for cycle B1 is
slightly higher. Cycle B1 is particularly appropriate for heating loads exceeding 30 kJ/kg for which cycle
A1 is inoperative (for higher heating loads T s,out must be lower than the imposed value of 70 ºC).
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Figure 3: Effects of Q h on UA and ε for three values of DT
As shown in Figure 3 the qualitative effect of Q h on the total thermal conductance UA of the heat
exchangers is strikingly different for the two configurations under consideration. As Q h increases, UA
decreases for cycle A1 while it increases for cycle B1. In the first case this behavior is due to the
progressive decrease of the size of the ORC unit which in the limit (T s * = T s,in or equivalently W n,max = 0)
leads to the elimination of the evaporator and condenser. On the other hand, in the case of cycle B1 the
increase of Q h necessitates a bigger evaporator and a bigger condenser since the heat supplied by the
source to the heating load is transferred through the ORC unit. The values of UA are higher in the case of
cycle A1 when Q h is smaller than approximately 16 kJ/kg; on the other hand, when Q h is bigger UA for
cycle B1 is higher. The effect of DT on UA is the same for both configurations: as DT increases UA
decreases since the temperature difference between the two fluid streams in the evaporator and condenser
decreases. For cycle A1 this effect decreases as Q h increases since under these conditions the importance
of the evaporator and condenser of the ORC unit diminishes. In the case of cycle B1 the effect of DT on
UA increases as Q h increases since under these conditions the evaporator and condenser of the ORC unit
grow bigger.
Figure 4 shows the effects of Q h on the evaporator pinch ΔT ev and on the specific total exergy destruction
E d for the operating conditions for which the specific net power output is maximum. The qualitative
influence of Q h on these two quantities is different for the two cycles. Thus, as Q h increases E d decreases
for cycle A1 and increases for cycle B1. The reasons for this opposite behavior are the same explaining
the analogous influence of Q h on UA. The effect of DT on E d is the same for both configurations: as DT
increases E d decreases since the temperature difference between the two fluid streams in the evaporator
and condenser decreases. For cycle A1 this effect decreases as Q h increases while the opposite is true in

the case of cycle B1. The reasons for this opposite behavior are the same explaining the analogous
behavior of UA.
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Figure 4: Effects of Q h on ∆T ev and E d for three values of DT
The evaporator pinch shown in Figure 4 increases with DT and remains constant over a fairly large range
of Q h values for both cycles. These constant values of ΔT ev are in each case equal to DT/2, the chosen
minimum acceptable value. In the case of cycle A1 they occur at low values of Q h ; as Q h increases the
evaporator pinch for this cycle increases. However, this increase is not very important and does not
change the decreasing trend of UA and E d despite the fact that it increases the logarithmic mean
temperature difference of the evaporator. It should be noted that for cycle A1 with DT = 5 K the
evaporator pinch for Q h higher than approximately 23 kJ/kg is independent of Q h and equal to DT. This
indicates that for these conditions the evaporator pinch occurs at the source inlet since it is equal to (T s,in –
T 3 ). In the case of cycle B1the constant values of ΔT ev occur at high values of Q h ; as Q h decreases the
evaporator pinch for this cycle increases. However, this increase is not very important and does not
change the decreasing trend of UA and E d despite the fact that it increases the logarithmic mean
temperature difference of the evaporator.
Conclusion
The effects of the specific heat load Q h on the two CHP cycles under study are very different. Thus, for
cycle A1, as Q h increases the maximum specific net power output, the total thermal conductance and the
total exergy destruction decrease. On the other hand, for cycle B1, as Q h increases the maximum specific
net power output does not vary monotonically (it reaches a maximum value) while the total thermal
conductance and the total exergy destruction increase.
Both cycles generate considerably less mechanical power than the quantity of heat delivered to the
heating load. Furthermore, in both cases a higher fraction of the energy content of the heat source is used
as the heating load increases.
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Abstract
A 40 kWc jet-pump chiller has been built in Florence at Frigel s.p.a. The plant is intended as a test
bench for future jet-pump chillers for applications in the industrial temperature control market and
powered by waste heat from CHP systems. The generator and evaporator of the prototype unit are
water-heated and the condenser is water cooled. R245fa has been chosen as the working fluid. The
prototype’s jet-pump has a movable primary nozzle and 7 static pressure probes on the mixing
chamber/diffuser duct. This latter has a profile inspired by the CRMC (Constant Rate of Momentum
Change) criterion and is manufactured in carbon fibre and epoxy resin. This paper describes the
prototype and presents a preliminary set of experimental test results.
Introduction
Jet-pump refrigerators are able to utilise waste heat to produce cooling. Steam driven variants are used
by the food processing industry to freeze dry products and for many years they were used on-board
ships to provide both process cooling and air conditioning. Recent technological advances in working
fluids and design now offer a potential for their application in combination with other thermodynamic
systems, such as thermal ice-storage, (Eames, Worall and Wu, 2012) and combined heating, power
and cooling (CHPC) systems. The authors believe jet-pump refrigerators offer a low-cost, practical
alternative to other types of thermally activated refrigerator, such as adsorption and absorptions
machines, particularly when cooling is required for air conditioning applications. Compared with
lithium-bromide/water absorption cycle refrigerators, jet-pump cycle machines requires fewer heat
exchangers and does not suffer from problems of internal corrosion and air infiltration to anywhere
near the same order magnitude. These advantages potentially offer significant capital and life cycle
maintenance cost advantages in favour of the jet-pump machines. Although the jet-pump refrigerator
cannot hope to achieve COP-values of 1.2 obtained by high capital cost double effect absorption cycle
machines, Eames, Ablwaifa and Petrenko (2007) have shown that, with values of waste heat source
and sink temperatures available from commercial CHP systems, COP values similar to those obtained
by single-effect absorption cycle machines of 0.6 to 0.7 can be achieved for typical air conditioning
applications.
Figure 1a shows a schematic view of a prototype jet-pump cycle refrigerator whilst Figure 1b shows
the cycle in a T-s co-ordinate diagram. In the present case both the vapour generator and evaporator
are water heated and the condenser is water cooled. The heat input for the generator and evaporator
water is provided by electrical immersion heaters. In practice it is intended that the condenser will be
a wet-type air cooled unit. In operation the jet-pump refrigerator is similar to that of a conventional
vapour compression machine except the mechanical compressor is replaced by a liquid feed-pump,
vapour generator and a jet-pump. High pressure vapour is produced in the generator which flows
through the primary nozzle of the jet-pump, shown in Figure 2. The primary flow expands as it enters
the mixing chamber and entrains the secondary fluid being drawn from the evaporator. The combined
or tertiary flow is then compressed as it flows through the diffuser section of the jet-pump into the
condenser, where it condenses. The condensate comimg from the condenser is split into two streams.
One is expanded through a throttling valve and fed back to the evaporator whilst the other is returned
via a feed pump to the vapour generator to maintain the refrigerant level there.
This paper describes in outline the design and manufacture of the prototype refrigerator and goes on
to describe its commissioning and to evaluate some preliminary test results.

Figure 1: (a) showing a schematic view of the prototype jet-pump refrigerator. (b) shows its
associated cycle in a T-s diagram.

Figure 2 – Mixer/diffuser composite duct with pressure ports positions. Note that the jet-pump
is mounted in a vertical orientation as shown in Figure 3
Design and manufacture of the prototype.
The jet-pump refrigerator was designed and components sized using computer based software
developed by the authors. The code is based on a one-dimensional calculation method presented by

Grazzini et al., (2012). The simulation allows for changes in superheating at generator and evaporator
exits, subcooling at condenser exit, water flow and inlet temperature at generator and condenser, inlet
and outlet temperature at evaporator plus some geometric features to be studied. Real fluid properties
are used throughout the modelling by incorporating the NIST REFPROP subroutines within the
simulation code.
The results of a study of potential working fluids lead to R245fa being selected as the most suitable
fluid because of its relatively high critical temperature, moderate system pressure ratio, positively
sloped saturated vapour curve, (that gives a dry expansion even starting with saturated vapour) and a
reasonable GWP. The design-point saturation temperatures at the generator, condenser and evaporator
selected were 106oC, 39oC and 4oC respectively. Using the jet-pump simulator it was estimated that
the jet-pump entrainment ratio would be 0.44 and this gave a system COP value of 0.31. Therefore,
for an evaporator cooling duty of 40kWc the vapour generator would require approximately 130 kW
of heat input.
The energy performance of the system is critically dependent on that of the jet-pump. The mixing
chamber and diffuser of the jet-pump were designed according to the ‘constant-rate-of-momentumchange’ (CRMC) criterion introduced by Eames, (2002). Diffuser friction factor coefficients used in
the design were calculated using the method described by Serghides, (1984). The mixing chamber
process was modelled by assuming a gradual entrainment of the secondary flow through a conical
mixing surface originating from the Nozzle Exit Plane (NXP). Both cone angle of this mixing surface
(that determines the length of the mixing zone) and energy losses in the mixing process were
assumed.
Figure 3 shows two photographs of the test rig. WP10 type plate heat exchangers by GEA GmbH
were used for the generator, evaporator and condenser. Their performance was modelled using a
manufacturer’s heat exchanger selection software. This provided data on their heat transfer capacity
and pressure losses as well as giving the dimensions the heat exchangers. The generator was designed
to be heated by water at 115°C produced by electric heaters providing a maximum heat input of 154
kW. A multistage centrifugal, magnetically driven, variable speed feed-pump was used.
As shown in Figure 1, a vertical arrangement was adopted; partly to reduce floor space occupied by
the plant but mainly to mitigate any flow cavitation problems at pump inlet. Figure 2 shows a
photograph of the carbon fibre jet-pump with its adjustable primary nozzle. Standard flanges were
moulded into the composite material to provide connections to the suction and discharge pipes. Seven
static pressure ports were set into the diffuser as shown in Figure 2. The first tapping is just upstream
of the nozzle-exit-position (NXP), while the second is in the mixing zone. A Sporlan SEI-50
electronic expansion valve (EEV) was used to control liquid level in the evaporator.
For the purpose of experimentation Keller piezo-resistive pressure transmitters and Pt100 temperature
sensors were attached to the generator, evaporator and condenser vessels. Endress+Hauser Promag
electromagnetic flow meters were used to measure all water flows. Pump electric power consumption
was measured by an electronic watt-meter. Figure 4 shows the locations of the measurement points. A
data acquisition system was used to record and store measured data and to calculate some relevant
performance parameters.
Prototype commissioning
The prototype plant has been commissioned and continuous test runs of up to 5 hours. Its operation
was stable and no apparent refrigerant or air leaks were detected. There was no evidence of pump
cavitation and the pump speed control worked well. Some system noise was apparent which requires
further investigation, however for the main part this is at an acceptable level.
Preliminary experimental results
The correct positioning of the primary nozzle within the mixing chamber is important to performance
of the system. Experiments were carried out to determine the optimum nozzle exit position (NXP) for

the particular jet-pump under test. The reference position (NXP = 0) used in the simulation code was
120 mm downstream of the inlet flange. At each position the generator and evaporator heat rates were
measured and the system COP was calculated. Figure 5 shows the results of these tests from which it
can be seen that the optimum position of the nozzle exit plane is at NXP = 0.

Figure 3 – Views of the prototype jet-pump refrigerator

Figure 4 – Layout with measured/calculated parameters
With the nozzle set at its optimum position, (NXP = 0) and with the generator and evaporator
temperatures held (approximately) constant, the system COP was measured over a range of condenser
pressures. Figure 6 shows the results of these tests. The results shown in Figure 6 show the measured
design-point COP to be approximately 0.15 and the critical condenser pressure to be 2.225 bar or
approximately 36oC(sat).
Figure 7 shows the results of pressure measurements taken at various operating conditions at the wall
surfaces of the mixing chamber and diffuser sections. Table 2 lists the temperature conditions used to
determine the results shown in Figure 7.

Figure 5: Showing the variation in COP with
NXP with the jet-pump refrigerator operating
at its design-point conditions of Tg = 106oC,
Tc =39oC and Te=4oC

Figure 6: Showing the measured variation
COP with condenser pressure. In this case the
jet-pump critical condenser pressure was
found to be 2.225 bar or approximately
36oC(sat).
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Figure 7: Experimental wall measurements along the
mixing chamber and diffuser duct
Table 2: Experimental conditions used in the measurement of wall-pressures shown in Figure 7
test
condition
1
2
3
4
5

evaporation
temperature [°C]
13.2
12.4
10.3
7.8
1.9

condensation
temperature [°C]
37.7
38.3
37.3
35.5
35.2

generator
temperature [°C]
105.8
107.2
106.6
107.6
108.1

Discussion
The measured COP-values are lower than those calculated using the computer based simulation
model. The average measured COP-value was approximately 0.15 whilst the maximum value
recorded was 0.17. This was measured with an evaporator temperature of 10°C(sat) and condenser
temperature of 32°C(sat). For comparison the simulation model estimated the COP-value to be 0.31
with evaporator at 5°C(sat) and the condenser at 40°C(sat).

It is still to be determined in what measure the reduced performance is due to design problems or to
mismatch between design and experimental conditions. Furthermore, it should be determined how
much the performance is impaired by the experimental jet-pump although the required critical
condenser pressure and the minimum measured suction pressure was found to be acceptable at 0.4 bar
compared with 0.37 bar estimated using the model. A part of the performance degradation may have
been due to reduced heat exchange at evaporator, which has a large exchange area, but may be
affected by uneven flow distribution.
The results in Figure 7 clearly show the constant pressure mixing zone postulated by the model and
the slight pressure decrease at diffuser end, probably due to fluid recirculation within the exit region
Generator heat input values were calculated using the time averaged electrical power delivered to the
heating water by the immersion heaters. Feed pump power input was measured at around 2.5 kW.
However, because of the rapid variation in the chilled water temperature difference across the
evaporator, precise evaluation of COP is difficult. This problem is thought to result from the large
thermal inertia of the evaporator and the responsiveness of the chilled water flow control system.
Although time-averaged measurements helped to smooth the data and gave more stable results COP
data are still quite scattered, as shown in figure 6.
Conclusions
The prototype refrigerator was shown to operate stably over a range of operating conditions. The
minimum suction and maximum condenser pressures and temperatures achieved are acceptable to the
proposed application. Feed pump behaviour is satisfactory, justifying vertical arrangement.
At present there are significant differences between the theoretical results produced by the simulation
model and those measured experimentally, which needs further investigation. However, there are
some doubts about the accuracy of the experimental data caused by the fluctuations in chilled water
temperature and relatively small changes in water temperature across the evaporator. Further research
is needed to solve this issue.
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Abstract
The aim of this study is to develop a solar driven double/single effect LiBr-H 2 O cooling unit
using an innovative medium temperature solar collector. The studied LiBr-H 2 O absorption cooling
unit can be altered between the double effect and single effect modes automatically, depending on
the driving temperature provided by the solar collectors. In this way, the solar thermal energy can
be used more efficiently for cooling, i.e. the average COP of the unit is higher than that of the
single effect absorption unit and the time for producing cooling is longer than that of the double
effect unit. Moreover, by using the specially developed medium temperature evacuated tube solar
collector, the solar collecting section can provide thermal energy at higher temperature level
compared to the normal solar collectors. Results show that this kind of solar collector can work
steadily at temperature over 130 oC, and the thermal conversion efficiency is about 46%. It is
expected that the daily average COP of the studied solar absorption cooling system can be about
0.8, and can produce cooling for 6-8 hours relying purely on solar energy during a typical sunny
day. In this work, the performance of such unit will be investigated extensively.
Keywords: Solar cooling; Double/single effect absorption cooling unit; Medium temperature CPC
solar collector

1. Introduction
It is well known that increasing energy consumption and deteriorating global warming have
sparked growing interest in heat-drive refrigeration and air-conditioning system. Solar thermal
energy, which marches the energy demand of the cooling system perfectly, is thought to be one of
the most promising ways to alleviate these crises [1]. Among the existed solar thermal driven
cooling systems, the double or single absorption cooling system has been recognized as the most
mature technology.
Solar cooling has long been a desired goal in utilizing the solar resource. However, the technical
barriers to implementation are well-known. Efficient absorption cooling machines (double effect)
require relatively high temperatures above 150 °C which is well beyond the range of flat plate solar
collectors, while tracking collectors are problematic for building applications [2]. Moreover,
absorption machines operate in a relatively narrow range of temperature and do not respond well to
the natural variability of solar insolation. Recently the availability of fixed, high temperature nonimaging collectors, and absorption chillers that are gas/solar hybrids have created a new paradigm
in effective solar cooling [3,4].
Motivated by above situations, a solar driven double/single effect LiBr-H2O cooling unit
(DSECU) using an innovative medium temperature solar collector (M-T solar collector), is
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developed in this paper. The studied LiBr-H2O absorption cooling unit can be altered between the
double effect and single effect modes automatically, depending on the driving temperature
provided by the solar collectors. In addition, the novel M-T solar collector, which has a good
integration with the building roof and can provide thermal energy at higher temperature level
compared to the normal solar collectors, is also introduced. The objective of this work is to develop
the solar driven DSECU using the M-T solar collector, and analyze the performance of the cooling
system. Besides, on the basis of the experimental data for each device of the system, a simulation
model of the system is developed under reasonable assumptions, using the TRNSYS software
platform. Through studying the seasonal performance of the cooling system in Shanghai, Beijing
and Jinan, which represents temperate climate, the performance of such system is evaluated
extensively.
2. System description
2.1. System configuration and working principle
Fig.1 illustrates both the P-T diagram and the schematic the solar driven DSECU using the M-T
solar collector. As shown in Fig.1, the system generally consists of three subsystems, namely, M-T
solar collecting system, which includes CPC solar collectors and a hot water storage tank, DSECU
system, which comprises H-T and L-T generators, a condenser, an evaporator, three heat
exchangers and an absorber [5]. In summer, the solar energy is gained through the collector array
and is accumulated in the storage tank. Then, the hot water in the storage tank is supplied to the
absorption chiller, thereby providing cooling by fan coil for the building. An auxiliary energy
source is provided, so that the hot water is supplied to the generator when solar energy is not
sufficient to heat the water to the required temperature level needed by the generator of the
absorption chiller. It is seen that depending on the temperature level of the solar collector, the solar
heat can be input to low pressure generator or high pressure generator. In this case, the solar heat
can be used more efficiently and the chiller can work for a longer time.

M-T solar
collectors

Water
tank

Gas boiler

Water
pump

Figure 1. Solar driven absorption cooling system.

2.2 M-T solar collectors
The collector configuration is an evacuated tube receiver matched to an external non-imaging
reflector, typically referred to as an XCPC. Fig. 2 is an image of the prototype. The XCPC provides
solar concentration without moving parts that can achieve operating temperatures up to 150°C. The
design principle maximizes the probability that radiation starting at the receiver would be directed
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to a specific band in the sky. In this case “north-south orientation’’ M-T collector corresponds to a
nominal operational time period of eight hours a day with a tilt of 31o.
The thermal performance as a function of operating temperature is shown in Fig. 3. It can be
found that the solar collector with improved coating and the CPC reflector, the thermal efficiency is
improved at high operation temperature level. The efficiency can reach 50% when the temperature
is 130℃. Thus, the collector is feasible to drive the double and single effect solar cooling cycle.

Figure 2. The prototype of the M-T solar collector.
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3. Theoretical analysis
In this section, a simulation model based on TRNSYS 16 is created to evaluate the performance
and applicability of the solar hybrid air conditioning system. Daily thermodynamic performance is
analyzed. Feasibility discussion is performed under the typical conditions.
Fig. 4 shows the components and their connection of the solar DSECU system in TRNSYS
simulation studio. Specific assumptions, which are based on the installed system and the monitored
results, are listed in Table 1.
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Figure 4. TRNSYS simulation studio project of the DSECU cooling system.
Table 1
Specific assumptions used in the simulation.
Item

factor

Building heat load
Enclosure

(1) Wall: area 87 m2, heat transfer coefficient 1.53 W/(m2 K)
(2) Ceiling: area 80 m2, heat transfer coefficient 0.7 W/(m2 K)
(3) Cooling load is neglected for floor and internal walls and widows, which
are surrounded by conditioned rooms
(4) Window: area 36 m2, heat transfer coefficient 2.9 W/( m2 K)

Equipment

40 W/ m2

People

(1) Occupancy rate: 4 m2 per person
(2) Percentage of men, women and children: 0.925
(3) Fresh air requirement: 30 m3/h per person
(4) Shanghai, T indoor = 27 oC (local typical indoor conditions), latent load
production rate:130 W/person, sensible load production rate: 51 W/person

Lighting

20 W/m2

Solar DSECU cooling system
CPC solar
collector

(1) Performance model of solar collector: type74 TRNSYS solar collector
model, collecting area 100 m2, water flow rate 2000 kg/h
(2) Water tank: type4c with loss coefficient of 2.5 kJ/(h tm2 K) and initial
temperature of 80 oC, tank volume 3 m3

DSECU

(1) Cooling capacity 18 kW
(2) mass flow rate of cooling water: 8000 kg/h (single effect model), 5900 kg/h
(double effect model)
(3) mass flow rate of chilled water: 2500 kg/h (single effect model), 3200 kg/h
(double effect model)

Control strategy

run when the temperature to load of water tank is above 80 oC during business
hours (from 9:00 to 17:00)
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The typical meteorological year (TMY) data of Shanghai is used. Constant solar collector area,
water tank volume, hot water flow rate and process air flow rate of the DSECU unit under the
single and double effect models, which are set as 100 m2, 3 m3, 1000 kg/h and 3000 m3/h,
respectively, are adopted. Based on building heat load, the maximum cooling capacity of 18 kW is
required for DSECU.
4. Results and Discussion
Fig.5 illustrates the variations of meteorological parameters, outlet temperature of M-T
collectors, temperature to load (single/double absorption chiller) and average temperature inner
water storage tank as the local time varied (Shanghai). As can be seen, outlet temperature of the MT collectors varies similarly as the increase and decrease of solar irradiation on the aperture plane,
nevertheless, a slight time delay occurs in the decreasing process due to time constant and heat
capacity. It is obvious that outlet temperature of collectors is higher than the temperature to load
under the operation condition with a high irradiation, the opposite occurs within the low solar
irradiation condition. Besides ambient temperature, with a high value over 30 oC during the entire
operational process is given in Fig.5.
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Figure 5. The variation of Meteorological parameters, outlet temperature of M-T collectors,
temperature to load (single/double absorption chiller) and average temperature inner water storage
tank as the local time (Shanghai).
Fig. 6 shows a daily performance which consists of six critical variables, namely, inlet and
outlet temperatures, COP of the DSECU cooling system, as well as air temperature inner the room.
As shown in Fig.6, it is believed that M-T solar collector will have a perspective to adopt in solar
power air condition system. Two generators working at different temperatures are operated in
series, whereby the condenser heat of the refrigerant desorbed from the first generator is used to

5

heat the second generator. Thereby a higher COP in the range of 1.1–1.2 is achieved as shown in
the yellow domain. When the hot water temperature value from collectors can achieve more than
140℃, the chiller runs in double effect mode. And when it is between 130℃ and 88℃, the chiller
will automatically be switched to single effect mode. So it is expected that the COP of the system
could approximately reach to 1.2 at the highest value in double effect mode and the daily average
COP of the system can be about 0.8. It can produce cooling for 6-8 hours relying purely on solar
energy during a typical sunny day.
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Figure 6. The variation of inlet and outlet temperatures, COP of the DSECU cooling system, as
well as air temperature inner the room with local time (Shanghai): the yellow domain shows the
double effect operation model.
5. Conclusions
By combining solar driven single/double effect cooling and air-source vapor compression airconditioning, a solar hybrid DSECU conditioning system was developed in this paper. The studied
LiBr-H 2 O absorption cooling unit can be altered between the double effect and single effect modes
automatically, depending on the driving temperature provided by the solar collectors. A simulation
model was created in TRNSYS simulation studio. Detailed theoretical analysis was performed.
Simulation results show the solar thermal energy can be used more efficiently for cooling, i.e. the
average COP of the unit is higher than that of the single effect absorption unit and the operational
time of 6-8 hours for producing cooling is longer than that of the double effect unit. The operation
of the studied solar driven DSECU cooling system is confirmed to be reliable and energy efficient.
Under typical local condition, it can achieve a daily average thermal COP reaching 0.8.
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Significant energy savings can be obtained by implementing a thermally driven heat pump
into industrial or domestic applications. Such a thermally driven heat pump uses heat from a
high-temperature source to drive the system which upgrades an abundantly available heat
source (industrial waste heat, air, water, geothermal). A way to do this is by coupling a
thermoacoustic engine with a thermoacoustic heat pump. The engine is driven by a burner
and produces acoustic power and heat at the required temperature. The acoustic power is used
to pump heat in the heat pump to the required temperature. This system is attractive since it
uses a noble gas as working medium and has no moving mechanical parts. This paper deals
with the first part of this system: the engine. In this study, hot air is used to simulate the flue
gases originating from a gas burner. This is in contrast with a lot of other studies of
thermoacoustic engines that use an electrical heater as heat source. Using hot air resembles to
a larger extent the real world application. The engine produces about 300 W of acoustic
power with a performance of 41 % of the Carnot efficiency at a hot air temperature of 620°C.
1. INTRODUCTION

Conventional engines generate work from heat by driving a piston or turning a turbine.
Thermoacoustic engines in contrast have no mechanical moving parts or sliding seals
involved in the power cycle which makes them very reliable. They have also the advantages
of using only environmentally friendly working medium (noble gases), simple
implementation, and the use of common materials. The thermodynamic cycle used by a
thermoacoustic traveling-wave engine is similar to the Stirling cycle. In 1979, it was
recognized that the time phasing between the pressure and velocity of the gas in the
regenerator of a Stirling system is the same as in a traveling acoustic wave (Ceperly, 1979).
In an attempt to eliminate the moving mechanical parts in a conventional Stirling engine,
Ceperley built a traveling-wave thermoacoustic engine which consists simply of a regenerator
sandwiched between two heat exchangers placed inside an air filled looped tube. However,
the engine did not function due large viscous losses in the regenerator and to mass streaming
in the tube. It is only in 1999 that the first efficient thermoacoustic-Stirling engine is built by
Backhaus et al. (Backhaus, 1999). This engine converts heat into acoustic power with an
efficiency of 30 %, corresponding to 41 % of the Carnot efficiency without moving
mechanical parts. In 2009, Tijani et al. developed a thermoacoustic-Stirling engine which
achieved an even higher performance of 49 % of the Carnot efficiency (Tijani, 2011). These
efficiencies are considered high enough to allow commercial applications. However, these
efficiencies are obtained using electrical heaters as a heat source. This is not realistic for real
worlds applications. The challenge is to achieve these efficiencies using industrial heat
sources like hot flue gases from a gas burner or industrial waste heat.
This paper presents the design, construction, and test of a hot air driven thermoacoustic heat
engine. The remaining of this paper is organized as follow: Section 2 describes the working
principle, design, and construction of the engine. Section 4 is devoted to the measurements
procedure. Section 5 presents the experimental results. In section 6 some conclusions are
drawn.

2. DESIGN AND CONSTRUCTION OF THE THERMOACOUSTIC ENGINE

The engine uses heat Qh from hot air at a high temperature Th to generate acoustic power W.
Part of the acoustic power is dissipated in the acoustic resonator (tube) and the rest (useful) is
dissipated in a variable acoustic load. The remaining heat (Qa) and the dissipated acoustic
power (Qr and Ql) are rejected to the environment (Ta) as shown in Figure 1. In this study the
engine operates between a high temperature and the ambient temperature.
Th
Qh
W
Engine

Qa

Resonator
Qr

Wload

Acoustic load
Ql

Ta
Figure 1 − Thermodynamic illustration of the thermoacoustic heat engine.
A schematic illustration of the thermoacoustic engine is shown in Figure 2. The
thermoacoustic computer code DeltaEC (Ward, 1994) is used to design and optimize the
engine. The engine uses helium at 40 bar and the operation frequency is 120 Hz. Air driven
by a blower and heated by an electrical heater is used as hot heat source and water flow
chilled by a thermostat bath is used as a heat sink for the engine. The different components of
the engine as incorporated in the DeltaEC-model are as indicated in Figure 2. The engine
consists of a torus-shaped section attached to a quarter-wavelength acoustic resonator and to
a variable acoustic load. The torus-shaped section contains the thermodynamic active part
consisting of a regenerator (REG) sandwiched between two heat exchangers AHX1 and
HHX. The regenerator is the core of the engine where the thermoacoustic conversion
processes takes place. The thermoacoustic-Stirling heat engine functions like an acoustic
amplifier. The application of heat to the HHX and anchoring AHX1 to ambient temperature
creates a temperature difference across the regenerator which generates spontaneously an
acoustic wave (Ceperly, 1979; Backhaus, 1999). The acoustic wave is amplified by forcing
the helium gas in the regenerator to execute a thermodynamic cycle similar to the Stirling
cycle. The acoustic wave takes care of the compression, displacement, and expansion of the

Figure 2−
− Schematic illustration of the thermoacoustic Stirling-engine. An acoustic load is
placed on the resonator to control the power output of the engine. The pressure sensors are
indicated by “P’s”.

gas, and for the timing necessary for the Stirling cycle. To keep the process on going, part of
the acoustic power is fed back through the feedback tube (L) to the ambient side (AHX1) of
the regenerator to be amplified. The remainder of the acoustic power is available as useful
power at the junction to the resonator. The gas column in the thermal buffer tube (TBT)
provides thermal insulation for the HHX. A secondary ambient heat exchanger (AHX2) is
placed at the end of the TBT to intercept the heat leaking down the TBT. A CAD-drawing of
the torus part of the engine is shown in Figure 3.

Figure 3 − A schematic- (left) and a CAD-drawing (right) of the torus part of the engine
The regenerator consists of a 6 cm long stack of 180-mesh stainless steel screens with a
diameter of 6.7 cm. The diameter of the screen wire is 40 µm. A volume porosity of 78 %
and a hydraulic radius of 35 µm are calculated using the mesh-number and wire diameter.
The regenerator holder, the HHX, and TBT are made from the same high temperature steel
block (AltempHX) as illustrated in Figure 4 (middle). The first ambient heat exchanger
(AHX1) is of cross-flow type and consists of a cylindrical brass block with a length of 2 cm
and a diameter of 6.7 cm. Copper fins are used at the helium side to increase the heat transfer
area. The water-side consists of rectangular channels (slits) 1 mm high and 15 mm wide. A
picture of AHX1 is shown in Figure 4 (left). The hot heat exchanger (HHX) is the most
crucial component of the engine. It is designed to exchange 2 kW of heat between hot air and
helium gas. The length in the acoustic direction is 5 cm and the diameter is 6.7 cm. It is
chosen to use a fin-fin cross-flow heat exchanger. The optimization of the heat exchanger
consists of transferring the needed heat with minimal pressure drop and temperature
difference. Slits are made in the block for both helium- and air-side using EDM technique.
However, because of the length of the slits and the difficulty to access them this process took
a long time and the cost were proportionally high. Stainless steel fins are brazed in the slits to
improve heat transfer between helium and air. For the helium side 50 fins/in are used with a
length of 5 cm and a height of 1 mm. For the air side 20 fins/in are used with a length of 7.5
cm, a width of 4.5 cm, and a high of 2 mm. The second ambient heat exchanger consists of a
cylindrical brass block with a diameter

Figure 4 − (Left) Picture of the AHX1; (middle) the block consisting of the regenerator holder,
HHX, and TBT; (Right) picture of AHX2.

6.7 cm, a length of 1 cm, and containing 782 holes with a diameter of 1.5 mm through which
the helium gas oscillates. Water flows around the perimeter of this block to carry away the
heat leaking down the TBZ. A picture of AHX2 is shown in Figure 4 (right). The thermal
buffer tube consists of a thin-walled cylindrical tube with an inside diameter of 7 cm, a wall
thickness of 1.6 mm, and a length of 17 cm. The feedback inertance consists of cylindrical
tube with a length of 73 cm and diameter of 6.7 cm. The pressure balanced sliding joint is
used to compensate the thermal expansion of the hot parts of the engine. This will avoid the
building of mechanical stress in the hot walls and hence the damage of these parts. The
variable acoustic load consists of a 1 liter-tank and an adjustable valve. The resonator
consists of two straight tubes connected by a cone. The first straight tube has an inner
diameter of 8.3 cm and length of 86 cm, the conical tube has a start inner diameter of 8.3 cm,
a length of 210 cm, and a final inner diameter of 21.3 cm. The last tube has an inner diameter
of 21.3 cm and a length of 50 cm terminating in ellipsoidal cap. An elastic membrane is
placed at the ambient heat exchanger to suppress Gedeon streaming (Backhaus,1999).
3. CHARACTERIZATION OF THE ENGINE
The characterization of the performance of the engine requires the measurement of thermal
and acoustic powers. The system will be instrumented so that these different quantities can be
measured. The thermal power input to the engine delivered by hot air flow or the thermal
power extracted by flow water from the AHX1 or AHX2 is given by
ܳሶ = ߩܿ ܷሺܶ − ܶ ሻ

(1)

Here is ρ the density of hot air or water cp is the specific heat of air or water, U is the volume
flow rate of air or water, and Ti and To are the input and output temperatures of the stream
flowing through the heat exchanger. The volume flow rates of air and water are measured
with flow meters and the temperatures are measured by K-type thermocouples placed at the
inlet and outlet of the heat exchangers.
The acoustic power produced by the engine is measured by the so-called two-microphone
method. By reference to Figure 2, the acoustic power flowing past the midpoint of the two
pressure sensors p3 and p4 is given by (Fusco, 1992)
•.
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Here p3 and p4 are the amplitudes of the dynamic pressures measured by the two pressure
sensors, ∆x is the distance between the two transducers along the resonator, α is the phase
angle by which p3 leads p4, ω is the angular frequency, ρg is the average density of the gas,
and δν is the viscous penetration depth. The acoustic power dissipated in the load is given by
(Fusco, 1992)
•

W load =

ωV c
p 5 p 6 sin β ,
2γp m

(3)

where p5 and p6 are the amplitudes of the dynamic pressures measured at the entrance of the
load and in the compliance of the load respectively, β is the phase difference between p5 and
p6, ω is the angular frequency, Vc is the volume of the tank of the load, pm is the average
pressure of the gas, and γ is the ratio of the isobaric to isochoric specific heats. The power,
measured by the two-microphone method is the sum of the acoustic power, dissipated in the
resonator section to the left of the midpoint of the two-microphones and the acoustic power,
dissipated in the load
•

•

•

W 2 mic = W res + W load .

(4)

It is worthwhile to note that the two-microphone method is quite difficult due to its sensitivity
to the microphone position, the phase difference, and flow conditions. The performance of
the engine η is given by
•

η=

W
•

,

(5)

Qh
•

where W is the acoustic power produced by the engine (entering the resonator) which is
•

deduced from W 2 mic by extrapolation using the DeltaEC model of the system. The Carnot
efficiency of the engine is given by

ηC =

Th − Ta
.
Th

(6)

Here Th is the temperature of the hot air and Ta is the average temperature of the cooling
water flowing through the ambient heat exchanger. The performance relative to Carnot is
defined as the ratio

ηr =

η
.
ηC

(7)

4. EXPERIMENTAL RESULTS
The accuracy of the acoustic power measurements is first checked by plotting Expression 4
for several drive ratio’s. The drive ratio is the ratio of the acoustic pressure and the average
pressure. Linear fits to experimental results show a slope of about 1 which gives confidence
in the two-microphone method measurements (Backhaus, 1999).
Figure 5 shows the measured performance of the thermoacoustic engine as a function of the
temperature of the hot air for two drive ratio’s. The acoustic power output and the
performance relative to Carnot increases as function of the hot air temperature. At a given hot
air temperature the acoustic power produced by the engine at a dive ratio of 6 % is higher
than at 4 %. The engine produces about 300 W of acoustic power with a performance of 41 %

of Carnot efficiency at a drive ratio of 6 % and a hot air temperature of 620°C. This relatively
good performance is obtained in spite of a considerable heat leakage due to streaming in the
TBT. As explained before, an elastic membrane is placed at the ambient heat exchanger to
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Figure 5−
− Measured acoustic power and performance relative to Carnot ( ηr) as a
function of the hot air temperature for two drive ratios 4 and 6 %.

suppress Gedeon streaming. However, Rayleigh and/or jet-driven streaming in the TBT
causes a heat leakage down the TBT. Another point is that the HHX is designed to exchange
2 kW of heat between hot air at 800°C and helium gas at 550°C. To this end a hot air flow of
80 m3/h is required. However, the experiments show that the hot air flow is 80 m3/h at room
temperature but decreases with the temperature of hot air to about 40 m3/h at 600°C. The
result is that only 1 kW of thermal power can be transferred to the engine and thus only about
half of the expected acoustic power is produced. An improvement of the performance might
be expected by suppressing the heat leak and improving the heat transfer in the HHX.
5. CONCLUSION
A hot air driven thermoacoustic-Stirling engine is designed, built, and tested. The engine
produces about 300 W of acoustic power with a performance of 41 % of the Carnot
performance at a hot air temperature of 620°C. The performance of the engine can be
improved by suppressing the heat leak down the thermal buffer tube and improving the heat
transfer in the HHX. The results of this study can be considered as encouraging for possible
industrial applications of the thermoacoustic technology. However, an extended study is
required for the ways efficient heat transfer between the thermoaocustic engine and different
industrial heat sources might be achieved. To this end compact heat exchangers especially
conceived for oscillating flow heat transfer might be considered.
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Abstract
An ammonia-carbon pair gas-fired heat pump system has been under development at the University of
Warwick for some years. It uses four adsorbent beds in a highly regenerative cycle and was predicted to
have an annual average COP of 1.35 using an air source and low temperature radiators for heat output.
The first version was completed in 2011 but has required some modification to work towards the desired
target. The complex water distribution valves that control heat recovery have been successfully redesigned and tested. Preliminary results show that the bed conductivity will need to be improved and
progress towards this goal is described.
Introduction
A gas-fired heat pump system intended to replace conventional condensing boilers is under development.
The machine uses four sorption generators with heat recovery between all beds plus mass recovery and
has a nominal heat output of 7 kW. The sorption pair is active carbon-ammonia. Predicted annual average
heating COP (Heat output / gas energy input based on gross calorific value) exceeds 1.35 in a UK
application with low temperature radiators.
In the drive to develop products and systems that will result in major energy end use reductions the
development of domestic sorption heat pumps has a long history and many variations have been tried. One
of the earliest attempts was by Shelton (1986) and the Wave-Air company. More recently products are being
developed by Vaillant, Viessmann and Robur, Albus, 2009. The work described here has been carried out
by the University of Warwick as part of a project called CALEBRE (Consumer Appealing Low Energy
Technology for Building Retrofit) funded by EPSRC and E.ON and is the subject of further development by
Sorption Energy Ltd. The concept is an affordable air source sorption heat pump that can replace a
conventional gas-fired boiler and reduce gas consumption by over one third.
Modelling and Design
A simulation model of a four bed system has been validated by Metcalf (2009), and compared with
alternative cycles in Metcalf (2012). It has been used to generate the predicted performance data of
Figure 1. The machine was designed around a specification for a typical UK house that had been
retrofitted with good insulation to the point that the heat pump needed to deliver 7 kW of heat. Assuming
the UK climate and heat delivery at 50 C to low temperature radiators the calculated mean annual COP
based on the higher calorific value of gas burnt would be 1.35.
Previous sorption generators (Tamainot-Telto Z., Metcalf S.J. and Critoph R.E. (2008)) have used plate
shim designs but theoretical modelling suggests that a shell and micro-tube construction could have less
thermal mass and equivalent heat transfer. The core of such a heat exchanger is shown in Figure 2 and
fully assembled in Figure 3.
Figure 4 shows the completed prototype in its initial form but without insulation. It is designed as a single
unit to be installed outside the house with water, gas and electrical connections being made through the wall.

Heat output 6-7 kW
Burner efficiency 84% (GCV)
Exhaust gas recovery 5% of input
Water flow rate 20 litres/min
COP based on Gross Calorific Value

Figure 1: Predicted COP

Carbon packed
between 1.2 mm
tubes

Water
flow

Figure 2: Generator core

Figure 3: Complete generator.

Progress to July 2012
In May 2011 the prototype was mechanically complete, insulated and installed in an environmental test
chamber. The load consisted of a set of radiators in an adjoining environmental chamber. Initial testing
was successful in that the unit pumped heat and delivered water at high temperature (up to 60 C).
However, the efficiency was very low because of excessive heat leakage from pipework and internal
leakage of water in the valve assemblies. Pressure from potential industrial partner demanded a ‘quick,
low-cost, temporary solution’ for the two ‘5-pole 4-way’ water valves. We went for an assembly [2 x 5 x
4] of pneumatically operated valves. These were completed in September 2011 and testing restarted. No
internal leakage was observed but thermal mass and heat loss from the large assembly was still an issue,
with performance unacceptable. The conclusion was that we needed a ‘final production version valve’
and that further testing would be pointless without it. The attempt to provide a ‘quick, low-cost,
temporary solution’ was not quick or low cost or a solution.

Figure 4: Prototype heat pump

Figure 5: Ceramic disc valve under construction
Ceramic disc valves were seen as a compact and reliable technology but required a bespoke design for
such a complex valve. A test module built using existing ceramic discs from a mixer tap was successfully
tested in January 2012. This allowed us to commit to a full valve set of purpose built ceramic discs,
polymer valve shell, etc. and components were ready in March 2012.
An additional problem that was already known about was the overall thermal conductivity of the
adsorption generators. Previous experience with the EU funded TOPMACS car air conditioning project
(Tamainot-Telto Z., Metcalf S.J. and Critoph R.E. (2008)) used compacted carbon having a conductivity
-1
of 0.4 W m-1K . The new shell and tube design was not so amenable to compaction and measurements
indicated that its conductivity was closer to that of an uncompacted bed. With insufficient resources and
time constraints it was decided to see if the lower conductivity beds would at least deliver the lower
output predicted. Because the gas boiler was already on the lower limits of its modulated output before it
was forced to cycle, it was decided to replace it with an electrically heated system. Heat was still
transferred via a pressurised water loop at up to 170 C but in a more controlled fashion.

The new water valves worked very well, with minimal internal water/heat leakage or external heat loss.
Sample test results are shown in Figure 65. The ambient temperature is 10 C and load is 40/35 C.

Figure 6: Sample results for a range of flow rates, June 2012
The lowest sets of lines are the measured cooling COP. The cooling power is based on ammonia mass
flow rate (measured at condenser and based on water flow rate measured with a Coriolis mass flow meter
and RTDs) and evaporator pressure and temperatures. The input heat is measured similarly. The middle
sets of lines are the measured heating COP based on the Coriolis meter water flow and temperature rise
from RTDs. In theory this should be exactly 1.0 more than the cooling power but appears to be about 100
– 200 Watts short of heat output. This is supposed to be heat loss from pipes etc that we have not been
able to insulate properly and so the top set of lines is presented, which is exactly 1 + cooling COP. The
three sets of lines running from left to right are for different water flow rates. It can be seen that the COP
is relatively unsensitive. Within each line the different data points are for different cycle times.

Figure 7: Typical variation of instantaneous power output with time.
Figure 7 illustrates how the power output fluctuates over a cycle. The variation is very regular and
repeatable.

-1

The results suffer from the poor adsorption bed conductivity (estimated at 0.1 W m -1K ) mentioned
-1
above and are well below the 0.4 W m-1K modelled. Rather than collect more data at this time we are
investigating ways to improve the adsorbent compaction and conductivity. New methods of manufacture
show promise in increasing the adsorbent density but the conductivity can only be measured in a
dedicated test rig. This was used successfully before to measure heat transfer in plate-type adsorbers and
also predicted the problems with the shell and tube adsorber. A sorption generator loaded with ammonia
is subjected to rapid heating over a minute or so, desorbing ammonia which is collected in a condenser.
The ammonia gas flow is measured with a Coriolis mass flow meter. The overall U-value is measured by
matching the measured mass flow with that simulated. The simulation model uses the measured heating
water temperature and system pressure to predict mass flow given an assumed U-value. The simulation
run that provides the best agreement with the experimental data is assumed to use the correct U-value.
Future Plans
At the time of writing we expect to test a new generator in July 2012 and if the results are encouraging to
build a full set of four that will be tested in the existing prototype. If present estimates are correct we will
have new test data with improved generators around November 2012. Ultimately we intend to move
towards construction of a ‘Thermal Compressor’ module that could be incorporated together with gas
burners/heat exchangers and standard refrigeration components into a complete gas heat pump system.
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Abstract
A thermochemical energy storage invented in the 19th century, the so-called ‘Honigmann-process’, is being
reconsidered for the storage of renewable energies and waste heat (Jahnke et al., 2009). In general, the
storage can be charged with the input of heat or mechanical work and discharged with the release of heat,
cold or mechanical work. This flexibility is the major advantage of the process compared to other storage
technologies. Another advantage is the absence of self-discharge.
In this work, one basic process option of charging with the input of low grade heat and discharging with the
release of mechanical work is being studied. A fundamental model based on transient energy and mass
balances has been implemented with the help of the modeling language Modelica. With this model, it is now
possible to simulate the dynamic behavior of the process to investigate operating and control strategies and
the choice of different working fluid pairs. The key features of the model and first simulation results are
being presented.
Description of the process
In this section, the working principle will be described. The discharging process is based on two basic
physical effects (Figure 1):
1. The first effect is the vapor pressure depression of an aqueous solution compared to the working fluid
(water). Due to the difference in vapor pressure an expansion machine can be operated by steam
flowing from a water vessel to a solution vessel at an even higher temperature.
2. The second essential effect is the occurrence of heat of absorption which can be recovered. The water
vapor is absorbed in the solution and heat of absorption is set free. This heat is transferred to the
water vessel to evaporate more water and the expansion continues.
At first glance this resembles a perpetual motion machine, which, of course, it is not. The solution becomes
more and more diluted until the vapor pressure difference becomes too small to run the expansion machine.
This is the time when the storage needs to be recharged. It can be done, for example, with the input of heat to
evaporate (desorb) the water out of the aqueous solution (Figure 2). To recover the water and maintain a
closed cycle process the water vapor will be condensed at a lower temperature.

Figure 1: Discharging

Figure 2: Charging

Model and simulation assumptions
The four main components have been modeled and the physical models have been implemented into a
simulation tool (modeling language Modelica (2010) with simulation environment Dymola (2011)):
 one vessel with a heat exchanger containing aqueous solution
 one vessel with a heat exchanger containing water
 one valve
 and one expansion machine
The vessels were modeled as completely stirred tank reactors with only one temperature, mass fraction, and
the corresponding vapor pressure. Effects of superheating or subcooling were not considered. The expansion
machine was modeled with a simple form of the Stodola equation (for example Sigloch (1984, p. 272)). In
this equation a ‘nominal’ vapor mass flow is set in relation to corresponding ‘nominal’ in- and outlet
pressures. If the pressures in the vessels change, the Stodola equation describes how this influences the mass
flow rate through the turbine. The application of the Stodola equation also implies the assumption of a
constant speed of revolution of the turbine. To account for irreversible effects in the expansion machine, an
isentropic efficiency was also defined. The heat source and sink during the charging process were modeled as
constant temperature baths with thermal resistances between bath and solution vessel.
The process proceeds in 4 consecutive phases:
1. Discharging the storage (Figure 1)
2. Heating/cooling of the vessels until the pressures are equal (Figure 2)
3. Charging the storage (Figure 2)
4. Heating/cooling of the vessels to the initial discharging conditions (Figure 2)
Due to the restrictions of the commercial software for each phase, different combinations of components with
different flow directions are needed. Consequently, a different code was used for each process phase. The full
model and all assumptions are described in detail in Strenge (2011).
Table1: Set of parameters for the simulations
component
water vessel
1. Discharging
solution vessel

turbine

2. Heating/cooling
3. Charging
4. Heating/cooling

thermal resistance between the
vessels
heat sink at the water vessel
heat source at the solution vessel
at the solution/ water vessel
heat source at the water vessel
heat source at the solution vessel
at the solution /water vessel

parameter
start mass
start temperature
start mass
start temperature
start mass fraction
LiBr/H2O
start
mass
fraction
NaOH/H2O
isentropic efficiency
nominal vapor mass flow
nominal inlet pressure
nominal outlet pressure

value
4.6 kg
110°C
19.8 kg
120°C
0.650 kgsalt/kgsolution

temperature
temperature
thermal resistance
temperature
temperature
thermal resistance

40 °C
120 °C
700 W/K/ 2200 W/K
110 °C
120 °C
700 W/K/ 2200 W/K

0.617 kgsalt/kgsolution
0.5
2 g/s
1.43 bar
0.19 bar
500 W/K

First simulations with two different working pairs have been carried out: aqueous lithium bromide solution
and water (LiBr/H2O) and sodium hydroxide solution and water (NaOH/H2O). Sodium hydroxide solution
was used in the 19thcentury by Honigmann et al. to carry out test runs for his invention (Guthermuth, 1884).
Lithium bromide solution will be used at Technische Universität Berlin to run an experimental plant.
Therefore, the two solutions have been chosen for the simulations.
Thermodynamic property data are from Pátek et al. (2006) (LiBr/H2O) and Olsson et al. (1997) (NaOH/H2O),
and the Modelica media library (based on IAWPS 97, 2007) was used for water.
The initial temperatures (120°C for the solution and 110°C for water) and pressure (0.19 bar for the solution)
are identical for both simulations. This results in different starting mass fractions for the solutions, as the
vapor pressure lines are different. All other boundary conditions are identical for both working pairs. In both
cases 3.6 kg water was expanded. The heat source for regeneration was set to 120°C and the heat sink for
condensation to 40°C (Table 1). For the thermal resistance between the vessels during the discharging phase,
it was defined that 5 kW thermal power should be transferred at a temperature difference of 10K. During the
charging phase, thermal resistances were chosen so that in the last phase of charging, a temperature
difference of minimal 3 K is achieved. From absorption cooling machines, it is known that these values are
technically feasible. The nominal vapor mass flow of the turbine was set to 2 g/s at a nominal inlet pressure
of 1.43 bar and a nominal outlet pressure of 0.19 bar. The nominal vapor flow corresponds to 5 kW thermal
power, since this amount is needed for the evaporation of the water. The nominal in- and outlet pressures are
the vapor pressures corresponding to the initial temperatures of water and solution.
Results and discussion

Figure 3: Temperature of water and solution
Results of the simulations are shown in Figures 3 to 5. First the results for LiBr/H2O are explained. In the
diagrams they are represented by the thicker lines: ‘pink’ for water and ‘black’ for solution. The comparison
of the two working pairs is done later in the text. In the discussion a focus is set on the discharging phase.
In Figure 3 the temperatures of the working fluids are plotted over time. The external heat sources and sinks
are also depicted. In the first phase (discharging), no external heat source or sink is needed.
1. Discharging: Both temperatures increase since the heat of absorption is higher than the heat of evaporation.
The heat ‘produced’ by absorption in the solution vessel is thus higher than the heat used for the process of
evaporation, and the system of both vessels is heating up. Temperature difference, heat flow and vapor mass
flow increase as well, due to this surplus in heat.
2. Cooling: The vessels are disconnected from the turbine and the valve between the two vessels is still
closed. The solution vessel is connected to the bath of 120°C and the water vessel to the bath of 40°C. This

phase of the process is very short (around 1 second) and can barely be seen in the diagram. In this case, both
vessels are cooled until the vapor pressures are equal.
3. Charging: The valve between the two vessels is opened. Water vapor desorbs out of the solution and is
condensed in the water vessel. In the beginning, the water temperature decreases very quickly, since the
temperature difference to the heat sink is large. The temperature of the solution is first higher than the ‘heat
source’ of 120°C, and the solution is cooled by the ‘heat source’ in addition to being cooled by the process of
desorption. When the solution has reached a lower temperature than the heat source, this heat is given back to
the solution. After this first period, the water temperature continues to decrease more slowly, whereas the
solution temperature increases after going through a minimum. When the original mass fraction of the
solution is reached, the valve is closed.
4. Heating: The two vessels are being heated until both temperatures have reached the initial values from the
beginning. At the end, the process is prepared to start again.

Figure 4: Raoult plot: close-up discharging

Figure 5: Raoult plot: full cycle process

Figure 4 depicts a Raoult plot for the discharge phase only. The vapor pressure is plotted over the
temperature. From one vapor pressure line to the neighboring one, the change is an addition of 700g water to
the solution vessel. This is significant for the process, since the absorbed water mass or vapor mass flow
relates to the work output of the turbine. In addition, the time has been included in the diagram; every 150
seconds are marked by two little squares. The thin lines between each pair of squares show the relationship
between evaporator and absorber. During the discharging phase, the pressure difference between both vessels
has a special meaning; it shows the mechanical potential of the process, which can be used by the turbine. A
higher pressure difference, according to Stodola, leads to a higher mass flow through the turbine. On the
other hand, the specific work increases with the pressure ratio.
A second important characteristic of the process can be seen: The absolute pressures of both vessels increase
because the temperatures increase. In addition to this, the pressure over the solution increases, because it
becomes more and more diluted and the vapor pressure depression decreases. Note that the vapor pressure
over the solution is lower than the water vapor pressure even though the solution temperature is higher.
In Figure 5 the full cycle process can be seen in the Raoult plot with isosteres of common mass fractions. The
‘time’ information is missing here.

In the following, differences between the process behavior with lithium bromide solution and sodium
hydroxide solution are discussed. The results for NaOH/H2O are represented by thinner curves in the same
diagrams as for LiBr/H2O. The resulting differences originate from the different media and initial mass
fractions only.
In the beginning, we see a slightly faster increase in temperature of the lithium bromide solution (Figure 3).
This is due to a smaller specific heat capacity cp of aqueous lithium bromide solution (around 2 kJ/kg K)
compared to that of sodium hydroxide solution (around 3 kJ/kg K). In the end of the discharging phase, the
increase of the temperature of the sodium hydroxide solution is higher. This can be explained by the higher
specific heat of absorption of the sodium hydroxide solution in the considered range of mass fraction.
Generally the differences in temperature are marginal, however in pressure they are not:
It can be seen that the vapor pressure over the sodium hydroxide solution remains lower during the discharge
phase (Figure 4). When the same amount of water is absorbed, the vapor pressure over the lithium bromide
solution changes more than that over the sodium hydroxide solution.
Table 2 shows the mechanical efficiency
, the energy density
and the mean power density
for both simulations. The mechanical efficiency
was defined as the mechanical work output
divided by the heat input during the charging phases:
.
was calculated as the output of mechanical work divided by the mass of the diluted
The energy density
solution at the end of the discharging phase:
.
was defined as the mechanical work output over the time needed for the
,

The mean power density
discharging phase:

.
NaOH/H2O shows better results since the mean pressure difference between solution and water vessel is
higher due to a higher evaporator temperature and a higher vapor pressure depression of the solution. The
differences are in the range of about 10%. The working pairs behave similarly, and other criteria for the
choice of working pairs should also be considered. The results are true for this set of parameters, but do not
represent an optimal process behavior. It is expected that an optimization will improve all characteristic
numbers.
Table 2: Mechanical efficiency, energy density and mean power density
LiBr/H2O
NaOH/H2O
[%]
4.3
4.6
[Wh/kg]
4.9
5.4
ρ
ρ
[W]
290
330
Summary conclusions
A fundamental model for the simulation of the Honigmann-process has been developed with the help of
transient energy and mass balances for the main components. Comparative simulations for two working pairs
– LiBr/H2O and NaOH/H2O – have been carried out. The results show that the choice of the working pair
does have an influence on efficiency, energy density and mean power density. Further investigations on the
model and process behavior are still necessary.
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ABSTRACT
Simulation of adsorption cycles is carried out in different levels of detail. For detailed optimization of
components such as the adsorber heat exchanger (AdHex), usually detailed heat and mass transfer models
are preferred employing a coupled set of partial differential equations (PDE). For the understanding of the
system level including its dynamics, usually so called lumped parameter models or linear driving force
(LDF) models are in use. In this contribution, simulations in a detailed PDE model with parameters such
as diffusion coefficients, heat conductivities or transfer resistances have been performed with COMSOLr
Multiphysics. Then, a lumped parameter LDF model has been parameterized by these detailed model results.
This model can be used to predict the behaviour of an adsorption heat pump implementing the modelled
compact and highly efficient AdHex in a system context.

INTRODUCTION
Adsorption heat pumps or chillers can be used to make efficient use of available thermal energy such as
solar or waste heat for chillers or natural gas for gas fired heat pumps. Mathematical models in various
levels of complexity are used to understand, design and optimize the system and its components (Yong and
Sumathy, 2002), i.e. the AdHex, evaporator/condenser or the heat rejection unit. High research effort within
the last years has been dedicated to more compact and efficient adsorber heat exchangers (see e.g. Figure 1
or publications by Dawoud et al. (2010); Freni et al. (2011); Bonaccorsi et al. (2012)) as well as to efficient
evaporators (Schnabel et al., 2011). Due to the strong interaction between AdHex and evaporator/condenser

Figure 1: Adsorbent coated porous aluminum fibre composite and AdHex concept.
during the transient and cyclic ad- and desorption phases, an apparatus optimization has to take into account
the coupled components. Furthermore, for the apparatus design the behaviour in a system has to be predicted.
Between these two levels of design and optimization there usually is a broad gap on the modelling side:
Either a detailed model exists which allows for component optimization of the AdHex, evaporator and
condenser (simulation of a few cycles); or an apparatus model exists which is valid for one specific design
of the components and then can be used for control optimization and system integration purposes. It can
e.g. be coupled to a storage and serve a load, having non-stationary boundary conditions such as varying
fluid inlet temperatures (Schicktanz and Núñez, 2009). The parameters of these models usually have to be
obtained by fitting to experimental data from measurements of a specific component in a given system or by
assumptions on possible simplifications. Extrapolation to different configurations is usually difficult. This

issue is addressed by parametrizing a lumped-parameter apparatus model using a detailed COMSOL model
of the AdHex that includes dynamic evaporator and condenser; these are modelled with a lumped parameter
approach for both levels of detail.

PDE MODEL
In previous publications it has been shown that detailed heat and mass transfer models describing the Adhex
geometry and solving the adequate coupled PDEs, such as diffusion and heat conduction, can be used to optimize e.g. the AdHex geometry with respect to power density at high COP values (Schnabel and Füldner,
2009; Füldner et al., 2011). Values for heat and mass transfer are taken both from direct measurement (densities, porosities, pore sizes, heat conductivities) and from comparison of adsorption kinetic measurements
with a volumetric uptake method after a large pressure jump (van Heyden et al., 2009; Schnabel et al., 2010)
to the heterogeneous PDE model of non-isothermal adsorption kinetics implemented in COMSOL.

Aluminum fibre - SAPO-34 adsorber heat exchanger
The modelled AdHex consists of a flat plate design (see Figure 1), the adsorbent material SAPO-34 is
directly crystallized onto a highly porous aluminum carrier structure as described in detail in Füldner et al.
(2011). Geometry details are given in Table 1.
Table 1: Parameters for the aluminum fibre - SAPO34 AdHex
HX volume
adsorbent mass msor
total HX mass (coated)
fluid channel height
vapour transport gap
heat transfer area Ahx
eff. HX wall thickness

[dm3 ]
[kg]
[kg]
[mm]
[mm]
[m2 ]
[mm]

8
3
8.8
2
0.3
1.5
0.689

composite thickness dcomp
porosity aluminum fibre matrix
macroporosity coated composite
microporosity coating ψmi
SAPO-34 coating thickness
mass fraction adsorbent

[mm]
[%]
[%]
[%]
[mm]
[kgAd /kgcomp ]

3.5
81
43
40
0.03
0.5

The pore size distribution in the composite material is assumed to be bidisperse, mass transfer is modelled
as viscous flow plus Knudsen diffusion in the structural pores of the composite. In the micropores of the
SAPO-34 crystals, adsorbed phase diffusion is the limiting transport mechanism. The pore geometry is
modelled as cylindric structural (macro) pores in x radially covered by a crystal layer, the micropore diffusion
is anisotropic and is accounted for only in radial r direction. Water vapour is described as an ideal gas,
adsorption equilibrium is reached at each place and time instantaneously within the crystals, depending on
local pressure equivalent and temperature.
Heat transfer is described one-dimensionally by an effective heat conductivity through the composite. Heat
transfer by convection inside the open pore volume is ignored. The fluid loop is included only by a constant
temperature Cauchy boundary condition. Any radiative heat transfer is neglected.

Mass balance
According to the bidisperse model the mass transfer is divided into a macro- and a microtransfer. The
equation governing the mass transfer of water vapour inside the macropores can be derived from a simple
mass balance and reads


∂ cg
∂ cg
∂
ṅ 4ψmi
=
Dma
+
.
(1)
∂t
∂x
∂x
Ami dma
cg is the water vapour concentration in [mol/m3 ], Dma is the diffusion coefficient in the macropores in [m2 /s]
(Knudsen diffusion plus viscous flow), dma the macropore diametre in [m] and ψmi the SAPO-34 crystal’s
porosity in [m3micropore /m3crystal ]. It includes the coupling to the microtransfer by the mass flux at the end of


the micropores Aṅmi in [mol/(m2 s)] as a sink term. The mass transfer in the micropore is modelled by


dry
∂ cg 1 ∂
ρcrys
cad ∂ cg
∂X
=
rDmi
−
∂t
r ∂r
cg ∂ r
M ψmi ∂t

(2)

with a sink term taking into account the adsorption. Dmi = 1e-11 m2 /s is the diffusion coefficient in the
micropores assuming adsorbed phase diffusion. The factor

cad
cg

dry

ρcrys R Tcomp X
with cad the adsorbed phase
M ψmi p
dry
force. ρcrys = 1500 kgads /m3 is the density

=

concentration accounts for the gas phase concentration as driving
of the dry adsorbent corresponding to the crystal volume, and M the molar mass of water in [kg/mol]. X is
the time- and space-dependent water loading in [kgH2O /kgads ]. All values not given in the text can be found
in Table 1.

Energy balance
The energy balance within the adsorbent includes the heat of adsorption released in the adsorption process
as a heat source. The specific enthalpy of adsorption
had = hev + A

(3)

has been calculated using the adsorption potential A [J/kg] according to the potential theory of Dubinin
(1960) where hev is the evaporation enthalpy of water at composite local and time-dependent temperature
Tcomp . The heat transfer equation reads
dry comp
ρcomp
cp

∂ Tcomp
∂ Tcomp
∂
∂X
dry
=
(λcomp
) + had ρcomp
ζad
∂t
∂x
∂x
∂t

(4)

dry

where ρcomp = 1140 kg/m3 is the density of the dry composite, ζad the mass fraction of adsorbent in the
comp
composite, λcomp = 6 W/(m K) is the composite effective thermal conductivity and c p = 900 J/(kg K) the
effective specific heat capacity. In the simulation, also the heat capacity of the water loading X is taken into
account.

Adsorption equilibrium
Loading equilibrium has been measured for the modeled material (SAPO-34) in a thermogravimetric balance. From this data, a characteristic curve W (A) has been fitted using a generalized form of Dubinin’s
theory (Núñez, 2001). Detailed equilibrium data can be found in Füldner et al. (2011).

Evaporator and condenser
Evaporator and condenser are modelled as lumped parameter models. There is no pressure drop between
in- and outlet. The temperature profile of the heat transfer fluid (HTF) is simplified to one constant effective
temperature. The working fluid is saturated steam at the evaporator outlet and saturated condensate at the
condenser outlet. Heat transfer occours only in connection with phase changes (no reverse heat flow).
Accumulation of working fluid is not taken into account, at all times mass flow at in- and outlet are equal.
Thermodynamic properties of water are calculated according to the IAPWS 97 formulation.
The energy balance for both apparatus’ reads
C

∂T
= UA(Thtf − T ) + ṁwf (hin − hout )
∂t

(5)

with the constant heat capacity C in [J/K], the constant overall heat transfer parameter UA in [W/K] between
the working fluid (T ) and the heat transfer fluid (Thtf ), the working fluid mass flow ṁwf in [kg/s] and the
respective enthalpy h in [J/kg] at the in- and outlet. Condenser and evaporator are uncoated variants of the
same heat exchanger as the AdHex. It is assumed that the fibre structure provides for highly efficient heat
transfer for the phase transition of the working fluid. Hence, the overall heat transfer, provided in Table 2,
is limited by convection of the HTF and by conduction. The condenser heat capacity reflects only the heat
exchanger, while for the evaporator a residual working fluid mass, necessary to provide wetting, has been
taken into account.

Table 2: Parameters for evaporator and condenser models
evaporator heat capacity Cev
evaporator heat transfer parameter UAev
condenser heat capacity Ccond
condenser heat transfer parameter UAcond

[J/K]
[W/K]
[J/K]
[W/K]

9 300
1 600
5 100
1 600

Interconnection of component models
The models of the AdHex, evaporator and condenser are connected by state (enthalpy, pressure) and flow
(mass flow) variables of the working fluid. These connections are only active according to the present part
of the adsorption cycle. Halfcycle times for desorption and adsorption are fixed parameters. During these
halfcycles the heat transfer fluid boundary condition of the AdHex is either desorption or adsorption temperature with a steep transient for numerical stability. Each halfcycle starts by an isosteric (both connections
deactivated) heating/cooling phase until the AdHex connection pressure reaches condenser/evaporator pressure. Then the respective connection is automatically activated. In the actual ad- or desorption phase the
interconnection variables present the boundary condition at the composite surface. During adsorption, the
isobaric heating of the vapour at the surface is included in the energy balance as a Neumann boundary condition. As accumulation of water mass in the condenser is not modelled, flow variables between condenser
and evaporator are not interconnected, state variables have average values of the last halfcycle.

LDF MODEL
As already discussed in the introduction, it often is neither possible nor necessary to use a detailed model as
given in the previous section. Instead a zero-dimensional LDF model can be implemented.

Mass and energy balance
The model equation for mass transfer used in this work is


βads , if adsorption 

d X̄
0 , isosteric phases
=
· (p − peq ) .


dt
βdes , if desorption

(6)

X̄ is the mean water loading (only time-dependent), p [bar] indicates the external pressure (i. e. evaporator
or condenser), which is modelled as given in Equation 5. peq = f (X̄, T̄comp ) [bar] is the pressure equivalent
calculated from adsorption equilibrium data for mean water loading X̄ and mean composite temperature
T̄comp . The effective mass transport coefficient β [(s bar)−1 ] is assumed to be different for ad- and desorption.
The energy balance in the zero-dimensional lumped parameter model takes the same assumptions as the
energy balance in the detailed PDE model. It reads:




d T̄comp
ads
hx
msor csor
+
c
X̄
+
c
m
=
p hx
p
p
dt

 d X̄
d X̄
= Phx + h̄ads msor
T̄
−
T
− msor cads
(7)
comp
ev/cond
p
dt
dt
ads hx
with msor /mhx [kg] the adsorbent/HX masses, csor
p /c p /c p the specific heat capacities of dry adsorbent,
adsorbate and HX, and h̄ads (X̄, T̄comp ) the specific enthalpy of adsorption calculated as given in Equation 3.
The HX power Phx is calculated with an NTU-model of the heat exchanger
!
k
A
hx hx
) · (T̄comp − Thtf ) .
(8)
Phx = ṁchtf
p (1 − exp −
ṁchtf
p

ṁchtf
p is the heat capacity rate of the HTF in [W/K]. The effective overall heat transfer coefficient
fl
khx = (1/αhx
+ 1/kcomp )−1

(9)

refers to the overall heat transfer area Ahx between HX and HTF. It has been calculated assuming laminar
fl in [W/(m2 K)]. Under the assumption of a linearly rising heat flux
flow for the heat transfer coefficient αhx
over the composite thickness during ad- or desorption, one gets
kcomp =

λcomp
= 5140 W/(m2 K) ,
dcomp /3

(10)

neglecting the heat transfer resistance between composite and HX sheet (sintered or soldered metal/metal
contact) and the conduction within the HX sheet (high thermal conductivity).

Fitting procedure
In order to adapt the lumped parameter model to the PDE model, a MATLAB implementation of the
Levenberg-Marquardt algorithm is employed for least-squares fitting with respect to the loading X̄. The
average temperature of the composite is taken from the COMSOL simulation and used for computing the
equilibrium pressure peq .
Seven different operating conditions of the adsorption heat pump have been considered for fitting the model
(see Table 3): For the first five, the desorption temperature has been kept at 95°C, the heating temperature
at 40°C. Evaporator inlet temperature has been calculated with 5, 10 and 15°C, each with a halfcycle time
of 250 seconds. For 10°C additionally a very long (500 s) and a very short halfcycle time (150 s) have
been calculated. Two additional operating conditions have been simulated in COMSOL and fitted with the
Table 3: Cycle conditions and fitting results
Tev [°C]

Tcond/ad [°C]

Tdes [°C]

tcycle [s]

βads [1/(s bar)]

βdes [1/(s bar)]

10
5
15
10
10
12
10

40
40
40
40
40
40
30

95
95
95
95
95
95
80

500
500
500
300
1000
400
500

0.4528
0.4398
0.4415
0.4691
0.4387
0.4545
0.5617

0.0705
0.0666
0.0710
0.0749
0.0695
0.0728
0.1232

LDF model: One cycle 12/40/95°C with a halfcycle time of 200 s, which is within the limits of the first
5 calibration conditions; and one cycle 10/30/80°C (250 s) which lies outside these limits. For each set of
conditions, the zero-dimensional LDF model is optimized separately such that the deviation from the mean
loading X̄PDE supplied by the COMSOL model is minimized. For the isosteric phases, d X̄/dt is set to zero.
Since the loading must be cyclic over a complete cycle, this is assured within a small tolerance of 3 % by
varying the starting value of X̄ as can be seen in Figure 2. The results agree very well for all simulated
cycles. In Table 3, the resulting parameters (βads , βdes ) can be found for the five operating conditions.
300
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Figure 2: Cycle 10/40/95°C , LDF model fitted to results of PDE model.

CONCLUSION
In this publication, cycle simulations with realistic boundary conditions (temperature switches between adand desorption) and evaporator/condenser pressure modeled with a single-node model have been performed.
Due to the level of complexity, such simulations only allow to look at a few cycles with fixed boundary
conditions. Detailed ad-/desorption cycle simulations with a heat and mass transfer model of the AdHex
coupled to single-node models of evaporator and adsorber have been used to calibrate a zero-dimensional
lumped parameter LDF model of an adsorption heat pump. The results are very promising but need to be
validated further.
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APOLOGIES TO R. P. FEYNMAN
In 1959, the Nobel Prize winning physicist, Richard P. Feynman, presented a lecture at a meeting of
the American Physical Society (held at the California Institute of Technology, Feynman’s home
institution) with (nearly) the same title as we have used for this paper. Feynman suggested the
possibility of “construction” on the atomic scale: “In the year 2000, when they look back at this age,
they will wonder why it was not until the year 1960 that anybody began seriously to move in this
direction.” With the rise of nanotechnology, that talk is now referenced frequently.
The intent of this paper is to suggest a similar opportunity in small-scale energy production. Interest,
research, and engineering effort in the fields related to energy conversion, and particularly the
conversion of heat to electricity, has focused on large-scale power plants since Edison switched on the
Holborn Viaduct plant in London and built the Pearl Street Station generating plant in Manhattan, both
in 1882. To this day, 130 years after Edison’s successes, most research and development is still
directed toward systems that produce large amounts of power - from 50 kW (e.g., automobile engines)
to coal and nuclear plants with power generation capabilities in excess of 1 GW.
Two aspects of technology have changed over the past two decades that motivate a re-examination of
the power generation infrastructure, especially in developing countries. First, the recent rise of useful
low-power electronics and high-efficiency lighting (e.g., fluorescent tubes and LEDs) means that
significant benefits can be realized with substantially less power. Secondly, the same time period has
seen a substantial increase in concern about the waste products that accumulate in the atmosphere
causing potentially cataclysmic global consequences [Campbell, 2009]. These shifts lead to the idea
that there now may be some important applications of very small-scale (<100 Wel) distributed electrical
power generation to serve the 1.5 billion inhabitants of this planet currently without access to an
electrical distribution grid [World Energy Outlook, 2009]. Of course, that quarter of our world’s
population, which is without electricity, is concentrated in developing countries. For example, in
Africa, the countries of Burundi, Chad, Central African Republic, Liberia, Rwanda, and Sierra Leone
have between 95% and 97% of their population without access to electrical service.
THE ENERGY IMPOVERISHED, COOK STOVES, HEALTH, AND CLIMATE CHANGE
Even a small amount of electricity can be transformative. It can provide power for high-efficiency
electrical lighting that let children study at night or provide parents with the opportunity to produce
items at home that can be sold to generate additional income. Small amounts of electricity can provide
connection to family, markets, and opportunity via radio, cellular telephones, and other small electrical
appliances.
As evident in Figure 1, the same 1.5 billion people who lack electrical services are also using biomass
burned in “three-stone fires” to cook their meals. These open fires are responsible for 75% of the black
carbon which is the cause of the Asian Brown Cloud [Szidat, 2009] and constitute a larger contribution
to global warming than the CO2 produced in those developing countries [UNEP, 2011].

Figure 1. (Left) Composite photograph of the Earth at night. [National Aeronautic and Space
Administration] (Right) Distribution of national household solid fuel use in 2000. [WHO]
Reduction of black carbon (BC) and other products of incomplete combustion (PIC) is an attractive
approach to mitigation of the effects of global warming in the short-term because BC has an
atmospheric lifetime that is shorter than two weeks, whereas the atmospheric lifetime of CO2 is
centuries and has a long-time tail of approximately 30,000 years [Archer, 2004]. It has been estimated
that removal of BC could delay the predicted consequences of global warming by a decade or two,
thereby providing time to craft politically palatable solutions to limit CO2 emission [Wallack and
Ramanathan, 2009]. Additionally, improved cook stoves are an attractive policy alternative because
they also improve the health of women and children and reduce deforestation [Anenberg, et al., 2012].
A biomass-burning cook stove that can convert a small amount of the thermal energy produced by the
stove (typically 4 to 8 kWThermal) into electricity makes the improved stove a stronger value proposition
in many areas. Finally, a small amount of that electricity can be used by the stove itself to power a fan
(≲ 2 Wel). It has been shown many times that forced convection is the best way to reduce the products
of incomplete combustion emitted by traditional stoves [Jetter and Kariher, 2009]. Also, the relatively
small amount of heat removed to produce electricity is compensated by the increase in combustion
efficiency.
SMALL-SCALE CO-GENERATION TECHNOLOGICAL BENCHMARKS
Difficult questions surround the options for using electrical power co-generation technologies at smallscales. To date, thermoelectric, steam, Stirling cycle, and thermoacoustic methods have been
demonstrated for co-generation of electricity as a by-product of cooking [Garrett, et al., 2009]. These
options represent different trade-offs between simplicity and efficiency. The simplicity of
thermoelectric modules that convert a temperature difference directly to an electrical current provide a
benchmark for other technologies that may be more efficient but also more complicated. For example,
free-piston Stirling engines have very high efficiencies but are too expensive for use with individual or
institutional biomass-burning cook stoves. The challenge is to find some parameter space that
optimizes efficiency and minimizes the cost of both manufacture and maintenance.
Thermoelectric (TE) Modules
The thermoelectric (TE) approach is the closest to commercialization and provides a useful benchmark,
since it has been developed by sophisticated manufacturers (e.g., Philips and BioLite®) and is currently
being field-tested. The reason for the fact that thermoelectrics have shown the most progress in the
cook stove co-generation application is the simplicity of their operation – apply a temperature gradient
across a commercially-available thermoelectric module and direct electrical current is generated. This
simplicity has made thermoelectric generation attractive for spacecraft power generation using heat
produced by the decay of radioactive materials. These TE generators are known as Radioisotope
Thermoelectric Generators (RTGs) and are particularly attractive for spacecraft that are launched in
directions that takes them farther from our Sun, where photovoltaic generators (solar panels) have far
lower power density.

Serious efforts to exploit thermoelectricity [Pollock, 1991], also known as the Seebeck effect [Ziman,
1972], for cook stove co-generation was documented in a Ph.D. thesis by Dan Mastbergen
[Mastbergen, 2008]. He included models and analysis for the combined sub-system (e.g., TE module,
heat exchangers, fan, battery, and power management electronics). Mastbergen integrated a
thermoelectric co-generator within an Ecoforno™ biomass-burning cook stove,a after laboratory testing
and modeling, that led to component optimizations. Lab tests were followed by field tests in Nicaragua
and in Nepal.
Mastbergen’s TE co-generators used a fan to provide enhanced convective heat transfer from the lowtemperature (exhaust) heat sink, but did not attempt to use the forced air flow to enhance combustion
efficiency and reduce emissions of PICs. Two commercial prototype stoves have been developed to
utilize the TE co-generator’s output to power a fan intended to improve combustion. The Philips
“Woodstove” [Roggema, 2007] and the BioLite® Home Stoveb are shown in Fig. 2. Both pass air over
the TE module’s exhaust heat exchanger before injecting it into the stove’s combustion chamber and
both use bismuth telluride (Bi2Te3) modules.

Figure 2. (Left) Philips Woodstove uses a battery and TE module to power the fan shown
schematically at the center [courtesy of Philips]. (Right) BioLite® cook stove with the fan and
thermoelectric module contained in the orange-colored structure at the right side of the photo.
In addition to providing power for the fan, the BioLite® unit provides a USB connector to power
external electronics like cell ‘phones or high-efficiency lighting.
The simplicity of the TE approach has its costs, both practically and thermodynamically. TE modules
must place their active semiconductor elements electrically in series to develop useful voltage levels
but must place them thermally in parallel to subject each element to the same full temperature
difference. The elements are joined by a soldered connection that could cause the entire module to fail
if only one of the electrical joints fail. For Bi2Te3 modules, failure will occur when temperatures
exceed about 300 ℃. The module’s output increase with increasing temperature difference, as does the
rate of output degradation and the rate of failure. This may also limit the scalability of this approach.
The temperatures available within biomass cook stoves are typically as high as 700 ℃. If we assume
an exhaust temperature of Tcold = 80 oC, then the maximum thermodynamic (Carnot) efficiency, ηmax =
(Thot - Tcold) / Thot, over the stove’s full temperature span is 64%. If the maximum temperature of TE
module is restricted to Thot = 250 ℃, as typically recommended by the manufacturer (e.g., Tellurexc),
then the maximum efficiency is reduced to 33%. Of course, the TE module’s efficiency is a small
fraction of ηmax, typically a tenth; and that net efficiency, ηnet = Πel / Qhot ≲ 4%, is a fairly strong
function of both the temperature span and the electrical impedance of the load.
a

http://www.english.ecofogao.com.br/modelos.html.
http://biolitestove.com/homestove/overview.
c
In addition to thermoelectric modules, Tellurex produces a “World Pot” that is “a common teakettle with an
implanted high performance Tellurex thermoelectric module and a USB port”.
b

There is very little prospect that the efficiencies of TE modules will increase. This is a consequence of
the fact that the TE module is constrained by two conflicting optimization requirements: The most
significant losses in a TE module are due to Joule heating caused by the electrical current flow through
the internal electrical resistance of the module itself and by the conduction of heat through the module
in response to the temperature difference required to produce the Seebeck effect. Since it is electrons
within the material that are responsible for both the module’s electrical conductivity σ and its thermal
conductivity κ, reduction in the module’s electrical resistance results in an increase in its thermal
conductance. In metals, this ratio is determined by fundamental constants, κ/σ = (π2/3) (kB/e)2T, where
kB is Boltzmann’s constant, e is the charge on one electron, and T is the absolute (Kelvin) temperature.
This result has been verified for a large number of metals and is known as the Wiedemann-Franz law
[Kittel, 1971].
Steam, Stirling, and Thermoacoustics
Other heat engine cycles can exploit the stove’s full temperature span, hence enjoying higher Carnot
efficiency, ηmax. Other cycles also exhibit efficiencies that have higher ratios of ηnet / ηmax than TE, but
at the cost of significantly more complicated execution. Unlike the TE approach, these more efficient
heat engines also require a dedicated transduction mechanism (see, for example [Liu, 2005]) that
converts the mechanical power produced by the engine to electrical power for the fan and other uses.
Three other heat engine and transduction strategies, involving a reciprocating piston-drive steam
engine, a Stirling engine, and both standing-wave and traveling-wave thermoacoustics [Garrett, 2004]
were reported at the ASEAN-U.S. Next Generation Cook Stove Workshop [Garrett, et al., 2009].
The BMG LUX® Bio Micro Generatord uses a small piston-driven steam engine (similar to a very
small locomotive) and a gear-coupled permanent magnet alternator to generate electricity that charges
a battery. The integrated stove and electrical system includes sophisticated switch-mode electronic
power controls for battery charging and load management and can produce a peak power output in
excess of 100 Wel. In typical use for four hours per day, the system delivers 435 W-hr/day, providing
lighting and powering several small appliances, typically including a television. The stove-generator
combination mass is 120 kg (≅265 lbs) and the overall electrical system efficiency is only about 1%.
At present, about four-hundred BMGLUX™ units have been manufactured in a dedicated facility and
installed in homes in the Amazon jungle at the cost of $3,200/each, including transportation, set-up,
and user training. Financial support was provided under a program created by the Brazilian
government to provide rural electrification in villages that are not going to be serviced by a centralized
electrical grid.
Both kinematic and free-piston Stirling engines have been developed that can burn biomass for rural
use. Sunpower, Inc. (Athens, OH) has produced compact (0.6 kg) free-piston Stirling engines that
operate over cook stove temperature spans (Thot = 650 ℃, Tcold = 80 ℃) and include an electrodynamic
alternator that produces 43 Wel operating at 105 Hz, with ηnet = Πel / Qhot ≲ 32%, when pressurized to
2.6 MPa with helium gas [Kim, 2005]. At that operating point, the thermo-mechanical efficiency
(excluding the electrodynamic alternator) is an impressive 57% of the Carnot limit, ηmax = (Thot - Tcold) /
Thot.
A biomass-burning kinematic Stirling engine intended for electrical power generation (optimized for
water purification by pre-heating water prior to treatment in a vapor compression distillation unit) has
also been demonstrated [Kamen, 2008]. In this case, the Stirling engine was intended for use in
developing countries but is a very sophisticated machine that operates in high pressure gas with a
prohibitively high acquisition cost.

d

www.damp.com.br and www.bancobmg.com.br.

Figure 3. Two prototype proof-of-concept thermoacoustic electrical generators designed to extract
a small amount of heat from biomass-burning cook stove to generate electricity in villages that do
not have access to electricity. (Left) Development of this prototype was supported by the P. S.
Veneklasen Research Foundation (www.veneklasenresearchfoundation.org) and used a ceramic
stack in a standing-wave thermoacoustic engine to drive a commercial 4” electrodynamic speaker
using air at atmospheric pressure as the working fluid and electromagnetic radiation to transport
heat from the stove to the hot-end of the stack [Montgomery, 2010]. (Right) A more sophisticated
traveling-wave thermoacoustic engine laboratory prototype constructed by Aster
Thermoakoestische Systemen (www.aster-thermoacoustics.com) in the Netherlands uses four
regenerators and eight heat exchangers to convert the stove’s heat to sound and then to electricity.
The version shown was supported by the FACT Foundation (www.fact-foundation.com) and is
designed to produce 50 watts of electrical power [de Blok, 2010].
Recently, several research groups have tried to find a compromise between cost and efficiency by
attempting to create Stirling-like heat engines that substitute acoustic oscillations between gas inertia
and compliance to eliminate the costly components (e.g., gas bearings, pistons, linkages) and to reduce
the need to maintain cleanliness and tight manufacturing tolerances required for Stirling engines by
using thermoacoustical design principles [Swift, 2002]. Two attempts that are currently under
development in the US using a standing-wave thermoacoustic engine [Montgomery, 2010] and the
Netherlands using a traveling-wave thermoacoustic engine [de Blok, 2010] shown in Fig. 3. Another
traveling-wave thermoacoustic-Stirling configuration has been under development in the UK for
several years [Riley, 2010]. All three thermoacoustic engines use electrodynamic transducers, similar
to ordinary loudspeakers, to convert the acoustical power to electrical power.
RELATED ENERGY POLICY ISSUES
Thus far, the focus of this analysis has been on the technical and engineering trade-offs, but it is
equally important to realize that potential solutions for alleviation of rural energy poverty require input
from stakeholders, as well as sociological and marketing research that explores use patterns, fuel type
and availability, and user preference. Also important is the development of quantitative, significant,
and reproducible performance metrics and test protocols that lead to the development of cook stove
pollution and efficiency standards. Creation of successful business models that result in the marketing,
distribution, and sales of 250,000,000 improved stoves each year to customers that live far from
conventional transportation arteries, with incomes of less than $2.50US/day, may provide an even
greater challenge (Cordes, 2011). Also, potential unintended consequences, such as the increased use
of stoves solely to generate electricity at extremely low efficiency (i.e., not exploiting “waste heat” but
burning biomass at a rate of 5 kWThermal to generate a mere 5 Wel), will need to be considered.

REFERENCES
Anenberg, S. C., et al. (2012) “Global air quality and health co-benefits of mitigating near-term climate change
through methane and black carbon emission controls,” Environmental Health Perspectives 120(6), 831-839.
Archer, D. (2004) “Fate of fossil fuel CO2 in geologic time,” J. Geophysical Research 110, C09S05;
DOI10:1029/2004JC002625.
Campbell, K. M. (2009) Climatic Cataclysm (Brookings Institution); ISBN 978-0-8157-1332-6.
Cordes, L. (2011) Igniting Change: A strategy for universal adoption of clean cook stoves and fuels (Global
Alliance for Clean Cookstoves); http://cleancookstoves.org/wp-content/uploads/2011/11/Igniting-Change-20112-MB-low-res.pdf.
de Blok, C. M. (2010) http://www.aster-thermoacoustics.com/wp/wp-content/uploads/2010/11/TA-engine-withalternator-_Proof-of-concept_-FINAL.pdf.
Feynman, R. P. (1959), “There’s Plenty of Room at the Bottom,” www.its.caltech.edu/~feynman/plenty.html.
Kamen, D., Demers, J. A., and Owens, K. (2008) “Locally powered water distillation system,” U.S. Pat. No.
7,340,879.
Kittel, C. (1971) Introduction to Solid State Physics, 4th ed. (Wiley & Sons); ISBN 0-471-49021-0.
Garrett, S. L. (2004) “Thermoacoustic engines and refrigerators,” American J. Physics 72(1), 11-17.
Garrett, S. L., Hopke, P. L., and Behn, W. H. (2009) ASEAN-U.S. Next Generation Cook Stove Workshop, U.S.
State Dept. Report; available at the Partnership for Clean Indoor Air Web Site:
http://www.pciaonline.org/files/CookStoveResearchRoadMap.pdf.
Jetter, J and Kariher, P. (2009) “Solid-fuel household cook stoves:
emissions,” Biomass and Bioenergy 33, 295-305.

Characterization of performance and

Kim, S-Y, Huth, J. and Wood, J. G. (2005) “Performance Characterization of Sunpower Free-Piston Stirling
Engines,” 3rd International Energy Conversion Eng. Conf., (San Francisco, California).
Liu, J. and Garrett, S. (2005) “Characterization of a small moving-magnet electrodynamic linear motor,” J.
Acoust. Soc. Am. 118(4), 2289-2294.
Mastbergen, D. (2008) “Development and optimization of a stove-powered thermoelectric generator,” Ph.D.
Thesis in Mechanical Engineering (Colorado State Univ., Fort Collins, CO).
Montgomery, P. J. and Garrett, S. L. (2010) “Low-cost thermoacoustic co-generator for biomass-burning cook
stoves,” J. Acoust. Soc. Am. 128(4), 2347-2294.
Pollock, D. D. (1991) Thermocouples: Theory and Practice (CRC Press); ISBN 0-8493-4243-0. Chapter 4.
Prahalad, C. K. (2004) The Fortune at the Bottom of the Pyramid: Eradicating Poverty Through Profits, (Prentice
Hall); ISBN-10 0-13-146750-6.
Riley, P.H., Saha, C., and Johnson, C.M. (2010) “Designing a low-cost, electricity generating cooking stove,”
Technology and Society (IEEE) 29(2), 47-53; DOI 10.1109/MTS.2010.937029.
Roggema,
P.
(2007)
“Philips
Woodstove,”
Appliance
http://www.appliancemagazine.com/editorial.php?article=1729&zone=1&first=1.

Magazine

37(4);

Swift, G. W. (2002) Thermoacoustics: A unifying perspective for some engines and refrigerators (Acoustical
Society of America); ISBN 0-7354-0065-2.
Szidat, S. (2009) “Sources of Asian haze”, Science 323, 470-471; Gustafsson, Ő, et al., Science 323, 495-499.
United Nations Environmental Program and the World Meterological Organization (2011) Integrated Assessment
of Black Carbon and Tropospheric Ozone, UNEP Report GC/26/INF/20.
Wallack, J. S. and Ramanathan, V. (2009) “The other climate changers: Why black carbon and ozone also
matter,” Foreign Affairs 88(5), 105-113.
World Energy Outlook – 2009, International Energy Agency, http://www.iea.org.
Ziman, J. M. (1972) Principles of the Theory of Solids, 2nd ed. (Cambridge); ISBN 0 521 08382 6.

TECHNICAL AND ECONOMICAL FEASIBILITY OF THE HYBRID ADSORPTION
COMPRESSION HEAT PUMP CONCEPT FOR INDUSTRIAL APPLICATIONS
M. van der Pal, A. Wemmers, S. Smeding, R. de Boer
Group Thermal Systems, Energy research Centre of the Netherlands (ECN), PO Box 1, 1755 ZG, Petten, The Netherlands, email:
vanderpal@ecn.nl

Abstract

Heat pump technologies offer a significant potential for primary energy savings in industrial processes.
Thermally driven heat pumps can use waste heat as driving energy source to provide either heating or
cooling. A chemi-sorption heat transformer can upgrade a waste heat source to temperatures of 150200°C. The specific heat transformer process however requires waste heat temperatures in the range of
120°C, whereas waste heat sources of lower temperatures are more abundant. Using this lower
temperature waste heat, and still reach the desired higher output temperatures can be achieved by the
integration of a chemi-sorption and mechanical compression step in a single hybrid heat pump concept.
This concept can offer an increased flexibility in temperatures, both for the waste heat source as for the
heat delivery.
The technical and economical feasibility of the proposed hybrid heat pump concept is evaluated. The
range of operating temperatures of different chemi-sorption working pairs for as heat driven and as hybrid
systems are defined, as well as their energy efficiencies. Investment costs for the hybrid systems are
derived and payback times are calculated. The range of payback times is from 2-9 years and are strongly
influenced by the number of operating hours, the electrical COP of the compression stage, and the energy
prices.
Introduction

Spoelstra et al. (Spoelstra, S. et al, 2002) have shown that for the Dutch chemical and refinery industry
over 100 PJ of waste heat per year is actively released in the temperature range between 50 °C and 160 °C
(See Figure 1). Ideally this heat is reused in the same process, thereby reducing release of waste heat in
the environment and reducing the primary energy use. The main reason this heat is released is that the
temperature level of the heat is too low or the heat is not required at that place and/or at that time. In this
paper we will focus on options for upgrading the heat to a higher temperature.
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Figure 1: Amount of waste heat actively disposed in the Dutch refinery and chemical industry as a
function of waste heat temperature.
Upgrading heat to higher temperatures can be achieved by using a heat pump. The common option is a
(work-driven) compression heat pump. This, however, is only a suitable option for small temperature lifts
(around 30 °C) and for a maximum output temperature of approximately 120 °C. Higher temperature lifts
will reduce the efficiency of the compressor considerably and thereby the primary energy savings

whereas the number of (accepted/approved) refrigerants for higher output temperatures is very limited
(Narodoslawsky, M. et al, 1988)
A heat-driven heat pump type II (also known as heat transformer) could be used for upgrading heat with
50 °C or more. Such a heat pump is being developed at ECN (van der Pal, M. et al, 2009) and consists of
a low temperature sorbent (LTS) and a high temperature sorbent (HTS). The working principle is as
follows: by applying waste heat to the high temperature sorbent (MgCl2) whilst keeping the low
temperature sorbent (LiCl) at ambient temperature, the sorbate (NH3) is released from the HTS (MgCl2(62)NH3) and adsorbed by the LTS (LiCl(1-3)NH3). This is called the regeneration phase. Subsequently the
LTS is heated using the low temperature waste heat. This results in a rise in (equilibrium) pressure. The
HTS can now adsorb the sorbate and produce heat at a higher temperature, resulting in a net production of
heat at a temperature higher than the waste heat temperature. This is called the discharge phase. The
thermodynamic cycle is schematically shown in Figure 2. For these sorbents it has been shown that this
cycle can yield temperature lifts of 70 oC for 130 oC waste heat in a lab-scale prototype heat pump (Haije,
W. G. et al, 2007). The disadvantage of this concept is that the cycle requires relative high waste heat
temperature for achieving both regeneration and temperature lifts of 50 oC. The waste heat temperature
has to be at least 100 °C but preferably more than 120 °C. This greatly affects the amount of waste heat
available for upgrading: at temperatures above 120 oC only 20 PJ/year is available. This is just 20% of the
total amount of available waste heat.
A considerable larger amount of waste heat is available at lower temperatures. For example, if a heat
pump cycle would work at temperature of 70 oC, 70 PJ/year of waste heat would be available, almost four
times the amount at 120 oC. This cannot be done – assuming a temperature lift of 50 oC is required to
outperform a standard compression system - using a single-stage heat-driven heat pump. Although multistage is in theory possible, the efficiency of such a system is poor, resulting in long payback times and
low energy savings potentials.
To circumvent these problems, ECN is working on a new, hybrid technology using the heat-driven heat
pump type II in combination with a standard mechanical compressor. By introducing a compressor in the
heat pump type II cycle during the discharge phase, the pressure of the sorbate is increased before it is
adsorbed by the HTS. This higher pressure will result in a higher equilibrium temperature and therefore it
allows for higher output temperatures (see Figure 3). Alternatively, the compressor can be used in the
regeneration phase of the cycle. Assuming the same LTS is used, it will cause the regeneration pressure of
the HTS to drop (in this example the pressure on the LTS remains the same), and therefore reduce the
required waste heat temperature for regeneration. The overall effect of the compressor is that hybrid heatdriven compression cycles can operate at lower waste heat temperatures (van der Pal, M. et al, 2011).

Figure 2: Thermodynamic cycle of the heat-driven heat pump type II configuration.

Figure 3: Thermodynamic cycle of the hybrid heat pump type II configuration.
The question remains whether this hybrid system is both technically and economically feasible. This
paper looks into both aspects. The technical feasibility focuses on the availability of suitable sorbents for
this cycle and into the primary energy savings potential. The latter is important as the main reason for
applying such a heat pump must lie in reducing the primary energy usage and - provided the heat pump
costs are low enough compared to energy prices - costs. The economic feasibility study looks into the
costs related to the construction, integration and operating the hybrid heat pump. This should answer if
and/or under what conditions a hybrid heat pump is a cost-effective solution.
Technical feasibility

The starting point for determining the optimal pair of sorbents for the hybrid cycle is a set of 50 ammonia
salt reactions that included the entropy and enthalpy values for the reaction. This means that using the
Clausius-Clapeyron equation, for each sorbent the relation between pressure and temperature can be
calculated. By choosing a range for the ambient temperature (30 – 50 oC), the waste heat temperature (60
- 110 oC) and the output temperature (130 – 210 oC), the range of pressures for each sorbent can be
calculated. By applying a minimum pressure at 0.1 bar and a maximum pressure at 60 bar, the number of
sorbents suitable as LTS or HTS is reduced. The minimal pressure is required to avoid requiring very
large and thus expensive compressors as their size correlates to volume flow rather than mass flow. The
maximum pressure is chosen so no condensation of ammonia occurs during the discharge phase. Higher
pressures would also further limit the compressor options.
Furthermore, a maximum pressure ratio for the mechanical compressor of 3 is applied. This value was
chosen because the required work, in terms of required primary energy, for pressure ratios above 3, starts
nearing the amount of primary energy saved by the hybrid heat pump. A pressure ratio of 3 is also
considered the upper limit for dynamic compressors, which are in general more efficient than positive
displacement compressors. An isentropic efficiency of 0.75 was used to determine the estimated work (w)
of the compressor for given pressures.
The next step in the calculation involves determining the heat losses and the subsequent net heat output
and COP values. The heat losses consist of losses due to heating up the ammonia and heat losses due to
heating up the sorbent reactor. The heat losses of the reactor are related to heating of the salt and of the
inert reactor-material. The contribution of the inert reactor mass (tubes, fins, thermal oil/steam) has been
set to 4 J K-1 per g of salt. This is comparable with the inert mass-salts ratios used in an ECN prototype
heat transformer (van der Pal et al., 2009). The required amount of salt depends on its molar weight,
stoichiometry (ratio salt/ammonia in reaction) and the fraction of salt reacting per cycle. The latter was set
to 0.7 which means that each cycle 70% of the salt changes from an adsorbed to a desorbed state and vice
versa. Altogether this results in the following heat loss of the HTS-reactor (subscript hts) in the discharge
cycle (J per mol NH3):
𝑄loss,hts,dis = 𝐶p,NH3 (𝑇h − 𝑇w ) +

𝑛hts ∙𝑚hts
�𝐶p,hts
𝜂hts

+ ℎ𝑐� ∙ (𝑇h − 𝑇m )

[1]

Similar equations were derived for the losses of the low temperature sorbent (subscript lts) and the
regeneration phase (subscript reg). Together with the sorption enthalpies (∆H), the heat input and output
per phase can now be calculated:
𝑄out,dis (𝑇h ) = ∆𝐻hts − 𝑄loss,hts,dis
𝑄in,dis (𝑇m ) = ∆𝐻lts + 𝑄loss,lts,dis
𝑄in,reg (𝑇m ) = ∆𝐻hts − 𝑄loss,hts,reg
𝑄out,reg (𝑇l ) = ∆𝐻lts + 𝑄loss,lts,reg

[2]
[3]
[4]
[5]

The COP values can be calculated for both heat and work input from the work and the net heat input and
output:
𝑄
𝐶𝑂𝑃h = 𝑄 out,dis
[6]
+𝑄
in,dis

𝑄out,dis

𝐶𝑂𝑃w = 𝑤

in,reg

[7]

dis +𝑤reg

Table 1 shows the most favorable ammonia-salt reactions for heat-driven and hybrid systems based on
efficiency and temperature range. Furthermore a minimum specific power output of 50 W kg-1 is used to
restrict the number of potential salts to those that can provide sufficient power density. For the single
compressor hybrid heat pump the highest performance is achieved when the compressor is placed in the
discharge phase. The work applied to the compressor is then added as useful heat rather than reducing the
required amount of waste heat for regeneration. Because the discharge phase always has a considerable
higher pressure compared to the regeneration phase, it also requires a smaller and thus cheaper
compressor. For hybrid operation the ammonia-salt reactions CaCl2(4-8)NH3 with MnCl2(2-6)NH3 and
CaCl2(4-8)NH3 with MnSO4(2-6)NH3 are most favored. The MnCl2 combinations can be used for a large
temperature range, both in terms of waste heat temperature as well as useful heat output temperature,
whereas the combination with MnSO4 achieves high(er) efficiencies in a smaller temperature range.
Table 1: Most favorable ammonia-salt reactions for heat-driven and hybrid systems.
ammonia salt reaction

lts

hts

Tm

Th

COPh

°C

°C

-

110
100-110
100-110
110

180-200
170-210
170-180
180

0.22
0.19
0.25
0.25

150-210
150-160

0.18
0.32

130-200
150-160

0.20
0.33

Tl

°C
heat-driven

MnCl2(2-6)NH3
MnSO4(2-6)NH3 NiCl2(2-6)NH3
ZnCl2(2-4)NH3
ZnCl2(4-6)NH3 MgCl2(2-6)NH3

30
40
40-50
30

single compressor
CaCl2(4-8)NH3

MnCl2(2-6)NH3
MnSO4(2-6)NH3

CaCl2(4-8)NH3

MnCl2(2-6)NH3
MnSO4(2-6)NH3

30-50
30-40

80-110
80-90

double compressor
30-50
40-50

60-100
80-90

Economic feasibility

The economic feasibility is determined by estimating the cash flow in comparison with the total capital
investment (TCI). The total capital investment consists of fixed capital investment and additional costs.
The latter is the sum of start-up costs, working capital costs, licensing and R&D funds and costs for
capital during construction. The fixed investment costs are the sum of direct costs and indirect costs.
Purchased equipment costs, installation costs, piping costs, instrumentation and controls costs, electrical
equipment and materials costs, land costs, civil construction cost and service facilities costs are the
components of the direct costs. Indirect costs consist of engineering and supervision costs, construction
and supply costs and contingencies costs.
The cash flow consists of the sales minus the operating costs. The amount of steam produced by the heat
pump amounts to sales. The operating costs consist of directs expenses that include utilities (electricity
costs), operating labor, supervision, maintenance and insurance, and indirect expenses such as
depreciation and taxes.

For the analysis of the economic feasibility a hybrid sorption-compression heat pump of the size of 10
MW heat output is considered.
Because it is common practice to calculate many of the TCI costs as a fraction of the purchased
equipment costs (PEC), the PEC has a large effect on the value of TCI. Because the PEC strongly
depends on the chosen configuration, it was decided to determine the PEC for a total of four different
configurations, resulting from varying two parameters. These parameters are:
1) the presence of a secondary (oil)circuit versus a direct steam feed;
2) a reactor consisting of a standard priced shell-and-tube heat exchanger based on the numbers
from the DACE-handbook (Webci and Wubo, 2006) versus a reactor consisting of a shell and
tubing with pricing from a Dutch manufacturer.
The first parameter is chosen because an additional (oil) circuit requires additional heat exchangers that
add considerably to the costs. The advantage of the secondary circuit compared to a direct steam feed is
more freedom in reactor design, better temperature control and more effective use of the sorbents. The
second parameter was chosen because significant differences were found between the cost estimates for a
shell-and-tube heat exchanger based on the DACE-handbook and the (lower) costs estimates from a
Dutch manufacturer for a reactor consisting of a shell and tubing. All configurations also include valves,
compressor and tubing costs. Table 2 shows the TCI for these four different configurations for a hybrid
heat pump with a size of 10 MW heat output.
Table 2: TCI for four configurations (in M€)
Heat exchanger (DACE)
Heat exchanger (Manufacturer)

Direct steam feed
14.9
6.1

Oil-circulation
21.5
12.2

In order to determine the cash flow, a reference situation needs to be chosen in which prices for energy
and heat pump performance should be decided. Table 3 shows the reference values. Table 4 shows the
resulting cash flow, which equals about 2.6 M€ per year. Payback times, defined as ratio total costs
investment/cash flow, range from 2 to 9 years. For configurations with less operating hours or lower COP
electric, the payback time will increase considerably. On the other hand, (expected) higher energy prices
will reduce payback times.
It is important to realize that these numbers only include the avoided energy costs as a benefit whilst there
could be many other drivers for applying heat pumps, such as lower carbon taxes, receiving ‘green’
subsidies, complying with legal obligations toward higher efficiencies or reduced dependency on
(variation in prices of) primary energy carriers.
Table 3: Reference values for the standard situation
Variable
Electricity price
Steam price
COP electric
Operating hours

Reference value
65 €/MWh
25 €/ton of steam
10 J of heat/J of work
8000 hours per year

Table 4: Cash flow (M€ per year)
Heat exchanger (DACE)
Heat exchanger (Manufacturer)

Direct steam feed
2.51
2.74

Oil-circulation
2.51
2.67

Discussion and Conclusions

The hybrid adsorption compression heat pump concept can extend the range of applicable temperatures
for a thermally activated sorption heat pump towards lower waste heat temperatures. This increases the
amount of useable waste heat sources and creates more operational flexibility for the heat pump. From the
analysis of various chemisorptions reactions, multiple sorbent working pairs have been identified that
meet the pressure and temperature requirements as well as the power density. The integration of a
mechanical compressor stage into a thermally driven sorption heat transformer is considered technically
feasible.

The payback time of the hybrid concept has been calculated to be between 2 and 9 years at current energy
prices. This is considerably better than payback time for PV-panels and comparable with wind turbines.
With an outlook of increasing energy prices, the payback times will only be further reduced.
Therefore, it is concluded that the hybrid adsorption compression heat pump concept is feasible from
technical and economical point of view.
Based on the available amounts of waste heat for the Dutch refinery and chemical industry in the
temperature range from 70 to 150 °C, about 70 PJ of waste heat could be used, resulting in a reduction of
primary energy use of approximately 30 PJ per year. Reusing waste heat from other streams such as hot
flue gases and other industries could even further increase this amount considerably.
Future work will address technical issues of the hybrid concept in more detail. This will deal with a.o. the
combination of quasi-continuous operation of a chemisorption heat pump connected with a continuous
mechanical compressor, the compressor requirements when dealing with hot-suction gasses and transient
conditions. Also the selection of the type of compressor that fits best to the operational characteristics
will be further studied. An important aspect for the chemisorptions reactors is to obtain a sorbent heat
exchanger design that combines the requirements for high power density with low cost.
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Nomenclature list
Qloss,hts,dis
heat lost in discharge phase per mol of ammonia (J mol-1)
Cp,NH3
heat capacity of ammonia (J mol-1 K-1)
Th
temperature of useful heat (K)
Tw
temperature of the ammonia after compression (K)
nhts
mol ratio hts/ammonia (mol mol-1)
mhts
molar mass high temperature sorbent (g mol-1)
ηhts
fraction of salt reacting per cycle (0.7)
Cp,hts
heat capacity of high temperature sorbent (J g-1 K-1)
hc
additional inert thermal mass per gram of high temperature sorbent (4 J g-1 K-1)
Tm
temperature of waste heat (K)
Tl
ambient temperature (K)
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INTRODUCTION
Waste heat is an inherent and abundant by-product of many industrial processes. Often, industrial waste heat
is too low a temperature for any useful energy to be extracted from it by conventional cycles. Organic
Rankine Cycles (ORCs) offer potential solutions to recover this waste heat and convert it into mechanical
power. The overall efficiency of a wide range of thermal cycles can be improved by the addition of an ORC
to reduce the amount of heat rejected from the system.
Matlab and FluidProp (Colonna et al. 2004) have been used to build an ORC model capable of simulating
different organic fluids over a wide range of operating conditions. An advantage of the model developed in
this study is that the heat input is not fixed, as in others e.g. Roy et al. 2010, but determined by pinch point
analysis.
Many studies consider potential ORC applications individually, e.g. Roy et al. 2010 and Katsanos et al. 2012.
In this study three potential ORC applications are considered with a range of energy scales. These sources are
exhaust heat from IC engines, geothermal brines as a by-product of oil and gas production and a waste stream
of steam from a process industry application. This study investigates to what extent it is possible to design
ORCs with common features at different energy scales.
CASE STUDIES
1. IC ENGINES
Several ORC WHR systems exploiting the waste heat available from internal combustion engines are
currently under development, e.g. the Cummins Super Truck Program (Koeberliein 2011). This program
aims to improve the specific fuel consumption of class 8 trucks by 10%. Heat rejected in the exhaust of a
large diesel engine accounts for approximately 31% of the raw fuel energy (Butts 2006). Typical exhaust heat
characteristics of a fully loaded heavy duty diesel engine are shown in Table 1 (Katsanos et al 2012).
Mass Flow Rate, ṁS (kg/s)

Temperature, TS,H (°C)

Pressure, PS,H (bar)

Fully loaded diesel engine

0.0982

397.8

1

Ninian Oil Field (Hot Brine)

1231.30

102

3

Case

Industrial plant Sat. Steam

31.94
140
Table 1 Characteristics of waste heat sources.

2.30

2. HOT BRINES
Aging oil wells require water injection to maintain the pressure and sweep oil from pore spaces. North Sea
petroleum reservoirs are between 2.5km - 5km deep so the oil and water mix produced from the well has a
temperature in the range 70⁰C - 150⁰C. The quantity of hot water produced can be very large (~1000kg/s),
resulting in high potential for large power production from low-grade heat energy recovery systems (Younger
et al, 2011). Platforms generate power for water injection pumps by burning gas produced by the oil;
however in wells with falling production the gas produced becomes insufficient and must be imported at vast

expense. This creates a requirement for alternative methods to generate power and the potential for ORCs to
meet this is investigated here. A example of hot brine production is by the Ninian oil field, shown in Table 1.
3. INDUSTRIAL PLANT
Many industrial processes produce waste heat, for example cement, textile and electricity production. The
example used in this study is a typical plant supplying steam and electricity to surrounding process works. In
this plant, steam from a gas and a biomass fuelled boiler is used to produce thermal and electrical energy.
WHR from exhaust steam is explored for a number of available sources around the plant. A single steam
source is considered in this study, whose characteristics are shown in Table 1.
RANKINE CYCLE MODEL
A model has been developed to theoretically evaluate ORC configurations applied to various waste heat
sources. A schematic diagram of the Rankine cycle modelled is shown in Figure 1 (left). The model is
capable of simulating Trilateral Flash Cycles (TFC), subcritical and superheated cycles (Figure 1, right).

Figure 1 Schematic and T-S plot diagrams of the Rankine cycle modelled

1. INPUT VALUES AND HEAT EXCHANGER
The model has been designed to be flexible, allowing cycle optimisation within cycle operating condition
boundaries. The source and sink conditions are required inputs (Table 2). By comparing gradients between
sections of the T-H curves the position of the pinch point and therefore the position of the T-H curves relative
to each other can be determined (Figure 2). This pinch point analysis allows the turbine entry condition of
the ORC fluid (Point 3’ Figure 1, right), the output condition of the source fluid and the heat energy input to
the ORC to be calculated using Equation 1
Required Input
Symbol
Pressure
PS, PC
Temperature
TS,H, TC,C
Mass Flow Rate
ṁS, ṁC
Pinch Point Difference
∆TP
Table 2 Input variables required

.
2. ORC CYCLE

[1]

The model then uses basic thermodynamic equations to calculate the fluid conditions at each point in the
cycle indicated on Figure 1 (right). Pump work and specific enthalpy at pump exit are given by Equation 2,
.
Assuming isentropic expansion through the turbine gives
turbine efficiency, to compute the mechanical work output as

[2]

. This is then used in Equation 3, where ηT is

.

[3]

Turbine outlet specific enthalpy (
Equation 4) is limited to a minimum enthalpy corresponding with 0.75
vapour quality. At lower vapour qualities, the vapour is considered too wet and the cycle is discarded.
.

[4]

Figure 2 Example T-H profiles of heat source and ORC fluid. ORC fluid is n-Pentane at 5 bar and 1 kg/s.

3. CONDENSER MODEL
The condensing temperature of the ORC is estimated initially. Assuming the condenser fluid does not change
state, the pinch point of the condenser will always be at the vapour saturation point of the ORC fluid. The hot
and cold temperatures of the condenser fluid can then be calculated and the model uses an iterative process to
correct the ORC condensing temperature until the condenser fluid conditions matches those specified.
4. FLUIDS MODELLED
The fluids modelled are mostly dry, as recommended by Tchanche et al, 2011. The fluids selected are
R245fa, n−Pentane, n−Octane, Toluene, Cyclohexane and R134a (isentropic); they have a range of critical
temperatures covering the various thermal conditions modelled.
5. MODEL VALIDATION
Aneke et al 2012 compare the performance of a model built with IPSEpro, using REFPROP 7.0 to calculate
fluid properties, with real data from the Chena binary geothermal power plant. The model used in this study
was used to model the Chena plant. Results showed work output calculated was +14% larger than Aneke et.
Al., this is due to different fluid property calculators used and a differing estimation of pump efficiency.

b

c

a

Figure 3 Plots of mechanical work output and efficiency against turbine inlet pressure (TIP) for the Ninian hot
brine case (Table 2) ṁO = 0.6 ṁS.

MODEL RESULTS AND DISCUSSION
Each case (Table 1) was modelled with each of the fluids described above. The limits of ORC configurations
were defined as ṁO = 0.2ṁS - 1.2ṁS and PO= 0.001Pcrit – 0.8Pcrit. Figure 3 plots efficiency and mechanical
work against TIP for geothermal brine produced by the Ninian oil field. Thermal efficiency of the ORC
increases with TIP but maximum mechanical work output is achieved at 25.59bar. Efficiency and
mechanical work are not plotted with changing mass flow rate because an increase in mass flow rate simply
means an increase in efficiency and power out. The same trend is observed for each case. The range of TIP
for which the calculations were performed is limited by the physical limits of the working fluids and
boundaries imposed in the model. For the same reason, only results calculated for R134a and R245fa fall
within these limits and are presented in Figure 3. And some fluids do not show the curve with a peak
mechanical work output due to the same physical limits and boundaries on the ORC system.

Figure 4 T-H plots for a, b, c labeled in Figure 3

Figure 4 shows three plots of temperature against change in enthalpy for a TIP at less than maximum (a),
maximum (b) and greater than maximum (c) mechanical work output for a fully loaded diesel engine with
ORC fluid R245fa (Figure 3). These plots show how heat input changes as TIP increases (which is
equivalent to an increase in saturation temperature). From points (a) to (b) the pinch point moves from the
inlet temperature of the source to the liquid saturation point of the ORC working fluid. This means a smaller
amount of heat can be transferred into the cycle at the same mass flow rate of the working fluid. A larger
amount of work is produced at (b) than at (a) because the increase in efficiency outweighs the decrease in
heat energy to the cycle. At (c) the gain in efficiency of the cycle is outweighed by the reduction in heat into

the cycle so less total work output is produced. These simulations indicate both the heat input to the cycle and
thermal efficiency of the cycle must be optimised to maximise work output.

Figure 5 Mechanical work plotted against superheat for each case at ṁO = 0.6 ṁS

Figure 5 plots mechanical work output against degrees of superheat for each case. The degree of superheat is
defined as Turbine Inlet Temperature (TIT) subtracted by working fluid saturation temperature. For the fluids
tested the optimum condition for mechanical work output is, for each case, at the same degree of superheat
for each fluid. This suggests elements of ORC cycles may be optimised at least partially independently of the
working fluid. For the case of a fully loaded diesel engine a subcritical cycle (0°C superheating) results in
the largest work output for all the fluids modelled. Maximum work output occurs at approximately 18°C and
20°C superheating for the industrial waste steam and Ninian hot brine cases respectively.

Figure 6 Power output vs superheat, working fluid n-Octane at various TIP for a HD diesel engine at full load

Figure 6 shows a plot of power out against for a changing mass flow rate at three constant TIPs. The case is a
fully loaded diesel engine with n-Octane as the working fluid. In this case due to the steep gradient of the TH relationship of the flue gas, Trilateral Flash Cycles (TFC) are computed. There are technical challenges in
realising these cycles, as the working fluid at entry to the turbine is a liquid, but they have been proposed in
literature (Ӧhman et al. 2012). Results (Figure 6) show little benefit in using a TFC over a subcritical ORC.
CONCLUSIONS AND FURTHER WORK
Using waste heat to power an ORC means the optimisation of mechanical work output from an ORC is
required. This study shows the optimisation of mechanical work output from an ORC is different from
optimising the thermal efficiency of the cycle. Maximum work output is achieved at a compromise between

maximum heat input to the ORC and ORC thermal efficiency. The optimal cycle configuration (subcritical,
superheated or TFC) that maximizes work output depends on the waste-heat source. Subcritical cycles are
predicted to be more appropriate for the diesel engine case whereas superheated cycles yield more
mechanical power output for the geothermal and industrial cases. It is shown that there is no benefit, in terms
of work output, from employing a TFC, for the range of waste-heat sources considered here. In all the cases,
the optimal degree of superheat was the same for all the fluids tested in this study. This suggests optimal
cycle configuration may have some independence from the choice of working fluid and more dependence on
the T-H characteristic of the heat source.
As it has been shown both heat input to an ORC and thermal efficiency contribute to achieving the maximum
mechanical work output. By increasing the ability of a cycle to take in heat this may have a greater increase
in work output rather than optimising the existing cycle for a constant heat input. Therefore the next stage in
this study is to simulate working fluid mixtures. The benefit of better temperature profile matching in both
the evaporator and condenser will be analysed and the impact on cycle efficiency will be considered in order
to assess the cumulative effect on an ORC.
NOMENCLATURE
Symbol

Variable

Unit

Subscript

Definition

ṁ
ϱ
η
h
P
T
W
Q

Mass flow rate
Density
Efficiency
Specific Enthalpy
Pressure
Temperature
Mechanical Work
Heat Energy

kg/s
kg/m3

O,1,2,3...
S, H or S,C
C, H or C,C
HEx
P
I
T

Point in ORC (see Figure 1)
Source Heat, hot and cold side respectively
Condenser, hot and cold side respectively
Heat Exchanger
Pump
Ideal
Turbine

kJ/kg
Pa
°C
kW
kW
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Introduction
In order to maximise the performances of thermoacoustic systems, it is crucial to better understand
how heat is transferred between the stack (the main component where the thermoacoustic effect takes
place) and the heat exchangers. Heat transfer between the stack and the heat exchangers depends on the
aerodynamic field. Our group was the first to demonstrate, both numerically and experimentally, the
generation of vortices near the edges of the stack that can influence the performances of a
thermoacoustic device (Blanc-Benon et al. (2003), Berson and Blanc-Benon (2007), Berson et al.
(2008)). Vortices in the vicinity of the stack and the heat exchangers create losses and affect heat
transport between these components. It has also been observed that, at high drive ratio, vortex shedding
between the stack and the heat exchangers becomes nonperiodic, which can lead to low-frequency
oscillations of the cooling load (Besnoin (2001), Berson and Blanc-Benon (2007)). The technique for
measuring velocity fields in thermoacoustic systems is now well defined and has been used to
investigate the influence of the stack geometry on vortex generation, e.g. Mao et al. (2008), Aben et al.
(2009). Recently, time-resolved PIV (TR-PIV) has been implemented to characterize the instantaneous
velocity fields between the stack and a heat exchanger by Poignand et al. (2011). TR-PIV gives access
to the real time evolution of the flow rather than to rely on phase-averaging and it allows measurements
even when the flow loses its periodicity at high drive ratio.
However, in order to fully characterize heat transport, the instantaneous temperature field has
to be characterized too. To our knowledge, no existing technique has a sufficient resolution to measure
temperature fluctuations at the low amplitude and high frequency found in thermoacoustic systems. In
this paper, we will summarize our recent work on the development of a new methodology for
measuring temperature fluctuations using a “cold wire” operated by a constant-voltage anemometer
(CVA) (Berson et al. (2009, 2010, 2010b)). The new methodology is validated inside an acoustic
standing-wave resonator. Measurements near the end of a thermoacoustic stack show that the
temperature field is nonlinear, in good agreement with theoretical models.
A new method for measuring temperature fluctuations in oscillating flows
To our knowledge, “cold wires” are the only way to measure temperature fluctuations accurately over a
frequency range (up to 1000Hz in our case) and for small amplitudes (a few kelvins at most) relevant
( ) varies with the
to thermoacoustic systems. “Cold wires” are fine metallic wires whose resistance
temperature ( ) of the surrounding fluid as follows:
( )

( )

(1)

where
is the resistance of the wire at the reference temperature , and is the thermal coefficient
of resistance of the wire material. However, Equation 1 represents the ideal case and, in reality, the
temperature of the wire does not instantaneously respond to a change in the temperature of the fluid
because of thermal inertia. When including the effect of thermal inertia, the wire behaves as a first
order system given by

( )

( )

( )

( )

( ) is the resistance of the real wire, i.e. with thermal inertia.
where,
wire, which is given by
( )

(2)
( ) is the time lag of the cold
(3)

( )

where
is the mass of the wire and
is its specific heat capacity. ( ) can be separated into two
⁄
terms. The first one,
, depends on the wire properties whereas the second term, ⁄ ( ), is
a function of the flow velocity ( ) only. Note that, for the sake of simplicity, the resistance of the
connection cable has been neglected. Equation 3 is valid both for the constant-current anemometer
(CCA) and the CVA. Constant-temperature anemometers (CTA) are unstable at low overheat and
cannot be used to measure temperature.
From Equations 2 and 3, it is clear that the frequency response of cold wires is limited by the
thermal inertia of the sensor. In order to measure high-frequency temperature fluctuations, the time lag
( ) should be made as small as possible. This can be achieved by using cold wires with very small
diameters. Typically, a wire with a diameter of 1m allows measurement of temperature fluctuations
up to approximately 1000Hz. However, such wires are difficult to make and very fragile.
Another route is to correct the effect of thermal inertia by solving Equation 2. In order to do this, the
time lag must be measured. To date, most studies have either neglected the effect of thermal inertia on
temperature measurements (e.g. Huelsz and Ramos (1998)), which may be justified for low-frequency
fluctuations, or they have assumed that the thermal lag is constant, i.e. ( )
. In the latter case,
has to be calibrated as a function of the flow velocity first, using, for instance, a square-wave current
injection technique (Lemay and Benaïssa (2001), Lemay et al. (2003)). The temperature fluctuations
are subsequently measured using a cold wire in the CCA mode and the time-averaged velocity are
obtained from a hot wire operated by a CTA. The method is tedious and is valid only if velocity
fluctuations are small, which is not the case in a purely oscillating flow.
When velocity fluctuations are large, the time constant
is no longer constant and has to be
measured as a function of time. Bremhorst and Graham (1990), Graham and Bremhorst (1991) and
Vukoslačević and Wallace (2002) proposed to measure ( ) using a hot wire operated by a CTA. In
their methods, the hot wire first measures the velocity of the flow, which is subsequently used to
calculate ( ). However, a problem arises in purely oscillating flows such as acoustic standing-waves.
As we have demonstrated in Berson et al. (2010), it is not possible to measure velocity fluctuations in
oscillating flows using a hot wire. This is because the heat transfer relationship, which relates the heat
loss at the wire due to convection to the velocity of the flow, is not well-defined and not unique near
flow reversal. Therefore, the time lag ( ) cannot be measured by CTA-operated hot wires.
This problem was resolved by using a CVA to operate the hot wire instead of a CTA. Contrary
to the CTA, the CVA allows to measure the function ( ) directly, without any calibration as a
⁄
function of velocity. In addition, the first term of the time lag,
, is easily measured using a
square-wave test embedded in the CVA unit. There is no need to rely on manufacturers’ data for the
geometric characteristics of the wire, which are often not accurate enough (especially for the diameter).
Complete details of the post-processing procedure are given in Berson et al. (2010b), including the
effect of the cable resistance. In Berson et al. (2010b) as well as throughout this paper, temperature is
measured by a cold wire operated by a CCA while the correction of the thermal inertia relies on a hot
wire operated by a CVA. Adapting the procedure to the use of a CVA for both temperature and time
lag measurements is straightforward.
The calibration procedure is simple and does not require velocity calibration. In addition, the thermalinertia correction is performed during post-processing, which reduces the time spent using the
experimental facility. The main steps of the procedure are:

• Prior to the test, the cold resistance (
) of the wire is measured and the anemometer channels are
set up to the desired overheat ratio (or voltage across the wire). The resistance of the wire is calibrated
⁄
as a function of temperature in a suitable facility (e.g. thermostated oven). The coefficient
is measured using the square-wave test function available on the CVA unit.
• During the test, the output voltages of the wire in both the hot and the cold modes are recorded. Note
that measurements are synchronised with the oscillating flow, which allows us to use only one wire.
( ) is obtained from the signal of the hot wire using the procedure
• After the test, the factor ⁄
described in Berson et al. (2009). This does not require to know the velocity explicitly. ( ) is
subsequently computed using Equation 3. ( ) is used to correct the output signal from the cold wire
by solving Equation 2. Finally, using the temperature calibration curve (equivalent to Equation 1),
temperature fluctuations are readily obtained from the corrected output signal of the cold wire.
Validation of the new procedure in an acoustic standing wave
The technique is first validated in an acoustic standing-wave resonator. The acoustic standing wave is
established in a quarter-wavelength cylindrical resonator of length 180 mm. The resonance frequency
is 464 Hz in air at atmospheric pressure. The acoustic level inside the resonator ranges between 1000
Pa and 3000 Pa. Measurements are performed with a 2.5 μm diameter cold-wire probe. Acoustic
pressure is monitored by a microphone flush-mounted near the closed end of the resonator. Figure 1
shows the spatial distribution of acoustic pressure amplitudes for three different acoustic levels (1000
Pa, 2000 Pa and 3000 Pa). Temperature fluctuations are largely underestimated when the effect of
thermal inertia is not corrected. With our correction, a good quantitative agreement is found with
predicted temperature fluctuations (calculated from acoustic pressure measurements assuming an
adiabatic plane wave). Similar good agreement is found for the phases (see Berson et al. (2010b)). To
our knowledge, this is the first time that temperature harmonics inside a strong acoustic wave are
measured using a cold wire. We are able to measure accurately temperature fluctuations less than 0.2K
at 928 Hz thanks to our new procedure.
Nonlinear temperature field near the edges of a thermoacoustic stack
Analytical models and numerical simulations, e.g. Gusev et al. (2000, 2001), Marx and Blanc-Benon
(2005), Berson et al. (2011), have predicted a nonlinear temperature field near the ends of the stack. In
this region, temperature fluctuations become strongly anharmonic even for a purely sinusoidal acoustic
wave inside the resonator. The presence of thermal harmonics near the stack can have a significant
influence on the performances of thermoacoustic devices. Indeed, models have predicted that optimal
heat transport between the stack and the heat exchangers is achieved when these components are
separated by a gap, which is contrary to the predictions of the linear theory. In the following, we
present the first measurements of the nonlinear temperature field near the stack of a standing-wave
thermoacoustic refrigerator. More details can be found in Berson et al. (2011).
Measurements were performed in the same resonator as described in the previous section, with
the addition of a stack, whose hot side is located 37 mm away from the closed end of the resonator.
The hot side is facing the closed end of the resonator. The stack is made of parallel glass cover slips of
thickness 0.17mm and length 18mm. The gap between the plates is 0.41mm. We previously measured,
with the help of thermocouples, that a temperature gradient of approximately 9K builds up along the
stack in this configuration, at an acoustic pressure level of 3000Pa. Temperature fluctuations are
measured outside of the stack with the same wire as described previously. The position of the wire with
respect to the stack is monitored accurately using a camera and a 12X Navitar optical zoom lens.

Figure 1 Amplitudes of temperature fluctuations along the axis of a standing-wave acoustic
resonator at the fundamental frequency (top) and the second harmonic (bottom). Plots on the left
are for uncorrected data whereas those on the right are for corrected data. Acoustic pressure at
the closed end (kx=0) is 1000Pa (light grey), 2000Pa (dark grey) and 3000Pa (black). Solid lines
indicate the amplitude of temperature fluctuations calculated from pressure measurements.
Figures 2 and 3 show the spatial distributions of the amplitudes of the fundamental and the
second harmonic outside of the stack, near its hot side. The distance to the stack edge is normalised
by the acoustic displacement and the amplitude of temperature fluctuations is normalised by the
amplitude of adiabatic temperature fluctuations that would have occurred without the stack. Figure 2
shows an increase in the amplitude of the fundamental behind the stack. A maximum is reached
between
and 2, where the amplitude is more than 50% larger than expected values for adiabatic
temperature fluctuations. Figure 3 also shows the generation of second harmonics at a significant level
compared to the fundamental.
Figures 2 and 3 also present the prediction of an analytical model for comparison. The model is
similar to the one developed by Gusev et al. (2000, 2001), with the addition that axial conduction is not
neglected. The relative importance of heat conduction with respect to advective transport can be seen
in the inverse Péclet number. The greater the inverse Péclet number, the more important the effect of
diffusion over advection.
Good qualitative agreement is found between the measurements and the predicted amplitudes
at both the fundamental frequency and the second harmonic. Quantitative agreement was not expected
as the model relies on a phenomenological parameter (the relaxation time of transverse heat transfer)
that cannot be measured experimentally. However, this parameter was chosen for optimal operation of
the thermoacoustic refrigerator and the predicted amplitudes as well as the positions of the extrema are
in fairly good agreement with experimental results. Both the model and the experiments show that, at
low acoustic pressure, the generation of harmonics is less important because of the effect of thermal
diffusion.
Conclusion
The nonlinear temperature field near the ends of a thermoacoustic stack have been measured for the
first time. This was made possible by the development of a new procedure for the measurement of
temperature fluctuations in oscillating flows using cold-wire thermometry. The new procedure relies
on the unique features of the CVA, which allow the measurement of the instantaneous time lag of the

Figure 2 Amplitudes of temperature fluctuations behind the stack at the fundamental frequency.
Top: experimental. Bottom: model. Maximum acoustic pressure in the resonator is 1000Pa
(green), 2000Pa (blue), and 3000Pa (red). The stack is located at <0 with its hot end at =0.

Figure 3 Amplitudes of temperature fluctuations behind the stack at the second harmonic. Top:
experimental. Bottom: model. Maximum acoustic pressure in the resonator is 1000Pa (green),
2000Pa (blue), and 3000Pa (red). The stack is located at <0 with its hot end at =0.
wire without having to know the velocity of the surrounding fluid. No tedious calibration or adjustment
of the anemometer is necessary. Signal correction is performed during post-processing, which limits
time spent using the experimental facilities. The new procedure was successfully validated in an
acoustic standing-wave resonator. Measurements inside a model of thermoacoustic refrigerator showed
that thermal harmonics are generated near the ends of the stack. Experimental results are in good
agreement with theoretical models. It is shown that axial diffusion reduces the generation of thermal
harmonics at low drive ratio. We are currently validating the procedure presented here using only a
CVA, both in the cold- and hot-wire modes.
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ABSTRACT
There is a project undergoing at Warwick that is aimed to investigate various conceptual designs of novel
hybrid refrigeration and heat pump systems including building and testing a proof of concept prototype (up
to 10 kW cooling capacity). The hybrid system uses an environmentally friendly refrigerant as R723
(azeotropic mixture: 40% DME and 60% Ammonia) that is compatible with conventional refrigeration
copper alloy (CuNi10): it is a combined sorption-conventional vapour compression refrigeration machine
driven by dual source (heat and/or electricity). The use of R723 in an adsorption cycle and the dual energy
source are key novelties of this project. The main objective of this paper is to describe four configurations of
hybrid system including associated challenges and potential applications.
INRTODUCTION
The most recent research work on hybrid refrigeration was mainly focused on one configuration layout with
modelling of thermodynamic cycles of solid sorption thermal compressors combined with mechanical
compressors operating as a booster and vice versa and often using R134a as refrigerant [1, 2]. The R134a is
far from ideal in adsorption systems due to both low latent heat (180 kJ/kg vs. 1200 kJ/kg for Ammonia or
vs. 2450 kJ/kg for Water) and low uptake with many adsorbents including activated carbon resulting to a
COP below 0.10. Although R134a refrigerant has high Global Warming Potential (GWP=1300), this initial
research work had the merit of exploring theoretically the potential of a hybrid system.
The proposed Hybrid Refrigeration System using R723 (azeotropic mixture: 40% DME and 60% Ammonia),
within the context of a more larger project including system modelling and construction of a proof of concept
prototype, is aimed at providing energy efficiency in space heating, hot water, cooling and ventilation, and
refrigeration that could substantially reduce the energy consumption and carbon footprint. Compression of
the refrigerant is achieved by the adsorption process when sufficient heat is available and can be boosted or
replaced by an electrically driven compressor when necessary. The advantage of a hybrid over pure
adsorption is improved tolerance of extreme temperature conditions, flexibility of operation and reduced
cost. The potential use of R723 in both adsorption process with out its decomposition [3] and conventional
vapour compression machines [4, 5] is already established. The use of dual source makes the proposed
systems when operating highly flexible and energy efficient. Furthermore R723 is compatible with
conventional refrigeration copper alloy (CuNi10) and has better environment credential with lower Global
Warming Potential (GWP=0) and lower Ozone Depletion Potential (ODP=0).
HYBRID REFRIGERATION AND HEAT PUMP CONFIGURATIONS
This concept of hybrid system corresponds to a Combined Sorption-Vapour Compression Refrigeration
System driven by heat and/or electricity. Such system is highly flexible and has the advantage of operating
with dual source (thermal and/or electrical). The advantage of this is that a minimal electrical ‘boost’ to a
heat driven system can help it to cope with particularly extreme ambient or delivery temperatures rather than
having to provide a higher power machine that would be considerably larger and more costly. The Heat
Driven Compressor (HDC) consists of two activated carbon-R723 generators operating out of phase as
illustrated in Figure 1.

Figure 1: Illustration of Heat Driven Compressor HDC (Heating Generator 1 and Cooling Generator 2)
The four layouts of Hybrid Refrigeration System (applied to water chillers) under investigation are:
Hybrid Refrigeration Systems 1 (HRS1): The system consists of three heat exchangers (cooler, condenser
and evaporator), two compressors (conventional and thermal), two water circulation pumps, a float
valve/receiver and a 3-way valve as shown in Figure 2. For this configuration, only one compressor operates
at one time on common refrigerant loop. It could either be the Heat Driven Compressor (HDC) or the
Electrically Driven Compressor (EDC) that is operating. A 3-way valve diverts the refrigerant to the
operating compressor. This could be used for waste/solar heat driven refrigeration machine backed up by
electrical power as the waste/solar heat sources are usually intermittent. This flexibility offers the advantage
of cost effective running cost of machine.

Conventional compressor

Thermal compressor

Water pump

3-way valve

Figure 2: Hybrid 1 - Only one compressor operates at one time on common refrigerant loop via a 3-way
valve (3-WV)
Hybrid Refrigeration Systems 2 (HRS2): With this configuration, two compressors (HDC and EDC) could
operate at the same time on two separate refrigerant loops as shown in Figure 3 (clear distinctive cycles A
and B). This avoids the challenge of oil contaminating the adsorbent. Although each loop has its basic
components (compressor, condenser, expansion device and evaporator), the condensers and evaporators are
integrated within the same air stream and the same chilled water stream respectively. In practice the
condensers (condenser 1 and condenser 2) could be built as a single integrated heat exchanger with two
separated refrigerant loops and common air stream. It will be the same for the evaporators (evaporator 1 and
evaporator 2): two separated refrigerant loops and common water stream.

Conventional compressor

Thermal compressor

Water pump
Expansion valve

Figure 3: Hybrid 2 - Two compressors could operate at the same time on two separate refrigerant loops.
Hybrid Refrigeration Systems 3 (HRS3): Two compressors (HDC and EDC) must operate at the same time
on two separate refrigerant loops. However, the two distinctive cycles have in common one heat exchanger
(Inter–cooler) that acts as evaporator for cycle A (HDC) and condenser for cycle B (EDC) (see Figure 4).
This is similar to conventional cascade with the main advantages of operating where a very wide range of
temperature between the condenser and the evaporator is required and having better COP. This layout is
highly appropriate for ice production in a very hot environment.

Conventional compressor

Thermal compressor

Water pump
Expansion valve

Figure 4: Hybrid 3 - Two compressors must operate at the same time on two separate refrigerant loops
(Cascade cycle).
Hybrid Refrigeration Systems 4 (HRS4): Two compressors (HDC and EDC) could operate at the same time
on a common refrigerant loop. This system configuration is similar to the HRS1 with the exception that there
is not a 3-way diverting valve but a check valve placed at the outlet of the EDC to prevent any flow back of
refrigerant gas to the evaporator through the EDC while not operating (see Figure 5).
All four Hybrid Refrigeration Systems layouts described could also be transformed into a heating-only heat
pump (domestic hot water and/or space heating) or combined cooling and heating by replacing the air steam
with the associated fan by a water stream linked to a pump. This would require a highly regenerative HDC to
justify not using directly the heat source for heating demands. For these purposes, the HDC must have at
least two generators with both mass and heat recovery or a more complex HDC with four generators with
both mass and heat recovery [6].

Although R723 has good miscibility with mineral and synthetic oils, the oil effect on the sorption reactor
performance will need to be investigated before considering a hybrid system with common refrigerant loop
such as Hybrid 1 and Hybrid 4. If the presence of oil has a negative effect on sorption generator
performance, the use of oil free type of Electrically Driven Compressor (EDC) such as reciprocating
compressor from Aximaref (Quiri) could be a viable option. With the lack of hermetic compressors for
Ammonia and Ammonia blend refrigerants such as R723, the semi-hermetic and open type of compressors
are viable options: a semi-hermetic compressor from Frigopol or an open compressor from Bock are
identified as alternative choice for this key component.

Conventional compressor

Thermal compressor

Water pump

Check valve

Figure 5: Hybrid 4 - Two compressors could operate at the same time with common refrigerant loop.

CONCLUSIONS
This paper has presented four configurations of hybrid system including some associated challenges with
pathway possible solution and potential applications. The hybrid system uses an environmentally friendly
refrigerant (R723) and is a combined sorption-conventional vapour compression refrigeration machine
driven by dual source (heat and/or electricity). The use of dual source makes the proposed systems when
operating highly flexible and energy efficient.
FUTURE WORK
The overall main objective of the ongoing project is to model, design, build and test a proof of concept 10
kW cooling capacity hybrid refrigeration machines using R723 refrigerant. This will require the full
evaluation of thermo-physical properties of various activated carbon-R723 pairs (porosity, specific heat,
permeability and thermal conductivity) ; the modelling and simulation of all four hybrid sorption
refrigeration layouts described including the associated control strategy; the construction of one prototype of
a hybrid sorption refrigeration system and the experimental evaluation of its performance. Some preliminary
work includes hybrid system with R717 (Ammonia) as simulation results shown in Figure 6: five models of
heat driven compressors based on compact sorption generators using activated carbon-R717 pair [7] are
associated to a model of a semi-hermetic reciprocating compressor (electrical driven) from Frigopol [8]. The
example of HDC-TOPMACS UW-5 combined to EDC-Frigopol 7-DLZ-2.2 reflects the cooling performance
Hybrid 1 type with a maximum cooling capacity of 10 kW with each compressor. Furthermore the EDCFrigopol 7-DLZ-2.2 could also be combined to any of HDC-TOPMACS to form a Hybrid 2 or Hybrid 4
leading to maximum cooling capacity up to 20 kW. All HDC-TOPMACS UW are with low driving
temperatures (100oC to 110oC).

Figure 6: Example of hydride cooling performance.
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ABSTRACT
With the ever increasing demand for energy, exploiting low-temperature heat sources has seen significant
interest recently. The conventional Organic Rankine Cycle (ORC) is a typical approach used to exploit
low temperature heat sources, but suffers from low efficiency. The Kalina cycle is a reversed absorption
cooling system that uses an ammonia-water binary mixture as the working fluid. This paper investigates
the performance of Kalina Cycle System 11 (KCS11), which utilizes low temperature heat sources below
200oC compared to ORC based on pure ammonia and R134a. Thermal modeling of KCS11 and ORC
cycles was carried out using conservation of energy and mass laws applied to each component and the
resulting set of equations were solved using the Engineering Equation Solver (EES) software. The cycles
performance was investigated at various operating conditions including evaporator pressure of 15bar32bar, heat source temperatures of 333K to 473K, heat sink temperature of 283K and in the case of
KCS11 various ammonia mass fractions at the evaporator outlet. Results show that the Kalina cycle
KCS11 can produce up to 40% increase in the efficiency compared to ammonia and up to 20% increase in
compared to R134a.
1. INTRODUCTION
With the increasing demand for and cost of energy, the exploitation of low-grade heat sources such as
geothermal, solar and waste heat sources has been receiving more attention. Through the advancement of
technology, there is much interest in designing more efficient, reliable and cost-effective energy
conversion systems that will provide means of exploiting low temperature heat sources that might not
otherwise be utilized. The Kalina cycle and ORC provide a couple of possible solutions to the problem of
recovering the low temperature energy that is usually thrown away in industrial waste heat but ORC has a
drawback in terms of the overall efficiency (Madhawa et al, 2007). Interest in the Kalina cycle has been
growing since it was patented by Dr. Alexander Kalina in the 1980s. The Kalina cycle is a modified
conventional ORC or reversed absorption cycle (Mlcak H A, 1996). The Kalina cycle is the first major
advance in power generation technology over the Rankine cycle that was invented by William Rankine of
Scotland over 150 years ago. Compared to conventional thermodynamic cycles, the Kalina cycle power
plant can offer an efficiency gain of 10 - 50% for low temperature thermal energy sources such as
geothermal brine at 60°C to 200°C (Lolos and Rogdakis, 2009), waste heat from gas turbines (Jonsson
and Yan, 2000, Senthil Murugan and Subbarao, 2008) and waste heat from iron and steel industry
(Johnson, 2003). It is likely that Kalina cycle plants can cost even less to build than Rankine cycle plants
with an equal output. Up to 30% savings for applications with low temperature heat sources and up to
10% savings for direct fired or bottoming cycle plants have been reported by Global Geothermal Limited
(Lolos and Rogdakis, 2009).
Generally, there are different types of Kalina cycle families, which are known by their unique names. For
example, KCS5 is particularly applicable to direct fired plants. KCS6 is applicable to gas turbine based on
combined cycles and KCS11 and KCS34 are designed for exploiting low temperature heat sources. For
this work KCS11 was selected as it is the most applicable for low grade waste heat sources at
temperatures between 1000C and 2000C (Galanis et al, 2009). These temperatures can be obtained from
commercially available solar thermal collectors such as evacuated tubes and compound parabolic
collectors. In this paper a theoretical analysis of the KCS11 cycle using ammonia/water working pair and
the ORC cycle based on pure ammonia or pure R134a to investigate the performance of the two cycles at
various operating conditions including heat source temperature ranging from 333K to 463K, heat sink
temperature of 283K, evaporator pressure ranging from 10bars to 32 bars and ammonia concentration at
the exit of the evaporator ranging from 0 to 1. R134a was recommended by Tchanche B F et al 2009, to

be one of the most suitable working fluids for small scale solar powered ORC systems while NH3 is a
natural refrigerant with no ozone depletion potential or global warming effect.

2. KCS11 AND ORC THERMAL MODELLING
Figure 1 (a) shows a schematic diagram of the Kalina cycle KCS11. It consists of a turbine, absorber,
condenser, evaporator, separator, regenerator, pump and throttling valve. In the evaporator, the ammonia /
water mixture is heated up by the low temperature heat source and then passes to the separator. In the
separator, the saturated vapour part of the mixture separates from the liquid. The rich ammonia saturated
vapour mixture then expands through the turbine producing power output and then it passes through the
absorber. The ammonia/water solution leaves the absorber to the condenser where it is condensed and
then it is pumped to increase its pressure to that corresponding to the evaporator. The hot weak
ammonia/water saturated liquid mixture leaving the separator is then directed to the regenerator where it
is cooled by the rich ammonia mixture flowing back to the evaporator. After the regenerator, the weak
ammonia solution passes through a throttling valve to lower its pressure. The organic Rankine cycle
consists of four components namely; the turbine, evaporator, condenser and pump as shown in figure
1(b). In the ORC modelled in this paper, pure ammonia and R134a were used as the working fluid.

(a) Kalina Cycle KCS11

(b) Organic Rankine Cycle (ORC)

Figure 1: Flow diagram of different cycles
The modelling of the KCS11 is carried out by applying the steady flow energy and mass balance
equations to the various components of the system neglecting changes to kinetic and potential energy and
frictional losses. Assuming that both the pump (ηpump) and turbine (ηturb) have isentropic efficiency of
80%, the specific work required by the pump (wpump)and the specific work produced by the turbine (wturb)
were calculated by (Eqs 1-2).
w  v
P  P /η  h  h 
J/kg
[1]
w   1  ω

  ,! 
"#$%&

'  1  ω

h(  h)*  J/kg

[2]

Where ω is the ratio of mass flow rate of the ammonia weak solution leaving the separator to the
regenerator (state 7) and the mass flow rate of the ammonia rich solution entering the separator (state 5).
v2, h6 and h10 are the specific volume at pump inlet, specific enthalpy at turbine inlet and specific enthalpy
at turbine outlet obtained as function of temperature, pressure and ammonia concentration in the solution.
h10,s is the specific enthalpy of the ammonia / water solution assuming isentropic expansion through the
turbine. In all the modelling, the dryness fraction at the exit of the turbine was limited to 90% to minimise
liquid droplet formation in the turbine.
The pressure reducing valve after the regenerator is assumed to be adiabatic, thus the enthalpy of the fluid
at inlet is equal to that at exit of the valve.
h + = h,
J/kg
[3]

The separator and the absorber are assumed to be adiabatic with no external heating or cooling applied.
h-  h(  ω h.  h( 
J/kg
[4]
J/kg
[5]
h)  h)*  ω h+  h)* 
For the regenerator, assuming no heat losses to the surrounding and a minimum temperature difference
(Pinch point) of 4K, the rate of energy absorbed by the ammonia rich solution (state 3 to state 4) is equal
to the heat lost by the ammonia weak solution (state 7 to state 8) thus:
h/  h  ω h.  h, )
J/kg
[6]
For the evaporator and condenser, the specific energy absorbed from the heat source and that rejected to
the heat sink are given by:
q 1  h-  h/
J/kg
[7]
q 2  h)  h
J/kg
[8]
The thermal efficiency of the KCS11 cycle can then be determined from:
η  w41 /q1  100
%
Where the net power output is determined by:
w41  1  ω h(  h)*   h  h 
J/kg

[9]
[10]

The modelling of ORC has been conducted in order to compare the KCS11 performance to those of the
ORC. Applying the steady flow energy equation on the components of the ORC cycle, the net power
output, the evaporator heat input and the cycle thermal efficiency can be determined using Eqs 11-15.
w  v P  P) /6  h  h) 
J/kg
[11]
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J/kg
J/kg
%

[13]
[14]
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The modelling was conducted using Engineering Equation Solvers (EES) where pure ammonia and pure
R134a thermodynamic properties are available. Also, the ammonia / water mixture properties are based
on a formulation by Ibrahim and Klein, 1993 in the external library of EES software. In all the modelling
performed, the minimum temperature difference between the working fluid and the heat source in the
evaporator or heat sink in the condenser was assumed to be 4K.
3. RESULTS AND DISCUSSIONS
This work investigated the performance of KCS11 compared to ORC in terms of its effectiveness to
utilize commercially available solar thermal collectors that produce heat at temperatures of 100-2000C.
The ORC utilized either pure ammonia or pure R134a as a working fluid while the KCS11utilised
ammonia / water mixture.
Figures 2, 3, 4 and 5 show the thermal efficiency curves for the KCS11 as a function of the ammonia
mass fraction at the evaporator outlet for several heat source temperatures. In the graphs, the heat sink
temperature was set at 283K and the evaporator pressure varied from 10 bars (figure 2), 15 bars (figure
3), 23.5 bars (figure 4) to 32 bars (figure 5). The results show that as the heat source temperature
increases, the maximum thermal efficiency of the Kalina Cycle increases. Also, the results show that
when the ammonia concentration is too lean in the working fluid; the thermal efficiency of the cycle
drops quickly. This trend can be explained as follows. At specific temperature and pressure, as the
concentration of ammonia decreases, the mixture becomes saturated or even subcooled liquid. Thus there
will be no vapour generated during the separation process hence the turbine work output becomes
negligible and the efficiency reduces steeply. On the other hand as the ammonia mass fraction increases,
the thermal efficiency of the cycle drops gradually. This indicates that; for a KCS11 in operation the

ammonia mass fraction of the working fluid need to be rich to avoid an entire loss in the thermal
efficiency of the cycle. Thus; to keep the cycle at a reasonable efficiency and stable operating condition;
the mass fraction of ammonia should be at the range of 0.55 to 0.9. The graphs also show that, the point
of maximum efficiency shifts towards low concentration values by increasing the evaporator temperature
(heat source).
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Figure 6(a) and 6(b) shows the thermal efficiency of ORC using pure ammonia and pure R134a as the
working fluid. To compute the thermal efficiency of the cycle, the evaporator pressure was increased
while holding the heat sink and heat source temperatures constant. The evaporator pressure was limited so
that the turbine exit quality was no less than 90%. It is clear from the figure that, as the heat source
temperature and evaporator pressure increases, the thermal efficiency of ORC increases. However, the
effect of the heat source temperature is more noticeable in the case of ammonia compared to that of
R134a. Figure 6 also shows that the maximum efficiency obtained was 14 % for R134a and 13% for
ammonia at heat source temperature of 463K and evaporator pressure of 30 bars.
Figure 7 compares the Kalina cycle to the ORC using ammonia and R134a in terms of the thermal
efficiency at heat source temperature of 373 K. Two ammonia / water concentration values were used;
0.66 and 0.55. It can be seen that the thermal efficiency of Kalina cycle with ammonia / water
concentration of 0.55 is significantly higher than that of the ORC using ammonia and R134a at evaporator
pressures below 20bars. For example at a pressure of 15bars, the KCS11 thermal efficiency (11.38%)
with ammonia/water concentration of 0.55 is approximately 40% higher than that of the ORC using pure
ammonia (7 %) and 20% higher than those of the ORC using pure R134a (9.2 %) with heat source
temperature of 373K and heat sink temperature of 283K. At evaporator pressure higher than 20 bars, the

KCS11 thermal efficiency decreases significantly to be lower than those of the ORC. For the KCS11 with
ammonia / water concentration of 0.66, its thermal efficiency is consistently higher than those of the ORC
using ammonia over wide range of evaporator pressure values used but with similar values to those of the
ORC using R134a. The high efficiency of the KCS11 at low operating pressure results in economic
advantages in terms of lower turbine cost.
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Figure 6: ORC thermal efficiency at various evaporator pressures and temperatures at heat sink
temperature of 283K.
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Figure 7: Comparison between Kalina cycle and ORC based on pure ammonia and pure R134a at
evaporator temperature of 373 K and heat sink temperature of 283 K.
4. CONCLUSIONS
The performance of KCS11using the ammonia-water mixture as working fluid was modelled and
compared with the performance of ORC using pure ammonia or pure R134a as the working fluids. The
results reveal that KCS11 with ammonia/water concentration of 0.55 achieves 20% to 40% higher
efficiency than ORC, when using the same operating conditions of evaporator pressure of 15 bars, heat
source temperature of 373K, and a heat sink temperature of 283K. The high efficiency of the Kalina cycle
at low evaporator pressures will result in reducing the cost of the cycle components thus offsetting the
cost of increasing the number of components and can lead to a cost effective power generation system.
The results also show that at a given evaporator pressure, heat source and sink temperatures, an optimum
ammonia mass fraction that can give maximum cycle efficiency can be determined.

NOMENCLATURE

e = Evaporator

h = Specific enthalpy (kJ/kg)

net = Net output

:; = Mass flow rate (kg/s)

pump = Pump

P = Pressure (bars)

regen = Regenerator

q = Specific heat transfer (kJ/kg)

turb = Turbine

v = Specific volume (m3/kg)

s = Isentropic

w = Specific work done (kJ/kg)

1-10 = Cycle states, refer to Figure 1

η = Efficiency (%)
< = Mass fraction, :; . /:; - (kg/kg)

ABBREVIATIONS
ORC = Organic Rankine Cycle

SUBSCRIPTS

KCS11 = Kalina Cycle System11

c = Condenser
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ABSTRACT
Waste or prime heat can be converted into electricity with thermoacoustic-Stirling engines coupled to
piezoelectric alternators. An inline arrangement of engines and alternators allows a vibration balanced,
multiphase power generator that is compact, light weight and low cost. The engines convert heat into
high amplitude ≈400 Hz oscillations in pressurized helium gas. These pressure oscillations cause the thin
steel diaphragm of the alternator to flex like a drumhead. The diaphragm is supported at its perimeter by
a ring of piezoelectric elements. As the diaphragm flexes in either direction, it pulls inward on the
piezoelectric elements causing a large, amplified ≈800 Hz fluctuating compressive stress in the elements.
The piezoelectric elements then convert the fluctuating stress into electricity with high efficiency. The
flexible-diaphragm piezoelectric-alternator overcomes the large acoustic impedance mismatch between
the helium and piezoelectric elements without exceeding the limited fatigue strength of available
materials. Acoustically, the chain of engines act as springs that generate power, and the alternators act as
masses that extract power. Vibration balance is achieved with an integer number of oscillation
wavelengths along the chain of springs and masses.
So far, a prototype generator has produced 37 W, and is being modified to produce 600 W. An
application is the recovery of 7 kW peak electrical power (4	
  kW	
  average	
  over	
  typical	
  driving	
  cycles)	
  
from the exhaust of an over-the-road heavy-duty diesel truck. The generator appears scalable up to
megawatt power levels.
THE INLINE CONCEPT
Figure 1 shows an inline arrangement of Stirling engines and piezoelectric alternators, which converts
heat from gaseous combustion products into multiphase electricity. Manifolds, not shown, distribute a
flow of hot exhaust gas horizontally through four hot heat exchangers. The exchangers inject heat into
pressurized helium gas that is free to flow through vertical passages within the heat exchangers. Directly
above each hot heat exchanger is a regenerator, consisting of a stack of fine mesh stainless steel screens
in good thermal contact with helium. Above each regenerator is a cold heat exchanger that draws out
reject heat from the helium, which is free to flow through vertical passages through a coolant at ambient
temperature.
From a thermoacoustic point of view (Swift, 2002), the volume of helium in each engine acts as an
acoustical compliance, or spring, while the flexible diaphragm of each piezoelectric alternator acts as a
mass element. Such a chain of masses and springs support traveling wave solutions in either direction.
Also from this point of view, the temperature gradient across the regenerators causes each Stirling heat
engine to constitute an acoustical amplifier, increasing the acoustical power in the helium as that power
flows downward through the cold heat exchanger, regenerator, and hot heat exchanger (while any power
that should flow upward is de-amplified by the Stirling stages). A feedback tube brings acoustic power
from the bottom of the generator back up to the top. Thus power is able to circulate down the chain of
engines and alternators and back up the feedback tube. At steady state, the power grows at each engine,
and an equivalent amount of power is extracted at each alternator. Nearly complete vibration balance can
be achieved by operating the stages with an accumulated phase shift that is an integer multiple of 360º,
and an integer number of wavelengths of sound in the feedback tube.

The inline arrangement may also be considered to be a linear chain of alpha type Stirling engines and
alternators, each alternator equivalent to a double acting piston shared by a pair of alpha Stirling engines.
The inline concept may be extended, as well, to Stirling refrigeration stages or for use with
electrodynamic motors or alternators. It uses multiple stages for the same reason that an automobile
engine uses multiple cylinders—for vibration balance. There are antecedents to using multiple stages for
vibration balance in the Stirling literature, for example White et al, 2006. Additional inline
configurations are shown in Backhaus and Keolian, 2011.
Acoustic Heat Engine:
cold heat exchanger
regenerator
hot heat exchanger
Piezoelectric Alternator:
piezoelectric elements
91 cm
36”

circulating acoustic
power in helium gas

hot exhaust flow

Figure 1: Inline thermoacoustic-piezoelectric generator. The four stages operate with 0º, 90º, 180º
and 270º phase shift from top to bottom to balance vibrations as acoustic power circulates down the
stages and up the feedback tube. The thermoacoustic-Stirling heat engines amplify acoustic power
and piezoelectric alternators remove acoustic power.
PIEZOELECTRIC ALTERNATOR
A flexible-diaphragm piezoelectric-alternator is shown in Figure 2. A flexible spring-steel diaphragm
(AISI 1095, 0.30 mm thick) substitutes for the piston and clearance seal often associated with Stirling
machines. It is the mass element that holds most of the kinetic energy of the Stirling cycle acoustic wave.
At the perimeter of the alternator, six stacks of 54 piezoelectric ceramic elements (PZT-807, Morgan
Electro Ceramics) are held between steel “keystones,” which are rigidly attached to the diaphragm. As
the Stirling engines drive a wave of pressure and velocity oscillations through the generator, each
diaphragm oscillates axially like a drumhead, creating a second-order tension in the diaphragm that pulls
inward on the keystones, and compresses and relaxes the piezoelectric stacks twice per cycle. This
arrangement functions as a nonlinear lever, converting the relatively large volume sweep of the
diaphragm at small differential pressure to a relatively small volume compression of the stacks at much
higher stress, effectively matching the factor of 17000 higher specific acoustic impedance
(pressure/velocity) of piezoelectric ceramic to that of helium gas at 10 bar. The small moving mass of the
diaphragm compared to a rigid piston, and the frequency doubling of stress on the piezoelectric stacks,
allows operation at higher frequencies than is normally encountered in Stirling engines, about 400 Hz in
the engines and 800 Hz in the piezoelectric elements, which increases the electrical power output of the
alternator.
The simultaneous combination of tension and flexing of the diaphragms could lead to extremely high
localized curvature and bending stress in the diaphragms where they connect to the keystones. To keep
these stresses below the fatigue endurance limit of the diaphragm material, some form of curvature
control is necessary. Our preferred method is to mount the diaphragm on an elastic foundation. In Figure
2 the diaphragm is sandwiched between two layers of high temperature silicon elastomer adhesive
(Permatex Hi-Temp Red RTV Silicone Gasket 81409). As the diaphragm flexes, the elastomer provides

a restoring force that spreads out the region of high diaphragm curvature, bringing bending stress under
control. Additional curvature control methods and alternator details may be found in Keolian et al, 2010.
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Figure 2: Flexible-diaphragm piezoelectric-alternator. As the diaphragm flexes up or down, it pulls
inward on the keystones, which apply a fluctuating compressive stress to the piezoelectric stacks.
RESULTS
The alternator of Figure 2 has been subjected to a series of tests in a single stage (not inline)
thermoacoustic-Stirling engine that is an annular version of the Backhaus-Swift “TASHE” engine
(Backhaus and Swift, 2000) or a larger version of a small high-frequency annular engine (Bastyr and
Keolian, 2003). The engine is powered by an electrical heater. The engine and alternator are shown in
Figure 3 developing 21 W of electric power at 68 V and 304 mA to light up six bulbs as an electrical
load. Under other operating conditions as much as 37 W at 106 V has been generated.

Figure 3: Generator making 21 W of electrical power. Waveforms on left from top to bottom:
output voltage, output current (1 A/V scale), pressure above the diaphragm (22.8 kPa amplitude),
pressure below the diaphragm. On right, engine and alternator lighting three pairs of 120 V bulbs
in series-parallel combination: each pair wired in series, the three pairs wired in parallel to each
other; the pairs of bulbs from top to bottom are 28 W halogen, 15 W non-halogen, and 28 W
halogen.
Although the results of Figure 3 constitute a proof of concept for the piezoelectric alternator, the
alternator is not yet working as well as it should; it was designed to deliver 600 W. Its output is limited

by at least two known problems. The first is that the alternator is presenting an impedance to the engine
that is too stiff. The system has been operating in the 475–525 Hz range instead of 400 Hz for which the
engine is designed. Also, stacks are breaking and/or walking radially outward from their supports.
Simulations show that the keystones flex slightly and apply a small bending moment to the ends of the
stacks. These issues are being addressed.
APPLICATIONS
We have been developing, with the aid of Volvo Powertrain North America, a waste heat recovery and
idle reduction system for use with over-the-road heavy-duty diesel trucks. It was optimized for a tractortrailer powered by a Volvo 2007 MD16 engine driving over US flat interstate and hilly terrain. We
estimate that our device should recover 4 kW of electricity from the exhaust waste heat on average over
either driving cycle, with about 7 kW recovered peak. Pressure drop in the exhaust was held to 3600 Pa
average. A small diesel fuel burner allows the system to also function as an auxiliary power unit at rest
stops, supplying electricity for hotel loads, and cab and engine heat in cold conditions. Our goal is to
enable a 17 month payback time for the truck owner using the device.
The thermoacoustic-Stirling heat engine is an external combustion technology, and as such, hot heat
flows through the hot heat exchangers. This puts a practical limit on the hot temperature and thus a limit
on the maximum Carnot efficiency, putting it at a disadvantage compared to internal combustion engines
when burning prime fuel. Therefore its niche seems to be towards lower temperature or waste heat
applications. There it competes against organic Rankine cycle devices at higher powers and
thermoelectric devices at lower powers. Our hope is that it can be fabricated at low enough cost that it
competes well somewhere in the 1 kW–1 MW power range. The flexible-diaphragm piezoelectric
alternator, by eliminating the clearance seals and the need for rigidity in the pistons of a conventional
Stirling engine, should reduce costs and allow scale-up to higher powers. Compactness also helps with
cost, which is part of the reason for developing this alternator. In a particularly compact design, we were
able to reach 1 MWe in slightly under a cubic meter, as modeled by the Los Alamos National Laboratory
DELTAEC software (Ward and Swift, 1994), with liquid heat transfer fluids at 277 ºC and 52 ºC hot and
cold temperatures, with 42% of the Carnot efficiency, from 40% to 80% of full power.
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